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ABSTRACT 

This paper discusses the development of a valve as an experimental platform for the 
testing of hydraulic switching control in the low power, fast response and high precision 
domain. An exemplary application for such systems could be the actuation of automotive 
wet clutches, in particular of dual clutch systems. The nominal flow rates are in the tenth 
of litres per minute at 5 bar pressure loss range, pressures might typically go up to two 
hundred bars.  

The valve development is based upon an electromagnetic actuation system derived from 
common rail injection technology. Samples of such magnetic actuation systems, 
originally developed and used in common rail systems for truck engines, have been 
granted to the authors. Those samples were integrated into an appropriate valve design, 
incorporating ball type seat valves. The valve design was modified to fit the requirements 
for the envisaged application domains. A housing was designed to encapsulate two 
valves, for in- and outflow respectively. Furthermore, an appropriate system for 
generating the required valve current feed had to be set up. 

The valves have been tested to evaluate their performance. Sufficient flow rate could be 
achieved with a valve stroke of only 50 µm, allowing for a valve operation up to 
frequencies of 1 kHz, not permanently, but for a period of some seconds. With such high 
frequencies a very fast but still reasonably accurate control of low power drives can be 
accomplished. This is demonstrated for the pressure control of a small cylinder. 

KEYWORDS: fast switching valve; frequencies up to 1 kHz 
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1. INTRODUCTION 

Within the last two decades the term “Digital Hydraulics” has gained some popularity in 
hydraulics, mostly accompanied by keywords like energy efficiency, cost savings and 
improved contamination sensitivity. 

In general, digital hydraulics may be separated up into three different classes ([1]). The 
first class consists of simple on/off type hydraulics, where actuators or drives are only 
operated in two different modes (i.e. pressure at high or low level, a pump spinning or 
not). The second class utilizes parallel connection of on/off type actuators (mostly of 
different size) in order to realize an output separated into multiple levels, with the number 
of these levels depending on the number of actuators. This principle somewhat resembles 
an electronic h-bridge multilevel inverter and has proved its usability in the last years by 
several commercial applications. The last class consists of switching techniques, imitating 
a continuous output behavior by switching an on/off type actuator at high frequencies 
similar to electronic switching converters. This technology has established in some niche 
markets like automotive anti-lock braking systems (ABS), hydraulic buck converters ([2]) 
and others. However, the most limiting parameter for this class of digital hydraulics is the 
switching frequency which currently is in the range of 100 to 200 Hz. Nevertheless, for a 
lot of applications higher switching frequencies might be beneficial. As an example the 
actuation of an automotive wet clutch is given. For such systems, the full range of 
transmission torque has to be accessible within 100 to 150 ms at an accuracy of 
approximately one percent full range ([3], [4]). If using hydraulic actuation, these 
requirements are scalable to a control pressure range of 30 to 150 bar adjustable within 
the mentioned time range, at a supply pressure of 200 bar and a required flow rate of 
approximately 0.2 liters/minute. But up to now, the required combination of dynamic and 
precision is not accomplishable with existing switching technology. 

Therefore, the main objective of the paper at hands is the development of a rather small 
but very fast switching valve as an experimental prototype to clarify whether an increased 
switching frequency can meet the requirements stated in the example above or not. The 
entire setup is based on an electromagnetic actuation system derived from 3rd generation 
common rail injection technology. Section 2 is giving a summary of the manufacturer’s 
data and requirements for this actuation system. Afterwards section 3 and 4 deal with the 
mechanical and electrical design in order to meet those requirements. Finally, section 5 
presents some results obtained with the developed switching valve.

2. THE ELECTROMAGNETIC VALVE ACTUATION SYSTEM 

As mentioned above the electromagnetic actuation system was donated from a renowned 
automotive supply industry manufacturer. A schematic illustration of the 3rd generation 
actuation system is given in Figure 1. 
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The pot core type solenoid with flat armature 
is acting against a return spring. Depending on 
the preload of this spring as well as the actual 
air gap, opening times between 200 and 300 
µs are specified by the manufacturer. Spring 
preload is adjusted using shims, inducing a 
closing force which has to exceed the desired 
maximum operating pressure. 

In order to realize such fast responses, a 
magnet force well beyond 100 N is stated, 
depending on valve current and air gap. 
Typical armature strokes are in the range of 
�� � �� µm, which is quite small but 
sufficient for the intended valve size of 
approximately 0.2 l/min at 5 bar pressure loss. 
As the armature features a minimum air gap 
of 50 µm in the upper position, the overall air 
gap remains between 50 and 100 µm. 

   The opening times listed above, are only 
achievable using a valve current boost method as shown in Figure 2. Valve activation is 
started with the boost sequence. Boosting in this context means, that the solenoid remains 
connected (��� � 	) to the supply voltage until a desired boost current 
���
� is met. 
Therefore the current gradient and, subsequently, the build-up of the magnetic field are 
maximized. After the corresponding boost duration ����
� the solenoid is disconnected 
(��� � �) for ����� and the next sequence is started. 

During the following sequence the armature has to be lifted to the upper position (raise 
sequence). This is achieved by keeping the solenoid current at an elevated level 
���
�, 
resulting in a force imbalance on the armature and, consequently, an acceleration 
upwards. Once the upper position is reached, any further current feed at 
���
� is 
unreasonable. Thus a current 
����, which is sufficient to hold the armature at its upper 
position, has to be adjusted (hold sequence). The duration of the holding sequence can be 
chosen freely, as long as no thermal limits are violated, and is subject to the control 
concept. 

Keeping the valve current at a constant level, for both, raise and hold sequence, turns out 
to be a simple matter of choosing an appropriate on/off-ratio. In general, higher 
frequencies result in shorter on/off times and therefore in a reduced peak-to-peak ripple 
of the current feed. 

Manufacturer’s recommendations for a proper valve operation, including sequence 
durations, currents and breaks, are listed in Table 1. 

Figure 1:  Solenoid actuation system 
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Table 1:  Manufacturer’s recommendations for valve currents and timing 

Timing   Current   Break 
����
� � 		������������ !   
���
� � "��#   ����� � 	���� 
����
� � ��$%�����   
���
� � 	��#   ����� � ����� 
����� � �$&�������   
���� � 		�#    

3. MECHANICAL DESIGN 

The actuation system described in section 2 had to be complemented by a proper 
mechanical valve design. This design was subject to several requirements: 

• Incorporate a leakage free valve seat, i.e. a ball type seat; 
• Provide a volumetric flow rate of approximately 0.2 l/min at 5 bar pressure loss 

and 50 µm valve stroke; 
• Act as receiver for the actuation system; 
• Separate actuation system from regions of high pressure; 
• Connect valve seat with supply and load; 
• Proper sealing between supply, load and tank connections; 
• Easy and cheap production of subcomponents; 
• Design as cartridge-type valve to increase compactness and ease maintenance 

3.1. Valve seat 

Proven solutions for a leakage-free valve are either a taper or a ball type seat. Typically 
both seat types would be made of hardened and precision-grinded steel. As these 
processes are rather expensive, the valve seat was produced by impressing a hardened 

Figure 2:  Idealized boost-, raise and hold sequence for valve current feed 
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chrome steel ball into a turned steel cone (see Figure 4).The estimated flow rate ' is 
calculated from the orifice equation ([5])  

' � ()�*�+
"
,
�-./���� (3.1) 

where () denotes the flow coefficient for the flow area *, , the fluid density and ./ the 
corresponding pressure drop. With a ball diameter 0� � 	1��� mm (=1/16”), a hole 
diameter 0� � �1� mm and a flow coefficient of () � �1� the nominal flow rate at 5 bar 

pressure drop calculates to '2 � �1"�%� 3 4567  for a nominal valve stroke of �� � �� µm. 

Thus the demanded valve flow rate as well as the requirement for a leakage free and easy 
to produce valve can be met by the use of a ball type valve seat. 

 

 
Figure 4:  Impressing the valve seat 

Figure 3:  Valve seat and flow area 
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3.2. Separation between valve seat and actuation system 

As mentioned previously the actuation system has to be separated from regions of higher 
pressure. This is due to the housing of the solenoid being made of some low-strength 
synthetic material. However, as the armature stroke needs to be transferred to the valve 
seat, an appropriate sealing system between these two regions is necessary. For cost 
reasons and due to poor documentation of the sealing performance of elastomer materials 
at high frequencies, this separation was accomplished with a gap sealing. The first version 
consisted of a precision rod and a reamed bore, both with a nominal diameter of 1.5 mm. 
Unfortunately, reaming did not allow for the required gap precision causing unacceptably 
high leakage flow. Therefore, a high precision sleeve was used, reducing gap tolerances 
to less than 5 µm and subsequently the leakage flow to a minimum. The final design of 
the sealing gap is illustrated in Figure 5. 

3.3. Valve housing 

The valve housing and the final valve design are illustrated in Figure 6. The bottom area 
contains the valve seat as already depicted in Figure 5. The valve is mounted inside the 
housing with a metric fine thread. The top area mainly consists of the actuation system 
and is fixed with a cap nut on the outside of the housing. Accurate positioning of the 
actuation system inside the housing is achieved with a precision grinded spacing ring. 

/��

Figure 5:  Separation between valve seat 
and actuation system 

/8�

/9�
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Sealing between regions with different pressure levels inside the valve housing (see 
Figure 5) is done with O-rings. These different levels are: 

• Supply pressure /� at the bottom of the valve seat; 
• Load pressure /8 between valve seat and the guiding piece for the precision rod. 

The load flow rate is conducted outwards by flow channels on the top of the valve 
seat and drill holes in the housing. 

• Tank pressure /9 for all parts above, especially the actuation system due to 
reasons of low strength. Connection to tank is achieved with holes in the valve 
housing placed beyond the mounting thread on the outside (not visible in Figure 
6). 

Figure 6:  Intersection of final valve design�
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The bore on top of the actuation system is usually sealed. It may be utilized to verify top 
and bottom armature position throughout production using a dial gauge or similar devices. 
Unfortunately this kind of measurement can’t be performed during operation as it 
influences the system’s dynamic behaviour (increased moved mass). An appropriate 
measurement system oppressing any interactions with the armature – e.g. eddy current 
sensors – couldn’t be purchased due to space limitations. Consequently, for the paper at 
hands, the dynamic valve stroke is not measured. 

Furthermore, a mounting plate was developed, acting as a receiver for two valves, and 
allowing for a connection to one combined load. 

4. SOLENOID CURRENT FEED 

As already mentioned in section 2, the proposed valve response time can only be reached 
with a proper valve current feed. Figure 2 illustrates an idealized valve current 
progression, consisting of three different subsequences: boost, raise and hold. The 
corresponding parameters and thresholds are listed in Table 1. Electronics realizing such 
a valve current feed are commercially available, but cannot hold for the demanded 
switching times and the maximum peak currents [6]. Therefore, an appropriate setup 
providing the desired current feed had to be developed. This setup was subject to several 
requirements: 

• An H- or full bridge capable of providing currents up to approximately 30 amps; 
• Additionally, this bridge needs to be fast enough to keep up with the demanded 

switching frequencies in the range of some hundred kilohertz up to one megahertz; 
• A programmable signal source providing the input signal ��� for the bridge at the 

specified frequency; 
• A possibility to interfere with the signal source, such that the real-time operating 

system can change specific current feed parameters during runtime, i.e. in every 
sampling interval; 

The requirements listed above could be met using the setup depicted in Figure 7. This 
setup consists of a real time operating system running on a standard desktop PC with a 
fixed sample rate of 1 kHz. The PC is equipped with a National Instruments PCI-card NI-
6259 (for further information see [7]). Using the internal PCI-bus, data can be transferred 
between the real time system and the PCI-card. In addition, the PCI-card offers a digital 
output method using FIFO’s (First In First Out), known as CDO (Correlated Digital 
Output). This method allows for the data samples inside the FIFO to be output in 
correlation to an adjustable internal clock generator. Finally, the output of the PCI-card 
drives an H-bridge connecting the valve solenoid to a supply voltage in forward or 
backward direction. 
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In summary, the signal flow for the valve current feed is realized in the following manner: 
First of all, within the current sampling interval, an appropriate control strategy 
determines whether the valve has to be activated or not. If actuation is required, an 
adequate digital switching sequence is calculated, if possible with respect to the current 
control error. Afterwards the entire switching sequence is downloaded to the PCI-card 
FIFO using a polling method. Therefore the real-time CPU remains occupied until the 
download is completed. The last step for the real-time CPU consists of starting the CDO, 

which is a simple register entry. When done, the CPU is released and the subsequent 
operations are executed independently from the real time system. As shown in Figure 7, 
CDO is timed using an internal clock generator which is fixed at 1MHz for this particular 
setup. This means that the samples inside the FIFO are written to the output in equidistant 
steps of 1 µs, allowing for a timing accuracy in the same order of magnitude. At last, the 
digital PCI-card output is passed to the H-bridge connecting the solenoid in forward or 
backward direction to a supply voltage of 35 V. 

In order to realize the data transfer between the real-time system and the PCI-card an 
appropriate driver had to be developed using the C programming language. During this 
development it was decided to separate both, raise and hold sequence, into repeated on 
and off cycles with :� repetitions. Therefore the sequence durations calculate to 

����
� � ;����< = ����>>? @ :���
���������������������:���
� A B�

����� �� ;����< = ����>>? @ :�������������������������:���� A B������1 
(4.1) 

Due to the choice of 1MHz for the internal clock generator, the on and off times ����< and 
����>> are not arbitrary numbers, but integer multiples of 1 µs. 

Real Time 
OS 

NI 6259 
PCI-card 

  H-Bridge 

���� 

1 MHz 

    

Figure 7:  Schematic signal flow for valve actuation 
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As a consequence to the modifiable valve actuation time (see Equation (4.1)) and the 
possibility to choose whether the valve is actuated at all within each real-time step (1 kHz 
means 1ms), the resulting actuation method is a mixture of PWM and PFM, a so called 
Variable-Frequency-Pulse-Width-Modulation (VF-PWM). Hereafter the terms actuation 
time and actuation frequency are distinguished accordingly. 

5. MEASUREMENTS, EXPERIMENTS AND FINDINGS 

This section deals with the measurements and the corresponding findings. In subsection 
5.1 the performance of the developed valve current feed method is presented, followed 
by the valve characteristics for a given test rig setup in subsection 5.2. Finally subsection 
5.3 deals with a simple control strategy and corresponding results for different 
trajectories. 

5.1. Measured valve current feed 

Figure 8 is depicting a measurement of the valve current feed generated with the method 
described in section 4, the corresponding timing parameters are listed in Table 2. Boost, 
raise and hold sequences are highlighted using coloured areas. The hold sequence is 
plotted for different values of the previously mentioned hold parameter :����, implying 
a valve actuation with varying actuation time. The top row of Figure 8 presents the digital 
output ��� of the PCI-card (5 V TTL) and the measured valve solenoid voltage �� for a 
h-bridge supply voltage of 35 V. The bottom row illustrates the corresponding valve 
current feed 
�, measured with two different current sensors: an internal current 
transducer (
�<�) and an external current probe (
�C�) attached immediately at the solenoid. 

Taking a closer look at the depicted current feed reveals, that the desired boost current 

���
� � "��# can’t be reached within time. This is due to a limited supply voltage of 35 
V compared to the manufacturer’s original suggestion of 48 V. Furthermore, the internal 
current sensor exhibits strong peaks on 
�<� when switching. These may be due to a supply 
voltage drop caused by an improper switching inside the H-bridge. However, the external 
sensor indicates a satisfying current feed with the expected ripples described in section 2. 
The peak-to-peak value of those ripples heavily depends upon the switching times ��1�< 
and ��1�>>, but just as well upon the supply voltage used during raise and hold sequence. 

Summing up, the developed valve actuation method reveals a very satisfying overall 
behaviour. Even though the manufacturer’s specifications couldn’t be met perfectly, the 
valve current feed performs as expected. 
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Table 2:  Parameters for measured valve current feed in Figure 8 

Sequence   Parameters 
Boost   ����
� � 	�����   D   D   ����� � ���� 

Raise   ����< � ����   ����>> � ����   :���
� � 	�   ����� � ���� 

Hold 
  ����< � E���   ����>> � &���   :���� � ��   D 
  ����< � E���   ����>> � &���   :���� � ��   D 
  ����< � E���   ����>> � &���   :���� � 		   D 

 

5.2. Measured System Response 

In order to evaluate the influence of the developed valve on low power systems or systems 
with low actuation volume the test rig setup in Figure 9 was implemented. This setup 
consists of a hydraulic plunger cylinder acting against a very stiff spring, limiting the 
overall cylinder stroke to less than 3 mm for a maximum supply pressure /� of 200 bar. 
Choosing such a stiff behaviour was due to ease comparison with commercial systems, 
for example wet clutches. The test rig setup features two valves for controlling in- and 
outflow. 

Figure 8:  Measured valve current feed for different holding times 
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The results presented below deal with the response of the system as described in Figure 
9 due to a specific valve actuation. As already stated in section 4, the developed valve 
allows for a mixed operation of PWM and PFM. In order to identify the system response 
distinct to a variation in valve actuation time, i.e. hold sequence parameter :����, the 
actuation frequency has been fixed to 100 Hz. This setting is used for both, Figure 10 and 
Figure 11, respectively. The corresponding actuation parameters are listed in Table 3. 

Figure 10 illustrates the measured pressure development /8 for actuating the inflow valve 
using different values of the hold sequence parameter :����. Each measurements is 
conducted for a fixed value of :���� A F��$��"�G and a starting pressure of approximately 
50 bar. While testing, the inflow valve is actuated every 10 ms according to the selected 
actuation frequency of 100 Hz. The resulting chart reveals a very distinct dependency on 
the parameter :����. Furthermore, the measurements exhibit an unexpected linear 
behaviour contrary to the hypothetical square-root-characteristic. This may be due to the 
load pressure /8 acting on the precision rod, causing a variation in the force equilibrium 
of the entire armature. Consequently, the valve opens faster and closes slower at higher 
pressures, increasing the entire period of valve actuation. 

In contrast to the inflow valve the outflow valve (see Figure 11) reveals the mentioned 
square-root-behaviour as the pressure acting on the precision rod is fixed to tank pressure 
/9. At this point it has to be mentioned, that the outflow valve stroke was increased to 
80 µm, in order to achieve higher effluent flow rates. 

 

 

 

 

 

Figure 9:  Schematic of the implemented test rig setup 

20



 

 

Figure 10:  Measured pressure development for fixed frequency and varying 
valve actuation time of inflow valve 

Figure 11:  Measured pressure development for fixed frequency and varying 
valve actuation time of outflow valve 

Table 3:  Valve parameters used in Figure 10 and Figure 11 

 
Max. 

Stroke 
 Actuation Parameters 

Inflow 
Valve 

45 µm  
����
� � 	"�����
������� � ���� 

  
������< � �����
����>> � ���� 

:���
� � &�
������ � ���� 

  
������< � E����
����>> � &��� 

Outflow 
Valve 

80 µm  
����
� � 	"�����
������� � ���� 

  
������< � �����
����>> � ���� 

:���
� � 	"�
������ � ���� 

  
������< � E����
����>> � &��� 
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5.3. Results for a simple pressure control strategy 

The results presented in this subsection are derived for a very simple pressure control 
strategy. The hold parameter :���� is calculated proportional to the current pressure error. 
Relating to Figure  this seems reasonable for the inflow valve, according to Figure  the 
outflow valve is extended by a function compensating for the square-root-characteristic 

:���������< ��� � HI���������< @ ;/8� J /8K? L �������� A F�$	MG�

:��������N� �� � HI�������N� @ ;/8� J /8K? L = HOP�KQ
���N� @ �/��K�J/8K!R L �������� A F�$	MG��������1 

(5.1) 

Here /8� represents the desired pressure trajectory, /8K the measured load pressure, 

I����
��<S�N� the proportionality constants of both valves, OP�KQ

��N�  the compensation constant 
for the outflow valve and /��K the maximum pressure for which the outflow valve is 
compensated. Furthermore, the gauss brackets T�@�U indicate rounding down to the nearest 
integer. The decision whether a valve has to be activated or not is calculated proportional 
to the pressure error 

VW�< ��� � X �YW�< �����
� �����

;/8� J /8K? Z �/����<
[3�[

��

���������������\5]^�������YW�< ��� � X �	 �����
� �����

_�`I>��a
��bcd @ ;/8� J /8K?e Z 	�

[3�[
�

VW�N� ��X �YW�N� �����
� �����

;/8� J /8K? f �/����N�
[3�[

��

���������������\5]^������YW�N� ��X �	 �����
� �����

_�`I>��a
��bghi @ ;/8� J /8K?e Z 	�

[3�[
���� 

(5.2) 

where /����<S�N� denote switching thresholds and I>��a
��<S�N� the proportionality constants. 

_ represents a simple summation over time, similar to an integration, but is reset every 
time when a switching process is triggered. The variables VW�< and VW�N� are Boolean 
expressions. If they equal 1, the actuation data is downloaded to the PCI-card and the 
corresponding valve is actuated, otherwise not. As shown in Equation (5.2), these 
expressions are calculated proportional to the pressure error summed over time. This 
simply means, that for small pressure errors obtaining VW�<S�N� � 	 will take longer than 
for bigger pressure errors. Consequently the actuation frequency for small pressure errors 
is less than for big pressure errors. 

As the decision variables VW�< and VW�N� in Equation (5.2) are calculated every sampling 
interval j�, the actuation period is restricted as an integer-multiple of j�. Consequently, 
the actuation frequency results as a discrete variable. 

Figure 12 illustrates the results for applying the control strategy described in Equation 
(5.1) and (5.2) to the test rig setup shown in Figure 9. On the left hand side measurements 
for a rectangular pressure trajectory with a pressure step of 100 bar and frequencies of 
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0.5, 2 and 5 Hz are listed. The right hand side shows measurements for a sinusoidal 
pressure trajectory with a similar parameter set. 

The top left image in Figure 12 identifies the maximum dynamics of the setup. The 
desired pressure step from 50 to 150 bar can be followed in approximately 40 to 50 ms. 
Within this period the inflow valve is driven at its maximum performance. Actuation time 
parameter :���������< is set to the maximum value of 19 and the valve is actuated every time 
step which is equivalent to the maximum actuation frequency of 1000 Hz. When 
approaching the target pressure of 150 bar, both actuation frequency and actuation time 
parameter :���������< are decreased, allowing for a smooth settling without overshoot. This 
decrease is also visible in the development of the control variables VW�< and :���������< in the 
subsequent plot. The behaviour for decreasing the pressure from 150 bar to 50 bar is very 
similar. Values of :�������N� at 50 bar are due to the compensation function. Results for a 
pressure trajectory with 2 and 5 Hz, respectively, are given in the subsequent plots on the 
left hand side. They are quite similar to the one already described. 

Figure 12:  Results for different pressure trajectories 
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The right hand side of Figure 12 is showing the results for a sinusoidal pressure trajectory 
at different frequencies. Apparently, the desired trajectory can be followed sufficiently 
accurate for all frequencies. A major difference compared to the scenario on the left hand 
side becomes obvious when looking at the control variables. In case of a sinusoidal 
trajectory the valve is getting activated much more often, which is due to the trajectory 
being a time-dependent function. 

 

6. CONCLUSION AND RECOMMENDATIONS FOR FUTURE WORK 

The conducted measurements in section 5 reveal a very satisfying overall behaviour. The 
developed valve and actuation method are capable of combining an impressing dynamic 
response with very good accuracy. Therefore, the application of the valve to commercial 
systems as already described in section 1 seems to be very promising. 

Despite the very convincing results there are still a lot of things that are worth improving: 

 

Valve Design: 

• Separation of the valve seat from the solenoid with a gap sealing is just a 
temporary solution. Leakage at this point has to be avoided completely. Either 
isolate those two regions completely or redesign the solenoid to become pressure 
resistant. 

• Investigation of piezoelectric actuation and corresponding 
advantages/disadvantages in timing and actuation. 

• Find an appropriate position measurement system for measuring the valve stroke 
dynamically. Challenging due to space limitations inside solenoid. 

• Perform endurance tests for life-cycle determination. 
• Investigate different designs in order to reduce production costs. 

�  

Table 4:  Control parameters 

 Actuation Time Actuation Frequency 
Inflow 
Valve 

I���������< � "  /����< � �1��klm I>��a
��bcd � 	1� 

Outflow 
Valve 

I�������N� � J" 
�OP�KQ

���N� � �1��	&�
/��K � 	"��klm 

/����N� � J�1��klm I>��a
bghi � J" 
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Valve Current Feed: 
• Development of a proper circuit board with different voltage levels for boost, raise 

and hold sequence in order to reduce peak-to-peak ripple in current feed and 
improve boost dynamic; investigate reasons for faulty current measurement of the 
existing current sensor (see 
�<� in Figure 8). 

• Enable DMA (Direct Memory Access) on PCI-card for faster data transfer and 
much more autonomic PCI-card behaviour; This might only be possible in 
combination with interrupt request. 

• Setting up an AI-FIFO (Analogue Input-FIFO) in order to measure the valve 
current parallel to setting the valve actuation output. 

 

Control Concept: 

• Development of an ILC (Iterative Learning Control) for the valve current. This is 
only possible with a proper working AI-FIFO for measuring the valve current. 

• Improve control concepts with model based approaches. 
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ABSTRACT

This paper focuses on deriving an optimal moving coil actuator design, used as force pro-
ducing element in hydraulic on/off valves for Digital Displacement machines. Different
moving coil actuator geometry topologies (permanent magnet placement and magnetiza-
tion direction) are optimized for actuating annular seat valves in a digital displacement
machine. The optimization objectives are to the minimize the actuator power, the valve
�ow losses and the height of the actuator. Evaluation of the objective function involves
static �nite element simulation and simulation of an entire operation cycle using a single
chamber Digital Displacement lumped parameter model. The optimization results shows
that ef�cient operation is achievable using all of the proposed moving coil geometries,
however some geometries require more space and actuator power. The most appealing
of the optimized actuator designs requires approximately 20 W on average and may be
realized in 20 mm� Ø 22.5 mm (height � diameter) for a 20 kW pressure chamber.
The optimization is carried out using the multi-objective Generalized Differential Evolu-
tion optimization algorithm GDE3 which successfully handles constrained multi-objective
non-smooth optimization problems.

KEYWORDS: Moving Coil Actuator, Digital Fluid Power, Digital Displacement Ma-
chines, Multi-Objective Optimization, Digital Hydraulic Valves

1 INTRODUCTION

Digital Displacement Machines (DDM’s) are a promising new topology which relies on
several pressure chambers being connected to a high- and low-pressure manifold through
two on/off valves, controlled on a stroke-by-stroke basis. For the machine operation to be
ef�cient, the valves must be fast switching, leakage free, induce a low pressure drop and
the actuators must be ef�cient. To this end, direct electro-magnetic actuators are typically
used in combination with an annular seat valve [1] in an integrated and compact mecha-
tronic valve design. Annular seat valves features a large discharge area relative to the
stroke length which, facilitates both fast switching and lower pressure losses during valve
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�ow (compared against spool valves). The most widespread electro-magnetic actuators in
�uid power are solenoids, as they feature a simple and robust design. However, the tran-
sient performance suffers from an inherent magnetic diffusion delay and are non-linear
in nature making them complicated to control. MC actuators possess some desirable fea-
tures and characteristics e.g. rapid fast force response, typically they have linear current
to force characteristics and they facilitate bi-directional force capability [2]. Still, MC ac-
tuators are not widespread in hydraulics, and the research published on their performance
is limited. The nature of the DDM operation make great demands to the robustness of the
actuators and valves, as they must be durable for large number cycles, and furthermore,
the moving member is exposed to high and �uctuating pressure levels. To verify the sim-
ulation models used in the optimization and to test the mechanical robustness, a valve and
actuator prototype has been produced based on the optimization results presented in this
paper. The valve and actuator prototype are shown in Fig. 1. In the near future the valve
prototype is to be installed in a hydraulic radial piston machine which has been modi�ed
to accommodate DDM operation.

Radially magnetized 
permanent magnets

Moving coil

Opening spring

Current carrying spring 
for interfacing moving 

and stationary part

Valve plunger

Flow passage

Wire 
feedthrough

Coil former

Flow 
passage

Coil interface

Gas nitrided and plan grinded 
plunger and seat part

Thread for mounting in 
manifold

Aluminium coil former
O-rings

Moving coil 
actuator

Main actuator
 core

Figure 1: Illustrations of the valve and the actuator prototype.

To evaluate the performance of a MC actuator design, a number of simulation models
are used, incl. static electro-magnetic �nite-element analysis (FEA) and lumped parameter
time dependent simulation, which facilitates simulation of entire DDM operation cycles.
The FEA enables accurate estimates of important actuator parameters while the lumped
model enables simulation of the machines performance when imposing different operating
conditions.

The paper is organized as follows: Section 2 provides some background information
on DDM’s, electro-magnetic actuators, and the GDE3 optimization algorithm. Section 3
explains the mathematical models used to evaluate the optimization objectives. Section 4
presents how the optimization problem is formulated and Section 5 presents and discusses
the optimization results. Finally, some conclusions are drawn based on the optimization
results in Section 6.
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2 BACKGROUND

The Digital Displacement technology was invented at the University of Edinburgh, and
later spun off in the company Artemis Intelligent Power Ltd. The �rst patent for the Digi-
tal Displacement pump was �led in 1989 [3], followed by the Digital Displacement motor
in 1990 [4]. In 2011 Mitsubishi Heavy Industries announced plans for testing a wind
turbine in the 7 MW class where the drivetrain is based on the Artemis technology, but de-
tailed information is still not published [5]. Although no detailed information is available
regarding valve performance or design speci�cations, the valves installed in the machine
appear to be direct actuated seat valves, with a variable reluctance actuator (solenoid) as
the force producing element, based on graphics included in the patent applications [6, 7, 8].

Several different electro-magnetic actuator topologies exist which may be utilized as
the force producing element in the fast switching valves of DDM’s. Feasible topologies
include variable reluctance actuators (solenoids) [9], polarized variable reluctance actua-
tors [10], moving magnet actuators [11], and MC actuators (voice coils) [12]. However,
since all of these electro-magnetic actuator topologies are feasible for use as DDM valve
actuator, it is not apparent which topology is the most suited for the application. In [2]
the suitability of different actuator topologies applied in DDM’s is analysed revealing the
moving magnet actuator to exhibit superior performance characteristics.

Differential Evolution (DE) algorithms are a relatively new class of Evolutionary Al-
gorithms. It has gained popularity since it has proven to be capable of solving dif�cult
multi-objective optimization problems successfully. The DE algorithm, which GDE is an
extension of, was introduced by Storn and Price in 1995 [13]. The key bene�ts of the
DE algorithm, when �rst introduced, were its simplicity, ef�ciency and a low number of
optimization control variables. The algorithm used to carry out the optimization is re-
ferred to as Generalized Differential Evolution 3 (GDE3). GDE3 improves earlier GDE
versions in the case of multiple objectives by giving a better distributed solution [14]. The
GDE3 uses Pareto optimization i.e. the algorithm returns a set of solutions which are non-
dominated by any other solution. The GDE3 algorithm uses weak-constraint domination
which means the degree of constraint violation should be expressed in the constraint func-
tions. This accelerates the convergence of the algorithm since designs with a high degree
of constraint violation is opted out through comparison and pruning schemes [15].

3 MODEL FRAMEWORK

The model framework comprises two distinct models which are executed sequentially.
Firstly, a static electro-magnetic FEA is carried out based on a speci�ed actuator geom-
etry, and secondly a lumped parameter DDM simulation model is executed. The FEA
enables calculation of important actuator parameters based on the solution of the initial
magnetic �eld induced by the permanent magnets of the MC actuator. The lumped param-
eter DDM model simulates the entire operation cycle using the parameters obtained from
the FEA, some DDM parameters and some predetermined DDM operating conditions.
The following sub-sections describe the main details of both simulation models.
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3.1 Static Electro-Magnetic Finite-Element-Analysis

The problem is modelled as an axi-symmetric problem since the actuator geometry pri-
mary is primarily rotation-symmetric. The model is simulated using the open-source soft-
ware FEMM v.4.2 scripted through Matlab. The software returns a solution to the initial
magnetic �eld generated by the permanent magnets which satis�es both expressions of
Eq. 1 via a magnetic vector potential approach [16].

Ñ �
�!
B = 0 Ñ �

�!
H =

�!
J (1)

where
�!
H is the �eld intensity and

�!
B is the �ux density. The �eld intensity and �ux density

are related through the permeabilitym. The advantage of solving for the magnetic vector
potential is that all the conditions to be satis�ed can be combined into a single equation.
By rewriting the �ux density as

�!
B = Ñ �

�!
A , where

�!
A is the magnetic vector potential,

both expressions in Eq. 1 can be combined to Eq. 2. For the general 3-D case
�!
A is a vector

with three components. However, in the axi-symmetric case two of these components are
zero which reduces the computational effort needed to solve the model signi�cantly.

Ñ �

0

@ 1

m
� �!

B
� Ñ �

�!
A

1

A =
�!
J (2)

To solve Eq. 2 magnetic and electrical properties must be speci�ed for all materials used
in the model. The materials properties used in the model are given in Tab. 1. Fig. 2 shows
measured hysteresis loops for low carbon steel used as core material.

Table 1: Magnetic and electrical properties of materials used in static electro-magnetic FEA.

Material BH-relation [A/m,T] Conductivity [S/m]
Air mr = 1 0
Copper (@100� C) mr = 1 4:55� 107

Magnet (NeFeB 35MGOe) mr = 1:045,Hc = 9:15� 105 0 (shell magnets)
Low carbon steel (11SMnPb30)see Fig. 2 5:8 � 106

Cast steel Selected points:(H,B)=f (0,0)(1.15k,1.11), 6:20� 106

(1.73k,1.27), (4.08k,1.53),(16.93k,1.87)g

Based on the (speci�ed) actuator geometry input, the regions are de�ned with the appro-
priate properties. Additional to the regions given by the actuator geometry a surrounding
air domain is included with asymptotic boundary conditions to emulate an open space.
Each region of the solution domain is meshed using the software’s auto-mesh method
which typically results in a mesh consisting of 2500 to 5000 triangular elements. The ini-
tial magnetic �ux distribution, using the geometry of the derived optimal design used for
the valve prototype, is shown in Fig. 4 along with the generated mesh.

The average total �eld intensity at the core steel boundary adjacent to the air gap and
the average radial �ux density in the air gap, indicated in Fig. 4, are extracted from the
FEA results to calculate the MC actuator parameters. These quantities, along with an
estimate of static inductance, are used in the dynamic lumped actuator model explained in
Section 3.2.
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Figure 2: Measured hysteresis BH-curves, using the
approach given in [17], for the steel used in the pro-
totype with the deducted BH-curve used in the FEA.
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Figure 4: Auto generated mesh consisting of 3238 triangular elements and the initial magnetic �ux distribu-
tion generated by the permanent magnets for the prototype actuator.

The coil �ll factor used in the FEA and optimization is incorporated as a discrete
function of the wire thickness as shown in Fig. 3. This is done to account for the poor
achievable �ll factor when using thin wires. The data is based on the available wire thick-
ness (and resulting insulation lack layer) from the coil manufacturer used for the valve
prototype.

3.2 Lumped Parameter Digital Displacement Machine Simulation Model

A lumped parameter model for a single pressure chamber of a DDM has been constructed
which facilitates simulation of entire machine cycles under various operating conditions.
The model comprises several sub-models, which each seek to describe speci�c energy
exchanges that happen within a DDM. The sub-models of the DDM simulation model
interact as shown in Fig. 5. The driving input is the movement of the shaft from which
the movement of the piston in the pressure chamber is obtained. By imposing appropriate
initial conditions and manipulating the valve control signals at appropriate times, accord-
ing to the piston position, the model facilitates simulation of all three operation cycles i.e.
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motoring, pumping and idling. However for the optimization problem at hand only the
motoring cycle is used. During simulation, several internal transient states of the DDM
are solved e.g. pressures, �ows, plunger dynamics, actuator currents etc. From analysis of
the transient states important measures on performance and ef�ciency can be evaluated.

Actuator
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Valve
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Orifice
LPV

Pressure 
chamber 
dynamics

Actuator
HPV

Valve
HPV

Orifice
HPV

V
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ing FHPV
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pchamber

QLPV

��shaft

VLPV

VHPV

xHPV

xLPV

x,x,xLPV

x,x,xHPV

Figure 5: Block diagram showing how the different sub-models of the lumped parameter simulation model
interacts.

This section focuses on the sub-models that has dominating in�uence on the valve
and actuator related losses. These sub-models are a lumped MC actuator model, a valve
dynamics model, and a �ow restriction model (�ow vs- pressure characteristics).

Moving Coil Lumped Parameter Actuator Model

The MC electrical dynamics is modelled using an analytical transformer model with an
air gap and a primary- and secondary coil, see Fig. 8. The primary coil is the MC of
the actuator and the secondary coil is a modelling element which accounts for the eddy
currents generated in the core upon a change in �ux density. This approach was suggested
in [18], and in [19] a method to extend the approach to include non-linear magnetic dif-
fusion effects was presented by the authors. The secondary coil parameters are based on
an estimation of the magnetic �eld depth as a function of time [20]. The diffusion depth
is de�ned as illustrated in Fig. 6 and Eq. 3 gives an expression for the magnetic diffusion
depth.

BR,ini+bR(t)

r [m] 
R

�/(t) 

BR,ini+(1/e) bR(t)

 flux density [T]

BR,ini

Increases with time 
as the wave diffuses

Figure 6: Illustration of the rectangular pro�le approximation. The radial integral of a diffusing wave is
approximated by the �ux densityBR;ini at the boundary of the inner yoke material and the characteristic
penetration depthd(t).
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d(t) = d(0)(t) +

�
d(0)(t)

� 2

6R
where :d(0)(t) =

s
2

Rt
0 hR(t)dt
s bR(t)

(3)

R is the inner core radius,hR and bR are the magnetic �eld strength and �ux density
change, due to coil current transients, at the boundary of the inner core (see Fig. 4).hR
andbR are related through the obtained BH-curve data of Fig. 2, with the offsetHR;ini and
BR;ini respectively. By considering the magnetic path of the �ux generated by the current
as a number of reluctances connected in series,hR may be calculated as [19].

hR =
Nicoil
lavg

�
Nieddy

lavg
�

bgap;rlgap

lavg
m0 �

bPMlPM

lavgm0mr;PM
(4)

The �ux density changebgap;r and bPM, due to the coil current, is calculated based on
an estimate of the �ux generated by the coil current. The �ux is calculated based on
the diffusion depth, and the calculated �ux density at the boundary of the inner core as
(rectangular pro�le approximation):

f coil = Az (d(t)) bR (5)

Az ((t)) is the axial cross sectional area the �ux passes through which varies with the
diffusion depth, see Fig. 7.bgap;r andbPM are calculated from the coil �ux and their cross
sectional areas normal to the �ux.

bgap=
f coil
Ar;gap

bPM =
f coil
Ar;PM

(6)

Ar;gap andAr;PM are the radial cross sectional areas which the �ux passes through. Based
on the diffusion depth, parameters of the two winding transformer model is continuously
estimated. The eddy current resistanceReddyand the eddy current paths leakage inductance
Leddy are calculated as:

Reddy=
leddy

hcoild(t)s
Leddy= N2 m0mrAzd(t)

hcoil
(7)

�/(t)

bR

r

z

�3coil

Az(�/(t))

symmetry axis

Assumed flux path of 
current generated by coil

Figure 7: Sketch showing the assumed �ux path of the �ux generated by the coil current.

Fig. 8 illustrates the transformer model applied to the MC actuator and the equivalent
magnetic circuit diagram. The governing equations, derived from the equivalent magnetic
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circuit diagram are given in Eq. 8 and 9 where the shorted turn winding parameters have
been referred to the coil winding:

vcoil = Rcoilicoil + ( M + Lcoil)
dicoil

dt
� M

d(ieddy=N)
dt

� �xlavg;wireNBi;gap;r| {z }
e

(8)

0 = N2Reddy(t)( ieddy=N) � M
dicoil

dt
+ ( M + Leddy(t))

d(ieddy=N)
dt

(9)

wherevcoil is the coil voltage,Rcoil is the coil resistance (incl. current carrying spring-
and wire feedthrough resistance),M is the mutual inductance linking both the main eddy
current path and the coil,Lcoil andLcoil is the leakage inductance of the coil and the eddy
current path respectively,N is the number of coil turns, �x is the velocity of the coil,lavg;wire
is the average length of a single wire turn,icoil and ieddy is the coil current and the eddy
current magnitude respectively. The generated magnetic Lorentz force is calculated as:

Fact = icoilBi;gap;rlavg;wireN (10)
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N2Reddy icoil ieddy /N
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Figure 8: Transformer model applied to MC actuator and equivalent magnetic circuit diagram where the
shorted turn parameters are referred to the coil side.

Modelling of Valve Plunger Dynamics

When leading �ow through semi-opened valves the �ow losses are considerable. In addi-
tion, the optimization results reveal the that the actuators should be relatively weak actu-
ators. This establishes demands to the accuracy of the models since the valve movement
is likely to be dominated by the �ow- and movement induced �uid forces acting on the
plunger during switching. While the models must give accurate and reliable character-
istics they should still be computational ef�cient to keep the computational burden at a
manageable level.

Since only the actuator of the valve is to be optimized in this design step, the plunger
geometry is �xed. The �ow and movement dependent parameters are obtained through
CFD simulations, in [21] and are used in the lumped parameter model. The force equilib-
rium may be written as:

¤x =
1

mmoving

�
Fmov(x; �x; ¤x) + F�uid (x;Q; pc) + Fact(icoil) + Fspring(x)

�
(11)
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WhereFmov is the movement-induced �uid force,F�uid is the �ow- and pressure-induced
�uid force, Fact is the electro-magnetic actuator force andFspringis the opening spring force.
In addition to the force contributions shown in Eq. 11 a suitable end-stop model have been
implemented which limits the plunger position within the con�nes of the actuator stroke-
length and resets the plunger acceleration and velocity accordingly.

Movement-Induced Fluid Force Model

The movement-induced �uid force arises as the valve moving member is forced through
the surrounding �uid whereby the surrounding �uid is forced to displace. This force con-
tribution is often neglected in non-CFD models due to the complexity of describing this
force for general valve geometries. For fast switching valves with large shadow areas this
force contribution may be signi�cant [22, 23].

Generally, the force exerted on a rigid body moving through a �uid domain is governed
by the Navier-Stokes equation. Analytical solutions to this problem is limited to simple
cases, they may however still be useful for gaining insight to the governing characteristics
for more complicated geometries. The model is derived based on an analytic solution
to the Navier-Stokes equation for a sphere moving in a linear path through an otherwise
stationary �uid [24]. The used model, proposed in [21] is shown in Eq. 12 where the
parameterska, kv, kd, kh are determined using CFD analysis.

Fmov= ka(x) ¤x| {z }
Added massterm

� kv(x) �x| {z }
Viscousterm

� kd j �xj �x| {z }
Dragterm

� kh

Z t

0

d �x
dt

1
p

t � t
dt

| {z }
Historyterm

(12)

In order to simulate the movement-induced �uid forces using Eq. (12), the history term
must be -reformulated to a form appropriate for discrete time domain simulation. Assum-
ing piece-wise constant acceleration, the history term may be approximated using:

kh

Z t

0

d �x
dt

1
p

t � t
dt (13)

= 2kh
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Where sampling times are denotedt = f T1;T2; : : : ;Tfg. The above expression increases in
size during simulation, and all previous accelerations and the corresponding time stamps
must be assessable during simulation. Evaluation of the history term is relatively time
consuming, especially after some time as the number of samples increases. To circumvent
this and keep the computational burden at a manageable level, the history term is only
evaluated during valve movement, and the number of sampling times in the evaluation
is kept at a �xed and manageable number. More details on derivation of the movement-
induced �uid forces and model veri�cation are presented in [21].

Flow and Pressure Induced Forces

The �ow force F�ow is modelled as:

F�ow = kf1(x)Q2 + kf2(x)Q (14)
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Wherekf1 andkf2 are functions of the valve plunger position �tted through CFD analysis
(details in [21]). When the valve is closed(x = 0), a switched condition is used to account
for the force induced by the pressure difference across the valve:

F�uid =

(
F�ow x > 0
AsDp x= 0

(15)

WhereAs is the axial shadow area of the valve plunger andDp is the pressure difference
across the valve.

Flow vs. Pressure Loss Model

The pressure loss during valve �ow must be modelled with a relatively large degree of
accuracy since the associated energy loss is signi�cant. The used model aims to model
the relation between �ow and pressure for a wide range of �ow rates and for complicated
valve geometries. The used model was proposed in [25] and showed good accuracy for a
wide range of �ow rates:

Dp = kp1(x)Q2 + kp2(x)Q (16)

wherekp1 andkp2 are functions of the valve position determined through a number of CFD
simulations.

3.3 Objective Function Evaluation

All of the objectives used in the optimization are calculated using the described simulation
models. Depending on the speci�ed design vector, some constraints could be violated
during execution of the static FEA model. In this case, the lumped parameter simulation
model is not executed to reduce the computational time. Similarly, execution of the lumped
parameter simulation model is omitted if the actuator force at steady current does not
exceed the opposing spring force the actuator must overcome to initiate movement. Figure
9 illustrates how the objective function is evaluated. The bold face letters represents the
constraint and objective functions, which are additional explained in Section 4.
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Figure 9: Flow chart illustrating how the objective function is evaluated.

In addition to the efforts made to reduce the computational time several designs are
evaluated simultaneously. This is realized by using a workstation PC with 16 GB ram and
8 cores, each optimized for running dual threads, leaving 16 threads at disposal for parallel
processing of the objective function.
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3.4 Simulation Example of Model

Fig. 10 shows a simulation example of the lumped parameter DDM model, using the
optimized prototype design and the operating conditions given in Tab. 2. The valves are
actively closed by a rapid response of the MC actuator while the valve opening occurs
passively due to pressure and spring forces.
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DDM parameters Value
Piston stroke length 49 mm
Piston bore Ø 36mm
Cylinder dead volume 62 CC
Displacement1 50 CC/rev

Prototype valve par.
Stroke length,lstroke 2.5 mm
Shadow area,As 4.9 cm2

spring preload, L/H (30/30)N
Coil Layers 2

Operating cond.
Shaft speed 800 RPM
Supply pressure, L/H (5/350) bar
Supply voltage 80 V

Performance data
Avg. act. power, L/H (21/21)W
Avg. �ow loss, L/H (25/25)W
L/H closing time (2.1/1.9) ms
L/H opening time (3.1/3.3) ms
Avg. power1 22 kW
Cycle ef�ciency2 99:4%

Figure 10 & Table 2: Simulation example using the prototype actuator design and DDM parameters and
operation conditions given in the table.

4 FORMULATION OF THE OPTIMIZATION PROBLEM

The valves should be fast switching to minimize the �ow when the valves are semi-open.
But how much actuator power should be invested to minimize the combined valve and
actuator losses? In addition, typically, several valves and actuators are integrated in a
compact DDM design. Therefore, size and compactness of the actuators should also be
emphasized in the design. To this end, the used objectives to be minimized are:

O1 Avg. actuator power:Pact =
� RTcycle

0 vL iLdt +
RTcycle

0 vH iHdt
� .

Tcycle

O2 Core height:hcore (see Fig. 12).

O3 Avg. �ow losses:P�ow =
� RTcycle

0 DpL QLdt +
RTcycle

0 DpH QHdt
� .

Tcycle

2Only valve losses considered.
1Only one chamber considered.
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WhereTcycle is the cycle duration,vL, vH, iL andiH are the actuator voltages and currents,
DpL, DpH, QL andQH are the valve pressure drops and �ows. By minimizing these three
objectives an ef�cient motoring operation is ensured, along with an ef�cient and compact
actuator design.

The permanent magnet (PM) could be placed in several different positions and mag-
netized in different directions. The different geometries or permanent magnet placements
that have been explored are shown in Fig. 11. Each of the four geometries represents an
optimized design point (highlighted in Fig. 13). The PM of designA andB are radially
magnetized, whereas for designC andD the PM is axially magnetized.

B

Symmetry axis

32.5 22.5 32.5 22.5 

Cast 
steel

Cast 
steel

Cast 
steel

Stainless 
steel

Cast steel

[mm]

21.8 

12.4 
[mm]

0

0

Figure 11: Overview of the different geometries that are explored in the paper. Each design is optimized and
represents the highlighted points of Fig. 13.

In connection, not only performance should be considered, the design topology should
also be easy to manufacture and assemble. When using axial magnetization the permanent
magnet can be realized in a one solid which easily can be incorporated in the design. The
radial magnetization is realized by a number of cylinder ring section shaped shell magnets,
each individually magnetized (to realize suf�cient �ux levels during magnetization). Also,
geometryC has a ring of stainless steel incorporated in the outer cast iron to avoid mag-
netic short-circuiting in the outer cast. Figure 12 shows the parametrization of geometry
C (with a two coil layer winding), and Tab. 3 gives the design variables.

In addition to the geometry related design variables, four control related design vari-
ables are used for de�ning a simple modulation. The MC is excited with voltage pulses of
constant amplitude. One design variable is used to determine the voltage pulse start shaft
angle, and one design variable determines the duration of the corresponding voltage pulse,
for each valve (see Tab. 3).

Lastly, constraint functions must be formulated. The constraint functions are formu-
lated to express the violation degree of each constraint function to bene�t from the weak
constraint domination scheme of GDE3. A number of geometry related constraint func-
tions are formulated for each of the geometries that have been tested. Additionally, con-
straints are used for designs that are obviously bad or simulation of the lumped parameter
model did not �nish successfully. The constraints used for geometry A are:

C1 Success indicator: Depending on the design point, the operation cycle may only be

50



The Eighth Workshop on Digital Fluid Power, May 24-25, 2016, Tampere, Finland

hcore

Rcoil
bpm

ls

Rcore

10

hcoil

bcast

ci
bcoil

co

dwire

bfoil

Oil
Foil

Copper wire 

Interface to 
plunger

Symmetry axis

hair

Design var. Description Bounds
hcore Height of act. core [0.1,1] mm
Rcoil Radius of coil [5,20]mm
bPM Thickness of PM [0,10]mm
hcoil Height of coil [3,50]mm
dwire Copper wire thickness [0.1,1]mm
hair Height of gap above PM [0,10]mm
Vsupply Supply voltage for acts. [5,300]V
qL Voltage step angle [50,90]rad
qH Voltage step angle [230,270]rad
DqL ,DqH Voltage step duration [1,15]rad
Geo Consts. Description Value
ci ,co Inner and outer clearance (0.4,0.5)mm
Rcore outer core radius 22.5 mm
bcast outer cast thickness 10 mm
bfoil former thickness 0.2 mm

Figure 12 & Table 3: Parametrization of geometry A. The red parameters are design variables and the black
parameters constants. The Table gives all design variables for geometry A along with some geometrical
constants.

completed partially (too weak actuators, bad timing, etc). The violation degree is
set based on the simulation time at which the operation cycle failed.

C2 Ef�ciency out of range: an cycle ef�ciency in the range 75-100 % is expected. The
constraint is unsatis�ed if the evaluated ef�ciency lies out of that range.

C3 Energy utilization constraint: the output energy should be at least half of the ideal
input energy.

C4 Geometry constraint: coil height must be smaller than actuator core height.
C5 Geometry constraint: outer radius of PM must be smaller than outer core radius.
C6 Bad design indicator: magnetic force in steady state at voltage levelVsupply must be

greater than the opposing spring force.

5 OPTIMIZATION RESULTS

This section shows the optimization results obtained while using the different MC actuator
geometry topologies. Fig. 13 shows the achieved Pareto fronts using the four proposed
geometries while Tab. 4 gives the problem infos and solution statistics. The geometry
and initial �ux distribution for the highlighted design points are shown in Fig. 4 and 11.
For geometry A, B and C each design point of the population are non-dominated by any
other design point i.e. Pareto optimial, whereas only 30 % of the population for geometry
D are non-dominated. Common for all the different geometries is the average �ow loss
which only varies vaguely for the majority of the design points (between 50 W and 55 W),
thereforeO3 may be disregarded in the decision making process when selecting a design
point. This indicates that a similar actuator response is achievable using each of the four
geometries, and therefore onlyO1 vs. O2 is shown separately. A trade off exist between
the average actuator power and actuator core height. Naturally, designs with small actuator
height demands larger actuator power and vice-versa. The average actuator power varies
for most designs in the range 40-500 W while the actuator heights for most design are in
the range 8-40 mm. It is worth noticing that, if a too small or inef�cient actuator design is
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used, the actuator power quickly exceeds the �ow losses by several factors. The actuator
height using geometry D is generally larger than for the remaining geometries. The results
show similar Parato front’s for geometry A and B.

The actuator prototype design is given by:
~x = ( dwire;hcoil;R;bpm;hcore;hair;Vsupply;qcl;L;qcl;H;Dqcl;L;Dqcl;H)

is
~x = ( 0:25 mm;9:0 mm;15:0 mm;3:1 mm;1 mm;19:0 mm;85 V

59:2 deg;234:8deg;8:4 deg;8:7 deg)
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Figure 13: Optimization results using the four different actuator geometries. The minimum objective points
for each design objective have been highlighted along with the design point of the actuator prototype.

Table 4: Magnetic and electrical properties of materials used in static electro-magnetic FEA.

Description Geo. A Geo. B Geo. C Geo. D
No. of objectives 3 3 3 3
No. of design variables 11 11 11 12
No. of constraints 6 7 7 9
Population size 100 100 100 100
No. generations 250 250 250 250
No. function evaluations 25k 25k 25k 25k
GDE3 control settings: CR,F 0.75,0.25 0.75,0.25 0.75,0.25 0.75,0.25
No. fronts in �nal generation 1 1 1 3
% of gen. in �rst front 100 100 100 30

6 CONCLUSIONS AND FUTURE WORK

Different moving coil actuator geometry topologies, for DDM’s, have been explored through
optimization. In total, four different permanent magnet placement have been tested to �nd
the most suited topology. The objectives are to minimize the actuator height and actuator
power and �ow loss. Evaluation of the objectives include static-electro magnetic FEA and
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lumped parameter models enabling simulation of entire DDM cycles. The optimization
tool successfully converged towards a set of non-dominated solutions for each optimisa-
tion problem. The optimization result showed that the average �ow losses only varies
vaguely which indicates ef�cient machine operation is feasible using all of the proposed
topologies. However, some geometries generally require more space than others, and some
geometries requires larger actuator power. The most suited topologies are geometry A and
B which both uses radially magnetized permanent magnets. An actuator and valve proto-
type has been manufactured based on the optimization results with a core height of 19 mm
and an average actuator power 20 W, enabling an ef�ciency of 99.4 % during motoring
operation (only valve related losses are considered). Future work involves experimental
testing of the prototype to verify the models used in the optimization.
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. By the definition of the piston movement, iv  is positive on oil-

absorption and negative on oil-expulsion. Thus, the flow rate of the oil-expulsion takes 
the absolute value. 

 

Figure 3. Schematic of signal piston movement 

The number of the oil-expulsion piston chamber is m and the piston area is A . Then the 
instantaneous flow of the pump ontology is: 
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According to the above position and direction assumptions, �Œ/ 5�E� , when 0 � M � E� d � �, 
2m � ; when 2�E �M �E� d � d, 3m � . The duty ratio of the high speed on/off valve is �D. After 

mathematical treatment, the instantaneous flow of the digital pump through the high 
speed on/off valve is: 
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Because the five pistons are uniform radial distribution, the distribution rule of each 
piston chamber and flow equation of the pump are the same at 
[2 ,4 ]� E � E,[4 ,6 ]� E � E,[6 ,8 ]� E � E,[8 ,10 ]� E � E. 

The equation (6) ignores some practical factors, such as friction, inertia force and 
volume leakage. Through adjusting the duty ratio, the instantaneous flow fluctuation 
and the average flow rate of the digital pump can be controlled. 

Equations (7) - (14) focus on the dynamic mathematical model of the digital pump. 
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In angle range [0, ]�E , the flow rate through high speed on-off valve, the flow continuity 
equation is: 

0 d
( ) ( 4,5)

d
i i i

i i p i L
e

V As p
q A v c p p i

t�E
��

� �� �� �� �                                   (7) 

In equation (7), 0iV  shows the initial control volume of piston chamber; ip  shows the 
pressure of piston chamber; Lp  shows the load pressure; pc  shows the leakage 
coefficient of signal piston. 

Hydraulic torque is shown in equation 8. For the oil-expulsion piston chamber, the 
torque is negative; for the oil-absorption piston chamber, the torque is greater than or 
equal to zero. 

(sin sin 2 )
2i i i i
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For the friction resistance torque, it is mainly produced by the contact force between the 
eccentric wheel surface and the piston. The friction resistance torque [9] equation is: 
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In equation (9), �P shows the friction coefficient; p�'  shows the differential pressure of 
the digital pump. 

Then the pump shaft torque balance equation is: 
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2
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In equation (10), DT  shows the input torque; tJ  shows the pump shaft equivalent inertia. 
B  shows the total viscous damping coefficient.  

Combined with the above formulas, setting 1 2 3 4 4 5
d, , ,
d

x x x p x p
t
�M

�M� � � � , the 

dynamic mathematical model is got at angle-range [0, ]�E  in equation (11). 

1
2

3
2

0
1

3 4 4 4 5 5 2

2 4 4 1 3 3
3

40 4 4

2
4

d
d

d 1 ( [ (sin sin 2 )
d 2

          (sin sin 2 ) (sin sin 2 )] )
2 2

[ (sin sin 2 ) ( )]
d 2
d [(1 cos ) (1 cos 2 )]

4

[ (sin
d
d

D i i
it

f

e L p L

e

x x
t

x KT Ae p
t J

K Kx x Bx M

KAex K x p c x p
x

Kt V Ae

Aex
x
t

� M � M

�M �M �M �M

�E �M �M

� M � M

� E � M

� 

� 

� �� �� ��

�� �� �� �� ��

�� �� �� �� ��
� 

�� �� �� ��

� 

�¦

5 5 1 4 4

50 5 5

sin 2 ) ( )]
2

[(1 cos ) (1 cos 2 )]
4

L p L
K K x p c x p

KV Ae

�M

� M � M

�­
�°
�°
�°
�°
�°
�°
�°
�°�°
�®
�°
�°
�°
�°
�°

�� �� �� �� ���°
�°
�° �� �� �� ���°�¯

               (11) 

61



And the output flow is equation (12). 
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In angle range [ ,2 ]� E � E, the number of oil-expulsion piston chamber changes from 2 to 3, 

setting 1 2 3 3 4 4 5 5
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in equation (13). 
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And the output flow is got in equation (14). 
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Similarly, according to the distribution flow status table 1, the principle of each angle 
range is derived.  

4. SIMULATION AND ANALYSIS 

4.1. Ideal model simulation 

The target average flow rate is supposed as 0q  and its corresponding angular velocity is 

0�Z ,  When the input angular velocity is 0� Z � Z�t  and randomly changes, the pump output 
flow will no longer be held constant. And then it needs high speed on/off valve to adjust 
and control the output flow. Duty ratio �D is: 

 0 0q
V�Z

�Z
�D

� Z � Z
�  �  

�˜
                                                       (15) 
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From Figure 8 and Figure 10, with the increasing of load pressure, pump output flow 
reduces with the increasing leakage. Through modified duty ratio control, it decreases 
the difference between the practical output flow and target output flow.  

5. CONCLUSION 

In this paper, a radial piston constant flow hydraulic pump with digital distribution 
under random low speed driving is designed. High speed on/off valve group is used to 
process the flow distribution. The digital distribution principle is introduced and the 3D 
model of the digital pump is built. Then the static and dynamic mathematical models are 
established and the constant flow output control method is put forward.  

Through establishing Matlab/Simulink simulation model, the kinematic and dynamic 
performance of the digital pump is carried out by the simulation analysis. Results show 
that under certain input driving torque, both the rotation speed and the output flow rate 
have difference because of the friction torque and the load torque. While under certain 
input driving rotation speed, the output flow rate only has the difference because of the 
leakage caused by pressure drop. Above all, the duty ratio control method is proved to 
be effective to maintain the constant flow output under random input. 
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ABSTRACT

The Digital Hydraulic Power Management System (DHPMS) is a multi-outlet
alternative for conventional variable displacement pump/motors. Based on the digital
pump/motor technology, the DHPMS have the potential for good efficiency; the valve
timing can be optimised for each pressure level and displacement is controlled by
leaving some of the pumping pistons idle (unpressurised). This paper introduces a
second prototype of the piston-type DHPMS. The machine has five independent outlets
and it has been put together using commercial components. The pumping and motoring
efficiencies are investigated for a single 6-piston unit, but the construction allows
doubling the number of pistons for a further study. The results show that using of the
commercial control valves and several independent outlets result in large compression
volumes for the pumping pistons. Nevertheless, the pumping efficiencies are mostly
over 0.7 at displacements greater than 40% of the theoretical maximum. Moreover, the
motoring efficiencies are only slightly lower than the pumping efficiencies. The
DHPMS  is  also  able  to  transfer  the  power  between  the  outlets  without  impairing  the
total efficiency; thus, a hybrid system utilizing hydraulic energy storage can be
implemented.

KEYWORDS: Displacement control, hybrid system, pump/motor, transformer

1. INTRODUCTION

Digital pump/motors have been proven to have better efficiency than conventional
variable displacement pumps [1]. Especially at partial displacement the digital machines
benefit from a capability for idling individual pistons. A concept of combining several
radial piston units of the digital pump/motors to a common shaft has been presented in
[2].  The approach allows isolation between the services while the mechanical torque
and power are summed. The digital pump/motors can be applied to hydraulic hybrids
[3], tidal current energy converters [4] and wind turbines [5] for example.
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The Digital Hydraulic Power Management System (DHPMS) is basically a digital
pump/motor with several independent outlets [6]; each piston of the DHPMS can be
controlled independently and they can be connected to whichever outlet via actively
controlled on/off valves. Hence, the power can also be transferred from one outlet to
another regardless of the pressure levels. The hydraulic connectivity of the outlets
enables  the  DHPMS to  be  sized  according  to  the  summed maximum total  flow at  the
outlets, whereas each mechanically connected pump/motor unit has to be sized
according to the maximum flow at its outlet. The DHPMS can be applied to a system
where the supply line pressures need to be controlled [7] or actuators can be directly
controlled by the DHPMS [8].

2. TEST SYSTEM

2.1. Modified Pump Unit

The first prototype DHPMS has been studied in [9]. It was based on a 6-piston pump
unit and had geometrical displacement of about 30 cm3. In addition, two independently
controlled outlets were realised. The second prototype (see Figure 1) has the same base
but the following improvements are aim at:

1. Increasing the number of independent outlets

2. Increasing the number of pumping pistons

3. Decreasing geometrical displacement of each individual pumping piston

4. Minimising the leakages

Figure 1. Digital multi-outlet pump-motor unit with commercial control valves.
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Figure 2. Connectivity of control valves for a pumping piston in the studied
DHPMS.

The studied DHPMS has five independent outlets and it has an option to be expanded to
a 12-piston machine. However, a single 6-piston unit is studied in this paper. Original
geometrical piston displacement of about 5 cm3 is reduced to 1.8 cm3 yielding overall
geometrical displacement of 10.8 cm3. Control valves the DHPMS uses, are commercial
Bosch  Rexroth  SEC  3/3  poppet  valves  witch  are  directly  controlled  with  solenoid
actuation. Figure 2 shows the connection of a cylinder chamber to the inlet and outlet
ports through the directional valves; each pumping cylinder requires three valves. In
addition, original check valves ease the filling from the tank line. The pressure relief
valves prevent the chamber pressures to rise too high in case of an operation failure.
The setting for the relief valves is 20 MPa and the pressure of each piston chamber can
be monitored as well.

2.2. Measurement setup

The measurement setup is shown in Figure 3. The numbered components 1–10 are
detailed in Table 1, whereas the used transducers I–VII are itemised in Table 2. A 300
kW DC motor (1) is used as a prime mover and the motor torque can be measured by a
torque measurement flange (I). A flywheel (2) is attached to the motor shaft and it
includes a gear ring enabling a magnetic rotation angle measurement (II). The rotational
speed is further calculated according to the time between the pulses. Additionally, a
non-linear filter algorithm is used to give a better estimate for the rotational speed [9]. A
centrifugal pump (3) is used to feed the inlet port of the DHPMS. The inlet pressure is
around 0.2 MPa and can be measured from the line (III).

Figure 3. Hydraulic diagram of the measurement system.
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Table 1. Numbered components 1–10 in Figure 3.
no. Component Details
1 DC Motor Nominal power: 300 kW
2 Flywheel Moment of inertia: 0.15 kgm2
3 Centrifugal pump Max. flow rate: 200 l/min, Max. head: 9 m
4 Six piston pump/motor unit Geometrical displacement: 10.8 cm3
5 Accumulator Nominal size: 4 l, Inflation pressure: 5 MPa
6 Rigid wall volume Fluid volume: 2 l
7 Needle valve A Adjustable flow rate
8 Needle valve B Adjustable flow rate
9 Pressure relief valve A Adjustable opening pressure
10 Pressure relief valve B Adjustable opening pressure

Table 2. Numbered transducers I–VIII in Figure 3.
no. Transducer Range Accuracy
I Torque ±200 Nm 0.1%
II Rotation angle – 2.5°
III Inlet pressure 0–2 MPa 0.2%
IV Outlet pressure A 0–25 MPa 0.2%
V Outlet pressure B 0–25 MPa 0.2%
VI Outlet volume A – 0.1 cm3
VII Outlet volume B – 0.1 cm3
VIII Inlet temperature -50–150 °C 0.2%

The pump/motor unit has six pistons and five independent outlets but only two of them
are used. A hydro-pneumatic accumulator (5) is installed in the outlet A but it can be
isolated from the system with a ball valve. The outlet line B has an additional rigid wall
volume (6) but it can be also isolated from the system. The outlet lines also have
adjustable needle valves (7, 8) and pressure relief valves (9, 10) to realise different
loadings. The pressures (IV, V) as well as the volume flows (VI, VII) are measured at
each outlet. In addition, the oil temperature can be monitored using a transducer (VIII)
mounted to the DHPMS inlet.

2.3. Control Method

Displacement control is used to control the volume flow at a DHPMS outlet. Graph (a)
in Figure 4 illustrates the control principle. The cumulative fluid volume reference Vref
is a time integral of a volume flow reference set by a user. In the example sequence, the
pumping mode (mode decision 1) is decided before the piston reaches the Bottom Dead
Centre (BDC). As the difference between the target volume Vref and the estimated fluid
volume Vest is larger than geometrical piston displacement, it is chosen to pump to the
outlet X in order to minimise the fluid volume error at that outlet. Simultaneously,
effective piston displacement calculated considering the compressibility is added to the
cumulative fluid volume estimate Vest. The actual fluid volume at the outlet increases
after a delay during the pumping stroke. The motoring mode is decided before the
piston reaches the Top Dead Centre (TDC). In order to keep the fluid volume error of
the outlet X in its minimum, the controller chooses to motor from the tank line T; hence,
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the estimated and actual volumes remain unchangeable. At the next pumping mode
decision instant (mode decision 3) it is chosen to increase the fluid volume of the outlet
X to minimise the volume error. Correspondingly, an optimal choice for the next
motoring  mode  (mode  decision  4)  is  to  motor  from the  outlet  X to  decrease  the  fluid
volume closer to the target value.

Figure 4. Mode choosing principle for the displacement control (a) and
accumulator energy control (b).

The DHPMS is able to use an accumulator as a secondary power source as well. A
premise for controlling the accumulator energy is to balance the hydraulic power of the
DHPMS  which  results  in  the  stabilised  prime  mover  power.  Graph  (b)  in  Figure  4
shows an example of the mode selection logic for an accumulator line which is selected
in tandem with the flow controlled outlet presented in graph (a) in Figure 4. Thus the
modes are selected for a piston pair having an opposite phase. The example assumes
that the pressure levels at the both outlets are the same. Therefore, each time it has
decided to pump to the outlet X, the motoring from the accumulator is selected yielding
the  balanced  total  energy  for  a  pair  of  pistons  (mode  decisions  1  and  3).
Correspondingly, the controller decides to pump to the accumulator line in case the
motoring from the outlet X has been decided for another piston (mode decisions 4). The
DHPMS can operate also as a transformer; therefore, stabilisation of the prime mover
power can be realised independent of the accumulator pressure. For example, if the fluid
is pumped to an outlet having three times bigger pressure level than that of the
accumulator, the motoring rate from the accumulator need to be three times higher than
the pumping rate to the outlet in order to balance the hydraulic power of the DHPMS.
Thus, the only restriction is set by the available flow rate at the outlets.
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An accurate timing of the DHPMS control valves is important from the smooth
operation point of view. In addition, unnecessary pressure losses can be avoided by
compensating the compressibility of the fluid during the pumping and motoring
processes. Graph (a) Figure 5 shows the valve control principle in case the fluid is
pumped to the higher pressure than the piston chamber is filled from (ideal pumping
cycle). The low pressure valve is closed at the BDC and chamber pressure is raised to
the level of the high pressure before the high pressure valve is opened. The pumping
continues until the high pressure valve is closed at the TDC and the pressure is released
in the beginning of the return stroke. The low pressure valve is opened at the moment
when the pressure difference over the valve is zero. After the chamber is filled the low
pressure valve is closed again at the BDC.

Figure 5. Valve control principle for the pumping (a) and motoring (b) cycles: Pre-
compression (I), pumping (II), de-compression (III), motoring (IV).

Graph (b) in Figure 5 presents the valve control principle in case the fluid is motored
from the higher pressure and drained to the lower pressure (ideal motoring cycle). The
low  pressure  valve  is  closed  in  the  end  of  the  pumping  stroke  before  the  TDC.  The
closing is timed such that the chamber pressure rises to the level of the higher pressure
before the high pressure valve is opened at the TDC. The chamber fills from the higher
pressure until the high pressure valve is closed before the BDC. As the return stroke still
continues the chamber pressure decreases to the level of the lower pressure. The low
pressure valve is opened at the BDC the pumping to the lower pressure begins again.
The valves are controlled according to the estimated rotation angle and the valve delays
can be also compensated for by utilizing an estimate of the rotational speed.
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2.4. Efficiency Calculation

The studied DHPMS is measured for its pumping and motoring efficiencies. For the full
pumping and motoring cycles, the volumetric and hydro-mechanical efficiencies can be
analysed in addition to the total efficiency. For partial displacement, only the total
efficiency is determined because geometrical displacement is difficult to define as some
of the pistons are occasionally disabled. The volumetric efficiency for a pumping cycle
is calculated from

– =
 

(1)

where Q is the measured volume flow rate, n the rotational speed, Vg geometrical
displacement of the DHPMS. In addition, the hydro-mechanical efficiency for a
pumping cycle is calculated from

– =
Ў  

 
(2)

where ȹp is the measured pressure difference over the DHPMS and T the measured
torque. The total efficiency is a product of the volumetric and hydro-mechanical
efficiencies which results in the equation

– =  Ў
  

(3)

For a motoring cycle the equations are the inverse.

3. EXPERIMENTAL RESULTS

3.1. Idling losses

Figure 6 shows the parasitic losses of the DHPMS during idling; thus, the fluid is
received from and pumped to the tank line. The losses mainly consist of the pressure
losses in the on/off control valves and mechanical friction losses. Losses are determined
for six different rotational speeds between 200–1200 r/min by measuring the
mechanical input power from the rotation shaft. The oil temperature throughout the tests
is around 39 °C.

Figure 6. Idling losses with the oil temperature of 39 °C.
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The  idling  losses  are  around  60  W  at  the  rotational  speed  of  400  r/min,  whereas  the
number is about 180 W at the rotational speed of 800 r/min yielding that doubling the
speed results in three times bigger parasitic losses. At the rotational speed of 1200 rpm,
the losses are around 360 W.

3.2. Pumping efficiency

The pumping efficiency of the DHPMS at full displacement is measured for the
rotational speeds of 500, 750 and 1000 rpm, and the pressure differences of 4–16 MPa
are studied. The outlet A is used with the accumulator disengaged. The different
loadings are realised by adjusting the opening pressure of the pressure relief valve to a
desired level. The needle valve is kept closed. The oil temperature of about 39 °C is
used  throughout  the  tests.  Figure  7  show  the  volume  flow  loss  as  a  relation  of  the
pumped and theoretical volume flows at the measured rotational speed. Due to the big
dead volume at the pumping cylinders, the effective volume flow is considerably
smaller than the theoretical one. It can be seen that the compressibility is somewhat
linear in relation to the pressure difference over the DHPMS. The volume flow loss is
around 23% at the highest studied working pressure.

Figure 7. Relation of the pumped and theoretical volume flow with the oil
temperature of 39 °C.

Graph (a) in Figure 8 shows the total, volumetric and hydro-mechanical pumping
efficiencies  at  full  displacement  when the  rotational  speed  of  1000 r/min  is  used.  The
volumetric efficiency varies between 0.76–0.92 which corresponds to the volumetric
flow loss due to the compressibility of the fluid; the volumetric efficiency decreases as
the pressure difference increases. The hydro-mechanical efficiency varies from 0.71 to
1.1 such that the lowest value is present at the smallest pressure difference and the
highest value at the biggest pressure difference respectively. Due to the drastic
compression of the fluid, the hydro-mechanical efficiency can be over one. The total
efficiency is about 0.65 at lowest but stays above 0.8 at the pressure differences over 10
MPa.
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Figure 8. Total, volumetric and hydro-mechanical pumping efficiencies (full
displacement with the oil temperature of 39 °C) with the rotational speeds of

1000 r/min (a), 750 r/min (b) and 500 r/min (c).

The volumetric efficiency is somewhat independent of the rotational speed as shown in
graphs (b) and (c) in Figure 8. The rotational speed of 750 r/min is used in case of graph
(b) and 500 r/min in case of graph (c) correspondingly. The hydro-mechanical losses
decrease when lower rotational speeds are used; pressure losses in the on/off control
valves  are  smaller  at  the  lower  rotational  speeds.  At  the  rotational  speed  of  750  r/min
the total efficiency varies between 0.68–0.85 and at 500 r/min the total efficiency is
between 0.70–0.86.

Figure 9. Total pumping efficiencies at partial displacement with the rotational
speed of 500 r/min and the oil temperature of 40 °C.

For partial displacement, only the total efficiencies are measured due to challenges in
determining the corresponding geometrical displacements for a piston-by-piston control.
The rotational speed of 500 r/min is used while the oil temperature has been around 39
°C. In addition, the accumulator is engaged. Three pressure levels are studied resulting
in the pressure differences of about 7, 10 and 14 MPa. Figure 9 shows the results: The
total efficiency reduces when the volume flow decreases. With about 20% flow rate of
the theoretical maximum (@ 1 l/min), the total efficiency is around 0.55–0.70. For the
flow rates of 40%, 60% and 80% the numbers are 0.67–0.80, 0.74–0.84 and 0.79–0.86
respectively.
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3.3. Motoring efficiency

The motoring efficiency of the DHPMS at full displacement is studied for the rotational
speeds of 500, 750 and 1000 rpm. The fluid is received from the outlet A where the
accumulator is engaged. The pressure differences of 6–16 MPa are studied and the oil
temperature of about 37 °C is used. The volume flow loss as a relation of the motored
and theoretical volume flows are shown in Figure 10. The effective volume flow is
considerably smaller than the theoretical one, because the motoring valve is closed long
before the BDC due to the pressure decompression (big dead volume). The volume flow
loss is 6–19% depending on the working pressure and rotational speed.

Figure 10. Relation of the motored and theoretical volume flow with the oil
temperature of 37 °C.

The total, volumetric and hydro-mechanical motoring efficiencies at full displacement
with the rotational speed of 1000 r/min are shown in graph (a) in Figure 11. The
volumetric efficiency increases as the pressure difference rise and it varies between
1.08–1.24. The efficiencies over one are measured because the motored volume is
smaller than the theoretical one due to the decompression. The hydro-mechanical
efficiency varies from 0.59 to 0.68 such that it is at highest when the pressure difference
is 12MPa. The total efficiency is just over 0.8 at the highest pressure, whereas the
lowest number is 0.64 in case of the 6 MPa pressure difference.

Figure 11. Total, volumetric and hydro-mechanical motoring efficiencies (full
displacement with the oil temperature of 37 °C) with the rotational speeds of

1000 r/min (a), 750 r/min (b) and 500 r/min (c).
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The volumetric efficiency slightly decreases at the lower rotational speeds. The hydro-
mechanical efficiency is somewhat higher. The efficiencies with the rotational speed of
750 r/min are shown in graph (b) in Figure 11, whereas graph (c) in Figure 11 shows the
efficiencies  with  the  rotational  speed  of  500  r/min.  The  total  efficiencies  in  the
measurements vary between 0.68–0.80 and 0.72–0.84 respectively.

3.4. Transforming efficiency

The power transfer between the outlets is studied in a case which the fluid is received
from the accumulator and pumped to another outlet (or to the tank line). The flow
reference of the outlet  B is set  to 3 l/min and the rigid wall  volume is engaged to the
outlet. In addition, the loading pressure is set to about 10 MPa by using the needle
valve. The accumulator has been initially charged to 13 MPa and the motoring from that
outlet starts after a second the measurement has been started.

Graph (a) in Figure 12 shows that the outlet B pressure (pB) is 9.7–10.7 MPa during the
measurement. The accumulator pressure pA starts to decrease at the moment the
motoring begins ending up to 8.4 MPa. The motored volume flow QA increases while
the accumulator pressure decreases due to the control method (graph (b) in Figure 12)
whereas the pumped volume flow QB stays somewhat unchangeable. The hydraulic
power  pumped  to  the  outlet  B  (PB) is about 0.5 kW throughout the measurement as
shown in graph (c) in Figure 12. At the moment when the accumulator control is
enabled, the DHPMS starts to motor from the outlet A at an average power of -0.5 kW
(PA).  Thus,  the  average  power  fed  by  the  electric  motor  drops  near  the  value  of  the
constant idling loss.

Figure 12. Power transfer between the outlets with the rotational speed of 750 r/min
and the oil temperature of 43 °C: Outlet pressures (a), outlet volume flows (b)

and powers (c).
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Figure 13. Total efficiency during the power transfer between the outlets.

The  total  efficiency  of  the  DHPMS  during  the  power  transfer  is  shown  in  Figure  13.
The efficiency is calculated by dividing the output power (PB) by the input power
(PMech–PA) and it is about 0.7 on average. Hence, the efficiency does not drop in the
transformer mode but is comparable with the pumping and motoring efficiencies.

4. DISCUSSION AND CONCLUSIONS

The results indicate that the dead volumes of the DHPMS piston chambers become
large if commercial valves are used. Moreover, increasing the number of independent
outlets results in even bigger dead volumes. These large compression volumes affect the
produced volume flow but the compressibility does not necessarily decrease the total
efficiency of the machine; the compressibility can be taken into account in the valve
timing. Thus, the power required to compress the fluid can mostly be recovered when
the pressure is released again. This unique feature of “digital valve plate” is also seen in
the calculated efficiencies when the standardised equations are used: the hydro-
mechanical efficiency can rise over one during a pumping cycle, as can the volumetric
efficiency during a motoring cycle.

For  pumping,  the  total  efficiency  of  the  studied  DHPMS  is  mostly  over  0.7.  The
efficiency is at its highest when the rotational speed is low or the operating pressure is
high. However, the pressure losses in the control valves approximately triple when the
rotational  speed  is  doubled;  therefore,  the  total  efficiency  reduces  when the  rotational
speed increases. In addition, the pressure losses are relatively higher for the low power
outputs (low operating pressures).  Thus,  the flow capacity of the control valves is  too
low for the application, in spite of the installed check valves easing the chamber filling.

For  motoring,  the  total  efficiencies  are  somewhat  lower  in  comparison  with  the
pumping efficiencies because the fluid is also returned to the tank line through the
on/off control valves; the DHPMS cannot take advantage of the check valves as it does
during pumping. Aside from pumping and motoring, the DHPMS can also transfer the
power between the outlets. The total efficiency of the power transfer is comparable with
the pumping and motoring efficiencies at similar pressure levels. Moreover, the
DHPMS functions as a hydraulic transformer, as both the flow and pressure can be
altered. The feature allows balancing the power of the prime mover (operation as a
hydraulic hybrid).

All in all, the tested pump/motor unit fulfils most of the requirements set for the second
prototype DHPMS. First of all, the control valves are leakage free, allowing effective
use of the accumulator as an energy source/sink. Secondly, the decreased geometrical
displacement of each pumping piston improves the fluid volume resolution at the
outlets, which is beneficial if actuators are controlled directly with the DHPMS. In
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addition, the DHPMS has five independent outlets, allowing the displacement control of
two actuators, whereas a residual outlet can be reserved for an accumulator. A
disadvantage of the studied unit is its small total displacement, leading to low power
output. However, the number of the pumping pistons can be doubled by merging two
pump/motor units into one. That will be the next step of the study.
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ABSTRACT 

Hydraulic pumps and motors are desirable for high power density and ruggedness, but 
they typically exhibit lower efficiency than competing technologies. In conventional 
devices, high pressure is maintained on each piston for its full stroke, and displacement 
is varied by changing the stroke length. Maintaining high pressure on all pump/motor 
interfaces causes leakage and friction losses to remain nearly constant as displacement 
is reduced, resulting in low efficiency, particularly at low displacements.  A different 
approach is to vary the displacement by removing high pressure from unneeded pistons.  
This discrete piston control approach has been proposed by a number of researchers, but 
it is typically accomplished using two electrohydraulic valves per piston, which can 
increase cost, complexity, and reduce robustness. In this paper a method of discrete 
piston control using hydromechanical valves is described.  A two degree-of-freedom 
valve that can rotate and translate axially controls the enabling and disabling of the 
individual pistons and adjusts the displacement.  Several strategies for creating a 
discrete piston device are described, along with the structure of the control system. 
Preliminary experimental results from a prototype pump/motor are also presented. 

KEYWORDS: Discrete piston control, bi-directional pump/motor, rotary valve, 
mechanical valve timing 

1. INTRODUCTION 

Hydraulic actuation systems provide many attractive features, such as high power 
density, ruggedness, robust linear actuation, and low cost, but they often suffer from 
lower efficiency than competing actuation technologies.  The relatively low efficiency 
of hydraulic systems is due in part to the conventional control method of using throttling 
valves, and it is partially due to the efficiency of hydraulic components, such as pumps 
and motors.  Hydraulic pumps and motors experience power losses due to friction and 
leakage between moving parts. Because high pressure is maintained on these moving 
parts regardless of the displacement of the device, these losses remain fairly constant 
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with displacement.  This leads to devices which, while efficient at maximum 
displacement, can be very inefficient in other operating ranges.   

Discrete piston control, or using valves to remove pressure from unneeded pistons to 
vary the displacement [1], has been proposed as a solution to this problem.  By only 
maintaining high pressure on the lubricating gaps on pistons while they are needed, the 
leakage and friction losses can be made to scale down with displacement much more 
than in conventional stroke-varying devices.  In comparison with conventional axial 
piston pumps and motors with adjustable swash plate angles, the discrete piston 
approach has the potential to reduce or eliminate a number of power loss mechanisms.  
By using valves rather than a valve plate to control the application of high and low 
pressure to the pistons, valve plate leakage and friction losses can be significantly 
reduced.  A valve plate must act as a bearing and a seal, creating a trade-off between a 
tight fit to reduce leakage and a loose clearance to reduce friction.  By separating the 
bearing and sealing functions using valves, the system can be better optimized.  In fact, 
discrete piston control enables pump and motor architectures with pistons that do not 
rotate to have a variable displacement, eliminating the bearing losses altogether.  By 
applying pressure to pistons only when needed, losses associated with pressurized 
pistons, such as leakage around the pistons, and leakage and friction at the piston slipper 
interface will reduce proportionally to the displacement.  This is in contrast to 
conventional swashplate-type devices that have much more constant losses at these 
interfaces.  The friction between the piston and bore will be affected by discrete piston 
control, since much of the friction is caused by the high pressure-generated side loads, 
which will be reduced with displacement.  However, in conventional designs, the stroke 
length, moment arm, and relative velocity between the parts are also reduced with 
displacement, so benefit of the discrete piston approach with respect to the piston 
friction may be small, or it may be slightly detrimental.  The fact that, in the discrete 
piston case, the stroke length is not reduced means that there will typically be more 
throttling losses than in the conventional case, although [2] [3] have proposed fully 
blocking a piston on its intake stroke to avoid this.  If the control valves can be designed 
to have a minimal amount of throttling, the discrete piston control approach has a 
significant efficiency benefit as the displacement is reduced compared with 
conventional designs. 

Discrete piston control is an active area of research, and many of the existing 
approaches use one or more electrically driven valve for each piston [1] [2] [3] [4] [5] 
[6].  While this approach gives significant flexibility, it can also increase the cost, 
decrease the robustness, and increase the complexity of packaging and controlling the 
device.  In this paper, a means of achieving discrete piston control using a single 
mechanical control input on a bi-directional pump motor is described [7].  The approach 
is based on a two degree-of-freedom pilot valve that can rotate with the pump/motor 
shaft as well as translate axially.  The pilot valve drives a simple mainstage spool valve 
for each piston, which connects each piston to either supply or tank.  The rotary pilot 
valve contains a helical profile that creates a variable on/off timing signal that is sent to 
the mainstage valves as it rotates.  By moving the valve axially, the timing of 
enabling/disabling the pistons is adjusted.  By accomplishing the on/off switching 
through the rotary motion of the pilot spool which is connected to the pump/motor shaft, 
repeatable operation of the valve timing is ensured.   

In the next section, several different strategies for the order and timing of disabling 
pistons are described and compared in order to decide which strategy to implement.  In 
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section 3, the design concept of the mechanically controlled discrete piston pump/motor 
is described. In section 4, the results of a dynamic model and the overall predicted 
efficiency are presented.  In section 5, some preliminary experimental results are 
presented that demonstrate the discrete piston concept and validate the dynamic model. 

2. PISTON DISABLING STRATEGIES 

With the ability to control the application of high and low pressure using valves, there is 
a lot of flexibility in how the individual pistons in the pump/motor are controlled.  One 
key distinction is between the strategy of disabling a set number of pistons for their 
entire power stroke, or the approach of disabling all of the pistons for an adjustable 
fraction of their power stroke.  One disabling strategy needs to be chosen before 
designing the mechanical input for achieving it. This section examines the advantages 
and disadvantages of each of these strategies. 

2.1. Whole Piston Disabling 

An example of the whole piston disabling approach is depicted in Fig. 1.  This figure 
shows the flow from individual pistons in colors on the bottom, and the total output 
flow in black on the top.  In this example, three of eight total pistons have been 
disabled, resulting in an effective displacement of 62.5%.   

 
Figure 1. Individual piston and total flow rates for whole piston disabling 

This example highlights a number of features of the whole piston disabling approach.  
First, if only whole pistons can be disabled, then, on a one-rotation basis, only discrete 
displacement settings are available, with the number of possible displacements set by 
the number of pistons.  If finer adjustment of the displacement is required, it could be 
addressed by allowing a single piston to be disabled for a part of its stroke, while the 
rest of the pistons are either enabled or disabled for their entire stroke.  The 
displacement resolution could also be increased by increasing the time window over 
which the displacement is averaged.  For example, if five pistons are enabled for one 
rotation and six the next, then the two-rotation average displacement would be 68.75%.   
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The whole piston disabling approach can give some flexibility in that it can allow the 
order in which pistons are disabled to be varied.  If the discrete piston valves are 
electronically controlled, then the disabling order can be arbitrarily varied.  However, 
this becomes more difficult with a mechanically fixed control approach.  In the example 
in Fig. 1, the pistons are not disabled in sequential order, but rather in an order that tries 
to distribute the disabled pistons around the group of pistons.  The order of disabling 
can have a large effect on the overall flow ripple, but regardless of the order of the 
pistons being disabled, removing the flow of an entire piston of from the total output 
can result in a substantial flow ripple. 

One key benefit of the whole piston disabling approach is its potential efficiency.  By 
enabling/disabling pistons at the beginning or end of the piston stroke, when the flow in 
that piston is near zero, high throttling losses across the valves as they transition can be 
avoided.  In addition, by preventing some pistons from seeing high pressure, the 
compressibility losses associated with the disabled pistons can be avoided.   

Another factor to consider when selecting a piston disabling strategy for a mechanically 
controlled pump/motor is the feasibility of creating a mechanical control mechanism 
that can achieve it.  For the whole piston disabling strategy, this can present a challenge; 
since all pistons are not controlled identically, there must be some way to translate a 
mechanical input to the sequential order of the pistons.  For the approach taken in this 
paper, which is to use a rotating and translating valve spool, this can result in a 
complicated and long control mechanism. 

2.2. Partial Stroke Disabling 

A different piston disabling strategy is demonstrated in Fig. 2.  In this example, each of 
the eight pistons is disabled for the same fraction of its power stroke.  While the 
displacement and average flow in Fig. 1 and Fig. 2 are the same, the output profile of 
the flow is very different. 

 
Figure 2. Individual piston and total flow rates for partial stroke disabling 
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The flow ripple from the partial stroke is smaller than that in the whole piston example.  
Figure 3 shows a comparison of the flow ripple magnitude, as measured by the 2-norm 
of the flow, between different discrete control techniques.  This figure compares the 
Whole Piston (sequential order), Ordered Piston (whole piston with disabling order 
selected to distribute the disabled pistons), Partial Stroke disabling, Output PWM 
(on/off valve on pump outlet to control flow rate), or conventional Swashplate.  Clearly 
all forms of discrete flow control have a larger flow ripple than the conventional 
approach, which highlights a key advantage of conventional technology.  However, the 
discrete piston control approach has a much lower flow ripple than a digital hydraulic 
strategy applied to the entire output flow.  This is especially true of the partial stroke 
disabling approach, which, other than a small region around 50% displacement, had a 
lower flow ripple than the ordered piston strategy. 

 
Figure 3. Comparison of flow ripple magnitude for different control strategies 

The primary drawback to the partial stroke disabling approach is the additional 
transition and compressibility losses that result from switching.  However, the transition 
loss can be reduced by using a fast transitioning valve, and the compressibility effect 
can be small, especially if pre-compression and de-compression of the oil volume are 
utilized. 

The feasibility of creating a mechanically controlled partial stroke disabled pump/motor 
is significantly higher.  Since all pistons are treated the same, the mechanical control 
system can be much more compact.  In addition to creating a more compact device, a 
smaller control spool will have less internal leakage, which could have a larger effect on 
the overall efficiency than the additional transition and compressibility losses associated 
with partial stroke disabling.  In the next section a concept for achieving partial stroke 
disabling with a two degree-of-freedom spool is described. 
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3. MECHANICAL CONTROL CONCEPT 

The smaller flow ripple and the possibility of creating a simpler and more compact 
mechanical control mechanism favors the partial stroke disabling approach to creating a 
discrete piston pump/motor.  The proposed design concept is to use a valve spool that 
rotates with the pump/motor shaft and can translate axially to adjust the timing of the 
piston enabling/disabling.  A choice must be made between a single-stage device, in 
which the rotary valve is the main switching valve for each piston, or a two-stage 
system in which the rotary valve acts as a pilot stage for a series of mainstage valves.  
The advantage of the single stage approach is its simplicity; there is only one moving 
element, and the on/off timing is mechanically fixed to the pump/motor shaft.  
However, the single stage approach presents some significant design challenges.  With 
the single rotary spool acting as the control valve for all of the pistons, the full 
pump/motor flow must pass through it, requiring a fairly large valve.  The large valve 
can result in longer transition times and higher leakage.  Additionally, the rotary valve 
will need to see full system pressure, which creates a trade off in designing the 
clearance on the valve; it must be tight enough to act as a seal, but loose enough to spin 
freely.  These challenges outweighed the simplicity benefit of the single stage device.   

 
Figure 4. Sketch of three-way mainstage valves driven by a rotary pilot stage 

Figure 4 presents a sketch of the two-stage valve configuration, with a single rotary 
valve applying either pilot or tank pressure to one end of a series of three-way 
mainstage spool valves.  Each mainstage valve only needs to be sized to pass the flow 
from one piston, and the clearances on spool valve can be held tight enough to create a 
good seal against high pressure.  The pilot spool, on the other hand, only sees pilot 
pressure, which allows it to rotate and translate with a looser clearance without a 
significant leakage loss. 

3.1. Pilot spool design 

A pilot spool that can accomplish variable partial stroke disabling is shown in Fig. 5.  
The pilot spool is separated into two sections: the control section on the left, and the 
pilot inlet section on the right.  The pilot inlet section is connected to a pilot pressure 
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inlet port in the bore that allows oil to flow into the pilot spool from the pump/motor 
housing.  The pilot pressure is then routed internally to the control section of the pilot 
spool.  Tank pressure is also connected to the control section of the pilot spool through 
an internal connection to the left end of the spool.  The right end of the spool connects 
to a shaped driveshaft that provides torque from the main pump/motor shaft to rotate the 
spool, and the driveshaft can translate axially with respect to the spool.  To adjust the 
axial position of the pilot spool, a rod is pushed against the left end of the spool, while a 
return spring acts on the right end.  On either end of the control section there are 
balancing grooves that connect to either the pilot or tank pressure internal passages.  
These notches are needed to counteract the unbalanced pressure force and moment from 
the pockets in the control section. 

 
Figure 5. Rotary pilot spool 

The control section of the spool connects to a series of passages in the bore that connect 
to the ends of the mainstage valves.  There is one connection for each mainstage valve 
and piston.  Figure 6 shows a diagram of the control section of the pilot spool if it were 
unwrapped from the spool.  In this case, there are eight connections to the mainstage 
valves that are represented as circles in the figure.  These connections are all at a single 
axial position on the pilot spool.  As the valve rotates, each mainstage connection will 
pass over the pilot pressure (red) and tank pressure (blue) regions of the control section.  
When the mainstage valve is connected to tank pressure, the spring on the mainstage 
valve biases it to high pressure; when connected to pilot pressure, the spring is 
overcome and the mainstage valve moves to the low pressure position.  Thus, the blue 
regions in Fig. 6 represent the area over which the pistons are enabled.  As the pilot 
spool is translated with respect to the mainstage connections, the fraction of the piston 
stroke over which it is enabled is varied. 

89



 
Figure 6. Diagram of the unwrapped control region of the pilot spool 

For the direction shown, with the mainstage connections moving from left to right, the 
top half of Fig. 6 corresponds to the device acting as a pump, with the bottom half 
acting as a motor.  The middle of the figure corresponds to each piston being at TDC.  
Thus, on the top half, the piston is enabled starting at some point in the stroke as it 
approaches TDC, causing the power stroke to start later than it would in the full 
displacement condition.  On the bottom of the figure, the pistons will always start being 
enabled at TDC and then become disabled at some later point in the power stroke.  The 
control areas are symmetric, so if the shaft rotation direction reverses, the system will 
still function the same, except the top of the figure will become the motor region, and 
the bottom will correspond to a pump.  Thus, this pilot spool profile is able to achieve 
partial stroke disabling for the device acting as a pump or a motor in either direction.  
This pilot spool can be used with a piston-type pump/motor that has fixed pistons, such 
as a wobble plate or a radial piston device, to enable discrete piston control. 

4. DYNAMIC MODEL  

In order to predict the speed of the two-stage valve system, as well as the transition and 
compressibility losses, a dynamic model of the valves was created.  

   
Figure 7. Sketch of the mainstage spool 

Figure 7 depicts a sketch of a mainstage spool that is associated with an individual 
piston.  The dynamic model of the control mechanism included the equation of motion 
for the mainstage spool, and pressure state equations for both the pressure in the piston 
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leakage and friction, and slipper friction to generate an overall efficiency prediction for 
a roughly 48cc discrete piston pump motor. 

 
Figure 9. Overall predicted pump/motor efficiency 

The predicted pump efficiency in Fig. 9 remains above 90% down to about 30% 
displacement, which is a wide range.  The motor efficiency is significantly lower across 
the displacement range.  This is due to the power lost when compressing the dead 
volume of oil at the start of the power stroke.  In the pump case, this compression is 
accomplished by the piston travel, which is efficient.  However, in the motor case, the 
compression is done by taking high pressure oil out of the supply line and throttling it 
down to the lower piston chamber so that it can be used to compress the oil.  This 
causes a spike in power loss that does not occur in the pump case.  The magnitude of 
this loss is heavily dependent on the dead volume of oil and the low-pressure 
compressibility of the oil and any entrained air.  To reduce this loss, additional 
mechanisms can be used to shift or delay the valve timing so that the mainstage valve 
remains in its deadband during the compression event, allowing the piston to achieve 
some or all of the compression [9]. 

5. EXPERIMENTAL RESULTS 

An experimental prototype constructed based on a wobble-plate type pump, the 
dynamic model described in this section, and the pilot valve in Fig. 5 was constructed.  
The prototype is an 8 piston, 48 cc bidirectional pump/motor.  Figure 10 shows pressure 
traces for the device acting in motor mode with two different displacements.  Depicted 
are the supply and tank pressures, as well as the pressure in one piston chamber and in 
the associated connection between the pilot and mainstages.  The partial stroke 
disabling concept is clearly demonstrated through the varying width of the chamber 
pressure pulses.  By measuring the time difference between the fall of the pilot pressure 
and the rising of the chamber pressure, the total transition time can be measured.  The 
results across all pressures, speeds, and displacements are shown on the right side of 
Fig. 10.  There is some variation, some likely due to the measurement technique, but the 
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ABSTRACT 

Current state of the art variable displacement pump/motors lack the ability to maintain 
high operating efficiency at low displacements. Digital pump/motors have been 
proposed to counter this shortcoming by minimizing leakages, friction losses, and 
compressibility losses. This is achieved by electrically controlling on/off valves at each 
port of each piston chamber and only pressurizing the chambers when necessary, 
leading to losses that scale more closely with displacement. While this raises hydraulic 
efficiency, the added electrical power combined with the need for advanced control 
hardware and algorithms to achieve the precise actuation necessary adds additional cost 
and complexity to the system. A mechanically actuated digital variable displacement 
pumping/motoring concept has been investigated with the goal to eliminate complex 
controls and sensors. It utilizes a variable cam, controlled by a single lever, to achieve 
variable displacement digital pumping and motoring using both flow diverting and flow 
limiting strategies. This work involves the development of a coupled-physics dynamic 
model of a mechanically actuated digital pumping unit. This simulation will be used to 
characterize and predict the efficiency and how it is affected by the implementation of a 
cam-driven valve system. This model can be adjusted to analyse the effects of number 
of pistons, valve stroke, valve area, compression angle, transition length, transition type, 
and cam profiles for varying pressures, speeds, and displacements. This work has shown 
that high efficiencies, averaging 90%, can be maintained over a wide range of 
displacements with the mechanical actuation of the valves and provides a viable 
alternative to electrical actuation to achieve variable displacement. 

1. INTRODUCTION 

With the increased emphasis on efficiency and more environmentally friendly systems, 
researchers have been working on improving the efficiency of hydraulic systems. The 
department of energy reported that the efficiency of mobile hydraulic systems in the 
United States is less than 22%, totalling more than the energy obtained by all the 
renewable energy sources combined [1,2]. The study concludes that a 5% increase in 
efficiency in hydraulic systems could save the United States alone more than $8 billion 
per year and reduce carbon dioxide emissions by up to 90 million tons per year. An 
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increase of efficiency could be obtained either through a system level improvement, 
such as displacement controlled actuation [3] and hydraulic hybrid systems [4, 5], or 
through a component level improvement, such as a more efficient pump/motor [6], 
hydraulic transformers [7, 8], or valves [9, 10]. 

At the heart of fluid power systems is the pump. Current state of the art variable 
displacement pump/motors have high efficiencies when operating at high 
displacements. However, the overall efficiency drops to as low as 40% when the 
pump/motor is operated at low displacements. These low efficiencies significantly 
reduce the overall efficiency of many hydraulic systems; especially those that utilize 
multiple pump/motors. 

This work builds upon the success of the digital pump/motor project previously 
designed, simulated, built, and tested [6, 11]. It overcomes the limitations of the 
previous work by introducing mechanically driven valves in exchange for using high 
speed on/off valves per displacement chamber to achieve variable displacement. A 
coupled-physics dynamic model of a mechanically actuated digital pumping unit was 
developed; this model was used to characterize and predict the efficiency and how it is 
affected by the implementation of a cam-driven valve system. The model is currently 
being used as a design tool to help build the mechanically driven pump/motor unit. 
Various design parameters are being optimized, including the cam shape and curve, 
transition degrees, and compression angle. 

2. BACKGROUND 

2.1. Previous Work 

Commercially available pump/motors yield high efficiency when operating at high 
displacements or at their targeted design conditions. However, when the pump/motor 
displacement is reduced, the efficiency of the unit significantly decreases. This decrease 
in efficiency can be attributed to the losses which do not scale down with displacement, 
so their effect on the efficiency is higher when the power output is lower. Those losses 
include friction losses between the piston and the cylinder interface, fluid 
compressibility losses, and leakage losses at different pump/motor interfaces. 

Work has been done to improve the efficiency of pump/motor units. Some of the work 
included developing a digital pump/motor which relies on using electrically controlled 
on/off valves to actively control each displacement chamber; those units reduce the 
losses at low displacements by reducing the duration at which the displacement 
chamber is pressurized, thus yielding higher efficiencies [12].  

Artemis Intelligent Power Ltd. developed a radial piston digital pump/motor utilizing an 
electro-hydraulic latching poppet valve configuration. Two valves were mounted onto 
each displacement chamber which have the ability of being latched open using a 
solenoid; this configuration allowed the unit to achieve variable displacement by 
latching the inlet valve open to divert flow back into the low pressure port; such a 
configuration reduces losses since the compressibility, shear and leakage losses scale 
more closely with displacement [13]. Artemis reported that their digital pump/motor 
unit achieved a high overall efficiency over a wide range of displacement [14]; 
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Figure 2. Partial flow-diverting pumping [6] 

3. MECHANICALLY  ACTUATED DIGITAL PUMP MOTOR 

The mechanically actuated digital pump/motor concept builds on the digital 
pump/motor research using electrically controlled valves. Through simulation and 
testing [6], it was found that the valves played a significant role in the efficiencies 
achieved. In order to achieve the highest efficiencies possible, bigger, faster, and more 
consistent valves were needed.  

To address these issues, it was determined that the repetitive nature of the valve 
actuation could be exploited to allow for mechanical actuation. A state analysis was 
performed on the valves and several configurations from a simple pump to full four-
quadrant pump/motors were deemed theoretically viable. Figure 3 shows an example of 
the state diagrams used in this analysis. Each diagram represents the state the valve 
must be in, in this example open or closed, at the corresponding rotation angle. 

 
Figure 3. State analysis diagram 
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 In order to test this new actuation system, it was decided to create a simple pump with 
the low pressure valve being mechanically actuated and the high pressure side using a 
check valve as seen in Figure 4. 

 
Figure 4. Cam-driven valve actuation pump 

Using a cam driven by the pump input shaft to mechanically actuate the valves was the 
obvious choice as it is a proven mechanism which outputs relatively high actuation 
forces consistently. With this configuration, the speed of the valve actuation will be 
proportional to the speed of shaft of the pump and the high actuation forces allow for 
valves with larger orifice areas to be used. In order to achieve variable displacement of 
the pump the cam profile needs to be varied. Theoretically, by using two 50% high cam 
profiles, or masks, the effective cam profile can be varied from 100% to 50% high by 
phasing one mask relative to the other. An example of this cam phasing can be found in 
Figure 5. This method was chosen for its simplicity and ease of construction. A roller 
follower will be used to reduce the friction and size of the cams. 

 
Figure 5. Variable cam half-masking 

3.1. Simulation 

In order to determine the most efficient configuration for the half masking cam, a 
simulation of the proposed pump was created in Matlab/Simscape. The kinematics and 
pumping chambers used in this model are based on those created for simulation of an 
electronically controlled digital pump motor [6]. A single piston version of the 
mechanically actuated Simulink model can be found Figure 6. A single piston was 
shown for clarity; the simulation was run with three pistons. 
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