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The Twelfth Scandinavian International Conference on Fluid Power, May 18-20, 2011, Tampere, Finland 

PREFACE 

The first international conference on fluid power in Tampere was held in 1987. That 
was the start of the series of Scandinavian fluid power conferences. In 1993 it was 
decided  that  the  name  of  the  conference  is  Scandinavian  International  Conference  on  
Fluid Power. At the same time it was also decided that SICFP will be held every second 
year alternately in Tampere and Linköping. So we have already over 20 years’ tradition. 
This conference is organized by Department of Intelligent Hydraulics and Automation 
(IHA) at Tampere University of Technology (TUT) together with network of Fluid 
Power Centres in Europe (FPCE). 

This twelfth conference includes various traditional themes like mobile hydraulics, 
water hydraulics and industrial hydraulics. However, in addition this time there are 
many more new areas included like digital hydraulics, intelligent mobile machines and 
teleoperation. Special attention in the program is given for energy efficiency, renewable 
energy  production  and  energy  recovery.  They  are  reflecting  well  the  situation,  where  
environmental issues and energy saving are increasingly important issues. 

We received about 145 interesting and high-level abstract proposals. This is the record 
number in the history of the conference. In addition to four invited speakers, about 110 
papers were selected for the final programme. This year for the first time in the SICFP 
conference also poster presentations are included into the program. We believe that the 
conference will give the participants fine opportunities to listen interesting 
presentations, to exchange opinions and strengthen of old contacts and to establish new 
ones. 
This time the conference proceeding will be published as a printed book and also as a 
USB memory stick. We hope that this proceedings will serve you well during the 
conference but also far in the future as a source of reference. 

We would like to express our sincere appreciation to everybody who has contributed to 
the success of the conference. 

 
 

 
 

 
Tampere, 17th April, 2011 

 
 

Kari T. Koskinen, Professor    Harri Sairiala, M.Sc. 
Conference Chairman, SICFP’11   Conference Manager, SICFP’11 
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BENCHMARKING MOBILE MACHINES CONSIDERING OPERATOR 
PLANNING AND CONTROL BEHAVIOUR 

Thorsten Stamm von Baumgarten, Hans-Heinrich Harms, Thorsten Lang 
Institute of Agricultural Machinery and Fluid Power 

Technische Universität Braunschweig 
Langer Kamp 19a 

38106 Braunschweig 
GERMANY 

 
 

ABSTRACT 

The aim of this research project is to develop an operator model in order to produce 
event-based load cycles of mobile working machines. These load cycles allow to 
benchmark different drive train concepts for mobile machines with traction drive train 
and hydraulics drive train regarding the machine’s productivity considering human 
operator planning and control behaviour during operation. Two types of human 
operators, namely professional and semi-professional, will be taken into account. 

In this paper, the modelling phase in this project will be presented. It will begin with a 
short insight into previous work done at the Institute of Agricultural Machinery and 
Fluid Power relating to the generation of load cycles will be given. Next, modelling a 
tractor with front-end loader, in which the operator model will be implemented, will be 
presented. After this, a short formulation of the general problem will be given and the 
different approaches that have been developed regarding simulation of human 
controlled machine systems will be referred to. Subsequently, the modelling approach 
and basic structure of the operator control model will be presented. The paper will be 
concluded with a summary and outlook on the next step. 

KEYWORDS: mobile machines, benchmarking, operator model 

1. INTRODUCTION 

Due to increasing prices of fossil fuels and the demand to reduce CO2-emission the 
efficiency of mobile machines plays a central role when developing new drive train 
concepts. With the help of simulation the fuel consumption can be estimated at an early 
stage, allowing different drive train systems, which are also implemented in a specific 
mobile machine, to be compared and evaluated.  
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To produce meaningful simulation results a comprehensive knowledge basis of the 
operational conditions of the machine next to adequately detailed models of the power 
transmitting components of the drive train are of great importance. To analyse 
simulation models of mobile machines which are implemented in recurring working 
cycles, such as wheel loaders (see figure 1) and fork lifts, it is common to implement 
measured data such as velocity and torque into a backward simulation (see figure 3). 
This data is gathered from real working cycles of a similar machine.  

 
Figure 1. Short (left) and long (right) loading cycle for wheel loaders and 

agricultural tractors  

 
Figure 2. Standardized runs for short loading cycle [1] 

Commonly, a single working cycle is picked on basis of the experience of a test 
engineer. The problem that remains is that it is unknown how representative the selected 

10



working cycle actually is. A method to increase the validity of working cycles has been 
developed by Deiters at the Institute of Agricultural Machinery and Fluid Power [1]. 
This method creates a standardized load cycle from multiple measurements with the 
help of statistical methods (figure 2), which can be used for backward simulation of 
drive train systems whose setup and components are similar to the system used for the 
measurements. 

 
Figure 3. Model setup for backward simulation 

This procedure is not applicable if the tested drive train has a different system setup 
and/or utilizes new components with different characteristics. Additionally, the 
influence of the machine operator, whose control behaviour can vary significantly, is 
not extractable from the standardized load cycle. Due to these two constraints the 
mentioned method to benchmark different drive train systems is only applicable to a 
minimal degree. A better approach to benchmark mobile machines which is developed 
at the Institute of Agricultural Machinery and Fluid Power will be presented in the 
following chapters.  
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2. MACHINE MODEL 

The operator control model is implemented in the machine simulation environment, 
which consists of a vehicle model and load emulation models for the traction drive train 
and hydraulics drive train, as depicted in figure 3. The operator model controls are 
steering wheel angle, engine throttle, transmission ratio and hydraulic control levers. 
Vehicle velocity, shovel tilt angle and shovel x/y speed are fed back to the operator 
model. 

 
Figure 4. Operator control model, vehicle model and load emulation models 

The vehicle model consists of a combustion engine, traction drive train, hydraulic drive 
train, tractor multi-body system and a frontend loader multi-body system. The 
combustion engine, modelled in Matlab/Simulink, is based on a torque/speed 
characteristics map of a diesel engine including dynamics. The input variables are 
throttle and engine torque. The output variable is engine speed. Additionally, the current 
engine power and specific consumption per hour can be determined.  

The traction drive train is modelled as a continuous variable transmission (CVT) as it is 
found in the real tractor. Next to the input and output variables torque and speed of the 
CVT, the transmission ratio of the hydrostat is controlled directly by the human 
operator. The hydraulic drive train model resembles a load sensing hydraulic system 
with two consumers as it is implemented in the real system. The input variables are 
reference control valve displacement, the combustion engine speed and the forces acting 
onto the cylinders of the frontend loader. The output variables are hydraulic drive pump 
torque and the frontend loader cylinder acceleration. Both power transmitting drives are 
modelled in LMS AMESim and run in co-simulation with Simulink.  

Due to the fact that the consumed hydraulic power of the steering drive compared to the 
traction drive train and hydraulic drive train is negligible small this drive will only be 
modelled as a transfer function of steering wheel angle to wheel angle 

The tractor and frontend loader multi-body systems are modelled with the Simulink 
toolbox Simscape. For the purpose of this project only the longitudinal and lateral 
dynamic behaviour of the tractor is considered. Due to the fact that power consumed by 
the steering drive is only a fraction of the total power consumption, only the dynamic 
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behaviour of the drive is modelled and integrated into the tractor multi-body system. 
The frontend loader is also only modelled to a required depth.  

 
Figure 5. Vehicle model 

The load model for the traction drive train consists of a tire model. Due to the fact that 
the soft tractor tires feature a non-linear behaviour and have great influence on the 
longitudinal and lateral behaviour of the tractor, a particularly detailed model has to be 
considered. In [2] such a model has been developed and it will be integrated into the 
machine model. The input variables are steering wheel angle and wheel rotation speed. 
The resulting lateral and longitudinal wheel forces and torques are fed back to the 
vehicle model. 

Regarding the hydraulic drive train load model the forces acting on the shovel of the 
frontend loader during digging and transport will be considered. In soil mechanics and 
similar research fields quite a few different approaches for modelling the interaction 
between the shovel and soil during digging have been developed. Currently, a few 
prospective approaches are being modelled and assessed if they satisfy the mentioned 
needs [3], [4], [5].  

3. OPERATOR MODEL 

Generally, machines or their models are controlled by simple algorithms that specify 
time based input or output signals. Input signals can be sampled and processed to 
operator control signals. As soon as the performance of a machine model running a 
typical work cycle is to be analysed, predefining the input signals is not preferable 
because the adaptive control behaviour of the human operator, who can be seen as a 
robust controller, adapts his control behaviour according to the machine and the task is 
not taken into account. 

For this reason inverse simulation models are commonly applied in this field, which 
means applying predetermined output signals, such as speed and torque [6],[7].  
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As already mentioned, meaningful simulation results can not be achieved without 
considering the human operator. In [8] such an approach has been realised. To verify a 
controller structure the interaction of the real operator and the machine model is 
analysed on the one hand. On the other hand, the event based work cycle which is 
represented by a loading cycle is examined. This approach makes a task based analysis 
of productivity and energy consumption possible. The disadvantage is that by 
integrating a human person as a controller into the simulation environment, 
measurement runs are not repeatable resulting in the impossibility to compare different 
drive trains or machine configurations with one another. This problem can only be 
solved by modelling the human controller, especially his ability to adapt it to the 
controlled machine and the working environment.  

In [10] and [11] the functions of the human driver as part of the controller system of a 
vehicle is researched. In [12] a hybrid driver model is presented, whereby the cognition 
of the human driver is described with help of an event-based technique. The driver 
model behaviour can therefore be adapted to different human driver types. 

In [13] two different event-based operator models have been developed for the 
evaluation of wheel loaders regarding productivity, efficiency and operability running 
the so-called short loading cycle depicted in Figure 1. The first operator model is 
modelled as min/max relationships resembling fuzzy-sets. The second operator model is 
realised as a finite state machine (figure 6). Both approaches have in common that the 
operator models’ task is not based on reference tracking of vehicle speed etc.. A 
slightest change in machine configuration or work space would produce erroneous 
results. The ability of the human operator to adapt to changed machine characteristics or 
altered work space parameters and coordination of two main drive trains of a wheel 
loader is taken into account in these approaches.  

 
Figure 6. Operator model based on finite state machine developed in [13] 

In contrast to the operator models described above the aim of the operator model 
presented in this paper is to analyse and describe the planning and control behaviour of 
the human operators controlling the machine during the short bulk loading process 
depicted in Figure 1. Due to tractors being deployed as universal (soil cultivation etc.) 
and specialized implements (bulk handling only), the human operators controlling these 
machines can be categorized into two main groups, in this case semi-professional and 
professional respectively.  

Information gathered from real test runs will be used to develop a parameter dependent 
operator planning and tracking controller, which can be used to determine the operator 
dependent productivity and efficiency of drive train concepts. Additionally, the 
developed model can be used to improve the human-machine interface by determining 
what additional information, for example shovel position and orientation, to the default 
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machine information displayed in the dashboard is needed by the operator to improve 
the operability and machine productivity. 

 
Figure 7. operator control model setup 

The operator model (figure 7) consists of three levels. A brief description of each level 
will be given in following section. The task level represents the discrete description of 
the loading cycle (figure 8). The single steps generated for the traction, steering and 
hydraulics drive train are based on those defined in [13]: 

1. The tractor is driven from start position to material heap. The shovel is lowered 
and aligned to the ground. 

2. By driving the tractor into the material heap whilst simultaneously controlling 
the shovel lift and tilt function, the shovel is filled. 

3. Whilst lifting the shovel the tractor is reversed to start position. 
4. The tractor is driven from the start position to the material transport vehicle. The 

shovel is lifted further and eventually emptied over the material transport 
vehicle. 

5. The tractor is driven back to the start position simultaneously lowering the 
shovel. 
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Figure 8. task description of the short loading cycle 

The levels path planning and path tracking usually represent the decision making 
behaviour and adaptive control behaviour of the machine operator which are mainly 
influenced by machine and operator parameters. The path planning level is used to 
generate reference trajectories (figure 10) for the three drive trains. For the traction 
drive train a to be driven path s for each step of the cycle will be generated; a reference 
steering angle depending on s will be generated for the steering drive train. The 
reference position and orientation of the implement shovel will be set accordingly. 

 
Figure 9. Coordinate systems for tractor and implement 

In this project the path tracking level describes trajectory tracking behaviour of the 
operator model. In the field of driver assistance systems development quite a few 
approaches to model the longitudinal and lateral tracking behaviour of passenger car 
drivers have been published, for example [14]-[17]. Currently these models are 
examined to determine if they are applicable for this research project. To have a basis 
with which these models can be assessed, a tractor with front-end loader with two 
different human operators will be used to gather the operator control behaviour of all 
three drive trains via the user interface consisting of throttle pedal (reference speed), 
steering wheel angle and hydraulic control levers in a real load cycle. The boundary 
conditions for the test runs will be set in such a manner that test persons controlling the 
machine only have the active task to track reference points on the machine and 
implement. 
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4. SUMMARY & OUTLOOK 

A short insight into previous work done at the Institute of Agricultural Machinery and 
Fluid Power relating to generation of load cycles was given. Next, the model of a tractor 
with front-end loader, in which the operator model will be implemented, was presented. 
After formulating general problems of determining the productivity of human-machine 
systems a brief insight to previous approaches was given. Then the new approach in 
which the operator reference tracking plays a role and the basic setup of the model were 
presented.  

The next step will be to analyse measurement runs gathered from real field tests and to 
determine adequate parameter sets to describe the planning and control behaviour of the 
two human operator types.  
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ABSTRACT 

In earlier research, it has been shown that the hydrid driveline concept, when applied to 
a standard average family car, reduces fuel consumption and CO2-emissions with more 
than 50%, without compromising any of the original vehicle performance 
characteristics. The hydrid driveline concept is a serial hydraulic hybrid driveline, 
which can replace the mechanical driveline with only a very limited increase in vehicle 
cost and weight. The driveline is built around a hydraulic pressure grid, to which a 
secondary energy source can be easily attached. This presents the obvious opportunity 
of adding a small electric energy source (battery, e-motor/generator and hydraulic 
pump/motor), which can be sized to deliver only the average power required in urban 
driving. The hydraulic accumulators deal with the power peaks, which would otherwise 
be strongly determining for the size and endurance of the electric system. This paper 
presents the results of a study into such an e-hydrid vehicle. It shows that for a typical 
commuter car with hydrid driveline, the addition of an electro-hydraulic system with 
only a 7 kW e-motor and 8 MJ effective battery capacity results in an all-electric range 
of 25 km and a very friendly load for the e-motor and the battery. 

KEYWORDS: Electrohydraulic hybrid, hydrid, emission free urban driving 

1. INTRODUCTION 

Modern passenger cars are required to have a high top-speed, fast acceleration and high 
gradeability. These extreme requirements lead to high installed engine powers and high 
maximum wheel torques. In every day driving, however, the power and torque demands 
are far less. In conventional mechanical passenger car drivelines, with their permanent 
connection between engine and load, this implies that the engine is almost always 
forced to run in operating points with low power and torque and thus at bad part load 
efficiencies. 

In 2008, Innas BV introduced the 'hydrid', a new hydraulic hybrid driveline concept. 
When the original hydrid driveline is used in an average passenger car, it realizes a 
reduction in fuel consumption and CO2-emissions of around 50%, without 
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compromising the performance and with only a very limited increase in vehicle weight 
and costs. It does so by using the ICE engine in on/off mode: when the engine is on, it is 
forced to work in operating points with high efficiencies, supplying energy to a 
hydraulic accumulator. When the accumulator is full, the engine is switched off and the 
energy necessary to drive the vehicle is then taken from the accumulator storage. In this 
way, significant energy losses in the primary part of the driveline are avoided. 
Obviously, if the vehicle performance is to be kept at the same level, also the secondary 
part of the driveline has to be laid out for the extreme requirements but will 
predominantly operate in far more moderate conditions. In order to avoid the efficiency 
gain at the primary side being largely lost again at the secondary side, it is imperative 
that the secondary side topology and components allow for part load operation with 
good efficiency. 
As a consequence, conventional hydraulic components, which display rather poor part 
load efficiencies, are not suited for hybrid drivelines for passenger cars. In the hydrid 
driveline, bad secondary side part load efficiencies are avoided by the use of the new 
'Floating Cup' (FC) axial piston displacement principle for all hydrostatic units and by 
the use of the Innas Hydraulic Transformer (IHT) in combination with fixed 
displacement drive units. The hydrid driveline has been described in detail in previous 
publications (for instance in [1] and [2]) but a brief recapitulation of the background to 
its performance is given in section 2 of this paper.  
On/off operation of the combustion engine and the associated gain in average efficiency 
can also be realised with an equivalent serial electric hybrid driveline, using electric 
batteries as intermediate energy storage. This option has distinct disadvantages: 

• Electric batteries have a good energy density but a very poor power density. If 
they have to be laid out to accommodate the total maximal power requirement of 
an average passenger car in extreme conditions, large and heavy batteries have 
to be chosen, which are expensive. For this application, the current batteries of 
choice would be Lithium-Ion batteries, which require expensive control systems 
to safeguard them when subjected to these high power loads. 

• Electro-mechanic drive units have a low power and torque density. 
Consequently, electro-mechanic drive units that can cope with the extreme 
requirements are large and heavy and thus expensive. 

• Contrary to what is often suggested, the prices of batteries and e-motors may not 
be expected to drop when automotive series sizes are reached. The resources of 
the required raw materials (Lithium and rare earth materials like Lanthanum and 
Neodymium) are limited or heavily controlled. If a significant part of the current 
fleet of passenger cars is to be equipped with a serial electric drive line, the 
material shortage will keep the electric component price high. ([3], [4]). 

• Global warming is – as the term suggests – a global problem and thus CO2-
emissions are a global issue. The emissions of the current fleet of passenger cars 
in western countries are the smaller part of the problem. The exponential growth 
of mobility in countries like India or China is a much bigger threat. In those 
countries, affordable passenger cars are in great demand and electric hybrid 
solutions will be too expensive to be an alternative for the customers there. 

Instead of using this serial electric hybrid passenger car driveline, which is functionally 
and performance-wise fully equivalent to the hydrid solution, one could also opt for a 
large number of other possible electric hybrid solutions, ranging from mild-hybrids, 
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parallel hybrids or combinations of serial and parallel hybrids. These solutions however, 
are either still very expensive or greatly hampered in their performance by the urge to 
choose small e-motors and batteries in order to keep the cost down. 

Recently, a number of studies (see for instance [5], [6] and [7]) have been published 
which put question marks to the CO2 abatement potential of electric hybrid vehicles. In 
addition to that, car manufacturers seem to have become a lot more critical towards 
electric hybrid solutions. They are clearly looking for alternative solutions, probably 
because of a growing awareness of the negative cost and performance consequences that 
electric hybrid solutions invariably imply. 

Of course, CO2 abatement is not the only reason to strive for electric or electric hybrid 
passenger cars. Other drivers are the reduction of particulate emissions in urban areas or 
the realisation that transportation will eventually have to be independent of fossil fuels. 
In this context, the hydrid driveline offers a very interesting possibility: as it is built 
around a hydraulic pressure grid, powered by an ICE-pump combination, it is very easy 
to add a second, electric energy source. This can be realised with a simple fixed 
displacement FC-pump, driven by an e-motor, which takes its energy from a battery. 
In this e-hydrid driveline, the electric and the hydraulic storage systems can both be 
used to their own optimal capabilities: 

• The electric battery, with its superior energy density but very poor power 
density, is used to deliver the average low power demand of city driving and to 
ensure a sufficient emission-free range. 

• The hydraulic accumulator, with its superior power density but very poor energy 
density, is used to cope with the high powers during accelerating and braking. 

The resulting passenger car offers the performance and extra-urban range of its 
conventional counterpart as well as emission-free driving in urban areas. 

The paper reports the results of a design, sizing and performance study for such an  
e-hydrid passenger car. Section 2 introduces the reference vehicle and the layout, sizing 
and performance of its hydrid variant. Section 3 covers the layout and sizing of the 
added electric part of the driveline. Section 4 presents simulation results for the e-hydrid 
on representative cycles. Finally, in section 5, a conclusion and outlook are given.  

2. THE REFERENCE VEHICLE AND ITS HYDRID VERSION 

2.1. The reference vehicle 

Table 1 lists the specifications of the reference vehicle for this study.  A typical 
commuter car was chosen: with enough space for four passengers and their luggage and 
with very decent performance characteristics.  

The data presented are generic but representative for this type of car. 
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Table 1. Specifications, performance and NEDC figures of the reference vehicle 
Specifications 

Engine Diesel, 80 kW Load capacity 500 kg 

Transmission Manual, 5 speed rtyre, dynamic 0.31 m 

igearbox 3.61/ 1.95 / 1.28 / 0.97 / 0.78 froll 0.007 

idifferential 3.1 CD 0.26 

Curb weight 1200 kg Afrontal  2.5 m2 

Performance and CO2-emission (NEDC) Fuel Consumption (NEDC) 

Top speed 190 km/h City 5.8 l/100 km 

Acceleration 0–100 km/h in 10 s  Highway 3.8 l/100 km 

CO2-emission 120 gr/km Combined 4.5 l/100 km 

 

2.2. The hydrid concept 

The original hydrid driveline concept is shown in figure 1. It has been described in 
detail in several earlier publications (see for instance [1] and [2]) Here, only a brief 
recapitulation of its essential properties is given. 

 

accumulators

hydraulic
transformers

wheel
motors

wheel
motors

fixed displacement
pump

 
Figure 1. The hydrostatic drive line for the hydrid four-wheel drive. 

 

The hydrid driveline is built around on a hydraulic pressure grid, the Common Pressure 
Rail (CPR), which consists of a high-pressure line and a low-pressure line. An 
accumulator is connected to each line.  
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A fixed displacement pump, directly driven by the ICE, upholds the pressure difference 
between the two lines of the CPR. When the pressure in the high-pressure line drops 
below the lowest acceptable level of the accumulator, the ICE is switched on and oil is 
pumped from the low-pressure line to the high-pressure line. When the pressure reaches 
the highest acceptable level, the ICE is switched off. 

At a 200 to 400 bar pressure range - which is a good choice for a bladder accumulator - 
the size of the fixed displacement FC pump can be chosen such, that this pressure range 
translates to an ICE torque range that runs from 50% to 100% of the ICEs maximum 
torque. For internal combustion engines, this torque range covers an operation area with 
very good efficiencies. This way of forcing the ICE to always run in high efficiency 
points is the crux of the high fuel saving potential of the hydrid concept. 

At the secondary side of the driveline, a hydraulic drive unit is connected to each wheel. 
The two drive units of the front axle are connected to one IHT, the two units of the rear 
axle to another. The IHTs transform the pressure levels in the CPR to the levels that the 
fixed displacement wheel motors need in order to realise the required total vehicle drive 
torque. Details on the IHT and the CPR and their design progression can be found in a 
large number of Innas publications (for instance [8], [9], [10] and [11]). In the context 
of this paper, it is sufficient to note that the IHT is continuously variable and that it can 
transform the pressure in the CPR with very high efficiency, to lower but also to higher 
output pressure levels. 
As has been stated in the introduction, the hydrid driveline is capable of realising the 
same performance as its conventional counterpart. Therefore, the secondary side of the 
driveline is sized to meet also the extreme torque requirements. During normal every 
day driving however, also the secondary part of the driveline will operate in far more 
moderate conditions. This secondary side gap between the maximum torque available 
and the average torque needed, implies the risk that the secondary side will mostly 
operate at lower part load efficiencies. In the hydrid concept, there are three factors that 
prevent this from happening: 

• The use of two separate driving regimes. During normal every day driving, only 
the wheel motors and IHT of the front axle are engaged and the rear axle system 
is not. In this way, the torque required from the front axle system is doubled and 
deep part loads are avoided. This is the first driving regime. In the second 
driving regime, used only if an extreme torque has to be realised, the rear axle 
system is also engaged.  

• Because of the pressure amplification capability of the IHT, the wheel motors 
can always be supplied with their maximum pressure (typically 500 bar), even if 
the CPR pressure is at its lower limit. Without this capability, the wheel motors 
would have to be big enough to realise the maximum torque at the lowest CPR 
pressure (typically 200 bar). In that case the wheel motors would have to be 
chosen a factor 2.5 larger and would – on average – operate deeper in part load 
by the same factor. 

• All hydrostatic units are of the Floating Cup (FC) type, which has superior low 
speed efficiency. Typically, FC wheel motors have an efficiency of 98% at 350 
bar and 0.1 rpm, compared to 75% for the best conventional axial piston units. 
This implies that FC units can be chosen at least 25% smaller than there 
conventional counterparts (Background information on the FC principle and its 
efficiencies, can be found in for instance [12], [13], and [14]). 
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2.3. The hydrid version of the reference vehicle 

The layout chosen for the hydrid version of the reference vehicle is not the same as the 
original four-wheel drive (4WD) hydrid layout, presented in section 2.2. For this 
commuter car, a driveline is chosen in which only the front wheels are driven (FWD). 
Figure 2 shows the system topology. 
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Figure 2. The hydrid driveline for the reference vehicle  

In this topology two drive units are connected to the front axle differential: one is 
permanently connected, the other is piggybacked to the first one and can be engaged or 
disengaged by means of a double-acting clutch. When the second unit is not engaged, 
the clutch immobilizes the unit by connecting it to the foundation. In this way the 
required two drive regimes are realized. 
Starting point for the sizing of these two units is the maximum torque requirement for 
this vehicle. This is predominantly determined by the empty gradeability of the vehicle. 
For the main vehicle specifications as presented in table 1 and putting the extra weight 
for the added components of the hydrid driveline to 150 kg, a maximum torque of 
approximately 1700 Nm is required in order to realise 45% empty gradeability. With a 
maximum secondary side pressure of 500 bar and the differential ratio of 3.1, the total 
displacement required for the two drive units together can be calculated to 
approximately 70 cm3.  
The division of this total swept volume over the two drive units is best illustrated by 
figure 3. The figure shows the maximum power curve for the ICE, translated to a 
maximum wheel torque as function of vehicle speed. Obviously, the hydrid system 
should be able to realise all operating points to the left of this curve.  The figure also 
shows two curves that represent the operational boundaries of the two drive regimes. 
These two curves can be constructed in the following way: 
For any IHT, a pressure transformation curve can be calculated. This curves gives the 
relationship between the IHTs control angle and its pressure transformation ratio. The 
form of the curve is a determined only by the IHT’s port plate geometry. With this port 
plate geometry, the IHTs swept volume and its maximum speed a second relationship 
can be determined. This relationship links the IHTs maximum output flow to its control 
angle. By combining the two relationships for a given pressure difference between the 
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two lines of the CPR, a relationship between the differential pressure at the IHTs output 
and its maximum output flow can be derived. With the total swept volume that is 
coupled to the differential gear in each driving regime, this maximum curve can be 
mapped to two curves for the maximum drive torque as a function of the maximum 
vehicle speed.  

Figure 3 shows the curves that result if the required 70 cm3 maximum swept volume is 
divided over two equally sized drive units, which are driven from a CPR pressure 
difference of 300 bar, by a 52 cm3 IHT with a maximum rotational speed of 4000 rpm. 
With these components, the two regimes cover the maximum power curve of the ICE.  

0 50 100 150 200
0

500

1000

1500

2000

Vehicle speed [km/h]

To
rq

ue
 [N

m
]

! p
CPR

  = 300 [bar], V
IHT

 =  52 cm3, n
IHTmax

 = 4000 [rpm], i
diff

 = 3.10

 

 

  0% slope

 10% slope

 20% slope

 30% slope

 40% slope

 50% slope
one unit engaged (35.0 cm3)
both units engaged (70.0 cm3)
P

max, ICE
 * "

pump
 * "

ICE

 
Figure 3. Maximum wheel torque as a function of the vehicle speed. 

 
Figure 3 also shows the maximum wheel torque that the permanently engaged, 35 cm3 
unit can provide. This 800 Nm is more than enough for daily driving, even with a 
loaded vehicle on the more demanding FTP75 cycle. In other words, with this division 
of swept volumes, switching to the high torque regime will hardly ever be necessary and 
the driver will experience a very smooth ride.  

The fuel consumption and CO2-emissions of the resulting hydrid vehicle, when driving 
the NEDC cycle (the European standard for this purpose), were determined in a so-
called ‘backward looking’ vehicle simulation in Matlab. Table 2 contains the relevant 
vehicle and driveline data that were used, as well as the resulting fuel consumption and 
CO2-emission. The efficiency fields of the used FC units were scaled from measured FC 
component data, using the techniques described in [15]. 

This particular hydrid vehicle design realizes a reduction of just over 30% instead of the 
50% reduction of the original hydrid concept. This is mostly due to the division of the 
total swept volume over the two drive units. At the cost of a somewhat more complex 
system and more switching events, the division could have been made over two units of 
different size, which can be both engaged or disengaged. In this way, three drive 
regimes can be realized, and the smallest drive unit runs in significantly better operation 
points during NEDC circumstances. This alternative has been presented in [16]. 
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Table 2. Specifications and NEDC simulation results of the hydrid vehicle 
Specifications 

Engine Diesel, 80 kW Differential ratio 3.1 

Vehicle weight 1350 kg FC drive units 35 cm3 (both) 

rtyre, dynamic 0.31 m IHT 52 cm3 

froll 0.007 FC pump (ICE) 36 cm3 

CD 0.26 accumlators 15 liter (both) 

Afrontal  2.5 m2 CPR pressure range 200-400 bar 

CO2-emission and fuel consumption on the NEDC 

City 1.8 l/100 km Combined 3.1 l/100 km 

 Highway 3.8 l/100 km CO2-emission 83 gr/km 

 

Figure 4 shows simulation result for the engine use in this hydrid commuter car and its 
conventional counterpart. The size of the bubbles in each plot indicates the amount of 
energy spent near that operating point. The improvement is obvious. 
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Figure 4. Engine use in the conventional and in the hydrid commuter car. 
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3. THE E-HYDRID, TOPOLOGY AND SIZING 

In the e-hydrid solution, an extra electric energy source is added to the CPR of the 
hydrid. The energy source consists of a battery, an e-motor that can also act as an 
electric generator and a FC hydraulic pump that can also act as a hydraulic motor. The 
resulting driveline topology is shown in figure 5.  
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Figure 5. Topology of the e-hydrid 

In order to determine the size of the battery, the e-motor and the FC pump, the average 
energy consumption of this vehicle in urban environments was determined. This was 
done by simulating the reference hydrid commuter car on both the city part of the 
NEDC and the city part of the FTP75 cycle. Both cycles are displayed in figure 6; the 
city parts are marked in red.  
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Figure 6. The city part of the NEDC and the FTP75 cycle. 

For the simulations on these cycles, the weight of the reference hydrid commuter car 
was increased with 100 kg, the estimated weight of the added electrohydraulic system. 
The energy that the FC pump delivers to the CPR on these representative city cycles can 
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be used as an estimate for the energy that the electrohydraulic source has to be able to 
deliver. Table 3 lists the results as well as some derived parameters. 
The table shows that the average electric power required to drive this vehicle in urban 
areas, is indeed very low: 3.2 kW, assuming that the electric system will only provide 
power when the vehicle is moving and not when it is standing still. 

Table 3. Energy and average power requirements for the electrohydraulic system,  
on the city part of two representative cycles. 

 NEDC FTP75 

curb weight max. loaded curb weight max. loaded 

Total pump energy [kJ] 1021 1485 1764 2316 

Time at nonzero speed [s] 540 717 

Average power [kW] 1.9 2.8 2.5 3.2 

Total distance [km] 4.1 6.2 

 
This average power demand on city cycles is not the only criterion. The electric system 
should also be able to deliver the continuous power necessary to maintain a sufficient 
constant speed. For this vehicle, maximally loaded, maintaining a constant speed of 
around 60 km/h requires 6 kW installed electric power. With this figure, an e-motor was 
chosen for which a full efficiency map, including the inverter efficiency, was available 
in literature [17]. This brushless DC-motor is a 42 V, 32-pole Interior Permanent 
Magnet Synchroneous Machine (IPMSM) unit, with 7 kW continuous power capability, 
12 kW intermittent power capability and 40 Nm maximum continuous torque. Its best 
efficiency area roughly covers a torque range between 20 and 40 Nm and a speed range 
from 1000 – 2000 rpm. The swept volume of the FC pump should be chosen such that 
the e-motor is always operated near this sweet spot.  

The net battery capacity required for a certain electric range in urban areas can be 
determined from the simulation results. For the vehicle at curb weight, assuming an 
efficiency of 85% between battery and CPR, the required battery capacity is 
approximately 300 kJ/km. This means that for an urban electric range of 20 km, the 
required range chosen here, the useable battery capacity should be ca. 6 MJ. 
Which type of battery is best for this application, is eventually a matter of weight and 
price. An important factor in this respect is the chosen depth of discharge (DoD) for a 
certain battery type, as the DoD influences the lifetime of a battery [18], its average 
cycle efficiency and the maximum battery capacity that has to be installed. 
There is a considerable amount of battery data available in literature. Unfortunately, 
different sources often report data for different battery load collectives and sometimes 
even contradict each other fundamentally. An additional complication is that the use of 
the battery in the e-hydrid, is very different from the use in typical electric hybrid 
vehicle. The e-hydrid battery is not subjected to power peaks – these are dealt with by 
the hydraulic system – and is discharged with relatively low power. Consequently, this 
application needs an energy-dense battery more than a power-dense battery.  
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Initially, a NiMH battery has been chosen for the e-hydrid. In literature an acceptable 
DoD of 70% and a lowest average discharge efficiency of 85% were found for this kind 
of battery [19, 20, 21 and 22]. With these values and staying on the safe side, the total 
capacity required for the NiMH battery for this application was determined to 11.5 MJ. 
This battery would weigh around 65 kg. Its cells only would typically cost $2000. The 
lifetime of the battery at this DoD is around 3000 cycles, which corresponds to 60000 
urban kilometres. Over the lifecycle, the battery cells would thus cost approximately 
0.033 $ per city kilometre. 

4.  THE E-HYDRID, SIMULATION RESULTS 

In order to ensure that the e-motor and battery are used optimally, an appropriate 
strategy has to be chosen for the state-of-charge (SOC) control of the hydraulic high-
pressure accumulator. There are two obvious limits for the SOC as a function of the 
vehicle speed: 

• An upper limit, which ensures that at each vehicle speed up to a certain 
maximum, there is enough room in the accumulator to recuperate the kinetic 
energy present in the vehicle.  

• A lower limit, which ensures that from each speed, the vehicle can accelerate 
with an adequate maximum acceleration to a certain maximum speed, without 
requiring excessive power from the electric system.  

The two limit curves that have been adopted in this study are given in figure 7. They 
have been calculated with the following parameters: vehicle at curb weight, an 
acceleration capability of 1.5 m/s2 up to 55 km/h, maximum electric power during an 
acceleration equal to the maximum continuous power of the chosen e-motor (7 kW).  
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Figure 7. Boundaries and speed reference for the SOC-controller,  

SOC realization on a simulated NEDC cycle.  
For the calculation of these limit curves, aerodynamic vehicle drag and rolling 
resistance were not taken into account, as they play only a minor role.  
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The SOC controller in the e-hydrid acts on the e-motor and has to ensure that the 
accumulator pressure level stays within the two defined limits.  
In order to evaluate the performance of the e-hydrid during urban driving, the backward 
looking simulation model in Matlab was extended with a model of the e-system. The e-
motor and FC-pump were modeled using their efficiency maps. The efficiency of the 
battery was modeled according to [23]. For the SOC control a simple PID-controller 
was used, which was given the average of the two limit curves as its speed dependent 
reference curve (See figure 7). 
Using the simulation model, a swept volume of 4 cm3 was determined to be a good 
choice for the FC pump. Bubbleplots of the use of the e-motor and this FC pump are 
given in figure 8. Again, the size of the bubbles indicates the amount of energy spent at 
that operating point. The plots show that – for this FC pump size and with this controller 
strategy – both the e-motor and the FC pump operate at very good average efficiencies. 

The plot also shows that the power required from the e-system indeed represents a very 
friendly battery-load. The battery model predicts an average battery efficiency of 95.6% 
for this load collective. 
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Figure 8. Use of the e-motor and the FC pump 

Over the 4.1 km NEDC city drive, the energy taken from the battery was 1.3 MJ. For 
the installed total battery capacity of 11.5 MJ and 70% DoD, this implies an all-electric 
range of 25 km when driving the city part of the NEDC cycle. 
The SOC over the simulated cycle, as a function of the vehicle speed, is also given in 
figure 7. It shows that the SOC controller performs adequately. 
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5. CONCLUSION AND OUTLOOK 

The e-hydrid commuter car, presented in this paper, offers a 25 km all-electric range on 
urban drive cycles, with only a very small electric add-on system. Due to the hydraulic 
backbone system the e-hydrid meets all of the performance characteristics of the 
reference car it is based on (which in this case is a quite potent car), at least on flat 
roads. On inclined roads and driving on the e-system alone, the maximum speed on the 
slope is limited by the installed maximum e-power (12 kW in this case). In other words, 
in e-mode, the e-hydrid can negotiate any slope up to the maximum (45% in this case); 
the only drawback is that its maximum speed is grade-dependant. In a similar way, the 
height difference that can be negotiated in e-mode is limited by the battery capacity. For 
this design it is approximately 300 meter.  

When electric driving is not compulsory or when the battery is empty after a daily drive 
into an urban, e-only area, the system can function on the ICE with exactly the same 
advantages as the original hydrid concept: all performance characteristics are on par 
with the conventional reference vehicle and the fuel consumption and CO2 emissions on 
representative cycles are reduced with more than 30% (83 grams of CO2 on the NEDC). 
The system offers an option for the recharging of the battery:  

• It can be charged from the ICE over the CPR, when driving to or from an e-only 
area. The charging events can be used to bring the ICE in operating points of 
better efficiency, thus increasing the average engine efficiency even further. 

• It can be charged from the electricity grid, if a suitable charging point is 
available.  

The decision can be made for economic or logistic reasons. Plug-in charging is cheaper 
and slightly better in terms of CO2 emissions (assuming the West-European electricity 
production mix) but where charging infrastructure is sparse, the vehicle can operate 
autonomously with all consumption and emission advantages of the standard hydrid.  
The e-hydrid driveline concept is very flexible. The division of the installed primary 
power between the internal combustion engine and the electric system can be changed 
according to the design goals. For this study, the goal was to minimise the size of the 
electric side of the system, in order to minimise the vehicle costs. If however, political 
choices or technological advances act in favour of electric components, it is very easy to 
install more electrical and less ICE power, even up to the point that the vehicle becomes 
an all-electric vehicle or an electric vehicle with an ICE as a range-extender. The CPR 
enables easy integration of any power source and provides the peak shaving capacity 
that is beneficial for all electric solutions.  

Increasing the battery capacity and/or the e-motor power is a possible solution if the 
speed dependant gradeability and/or the maximum height difference, are considered too 
limiting for cities with a pronouncedly hilly character. But even for those cities, a larger 
reduction of local emission can be reached with a large fleet of cheaper e-hydrids, 
which are allowed to occasionally use their ICE within the city, instead of a small fleet 
of more expensive conventional plug-in electric hybrid vehicles. 
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ABSTRACT

To increase energy efficiency and lower emissions in construction machines, the use of
hydromechanical power split drive trains shows high potential. The possibility of using
multiple gear speeds without losing traction force makes the power split architecture es-
pecially suitable for heavier wheel loaders. This paper analyses two known concepts of
multi-mode power split transmissions suitable for the wheel loader application and com-
pares the solutions based on energy efficiency. The concepts are scalable in the sense that
additional modes can be used without necessarily adding complexity to the transmission.
Simulations are made with respect to steady-state transmission losses and the relation
between number of modes and transmission efficiency is shown for each of the proposed
concepts. The operational characteristics of the hydraulic displacement machines stron-
gly affects the transmission efficiency and the design choice of number of transmission
modes.

KEYWORDS: Power split, energy efficiency, transmission, wheel loader

NOMENCLATURE

Quantity Description Unit

a Loss Model Parameter -
b Loss Model Parameter -
Cm Speed Constant m rev2/3/s
D Displacement cm3/rev
Fmax Maximum Traction Force N
fvmech Mode Shift Speed Ratio -
i Gear Ratio -
is Mode Gear Ratio -
m Number of Modes -
n Rotational Speed rpm
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nICE Engine Speed rpm
ncarr Carrier Speed rpm
nring Ring Speed rpm
nsun Sun Speed rpm
n0 Nominal Speed rpm
pboost Boost Pressure bar
pH High Pressure bar
pL Low Pressure bar
PICE Engine Maximum Power kW
Pmax Maximum Load Power kW
Pwheel Wheel Power kW
Qm Motor Flow Loss l/min
Qp Pump Flow Loss l/min
R Planetary Gear Ratio -
Tm Motor Torque Loss Nm
Tp Pump Torque Loss Nm
vmech Speed at Full Mechanical Point km/h
vshi f t Speed at Mode Shift km/h
βe Bulk Modulus bar
δ Loss Model Parameter -
∆p Pressure Difference bar
ηhm Hydromechanical Efficiency -
ηvol Volumetric Efficiency -
ηtrans Transmission Efficiency -
ε Swivel Angle -
γ Loss Model Parameter -
µ Dynamic Viscosity Ns/m2

1 INTRODUCTION

Interest in hydromechanical power-split (PS) drives for construction machines has grown
in recent years. Numerous academic publications have shown their potential for reducing
energy losses and increasing control flexibility, e.g. [1], [2], [3] and [4]. Industry have
been active, displaying a rapidly increasing number of patents concerning transmission
architecture, components and control strategies. PS transmissions have been used in agri-
cultural tractor transmissions for some time [5] and today are more or less state-of-the-art
technology [6]. Recently, some PS concepts have also been commercially introduced
for construction machinery and wheel loaders in particular, e.g. [7] and [8]. A pure
hydrostatic transmission (HST) is not rarely seen in compact wheel loader drive trains
where relatively small hydraulic machines are enough to cover the torque and speed de-
mands. Such transmissions are dimensioned for the corner power of the traction force
requirements and are thus unnecessarily large. However, hydraulic machines used in pure
hydrostatic drives lack the operating range, in terms of maximum speed and pressure, to
meet the demands of heavier wheel loaders. A conventional solution is to use a torque
converter in series with a powershift gearbox to ensure sustained traction force between
gear shifts. The price of the powershift gearbox and the high power losses of the torque
converter will, however, make this option unattractive in modern drive trains. A more
advanced system design is thus desirable with a wide range continuously variable speed
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ratio and reasonably sized hydraulic units [9]. One important feature of the PS archi-
tecture is the possibility of using coupling elements to engage new gears without losing
traction force. The HST can consequently work within its operating range and a wider
speed ratio can be achieved with multiple modes. Three basic PS configurations can be
distinguished: input coupled (IC), output coupled (OC) and variable bridge (VB) [10].
Different combinations of these configurations can then be assembled into one multiple
mode concept. One common principle of designing the PS architecture is to assemble
the planetary gears resulting in several output shafts from the PS part and alternating the
coupling to the transmission output between them. This principle requires the total speed
ratio to be increased with increased variator speed ratio in one mode and with decreased
variator speed ratio in the next [10]. This configuration offers a very scalable PS transmis-
sion where additional modes can be used without drastically adding further complexity to
the system. A greater number of modes enables less power flow through the HST, smaller
hydraulic machines and higher overall efficiency.

The aim of this study is to give an overview of the benifits of using multiple modes in
PS transmission architectures. Two concept architectures are considered: multiple input
coupled modes (MIC) with a pure hydrostatic start mode and multiple variable bridge
modes (MVB) with an OC start mode. Each represents two opposite levels of complexity
of a wide range of multi-mode PS architectures that fulfils the transmission requirements.
Both concepts are scalable in the sense described above and could be suitable for a variety
of applications. The concepts are simulated with varying number of modes and evalua-
ted with the focus on energy efficiency. The reference vehicle is a wheel loader with an
operational weight of 31 tonnes, a maximum speed of 50 km/h and the principle load
characteristics according to figure 1. The engine speed is considered to be constant at
1500 rpm which would be a favorable speed when it comes to fuel consumption for the
diesel engine. The transmission alone must consequently meet the necessary speed ra-
tio to achieve maximum vehicle speed. This is a reasonable requirement since it would
allow independent power management of the combustion engine. The presented refe-
rence vehicle is today typically equipped with torque converter and powershift gearbox
and is a suitable example of a machine size where a more advanced transmission design
is necessary to fulfil the requirements.

Figure 1. Reference vehicle load characteristics
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2 MULTIPLE INPUT COUPLED MODES

The concept of alternating between input coupled modes is commonly seen in tractor
transmissions, see [5]. The considered layout follows the principle patented by Jarchow
[11] and includes a pure hydrostatic first mode and subsequent input coupled modes. Fi-
gure 2 shows the basic layout consisting of two planetary gears and an arbitrary number
of modes. The unnamed gear ratios in the figure are considered to havei = 1.0 since no

Figure 2. MIC transmission layout

extra design freedom is obtained by changing them. The hydrostatic first mode reduces
the high control effort of the IC configuration during stall and allows switching between
forward and reverse drive smoothly by controlling unit I over centre. This is particularly
suitable for the wheel loader application due to the frequent reversing in load cycles. The
second unit is a fixed displacement machine which makes the total speed ratio proportio-
nal to the HST speed ratio in every mode. The IC modes are described kinematically in
figure 3. Each mode contains one power additive and one power recirculative operation

Ring

Carr

Sun

Ring

Carr

Sun

Recirculative Full mechanical Additive

Out Out Out

Out Out Out

Additive Full mechanical Recirculative

Figure 3. Kinematics of the planetary gears in the MIC concept

range. At the full mechanical points, the transmission efficiency reaches its peak since no
power is fed through the HST. The possibility of positioning the full mechanical points
in the vehicle’s speed range is an important concept design problem. On the one hand, it
is desirable to have high transmission efficiency throughout the entire speed range, which
is fulfilled by an equal distance between each full mechanical point. On the other hand,
many low speed mode shifts, where the highest load demands are, would require smaller
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hydraulic units. Yet another option is to optimise the energyefficiency specifically to
the working points for certain operating cycles such as the wheel loader’s short loading
cycle. However, this is problematic since it is also desirable to avoid too many mode shifts
within the speed range of the loading cycle. In this study, each full mechanical point is
placed with a constant relation to the one above. Equation (1) shows how the fraction
is assumed to vary with the number of modes to obtain a reasonable distribution while
avoiding many low speed mode shifts.

fvmech=
vmech,i+1

vmech,i
=

vshi f t,i+1

vshi f t,i
= 5+4(m−1−1) (1)

This relation allows an independent comparison of transmission concepts with different
numbers of modes. Table 2 shows the vehicle speeds at which the mode shifts occur: The

Table 2. Vehicle speed during modeshifts

m Mode Shifts[km/h]

2 16.7
3 9.18 21.4
4 6.25 12.5 25.0
5 4.76 8.57 15.4 27.8
6 3.89 6.48 10.8 18.0 30.0
7 3.32 5.22 8.20 12.9 20.2 31.8
8 2.93 4.39 6.58 9.88 14.8 22.2 33.3

standing planetary gear ratiosR1 andR2 are given by equations (2) and (3):

R1 =
nsun1−ncarr1

nring1−ncarr1
=

2
1− fvmech

(2)

R2 =
nsun2−ncarr2

nring2−ncarr2
=

1+ fvmech

1− fvmech
(3)

The gear ratios corresponding to each mode, are dimensioned according to equation (4)
to assure gap free mode switching:

is,i =















nshi f t,i+1
nICE

1
i0

for i = odd

nshi f t,i+1
nICE

1

i0
(

1− 2
R1

) for i = even
(4)

The gear ratios of the hydraulic unitsi1 and i2 are dimensioned according to equations
(5) and (6) resulting in the hydraulic units running at maximum speed during each mode
shift:

i1 =
nI ,max

nICE
(5)

i2 =
nII ,max

nICE
(6)

Taking into consideration the properties of different hydraulic machine sizes, the follo-
wing conclusions can be drawn according to [12]: The maximum pressure can be consi-
dered constant independent of the machine size and the maximum speed varies according
to equation (7):

nm,max=CmD−1/3 (7)
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The parameterCm is constant for a geometrically uniform machine series and can be
physically interpreted as the maximum relative speed between the movable parts in a
machine. After studying modern transmission machines the following speed constants
have been achieved:

• Variable in-line machine:Cm = 2.7mrev2/3/s

• Fixed bent-axis machine:Cm = 3.0mrev2/3/s

• Variable bent-axis machine:Cm = 4.5mrev2/3/s

The variable bent-axis motor tolerates higher speeds at lower displacement while the in-
line machine normally reaches lower maximum speeds. The maximum pressure is assu-
med to be∆p = 400bar for all displacement sizes and machine designs. For the MIC
concept unit I is assumed to be an over-centre in-line machine and unit II a fixed displa-
cement bent-axis machine. The gear ratio corresponding to the hydrostatic mode is given
by equation (8) to match the first IC mode:

is,0 = is,1i2
R2+1
R2−1

nICE

nI I ,max
(8)

The size of unit II is dimensioned to the maximum startup traction force:

DII =
20πFmaxrtire

∆pmax

i0is,0
i2

(9)

Unit I is sized to cover the flow demand of unit II:

DI =
nII ,max

nI ,max
DII =

(

Cm,II

Cm,I

)3/2

DI I (10)

3 MULTIPLE VARIABLE BRIDGE MODES

A more complex transmission architecture is the MVB concept, which uses two infinitely
variable hydraulic units and three planetary gears. The starting mode is an OC mode to
achieve good controllability under stall conditions. Two additional clutches are needed to
complete the switch from the first to the second mode. Figure 4 shows the basic layout
with an arbitrary number of variable bridge modes. As opposed to the MIC concept,
switching modes occur at the full mechanical points as shown in figure 5. Each mode is
power additive which results in good efficiency throughout the speed range. The mode
shifts and consequently the full mechanical points are distributed according to equation
(1). The hydraulic units are both considered to be of bent-axis design since over-centre
capability is not necessary. The standing planetary gear ratiosR1 andR2 are given by:

R1 =−2.5 (11)

R2 =
1

1+ fvmech
1

R1
−1

(12)
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Figure 4. MVB transmission layout
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Figure 5. Kinematics of the planetary gears

The gear ratios corresponding to each mode are dimensioned according to equation (13)
to ensure gap free mode switching:

is,i =



















nshi f t,i+1
nI I ,max

1− 1
R2

i0
for i = odd

nshi f t,i+1
nICE

1

i0
(

1− 1
R1

) for i = even
(13)

The gear ratios to the hydraulic unitsi1 and i2 are dimensioned according to equations
(14) and (15), resulting in the hydraulic units running at maximum speed during each
mode shift:

i1 =
nI ,max

nICE

1

1−R1+
R1

1− 1
R2

(14)

i2 =
nII ,max

nICE

1

1− 1
R1

+ R2
R1

(15)

The third planetary gear ratioR3 is given by:

R3 =−
fvmech

i2
(16)

41



Unit I is sized to cover the flow demand of unit II:

DI =
nI I ,max

nI ,max
DII =

(

Cm,II

Cm,I

)3/2

DI I = DII (17)

Unit II is sized for the maximum startup torque:

DII =
20πFmaxrtire

∆pmax

i0 is,1

(1−R3)
(

i2−
i1

R1(1−R2)

) (18)

4 SIMULATION

Modelling and simulations of transmission concepts are performed using LMS Imagine.Lab
AMESim [13]. AMESim supplies acausual system simulation with a wide range of com-
ponent libraries making it easy to build up system models similar to their schematics. The
predefined hydraulic and powertrain component models are used to some extent in order
to complete the functionality of the system. To evaluate the energy efficiency of a trans-
mission concept, more precise models of the key components are needed however. The
predominant power losses of the transmission are caused by the hydraulic machines in the
HST and must be modelled in detail. A mathematical model developed by Rydberg [14]
where the power losses vary with pressure, speed and displacement is used in this study.
The model describes the torque and flow losses with a polynomial expression according
to equations (19), (20), (21) and (22).

Qp = εDn−a0εDn− (a1+a2ε)Dn
∆p
βe

−a3
D∆p
2πµ

−a4D∆p2 (19)

Tp = ε D∆p
2π +(b0+b1ε)D∆p

2π +(b2+b3ε) D
2π pL+

b4
|pH+δ pL|

1+
(

n
n0

)γ
D
2π +b5µDn+b6ε3 D

2π n2
(20)

Qm = εDn+a0εDn+a1Dn
∆p
βe

+a2
D∆p
2πµ

+a3D∆p2 (21)

Tm = ε D∆p
2π − (b0+b1ε)D∆p

2π − (b2+b3ε) D
2π pL−

b4
|pH+δ pL|

1+
(

n
n0

)γ
D
2π −b5µDn−b6ε3 D

2π n2
(22)

The coefficientsa, b, δ andγ are machine specific parameters. This model has been pro-
ved valid for axial piston machines with both in-line and bent-axis design over a wide
operating range. The model parameters are adapted, using linear regression, to 3D effi-
ciency maps supplied by the manufacturer throughout a limited range of operating points.
The mathematical model becomes useful when predicting the power losses outside of this
operating range. Hardware measurements have been made on a hydrostatic transmission
with a 110cm3/rev over centre in-line machine and a 150cm3/rev bent-axis machine to
validate the calculated efficiciency models. The resulting volumetric and hydromechani-
cal efficiencies forε = 0.6 can be seen in figures 6 and 7.
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Figure 6. Efficiency models for in-line machine
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Figure 7. Efficiency models for bent-axis machine

The charge pump of the HST is mounted to the input shaft of the transmission for both
considered concept architectures. This configuration produces a constant but not ne-
gligible power loss of the transmission. The displacement is considered to beDcp =
0.2max(DI ,DII ) and the boost pressure is set topboost= 2.0MPa. The mechanical part
of the transmission stands for a smaller part of the total power losses and a simpler ef-
ficiency model is used for this purpose. Each spur gear and planetary gear is modelled
with a simple friction model that produces a speed dependent torque loss corresponding
to figure 8. More detailed modelling of the gear stages and the planetary gears in PS
transmissions are described in [15]. Additional steady-state losses in the mechanical part
originated from bearings, clutches and sealings are considered sufficiently small to be
ignored in this level of detail.
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5 RESULTS

Figure 9 shows the machine displacements as a function of number of modes for each of
the proposed concepts. It is clear that the MIC concept generally requires larger machines.
It can, however, be observed that the dimensioned displacement of the hydraulic units
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Figure 9. Displacements of the hydraulic machines with respect to number of modes

heavily depends on the speed constantCm which is considerably higher for the variable
bent-axis machines used in the MVB concept than for the in-line machine used in the MIC
concept. Figure 10 shows the machine displacements vs. speed constant of both concepts
for the 4 mode transmissions. The achieved curves are rather alike since the OC start mode
in the MVB concept initially has all power flowing through the HST similar to the MIC
starting mode. The HST dimensions are obviously also highly dependent on the tolerated
maximum pressure of the machines. To evaluate the energy efficiency of the concepts,
the transmissions are simulated for a case where they are performing an acceleration of
the vehicle from standstill to maximum speed. Only positive speeds are simulated since
both concepts behave similarly independently of the vehicle speed direction. The total
efficiency is understood to be:

ηtrans=
PICE

Pwheel
(23)

Figure 11 exemplifies the results of the MIC concept for 2, 4 and 6 modes. The efficiencies
peak at the full mechanical points, described in table 2 above.
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Figure 10. Displacements of the hydraulic machines for m= 4
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Figure 11. MIC transmission efficiency for m= 2, m= 4 and m= 6

The reason for the varying values for the top efficiencies is the high boost pump power
needed for the transmissions with a low number of modes. A greater number of modes
results in less power flow through the HST and increased efficiency. At the mode shifts,
the transmission reaches its highest HST power ratio and thus the lowest efficiency. Figure
12 shows the corresponding results for the MVB concept. The efficiency is generally
higher throughout the speed range due to less power flow through the HST. The peaks are
distributed at the mode shifts, which coincide with the full mechanical points.
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Figure 12. MVB transmission efficiency for m= 2, m= 4 and m= 6
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It is also observed how close the 4-mode transmission comes tothe 6-mode transmission
efficiency. For a better understanding of how the efficiency changes with the number of
modes, the total power losses are compared. Figure 13 shows a normalised graph of the
transmission energy losses vs number of modes.
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Figure 13. Energy losses vs number of modes for a maximum load acceleration

It is seen that the total energy losses are only marginally decreased atm> 4 for the MVB
concept. At this point the total efficiency is only vagely improved with additional modes.
Figures 14 and 15 show efficiency maps for partial loads for both concepts withm= 4.
The dashed line encloses the operating range of a measured short loading cycle for the
wheel loader. The loading cycle is performed with the reference vehicle equipped with a
torque converter and a powershift gearbox.
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Figure 14. Efficiency map for the MIC concept with m= 4

The transmission efficiency is hence far from its optimal points during the loading cycle,
although the transmission efficiency is high during maximum load conditions. Due to low
pressures at the hydraulic machines, both concepts suffers from a poor HST efficiency
during situations with lower loads.
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Figure 15. Efficiency map for the MVB concept with m= 4

6 CONCLUSIONS

Two scalable power split transmission architectures suitable for heavy wheel loaders have
been evaluated and compared with respect to energy efficiency and transmission dimen-
sions. The multiple input coupled concept is comparatively simple and still offers the
desired power split advantages. The assembly requires fairly few mechanical gears and
would result in a low installation volume and weight of the wheel loader gearbox. The
multiple variable bridge concept is a more complex system resulting in higher energy effi-
ciency and also smaller hydraulic machines being required. The necessary dimensions of
the hydrostatic transmission are highly dependent on the machine operating range, which
varies widely for different machine design types. The effects on transmission efficiency
of increasing the number of modes are shown for each of the concept architectures. The
resulting energy efficiency is, however, strongly coupled to the power losses in the hy-
drostatic transmission. During partial loads and at the limits of their working range, the
hydraulic machines are forced to work at bad operating points, which affects total effi-
ciency. To further increase the efficiency, it is necessary to dimension the mechanical part
of the transmission with consideration to the efficiency maps of the hydraulic machines.
Although there are demands for high transmission efficiency throughout the speed range,
it is also of interest to optimise the operation points of standardised working cycles, such
as the short and long loading cycle, for the highest energy savings. Further savings for
the complete drive train is achievable with power management of the combustion engine
by adjustment to the most favourable engine speed for a certain load situation.
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ABSTRACT

This paper presents an innovative nonlinear trajectory control scheme for drive chains
based on a hydrostatic transmission, which are commonly used in working machines. A
control-oriented modelling results in a system of four nonlinear differential equations for
the hydrostatic transmission as well as the corresponding actuators. It is shown that the
differential pressure of the hydrostatic transmission and the angular velocity of the hy-
draulic motor as controlled variables represent flat control outputs. Hence, a nonlinear
flatness-based control is designed involving a combination of feedforward and feedback
control actions. Additionally, uncertainties in the equation of motion in the form of un-
known load torques are counteracted by an observer-based disturbance compensation.
Simulation results show an excellent control performance. As a basis for an experimen-
tal evaluation of the controlled hydrostatic transmission, a hardware-in-the-loop approach
is followed using an additional hydraulic subsystem with an underlying torque control
loop for the generation of the desired load torque. For this purpose, a vehicle model is
evaluated in real-time to provide the load torque according to a specified reference mo-
tion. First experiments using an implementation of the load torque control point out the
achieved small tracking errors as well as the functionality.

KEYWORDS: hydrostatic transmission, differential flatness, nonlinear observer

1 INTRODUCTION

Hydrostatic transmissions as characteristic component of drive chains are widely used in
practically all types of working machines like harvesters, wheel loaders, excavators, tele-
handlers and agricultural tractors. They are typically operated in combination with diesel
engines for mobile applications and offer a variety of advantages in comparison to pure
mechanical transmissions. Besides the capability of a continuously variable transmission
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with high power density and the generation of large traction forces at low speeds, hydro-
static transmissions allow for reversing the direction of rotation without changing gear.
Moreover, it is possible to perform breaking maneuvers without mechanical wear.

Current industrial practice for controlling such hydrostatic transmissions is the use of
gain-scheduled PID-controllers, cf. [1]. In order to improve energy efficiency and to con-
sider environmental aspects in mobile applications, e.g. improved power management
for hydraulic-mechanical power train concepts, cf. [2], a model-based nonlinear control
approach is proposed in this paper. This approach leads to higher tracking accuracy and
active damping of pressure oscillations. Another advantage is given by a simplified imple-
mentation due to a systematic control design in symbolic form that can be easily adapted
to different drive chains. The objective of the on-going research at the University of Ro-
stock is the use of sophisticated methods in closed-loop trajectory control schemes for
hydrostatic transmissions used in mobile applications.

The overall system under consideration which serves as basis for the investigation of non-
linear control approaches is depicted in Fig. 1. It consists of the combustion engine as
main energy source, the hydraulic transmission, and subsequent gear boxes, which are
connected to the actuated wheels of the vehicle. The hydraulic subsystem comprises a
variable-displacement pump and a variable-displacement motor with corresponding pro-
portional valves and auxiliary hydraulic equipment. The pump and the motor are con-
nected by hydraulic hoses. The driver specifies the vehicle velocity by a drive pedal and
the drive direction by a corresponding hand lever. This information is processed by the
electronic control unit, which generates desired values for the feedback control loops.
For feedback control purposes, measurements of both the pump and the motor angles
are provided by encoders, the hydraulic pressures in the connecting hoses are measured
by piezo-resistive pressure transducers. Furthermore, the actual displacement of the hy-
draulic motor and the hydraulic pump are measured by potentiometers, respectively. The
hydrostatic transmission is operated in a closed configuration, see [3], [4]. The pressure
in a connecting hose is limited by a separate limit valve to a maximum pressure of 400 bar.
Leakage losses within the closed configuration are replenished by an auxiliary pump di-
rectly connected to the main pump. In this paper, the control-oriented modelling of theChair of Mechatronics

Hydrostatic Transmissions
in Mobile Applications

Figure 1. Scheme of the investigated drive system.
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mechatronic drive system is addressed first. For the resulting nonlinear model the flatness
property is shown with the difference pressure, which states the difference between the
high-pressure and the low-pressure hose, and the angular velocity of the hydraulic motor,
which is proportional to the vehicle speed, as flat outputs. Taking advantage of differen-
tial flatness, flatness based techniques are employed to design a multivariable trajectory
control, cf. [5]. In order to account for model uncertainties in the equation of motion, a
disturbance force is introduced and estimated by a reduced-order disturbance observer.
The estimated disturbance force can then be used for compensation measures in the con-
trol scheme. By this, desired trajectories for both difference pressure and motor angular
velocity can be tracked independently with high accuracy. At control allocation the dis-
placement limitations due to physically bounded tilt angle at both pump and motor have
to be considered. Simulation results show excellent tracking performance as well as small
steady-state control errors.

2 CONTROL-ORIENTED MODELLING

As for modelling, the considered mechatronic system is divided into a hydraulic sub-
system and a mechanical subsystem, which are coupled by the torque generated by the
hydraulic motor, cf. [6]. Here, the actuator dynamics of the displacements units is taken
into account by a first order lag element, i.e. a PT1-system. Consequently, the dynamics
of displacement unit of the pump, which is realised as a tiltable swashplate, is governed
by

TuP ˙̃αP + α̃P = kP uP, (1)

whereas the dynamics of the motor according to a bend axis design is described by

TuM ˙̃αM + α̃M = kM uM. (2)

Here, a normalised swashplate angle α̃P = αP/αmaxP and a normalised bend axis angle
α̃M = αM/αmaxM have been introduced. The volume flow rate of the pump can be stated
as a nonlinear function of the swashplate angle

qP = nPP APP DPP︸ ︷︷ ︸
VP

tan αPωP, (3)

with nPP as the number of pump pistons and their sectional area APP and the diameter
of the piston circle DPP. Nevertheless, the reasonable assumption of a small swashplate
angle |αP| ≤ 18◦ , c.f. [7], allows for the approximation

qP = ṼPα̃PωP, (4)

with α̃P ∈ {−1,1} and ṼP = VP/2π . Accordingly, the volume flow rate into the hydraulic
motor can be formulated as a nonlinear function of the bend axis angle

qM = nPM APM DP︸ ︷︷ ︸
VM

sin αMωM, (5)

with nPM as the number of motor pistons, their sectional area APM and the diameter of the
piston circle DPM. As before, the assumption of small angles |αM| ≤ 20◦ and ṼM =VM/2π

leads to a simplified relationship

qM = ṼMα̃MωM, (6)
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Figure 2. Hydraulic pump and hydraulic motor with their displacement units

with α̃M ∈ {0,1}. The pressure dynamics of the hydrostatic transmission in closed-circuit
configuration can be modelled by two capacitances ([4], [7]), which account for both the
fluid compressibility and the elasticity of the connecting hoses

qCA = CA ṗA,

qCB = CB ṗB.
(7)

The internal leakage oil flow is modelled as a laminar flow resistance ([4]), which depends
linearly on the difference pressure

qleak = kleak(pA− pB) (8)

characterized by the leakage coefficient kleak. The external leakage could be introduced as
well but shall be neglected in the control-oriented design model. A volume flow balance
leads directly to the resultant volume flows in the two capacitances

qP−qM−qleak = qCA , (9)

−qP +qM +qleak = qCB . (10)

A model order reduction becomes possible, if some reasonable symmetry assumptions
are made. Considering identical capacitances CA = CB =: CH leads to an order reduction
by one and results in a differential equation for the difference pressure

∆ṗ =
2

CH

(
ṼP α̃PωP−ṼM α̃MωM− kleak∆p

)
. (11)

The longitudinal dynamics of the working machine is governed by the equation of motion.
The vehicle with the drive chain system (vehicle mass mv, wheel radius rw, gear box
transmission ratio ig, rear axle transmission ratio ia, damping coefficient dvc at the drive
shaft, see also Fig. 3) can be described by the following second order differential equation

mv r2
w

i2a i2g︸ ︷︷ ︸
JV

ω̇M +
dg

i2g︸︷︷︸
dvc

ωM = ṼM∆p ηMα̃M︸ ︷︷ ︸
τM

−
ηgτL

iaig︸ ︷︷ ︸
τU

. (12)
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Figure 3. Kinematical structure of the drive chain with the two gear boxes and the defined
torques.

The torque τU accounts for external loads, model uncertainty, and friction. As it is not
directly measureable, this torque is estimated by means of a reduced-order observer, as
described in chapter 5. The motor torque τM = ṼM∆pηMα̃M of the hydraulic motor de-
pends on its mechanical-hydraulic efficiency ηM. The overall system model involves four
first order differential equations. Introducing the normalized angles of the displacement
units α̃i, i ∈ {P,M}, the difference pressure ∆p, and the motor angular velocity ωM as
state variables, the corresponding state-space representation becomes


˙̃αP
˙̃αM
∆ṗ
ω̇M

=


− 1

TuP
α̃P + kP

TuP
uP

− 1
TuM

α̃M + kM
TuM

uM

−2kleak
CH

∆p+ 2ṼP
CH

ωPα̃P− 2ṼM
CH

ωMα̃M

−dVC
JV

ωM + ṼMηM
JV

∆pα̃M− τU
JV

 . (13)

The input voltages ui, i ∈ {P,M}, of the corresponding proportional valves for the dis-
placement units serve as physical control inputs. Feedforward compensation of the actu-
ator dynamics using its approximated inverse in the form of a proper transfer function, as
seen in Fig. 4, leads to a simplified control design with ūi ≈ α̃i, where ūi represents the
inverse input. Therefore, only the differential equations for the difference pressure and
the motor angular velocity are used for feedback control design.

Tui s + 1

(λ s + 1)ki

ki

Tui s + 1

ui
- αi

~ui

Figure 4. Approximate compensation of the actuator dynamics.

The remaining model uncertainties are taken into account by the disturbance torque τU .
On the one hand, these uncertainties stem from external load forces and drive resistances
acting on the vehicle. On the other hand, a varying vehicle mass mv contributes to param-
eter uncertainty.
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3 PROOF OF DIFFERENTIAL FLATNESS

Differential flatness is a prerequisite for flatness-based control of nonlinear systems, which
are usually given in state space representation, i.e., ẋ = f(x,u). A system is denoted as
differentially flat, c.f. [8], if appropriate flat outputs y = y

(
x,u, u̇, . . .,u(`)

)
exist that

(i) allow for expressing all system states x and all system inputs u as a function of
these flat outputs y as well as their time derivatives, i.e. x = x

(
y, ẏ, . . .,y(β )

)
and u =

u
(

y, ẏ, . . .,y(β+1)
)

,

(ii) are differentially independent, i.e. they are not connected by differential equations.

If the first condition is fulfilled, the second condition is equivalent to dim(u) = dim(y).
The difference pressure and the motor angular velocity represent flat system outputs as
shown in the following. Both variables are combined in the vector of flat outputs candi-
dates

y =
[

y f 1
y f 2

]
=
[

∆p
ωM

]
= Ψx

(
y f 1,y f 2

)
. (14)

The first time derivative of each flat output candidate depends on the control input. As the
system order is n = 2 and the corresponding relative degree of each flat output candidate is
equal to one, the differential flatness property holds for the proposed flat output candidates

ẏ =
[

ẏ f 1
ẏ f 2

]
=
[

∆ṗ
ω̇M

]
=

[
−2kleak

CH
∆p+ 2ṼPωP

CH
ūP− 2ṼMωM

CH
ūM

−dvc
Jv

ωM + ṼM∆p ηM
Jv

ūM− τU
JV

]
. (15)

By solving for the control inputs, the inverse dynamics can be stated. It represents a
parametrization of the valve input voltages using the flat outputs and their first time deriva-
tives

u =
[

ūP
ūM

]
=

[
1

2ṼPωP

(
CH∆ṗ+2kleak∆p+2ṼMωMūM

)
1

ṼM∆p ηM
(Jvω̇M +dvcωM + τU)

]

=

[
1

2ṼPωP

(
CH∆ṗ+2kleak∆p+2ṼMωM

1
ṼM∆p ηM

(Jvω̇M +dvcωM + τU)
)

1
ṼM∆p ηM

(Jvω̇M +dvcωM + τU)

]
= Ψu

(
y f 1, ẏ f 1,y f 2, ẏ f 2

)
.

(16)

The parametrization of the state variables is given by the flat outputs themselves according
to (14).

4 FLATNESS-BASED CONTROL DESIGN

The differential flatness of the system is exploited for feedback control design. In the
proposed control approach, the disturbances acting on the system, combined in τU , are
determined by a nonlinear reduced-order disturbance observer (see section 5) and fed
back into the control law as an external input, cf. [9].
Chosing the highest-order time derivatives as stabilizing inputs, in this case ∆ ṗ = υ1 and
ω̇M = υ2, the inverse dynamics (16) becomes

u = Ψu
(
y f 1,y f 2,υ1,υ2

)
. (17)
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The stabilizing, linear feedback control laws are chosen as follows

υ1 = ∆ṗd +α1ep ,

υ2 = ω̇Md +α2eω ,
(18)

with eω = ωMd −ωM and ep = ∆pd −∆p. The error dynamics are asymptotically stable
if both coefficients αi, i = {1,2}, are positive. The first control law is obtained by solving
equation (15) for the normalized motor input

ūM =
Jv

ṼM∆p ηHM

α2eω + ω̇Md︸ ︷︷ ︸
=ω̇M=υ2

+
dvcωM + τU

Jv

 . (19)

Provided that ωP > 0, the normalized input variable for the pump and, hence, the control
law can be determined by solving for the normalized input variable of the pump

ūP =
CH

2ṼPωP

α1ep +∆ṗd︸ ︷︷ ︸
=∆ ṗ=υ1

+
2(kleak∆p+ṼMωMūM)

CH

 . (20)

Note that this control law contains a compensating term for the normalized motor input ūM
to obtain a decoupling of both inputs. An alternative control approach based on Lyapunov
techniques is described in [10].

4.1 Implementation of the hydraulic motor control

The evaluation of the inverse dynamics for the hydraulic motor has to account for the
given bend axis limitation. This limitation is described by a saturation function satb

a(·)
with a as lower and b as upper saturation bound. A singularity in the inverse dynamics
(19) occurs when the difference pressure and, hence, the motor torque approaches zero.
This singularity is avoided by switching to feedforward control and using a specified
value of ūM = 0.6 if the absolute value of the difference pressure is smaller than a small
threshold εP. The modified control law becomes

ūM =

{
sat1

0

[
Jvυ2+dvcωM+τU

ṼM∆p ηHM

]
for |∆p| ≥ εP

0.6 else.
(21)

According to (19), υ2 = ω̇M = ω̇Md +α2eω denotes the stabilizing input, with ωM as the
measured motor angular velocity and ∆p as the measured difference pressure.

4.2 Implementation of the pump control

Under normal operating conditions, the evaluation of the inverse dynamics for the hy-
draulic pump depends on the actual control input ūM of the motor

ūP = sat1
−1

[
CHυ1 +2kleak∆p+2ṼMωMūM

2ṼPωP

]
. (22)

Analogously, the saturation function accounts for the limited swashplate angle. It is im-
portant to note that – in contrast to the motor saturation – the swashplate angle saturation
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is not reached in normal operation. Once again, the differential flatness property proves
valuable and allows for a model-based trajectory planning using the time-scaling tech-
nique. The stabilizing input is given by υ1 = ∆ṗ = ∆ṗd +α1ep, see (20). Both the pump
angular velocity ωP and the difference pressure ∆p are measured. Here, the use of ωP > 0
can be considered as a gain-scheduled adaptation.

5 NONLINEAR REDUCED-ORDER DISTURBANCE OBSERVER

Disturbance behaviour and tracking accuracy in view of model uncertainties can be sig-
nificantly improved by introducing a compensating control action provided by a nonlinear
reduced-order disturbance observer as described in [11]. The observer design is based on
the equation of motion (12). The key idea for the observer design is to extend the state
equation with an integrator as disturbance model

ẏm = f (ym,τU ,τM) , τ̇U = 0 , (23)

where ym = ωM denotes the measurable motor angular velocity. The estimated distur-
bance torque is obtained from

τ̂U = h · ym + z , (24)

with the chosen observer gain h. The state equation for z is given by

ż = Φ(ym, τ̂U ,τM) . (25)

The observer gain h and the nonlinear function Φ have to be chosen properly, so that the
steady-state observer error τ̃ = τU − τ̂U converges to zero. Thus, the function Φ can be
determined as follows

˙̃τ = 0 = τ̇U −h · ẏm−Φ(ym,τU −0,τM) . (26)

In view of τ̇U = 0, equation (26) yields

Φ(ym,τU −0,τM) =−h · ẏm = h
[

dvcωM

Jv
− τM

Jv
+

τU

Jv

]
(27)

The linearized error dynamics ˙̃τ has to be made asymptotically stable. Accordingly all
eigenvalues of the Jacobian, which is scalar in the given case,

∂Φ(ym, τ̂U ,τM)
∂ τ̂U

=
h
Jv

!= sB (28)

must lie in the left half complex plane. This can be achieved by proper choice of the ob-
server gain h = Jv ·sB. As depicted in the block diagram, Fig. 5, disturbance compensation
is achieved by substituting the disturbance torque in the inverse dynamics by its estimated
value, that is, τU = τ̂U . The stability of the observer-based closed-loop control system has
been investigated by thorough simulations.

6 SIMULATION RESULTS

Tracking performance as well as steady-state accuracy w.r.t. motor angular velocity and
difference pressure shall be shown by simulation results. Therefore, the tracking of de-
sired trajectories for the two controlled variables is considered. Fig. 6 shows the desired
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Figure 5. Observer-based control structure.
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Figure 6. Desired values for the motor angular velocity and the difference pressure.

values for the two controlled variables and its first time derivatives. The desired trajectory
for the difference pressure is calculated with a desired value for the normalized motor
input ūMd = 0.8, which can be adapted to the given drive situation. This leads to the
following relationships for the difference pressure and its time derivative

∆pd =
Jvω̇Md +dvcωMd + τ̂U

0.8ṼM ηM
,

∆ṗd =
Jvω̈Md +dvcω̇Md + ˙̂τU

0.8ṼM ηM
.

(29)

Note that the estimated disturbance τ̂U has a influence on the pressure reference. Hence,
an increased drive resistance leads to a larger reference value for the difference pres-
sure. The time derivative of the estimated disturbance is either obtained directly from the
disturbance observer or by low pass filtered differentiation using a DT1-system. In the
following simulation, both a static nonlinear friction model as well as a by 10 percent
larger vehicle mass are employed. The resulting estimation of this combined disturbance
torque depicted in Fig. 7 approximates the simulated disturbance quite well and, hence,
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can be used for disturbance compensation. Fig. 8 depicts the comparison of desired and

Figure 7. Simulated and estimated values for the considered disturbance torque.

simulated values for the motor angular velocity. It becomes obvious that the desired tra-
jectory is tracked with negligible error. A comparison of desired and simulated values for
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Figure 8. Comparison of desired and simulated values for the motor angular velocity.

the second controlled variable, the difference pressure, is shown in Fig. 9. As before, the
desired trajectory is followed with only a small error. The resulting input values for the
pump and the motor are depicted in Fig. 10. Advantegeously, the hydraulic pump is only
activated when the absolute value of the commanded difference pressure is larger than
zero. Thereby, hydraulic losses are reduced.
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7 EXPERIMENTAL RESULTS

A hardware-in-the-loop (HIL) test rig built up for a validation of the control structure
is depicted in Fig. 11. It consists of an electric servo motor with current converter (1),
substituting the commonly used diesel engine, which drives two variable displacement
pumps (2,3) simultaneously. The first pump (3) is connected to a variable displacement
motor (4) building up the hydrostatic transmission. To generate the desired load torque,
the second pump (2) feeds pressurised oil to a hydraulic rectifier (5), whose resistance can
be adjusted by a solenoid valve (6). A constant displacement pump (7) in this rectifier is
rigidly connected to the hydraulic motor (4) and generates the desired load torque acting
on the drive chain.

As described in section 2, the control-oriented model accounts for a realistic vehicle
model. Therefore, the simulated motor torque corresponding to a specified desired vehicle
motion has to be provided by the additional hydraulic load system.

7.1 Implementation of the Hydraulic Load System

Consequently, the hydraulic load system has to generate the desired load torque

τRd = Jvω̇M +dVCωM + τU (30)

with the actual values of the angular speed ωM and acceleration ω̇M of the motor (4) of
the hydrostatic gear as well as a possible disturbance torque τU . With the known torque
characteristic of the constant-displacement pump (7) (efficiency ηL, torque coefficient kL),
the desired pressure difference ∆pRd in the rectifier becomes

∆pRd =
kLτRd

ηL
. (31)

The desired pressure values are achieved by a gain-scheduled PID-controller actuating
the solenoid valve (6). The capability of this HIL-approach is shown in Fig. 12. For this
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Figure 10. Normalized input variables of hydraulic pump and hydraulic motor.
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Figure 11. Structure of the HIL test rig.

purpose, a specified desired trajectory for the angular speed and the angular acceleration
results in the desired values for the pressure difference ∆pRd in the rectifier (red line) and
the measured values of the pressure ∆pR in the rectifier are represented by the blue line.
The result is an underlying pressure respectively load torque control without steady-state
control error and a negligible error of about 4 ·105 Pa during transient phases.

7.2 Validation of the Control Structure

The capability of the proposed control measures shall be pointed out by first experimental
results obtained from the HIL test rig. For this purpose, a smooth desired trajectory for
the motor angular velocity is considered, cf. Fig. 13. The desired trajectory is given by
polynomial functions that comply with specified kinematic constraints, taking advantage
of time scaling techniques. The desired values for the difference pressure as second flat
output are calculated using (29). Due to technical limitations of the test rig, power flow
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Figure 13. Desired angular velocity and acceleration of the hydraulic motor.

is only possible from the variable displacement pump (3) to the hydraulic motor (4),
consequently only an acceleration scenario is considered. The resulting errors for both
the angular velocity

eω (t) = ωMd (t)−ωM (t) (32)

and the difference pressure

e∆p (t) = ∆pd (t)−∆p(t) (33)

are depicted in Fig. 14. As can be seen, the maximum error during transient phases
is about 6.5 rad/s and 6 · 105 Pa. The steady-state errors are approx. 1.8 rad/s and
approx. 1 · 105 Pa. Further improvement of these first experimental results are expected
from a system identification and a reparametrisation of the control structure.

8 CONCLUSIONS

In this paper, a trajectory tracking control application using flatness based techniques in
combination with a disturbance observer is presented for a drive chain with hydrostatic
transmission. The modelling of this mechatronic system leads to a system of four non-
linear differential equations. As the first order actuator dynamics is compensated by its
inverse transfer function, the corresponding normalized valve inputs serve as new control
inputs. With motor angular velocity and difference pressure as flat outputs, a decoupling
feedback control is designed using flatness based functions and taking advantage of the
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Figure 14. Actual and desired velocity and pressure values in the hydrostatic drive chain
(upper part) and resulting errors (lower part).

differential flatness property. Uncertainties in the equation of motion are directly taken
into account by a disturbance force estimated by means of a nonlinear disturbance ob-
server. Regarding implementation, actuator saturation is considered by a suitable control
allocation. Simulations demonstrate the quality of the achieved closed-loop performance
with a maximum tracking error for the motor angular velocity of approx. 0.2 rad/s and
a maximum difference pressure error of less than 5 bar. First measurement results show
the applicability of this HIL concept. Nevertheless, a system identification and a follow-
ing reparametrisation of the control structure are inevitable to further reduce the tracking
error.
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ABSTRACT 

The paper covers the highlights of the history of water hydraulics, from its very 
beginnings to the present day, with a tentative but realistic glimpse into its future. The 
major  developmental  phases  of  both  the  theory  and  practice  of  water  hydraulics  are  
dealt with and its chief contributors described. The work is however by no means 
exhaustive, the subject matter being simply too voluminous. 

KEYWORDS: water-hydraulics, history, future  

1. THE PRE-HISTORY OF WATER HYDRAULICS 

 
Figure 1. Early Aqueduct 

The majority of investigators, when discussing the origins of hydraulics, look to the 
ancient Greeks for their starting point, and there is much concrete evidence for this 
assumption, none of which we dispute.  However, it is our contention that the thought 
process, which gave birth to those first forays into fluid power, cannot simply have 
arisen spontaneously, not without some deep-seated foundation within the collective 
experience of the peoples of that time. We feel that for their conception, both the ideas 
and the tangible ‘hydraulic’ devices produced by the Greeks of the 5th century BC 
onwards, must have required some pre-existing cognitive framework.  It is for this 
reason that, in our opinion, we must delve far deeper into history. Having begun this 
process, the thoughtful researcher does not have to look far for a plausible source for 
this early knowledge-base. 
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Some 8,000 years ago, close to the very beginnings of our so-called civilization, 
mankind apparently became bored with the life of the hunter-gatherer, and began to 
settle down and grow things instead. Some authorities say this took place in the Fertile 
Crescent between the Tigris and the Euphrates, and some claim the plains of India for 
this honour. In either case, the location was fertile, but with less than adequate rainfall. 
So, newly sedentary mankind was obliged to devise ways of ensuring rain on demand, 
nowadays known as irrigation.  It is the author’s contention that the thought process 
behind this engineering of flow channels, sluices, storage tanks, flow restrictors and 
simple aqueducts, differed little in principle from that which would be employed by the 
hydraulics engineer some thousands of years later. The hydraulic mind-set was born. 
To our knowledge nothing tangible and relevant has survived from this early time, but it 
seems safe to assume that early man did not fabricate anything that, even loosely, could 
be described as a hydraulic device as we would know it today. Such things first 
appeared  during  the  time  of  ancient  Greece.  However,  when  we  talk  of  the  ancient  
Greeks we must remember that these were times heavily shrouded in mythology and 
superstition, and so the first step toward the development of hydraulics, was to remove 
the folklore surrounding water itself. The man to do this was Thales, Ancient Greece’s 
first philosopher, considered by some to be the world’s first scientists. Thales lived in a 
coastal town called Miletus in what is now Turkey, around 600 B.C. He declared water 
to be a substance, and not some magical gift from the gods. To modern mankind, this 
may seem trivial, but in an era when almost all aspects of daily existence were saturated 
in superstition, it was indeed a bold step. In fact he went further than a simple statement, 
claiming that the world itself had its origins in water. This probably got him a pretty bad 
press in the local temples, but what is equally likely, it paved the way for future 
investigation. 

Subsequent developments were nevertheless a long time in coming, almost 200 years in 
fact. Born in the town of Stageira in the province of Chalcidice, there  lived from 384 to 
ca.  322 BC a man by the name of Aristotle,  many of  whose views, particularly those 
pertaining  to  physics,  held  sway  until  the  days  of  Newton;  over  one  and  a  half  
millennia. Aristotle studied practically everything there was to study in his time, so it is 
no surprise that he paid some attention to water and as regards hydraulics, his postulate, 
‘water is a continuum’ is of great significance to us. Without this assumption, which 
effectively states that if point ‘A’ in a water body is connected uninterruptedly to point 
‘B’, then what happens at point ‘A’ will somehow be detectable at point ‘B’, nothing 
else would stand in the world of hydraulics. For this statement alone Aristotle deserves 
the title ‘Father of Hydraulics’. 

 
Figure 2. Aristotle (right) 
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However, the first known practitioner of fluid power in any form, is the now relatively 
well known son of an Egyptian barber, Ktesibios. Ktesibios grew up in Aspondia, a 
suburb of the city of Alexandria, home of the famous library. Ktesibios was apparently 
what we would today describe as mechanically minded from a very early age and 
legend has it that in order to aid his father in his barber shop, he fashioned a mirror out 
of burnished metal. The mirror was adjustable, up and down, and had a counterweight 
concealed  within  a  tube,  the  weight  fitting  so  closely  within  the  tube  that  vaguely  
musical sounds were emitted as it moved. Whether this story should be consigned to 
mythology, or whether it really was the inspiration of Ktesibios organ, we shall never 
know. One thing is certain; Ktesibios built the word’s first water powered organ, whose 
basic design remained the standard for such instruments until the late Middle Ages. The 
device was quite simple, and consisted of two air cylinders constantly operated by hand, 
which fed into an air space in an inverted chamber, a little like an old fashioned diving 
bell. From here air was led via a series of valves (the world’s first known keyboard 
instrument) to a very large set of Pans Pipes, an instrument already well known amongst 
the Greeks. Ktesibios is credited with a number of inventions of this nature, among 
them a water siphon whose principal was still employed in the 16th century, and an 
improvement to the Egyptian Klepsydra, or water clock. Quite remarkably, a Roman 
copy of his siphon was found not so long ago in an ancient mine opening in Spain, in 
almost perfect condition. An example of the Ktesibios organ was discovered in the early 
1990’s by a team of Greek archeologists, also remarkably well preserved. Incidentally, 
the name of the organ in Greek was Hydraulos, a term which ultimately gave birth to 
the name ‘hydraulics’. 

 
Figure 3. Original of Ktesibios Organ 

We cross  the  Mediterranean  now to  the  island  of  Sicily,  to  the  Greek  colonial  port  of  
Syracuse. In the year 213 BC the Roman general Marcus Claudius Marcellus laid siege 
to Syracuse. It was a well fortified town, and the Romans probably expected a hard 
fight. They almost certainly did not expect to be standing in the same spot a year later, 
their efforts frustrated, literally, by the machinations of a brilliant Greek scientist, 
Archimedes. We know Archimedes from two historical cameos. One revolves around 
the first recorded method of assaying metals, and gave rise to the famous ‘Eureka!’ 
incident.  The  other  concerns  the  equally  practical  development  of  a  simple  method of  
raising water, using what is now known universally as the Archimedes Screw. His place 
in the history of hydraulics is further merited by two significant determinations, firstly 
relating to pressure (Archimedes used the term ‘pressing together’), which was that it 
was transmitted only through an interconnected contiguous fluid. Secondly he 
maintained that a fluid required a pressure differential in order to flow. 
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Figure 4. Archimedes Screw (late model) 

We now return to the great city of Alexandria, to a Greek mathematician named Heros. 

Heros lived at the very beginning of the Christian era and was the most gifted practical 
scientist of his time. He must have been near obsessed with his subjects, because he left 
behind an enormous variety of inventions and improvements. We will look at only a 
few of these and the first is a relatively simple device, used to open large heavy doors, 
such as those to the temples.  
This  device  used  heat  from  the  temple  flame  to  drive  water  from  one  vessel  into  
another. The second vessel acted as a counterweight, exerting enough force to open the 
doors. To the simple common folk of those days this must have seemed almost magical, 
precisely the effect the temples were looking for of course. 
Heros also produced some quite complex pieces equipment. The device shown here is 
what the Victorians would have called an automaton. It consisted of a box upon which 
articulated figures were mounted. The movements of these figures were controlled by 
water weights, similar to the temple door mechanisms, belts and pulleys and it was quite 
a mechanical achievement for its time. 

 
Figure 5. Heros ‘Automaton’ 

Possibly inspired by this, Heros went on to produce the remarkable invention for which 
he is best known, the jet engine.  
This was a hollow metal sphere, part filled with water and suspended on simple 
bearings over a fire. On the outside of the sphere, at appropriate points, were mounted 
jets. When the water, heated by the fire, began to give off steam, the steam was forced 
out through the jets and the sphere began to revolve.  
It is not known whether this device remained a mere plaything, or whether it was 
perhaps put to use somehow as a driving mechanism. 
Clearly the early Greeks had a profound practical understanding of the nature of water 
and  of  its  relationship  to  heat  and  air,  and  the  forces  that  could  be  summoned by  the  
application of this knowledge. It is only fair therefore, that the term ‘hydraulics’ is 
derived directly from the Greek, from ‘hydor,’ meaning water, and ‘aulos’ meaning 
pipe. 
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Figure 6.  

The Roman era was singularly unproductive as far as original contributions to 
hydraulics were concerned. Although the Romans were excellent imitators and first 
class perfectioners of other nations’ ideas, principally those of the Greeks, in nearly 700 
years they came up with very little that was truly original. Nevertheless, when they 
applied their borrowed knowledge to their engineering works, they did it in grand style. 
In AD 90 the Roman General Sextus Julius Frontinus was charged with the renovation 
and expansion of Rome’s already massive water supply.  
He repaired and extended aqueducts and where these were inappropriate he extended 
the supply by means of clay pipes. 

 
Figure 7. Roman Clay Piping 

After the collapse of the Roman Empire in 500 AD, there followed almost a thousand 
years in which little of any consequence was achieved in hydraulics, or in any other 
branch of engineering. For this we have to wait until the Italian Renaissance is in full 
swing. 

1.1. Leonardo da Vinci (1452 – 1519) 

Leonardo da Vinci was born in 1452 in Vinci, a small town in Tuscany, not far from 
Florence, the illegitimate son of a Florentine notary. Da Vinci’s genius was so far-
reaching and all encompassing, that his not insubstantial contribution to hydraulics has 
been almost buried in his other works. Nevertheless, his imagination stretched from 
canals, to sluices, to the automatic control of the speed of a water mill, one of the first 
known  examples  of  closed  loop  control.   He  was  also  the  first  to  establish  the  
mathematical relationship between flow velocity and cross-sectional area, or V1.A1 = 
V2.A2. 

  
Figure 8. Leonardo da Vinci 

It seems to have been his intention to set down his thoughts and experiences regarding 
hydraulics, as a roughed out version of this work, with individual chapters already 
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defined, has survived to this day. Unfortunately he died before he could complete the 
tome. It would have been the first such work for over a thousand years. 

1.2. Simon Stevin (1548 – 1620) 

We move ahead about 100 years and shift our focus to the small town of Bruges in West 
Flanders, now a part of Belgium, where the engineer Simon Stevin was born in 1548. 
Stevin had a prolific career as a mathematician and military engineer and in the realm of 
hydraulics he was the first to distinguish between ideal and viscose fluids. He was also 
able to define pressure as the product of area and head only, irrespective of the shape of 
the container, thus solving the so-called hydraulic paradox. This was an engineering 
riddle of the Middle Ages; a riddle because without Stevin’s simple relationship 
between head and area, it was difficult to understand why two containers filled to the 
same  height  with  a  fluid,  one  of  them  short  and  squat,  the  other  tall  and  thin,  should  
exhibit identical pressures at their bases. Stevin almost arrived at the conclusion that the 
pressure in a static fluid was equal from all sides, but this final discovery was left to 
Pascal, a century later. 

 
Figure 9. Hydraulic Paradox 

1.3. Galileo Galilei (1564 - 1648) 

Stevin’s experiments on the distribution of pressure about an immersed body were 
subsequently checked and proven, both theoretically and practically, by his 
contemporary, the Italian philosopher and mathematician, Galileo Galilei. Galileo, born 
in the famous city of Pisa in 1564, also expressed in clear mathematical terms the 
relationship between the velocity of a falling body and the distance travelled by it, 
although  the  essentials  of  this  theory  were  known  in  the  14th  century.  It  was  the  
forerunner of Newton’s second law of motion; both are essential to the calculation of 
pressure on hydraulic systems. 

1.4. Evangelista Torricelli (1608 - 1647) 

Torricelli, born in Faenza, Italy in 1608 was a contemporary of Galileo’s and shared 
with him the heliocentric view of Copernicus. Torricelli is mainly known for his 
discovery of the barometric effect, but his theoretical and practical work on the link 
between head and the velocity of the water stream emerging from its base is what 
concerns us. 
This relationship is known today as Torricelli’s law, and, together with the Coanda 
effect, forms the foundation of investigation into flow forces within valves. 
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1.5. Blaise Pascal (1623 - 1662) 

Blaise Pascal was born in 1623 in Clermont in France. Mathematician, naturalist and 
philosopher he was recognised as a genius at an early age. At 16 he built a mechanical 
calculator, called the Pascaline, mainly to assist his father in his work as a tax collector. 
From the various threads that his illustrious forerunners had spun, Pascal wove the first 
truly comprehensive and interconnected theory of hydraulics.  He even postulated the 
fabrication  of  a  hydraulic  press.  It  was,  as  far  as  historians  can  tell,  never  built.  The  
world  had  to  wait  until  end  of  the  eighteenth  century  for  that.  His  most  import  
contribution to hydraulics was the hydrostatic principle, the mathematical proof that the 
pressure at a point in a fluid at rest is equal from all sides. For his work in the field of 
fluid power the S.I. unit of pressure bears his Pascal’s name. 

 

 
Figure 10. Pascal 

1.6. Robert Boyle (1627  -  1691) 

Robert Boyle was born in Lismore, in a small village in the far south of Ireland. He was 
something of a child prodigy and was educated at Eton after which, at the early age of 
14, he was sent abroad and spent some time in Florence Italy, studying Galileo’s work. 
At age 17 he returned to England, already set on a life of science. His father, a wealthy 
Irish landowner had left him a good deal of property and this financed his growing 
interest in the natural sciences. He worked with Robert Hooke (of Hooke’s Law) on 
improving Otto von Guericke’s air pump, a project which ultimately led him to 
formulate the relationship between the absolute pressure and volume of a gas. Without 
this the gas ballasted accumulator would not been developed. 

1.7. Isaac Newton (1643 - 1727) 

Newton was born in 1643, in a tiny village in the County of Lincolnshire in England. 
He  studied  at  the  University  of  Cambridge,  at  a  time when the  mathematical  theories  
and philosophy of Aristotle still constituted the lion’s share of the curriculum. However 
Newton preferred the theories of Keppler, Galileo and Descartes over these. His famous 
laws, in particular his Second Law interests us as this is the basis for force and 
ultimately pressure calculations in high inertia hydraulic systems.  

1.8. Daniel Bernoulli (1700 – 1782) 

Daniel Bernoulli was born in 1700 Groningen  in the Netherlands, but spent most of his 
life in Switzerland. A contemporary of the great mathematician he was gifted 
mathematician himself, born into an entire family of talented mathematicians. Bernoulli 
improved the Pitot tube to such an extent that he was able to use it to investigate 
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pressure – flow relationships in closed systems. His results, published in became the 
now well known Bernoulli Law.’ He died in Basel in 1782. 

 
Figure 11. Bernoulli’s Law 

1.9. Jean le Rond d'Alembert (1717 – 1783) 

Born in 1717 in Paris, the illegitimate son of a cavalry office, he was raised by a 
glazier’s family, although his biological father paid for his schooling. It was le Rond 
who discovered, explained and mathematically defined the refraction principal which 
we use as a first stop to measure water-based fluid concentration.  He died in 1783 in 
Paris and, as a non-believer, was buried in an unmarked grave. 

1.10. Leonhard Euler (1703 – 1783) 

Leonhard Paul Euler was born in 1707 in Switzerland. Most of his distinguished 
mathematical career he spent Russia and Germany. He was close friends with Bernoulli; 
both worked for a while in St. Petersburg. Among other things Euler investigated and 
expanded D ‘Alembert’s theorems. Euler was one of the most prolific mathematical 
authors of any era.  
Euler developed the principle of the fluid particle. Only then was it possible to apply the 
laws of mechanics to fluids in motion. Euler constructed and consolidated the 
mathematical foundation upon which all later fluid mechanics studies were based. 

 
Figure 12. Euler / Particulate Mathematics 

At the end of the 18th century much of the theoretical groundwork for hydraulics had 
been laid down. The basic principles for the design of hydraulic equipment were already 
available, although not yet in convenient textbook form.  A number of functioning 
hydraulic devices had been built; some as mere demonstration models to prove some 
principle  or  other,  some  as  serious  aids  to  industry,  such  mine  dewatering  pumps.  If  
there were such things as hydraulic equipment suppliers in those days, their line card 
might have looked a little like Fig. 22, which is a summary of the various hydraulic 
elements available at that time. 
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Figure 13. 18th Century Hydraulic Equipment 

We now leave the age of the great thinkers, natural scientists and philosophers. From 
the end of the eighteenth century onwards our focus shifts largely to the practical 
exploitation of these ideas. 

1.11. Joseph Bramah (1748 – 1814)  

Bramah was born  in 1748 in Wentworth in the county of Yorkshire, England. He was 
trained as a cabinet maker but he was also a gifted, self-taught engineer. Among other 
things he developed and patented a new type of flushing toilet as well as a safety lock. 
The locksmith he founded at that time is still in business. However, he is largely known 
as the builder of the world’s first functioning hydraulic press, a concept proposed (but 
never realised) by Pascal 100 years earlier. The press was patented in 1795 and was 
based on Pascal’s theories. Bramah died in Pimlico, London in 1814. 

 
Figure 14. Bramah’s Press 

We return briefly to the theoretical aspects of our science, where the nineteenth century 
was marked by two interesting cases of parallel development, both involving French – 
German researchers, neither of whom knew of the existence of the other, at least not  
until the publication of their respective works; a sort of latter day Newton-Leibnitz 
conundrum. The first such occurrence was between the German engineer Gotthilf 
Hagen and the French physician Jean Poiseuille. 

1.12. Gotthilf Heinrich Ludwig Hagen  (1797 – 1884)  

Hagen was born in 1797 in Konigsberg, East Prussia, in what is now a part of Russia.  
Graduating from the University of Konigsberg, first in mathematics and astronomy 
subsequently in architecture he initially worked in the field of surface hydraulic 
engineering. He joined the civil service, becoming known through his publications on 
various hydraulic structures he visited during extensive study trips through Europe. In 
1839 Hagen’s experiments lead him to formulate the laws of the laminar flow of 
homogeneous  viscous  liquids, which had been  determined independently and without 
his knowledge by the Frenchman Jean Louis Marie Poiseuille.. Hagen also made a 
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number  of  observations  on  various  types  of  flow,  although  this  area  of  research  was  
later attributed to the British engineer Osborne Reynolds. Hagen died 1884 in Berlin. 

1.13. Jean Louis Marie Poiseuille 1799  -  1869 

Poiseuille was born in 1799 in Paris and attended the famous École Polytechnique as 
did Darcy. Poiseuille was not an engineer. He studied medicine and it was his interest in 
the flow properties of blood that effectively brought him to hydraulics. In 1838 he 
formulated and published his law for the laminar flow of an incompressible Newtonian 
fluid and in 1840 and 1846 the Poiseuille equation.  Subsequently the additional work in 
this field done by Hagen lead to this equation being known as the Hagen-Poiseuille 
equation. He died in 1869 in Paris. 
The second case of parallel research was between Julius Weisbach and Henri Darcy. 

1.14. Julius Weisbach 1806 - 1871  

Julius Ludwig Weisbach was born 1806 in what is now known as Arnsfeld in Germany. 
He was apparently quite a gifted child and progressed quickly from the village school to 
the nearby Lyceum in Annaberg and ultimately to the Mining Academy in Freiberg. 
Study periods at the Universities of Gottingen and Vienna and the Vienna Polytechnic 
Institute followed. After his studies he was employed for a while as a mathematics 
teacher at the Freiberg Gymnasium and subsequently at his alma mater at the Freiberg 
Mining Academy. He completed his work on the Prony equation some time before 
Henri Darcy published his results. He died of a stroke in 1871. 

1.15. Henri Darcy 1803 - 1858  

Darcy was born in 1803 in Dijon on the Cote d'Or. He first studied at the École 
Polytechnique, then at the famous' École des Ponts et Chaussées. Later, as a member of 
the 'corps of the Ponts et Chaussées,' he set up a public water supply in Dijon. It was 
during this time that he revised the Prony equation, which described the relationship 
between friction and pressure loss. 
As well as making significant improvements to the Pitot tube, he also studied the flow 
characteristics of water in sand-beds. In recognition of his work in this field the unit of 
permeability through a porous media is known as the Darcy. He died in 1858 in Paris 
from pneumonia. 
We return now to the Victorian age we know best, that of great visions and burgeoning 
industrial might.  

1.16. Sir William George Armstrong (1810 – 1900)  

Armstrong was born in 1810 in the harbour town of Newcastle, in northeast England. 
As a young man he was fascinated by machinery, but it was his father's wish that he 
should become a lawyer. This he did, and he might have devoted his whole life to the 
law, had he not been such an enthusiastic angler. It was during a fishing trip on the 
River Dee that he happened upon a very large water wheel. To Armstrong it seemed that 
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most of the energy was being wasted, and he immediately began design a more efficient 
water motor. Although no one was interested in his development, Armstrong was 
converted forever to engineering and to hydraulics. His interest lead him to found a 
company manufacturing the then highly novel hydraulic equipment. He settled on a 
dockyard crane, having persuaded the Newcastle City Council to consider a trial. The 
result (ships were unloaded in less than half the time of conventional cranes) was so 
convincing the trial was cut short and the City ordered several more cranes. Over the 
remainder of the nineteenth century his company manufactured an average of fifty 
cranes per year. Building on this commercial success Armstrong also developed a whole 
range of control valves, motors and pumps. Armstrong effectively defined the 'practical 
hydraulics' of the nineteenth century. He died in 1900 in Newcastle, England. 

  
Figure 15. Sir William George Armstrong /  Hydraulic Motor  / Harbour Crane 

Some basic work still remained to be completed however, and Gabriel Stokes, and later 
Osborne Reynolds were probably among the last contributors. 

1.17. George Gabriel Stokes 1819 - 1903  

Stokes was born in 1819 in the village of Skreen, in County Sligo, Ireland. He studied 
mathematics at Cambridge University in England where he graduated with the highest 
honours. He is best known for his research in the field of viscosity, where he established 
the relationship between the velocity of a body falling under gravity through a medium 
and the viscosity of that medium, now known as Stokes law. 

 
Figure 16. Stokes 

This relationship forms the basis of the first practically useful viscometer. Stokes died 
in 1903 in Cambridge. 

Meanwhile the Armstrong Company and later many others were producing hydraulic 
components of all sizes and varieties, initially valves but later pumps and motors, even 
variable motors, so that by the  late 1840’s hydraulics had become an established part of 
the engineer’s toolbox. The motors were initially quite simple, but developed rapidly in 
performance and complexity. 
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Figure 17. Victorian Control Valves 

 
Figure 18. Early Radial Motor (Brotherhood) 

As is the case today, application areas quickly proliferated into every facet of 
engineering, shipbuilding, construction, railways, mining, etc. In the great Victorian 
cities there were even hydraulic supply networks covering many square miles, powering 
elevators, lathes and cranes. 

 

 
Figure 19. Otis Elevator  /  Late Victorian Harbour Crane 

2. EARLY 20TH CENTURY / THE PARTING OF THE WAYS 

2.1. Williams and Janney, 1905 

Around 1901 Professor Harvey D Williams, Professor of Engineering at Cornell 
University began work on a new design of pump / motor combination. He and the 
American engineer Reynolds Janney developed the first variable hydrostatic 
transmission, something the hydraulics industry sorely needed. It was only after filing 
his first patent that Williams met Janney, who immediately recognised its potential and 
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set about making the improvements necessary to render the device marketable. The 
second patent was filed for the Waterbury Company in Massachusetts, and the 
Waterbury Transmission was born. Williams and Jenney’s development was also the 
first hydraulic components that required the medium to be an efficient lubricant. This 
requirement began the decline of water hydraulics and the rise of oil. 

 
Figure 20. Williams-Janney Axial Device 

However, it was not all plain sailing for oil hydraulics. Because of the poor quality of 
seals, (neither leather, the preferred seal material of the time, nor rubber proved to be 
suitable sealing materials for oil systems) oil hydraulics quickly gained a reputation for 
leakiness and unreliability. It was not until the introduction of artificial rubbers in the 
late 1920’s that this situation improved. 

3. 20TH CENTURY TO PRESENT DAY 

The initial part of the twentieth century, more or less up to the 1940’s, saw little change 
in water hydraulics componentry, apart from the increase in valve nominal sizes and the 
rise in operating pressures, both a result of increasing size of heavy presses, particularly 
of forging presses. The Second World War saw a huge increase in the use of oil 
hydraulics, mainly in aircraft and marine applications, with an associated advancement 
in technology. The development of sophisticated landing gear for large aircraft and the 
introduction of the small bladder accumulator were just two examples. The coaxial, 
multi-stage valve became the most commonly applied control valve in this period. This 
valve design was subsequently fitted with an external cylinder and given an oil pilot 
stage to take advantage of the more advanced control available from the oil hydraulics 
of those times. 
In  the  post  WWII  period  water  hydraulics  seemed set  to  continue  along  its  self-made  
technological plateau, but in the summer of 1956 this all changed. In the appropriately 
named Bitter Heart Mine, in the Marcinelle Coal Mining Complex in Belgium, a mis-
loaded truck in the mine cage severed electrical and oil hydraulic lines in the shaft 
causing a massive fire that resulted in the worst mining disaster in Belgian history. This 
incident ultimately gave birth to strict regulations governing the use of hydraulic media 
in coal mines, with a strong and legally enforceable leaning toward water based 
systems. 
At the same time mechanisation in coal mines, particularly in Europe, was proceeding 
apace, placing heavy demands upon the remaining water hydraulics manufacturers to 
produce ever smaller, ever more sophisticated components. 

Probably  the  most  significant  of  these  developments,  though  small,  was  the  single  
medium pilot valve, which allowed water to be used as a pilot medium, allowing water 
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hydraulics to dispense with complicated and xxx oil hydraulics pilots. These devices 
were based either on ball seat or on packed spool technology. More recently successful 
use has been made of ceramic materials to produce a functioning lapped spool type pilot 
valve. 
The onward development of this technology into proportional control, and ultimately 
onboard electronics, brings us more or less to the current state of development in water 
hydraulics. 

4. QUO VADIS? / THE FUTURE OF WATER HYDRAULICS 

It is a brave man that would foretell the future, and I certainly cannot lay claim to any 
powers of clairvoyance. A number of predictions regarding the revival of water 
hydraulics have come from various sources over past few decades - and most of them 
have proved to be wrong.   
A modest but probable forecast would place the current mainstream of water hydraulics, 
that  pertaining  to  heavy  presses  etc.,  in  a  position  of  no  growth  or  stagnation  for  the  
next 10 years, followed by a shallow but constant increase, as environmental constraints 
increase, hopefully accompanied by an increase in awareness of the science itself. Our 
greatest enemy is in fact ignorance. 

A parallel and quite exciting development is that of low pressure water hydraulics. 
Research is going on in a number of institutions and at a number of companies into 
components which will operate with reliability and precision at pressures around 20 bar 
or less, in other words not much more than city water pressure. These components 
include motors as well as proportional control functions and there is a strong possibility 
that in certain industries, for example the prepared food and the pharmaceutical 
industries, that his technology may substitute for many control systems currently using 
pneumatics. The picture that is emerging is one of low cost components, largely made 
of plastics and in part utilising accessories already available to pneumatics. 
It  remains  to  be  seen,  whether  this  new  technology  will  spearhead  a  revival  of  water  
hydraulics. 
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ABSTRACT 

Water hydraulics has outstanding advantages using in underwater tool system and 
variable ballast system of deep-sea manned submersible in open-circuit system without 
return lines and reservoirs. A key problem of open-circuit water hydraulics system is 
abrasive wear between matching surface caused by the particles in silt–laden water. 
Tribological characteristics of Al2O3-3%TiO2/Al2O3 were researched through 
experiment in disk/disk tribology test rig. The matching surfaces lubricated under silt-
laden water, which got from the Changjiang River. The abrasive wear resistance of the 
contact was researched by analyzing the microstructure of contact surface with scanning 
electron microscope and measuring the wear rate. Besides, compared the wear 
resistance between Al2O3-TiO2/Al2O3and 17-4PH/PEEK, the experimental results show 
the former has better abrasive wear resistance when the sliding velocity is 1.2m/s.  

KEYWORDS: Water hydraulics, Abrasive wear, Tribology, Silt-laden water 

1. INTRODUCTION 

Water hydraulics is becoming more and more attractive owing to its great advantages 
such as environmental friendliness, nonflammability, cheapness in operation, 
cleanliness and easy disposal[1-2]. Especially, there are other advantages when water 
hydraulic used in some under water apparatus, such as deep sea submersible and 
underwater tool. Figure1 shows the sketch of water hydraulic variable ballast system of 
deep sea submersible, which is used to adjust the buoyancy. The variable ballast system 
is constitutionally a hydraulic one. Decreasing buoyancy progress: switch valve 2 and 3 
are actuated and the water is charged from the surrounding water to the variable ballast 
tank through water pump and the buoyancy deceased. Increasing buoyancy progress: 
switch valves 1 and 4 are actuated and the water is discharged from the variable ballast 
tank to surrounding water. Compared the initial oil hydraulic variable ballast system, 
the seawater hydraulic system has no the variable buoyancy bag and thus decrease the 
weight of submarine [3]. Figure 2 shows schematic principles of oil and water hydraulic 
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underwater tools system. The underwater machines driven by seawater hydraulics have 
no need of pressure compensators. Generally, oil hydraulic systems are a closed circuit 
and a pressure compensator is needed to improve the effective working pressure if they 
are used in a deep sea. Comparatively, a seawater hydraulic system is of open-circuited 
and the inlet pressure is the one produced by the sea depth and so the practical pressure 
differences across the underwater machines is the one that the system can produced. 

 
Figure 1. Water hydraulic variable ballast system 

 
Figure 2. Schematic principles of oil and water  hydraulic underwater tools 

In a word, the following advantages of water hydraulics can be obtained when water is 
instead of traditional oil used in hydraulic system of underwater tools and variable 
ballast system of deep sea submersible [4-6]:  

 Avoiding marine contamination due to media leakage. 
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 Improving the reliability for the mineral oil media without the risk of 
contamination by water. 

 Improved system stiffness due to the lower compressibility.  
 Less pressure loss due to the less viscosity of seawater than mineral oil. 
 Simpler system because of utilizing freely surrounding water and discharge 

drainages to open surrounding without return lines, reservoirs, storage of 
working media etc. 

However, nature water contains large numbers of suspending silts, which will cause 
severe mechanical wear and seizure. To research the tribological characteristics of 
rubbing pairs is important for improving durability and reliability of water hydraulic 
components which used in the open-circuit system. In this paper, the tribological 
characteristics of the Al2O3-3%TiO2 coating/sintering Al2O3 rubbing pair was studied, 
which was lubricated under the water of the Changjiang River or tap water of Wuhan. 
The abrasive resistance of Al2O3-3%TiO2/ Al2O3 pair was also compared with 17-
4PH/PEEK in this paper. 

2. EXPERIMENTAL 

2.1. Principle and Procedure 

The tribological property of rubbing pairs were investigated by a flat rings tester, as be 
shown in the Figure3. The load exerted through the piston cylinder can be changed by 
regulating hydraulic oil pressure, the max load is 10KN. The shaft is driven by a three-
phase asynchronous electric motor, and the rotating speed can be controlled by a 
frequency convertor, the max rotating speed is 2800r/min. The rubbing pairs include 
upper and bottom ring specimen. They can contact uniformly with each other because 
the upper specimen can align itself automatically through a spherical joint. The face-to-
face contact mode is similar to those of swash-plate and slipper, port-plate and cylinder-
block in a swash-plate axial piston hydraulic pump. In this paper, Al2O3-3%TiO2 and 
PEEK were upper ring specimen, Al2O3 and 17-4Ph were bottom specimen. Lubricant 
was tap water of Wuhan and silt-laden water of the Changjinag River. 

Before experiment, the specimens were immersed in water exceed 60 hours to make the 
ceramic and polymer absorbing water thoroughly. The contact surface of the ceramic 
and metallic specimen were polished by 8-12 m  diamond antiscuffing paste, while 
polymer specimen were polished by 1200﹟ type metallographic abrasive paper in order 
to assure the surface roughness lighter than 0.4 m . The weight of specimen was 
measured by El104 tape electronic balance with discretion of 0.1mg and thickness was 
measured by micrometer with discretion of 1 m before and after every experiment. The 
microtexture of original and worn surface was analyzed on a Quanta 200 type scanning 
electronic microscope.  

Before measuring, the specimens were disposed as follows steps: 

1. The specimens were ultrasonically cleaned in 99% ethanol with 3min; 
2. Dried by hot air with 3min; 
3. Cooled in drying cabinet with 5min. 
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In the study, the contact stress of upper and down specimen was 0.5MPa and the sliding 
velocities were 1.2 or 0.6mm/s. 

 
Figure 3.   MMU-10F type flat rings tester  

2.2. Specimen 

There were two rubbing pairs, Al2O3-3%TiO2 matched with Al2O3 and PEEK matched 
17-4PH. The upper specimen Al2O3-3%TiO2 coating was sprayed by plasma technology 
on 17-4PH matrix. The bottom specimen was made of sintered Al2O3. In the other pair, 
the upper specimen was made of PEEK reinforced with 30% carbon fibre. The bottom 
specimen made of 17-4PH, which was disposed by solid solution heat treatment and 
aging treatment. The material properties of the specimens are showed in the Table1. 

Table 1. Material properties of specimen 
Properties 

 

Material 

Hardness 

 

Density 
(g/cm3)

Elastic 
modulus  

(GPa) 

Thermal 
conductivity     
(Wm-1K-1) 

Al2O3 1128HV20 3.65 372 25 

Al2O3+3%TiO2 1015HV0.3 3.68 - - 

17-4Ph 40 HRC 7.8 197 14 

PEEK 19HRA 1.45 12.5 0.87 
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2.3. Lubricant 

The tap water of Wuhan and silt-laden water of the Changjiang River were used as 
lubricant. The water of the Changjiang River got from Huanhuaji dock in Wuhan on 
24/08/2010. 

 

Figure 4. The gain size distribution of silt laden in the water of Changjiang River 

The mass concentration of the silt laden in the Changjiang River measured by filtration 
and weight method was 170mg/L. The gain size distribution of silts was measured by a 
Rise-2002 type laser granularity apparatus, as shown in Figure 4. Particle size D50 was 
6.4 m , D90 was 15.4 m , and D97 was 21.4 m . D50 denotes 50 volume percent of 
the sample are finer and D90 and D97 are defined as the same way. Obviously, the gain 
size of the most of silts is smaller than 15 m , which can lead to abrasive wear of 
rubbing pair. 

Contamination level of the tap water of Wuhan and the water of the Changjiang River 
was measured by KT-1 type particle counter with accuracy of 99.5%. The results as 
shown in table 2. 

Table 2. Contamination level of lubricant 
Standard 

Lubricant 
ISO4406[7] 

>14 m particle 
(number/ml) 

Tap water of Wuhan 23/23/0 2235 

Water of the 
Changjiang River 12/10/05 0.06 

3. EXPERIMENTAL RESULTS AND DISCUSSION 

3.1. Coefficient of friction  

Figure 5 and Figure 6 show the variation of the friction coefficient with test time under 
different lubricant and sliding velocity. Figure 5 shows the variation at 1.2m/s sliding 
velocity; Figure 6 shows the variation at 0.6m/s.  
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Figure 5. Coefficient of friction varying with time under different lubricant( sliding 

velocity: 1.2m/s) 

 
Figure 6. Coefficient of friction varying with time under different lubricant (sliding 

velocity: 0.6m/s) 

As been shown in the figures, the friction coefficient operated at 1.2m/s is small than 
operated at 0.6m/s, no matter the lubricant is tap water or the water of the Changjiang 
River. This phenomenon attributed to hydrodynamic effect between upper and bottom 
specimen, which will improve the lubrication condition [8]. Because there are large 
numbers of micro-drop pits of contact surface, which are shown in Figure 8 and Figure 
10. And the hydrodynamic pressure between the drop pits of upper and bottom 
specimen is higher as the sliding velocity higher. The contacted number of micro-peeks 
is fewer when the water film become thicker owe to hydrodynamic pressure. 

Operated under the sliding velocity 1.2 m/s, the running-in time when rubbing pair was 
lubricated by silt-laden water is shorter than lubricated by tap water. The former 
running-in time is 20min, the latter is 60min. This can explain the silt suspending in 
water accelerated the abrasive wear of micro-peaks of matching surface. And the 
matching surface is easier to attain smother surface. The steady friction coefficient 
lubricated by silt-laden water is lower than lubricated by tap water. The reason maybe is 
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that the silt laden in the water is worked as the polishing powder. And the worn surface 
becomes smoother for polishing by silt.  

Operated under the sliding velocity 0.6m/s, the friction coefficient of rubbing pairs 
under tap water lubrication is more stable than under the water of the Changjiang River.  
The friction coefficient under silt-laden water is unstable from beginning to 180min. 
This can explain as follows: worn surface hadn’t become enough smoother, which 
shown in the Figure 9.  Because polishing effect of silt can’t well be attained when the 
sliding velocity is too low.   

 
Figure 7. The variation of the wear rate of different material with the 

lubricant under 1.2m/s sliding velocity 

  
Figure 8. The original morphology of Al2O3+3% TiO2  
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Figure 9. The morphology of worn surface of Al2O3+3% TiO2  

3.2. Wear rate 

Figure 7 shows the variation of the wear rate of different material with the lubricant 
when operated under 1.2m/s sliding velocity. As been showed, the wear rate of ceramic, 
polymer and metal when under silt-laden water lubrication are higher than under tap 
water. The increasing valve of ceramic is lower than polymer and metal. The 
experiment results illustrate the abrasive wear resistance of Al2O3-3%TiO2/Al2O3 is 
better than 17-4PH/PEEK. 

3.3. Morphology of matching surface 

 Figure 8 shows the morphology of original surface of Al2O3-3%TiO2. Figure 9 shows 
the morphology of worn surface of Al2O3-3%TiO2 after operated under 0.6m/s in silt-
laden water with 180 min. Figure 10 shows the morphology of original surface of Al2O3. 
Figure 11 shows the morphology of worn surface of Al2O3 after operated in silt-laden 
water with 180 min under 0.6m/s sliding velocity.   

As show in Figures, the worn surface of Al2O3-3% TiO2 is smoother than original 
surface. There are check marks on the worn surface and the dropped material was in 
flakes, those phenomena show the main wear form is fatigue failure. Al2O3 worn 
surface is rougher than Al2O3+3% TiO2 coating, but its main wear form is also fatigue 
failure base on analysis of the morphology of worn surface.   
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Figure 10. Original morphology of Al2O3  

 
Figure 11. The morphology of worn surface of Al2O3  
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4. CONCLUSION 

  There is relation between the friction coefficient of rubbing pair of 
Al2O3+3%TiO2 coating /sintered Al2O3 and contamination suspending in water. 
Operated at 1.2m/s sliding velocity, the coefficient is higher when lubricated by 
tap water of Wuhan than by the silt-laden water of the Changjiang River. When 
operated at the 0.6m/s, the relation of coefficient of friction with lubricant is on 
the contrary.  

 The friction coefficient of Al2O3+3%TiO2/ Al2O3 is sensitive to sliding velocity. 
No matter the lubricant is tap water or the water of the Changjiang River, the 
friction coefficient under 1.2m/s sliding velocity is smaller than under 0.6m/s. 

 The abrasive wear resistance of Al2O3-3%TiO2/Al2O3 is better than 17-
4PH/PEEK. 

 The main wear form of ceramic lubricated by silt-laden water is fatigue failure. 
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ABSTRACT 

One of the most interesting properties of the material of the slipper is maximum PV-
rate. Nowadays slippers are usually made of PEEK (polyethetetherketone) which is the 
case  also  in  this  study.  The  target  is  to  study  the  PV-rate  of  the  slipper  because  it  is  
restrictive factor of the pressure level. Minimizing PV-rate is not simply because the 
rotation speed of the cylinder block should be high enough. Also the dimensions are a 
restrictive factor because of the hydrostatic balance should be into the limits. The 
impact of the PV-rate is studied based on the theory and tested experimental way. 
Theoretical study was proved that with the accurate slipper design high pressure level 
(40 MPa) could be achieved. Deformations of the sealing land are the most difficult 
item to command. Experimental  part  of the study confirms that the maximum PV-rate 
of the material is not critical and higher values can be used. The realistic limit of the 
PV-rate is dependent from the deformations and the lubricating conditions. 

KEYWORDS: Slipper – swashplate contact, PV-rate, deformations, water hydraulics 

1. INTRODUCTION 

In axial piston machines, piston forces should transmit to the swashplate with the low 
friction connection. Pistons with slippers are commonly used in water hydraulic axial 
piston pumps to realize that connection. 
Because of the poor lubricating properties, special materials are required in water 
hydraulic components. Because of this industrial plastics are commonly used in slipper 
bearing in water hydraulics axial piston pumps and motors. 

Many different material combinations of water lubricated sliding pairs have been tested 
during last two decades [1] [2]. Polymers, especially PEEK, show good results with low 
friction, wear resistance and durability. Also cost and manufacturability are suitable and 
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corrosion is not a problem with polymers. Water hydraulic pump manufactures are 
concluded to use PEEK and stainless steel as a sliding pairs in their pumps. [2] [3]  
Environment of the plastic slippers is very challenging. High pressures cause high 
loading of the slipper, sliding velocity is relatively high and the size of the structure is 
limited. Previous studies showed that the deformations of the sealing land of the slipper 
are remarkable but not necessarily restrict the pressure to the current level. Also the 
stress forces of the slipper are acceptable. [4] 

The use of polymers causes a problem to water hydraulic pumps. The problem is the 
maximum PV-rates  of  the  materials  which  is  easy  to  exceed.  [4]  showed that  the  PV-
rate of the slippers was considerably higher than PEEK manufactures recommend. 
Because there is an obvious need to use higher pressure levels in the water hydraulic 
pumps, the impact of the PV-rate in water lubricated slippers should study more deeply 
and solutions should develop. 

The target is to get the PV-rate of the slipper to the acceptable level because the PV-rate 
is the restrictive factor of the pressure level. Minimizing PV-rate is not simply because 
the rotation speed of the cylinder block should be high enough. Also the dimensions are 
a restrictive factor because of the hydrostatic balance should be into the limits. 

2. STRUCTURE OF THE SLIPPER 

Two different slippers are studied in this paper. Experimental tests have been done with 
both  slippers  and  theoretical  part  concentrate  on  the  slipper  B.  Dimensions  of  the  
sealing land and the structure of the slippers are shown in Figure 1. 

 
Figure 1. Structure of the slippers. 

The hydrostatic balance of the slipper F is 1.029 which means that the lifting force is 
bigger  than  the  piston  force  if  the  piston  with  the  control  orifice  is  used.  Slipper  F  is  
used  without  the  control  orifice,  which  makes  possible  to  achieve  high  PV-rates.  The  
hydrostatic balance of the other slipper, slipper B, is 0.729. 

The sealing land of both slippers is made of PEEK (TECAPEEK PVX). Slipper F is full 
PEEK but slipper B has stainless steel collar around PEEK part. Slippers are designed 
so that the same piston is possible to use. The piston diameter is 16.29 mm and the 
diameter of the piston ball is 18.00 mm. 
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3. THEORETICAL ANALYSIS OF SLIPPER PV-RATE 

It is important to notice that materials have their maximum values of the PV-rate which 
could be the restrictive factor of the slipper design in water hydraulic components. PV-
rate of the slipper is an important parameter and it is closely related to the dimensions of 
the slipper and the properties of the pump. In slipper design the pressure means the 
surface  pressure  of  the  sealing  land  of  the  slipper  and  the  velocity  means  the  sliding  
velocity  of  the  sealing  land  of  the  slipper.  Equation  1  shows  how  the  PV-rate  is  
calculated.  

slipper

piston
rotslipper A

F
nRPV 2  (1) 

The angle of the swashplate is assumed to be zero degree and Fpiston is used to surface 
pressure calculation. PV-rate is proportional to the surface pressure and to the velocity 
of the slipper. So if the pressure or the rotation speed is doubled also the PV-rate is 
doubled. The rotation speed of the pump is often 1500 rpm and pressure level is some 
desirable value so the possible changes to affect the PV-rate are dimensions; the 
diameter  of  the  rotation  circle,  the  diameter  of  the  piston  and  the  inner  and  the  outer  
diameters of the sealing land. 

It is notable how the surface pressure is calculated. Figure 2 shows the PV-rates with 
hydrostatic balance and without it. The ratio of the inner and the outer radius is 
constant.  The  rotation  speed  of  the  swashplate  is  1500 rpm and the  piston  diameter  is  
16.29 mm in all the curves. 
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Figure 2. PV-rates of the slipper with hydrostatic balance and without it. 
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Figure 2 shows that if the ratio between the inner and the outer radius of the sealing land 
is kept constant the PV-rate reduces if the inner radius is increased. Figure 2 also shows 
that the hydrostatic balanced surface pressure is better to use. That way PV-rate zero 
value and the line between overclambed and underclambed behavior are the same. 
Without taken hydrostatic balance into account, the inner radius has values which are 
not possible because hydrostatic balance could be over one. In that case, the leakage 
flow increased too high. With the hydrostatic balance the curves show the more realistic 
PV-rate values. However, it is notable that the hydrostatic balance is only an 
approximation because the deformations change the pressure profile under the sealing 
land. 
It is remarkable that with higher pressure levels the sensitivity of the slipper PV-rate is 
higher. Figure 2 shows that with the 30 MPa pressure level the change of the PV-rate is 
much higher than with 10 MPa pressure level. 

It is noticeable that if the outer radius of the sealing land is constant and the inner radius 
is made bigger, the PV rate is reduced because the hydrostatically compensated part of 
the piston forces increases. That happened although the area of the sealing land reduces. 
Figure 3 shows how the PV-rate and the area of the sealing changes as a function of the 
inner radius. The ratio between inner and the outer radius of the sealing land is constant 
0.53 which is the optimum ratio according to the pumping power loss [5]. In this case 
the losses from the viscous dissipation are assumed to be neglected, which is near the 
truth. The maximum PV-rate (18 MPa m/s) of the material is also marked in Figure 3. 
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Figure 3. PV-rate and the area of the sealing land of the slipper. 

Figure 3 shows that if the area of the slipper doubles the PV-rate of the slipper do not 
reduce to the half because also the piston forces change due to hydrostatic balance. The 
sensitivity of the PV-rate is dependent of the pressure level. 

Figure  4  shows  the  PV-rates  and  hydrostatic  balance  of  the  slipper  with  the  different  
pressure levels and different inner radius of the sealing land.  
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Figure 4. PV-rates and hydrostatic balance of the slipper with different pressure 

levels and different inner radius of the sealing land.  
The  point  which  the  PV-rate  curves  are  started  is  the  point  where  the  lifting  force  is  
equals the piston force. At that point the hydrostatic balance is 1. Figure 4 shows that 
the diameter of the inner radius is very significant. With correctly designed slipper high 
pressure levels with low PV-rates are possible to achieve. In that case the inner diameter 
of 5.4 mm gives very good results. The ratio of the 0.53, PV-rates are acceptable also 
with 40 MPa pressure level. With the ratio 0.53 means that the outer radius of the 
sealing land is 10.19 mm. 

Figure 5 shows the changes if the piston diameter is increased from 16.29 mm to 20.00 
mm. 

93



 
Figure 5. PV-rates and hydrostatic balance of the slipper. Piston diameter is 20.00 

mm. 
Figure 4 and Figure 5 shows that if the inner radius of the sealing land is the same but 
the piston diameter is increased the low PV-rates move to the lower ratio values. That is 
quite obvious because bigger outer radius of the sealing land also increase to lifting 
force. It is interesting that acceptable PV-rates are still achieved. Figure 5 shows also 
that with the bigger inner radius the same behavior as earlier is possible to achieve. 
Actually, the whole system is just scaled up. There is not big difference of the 
sensitivity of the ratio between piston sizes. 

Figure 6 shows the effect of the piston diameter to the PV-rate of the slipper. 
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Figure 6. The effect of the piston diameter to the PV-rate of the slipper. 
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Figure 6 shows the PV-rate if the piston diameter is changed. The inner and the outer 
radius of the sealing land are constant. Figure 6 shows the same as Figure 4 and Figure 
5, only the point of view is different. All the dimensions should be fixed exactly during 
the design process to get the acceptable results. 
One important property of the slipper is leakage flow. Because the leakage is the 
function of the ratio of the inner and the outer radius, as Equation 2 shows, the amount 
of the leakage does not change if the ratio is constant and the scaling of the piston-
slipper assembly is not a problem.  
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The situation shown in Figure 2 and Figure 3, for example, is with constant leakage 
flow although the diameter of the inner radius is changing. Of course the pressure level 
and the gap height also affect the leakage flow. 

4. MEASURING RESULTS 

To verify the theoretical thoughts, experimental tests have been done. All the 
measurements are made with the test rig shown in [6]. Test rig allows changing the 
angle of the swashplate during measurements but all measurements reported in this 
paper are measured with zero angle. The rotation speed of the swashplate, pressure into 
the cylinder chamber and the forces in three directions are measured. 
The effect of the PV-rate is difficult to measure and we use friction and the wear rate to 
compare different PV-rates. Figure 7 shows the friction between the slipper and the 
swashplate as a function of the PV-rate. All the curves are approximations based on the 
at least three different measurements. 
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Figure 7. Friction as a function of the PV-rate of the slipper with constant 

pressure level and with constant rotation speed of the swashplate. 
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Figure 7 shows that the higher the PV-rate is the lower the friction between the slipper 
and the swashplate is if the pressure is constant and the rotation speed is changed. 
Although the PV-rate rises the behaviour is better than with lower PV-rates. The impact 
of the rotation speed is more important than the impact of the PV-rate. Rotation speed 
should be over 500 rpm in all  cases to get smooth operation. Of course the same PV-
rates are achieved with the constant rotation speed of the swashplate and friction 
coefficient  is  measured  also  that  way  by  changing  the  pressure  of  the  system.  In  that  
case, the friction increases slightly as PV-rate increases. 
The behaviour of the slipper B is quite similar. This slipper is hydrostatically 
compensated, which restricted PV-rate to 30 MPa m/s in our system. However, also that 
is over the maximum PV-rate of the material. Low friction values are expected and 
friction is lower than with slipper F, because of the better lubrication. 
Constant pressure measurements with slipper F, PV-rate 30 MPa m/s is achieved with 
the rotation speed of 700 rpm. With constant rotation speed measurements, PV-rate 30 
MPa  m/s  is  achieved  with  3  MPa  pressure  level.  The  point  of  1000  rpm  and  4  MPa,  
friction should be the same because both values are identical. However there is a little 
difference, which is mainly from the measurement error.  

In real pumps the situation is good because the rotation speed of the cylinder barrel is 
generated before pressure level rises. Also the rotation speed is usually high enough to 
stable operation. 
The wear rates of both slippers are measured with water lubrication. Slipper F is run 
with constant rotation speed (1000 rpm) and constant pressure. Pressure level was 2.1 
MPa and 5.4 MPa. PV-rates of the slipper were 20 MPa m/s and 50 MPa m/s. Both tests 
took ten hours. Slipper B is tested with 20 MPa m/s PV-rate and that test took ten hours. 
So the tests were short comparing to the real use. The mass of the slippers is measured 
with accuracy of one milligram. 
With 20 MPa m/s PV-rate, there was no wear, the mass of the slippers was exactly the 
same before and after the tests. It was surprising that also with PV-rate of 50 MPa m/s 
wear rate was neglected. Actually, after the test the mass of the slipper F was exactly the 
same than before the test. That is interesting because 50 MPa m/s is even 2.8 times 
higher value than the informed value. If the whole sealing land wears away, the change 
of the mass is 0.1 g which tells that already 2-3 % wear is very easy to see with 2-3 mg 
mass  change.  Although  the  test  was  short  it  tells  that  higher  PV-rates  than  
recommended are possible to use at least part time of the operation cycle.  
Some measurements are also made with the slipper F and piston with the control orifice. 
Because of the hydrostatic balance of the slipper is over 1.0, the leakage is very high. 
The leakage is dependent of the supply pressure. In that case, the leakage is several 
litres per minute with 10 MPa pressure level. It is obvious that the friction force is very 
low in that case, which is also noticed in measurement. All in all changes of the rotation 
speed of the swashplate and the supply pressure are not significant concerning the 
friction of the underclamped slipper. Underclamped slippers are not studied in this 
paper. 
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5. CASE STUDY OF HIGH PRESSURE SLIPPER 

If original piston size (16.29 mm) and 40 MPa pressure level are used the new slipper 
dimensions could be calculated. If the ratio is wanted to be 0.53, the maximum inner 
diameter of the sealing land is found out when the hydrostatic balance is 1.0. Equation 3 
gives that the maximum inner radius is 5.736 mm. 
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Figure 4 shows that with the selected 5.40 mm inner radius PV-rate is 25.5 MPa m/s 
with 40 MPa pressure level. If the inner diameter is 10.80 mm, the outer diameter is 
20.38 mm. The difference to the original design is slightly over 2 mm which is not 
really big. The hydrostatic balance of the slipper is 0.886. Figure 8 shows the one sketch 
of the slipper with new dimensions. 

 
Figure 8. Slipper with calculated inner and outer radius. Original piston 

connection. 

Slipper design is not considered well but the deformations of the slipper could be 
studied with FEM-analysis. Original slipper deformations are studied in [4]. FEM-
analysis of the case study slipper shows that the diameter change of the sealing land is 
minimal although the pressure level is 40 MPa. Inner radius increases about 21 m and 
the outer radius 14 m. With these changes the hydrostatic balance change from 0.8863 
to 0.8884 and PV-rate change from 25.38 MPa m/s to 24.90 MPa m/s. Although the 
deformations are so minimal there is change at PV-rate. However the change is quite 
small and usually the deformations of the inner and the outer radius is not to need to 
take into account. 
The vertical deformations of the sealing land are more significant than the radial ones. 
Figure 9 shows the deformation of the sealing land of the slipper. 
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Figure 9. Deformations of the sealing land of the slipper with 40 MPa pressure 

level. (magnified 100 times). 
FEM-analysis show that the vertical deformation of the inner radius of the sealing land 
is only about 1.9 micrometers. However the water film thickness is even thinner. Also 
the outer edge is slightly opened. Vertical deformations a change pressure profile under 
the sealing land and the hydrostatic balance of the slipper change. That kind of concave 
deformation increase the hydrostatic balance of the slipper and the leakage flow will be 
increased [7]. It is noticeable that in this case the deformation is not pure concave. 
Because of the high pressure level, the behaviour is very sensitive and the hydrostatic 
balance is fitted near to 1.0. So it is extremely important to notice the changes. 
Deformation increases when the pressure rises and that cause higher hydrostatic 
balance. It is possible that the hydrostatic balance rise over 1.0 which is not desirable. 
PV-rate will also change because of the change of the load and the contact area. How do 
the properties change in that case? 
Deformation is described with dimensionless value of slope with parameters shown in 
Figure 10. 

 
Figure 10. Parameters of the deformation calculations. 
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Equation 4 and Equation 5 describes how the slope of the deformation is calculated. 
Calculations are made same way as in [7]. 
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Figure 11 shows how the hydrostatic balance of the high pressure slipper change as a 
function of concave deformation, defined in Equation 5. 
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Figure 11. Hydrostatic balance of the slipper as function of the deformation. 

Figure 11 shows that hydrostatic balance is over 1.0 with the deformation value of 
1.043. Because the water film is so thin and the deformation value is a function of the 
minimum gap height, as Equation 4 and Equation 5 shows, it is possible to achieve the 
concave deformation slope value 1. The deformation value of the slipper is dependent 
on pressure. With lower pressure level the deformation is lower and the dimensions 
could size safe.  
The stress components of the slipper are also studied. Stress components in all 
directions are acceptable on the sealing land –swashplate contact. The biggest challenge 
is the spherical joint between the slipper and the piston. Maximum tension values are 
about 104 MPa, 154 MPa, 162 MPa (x,y,z). The yield strength of the PEEK is 119 MPa. 
Materials compressive strength is higher than the tensile strength but because the values 
are so much higher it is better to redesign the spherical joint. The high number of cycles 
reduces the fatigue stress of the slipper, which means that long term tests in real pumps 
are needed to verify the durability of the slipper.  

6. CONCLUSIONS 

The study of the PV-rate shows that the absolute size of the slipper or the piston is not 
significant. Instead the ratios between dimensions are very important because the good 
behaviour could be achieved if the ratio between dimensions is correct. 
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High pressure level makes the PV-rate more sensitive for a ratio. However, the good 
behaviour could be achieved. High pressure level also causes sealing land deformations. 
Those deformations of the sealing land have to take into account because concave 
deformation changes the properties of the slipper. 
The experimental test shows that maximum PV-rate of the material is not critical. 
Higher values can be used with normal rotation speed area. Much higher PV-rate values 
are possible to use at least short time. Tests are made without pressure pulsation. 

The dimensions of 40 MPa pressure level slippers are calculated and the FEM-analysis 
shows that the slipper radial deformations and stress components on the sealing land are 
not significant. It is noticed that the spherical joint should redesign because of the high 
stress components. Deformations of the sealing land are a big problem because the 
properties of the slipper are strongly dependent to the pressure level. Deformations 
became significant because water film thickness is known to be very thin. 

NOMENCLATURE 

Aslipper  Area of the sealing land of the slipper   [m2] 

Di  Inner diameter of the sealing land    [m] 
Do  Outer diameter of the sealing land    [m] 

Dpiston  Diameter of the piston      [m] 
Fpiston  Pressure force       [N] 

h  Gap  height        [m] 
hmin  Minimum gap height      [m] 

hr  Vertical sealing land deformation    [m] 
Lr  Length of the sealing land     [m] 

n  Rotation speed of the swashplate    [1/s] 
pr  Pressure into the slipper pocket    [Pa] 

PVslipper PV-rate of the slipper      [Pa m/s] 
q  Hydrostatic balance of the piston-slipper assembly  [-] 

Qleakage  Leakage flow       [m3/s] 
Rrot  Rotation circle       [m] 

ro  Outer radius of the sealing land    [m] 
  Slope of deformation      [m/m] 

  Dynamic viscosity      [Pa s] 
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ABSTRACT

Water hydraulic fluid switching transmission (FST) has lower environmental load and
lower energy loss in a valve for using only ON/OFF valves. In addition, FST can recover
kinetic energy during the deceleration phase. This paper is concerned with experimental
results of the FST system. First, it was shown from experimental results that the error
rate during the constant phase was limited to within ±5 percent. Next, two performance
indices were introduced to analyze the energy efficiency of water hydraulic FST. Then, it
was shown that the recovered energy during the deceleration phase was more than 25-38%
of the kinetic energy of a flywheel. Moreover, the FST simulator was also developed for
designing the key parameters to achieve higher transmission efficiency.

KEYWORDS: Water hydraulics, Fluid Switching Transmission(FST), Energy recovery,
ON/OFF valve, Accumulator, Flywheel

1. INTRODUCTION

Water hydraulics is recognized as the forth drive systems for more than ten years because
of its lower environmental load and high cleanness. This system can be widely applied
to food processing, semiconductor industry, disaster prevention system, forestry and so
on. Its control performances were discussed in many papers and it was shown that the
control performance was comparable with of oil hydraulics[1]-[3]. They can be achieved
with advanced control theories and the proportional, servo or ON/OFF valves. For water
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hydraulic servo system, these papers clarified that adaptive control, H∞ control, sliding
mode control with disturbance observer, optimization control were valid to compensate
the nonlinearities in water hydraulic component, e.g. friction, leakage and so on.

On the other hand, as a drive source, not only the control performance but also the energy
saving performance is also very important in application. For water hydraulics, in general,
the component such as pumps, motors are said to be lower efficiency for lower viscosity
of water compared with oil hydraulics. Moreover, while the proportional or servo valves
are proper to achieve higher control precision, this kind of valves dissipates the energy at
their throttle part. As a result, this leads to lower energy saving performance. Therefore
a novel control concept to reduce the energy consumption in valve part is required and
several approaches are proposed [4][5].

In this situation, a concept inspired by power switching control which is very popular in
electrical power control field was introduced for fluid power transmission. This is called as
the fluid switching transmission (FST) and its key concept is to transmit power by applying
the switching control with ON/OFF valves and store the surpass energy to accumulator.
By controlling the load/unload interval of pump and/or accumulator with ON/OFF valves,
the pressure and flow rate can be controlled continuously. In FST, the fixed displacement
pump and motor can be applied, and the higher energy loss components such as propor-
tional or servo valves are not adopted. A prototype of small FST rail vehicle and simple
simulator have been already constructed and examined in oil hydraulics, their validities
were confirmed to some extent[6][7].

This paper deals with a water hydraulic FST for motor control system. Contrary to the
oil hydraulics case, no results exist on the performance of FST in water hydraulics. This
is more effective for lower environmental load and the property of water as a pressure
medium can be available for effective power transmission. The objectives of this study are
to examine 1) motor control performance, and 2) energy recovery performance of simple
FST system. As a first step, the rotational velocity control performance for given refer-
ence will be discussed from experimental results. Then the energy saving performance is
discussed with two indices representing recovery efficiencies. Though these indices, the
effectiveness of water hydraulic FST was confirmed. Finally brief conclusions and future
work will be mentioned.

2. FST EXPERIMENTAL SYSTEM

The water hydraulic circuit used in this study is shown in Fig.1 which realizes the concept
of FST simply. This is composed of a fixed displacement pump (P), a fixed displacement
pump/motor (PM), four ON-OFF valves (VSi, i = 1, 2, 3) and two accumulators (ACCi,
i = 1, 2) as key components. The flywheel (FW) connected to PM is the rotating load. Two
accumulators ACC1 and ACC2 are used as a surge absorber and an energy storage, respec-
tively. In this research, a normal water hydraulic power source is used for the feasibility
of water hydraulic FST examination. The specifications of each component and instru-
ments for measurement are listed in Table 1. Note that the variables ps, pi (i = 1, 2, 3),
qi (i = 1, 2), ωFW in Fig.1 are used throughout the paper. For this transmission system,
the input power is defined as the mechanical power which is supplied from the pump P
through the valve VS1. On the other hand, the output is defined as the transmitted power
to the load, i.e. flywheel FW. The supply pressure ps is 12MPa in all experiments and as
a reference rotational velocity the drive pattern of load is given as seen in Fig.2(a) which
is composed of three phases; acceleration (Phase 1), constant velocity (Phase 2) and de-
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celeration (Phase 3). In experiments, considering the response lag of ON/OFF valve and
their control relays, ±10% threshold around reference rotational velocity is introduced in
the constant velocity phase control (see ωmax and ωmin in Fig.2(c)).

Figure 1. Water Hydraulic FST circuit

Table 1. Specifications of experimental devices

P Displacement volume 30×10−6 [m3]

PM Displacement volume 15×10−6 [m3]

ACC1 N2 gas volume 0.005 [m3]

Precharge pressure 5 [MPa]

ACC2 N2 gas volume 0.01 [m3]

Precharge pressure 8.4 [MPa]

FW Total inertia 1.58 [kg·m2]

Mass 78.9 [kg]

Diameter 0.4 [m]

Thickness 0.08 [m]

Drive motor Revolution 500 [rpm]

Flow meter Range of measurement 0-15 [L/min]

Rotational Time constant 63 [ms]

velocity transducer Range of measurement 1-20000 [rpm]
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Figure 2. Logic charts of each ON/OFF valves with energy recovery

3. VALVE CONTROL

The valve control charts are shown in Fig.2(b) and (c). The valve VS1 is controlled de-
pending on pressure p1 and VS2 and VS3 on flywheel rotational velocity ωFW. The energy
recovery is realized in Phase 3. In order to compare the results for FST with/without en-
ergy recovery, the valve VS3 is always open in both Phase 2 and 3 for without energy
recovery case.

Considering the complete open and close action of ON/OFF valves, the hold time which
avoids frequently switching signal is introduced in valve controls. At least during this hold
time, each valve keeps the state. More specifically, referring the valve catalogue value and
test results for four valves, the hold time of 120 ms is incorporated in control logic.

3.1. Acceleration phase (Phase 1)

In this phase, FST accelerates the flywheel FW from the stationary state to a given refer-
ence rotational velocity. After once reaching to the reference value, the control system is
switched to Phase 2. The valve switching algorithm is shown in Table 2 and note that in
this phase, no velocity control is required.
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Table 2. Valve operation logic in Phase 1

With energy recovery Without energy recovery

VS1 Open Open

VS2 Open Open

VS3 Open Open

3.2. Constant velocity phase (Phase 2)

This phase maintains the rotational velocity of flywheel FW within 790-810 rpm for 20
seconds. The corresponding valve switching algorithm are shown in Table 3 with energy
recovery and Table 4 without energy recovery (conventional control).

Table 3. Valve operation logic in Phase 2 with energy recovery

Open Close

VS1 p1 < 9 [MPa] p1 > 10 [MPa]

VS2 ωFW < 790 [rpm] ωFW > 810 [rpm]

VS3 ωFW < 790 [rpm] ωFW > 810 [rpm]

Table 4. Valve operation logic in Phase 2 without energy recovery (conventional control)

Open Close

VS1 p1 < 9 [MPa] p1 > 10 [MPa]

VS2 ωFW < 790 [rpm] ωFW > 810 [rpm]

VS3 Open

3.3. Deceleration phase (Phase 3)

In final phase, the speed of flywheel is decelerated to zero and note that also in this phase,
no velocity control is required. In this phase, the effect of energy recovery is compared
with conventional deceleration operation which makes the pressure in discharge side of
water hydraulic motor higher and much energy dissipation. The valve switching algorithm
is shown in Table 5.

Table 5. Valve operation logic in Phase 3

With energy recovery Without energy recovery

VS1 Close Close

VS2 Close Close

VS3 Close Open
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3.3.1. With energy recovery operation

The valve VS3 is always close to make pump/motor PM act as pump for energy recovery.
By high pressure water flow to the accumulator ACC2, the energy is charged in ACC2. At
the same time, the pressure rise of p3 decelerates the rotational velocity of the flywheel.

3.3.2. Without energy recovery operation

The valve VS3 is always open. In conventional deceleration phase, the mechanical brakes
are used in application; this implies that all of the kinetic energy in load will be dissipated
in heat and/or acoustic energy. In this study, for constraints on experimental system, the
deceleration of load is realized with hydrodynamic loss of flywheel itself, the bearing of
shaft, and the pump/motor PM.

4. EXPERIMENTAL RESULTS

The experimental results on control performances of the rotational velocity of flywheel
are summarized in Table 6 for the reference velocity 600-1000 rpm. As an example, Fig.3
and Fig.4 show the control results of rotational velocity of flywheel ωFW for the reference
velocity 800 rpm and its flow rate q2 to the accumulator ACC2 as the energy recovery,
respectively. Especially, Fig.3 contains the comparison of two cases; with and without
energy recovering operations.

Table 6. Flywheel velocity control performance

Reference ωmin ωmax emin emax ωconst

rotational velocity [rpm] [rpm] [%] [%] [rpm]

1000 [rpm] 964 1043 3.58 4.25 1001

900 [rpm] 864 941 3.94 4.53 899

800 [rpm] 761 841 4.86 5.09 801

700 [rpm] 664 740 5.09 5.68 700

600 [rpm] 561 639 6.42 6.55 601
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Figure 3. Experimental results of flywheel velocity: with/without energy recovery

Figure 4. Experimental result of flow rate q2 with energy recovery

Table 6 shows that the rotational velocity error ratio emax and emin in Phase 2 decreases for
higher reference velocity. This is due to two reasons; 1) the time lag and response time in
ON/OFF valves (see Fig.5), and 2) the response time of velocity transducer. From Fig.5
representing ON/OFF valve characteristics, the maximum opening time is about 40 ms
and the maximum closing time about 100 ms. These lead to the steady velocity fluctuation
about 6 rpm in opening and about 13 rpm in closing, and these correspond to 15-30% of
the rotational velocity error ratio. On the other hand, the latter has relatively larger effect
on the results because time constant of velocity transducer is about 63 ms as in Table 1.
The settling time of this sensor seems to be about 300 ms, this implies that the rotational
velocity of flywheel is highly depending on the performance of velocity transducer com-
pared with valve response lags. As a result, for higher reference velocity, relatively smaller
rotational velocity error ratio can be observed.

In the next step, the effects of with or without of energy recovery on the rotational velocity
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control performance during Phase 2 will be considered. In case with energy recovery, the
On/Off valves VS2 and VS3 take the same operation for maintaining constant flywheel
velocity. When the rotational velocity of flywheel exceeds the upper limit, these valves
are switched to close, then the pump/motor PM acts as a pump. This makes the pressure in
suction side of pump lower. Meanwhile, the pressure in discharge side of pump becomes
higher because this line connected to the accumulator ACC2 through a check valve. There-
fore the large pressure difference makes the rotational velocity of flywheel steeply down.
Conversely, if the rotational velocity of flywheel falls below the lower limit, two valves
are switched to open, then the pump/motor PM acts as a motor. These actions achieves
better rotational velocity control performance.

On the other hand, in case with no energy recovery, two valves VS2 and VS3 are simulta-
neously switched to close when the rotational velocity ωFW exceeds the upper limit. But
when ωFW falls below the lower limit, both valves are open. The flywheel is decelerated
only with the pump loss and the wind loss of flywheel, this makes slower deceleration. In
fact, larger slope difference between acceleration and deceleration can be seen in Fig.3.
This is also reason why the rotational velocity error ratio is smaller compared with accel-
eration action.

Figure 5. Rotational velocity of flywheel and valve response

5. EVALUATION OF ENERGY RECOVERY EFFICIENCY

In this section, two indices will be defined to evaluate the energy recovery of FST system.
Note that these indices are valid during Phase 3 because the energy recovery is operated
only in this phase, that is, in deceleration of the flywheel as a load.

5.1. Efficiency index η1

The index η1 is defined as

η1 =
Erecovery

EFW

(1)

where EFW is the kinetic energy possessed by the flywheel at the end of Phase 2, and
Erecovery the recovered energy to the accumulator ACC2 during Phase 3. This evaluates
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how much energy will be recovered from the kinetic energy of flywheel which is dissipated
in conventional operation and can be reused in next operation in real application. In this
case, EFW is defined as

EFW =
1

2
Iω2

constant (2)

where ωconstant is the final value of rotational velocity of flywheel at the end of Phase 2.
On the other hand, Erecovery is the pressure energy in the accumulator ACC2 which can be
calculated with the pressure pACC in the accumulator and its flow rate qACC2 as follows.

Erecovery =
∫ tend

tstart
pACC · qACC2dt (3)

where tstart and tend are the time at the beginning and the end of the Phase 3, respectively.
Because the pressure pACC is same to the pressure p1 and the flow rate qACC2 into the
accumulator ACC2 is only q2, eq.(3) can be rewritten to

Erecovery =
∫ tend

tstart
p1 · q2dt (4)

5.2. Efficiency index η2

In addition to the η1, another evaluation index will be defined as

E2 =
Erecovery

Esup as

× 100 (5)

where Esup as is supplied energy to FST system by opening ON/OFF valve V1 during
Phase 1. This index η2 indicates the ratio of recovered energy to the total supplied energy
to FST system. This is also supplementary for η1 because even if the η1 is supposed to be
higher, there is a possibilities that FST could transmit the small portion of supplied energy
to the load. Therefore the η2 is also required to evaluate the FST system performance as a
transmission. In eq.(5), Esup ac is obtained as

Esup ac =
∫ tend

0
ps · q1dt (6)

where ps is supply pressure and q1 the supplied flow rate. Based on these two indices, the
energy and transmission performances will be discussed in the following section.

5.3. Efficiency analysis

The results on efficiency analyses are shown in Fig.6, Table 7 and Table 8. These results
are the average of 5 times experiments. First, from Fig.6, it can be observed that the
energy recovery efficiency η1 is improved for higher reference rotational velocity of load.
This is due to the characteristics of volumetric efficiency of the pump/motor PM which is
connected to the flywheel. The index η2 also shows similar property and this reason can be
explained as follows. For higher reference velocity, the kinetic energy in flywheel is higher
at the end of Phase 2, and this implies that the recovered energy in the accumulator is also
larger. Therefore, for higher reference velocity, η1 will be improved and the FST achieves
better energy performance. Moreover, higher pump/motor efficiency makes higher η1, η2.
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Figure 6. Efficiency comparison for various reference rotational velocities

Table 7. Analysis of energy efficiency η1

ωFW [rpm] η1 [%] EFW [kJ] Erecovery [kJ]

1000 38.4 8.61 3.30

900 36.3 6.98 2.54

800 32.4 5.52 1.79

700 28.6 4.23 1.21

600 25.9 3.10 0.80

Table 8. Analysis of energy efficiency η2

ωFW [rpm] η2 [%] Esup ac [kJ] Erecovery [kJ]

1000 33.4 9.89 3.30

900 29.5 8.60 2.54

800 25.0 7.15 1.79

700 17.4 6.95 1.21

600 13.9 5.78 0.80

As mentioned before, η1 shows the recovered energy ratio to the energy possessed by
flywheel at the end of Phase 2. This FST system achieves more than 25-38% recovery
of energy depending on reference rotational velocity of flywheel. However, if recovered
energy exceeds the capacity of the accumulator ACC2, the surplus energy will be dissi-
pated through the relief valve VR2. This leads to lower energy recovery. Therefore, for
designing the FST system, some key parameters, i.e. the precharge pressure and the initial
volume of ACC2, which depend on drive pattern of load, are very important to minimize
this dissipative energy.
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6. CONCLUSIONS

This paper dealt with a simple FST and examines the rotational velocity control perfor-
mance and the energy recovery performance with two indices. The drive pattern was
assumed to be simple profile; the combination of acceleration, constant velocity and de-
celeration. For the constant reference rotational velocity, the proposed FST achieved con-
trol accuracy within ± 40 rpm for given reference speed, that is, within 5% error ratio.
This error ratio was highly depending on the time constant of velocity converter and the
response of ON/OFF valve. Also, it was confirmed that the energy recovery of FST was
more than 25-38% of kinetic energy of the load depending on reference rotational velocity
of load. In conventional fluid power transmission, this energy is all dissipated at orifices.
This result implies that this energy can be used to compensate the power required by load.
Therefore, by using accumulator as energy storage, this transmission can improve its total
efficiency of power transmission. This results show the effectiveness of FST.

As a future work, the key design parameters of FST should be examined by sensitivity
analysis for improving the energy recovery efficiency.

NOMENCLATURE

pi pressure in pipe (i = 1, 2, 3)
ps supply pressure
pACC pressure in accumulator ACC
qi volumetric flow rate (i = 1, 2, 3)
qACC flow rate to accumulator ACC
I inertia load
ωFW rotational velocity of load
ωconst rotational velocity of load at the end of constant velocity phase
pmax maximum threshold pressure of accumulator
pmin minimum threshold pressure of accumulator
EFW kinetic energy of load
Erecovery recovery energy in deceleration phase
Esup ac supplied energy in acceleration phase
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ABSTRACT 

An unstable behavior of a pilot-operated gas pressure control valve at supercritical 

pressure ratios is studied through measurement and mathematical modeling. The 

analytical and experimental research is carried out to reveal the most essential factors 

influencing stability and dynamic properties of the valve. The linearized model and the 

perturbation technique are used to predict the stability domain in the space of structural 

and operational parameters. CFD software is employed to study the effect of the poppet 

geometry on aerodynamic lifting force. The analysis shows general agreement with 

experimental data. Effective means for providing stable operation of the system is 

discussed. 

KEYWORDS: Gas pressure control valve, stability, self-exited oscillation, damping 

NOTATION 

D  damping factor                N*s/m 

d diameter                                  m 

F force                                        N 

G mass flowrate                      kg/s 

J spring stiffness                    N/m 

k adiabatic exponent 

l length                                      m 

M mass of main valve                kg 

n polytropic exponent 

p pressure                                  Pa 

R gas constant                     J/kg/K 

S cross-sectional area            m
2
 

T temperature              K 

t time                s 

 

U velocity          m/s 

V volume            m 

x displacement            m 

Z impedance  Pa*s/kg 

µ         flow coefficient 

ν          kinematic viscosity 

ρ         fluid density 

φ flow force factor 

 

Subscripts 

0         relating to x=0; 

1,2,a,b,k   relating to cross-sections,  

volumes and channel respectively, as 

shown in Figure 1 
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1. INTRODUCTION 

Fluid-born noise and vibration are a common problem in many types of valves and 

pressure controllers. These phenomena are caused by instability of balance of the valve 

in a fluid flow. Difficulties of its stabilization are connected with complexity of physical 

processes of acousto-vortex interaction of the mobile structure of the valve with a flow 

and attached systems. Besides, small viscosity of gas makes impossible creation of 

stable forces of a contact friction in guiding surfaces. In many cases steady functioning 

of valves is provided with forces of coulomb friction which are instable and 

considerably change while in service under the influence of many factors. Therefore 

unstable behavior of gas valves can arise unexpectedly even in certified units at any 

changes of system configuration or service conditions or manufacturing process (change 

of input impedances of the attached pipelines, change of parameters of vibration of the 

case, change of guiding surface condition).).  

Many researchers have examined the stability of systems consisting of valves connected 

to pipelines and other components. Various mechanisms of flow induced instability in 

valves are described in [1]. Guidance for design against instability is given for each 

case: jet flow-inertia mechanism, turbulence, acoustic resonance. Results obtained in [2] 

indicate that negative hydraulic stiffness at the control valve due to fluid-structure 

interaction may cause the self-excited oscillation in the system. The interaction of safety 

valves with supersonic gas flow is studied in [3] and feedback between valve’s vibration 

and stagnation-pressure oscillation is found and examined. Stability problem for control 

valves functioning in pressure charging systems is considered in [4], where an influence 

of air forces on system stability is analyzed. Many issues of safety valves design are 

presented in [5] including comprehensive data about coefficients of flow and flow 

forces for various valve’s geometry. 

The study of a safety valve dynamics is carried out in [6] and the method of stability 

analysis in terms of a relative positioning of impedance performances of the valve and 

the attached pipe lines is offered. It is shown that it is possible to provide stability of the 

simplest safety valves both by change in the mobile unit damping and by change in an 

upstream pipe line dynamic characteristic. Some structures and principals of design of 

correcting devices for providing stability of the control valves as part of a system are 

considered in [7]. 

However relevant data is necessary for designing of correcting devices about structure 

and valve parameters. 

In this paper a pilot operated gas pressure control valve is considered. On the basis of 

theoretical and experimental research effective means for providing stability both at the 

expense of the valve damping, and at the expense of impact on the attached system 

characteristic are offered. 

2. THEORETICAL STUDY 

2.1. Model of the valve 

As a result of preliminary experimental research of gas safety valves shown, in Figure 

1, the valves inclined to unstable work have been selected. It is established that 
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vibrations of the valves occurre at the frequency close to natural frequency of the main 

valve. At switching-off the pilot valve 7 and replacement it with a source of constant 

pressure parameters of self-oscillations don't change. It allows assuming that instability 

of the system is connected with dynamics of the basic valve. 

 

Figure 1. Schematic diagram of the control system: 1,8 – restrictor; 2 – vessel; 3 – 

main valve poppet; 4 – spring; 5 – bellow; 6 – guide rod; 7 – pilot valve 

To simplify mathematical model following assumptions are made: a fluid is an ideal 

gas; pressure drop through the valve is supercritical; nonlinear friction are negligible; 

input impedance of the downstream system is equal to zero ( constpa  ); hydraulic 

losses at the inlet can be neglected; the cross sectional area 1-1 is great enough 

compared to the maximum area of throttling sections 2-2, that is Mach number M1<<1 

even at the critical condition in cross-section 2-2. 

Assuming polytropic process for the gas in volume 2, one obtains: 

10

1 GG
dt

dp
C  ,         (1) 

where 
0nRT

V
C   - pneumatic capacity. 

Continuity equation for the flow between cross-sections 11  and 22   is: 

dt

dx
SGG 1121  .         (2) 

Flow velocity at 11  

dt

dx

S

G

S

G
U 

11

2

11

1

1


.        (3) 

Mass flow rate at the critical pressure drop in 2-2 is 

122 xpAG  ,           (4) 
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where 
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Equilibrium equation for the valve is: 

002

2

 FFJx
dt

dx
D

dt

xd
M .       (5) 

Consider the main valve balance when pilot valve is switched-off, i.e. pb=pa=const. 

Assume that flow at the outlet section forms right angle to axis х, summary flow 

force F , including the change in axial momentum flux through a control volume 

limited to the inlet channel wall, sections 1-1, 2-2 and the poppet plane, can be 

expressed as: 

)
dt

dx
U(G)pp(SF a  1111 .       (6) 

Then the equation of balance of the valve (5) taking into account expressions (2), (3), 

(4) and (6) will become 

01011

2

1

11

2

2

122

2

 )pp(Sx
S

RTpA
Jx

dt

dx
)xpAD(

dt

xd
M  .   (7) 

Here 101 pp   - opening pressure at 0x  . 

Similarly the equation (1) can be deduced to 

dt

dx

RT

p
SxpAG

dt

dp
C

1

1

1120

1  .        (8) 

2.2. Simulation study 

Simulation study of nonlinear equations (7) and (8) is carried out using software 

MatLab/SimuLink at the parameters of valve and operating conditions given in Table 1.  

Table 1. Initial data 

Parameter, unity Notation Value 

Mass of main valve, kg M 0,5 

Spring stiffness, N/m, max  

                                    min 
J 

20600 

13000 

20600 

13000 

Area of cross-section 1-1, m
2 

S1 7,085*10
-3 

Seat diameter, m d2 0.095 

Flow coefficient µ2 0,6 

Opening pressure, bar p10 4,6 

Maximum mass flow rate, kg/s G0 1,8 

Stagnation temperature, K T1 293 

Gas constant, J/kg/K
 

R 287 
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As appears from the equation (7), the account of dynamic component of the flow force 

leads to decrease in total damping factor proportionally to lifting of the valve x and to 

pressure p1 at the valve input (or to flow rate G2). Besides, influence of static 

component of the flow force is directed to a reduction in total stiffness proportionally to 

square of the valve lifting x
2
 and to inlet pressure p1. Influence of factor of viscous 

friction D on transients at step change in the gas flow rate G0 at an inlet of the vessel 2 

(Fig. 1) from 0 to 0,6 kg/s is shown on Figure 2. 

At D <50 Ns/m process becomes unstable as the total damping factor becomes less zero 

because of flow force action. 

 
a     b 

Figure 2. Effect of damping factor D on the time responses of: a – poppet lift X, b 

– gage pressure in the vessel P1. 

The transient responses including and excluding flow forces at the same damping factor 

D=50 Ns/m are shown on the Figure 3. As could be seen, the account of flow forces 

leads to increase setting time and to decrease stability margin of the system. 

 
a      b 

Figure 3. Effect of flow forces on the time responses at D=50 N*s/m: a – poppet 

lift X, b – gage pressure in the vessel P1. 

Decrease in total stiffness due to flow forces action results in reduction of frequency of 

transient response (Fig. 3a) and influences the static characteristic of the control valve. 

Figure 4 shows the decrease in total stiffness at two given spring constants leads to 

reduction of a static error more, than twice in a range of flow rates from 0 to Gmax.  

Taking into account the characteristic of the pilot valve, expression (6) for the flow 

force will become 

).
dt

dx
U(Gp)SS(pSpSF abbb  11111     (9) 
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The flow force value here and above can be corrected by change of factor φ that allows 

adjusting mathematical model. Calculating of the flow force factor φ for a concrete 

valve’s configuration is carried out by modeling of the flow in a backlash between a 

seat and a poppet of the valve in ANSYS software. 

 

Figure 4. Effect of flow forces on static accuracy at various stiffness 

Representing pilot stage as proportional circuit by the following 

expression )pp(Kpp pbb 1010  , consider influence of the gain Kp on the system 

stability and quality of transient response. As appears from Figure 5, with reduction of 

the gain Kp from 0.91 to 0.61 the required damping factor D increases from 10 to 25 

Ns/m. 

 
a      b 

Figure 5. Effect of gain Kp on the minimum value of damping factor D. 

In order to obtain more general regularities research of the linearized model of the valve 

is conducted. The initial equations are linearized using method of small deviations, and 

stability conditions in terms of requirements to damping factor D in the whole range of 

flow rates from 0 to Gmax are received. The following results obtained totally 

correspond with the data of the nonlinear model research: 

• The worst conditions for the valve stability are realized at Gmax. In this case the 

greatest damping D is required. 

• The required damping increases with reduction of the tank volume V. 

• The required damping increases with reduction of the feedback gain Kp. 

Since feedback gain Kp depends on permissible static error, by working out measures 

on stabilization similar system it is necessary to be guided by the maximum flow rate 

and the least tank volume. 
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2.3. Stabilizing the system 

2.3.1. Resistance at the valve inlet 

As shown in work [7], it is possible to provide stability of a safety valve by increase in 

the real component of upstream piping impedance. For our case it can be realized by 

means of a throttle attached to the valve inlet. Made of some porous material or a 

package of mesh elements the throttle has characteristic close to linear in a wide range 

of flow rates. Then pressure difference on a throttle can be expressed as 

 1R11 GZ'pp   ,        (10)  

Initial Simulink model is modified by adding equation (10), and influence of the 

resistance ZR on the system stability is investigated. 

Transient responses for a valve displacement (a) and for a pressure in the vessel (b) are 

shown in Figure 6 at zero damping and constant flow rate. As appears from Figure 6, 

there is a minimum value of hydraulic resistance, in this case, ZR=20 kPas/kg at which 

transient becomes fading. 

  
a      b 

Figure 6. Effect of a resistance ZR at the inlet on the time responses at D=0: a – 

poppet lift X, b – pressure in the vessel P1. 

2.3.2. Damping of the moving unit 

It is possible to provide a required damping by a choice of parameters of the channel 

connecting closed cavity between top of the guiding (6) and the valve poppet (3) 

(Figure 1). Such damping is widely used and much explored relating to hydraulic 

valves. The effect of various physical parameters on the stability of a relief valve is 

investigated in [8].  

Considering resistance and inductance of the channel, 

;
l
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where 
4

128

K

K

K
d

l
Z




  - hydraulic resistance of the channel at lK>20dK. 

The valve model included the equations (11) and (12) is examined using 

MatLab/Simulink software to define parameters of the damping device from the 

requirements of valve stability and transient quality. Some results of simulation at 

various diameters of two channels at length lK =57 mm and volume VK=5.4×10
-6 

m
3
 are 

presented in Figure 7. The decrease of channels’ diameter from 1.5 to 1.0 mm leads to 

the valve stabilization and to a proper quality of the transient response. 

 
a      b 

Figure 7. Effect of the channels diameter dk on the time responses at G0=0.63 kg/s 

and D=0: a – poppet lift X, b – pressure in the vessel P1. 

3. EXPERIMENTAL RESEARCH 

Tests of the valve for functioning are conducted on the special test rig presented in 

Figure 8. Variation of the flow rate is carried out by supply pressure p0 change (up to 

200 bar) upstream of a throttle 4 (or throttle 1 in Fig. 1). Static and dynamic pressures 

in the vessel and pipes are measured with transducers 2, valve displacement and 

acceleration – by means of gages 5 and 7. The frequency range is up to 2500 Hz. 

As a whole tests confirm reliability of the simulation results. Self-exited oscillations of 

the valve have been registered at frequency about 30 Hz that corresponds to the 

frequency received in numerical experiments. Some difference in the process 

attenuation can be explained by nonlinear friction in guiding surfaces.  

Efficiency of a throttle at the valve inlet for system stabilization is confirmed. 

Oscillation amplitudes decrease with growth of a throttle resistance. At resistance of 20 

kPas/kg oscillations aren’t exited. 
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Figure 8. Test rig: 1 – vessel V=100 l; 2 – pressure sensor; 3 – pipeline d=12 mm; 

4 – flow metering restrictor; 5 – valve position sensor; 6 –valve tested; 7 – vibro 

acceleration sensor; 8 – flow restrictor; 9 – pilot valve 

4. CONCLUSION 

An unstable behavior of a pilot-operated gas pressure control valve at supercritical 

pressure ratios is studied through measurement and mathematical modeling. The 

analytical and experimental research is carried out to reveal the most essential factors 

influencing stability and dynamic properties of the valve. The linearized model and the 

perturbation technique are used to predict the stability domain in the space of structural 

and operational parameters. The analysis shows general agreement with experimental 

data.  

It is offered two effective means to improve system stability: 

• installing a special throttle at the valve inlet; 

• inserting a correcting element into a valve design. 

The mathematical model for definition of parameters of correcting devices proceeding 

from requirements of static accuracy and quality of transient is received. 

For specification of the received results and working out reliable measures to improve 

the valve stability more detailed research should be aimed at CFD methods to increase 

accuracy of flow force calculation in ANSYS software. 
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ABSTRACT

This paper presents a nonlinear model-based control design for an electro-pneumatic
clutch for heavy trucks, which is required at start-up or during gear shifts to disconnect the
combustion engine from the gear box. This automated actuator disburdens the driver and
provides the necessary actuation force according to the large torque transmitted through
the powertrain. The proposed control consists of a combined feedforward and a feedback
control extended by a reduced-order disturbance observer. The design of the feedback
part is based on extended linearisation, where the state space reprensentation depends on
both the piston position as well as on the piston velocity. Remaining model errors in the
equation of motion of the piston are estimated by a disturbance observer and used for a
compensation. Thereby, high tracking accuracy is achievable for the piston position as
controlled variable. The efficiency of the proposed control structure is emphasized by
first experimental results from a dedicated test rig.

KEYWORDS: pneumatic clutch, extended linearisation, differential flatness, nonlinear
reduced-order observer

1. INTRODUCTION

Clutches are needed in vehicle powertrains to decouple the angular velocities of the in-
ternal combustion engine from those of the driving wheels. Especially at start-up, when
the velocity of the vehicle is zero, and during the gear shift process the clutch has to be
employed. Due to the large torque transmitted through the clutch, an electro-pneumatic
actuator is advantegeously used in truck applications. Often, the clutch operation is auto-
mated using a combination of feedforward and feedback control, e.g., nonlinear control
approaches as presented in [1], [2], [3], and [4]. A test rig dedicated for the develop-
ment and validation of sophisticated control approaches for an electro-pneumatic clutch
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is available at the Chair of Mechatronics at the University of Rostock, see Fig. 1.

The single disc dry clutch under consideration is driven by the piston rod of a pneumatic
cylinder, which is actuated by pressurised air. Due to safety specifications it is necessary
to install two inlet and two outlet valves, typically with different conductances. The elec-
trically actuated valves operate in an on/off mode using a pulse-width-modulated signal
(PWM). In industrial applications, the only measured state variable is usually the position
of the piston in the pneumatic cylinder. The velocity of the piston can be calculated by
real differentiation. The internal pressure in the piston chamber, however, has usually to
be determined by a state observer as discussed in [5], [6]. In this paper, this pressure is
assumed to be measurable. For an experimental identification of the system the test rig
has been equipped with additional sensors: a force transducer, and a mass flow sensor for
the supply air mass flow. With this sensor combination, an accurate identification of the
systems parameters and the component characteristics becomes possible.

laser 
distance
sensor

clutch

electro-
pneumatic
actuator

mass 
flow
sensor

pressure
sensor

force
sensor

Figure 1. Test rig for the electro-pneumatic clutch.

In this paper, a control-oriented model of this mechatronic system is derived at first, and
the system parameters as well as the characteristics are identified. Second, a nonlinear
reduced-order observer has been designed and implemented that estimates a resulting
disturbance force due to nonlinear friction as well as model uncertainties in the equa-
tion of motion. The estimated disturbance force can then be employed for a disturbance
compensation that improves the tracking accuracy significantly and counteracts model
uncertainties. Third, a flatness based feedforward and a gain-scheduled feedback con-
trol using extended linearisation with eigenvalue assignment has been implemented and
experimentally evaluated. The obtained measurement results show small tracking errors
during transient phases as well as a negligible steady-state control error.

2. MODELLING OF THE MECHATRONIC SYSTEM

The mechatronic system can be divided into a mechanical and a pneumatic subsystem.
The mechanical system describes the motion of the piston. The pneumatic subsystem
covers the pressure dynamics in the pneumatic cylinder. The flow characteristics of the
on/off valves in combination with pulse-width-modulation characterises the in-flowing
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and out-flowing air mass flows.

2.1. Mechanical Subsystem

As indicated in Fig. 2, the considered operation range of the system – around the point
where the clutch allows for a torque transmission, the biting point – is characterised by
positive values 0 < z(t)< lmax, which increases further during the life-span of the clutch
due to abrasive wear of the clutch lining. The equation of motion for the kinematically
coupled piston rod and clutch spring follows directly from a force balance. The force

lmax

z

psp0

ṁ evṁ av

F cl

pz

p0

Figure 2. Mechatronic system model of the electro-pneumatic clutch.

Fsp(t) of an internal return spring can be stated as

Fsp(t) = csp (zsp + z(t)) , (1)

where the values zsp denotes the initial pre-load. A movement in positive z-direction leads
to a linear increase in the restoring force of this spring. The overpressure pz(t) = p(t)− p0
results in a corresponding force Fp(t) on the piston according to

Fp(t) =−Ak (p(t)− p0) =−Ak pz(t) . (2)

Here, Ak stands for the piston sectional area and p0 for the ambient pressure. The variable
p(t) represents the absolute pressure in the piston chamber. The characteristic of the main
clutch force is nonlinear and subject to hysteresis. The measured clutch characteristic has
been identified experimentally and, then, approximated by the following two polynomials

Fcl(z, ż)=

{
p1, f z6 + p2, f z5 + p3, f z4 + p4, f z3 + p5, f z2 + p6, f z+ p7, f , for ż ≤ 0

p1,bz6 + p2,bz5 + p3,bz4 + p4,bz3 + p5,bz2 + p6,bz+ p7,b , for ż > 0
, (3)

depending on both the position and the motion direction. Note that this hysteresis effect
is only included directly in the simulation model. For control design, only the position-
depending nonlinear characteristic for positive velocities is used. The hysteresis effect in
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Figure 3. Clutch characteristic with hysteresis.

combination with model uncertainty and nonlinear friction is advantageously taken into
account by a disturbance observer. For a complete description of the mechanical sub-
system, hence, a lumped disturbance force Fτ(t) is introduced. A balance of momentum
yields the equation of motion in form of a second order differential equation

z̈(t) =
1
m
(Ak(p0 − p(t))− csp(zsp + z(t))−b ż(t)+Fcl(z(t), ż(t))−Fτ(t)) , (4)

with m as the reduced mass of all the moving components of the pneumatic clutch.

2.2. Pneumatic Subsystem

The dynamics of the internal piston pressure follows directly from a mass flow balance
in combination with a polytropic change of thermodynamic state for the compressed air
in the piston chamber. As the supply pressure pS is at a value of approx. pS = 9 bar, the
ideal gas equation represents an accurate description of the thermodynamic behavior of
the compressed air

pz(t)+ p0

ρ(t)
= RL ·T (t) . (5)

Here, the density ρ(t), the gas constant of air RL and the thermodynamic temperature T (t)
are introduced. The thermodynamic process is modelled as a polytropic change of state

pz(t)+ p0

ρn(t)
= const. (6)

where n = 1.2 denotes the identified polytropic exponent. The polytropic exponent is
between n = 1 for an isothermal process, and n = κ for an isentropic process. Thus, the
relationship between the time derivative of the pressure pz(t) and the time derivative of
the density ρ(t) is given by

ṗz(t) = nRL T (t) ρ̇(t) . (7)
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The mass flow balance for the pneumatic piston is governed by

ρ̇(t)Ak(lmax − z(t)) = ṁ(t)−ρ(t)Ak ż(t) . (8)

By inserting (7) in the mass flow balance (8), the first order differential equation for the
piston results in

ṗz(t) =
nRL T (t)

Ak (lmax − z(t))
ṁ(t) +

n(pz(t)+ p0)Ak ż(t)
Ak (lmax − z(t))

. (9)

where ṁ(t) denotes the mass flow of air provided by the inlet and outlet valves. The
internal temperature T (t) can be approximated with good accuracy by the constant tem-
perature Tamb of the ambiance. In this way, temperature measurements can be avoided,
and the implementational effort is significantly reduced. Please note that the pressure
pz(t) is considered as the overpressure pz(t) = p(t)− p0. To simplify the control design,
the term u(t) = RL ·Tamb · ṁ(t) is introduced as control input.

2.3. Valve Actuation

A main advantage of on/off valves is that they are more energy efficient than proportional
valves. To actuate this type of valves, a pulse-width-modulated signal (PWM) is nec-
essary. The PWM-signal is calculated by a comparison of the continuous signal with a
saw-tooth-signal. At every multiple of the time TPWM, the output of the PWM-signal is
set first to high. In a next step, this output is determined by two possible cases

• saw-tooth-signal > continuous signal; the output is set low,

• saw-tooth-signal ≤ continuous signal; the output is set high.
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Figure 4. Calculation of the PWM-signal.

Fig. 4 shows an exemplary transformation from a continuous signal, dashed line, to a
corresponding PWM-signal.
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Note that the usual mathematical description for the mass flow of air through a propor-
tional valve

ṁ =



p1(t)C ρ0

√
T0

T1

√√√√√√√√1−


p2(t)
p1(t)

−b

1−b


2

, for
p2(t)
p1(t)

> b

p1(t)C ρ0

√
T0

T1
, for

p2(t)
p1(t)

≤ b

(10)

is not applicable in the case of an on/off-valve [7]. In (10), p1(t) denotes the inlet pres-
sure, p2(t) the outlet pressure, ρ0 and T0 the density and the temperature of air at ref-
erence conditions. Therefore, the mass flow characteristic depicted in Fig. 5, has been
identified instead. Based on this characteristic, the inverse valve characteristic can be de-
rived numerically. A pre-multiplication with this inverse valve characteristic, see Fig. 6,
eliminates the dead zone behavior and linearises the nonlinear valve characteristic.
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Figure 5. Identified mass flow map of one selected valve.

3. CONTROL DESIGN

The overall nonlinear mechatronic system given by (4) and (9) can be described in non-
linear state space representation

 ż(t)
z̈(t)
ṗz(t)

=


ż(t)

1
m
(Ak pz(t)− csp(zsp + z(t))−b ż(t)+Fcl(z(t), ż(t))−Fτ(t))

n
Ak (lmax − z(t))

u(t) +
n(pz(t)+ p0)Ak ż(t)

Ak (lmax − z(t))

= f (x,u)

(11)
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3.1. Quasi-Linear System Description

For the feedback control design, the right hand side of the nonlinear state equations (11)
are written in a quasi-linear form

f (x,u) = A(z(t), ż(t))x(t)+bu(t) , (12)

where the system matrix A(z(t), ż(t)) depends on the measurable state variables piston
position z(t) and piston velocity ż(t)

ẋ(t) =


0 1 0

−
csp

m
−

csp zsp

mz(t)
+

Fcl(z(t), ż(t))
mz(t)

−
b
m

Ak

m

0
n p0

lmax − z(t)
n ż(t)

lmax − z(t)

x(t)

+


0
0
n

Ak (lmax − z(t))

 u(t) .

(13)

Please note that all nonlinear terms are completely included in the right hand side and no
simplifications have been made. Obviously, alternative decompositions are possible that
involve corresponding but different, state-depending matrices. In the considered operat-
ing range, a position value within the interval 0 < z(t) < lmax is guaranteed such that the
singularities are avoided and, hence, are not critical. The state-dependent matrix accord-
ing to (13) leads to nonlinear expressions for the control gains that are adapted to both
piston position and piston velocity.

3.2. Eigenvalue Assignment Using Extended Linearisation

Without the disturbance input Fτ(t), which is considered separately at the disturbance
observer design in section 4, the quasi-linear dynamical system to be stabilised is given
by

ẋ(t) = A(z, ż)x(t)+b u(t) ,

y(t) = cT x(t) ,
(14)

leading to a state-dependent matrix A = A(z(t), ż(t)) as well as constant vectors b and
cT . The feedback control design using extended linearisation in the case of single-input
single-output systems is based on the symbolic computation of a state-dependent gain
vector kT (z(t), ż(t)) by a comparison of a desired polynomial with the closed-loop char-
acteristic polynomial. Specifying, for example, a triple eigenvalue sR for the desired
polynomial

pR(s) = (s− sR)
3 , (15)

a comparison with the closed-loop characteristic equation

p(s) = det(sI3 −AR(z(t), ż(t),k
T )) , (16)
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provides n equations for the n unknown controller gains in the vector kT . The matrix I3 is
the 3×3 identity matrix, and AR denotes the closed-loop system matrix

AR(z(t), ż(t),k
T ) := A(z(t), ż(t))−bkT (z(t), ż(t)) . (17)

As the system under consideration is fully controllable, a unique solution for

kT =
[
kR1 kR2 kR3

]
(18)

exists in the single-input single-output case such that the actual and desired characteristic
equations of the closed-loop system have identical roots. For example, the third control
gain depends on the position z(t) and the velocity ż(t) and becomes

kR3 = ż(t)Ak +
Ak b
mn

(z(t)− lmax)+
3Ak sR

n
(lmax − z(t)) . (19)

The nonlinear feedback control law can be stated as

u f b(t) =−kT (z(t), ż(t))x(t) . (20)

3.3. Feedforward Control Design Using Differential Flatness

In the last decade, flatness-based control techniques have been successfully employed
in many applications. Differential flatness is a prerequisite for flatness-based control of
nonlinear systems, which are usually given in state-space representation. A system is
denoted as differentially flat [8] if appropriate flat outputs y = y

(
x,u, u̇, . . . ,u(`)

)
exist

that

(i) allow for expressing all system states x and all system inputs u as a function of
these flat outputs y as well as their time derivatives, i.e. x = x

(
y, ẏ, . . . ,y(β )

)
and

u = u
(

y, ẏ, . . . ,y(β+1)
)

,

(ii) are differentially independent, i.e., they are not connected by differential equations.

If the first condition is fulfilled, the second condition is equivalent to dim
(
y
)
= dim(u).

In the given application, the time derivatives of the flat output candidate y f (t) = z(t) result
in

ẏ f (t) =
dz(t)

dt
= ż(t) (21)

and

ÿ f (t) = z̈(t) =
1
m
(−Ak pz(t)− csp(zsp + z(t))+Fcl(z(t), ż(t))−b ż(t)−Fτ(t)) . (22)

The third time derivative,
...y f (t) =

...z (t), is affected by the control inputs and, hence, leads
to the relative degree of three

...y f (t) =
...z (t) =

...z
(
z(t), ż(t), z̈(t), Fcl(t), Ḟcl(t), Fτ(t), u(t)

)
. (23)

The equation (23) can be solved for the control input u(t) = RL Tamb ṁ(t), the inverse
dynamics. It becomes obvious that desired values for the piston position should be at
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least three times continuously differentiable with respect to time in order to obtain smooth
control inputs. The desired values for the pressure pz,d can be derived from (22) and leads
to

pz,d(t) =−
Fτ + csp (zd(t)+ zsp)+b żd(t)−Fcl(z, ż)+ z̈d(t)m

Ak
. (24)
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Figure 6. Implementation of the control structure.

4. NONLINEAR REDUCED-ORDER DISTURBANCE OBSERVER

Disturbance behavior and tracking accuracy in view of model uncertainties can be signif-
icantly improved by introducing a compensating control action provided by a nonlinear
reduced-order disturbance observer as described in [9]. The observer design is based on
the nonlinear state space representation. The key idea for the observer design is to extend
these state equations with an integrator as disturbance model

ẏ = f
(
y,Fτ ,u

)
, Ḟτ = 0 , (25)

where y(t) = x(t) represents the fully measurable state vector. The lumped disturbance
force F̂τ to be estimated is obtained from

F̂τ = hT
2
(
y, F̂τ ,u

)
· y+ z , (26)

with the observer gain vector hT
2 =

[
0 h 0

]
depending on y, F̂τ , and u. The state

equation for z is given by

ż = Φ
(
y, F̂τ ,u

)
. (27)

The observer gain vector h2 and the nonlinear function Φ have to be chosen properly,
so that the steady-state observer error e(t) = Fτ(t)− F̂τ(t) converges to zero. Thus, the
function Φ can be determined as follows

ė = 0 = Ḟτ −hT
2
(
y, F̂τ ,u

)
· ẏ−Φ

(
y,Fτ −0,u

)
. (28)

In view of Ḟτ = 0, equation (28) yields

Φ
(
y,Fτ −0,u

)
=−hT

2
(
y, F̂τ ,u

)
· ẏ . (29)
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The linearized error dynamics must be asymptotically stable. Accordingly, all eigenvalues
of the Jacobian

Je =
∂Φ
(
y,Fτ ,u

)
∂Fτ

∣∣∣∣∣
Fτ=F̂τ

, (30)

which is evaluated for Fτ = F̂τ corresponding to e = 0, must lie in the left complex half-
plane. This can be achieved by a proper choice of the scalar observer gain h. The stability
of the closed-loop control system has been investigated by thorough simulations.

5. EXPERIMENTAL RESULTS

The following experimental results have been obtained at a dedicated test rig for electro-
pneumatic clutches at the Chair of Mechatronics at the University of Rostock. In Fig. 7(a),
the desired trajectory zd(t) for the piston position and the measured value z(t) at the clutch
actuator are depicted. The desired trajectory starts at z = 0.06 m. At this position value,
the clutch is closed and, hence, the power of the combustion engine could transmit through
the drive train to the gear box. In the following, the clutch is opened to a value of 50 %
for a shunting of the truck, where only a part of the available engine torque is transmitted
to the wheels with a sliding clutch. After a full closing of the clutch, a change of gear is
considered. Therefore, the clutch is completely opened first and the torque transmission
to the gear box is interrupted. After putting in the new gear, an intermediate position of
the clutch should be attained to achieve a synchronisation of the angular velocity of the
engine-sided drive shaft and the drive shaft on the gear box side. Finally, the clutch is
closed completely.
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Figure 7. Desired position, measured position, and corresponding tracking error.

As can be seen in Fig. 7(b), the maximum absolute tracking error, which occurs during
transient phases, is below ez = 1 mm. The oscillations around an error value of zero stem
from stick-slip effects during the transient phases. The steady-state error is significantly
smaller with absolute values of less than ez = 0.2 mm. In Fig. 8(a), the observed dis-
turbance estimated by the nonlinear reduced-order disturbance observer is depicted. The
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estimated disturbance variable accounts for model uncertainties, nonlinear friction, and,
especially, hysteresis present in the clutch spring. It becomes obvious that the disturbance
observer is capable of quickly following the large variations occurring at changes of the
motion direction. Note that a clutch characteristic for positive velocities has been used
at control design. Consequently, the hysteresis effect is counteracted by the disturbance
observer alone.
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Figure 8. Estimated disturbance force as well as a comparison of alternative internal
pressure estimates.

Fig. 8 shows the measured values for the supply pressure pS(t), the internal pressure in
the piston chamber pz(t), and the computed values according to Fcl(t)/Ak obtained from
the measured force Fcl(t) with the piston sectional area Ak of the cylinder. Obviously,
the variations in the supply pressure, which are assumed as zero in the inverted valve
characteristics, are negligible. The positive value for the force in the case of a closed
clutch results from the pretension of the clutch spring.

6. CONCLUSIONS

This paper presents a model-based approach to the nonlinear control of a electro-pneumatic
clutch used in truck applications. The control-oriented model accounts for the dynamic
behavior of the clutch piston as well as the internal pressure in the piston chamber. The
feedback control design is performed by extended linearisation techniques based on a
quasi-linear state space representation with state-dependent matrices. The feedback con-
trol is extended by feedforward control action to efficiently reduce the tracking errors.
This control action can be derived by taking advantage of the differential flatness property
of the system under consideration. The dominant nonlinearities are given by the nonlinear
characteristic of the clutch spring as well as the nonlinear friction characteristic. To ac-
count for changes in these characteristics due to abrasive wear, these effects are estimated
by a nonlinear reduced-order disturbance observer and used for a compensation. The con-
trol performance of the proposed control structure are pointed out by experimental results
from an implementation on a dedicated test rig at the Chair of Mechatronics, University
of Rostock. The obtained maximum steady-state position errors are below ez = 0.2 mm.
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Future work will address the replacement of the internal pressure measurement by ap-
propriate observer techniques. Moreover, the disturbance observer can be supported by a
feedforward compensation of part of the nonlinear friction.
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ABSTRACT 

The paper shows the results of a theoretical and experimental research activity oriented 

to the design and the realization of a of a low cost pneumatronic prototype, proposed for 

tasks of pipes and ducts inspection. The prototype consists on a self-moving pneumatic 

unit conceived to emulate the grub’s motion: variable geometry components are 

deformed under the action of pneumatic power supply, following a programmable logic 

actuation. A fluidic muscle is used to generate the motion and two deformable air 

chambers are arranged at the ends of the muscle in order to assure the anchorage to the 

internal pipe wall. The motion of the pneumatic robot is related to the pneumatic 

sequence involving inflating and deflating of the air-chambers and to the actuation to 

the muscle. It is required that the user can actuate in any moment the robot and manage 

the advancing and withdrawal, with flexible dwells. Aspects related to design procedure 

followed to optimize the geometry of the head, the solution of problems related to 

anomalous deformation of the fluidic muscle and the implementation of flexible motion 

laws, the comparison with other self-moving prototypes are discussed. 

KEYWORDS: Pneumatics, Inspection, Self-moving robot. 

1. INTRODUCTION 

Monitoring and maintenance of pipes and ducts are significant topics in a wide 

spectrum of practical cases: industrial power plants, conditioning system, building trade, 

ship piping, sewerage and draining plants, etc. The maintenance of many piping 

networks require the periodic inspection of ducts, in order to detect the presence of 

physical obstacles dragged by the fluid or the real state of health of the internal walls, 

often damaged by physical or chemical agents. Piping systems vary from straight, 

horizontal stretches with constant diameter, to complex structures with corners, T-joints, 

vertical branching and varying diameter. Air ducts have characteristics very different 
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from underground pipes: have many curves, strong air flow, normally do not have water 

in them and can have square or circular section.  

Geometries and sizes of ducts are significantly different and for their inspection very 

flexible units are needed. Several solutions are proposed by different researchers: the 

present proposal is specifically oriented to an automated pneumatic low cost unit.  

The inspection of pipes can be successfully realized by mobile robots, improving 

security and efficiency in industrial plants. Specific operations are expensive and the 

application of robots seems to be a very attractive solution. Different architectures are 

studied and proposed: wheeled robots are the simplest most energy efficient. The key 

problem consists on the combining the capacity of self-moving with that of self-

sustaining, in addition to the adaptability of the in-pipe robots to the inner diameters of 

the pipes. Despite the large number of robots available for pipe inspection, there are few 

small, agile and performing systems on the market for air duct inspection. In figure 1 

examples of proposed solutions are collected. In particular Zhuang [1], Choi [2] and 

Segon [3] propose fully adaptable, steering and modular units. Tatar [4], Bright [5] and 

Suzumori [6] suggest several geometries of mini robots, while Kuwada [7], Anthierens 

[8] and Manuello Bertetto [9] propose pneumatic and electro-pneumatic solutions. 

 

      

Figure 1. Examples of self-moving robots. 

1.1. Robot planned properties and required specifications 

The proposed prototype has been designed to satisfy the following properties: 

 inspection tasks;  

 low-cost; 

 bi-directional motion; 

 contained weight; 

 motion in horizontal, tilted and vertical ducts and pipes; 

 motion in presence of curves (45°, 60° or 90°); 

 good dexterity; 

 geometry able to inspection of circular or rectangular section pipes; 

 detection of critical conditions inside ducts by means equipments embedded 

(micro-camera and different types of sensors); 

 capability to easy maintenance operations by means embedded micro-grippers and 

micro-tools. 

1.2. Prototype concept 

The solution described in this paper is the result of the development of a preliminary 

study implemented on a pneumatic self-moving robot [10], able to be used also in 
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X min + δ 

A B 

 

C 

x δ 

unfavourable environmental conditions. Simplicity and low cost requirements have 

oriented the attention to the use of electro-pneumatic devices and, in particular, of 

pneumatic muscles. The design is oriented to a unit able to emulate the grub’s motion 

inside ducts. Three different parts are considered, as shown in figure 2: a central part 

(C) able to generate the motion (pneumatic muscle) and two end parts (front B and back 

A) able to guarantee the anchorage to the internal surface of the duct under inspection. 

     

Figure 2. Prototype concept.  

The specifications required to the unit can be summarized as follows: 

 maximum inspection distance: 100 m; 

 maximum operation air supply pressure: 8 bar; 

 electrical power supply 24 Vdc; 

 maximum internal dimension of the duct: 100 mm of diameter  or 100 mm x 100 

mm;  

 minimum single motion step: 50 mm; 

 cycle time: from 7 to 12 s; 

 flexible programmability. 

The motion is organized following a sequence of elementary steps, as described in table 

1. 

Table 1. Motion phases. 

Table 1 Phase 1 Phase 2 Phase 3 

Step 1 A and B anchorage 

(start condition) 

A disconnection C contraction up to Xmin (A is 

moved towards B of the step δ) 

Step 2 A anchorage B disconnection C repositioning (B is displaced 

of the step δ) 

Step 3 B anchorage Pneumatic reset, with 

robot displaced of δ 

Restart 

 

Each step is organized in three different operating phases, spaced out by programmed 

dwells. 

1.3  Fluidic muscles 

As well known this particular family of actuators involves a rubber air chamber covered 

by a grid of very rigid wires locked at the ends by metallic heads (figure 3). Pressuring 

the muscle the radial diameter of the chamber increases uniformly, controlled by the 

outside grid. To the extension an axial contraction is associated (strokes of 25% of 

nominal length are allowed). A traction force is generated, able to move a load 

connected to the end heads.   

A B 

 

C 

x δ 

X min 

A B 

 

C 

x 
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Figure 3. Fluidic muscles concept and geometries. 

 

Then the generated force and motion are mono directional. Fluidic muscles are light 

components and with compliant behaviour; in addition the muscle adapts itself to the 

generated force, without increasing of its resistance. On the contrary, the generated 

force depends not only on the pressure but also on the contraction: for this reason the 

behaviour is highly non linear.  The stiffness K= C
-1

, can be evaluated assuming a 

polytrophic fluid transformation inside the muscle with exponent n, as:  

 

 

 

being p the current pressure, P0 the ambient pressure, V the muscle internal volume and 

l its length. Typical static response of a fluidic muscle is shown in figure 4a; in figure 

4b the characteristic curves (by FESTO Inc.) of the muscle involved in the design of the 

robot (MAS 10) are reported. 

 

 

a) b) (from FESTO catalog) 

 

Figure 4. Static response of muscles. 

2.  SUPPORTS DESIGN 

Each end parts (A and B) have the task of anchorage of the unit on the internal surface 

of the duct. The anchorage is realized pneumatically, pressuring two deformable air 

chambers. These chambers are rubber semi-toroids, low cost devices easily available on 

the market cut as shown in figure 5a. The supports are two axial symmetric 
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components, externally covered by the deformable air chambers and able to contain the 

metallic heads of the fluidic muscle. Taking into account the air supply hoses back and 

front supports are similar but not exactly identical.  

The geometry of the back support (A) must be able to guarantee a good airtight between 

air chamber and support, easy inflating and deflating, internal ducts for air supply to the 

front support. The connection with the muscle metallic heads is realized by means a 

screw: back support applies a screw internally holed (figure 5b). Front support (B) is 

similar, but with differences related to the internal geometry and to the screw, as shown 

in figure 5c.  

 

a)  

 θ 

               

   

    b)      c) 

Figure 5. Deformable air chamber, back and front supports. 

 

The design of the rear air-chamber (A) allows: 

•  an easy and correct inflating and deflating of the rear chamber; 

•  the correct muscle contraction; 

•  to be embedded to the muscle terminal without leakage;  

•  the crossing of the hose supplying the front chamber. 

The design of the front support (B) is quite similar, but air ducts for torus and muscle 

are connected to the support from the same side. It is fixed to the actuator by a screw 

without hole because this side of the muscle doesn’t require air supply. 

Considering contacts between supports and internal wall of the duct the application of 

ogives seem to be useful to avoid jams. In facts, the air-chambers must assure a good 

contact with the pipe wall, thanks to high friction factor. But during the motion it is 

better than the contact between terminals and pipe engages other surfaces, reducing 

losses. For this reason the terminals are equipped with two noses, realized in PVC, with 

different geometries for rear and front supports. 

Figure 6 shows sections, 3D CAD representations and actual solutions for back and 

front supports equipped with ogives, respectively. 

Starting from these geometries specific experimental tests have been implemented.  

Experinents under actual operation conditions have succested criteria of optimization of 

the ogives shape. 

After the mechanical design of the pneumatic unit its automatic motion has been 

analyzed. The motion of the prototype is related to the pneumatic sequence involving 

inflating and deflating of the air-chambers and the actuation to the muscle. It is required 
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that the user can actuate in any moment the robot and manage the advancing and 

withdrawal, with flexible dwells.  

 

     

    

Figure 6. Sections, 3D representation and ogives. 

3. ROBOT MOTION 

The robot motion is conceived and programmed in flexible way, allowing easy 

interventions also by non specialist users. Three different control approaches have been 

implemented:  

 centralized control by PLC; 

 decentralized control based on AS-i architecture; 

 embedded control unit. 

Each of these solutions shows advantages and limits; they are interchangeable 

improving the flexibility of the prototype. 

The basic pneumatic circuit involves three pneumatic 3/2 control valves for actuation of 

A and B deformable chambers and muscle C, respectively. The sequence of motion ha 

been previously described: different phases must be electronically temporized as well as 

the inversion of the motion. 

The robot is equipped by a wireless video-camera. It is electrically supplied by battery 

and its management is independent to the motion control of the robot. 

3.1. Centralized control 

The control unit is fully external to the robot and, consequently, to the duct (figure 7). A 

general purpose PLC drives the group of three control valves and the user can force 

inputs of start, stop and reverse motion by console. The robot is connected with the 

control unit by an umbilical chord formed by a pneumatic hose. Additional wires must 
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be used to connect embedded sensors. Limits of this solution are related to the length of 

the umbilical chord: experiments are shown limits over 20 m, mainly related to the 

distance between control valves and pneumatic actuators.  

 

Figure 7. Centralized control. 

3.2. Decentralized solution: AS-I control 

The group of the control valves is embedded on the robot. Actuator-Sensor-Interface 

control requires the assembling of AS-i nodes for input and output signals. This 

configuration needs an additional module embedded to the robot, involving the group of 

control valves and the AS-I nodes, as sketched in figure 8. Up to 4 digital inputs and 4 

digital outputs can be managed. In this case the umbilical chord is a pneumatic hose and 

by an AS-i cable: it is more rigid but the advantage is that the valves are closer to 

actuators and the distance covered by the robot can increase up to 100 m. 

 

Figure 8. Decentralized AS-i control. 

3.3. Embedded control 

Third experimented control is fully embedded on the robot. The advantage is an 

improvement of the control of different sensors and additional components carried on 
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by the robot. The additional module involve the group of micro-valves and the essential 

parts of a micro-PLC, disassembled and partially re-arranged in such a way to have 

geometrical compatibility with the robot. A sketch of this configuration in reported in 

figure 9. A very compact micro- PLC (by Schneider, inc., 40 I/O within 95 x 90 x 70 

mm), is used. The electrical supply is 24 Vdc and the unit can be managed in Modbus, 

CANopen or Ethernet protocols. 

 

Figure 9. Embedded control. 

 

Figure 10. Improvement of the embedded control. 

 

An improvement of this configuration allows eliminating the electrical cable, thanks to 

battery unit embedded on the robot supplying PLC (figure 10). The complete 

elimination of the umbilical cord requires foreseeing also a pneumatic unit embedded on 

the robot. At present time experiments oriented to use membrane micro-compressor or 

pressurized tank able to storage inert gas (nitrogen) are under test. The goal is the fully 

autonomy of the pneumatic self-moving robot. 
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4. PROGRAMMING 

                                

The programming is related to the technique of control. Hereafter is synthetically 

described the programming of the automatic phases of the motion managed by general 

purpose micro-PLC. 

The basic program is implemented in Ladder language, as shown in figure 11. It 

concerns only the fundamental actions oriented to the motion of the robot, excluding 

micro-camera and other possible equipments like sensors, micro-grippers and micro-

mechanical tools. Including additional facilities the unit can be pneumatically supplied 

under differential pressures: these supplies can be used also to actuate possible tools 

carried on by the robot (micro grippers, nozzles for additional air jets, etc.). 

 

 
  

Figure 11. Ladder programming. 

 

Rung Action 

 

Muscle and air-

chambers are empty.  
Start  switch activates 

the air-chambers and 

the unit is self- 
sustained 

 

Start phase: one air-

chamber is deflated 
and the muscle is 

contracted. Timer 

synchronizes these 
actions 

 

This rung, similar to 

rung 2, allows the 

motion in opposite 
direction 

 

After 1.5 s the muscle 
is contracted 

 

After 2s the previously 

deflated chamber is 

inflated 

 

After 2s the previously 

deflated chamber is 

inflated 

 

The front chamber is 

deflated 

 

The rear chamber is 

deflated  

 

The muscle is deflated 

 

Step execution 

 

Step execution 

 

Start/stop: chambers 

and muscle are 

deflated 
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5. EXPERIMENTS AND DESIGN OPTIMIZATION 

The design optimization of the prototype’s mechanical structure is related to the 

mechatronic approach applied to perform the cyclical movement. Tests under different 

working conditions are shown that the self-moving unit is able to move itself inside 

circular or rectangular section pipes, not only straight-lined but also in presence of 

curves (45, 60 or 90 degrees), with different inclinations of length of pipes and with bi- 

directional motion. In particular the robot ha been intensively tested both in straight 

pipes and in combined paths with 45° or 90 ° curves. In straight ducts the response has 

been good for any pipe inclination, from horizontal to vertical, and on two directions of 

motion. The preliminary geometry has been not satisfactory in presence of paths with 

narrow curves and L-shaped pipes. Problems detected have been concerned on the 

surface discontinuity in the joints between parts of the piping and on the anomalous 

deformations of the fluidic muscle, due to narrow curves, as shown in figure 12. 

          

Figure 12. Critical conditions. 

                               

Figure 13. Ogives shape optimization. 

Particular attention has been put to optimize the inward and outward stiffening of the 

fluidic muscle. In order to increase flexural stiffness a double polyurethane hose is 
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mounted within the muscle. In addition, at muscle outside two semi-rigid sleeves are 

assembled, increasing stiffness near to the muscle heads. 

In order to increase the dexterity of the robot the ogives shape are optimized. Figure 13 

reports the comparison between initial and final geometries, for back and front supports 

respectively. Heads geometry has been optimized taking into account also the pipe 

material (plastics, zinc, and steel). 

Final geometry of the self-moving robot is shown in figure 14, in relaxed and contracted 

conditions.  

 

     
 

Figure 14. Final structure of the pneumatic unit. 

A view of the robot in motion within a demonstrative pipe is reported in figure 15. 

                                 

Figure 15. Robot under test. 

6. ADDITIONAL EQUIPMENTS 

The unit is equipped with a wireless micro-camera allowing to the user the real time 

vision of the duct under inspection.  The micro-camera is embedded on one of the 

heads. The geometry of the head has been optimized in order to protect the antenna 

during contacts with the pipe wall.  

With small modifications the robot can be also equipped with pneumatic tools able to 

execute specific mechanical operations: 

•  mini and micro grippers, removing solid wastes (paper, rags,...); 

•  mini nozzles, generating air jets to clean internal pipe surfaces;  

•  micro sensors, for detection of chemical and physical variables (temperature, 

humidity, pressure,...). 

Thanks to embedded micro-sensors the unit can recognize different path conditions and 

modify its motion. At present time the re-design of interchangeable heads equipped with 

different groups of tools is under development. The key problem is the improvement of 

the robot functionality and flexibility without reducing its dexterity.  
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7. CONCLUDING REMARKS 

 

A pneumatronic low cost unit conceived for task inspection of circular and rectangular 

pipes has been designed and realized. Its geometry is modular and can be easily 

adjusted to different size of pipes. The unit is able to move itself inside circular (up to 

100 mm of diameter) or rectangular section pipes (up to 100x100 mm), not only 

straight-lined but also in presence of curves (45, 60 or 90 degrees), with different 

inclinations of length of pipes and in bi-directional motion. 

Equipments allow using the unit not only for optical inspection but also for cleaning, 

maintenance operations and physical testing. Final prototype moves itself with steps of 

50 mm. Cycle time can be adjusted from 5 to 12 s. Further improvements are oriented to 

optimize the supports geometry, to test different sizes of muscle and to improve the 

functionality for maintenance tasks.  
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ABSTRACT 

This paper focuses on the theory and experiments on analysis and control of a single leg 

of hydraulically actuated quadruped robot, which is a preliminary research on an 

autonomous quadruped robot (HyQ).  A single leg studied has a mechanism with 2-

DOF in vertical plane, the hip joints and knee joints, respectively.  A systematic way is 

made to analyze kinematics of the leg is present for multi-degree mechanism for 

modeling, after that, dynamics of mechanism is developed for gravitational effect and 

vibration mode analysis.  With control algorithm the proportional controller is applied 

to system for tracking performance and expected results are obtained in laboratory test.  

Keywords:  Legged robotics, HyQ, vibration mode analysis, hydraulic manipulator, 

kinematics of manipulator, dynamics of manipulator 

1. INTRODUCTION 

The characteristic advantages of hydraulics are high power density and fast response 

with large force and torque, which are extremely necessary from an outdoor quadruped 

robot.  Especially, in recent years, with the development of robotics higher requirements 

are being proposed to hydraulic system, including hydraulically actuated robot CB [1], 

Big Dog [2, 3], which is working at tough territory outdoor with robustness 

performance. 

With high nonlinearity of hydraulic robots, majority of previous study were focused on 

control design to achieve improvements of the system performance.  Linear Quadratic 

Regulator (LQR) and Feedback Linearization (FL) were applied to HyQ with acceptable 

performance [4], furthermore, Gain scheduling control had applied to HyQ [5].  This 

paper will analyze the system dynamics to improve the performance. 
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2. MODELING OF HYDRAULIC MANIPULATOR 

Dynamic simulation modeling includes mechanism modeling and hydraulic modeling, 

after that mechanism modeling and hydraulic modeling are combined with the jacobian 

matrix Jh, which is the jacobian of joint-to-actuator displacement, as Fig. 1 shown. 

z    Hydrualics

u
     M(θ)-1

V(θ,    )+D(    )+G(θ)

+

-

θ

Z(θ)

Jh(θ)

Fc

 

Figure 1. The block diagram of manipulator model structure 

By using transpose matrix of the joint-to-actuator jacobian, the cylinder force can be 

converted to torque for each joint [6], by the same token, the relationship between joint 

velocity and cylinder velocity is built to associate hydraulic movements with 

mechanism movements.   

)}()(),()({)( 1  GDVFJM c

T

h 





                          (1)                                                                                           

The jacobian matrix Jh is the highly nonlinear function of joint angle, V represents 

vector of coriolis and centrifugal forces, D stands for damping matrix of mechanism, 

and G is the vector of gravitational forces, where c

T

h FJ )(   and 


  )(hJz . 

2.1. Kinematics Analysis  

Due to HyQ being a multi-degree-of-freedom mechanism, forward kinematics can be 

analyzed by using Cartesian space.  Fig.2 shows the schematic diagram of the HyQ 

leg(left), and a real HyQ leg mounted on the one degree-of-freedom testing rig can be 

seen from right picture below. 

Z0

Z1

Z2

θ1

θ2

θ3

                 

Figure 2. Schematic diagram of the HyQ (right) and tested HyQ (left)  
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The link frames with geometric parameters are defined as Fig.3 and the Denavit 

Hartenberg parameters are introduced in Table 1 [7].  Where θi represents the joint 

angles of manipulator between two adjacent joint axis, di shows the distance along xi-1 

and xi.  Furthermore, αi represents the angles between zi-1 and zi, while ai means the 

distance between zi-1 and zi. 

Z0

Y1

X2

Y2
X3

Y3

θ2

θ3 = θk

θ1

L1

L2

L4

L0

a1

a2

a3

a4

m2

m3

x1

X0

θh<0

L3

θh>0

 

Figure 3. The geometric parameters of HyQ 

Joints ai αi di θi 

1 L1 [0.08m] -90 [deg] 0 θ1 [deg]  

2 L2 [0.35m] 0 0 θ2 [deg] 

3 L3 [0.12m] 0 0 θ3 [deg] 

Table 1. The geometric parameters of HyQ and DH parameter of HyQ  

Then, the forward kinematic function can be obtained by multiplying homogenous 

transformations matrixes. 
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In this paper, joint 1 will be ignored, and joint 2 and joint 3 are taken into account into 

the system.  The next step is to calculate the joint-to-actuator jacobian matrix, cylinder 

displacements z2 and z3 are functions of joint angle 
2  and 

3 , respectively.  According 

to geometric relationship of leg, transfer function below can be achieved. 
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The joint-to-actuator jacobian matrix can be calculated by differentiating θ2, θ3 as 

below. 
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2.2. Dynamics Analysis 

Dynamics of mechanism is developed for gravitational effect analysis and vibration 

mode analysis, which will be used for control system design. 

2.2.1. Lagrange’s Equation 

In order to provide a description of the relationship between the joint actuator torques 

and the motion of the structure, Lagrange equation of motion is applied to specify 

dynamics. 

 


h

T

h FJGVM )(),()(                                     (7) 

Where M is the inertia matrix, V is the centrifugal and coriolis matrix and G is the term 

of gravitational torque.  For quadruped robot, the angular velocities are relatively small 

to affect the system, therefore, centrifugal and coriolis forces are not going to be taken 

into account in this study.  With text books of robotics modeling, the inertia matrix and 

gravitational torque matrix are calculated in this part, before that, the computation of 

jacobian of link is necessary, which can be calculated by differentiating the position 

matrix, with consideration of centers of gravity.        
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With jacobians of link matrix, inertia matrix would be obtained by sum of inertia of 

each link, by the same token, gravitational torque matrix will be calculated, which is 

disturbing the system and needed to be compensated. 
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By using equations above, the inertia matrix and gravitational torque matrix can be 

derived as below. 
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With inertia matrix the vibration mode analysis can be studied at first to achieve 

vibrates properties, on the other hand, gravitational effect would be studied later on. 

2.2.2. Gravitational Effect on 2-DOF System 

Gravitational torques on hip joint and knee joint largely effect the 2-DOF system, Fig.4 

and Fig.5 show the significant effects varies angle by angle at each joint.  There is wide 

change of hip joint, from -250 N to +200N, on the other hand, knee joint is suffered 

from -30N to +40N static force change.  These affect the steady state accuracy, velocity 

gain of cylinder and response of system at different angles.  

Therefore, compensations are necessary to be applied by making offset input to servo 

valves.   The highest compensation differential on hip valve could reach to 0.1mA (full 

range of input to both valves are 10 mA) when angle of hip varying from -70 deg to +50 

deg, which is corresponding to approximately 2104.4  l/min in terms of flow. 
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Figure 4. Static Force on Hip Cylinder 

 

Figure 5. Static Force on Knee and Hip Cylinder 

2.3. Hydraulic Model 

Hydraulic modeling consists of two servo valve blocks and two cylinder blocks, which 

could be found from many textbooks [8].  Furthermore, mechanism and hydraulics are 

connected by the jacobian matrix J
h  



  )(hp Jx
                                                     (14)

 

Where px  is the actual position of cylinder, while,   is the angular position of joint. 
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3. OPEN LOOP AND TEST SYSTEM  

To simplify the system, a transfer function is introduced to simply represent the system.  

3
rd

 order model is widely used to describe the behavior of valve input and position, 

which is a combination of a cylinder and a servo valve. 
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Where qaK represents the flow gain, 
n  means the natural damping and 

kw  is the 

natural frequency. 

Main parameters from manufacturers for tested system are introduced in Table 2. 

Piston Diameter 16 mm Dead Volume 25 
3cm  

Rod Diameter 10 mm Absolute viscosity 39 cP 

Cylinder Stroke 78 mm Bulk modulus 1700 MPa 

System Pressure 90 Bar Temperature 40 C  

Hose Length 2 m Hose Diameter 6.35 mm 

Table 2.   Specifications and Parameters of tested system 

The nonlinear model was verified by comparing open-loop system to the real HyQ leg 

in laboratory.  The impulse inputs varying from 0.1 mA to 1.0 mA to valves were used 

for verification, and there was no ground force working on the leg.  

Fig.6 shows the system response when +0.6 mA and -0.6 mA are applied to the hip and 

knee valves, respectively. Responses to angular positions are demonstrated in figure 

telling consistency between nonlinear model and lab test.  Moreover, comparisons in 

cylinder chamber pressures, system pressure and system flow were made, which served 

for nonlinear model verification. 

4. CONTROL DESIGN  

With hydraulic servo system a proportional feedback controller gives better sensitivity 

and robustness than any other linear controller, specifically, any improvement in one 

range of frequency would be the penalty of another range of frequency [9].  Therefore, a 

simple proportional controller is applied for servo system.  With 2-DOF system, one 

thing should bear in mind is to seek smallest natural frequency to each actuator, in order 

to guarantee safety over entire range of two actuators.  Thus, vibration mode is 

implemented to analyze the 2-DOF hydraulic system.  

A mode of vibration is a characteristic pattern or shape in which a system will vibrate.  

In this study, vibration mode consists of the mode shape, which indicates how system 

vibrates, and corresponding natural frequency [10].  The system can be simplified into 

undamped eigenvalue problem of the free vibration, Likui implemented this way to  
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Figure 6. Open loop test for model verification 

solve the problem with control of multi-degree manipulator of ITER [11].  In this paper, 

linear mode of mechanism is applied. 

00 


 HKM
                                                      (16) 

Where M0 = M is the inertia matrix, and KH is the stiffness matrix of system [12], which 

is derived as 
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Where Ah is the jacobian of joint-to-actuator.  ki is the hydraulic spring constant of i:th 

cylinder, model cylinders as linear springs, which is the connection of cylinder to link 

by connecting a rigid bar.  Here, the diag(ki) is an i i diagonal matrix of hydraulic 

spring constants. 
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xp is the actual position of cylinder and VA0, VB0 are dead volumes for cylinder port A 

and B.  AA and AB are piston areas.  Lastly, B is the effective bulk modulus.  

Consequently, the natural frequency of system can be achieved by utilizing the 

eigenvalue problems. 

}{ 1

0 Hkk KMw                                                       (19) 

Where the  k{  } is the k:th sorted eigen-value of {  } and wk is the k:th natural 

frequency.  The k:th mode shape can be calculated using the k:th eigen-value of the 

matrix (M0
-1

KH).  The natural frequency varies greatly according to the orientation 

change.  Fig.7 and Fig.8 show variation of natural frequency against different hip angles 

and knee angles. 
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Figure 7. Calculated First Natural frequency [Hz] 

 

Figure 8. Calculated Second Natural frequency [Hz]  

From figures above, it is evident to see that each subsystem has the smallest natural 

frequency. By using these smallest natural frequencies, the controller design can be 

guaranteed safe over the entire range of angle position.  First natural frequency is 

determined by hip angle, where 8.5 Hz is the smallest one, while Second natural 

frequency is dominant by knee angle, there is 34 Hz reached.  And therefore, lowest 

natural frequency of each actuator is selected for the proportional feedback control 

system, according to Eq.19. 
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5. TEST RESULTS 

The control algorithm was applied in the verified simulation model before laboratory 

test, and the verified model is identical with the laboratory tested leg in dynamics.  Fig.9 

show the hip angle response actuated by sinusoidal reference, which the amplitude is 30 

deg and frequency is 0.5 Hz.  The performance of hip is relatively better than knee, 

because of the hug leakage of hip valve, more importantly, Hip cylinder has lower 

natural frequency than knee, and therefore, Knee angle is extremely closed to sinusoidal 

reference. 

 

Figure 9. Sinusoidal Response to Knee and Hip 

   

Figure 10. Step Response to Knee and Hip 
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Next, the step inputs were applied to system in Fig.10.  Obviously, the rise time of both 

actuators are as short as expected and coupling effects between two actuators are quite 

small, firstly because the mechanism was put into air without any ground force, and 

secondly, the mass inertial is quite small and the hydraulic power is dominant in system.  

The slight coupling effect happened on hip at 4.1s when knee joint responding to step 

input, since hip suffered the momentum from stroke of knee actuator, while, at 2s the 

coupling effect is hardly observed. 

6. CONCLUSIONS 

In this paper, modeling, simulation and control of hydraulically actuated leg were 

studied.  The mechanism kinematics and dynamics were analyzed, after that, nonlinear 

model was verified by comparing with the tested leg in laboratory.  Furthermore, 

proportional controller was applied to the system for trajectory tracking.  Expected 

results are achieved in lab test.  In the future, other controllers would be designed for the 

system, Linear Quadratic Gaussian algorithms is being tuned for the system, and 

Position/force algorithms would be very beneficial to system landed on ground.  

Moreover, power efficiency for robot is significant and would be taken into account.  

7. VARIABLES DEFINITIONS 

3219.01 a m 3218.02 a  m 045.03 a  m 045.04 a  m L1 = 0.08 m 

L2 = 0.35 m L3 = 0.122 m  L4 = 0.33 m L0 = 0.164 m 2820.0il m 

772.12 m kg 808.03 m kg deg24.261   deg24.262   deg9.7'

2   

Table 3. Variables definition 
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ABSTRACT 

The progressive research of mobile machines is mainly concentrated on different 

subsystems rather than considering entire machines. Furthermore, simulations tend to be 

the primary source of information. A versatile research platform called IHA-machine 

enables the verification of various types of results with a full-sized vehicle. The 

machine is engineered at the Department of Intelligent Hydraulics and Automation at 

the Tampere University of Technology. In contrast to conventional academic vehicles, 

constructed usually for a particular type of research, IHA-machine has appropriate 

equipment e.g. for modern studies related to energy efficiency, the autonomy of work 

machines as well as digital hydraulics. Furthermore, it can be used as a member of a 

fleet of machines operating at future work sites. This paper describes different 

subsystems of the machine and presents research conducted with it. In addition, it 

introduces some important topics that will be explored more elaborately in future. 

KEYWORDS: Power management, modularity, future worksite, digital hydraulics, 

safety, autonomy, fuel consumption, energy efficiency, mobile 

machine development 

1. INTRODUCTION 

Mobile work machines significantly extend our ability to manipulate and transport. It 

can even be stated that they are vital for technological evolution. However, the 

environmental impact of today’s machines is significant. Since there are millions of 

such machines [1] operated constantly all over the world, it is evident that their 

consumption of energy is substantial, for example, over 480 GWh per minute in 2009 in 

the USA alone [2]. Moreover, they all burn fossil fuels and thus, they are accountable 

for a major part of emissions released into the atmosphere. In addition, conventional 

mobile machines are human-operated. Teleoperation and autonomous functions will 

decrease operational costs due to increased productivity and improved safety. 
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Constant advances in electronics, computer and information technologies change our 

life style. Future worksites are no exception. They open vast possibilities for 

improvement and for new applications in conventional mobile machines. The future 

will witness worksites with mobile machines that are directly teleoperated, or work 

autonomously and only being supervised remotely. These machines will also be safe 

enough to be in the vicinity of human operated counterparts. They will be “self-aware” 

and consume less energy. Increasing the level of autonomy transfers operators from 

cabins to control rooms improving their working conditions in terms of safety and 

convenience. In this area, the key research challenges are related to both mobility and 

manipulation: power, actuation and energy, sensing and perception, navigation, 

planning and control, and human-machine interfacing. Moreover, compared with single 

machine autonomy, yet another level of complexity is added when concerning a fleet of 

mobile work machines. Contrary to factory floor applications, the natural work 

environment of hydraulic mobile machines is unstructured and dynamic. These make 

the safe and smooth operation of mobile machines a real challenge in outdoor 

applications. Achieving such ambitious targets requires the integration of expert 

developments from information technology into hydraulics and mechanics [3]. 

To rise to the challenges mentioned above, a novel vehicle called IHA-machine is 

engineered at the Department of Intelligent Hydraulics and Automation (IHA) in the 

Tampere University of Technology (TUT). It serves as a research platform, e.g. for 

comprehensive and realistic efficiency studies as well as the field tests of autonomous 

functionalities. Even though a lot of research is focused on mobile machines, usually 

one machine is only dedicated to the research of an individual topic [4], [5], [6] or the 

results are obtained mainly by simulations [7], [8], [9]. Having in mind a need for a 

versatile machine, IHA-machine was designed to serve as a platform enabling us to 

conduct different types of research concurrently. Such flexibility was achieved by 

having electrically controlled components and digital communication. This allows 

investigating novel solutions conveniently and economically. Moreover, it gives 

possibilities for automatic functions, complex power management and teleoperation. 

For example, in autonomous operation, proper co-ordination of different subsystems 

and knowledge about future plans can be used to achieve the highest possible energy 

efficiency. Still nowadays, such a comprehensive drive-by-wire structure is unusual in 

hydraulic mobile machines. Interested readers are referred to [10] where other 

multifunctional research platforms are introduced.  

In section 2, we describe the structure and subsystems of IHA-machine mainly at 

hardware level. In section 3, we present the research topics that have already been 

started, as well as possible research concepts that can be conducted with currently 

installed components. We also mention the research activities that will require hardware 

changes, but have clear potential in scientific and industrial aspects. 

2. DESCRIPTION OF THE RESEARCH PLATFORM 

The frame of a middle-sized wheel loader is utilized as a base for the research platform; 

it has length of 6.5 m, width of 2.0 m, height of 2.8 m and it weighs 4000 kg. The 

maneuvering of the vehicle is executed with an articulated-frame-steering (AFS) 

system. A photograph of IHA-machine is presented in Figure 1. 
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Figure 1. IHA-machine. 

Although there is a loader fork attached in Figure 1, naturally other tools with suitable 

mountings can equally be utilized. Moreover, it is possible to produce proportionally 

controlled hydraulic power to auxiliary devices. This widens the range of feasible 

accessories enabling more diverse research. Description of the machine is divided in 

two categories and presented below: 1) Hydraulics, 2) Drive-by-wire control system.  

2.1. Hydraulics 

Following sub-sections provide an overview of different hydraulic systems of 

IHA-machine. In addition to hydraulic diagrams, a number of laboratory measurement 

results are presented.  

2.1.1. Hydrostatic drive system 

Figure 2 shows a simplified diagram of the closed-loop hydrostatic transmission (HST) 

of IHA-machine. It also presents the sensors and most important auxiliary components 

that provide safety and maintenance functions. Hydraulic circuit that includes hydraulic 

pump and parallel hub motors is flexible enough to leave some possibilities for future 

research developments. 
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Figure 2. Hydraulic diagram of the hydrostatic transmission of IHA-machine. 
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The prime mover of the machine is a 100-kW 4-cylinder diesel engine that utilizes 

common rail technology and has a turbo charger. The specific fuel consumption (SFC) 

maps were supplied by the manufacturer and therefore, the conducted tests focused on 

determining the dynamics of the engine. An example of the results is shown in 

Figure 3.
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Figure 3. Example of the dynamic tests of the diesel engine.  

A simulation model is built and verified based on laboratory measurements and 

manufacturer data. Moreover, one should notice the values of the internal rotational 

speed sensor in the middle graph and fuel consumption in the right-hand graph in 

Figure 3, because they provide important research data in a convenient way via 

CAN bus (Control Area Network). 

The HST pump has a displacement of 110 cm
3
/r and contains various integrated 

hydraulic components, sensors and electronics to implement the closed-loop control of 

the swivel angle and data communication. Both the diesel engine and the pump are 

connected to the main PLC (Programmable Logic Controller) of the machine via 

CAN bus. 

The volumetric and hydromechanical efficiencies of the pump were determined in 

comprehensive laboratory tests in steady-state conditions using a 100-kW electric 

motor. More detailed descriptions of the conducted tests can be found in [11]. Some 

results are presented in Figure 4. Models deduced from the data are used both in 

simulation models and in the control system. 

Figure 4. Efficiencies of the hydrostatic transmission pump. 

There is a 470-cm
3
/r-hub motor in every wheel of the machine; as a consequence, there 

are no axles that would limit its maneuverability in rough terrains. Each motor has a 

pressure-controlled holding brake and an integrated sensor for the measurement of 

rotational speed. Moreover, it is possible to connect the feed and return sides together 

for half of the pistons. In this mode, the displacement of the motor is reduced to 
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preserve the economy of the vehicle during transitional driving. The feature is activated 

with the on/off-valve in Figure 2, which pressurizes X ports in all the motors. 

2.1.2. Work hydraulics 

The work hydraulics circuit of IHA-machine is based on digital hydraulics. Two 

functions, lifting and tilting, are realized using digital valve driven cylinders. As shown 

in the hydraulic diagram in Figure 5, the digital valves consist of four digital flow 

control units (DFCU). Each DFCU controls a separate flow path making it possible to 

control both cylinder chambers independently. [12] In this case, 5 parallel connected 

on/off-valves form each DFCU. 
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Figure 5. Hydraulic diagram of the work hydraulics. 

The seat type on/off-valves are driven using separate booster electronics, which are 

commanded by a dSPACE MicroAutoBox. A model-based control algorithm optimizes 

the control of the on/off-valves in real-time and uses pressure feedback provided by the 

sensors located in the digital valve blocks [13], [14]. 

2.1.3. Hydraulics of the steering system 

IHA-machine is an AFS machine. It can be steered onboard, teleoperated or 

autonomously. Power for the steering system is generated by a separate gear pump 

attached to the power take-off of the diesel engine (PTO). Flow to the steering actuators 

is controlled by a proportional valve. In turn, force is generated with two hydraulic 

cylinders connected symmetrically on both sides of the center link.  
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2.2. Drive-by-wire control system 

The control system of IHA-machine is entirely drive-by-wire, thus providing a versatile 

platform and enormous possibilities for research. Sensor values and actuator command 

signals are communicated over CAN buses to/from the control computers. Because such 

drive-by-wire structure allows the control algorithms be implemented by software, it is 

possible to research more advanced and complex algorithms.     

The control system is composed of several components which communicate via CAN as 

Figure 6 presents. All the higher level control units and safety related devices are 

connected to CAN1, which is the main bus of the machine. CAN2 and CAN3 are 

sub-buses to which CAN operated actuators and sensors are connected. Diagnostic 

CAN bus is utilized for downloading the software and diagnosing the control units. The 

bus of digital hydraulics connects the digital hydraulic controller and the valve drivers. 

For safety reasons, an emergency stop module has been integrated to the control system 

to be used in autonomous drive mode. 
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Figure 6. CAN bus layout of IHA-machine. 

Typically actuators and sensors with integrated electronics and CAN interfaces contain 

basic error handling and diagnostic properties, which simplify the required error 

detection methods in the main control units. Therefore, only bus monitoring, error 

registration and error reaction have to be implemented. 

The steering system is realized with CAN compatible components. M4 proportional 

valves utilized in the steering and auxiliary hydraulics have a CANopen interface with a 

standardized device profile DSP 408. Similarly, the articulation of the frame is 

measured with a CANopen compliant resolver-type sensor. In addition, the joystick for 

manual operation and the display in the cabin have CAN interfaces reducing cabling. 

Both the diesel engine and HST pump have their separate control unit offering different 

kinds of control methods and data from integrated sensors. The diesel engine can be 

operated e.g. in torque or in a traditional throttle control mode. Equally, the control unit 

of the HST pump enables a variety of control schemes and safety features. Moreover, it 
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is possible to configure the parameters of each control method to obtain the desired 

characteristics of the system.  

2.2.1. Higher level control units 

The control algorithms of IHA-machine are distributed among three programmable 

control units: Advanced computing module, main PLC and digital hydraulics controller 

(see Figure 6). Diverse requirements for calculation power, I/O-lines, communication 

interfaces and modularity justify the utilization of more than one control unit.  

The advanced computing module is at the highest level of control hierarchy. It is an 

embedded computer with an xPC Target real-time kernel running MATLAB/Simulink 

models. Above all, it serves as a platform for developing navigation algorithms, 

autonomous methods and measurement functionalities. Therefore, it is not mandatory 

that the computer is turned on when the machine is controlled manually from the cabin 

or by teleoperation. Two CAN buses connect this computer to other devices of the 

machine and an Ethernet port is used to connect it to a WLAN router enabling the use of 

external systems, such as user interfaces or data gathering in a control room. When the 

machine is operated autonomously or in teleoperation mode, the advanced computing 

module acts as middleware. Hence, it converts internal and external messages to a 

proper format and prohibits a direct access to the system. 

The main PLC in Figure 6 is a BODAS RC36, which sends references to the diesel 

engine, the HST pump and other actuators of the power transmission. It has both digital 

and PWM-outputs for controlling actuators as well as inputs for the analog sensors and 

switches of the machine. Since all the actuator commands of the machine are 

transmitted by the main PLC, the most important safety functions are also implemented 

into this unit. This ensures the consistency of the commands, and in addition, facilitates 

managing the operation and safety of the machine.   

The digital hydraulics controller is connected to the main bus of the machine (CAN1) 

and to the digital hydraulic CAN bus, which is utilized in the control of the DFCUs and 

transmitting pressure data. 

2.2.2. Sensors 

There are several measured variables at IHA-machine, from which a part is available 

only in digitized form. Nevertheless, nearly all of them are eventually transmitted to the 

CAN buses. Table 1 presents only the most important variables utilized in controlling 

the machine. For example, quantities related to maintenance and safety are excluded.  

The right-hand column of Table 1 describes sample intervals. If a value of an analog 

sensor is only utilized after quantization, the sample time is shown in the table. 

However, when the actual analog value is used, the corresponding variable is labeled as 

“Analog” regardless of its possible quantization. Examples of the mentioned cases are 

the pressures of work hydraulics and the length of the boom cylinder, respectively. 

Also, pulse data from the integrated sensors of hydraulic motors is converted into a 

CAN message containing angular velocity of the wheels. This is executed in the wheel 

odometry module described elaborately below. 
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Table 1. Main measurements of IHA-machine 

VARIABLE RANGE INTERVAL 

Hydrostatic transmission 

Swivel angle -1000...1000 ‰ 10 ms 

Pressures 0…500 bar 10 ms 

Rotational speed (Diesel engine) 0…5000 r/min 20 ms 

Temperature -50…50 °C Analog 

Angular velocity (wheel) -50…50 rad/s 50 ms 

Work hydraulics 

Pressures 0…250 bar 5 ms 

Lenght of the boom cylinder 0…300 mm Analog 

Angle of tilt 0…340 ° Analog 

Other 

Fuel consumption 0… l/h 100 ms 

Injection quantity set point 0…255 mg 50 ms 

Engine output torque 0…100 % 20 ms 

Temperature (tank oil) 0…100 °C Analog 

Angle of the frame -39…39 ° 100 ms 

Pressures (steering) 0…250 bar Analog 

2.2.3. Localization equipment 

The localization equipment of IHA-machine consists of a code differential GPS receiver 

and the wheel odometry module. The receiver is a Trimble SPS351 which has a 

horizontal accuracy of ± (0.25 m + 1 ppm) RMS at recommended measurement 

conditions. In addition to general locating applications, the receiver is targeted at marine 

industry. Therefore, it has a built-in MSK receiver for correction data transmitted by 

marine beacons. As the code differential accuracy decreases when distance to the 

beacon is increased [15], the receiver can also read correction data (RTCM 2.x) from an 

external receiver via a serial port (V.24/V.28). The correction data can be generated by 

a local reference station or a network-based reference system such as Trimble VRS [16]. 

If the receiver has Internet access, it can also connect to an Ntrip caster for corrections. 

The receiver can be configured using a web browser. One of the most important settings 

is the way the position data is transferred to the control system of the machine. The 

receiver supports several protocols via serial ports and Ethernet. 

In this application, the receiver was configured to transmit the position via Ethernet in 

UDP to simplify the hardware architecture of the control system. Because the machine 

is intended to be used in various locations, a network-based correction service is used. 

For security, the control system cannot usually be connected to Internet. Therefore, an 

external GPRS module with Ntrip client (smallTRIP) is connected to one of the serial 

ports of the SPS351. The smallTRIP can be configured via SMS. Since the 

network-based correction data is calculated separately for each rover, the receiver is 

configured to transmit position data to the smallTRIP in NMEA 0138 every 10 seconds. 

The correction data is received from the smallTRIP by the SPS351 in RTCM 2.x. 

The wheel odometry module measures incremental signals from the angular encoders of 

the wheels. The angular velocities of the wheels are calculated and sent via 
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CAN interface. A customised module was developed because off-the-shelf CAN 

modules only calculate either pulses per second or time between pulses. There is usually 

no actual incremental encoder support, just a simple pulse counter input. For a wide 

range of velocities with direction indication, an adaptive module with flexible 

configuration options is required. 

The module is based on Freescale 56F8323 microcontroller which has an integrated 

CAN controller, extensive I/O and reasonable processing performance. The 

implemented software supports most CANopen features. In this system, the wheel 

odometry module is configured to transmit the angular velocity values in a PDO when a 

SYNC object is detected on the bus. The transmitted angular velocity values are 

averages since previous PDO transmission. Therefore, the advanced computing module 

that performs the odometry calculation can determine the timing of communication 

flexibly without impairing accuracy. 

2.2.4. Communication devices 

For external communication, there is a WLAN module on IHA-machine. The module is 

configured to connect to an access point and use WPA2 encryption with a pre-shared 

key. The integrated two-port Ethernet switch is sufficient for the current system: The 

only Ethernet devices are the advanced computing module and the GPS receiver. 

The advanced computing module has an Ethernet bootloader installed. Therefore, 

Simulink models can be downloaded from remote computers connected to the wireless 

access point of the system. 

The machine has a wireless emergency stop system that is independent from the rest of 

the control system. There is a separate radio modem link only for the emergency stop 

system. The system consists of two modules: an on-board emergency stop module and a 

remote button module, both implemented using a Freescale 56F8323 microcontroller. 

The emergency stop module controls the run/stop signal of the diesel engine with a 

relay. The same signal enables the outputs of the main PLC. The button module 

transmits a permission to keep the relay on.  

The power of the button module is supplied through an emergency stop button. 

Therefore, the communication is stopped when the button is pressed. This makes the 

relay open, stalling the engine. However, there is a capacitor in the button module that 

supplies power for approximately 200 ms after the button is pressed. This enables the 

module to transmit a stop command before shutting off, resulting in faster stalling as the 

on-board emergency stop module does not need to wait for communication time-out.  

The status of the emergency stop module is signaled via CAN in cyclic PDOs to the rest 

of the control system, especially the main PLC. There is a relay bypass switch on the 

machine for maintenance. The bypass is detected by the emergency stop module and 

communicated to the main PLC. Only local operation from the cabin is permitted unless 

cyclic “no emergency, no bypass” signals are received from the module. The module 

will also light a red beacon when the relay is released. 

The button module has a NiMH battery that powers the module up to 6 h, but it can also 

be operated with an external constant voltage power supply. The system supports two 

onboard emergency stop modules. Therefore, the emergency stop button module can be 

used in two-machine systems, too. 
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For short-range remote control via a radio modem link, there is another CAN module 

also based on Freescale 56F8323. The remote control module is a bus converter 

between CAN and V.24/V.28 with light data processing. 

3. RESEARCH ACTIVITIES 

This section details research activities that use IHA-machine as the main research 

platform. The topics include power management, modularity, autonomy, condition 

monitoring, digital hydraulics, safety, traction control and hybrid hydraulics.  

Methodologies developed during research activities are evaluated by simulations before 

real machine implementation. In this regard, virtual machine simulators are important 

for the research of mobile machines. Therefore, a real-time simulator of IHA-machine 

has been developed. The simulator includes the models of all the components of HST 

and the diesel engine, similar to one presented in [17], except that the simulator of 

IHA-machine does not include a hardware-in-the-loop. 

3.1. Power management 

Present control architecture, available sensors and individual control units for each 

component allow flexible implementation of different kinds of higher level algorithms 

for power management. Separate controllers also enable the reduction of transferred 

data, shorter delays and faster responses. In addition, distributed calculation tasks 

diminish the computational load of the main PLC. 

Operating the prime mover at a constant rotational speed despite load changes is a 

common control method in current mobile machines. However, this will lower the 

efficiency due to partial loading. The operation of a diesel engine at different rotational 

speeds according to power demand can improve fuel economy. Optimal efficiency will 

require an active feedback control of the swivel angle of the pump and the rotational 

speed of the engine. Also, the adjustable displacement of the hydraulic motors of 

IHA-machine provides additional possibility for optimal efficiency. 

The available torque of the diesel engine is a function of rotational speed. Therefore, the 

distribution of power should be implemented in a way that the maximum power is never 

exceeded, since this might stall the engine. However, efficiency benefit comes at the 

cost of complexity and the control system must properly prioritize power consumption 

of each component.   

One of the main purposes of IHA-machine is to provide a platform for the research on 

reduced fuel consumption. The computational capacity of the advanced computing 

module enables implementing optimal control methods in real time. Ultimately, this is 

the only genuine way to verify successful results obtained with simulation models. In 

IHA-machine, real time fuel consumption rate is available in a CAN message as shown 

in Table 1. Thus, it is possible to compare the amount of consumed fuel under different 

control strategies, for example, conventional methods against an optimal algorithm. 
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3.2. Modularity and interfaces 

Modularity relies on the interfaces and functionalities of modules. Furthermore, logical 

consistency and dependencies are important properties when modularity, flexibility and 

replaceability are objectives.  

In modular design, interfaces are one of the key areas of the whole system design 

process. It is important to keep them fixed during the whole development and 

maintenance process or at least they should be compatible with older versions. Such 

interfaces enable developing replaceable modules which can be exploited in other 

solutions. This is not always possible, and then wrapping is one way to guarantee 

compatibility between old modules and new interfaces [18]. In certain situations, 

interfaces also enable the use of middleware without affecting other modules, because 

they hide the implementation. However, in the real-time solutions interfaces may induce 

notable delays due to increased communication. 

Portability and long maintenance time of software are important, since mobile work 

machines traditionally have long life cycles. Our research will concentrate on modules 

and interfaces in these vehicles. Modularity and portability properties have already been 

achieved with the autonomous control system originally developed into modified 

Avant 600 wheel loader [17]. 

3.3. Autonomous operation 

There is a flurry of activity to improve autonomous vehicles that travel from point A to 

point B, while avoiding obstacles. Industrial manipulators and factory floor AGVs 

(Automatic Guided Vehicle) are fairly well understood and have been successful for 

years. Automated work machines have already been introduced in structured 

environments such as terminal ports and underground mines, where the presence of 

human can be limited.  

However, much remains to be done to make a mobile platform execute a work task 

autonomously [19], [20], [21]. Contrary to factory floor applications, the natural work 

environment of hydraulic mobile machines contains uncertainties and moving obstacles. 

Moreover, for reduced maintenance and improved robustness, off-road hydraulic 

machines are built using components with high tolerances, thus less accuracy. 

IHA-machine is not a primary platform at IHA for the research of autonomous 

machines. However, automatic way point tracking capability has been developed for the 

machine that enables us to easily perform repeatable and comparable field experiments. 

For example, the energy consumption of the machine can be recorded and studied over 

and over again along the same test trajectory.   

The autonomous motion control system consists of four main subsystems: Way point 

planning, guidance, navigation and control. The way point planning is done through a 

graphical user interface (GUI), shown in Figure 7. User is able to assign desired 

trajectories for the machine simply by setting the waypoints on the map of the worksite, 

and transfer this information through a WLAN to the guidance system onboard. User 

specifies the speed of the machine at each point of the route as well. It is also possible to 

define work tasks to each way point; such as Wait, Lift, Lower, and so on.  
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Figure 7. Graphical user interface 

The guidance algorithm communicates with the GUI for mission assignments. It then 

continuously supervises the state of the machine and chooses the reference values from 

the sequence of the tasks, for example desired heading, speed and work task. The 

navigation algorithm combines odometry data from all four wheels with GPS absolute 

positions to geo-reference the machine. Data fusion is done using a Kalman filter. The 

motion control is a closed-loop control system that keeps the vehicle on the desired 

trajectory. Details can be found in [17]. 

3.4. Condition monitoring and fleet management 

More instruments will be installed on mobile machines. These instruments will provide 

sensorial information about the various variables and states of the machine. Table 1 

provides currently available sensors on IHA-machine. However, the amount of 

unprocessed sensor data is simply too big to be transmitted. Furthermore, raw data gives 

no useful information. Data can be processed by onboard computers, and certain 

decisions can be made locally. This will lower the need for communication. Advanced 

computing units give a possibility to analyze data and provide the operator with 

processed and useful information, for example about the condition of the machine. 

Relevant information is relayed to decision making agents at a managerial or 

multi-machine level, for example continuous condition monitoring enables efficient 

maintenance and improves productivity. As the reliability of such automatic systems 

increases, not only these automatic agents can make decisions, but also take actions. At 

IHA, several research works have addressed data management [22], condition 

monitoring [23] and fault detection [24]. 

3.5. Digital hydraulics in mobile machines 

From the digital hydraulics point of view, IHA-machine serves as a test system for 

energy efficiency study. Furthermore, it gives a realistic environment for testing digital 

hydraulics concerning electrics, hydraulics and controller software. The energy 

efficiency is first studied with simulations using a MATLAB/Simulink model of the 

work hydraulic circuit of the machine. As the real machine exists, the simulation model 

is verified against measurements in order to obtain a realistic model and realistic results 

concerning energy efficiency. 

The machine is equipped with digital hydraulic valve systems which control two main 

functions: lifting of the boom and tilting of the loader fork. A distributed valve 
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configuration enables the control of a cylinder both in inflow-outflow and differential 

connections. A control mode selection algorithm is developed for multi-actuator 

systems to achieve an energy efficient control of parallel cylinder drives and to maintain 

an easy control interface for the driver of the machine. Figure 8 presents different 

control mode possibilities, which enable reduction of energy losses. 

v v
Mode 1 Mode 3a

v
Mode 2

v
Mode 3b

 

Figure 8. Different control modes used in a digital hydraulic control of a cylinder 

The system is modelled with a hydro-mechanical stabilization function to be able to 

verify the simulation results against measurements. In addition, a model without the 

stabilizing cylinders is also built in order to evaluate the energy efficiency of two 

simultaneously driven actuators. Working cycle, consisting of lifting a load mass from 

ground to maximum height and lowering it back to ground, is simulated for three 

different loadings. Figure 9 presents the conclusions of the simulation study. 

 

Figure 9. Energy losses [kJ] of the test cycle with different load masses. 

The results of the first energy efficiency study are promising and further studies should 

be conducted to gain more information about the energy saving possibilities of such 

machine. By utilizing the digital hydraulic valve control, the energy losses were reduced 

by 33 to 63 percent depending on the loading. [14] 

3.6. Safety 

With mobile machines, safety and dependability are major concerns and their 

importance is even emphasized as the number of automatic and computer-aided 

operations increase. Errors and faults may cause hazardous situations, especially when 

machines are operated autonomously only under human supervision. 

The detection of errors only in actuators and sensors is not enough and therefore, more 

sophisticated detection mechanisms are required. Real-time condition monitoring 

algorithms will provide information on possible errors as explained in Section 3.4. 

Furthermore, error handling in mobile machines has special properties e.g. the time 

requirements of real-time control, distributed error handling in control units and 

hazardous environments.  

Automatic and computer-aided functionalities may propagate additional errors which 

increases the significance of error recovery and dependability. The classification and 

severity of an error defines proper error handling methods and appropriate recovery 

actions. The machine described in this paper currently has only basic error detection and 
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handling methods, but the architecture enables further research on more sophisticated 

safety and dependability functions. 

3.7. Independent control of the angular velocity and pressures of each hydraulic motor 

Losing the traction of wheels is a major problem with mobile machines whether it 

occurs in the power train of a harvester or an underground loader. Despite the efforts 

e.g. [7], [25], a comprehensive solution has not been developed.  

It is generally known that both volumetric flow and hydrostatic pressure can be 

controlled by variable orifices. However, if realized with throttling valves, this kind of 

approach has a very negative effect on the efficiency of a system. Moreover, with one 

valve, an independent control of the mentioned variables is virtually impossible. 

Nevertheless, it can be achieved with linear actuators by means of digital hydraulics 

[26]. Hence, it is probable that similar results could be obtained also in rotary motion. 

Initial simulations regarding this topic have been made, and when the concept is 

developed enough, IHA-machine can be utilized as an application platform also to this 

research. 

3.8. Energy recovery and hybridization features for power transmission 

Numerous researches about different types of hybrid power trains are conducted all over 

the world. Interest towards hydraulic hybrid vehicles (HHV) is constantly growing [27], 

[28], [29] and their electric counterparts, HEVs [30], [31], are no more seen as the only 

solution. Currently, there is no hardware installed at IHA-machine that could recover 

energy from its subsystems and store it for later use. However, implementing a low cost 

hybridization method has already been discussed. Such hybrid system will be more 

complex, but a proper design will enable operation in conventional or in hybrid mode. 

Therefore, it would be possible to conduct more reliable comparative studies between 

hybrid and more conventional power systems. 

4. SUMMARY 

This paper introduced a research platform engineered at TUT/IHA, called 

IHA-machine. Its subsystems including hardware and software were described. Several 

possible research topics were also briefly outlined and a number of already obtained 

results were presented. 

Versatility of IHA-machine enables us to conduct various types of researches in a novel 

manner. Even though the targets of our research are set for five to ten years ahead in the 

field of mobile machinery, many of the results can be used nowadays in different 

machines. 
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ABSTRACT 

Decreasing fuel resources as well as increasing energy costs and stricter CO2 regulations 
force engineers to research and develop energy saving concepts for mobile working 
machines, especially for excavators. The optimisation of these machines is not only 
focused onto the drive train. Also, the supplementation of the working hydraulics by 
techniques for energy saving and recuperation is becoming more and more important. A 
comparatively easy possibility to meet the named criteria is to steer all actuators by 
hydraulic transformers or by individual variable displacement pumps in a closed circuit. 
Another option is to substitute individual control valves of the conventional system by 
hydraulic transformers or using variable displacement pumps closed circuits. 

KEYWORDS: Energy recuperation, working hydraulic, transformer, substitution, 
new system design, energy comparison, 

1. INTRODUCTION 

Due to decreasing energy resources and rising energy costs, manufacturers of earth-
moving machinery are forced to develop and offer new solutions for higher energy 
efficiencies. This trend is amplified by restrictions, imposed by governmental 
regulations such as the reduction of climate aggravating CO2 production. But even for 
the customers, more efficient machines are gaining importance as they reduce fuel 
consumption and hence the life cycle costs. Thus, the manufacturers of earth-moving 
machinery are forced to satisfy this market requirement. 
Until now, the main focus on reducing the energy consumption of construction vehicles 
has been the improvement of drive-train efficiency in general. An example for this is a 
hydrostatic transmission with mechanical power split used in agricultural vehicles. 
However, manufacturers of earth-moving machinery increasingly focus on the 
improvement of efficiency of the working hydraulic system. Here, besides the energetic 
improvements of the control system, energy savings in the working equipment are 
possible by recuperation of potential and kinetic energies. 
This paper deals with the potential of increasing energy efficiency in the working 
hydraulic system by means of hydraulic transformers or variable displacement devices 
for the control of linear and rotational actuators in comparison to an existing load-
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sensing system. Furthermore, individual control valves of the load-sensing system are 
substituted by hydraulic transformers or variable displacement devices to avoid 
throttling losses over pressure balancing valves. As reference system, a 30 t hydraulic 
excavator with a 125 kW diesel engine was selected. The possibility to regain potential 
energy from the boom and kinetic energy from the swing drive is typical for this type of 
application. 

2. THEORETICAL APPROACH 

There are different ways to improve the efficiency of a hydraulic system, see Figure 1. 
The easiest and also most common way is to optimise individual components, e. g. 
improving flow dynamics of control valves or reducing friction forces in hydraulic 
drives. But also new control strategies and better feedback control algorithms, like a 
lower load-sensing pressure level or start-stop-strategy for the combustion engine, allow 
a reduction of the fuel consumption in mobile systems [1], [2]. 
Next option is to adapt or to integrate systems or components for energy saving and 
recuperation like hydraulic accumulators or a battery supplied by an electrical generator 
which is driven by hydraulic motors installed into the downstream line [3]. Also 
mechanical flywheel masses could be used for storing energy. 

 
Figure 1. Methods of reducing energy consumption in hydraulic systems 

There are different approaches for new hydraulic system designs which are in focus of 
industrial and scientific research. These can be classified into valve controlled systems 
and into primary and secondary controlled systems which avoid throttling losses. New 
valve controlled system approaches are digital hydraulics using on-off-valve technology 
[4], the matrix switching mechanism [5] or uncoupled metering edges of a valve which 
allow fast movements of differential cylinders [6]. For primary and secondary 
controlled systems the control of linear actuators by variable displacement units in a 
closed circuit [7] or by using hydraulic transformers [8] can be given as an example. 
Both of them will be explained more detailed in this study. 
Another possibility getting a more efficient hydraulic system layout is to substitute 
individual control devices. For this method two cases are regarded – exchanging 
individual valve plates by new control devices, like hydraulic transformers, to decrease 
throttling losses over pressure balancing valves and using a similar configuration to get 
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the option to recuperate energy. If a control valve of a load-sensing circuit is substituted 
by a transformer and supply pressure level is still given by the valve controlled drives, 
working pressure levels of the actuators controlled by hydraulic transformers can be 
adapted. Thus, throttling losses via pressure balancing valves can be avoided for these 
drives. 

3. SYSTEM LAYOUT 

This paper compares the energy consumption of different control systems for the 
working hydraulic system of a 30 t excavator by means of hydraulic simulations with 
the DSHplus software package. The control systems are selected as follows: 
 
 Conventional load-sensing system with upstream pressure balancing valves 
 Displacement control using hydraulic variable displacement units 
 Displacement control using hydraulic transformers 
 Load-sensing system partly substituted by variable displacement units 
 Load-sensing system partly substituted by hydraulic transformers 
 

Typically, the load-sensing system to control the working hydraulics is utilised in 
European and American hydraulic excavators. It acts as the reference system in this 
study. 

3.1. Conventional Load-Sensing System 

A load-sensing system as an example for a valve-controlled hydraulic system in 
construction vehicles is utilised to compare the presented systems by simulation 
(Figure 2). Not considered in this study are other valve-controlled systems, such as the 
Positive or Negative Control which are also typical for the kind of machinery being 
regarded. In the Negative Control system which is widely applied within the Asian 
market, the pump is swiveled back by an increasing stagnation pressure at a resistance 
in the bypass line. Stagnation pressure increases by a surplus volume flow supplied by 
the pump. A Positive Control system means that the pump is swiveled out by the 
highest pilot pressure of all control valves. Because Load-sensing systems are the most 
efficient designs of today, they are regarded as the reference system to give an 
impression about energy efficiency effects of the methods being introduced by this 
article. 

The observed load-sensing system is a hydraulic-mechanical control system using two 
pumps. Normally, one of them supplies the drives of the boom and the bucket with 
hydraulic power while the other one supplies the cylinder of the arm and the swing 
drive. The control valves (CV) are actuated by the operator, whereby the load pressure 
of the active drive is captured and transferred to the corresponding pump by the load-
sensing controller (LSC). The pump’s volume flow increases by swiveling of the swash 
plate until all attached loads are sufficiently supplied. To prevent velocity alternations 
while adding further loads, pressure balancing valves are arranged between the pumps 
and the corresponding control valves. In this study, they are modeled as part of the 
control valves. Furthermore, the linear drives are equipped with counterbalance valves 
(CBV), in order to avoid uncontrolled movements in case of a pipe burst. In the 
hydraulic simulations, the counterbalance valves are implemented as hydraulic resistors 
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in order to include their energy losses in the simulation. Alternating check valves are 
integrated to capture the maximum load pressure. 

 
Figure 2. Reference System – Load-Sensing System 

To optimise efficiency of current valve-controlled systems by recuperation, a higher 
complexity is necessary. Due to throttling losses in valves, the obtainable pressure level 
in an additional accumulator while recuperating is lower than the supply pressure. 
Hence, the recuperated energy can only be used for lower pressure loads. For this, a 
complex control algorithm is essential which continuously checks if recuperated energy 
can be or not be used. 

3.2. System fully controlled by variable displacement units 

An option to avoid throttling losses over control valves is to steer all rotational and 
linear drives of the excavator by individual hydraulic units with a variable displacement. 
They are directly connected to the crankshaft of the internal combustion engine. 
Because the pumps can be driven in motor mode, e. g. while the boom is lowering, 
recuperated energy could be used for parallel tasks or to support the engine. For the 
system being regarded in this study, there is no further additional system and therefore 
no possibility to store recuperated energy. 

To drive hydraulic differential cylinders in a closed circuit using variable displacement 
pumps, the volume flow discrepancy caused by the volume difference between piston’s 
and rod’s side has to be adjusted. Therefore, check valves are integrated between high 
pressure and low pressure line and connect them to the reservoir if needed, see 
Figure 3. The opening of the check valve connected to the low pressure side is 
controlled by pressure on the high pressure side. Thus, the lack of volume flow on the 
pump’s suction side could be balanced out of the reservoir via the check valve or the 
spill-over of volume flow is cut on lower pressure side by this bypass. Therefore, 
energy losses could be kept in a small range. 
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Figure 3. Displacement Pump Controlled System 

In comparison to the load-sensing system throttling losses can be avoided and thus, 
required cooling power can be reduced as well [7]. The dynamics and controllability of 
the axis is lower in comparison to the conventional valve controlled system caused by 
the lower response time of the control devices. Thus, digital switching valves have to be 
installed getting a better performance in case of a fast stop of the actuator. 

3.3. System fully controlled by hydraulic transformers 

The linear and rotational actuators of an excavator cannot only be controlled by using 
variable resistors, which cause high throttling losses, but also by using hydraulic 
transformers (HT). Hydraulic transformers use a constant pressure rail and optional 
accumulators to supply and control the linear actuators of the working hydraulic system. 
The pressure supply system, the load on the linear actuators and the hydraulic motors as 
well as the different work loads among each other are separated by this principle [5]. In 
case of asymmetric loads, e.g. due to linear actuators (LA), the load pressures can be 
adapted to the constant pressure rail without throttling losses. There is no hydraulic 
accumulator to store recuperated energy. In case of an energy overspill during the cycle, 
i.e. recuperated energy can not be used for tasks of parallel driven actuators, energy is 
dissipated by pressure relief valves (RV).  

In contrast to previous models, a new prototype of a hydraulic transformer using the 
Floating-Cup principle offers higher efficiencies, even in partial load conditions and 
with high dynamics [9]. A notable advantage using hydraulic transformers in 
comparison to conventional load-sensing systems is the easy way of recuperating 
energy by feeding it back into high pressure accumulators. The small and lightweight 
HT prototype is characterised by precise controllability and the possibility of its 
integration into the bottom of linear actuators. Further information about the HT and its 
functionality may be obtained from [9]. 

Figure 4 shows the hydraulic system of a 30 t excavator, which is supplied by a 
constant high-pressure rail and controlled by hydraulic transformers. For each linear 
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actuator and the swing drive a separate hydraulic transformer is needed, because the 
constant pressure of the common pressure rail has to be adapted to each load pressure. 
Thus, the hydraulic transformers are arranged in two-quadrant-mode, because pressure 
levels of the supplying lines can not be switched. The operating direction of the 
differential cylinder is switched by a 4/2-way control valve (CV). One port of each 
linear actuator (LA) is connected via CV and counterbalance valve (CBV) to the 
corresponding hydraulic transformer (HT), the other port to the constant low pressure 
rail. The counterbalance valves are integrated to get better performance and are opened 
by separated pilot pressures px,y. 

 
Figure 4. Transformer Controlled System 

3.4. Selective valve substitution by variable displacement units 

The method of substitution is used to improve over all efficiency of the working 
hydraulics for an existing system only by changing specific components. The system 
illustrated in Figure 5, leaves control valves for the boom cylinders and the swing drive 
in contrast to the system shown in Figure 2. Therefore, variable displacement pumps are 
installed additionally realising a closed circuit. The other cylinders, i.e. for the arm and 
the bucket, are supplied by the existing load-sensing pumps. Because each pump is 
connected to only one actuator and therefore working as an individual supply unit, 
pressure balancing valves are not required. Thus, throttling losses could also be reduced 
by this system design. 

The new design of the system allows recuperation of the potential energy while 
lowering the boom and the recuperation of kinetic energy while braking of the swing 
drive. All of the recuperated power could be transmitted to the crankshaft of the 
combustion engine while the pump is driven in motor mode. In case of having no 
additional system to store energy, all recuperated power could only be used for parallel 
tasks or to tow the combustion engine. The discrepancy of volume flow is handled in 
the same way as in the pump controlled system. 
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Figure 5. Individual Valves Substituted by Variable Displacement Pumps 

3.5. Selective valve substitution by hydraulic transformers 

A further option to omit control valves is to substitute them by hydraulic transformers. 
Due to the possibility to increase and decrease the pressure level, the hydraulic 
transformer could be installed in the existing load-sensing circuit. Thus, no additional 
pumps are needed. A special controller provides a pressure signal to the alternating 
check valve if only the transformer controlled actuator should move. 

Figure 6 shows the hydraulic system of a 30 t excavator, which is supplied by two 
separated load-sensing circuits. The LS-control valve of the boom cylinders is 
substituted by a hydraulic transformer, because potential energy could be regenerated. If 
the boom is lowering and potential energy cannot be used for other tasks, it is dissipated 
by a pressure relief valve. 

 
Figure 6. Individual Valves Substituted by Hydraulic Transformers 
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The system consists of the conventional load-sensing circuits for the arm cylinder and 
the swing drive and a modified circuit for the bucket and the boom cylinders. The LS-
valve is replaced by a hydraulic transformer. No transformer is installed to recover 
kinetic energy from the swing drive. This is caused by the hydraulic transformer which 
is only designed for two quadrants. A switch valve has to be installed to compensate 
this. But, driving the swing drive with such a configuration leads to high oscillations 
when the torque changes its direction during braking and accelerating. Thus, a very 
complex control algorithm would be needed to allow the same movement characteristics 
in comparison to the conventional load-sensing system. The control algorithm for the 
transformer controlling the boom cylinders is comparatively easy, because load forces 
act always in the same direction. 

4. SIMULATION 

4.1. Model, cycle and Boundary conditions 

For a well founded comparison of all systems investigated in here an equivalent level of 
detail of all simulation system models using the same loads and stroke cycles is 
necessary. Figure 7 shows how the systems were modelled and the parameters used for 
the system simulation in DSHplus. 

 
Figure 7. Simulation 

First, a reference system had to be defined and analysed. An Appropriate system was 
found in [10]. The working hydraulic system was reduced to components which had a 
functional influence or lead to energy consumption during the duty cycle. Systems 
being regarded by the introduced methods of optimisation for a hydraulic system, see 
chapter 2, were modelled in the same way. 

The reference system is a 30 t excavator equipped with a diesel engine with a power of 
125 kW. The simulated excavator is equipped with a backhoe and conducts a standard 
excavation process, subdivided into four phases - excavating, swivelling and lifting, 
draining as well as swivelling back and lowering [10]. The load-sensing system of the 
reference excavator is driven by two hydraulic pumps with maximum displacements of 
VP1 = 160 ccm and VP2 = 130 ccm. The constant rotational speed of the diesel engine is 
set to n = 2200 rpm. This parameters were set in accordance with [10]. 

In comparison to the load-sensing reference system, the control elements, the pump and 
the linear actuators of the transformer controlled system have been re-dimensioned. All 
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other systems, e. g. the primary controlled system, used same dimensions. Thus, only 
dimensions of new components had to be configured. This is realised by using 
measured look-up-tables (e.g. pump and hydraulic transformers) and characteristic 
curves (e.g. cylinders and valves) for all of the components [11]. Those of the new or 
substituted devices were extrapolated from measured data or provided by their 
manufacturers. 

The stroke cycles of each cylinder of the working hydraulics (boom, arm and bucket), 
normalised to their maximum values, and the angle of the swing drive are shown in the 
lower diagram of Figure 8. These cycles are selected in order to research the particular 
controlling possibilities. 

 
Figure 8. Load and Stroke Cycles [10] 

Loads on the working cylinders of the 30 t excavator are obtained from measured 
pressure signals, which are multiplied by the piston areas, and from the calculated 
balance of forces. The load cycles used in the simulations are displayed in the upper 
diagram of Figure 8. Load forces are defined as negative values if they are operating in 
extending direction of the cylinders and positive if the cylinders are retracting. Because 
the direction of the load forces does not depend on the moving direction, there are no 
indications for propulsive and counter acting forces in the diagram. The torque depends 
on the angle of the swing drive in the same way. 
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4.2. Control Strategies 

The same operation conditions were simulated for all systems. There were no 
accumulators installed in any system and thus no option to store recuperated energy 
exists in any system. This is caused by only regarding the efficiency of hydraulic 
systems which have to be simulated and compared at a same level of detail. Thus, 
optimisation of the working points of the combustion engine is not considered. 
Nevertheless, an impression of the efficiencies of the controlling elements is given 
under these conditions. 

5. RESULTS 

The simulation results of each control concept modelled in DSHplus are compared on 
the basis of normalised energy values. The energy flows are displayed using Sankey 
diagrams. Although the primary energies of the internal combustion engines of both 
models are different, it is set to 100 % in each case for a better comparison. For this 
reason the percentaged primary energy compared to the primary energy of the load-
sensing system is given. 

 
Figure 9. Sankey Diagram of the Load-Sensing System 

Figure 9 shows the Sankey diagram of the working hydraulics controlled by a 
conventional load-sensing system and the valve controlled system respectively. It 
becomes obvious that 14% of the primary energy of the combustion engine is already 
lost in the hydraulic displacement pumps. Then, about one-third of the primary energy 
is used for the boom, another third is consumed by the bucket, 15% is used for the 
swing drive and at least 10% is consumed by the arm. By sharing the same load-sensing 
circuit with the boom, which is working under higher pressure conditions, the highest 
throttling losses of all valves occur on the bucket side, because pressure differences 
between these actuators are discharged via the bucket’s pressure balancing valve which 
is integrated in the control valve. Energy losses in the other load-sensing circuit for the 
swing drive and the arm are lower due to the lower power requirements. Regarding the 
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results in general, the overall efficiency of the hydraulic system is 40% for the cycle 
used in this study. 

It becomes obvious that it is only feasible to regenerate the potential energy of the boom 
and the kinetic energy of the swing drive, because the amount of regenerable energy of 
arm and bucket is too low to legitimate any technical efforts. 

In comparison to the load-sensing system, Figure 10 shows the energy flows of a 
system controlled by variable displacement pumps that also has no possibility to store 
regenerated energy. However, regenerable energy could be used for parallel tasks. The 
Sankey diagram shows that the efficiency could be improved up to an overall efficiency 
of about 57%. Thus, energy consumed by the internal combustion engine, could be 
reduced about 30%. The diagram demonstrates that 24% of the energy is dissipated over 
the pumps, but these components also include the function of the valves. It has to be 
considered that the amount of 24% refers to a primary energy which is 30% lower than 
the reference value of the load-sensing system.  

 
Figure 10. Sankey Diagram of the System Controlled by Displacement Pumps 

In comparison to the load-sensing system, Figure 11 shows the energy flows of the 
hydraulic transformer system that has no possibility to store regenerated energy. The 
Sankey diagram shows that the efficiency of the main pump of 85% is in the same range 
of the two pumps of the load-sensing system. However the HT system consumes 31% 
less energy than the load-sensing system. This is caused by lower losses of the control 
components, i.e. the hydraulic transformers in comparison to the load-sensing valves. 
Especially the losses at the bucket load-sensing valve of 151 kJ (10% of primary 
energy) are significantly higher than the transformation losses in the hydraulic 
transformer at the bucket’s side with only 30 kJ. Thus, throttling losses can be reduced 
by up to 120 kJ. Also, every transformer of the other linear actuators causes lower 
losses than the corresponding load-sensing valves. 
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Figure 11. Sankey Diagram of the System Controlled by Hydraulic Transformers 

Apart from new system approaches being regarded previously, the method of 
substitution of individual control devices was introduced in this article. Figure 12 
illustrates the energy flow of a system with a hydraulic transformer controlling the 
boom cylinders. Thus, 3% of potential energy in the boom cylinders can be recovered 
and throttling losses can be avoided by this. If the boom is lowering and is the only one 
moving actuator, recovered hydraulic power is dissipated by a pressure relief valve 
(RV) with an amount of 2%. As the bucket starts to move, the pressure level on the 
supply side is higher than the working pressure level of the bucket, because recuperated 
pressure is higher than needed to move the bucket. Therefore, throttling losses over 
pressure balancing valves still exists. Losses in the other load-sensing circuits did not 
change. At least, overall efficiency could be improved up to 10% by exchanging 
control-valve of the boom cylinders with a hydraulic transformer. 

 
Figure 12. Sankey Diagram of the System Substituted by Hydraulic Transformers 
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The Sankey diagram shown in Figure 13, displays that the system substituted by 
variable displacement units for the boom cylinders and the swing drive improves 
efficiency by 19%. Thus, overall efficiency of the hydraulic system becomes 48%. 
Recuperated energy is not completely used in parallel tasks, so that there is an overspill 
of 2% which could be stored or used to support the internal combustion engine.  

 
Figure 13. Sankey Diagram of the System Substituted by Displacement Pumps 

Regarding costs for the whole life cycle of an excavator, fuel costs are as high as 
purchasing costs. Reducing energy consumption by up to 31% compared to the 
reference system by the new approaches means that there is one-third of the fuel costs 
left for the components to be installed. Furthermore, the LS valves and the load 
detection hardware have to be taken out of the system. Anyway, the reduction of CO2 
emissions which is demanded by the government is the most important aim to be 
accomplished. Thus, increasing costs and effort for changing the hydraulic system have 
to be accepted by the manufacturers. 

6. CONCLUSION 

In this paper, five systems for the control of the working hydraulics of an excavator 
have been introduced and compared to a conventional load-sensing system. New system 
layouts fully controlled by hydraulic transformers or variable displacement units and 
two system layouts using these components to substitute LS-valves in the conventional 
system were analysed. All of them were simulated without energy recuperation. It has 
become obvious that controlling linear actuators by hydraulic transformers or 
displacement units requires less energy during the presented load cycle than controlling 
them by a conventional load-sensing system. This fact has been derived from 
simulations with real loss characteristics. The system is charged with a given load cycle. 
Energy losses of the load-sensing system have been compared to different systems 
without storage of recuperated energy using Sankey diagrams. 
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The simulation results give first impression of energy saving potentials of two different 
methods improving efficiency in hydraulic systems. The over all efficiency of the 
reference system was determined to 40% of primary energy given by the combustion 
engine. A system controlling all actuators by variable displacement pumps reduces 
primary energy down to 70% of the reference system, so that over all efficiency of the 
system gets up to 56%. A hydraulic system controlled by transformers out of a constant 
pressure rail leads to an energy reduction of about 31% with an overall efficiency of 
about 58%. Next to this, comparatively easy changes of the reference system 
substituting individual control valves, increase overall efficiency without much effort. 
The substitution of the LS-valve of the boom cylinders reduces energy consumption up 
to 10%. Steering the boom cylinders and the swing drive by individual displacement 
pumps energy consumption could be reduced about 12%. 

The next step of research will be a comparison of all systems with option of storing 
regenerable energy in a hydraulic accumulator. Therefore, control algorithms will be 
designed to get further impressions about the operation points of the combustion engine 
and the fuel consumption as well. Furthermore, control algorithms for the internal 
combustion engine will be implemented, e. g. a start-stop operating mode which leads 
to a charging management of the hydraulic accumulator. The systems will be analysed 
with a focus onto the potential of downsizing the combustion engine, system costs and 
dynamic behaviour and performance of the systems as well as security aspects. 
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ABSTRACT

In  this  study  the  energy  balance of  the  driveline  of  an  electrohydraulic  reach  truck  is
analyzed. The study is  focused on the lift/lower function of the truck and the aim is to
produce  detailed  knowledge  on  the  energy  usage  of  this  function  and  to  evaluate
driveline’s potentiality for energy regeneration. The analyzed driveline consists of lead
acid battery, drive to control motor, AC induction motor coupled with hydraulic pump,
control  valve  package  and  hydraulic  cylinders. Analyses  include  results  from
measurements  in  diverse  operational  parameters  of  load,  speed  and  shift  range.  The
results manifest that the overall system efficiency ranges from 0.26 to 0.58, depending
on operational parameters. Subsystem wise it was found that the efficiency factor of the
electric  subsystem  was  at  lowest  while  using  low  velocities  and  the  hydraulic
subsystems efficiency was lowest with high velocities combined with small load. Based
on these observations it is suggested that for reducing energy usage the most beneficial
focus areas would be improving efficiency of ACmotor and limiting the losses in valve
package.

The  obtained  results  of  energy  balance  and  efficiencies  of  the  energy  converting
components  of  this  study  serve  as  baseline  against  modified  systems  equipped  with
different energy recovery implementations.

KEYWORDS: Reach truck, electrohydraulic driveline, energy balance, energy recovery
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NOMENCLATURE

E energy [J]

g specific gravity [m/s2]

h lift height [m]

m mass of load [kg]

n rotational speed [1/s]

p1   pressure at pump inlet [Pa]

p2 pressure at pump outlet [Pa]

p3 pressure at lift cylinder [Pa]

P power [W]

qV1 pump outlet flow [m3/s]

qV2 flow to lift cylinders [[m3/s]]

t time [s]

T torque need of pump [Nm]

W work [J]

efficiency factor []

1. INTRODUCTION

Supply chain from producers to consumers usually includes several intermediate storing
phases.  In  these  the  goods  are  typically  stored  in  highrise  indoor  storehouses  where
handling of goods is realized with  forklifts or reach trucks, Fig. 1, that almost without
exception  are  electrically  operated  and  make  use  of  hydraulics  for  controlling  lifting
function. The actual  control of  lifting  speed and  height can  be  realized  by controlling
the volume flow to lift cylinders with valves or pump or combination of these the target
being to fulfil the function with minimum losses. The control of lowering function is in
turn typically realized by restricting the volume flow from lifting cylinders to reservoir
with  throttle  valves which  inevitably  leads  to transforming  the potential energy of  the
goods into heat that is conducted to the surroundings and is thus wasted.
Although the weights of the  lifted and  lowered goods very  likely differ at each single
liftlower  event,  the  lifting  and  lowering  sequence  of  a  forklift  can  with  reasonable
accuracy  be  assumed  to  be  zero  energy  process  when  longer  time  periods  are
considered, at least  in theory. So the recovering of the potential energy of the goods at
lowering phases should give a possibility to enhance the energy balance of the forklift
significantly.

In order to determine the true potential for energy recovery in a forklift the amount of
theoretical recoverable potential energy  in different  load and operating situations must
be established  as well all  the  losses  (mechanical  and  flow  frictions)  that affect on  the
actual recoverable potential energy. On the other hand also the possible deficiencies of
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the  lifting  phase  must  also  be  established  so  that  these  can  be  eliminated  and  the
recovered energy can be used in an effective way to enhance the total energy balance of
the forklift.

Figure 1:  Reach truck, main components: frame (13); mast (5) and forks (7) [1]

Most of  the studies  found on the subject are  focused  in energy recovery. For example
Nyman et al. studied the usage of “counterbalance accumulator” on a hydraulic lifting
system [2].  However, studies with detailed component wise measurements of this truck
type were not found.

In  this  study  a  forklifts  or  reach  trucks  mast  functions  (mainly  lift  and  lower)  are
instrumented  and  measured.  From  these  measurements  an  analysis  of  trucks  energy
balance is drawn and proposals for improving energy efficiency will be given.

2. METHODS

This  chapter  describes  the  studied  hydraulic  driveline  of  the  reach  truck,  its
instrumentation,  the  measurement  program  and  the  mathematical  methods  used  for
defining efficiencies and energy balance.

2.1. Reach truck test rig and instrumentation

The  simplified  circuit  diagram  of  the  hydraulically  driven  mast  of  the  studied  reach
truck  is  presented  in  Fig. 2.  The  mast  includes  following  functions:  extracting  and
retracting  of  the  mast  assembly  (cylinder  2.2),  lifting  and  lowering  of  fork  assembly
(cylinders 1.2x),  tilting of  the  fork assembly  (cylinders 3.2x) and sideshift of  the  fork
(cylinder  4.2).  The  cylinders  are  controlled  with  slide  valves  assembled  into  a  single
package which also  includes relief valve  for restricting the maximum system pressure.
Valves controlling lift/lower and reach functions include throttling function.
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 Figure 2:  Simplified hydraulic circuit diagram of reach truck mast.

System pump (0.1) is of gear type and it  is driven by a speed controlled AC induction
motor. This  in  turn  is  fed  with  a  48  volt  leadacid  battery  pack  with  nominal  energy
content of 620 ampere hours. The electric driveline between battery and motor consists
of a drive that converts DC to AC.

Use  of  reach  truck  in  a  storehouse  includes  all  of  the  above  mentioned  operations;
lifting and  lowering of  fork assembly,  extracting  and  retracting of  the mast  assembly,
tilting of  the  fork assembly and sideshift of  the  fork, but only the  lifting and  lowering
operation is committed with significant amount of energy and thus constitutes basis for
economically  justifiable  energy  recovery.  Therefore  this  operation  was  selected  to  be
the target of energy balance evaluation.

The  mast  movement  is  hydraulically  divided  into  two  stages,  a  free  lift  zone  that  is
realized with a  single plunger piston cylinder,  and a upper  lift  zone  realized with  two
plunger  piston cylinders  connected  in parallel. The combined effective piston areas of
latter  are  slightly  smaller  compared  with  the  former  which  confirms  that  the  stages
move  in correct order and  in sequence. Both stages are equipped with overdrive chain
gears which enables that  the actual movement of  the  fork assembly  is greater  than the
movement of cylinder piston. In the studied reach truck the free  lift zone is realized in
one entity while the upper lift zone is realized with twostage telescopic structure. When
the lifting phase is commenced the fork assembly rises first to the top of free lift zone
section and after that the telescopic mast structure opens and raises the free lift section
upwards. Due to this structure the hydraulic hose lengths become considerable, and are
6 meters in the studied case.

During lifting phase the valve (1.1) controlling mast upwards/downwards movement is
opened  completely  and  the  speed  of  the  movement  is  controlled  with  the  rotational
speed  of  the  pump.  During  the  lowering  phase,  the  speed  of  the  movement  is  in  turn
controlled by throttling the flow from cylinders to tank with valve (1.1). Pump is kept at
standstill.
Instrumentation of the system covers pressures (pump inlet and outlet, cylinders), flows
(pump  outlet  and  cylinders),  temperatures  (pump  and  cylinders),  rotational  speed
(pump), torque (pump), load force (free lift zone and upper lift zone alike) and position
(load) and voltage and output current of the battery, Fig. 3.

1.1

1.1a1.1b

2.1 3.1 4.1

2.2

0.2

0.1
0.3

0.4

1.2a 1.2b 1.2c 3.2a 3.2b 4.2
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Figure 3:  Instrumentation of measured hydraulic system
Measurements were carried out using National Instruments PCI6031E data acquisition
card  and  LabVIEW  software.  Besides  data  acquisition  the  application  included
possibility to control the lifting/lowering movement manually or automatically in which
case the location and speed commands were read from a command file. The application
also included certain safety functions to secure the control of the movements. Data from
transducers  was  sampled  at  100  Hz  and  stored  as  raw  data.  All  calculation  of  the
efficiencies and energy consumptions were conducted afterwards.

2.2. Measurement program

Measurements  were  focused  on  the  lift/lower  functions  of  the  reach  truck.  These
functions were measured varying key parameters, which were mass of load, velocity of
fork  motion  and  lift  height.  The  measurements  were  carried  out  using  every
combination of variable values presented in table 1.

Table 1: Ranges for measurement parameters

Load
[kg]

Velocity
[m/s]

Height
[m]

0 0.1 0.5−2.5
500 0.3 3.0−5.0

1000 0.4 0.5−5.0
1500

1

2

3

4

5

6

7

8
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2.3. Mathematical methods

In this chapter formulas for calculating energy usage of components and subsystems are
presented.

Electric energy taken from the battery, t∆  being sample time

tIUtPE ∆⋅⋅=∆⋅=∆ ∑∑ elbatt (1)

Mechanical work done by the electric motor

tTntPW ∆⋅⋅⋅⋅=∆⋅= ∑∑ π2mechmech (2)

Hydraulic energy from pump

tppqtPE ∆⋅−⋅=∆⋅= ∑∑ )( 121Vhydhyd (3)

Difference  in  potential  energy, totm   being  combined  mass  of  load  and  moving  mast
components

hgmE ∆⋅⋅=∆ totpot (4)

Total efficiency for lifting function is calculated from electric energy taken from battery
and change in potential energy of total lifted mass.

batt

pot
tot E

E∆
=η (5)

For  the  instantaneous value of combined efficiency of electric motor and driver,  input
and output power is used in calculation

batt

mech
el P

P
=η (6)

Total efficiency of pump is calculated using input and output power

198



mech

hyd
pump P

P
=η (7)

Flow transducers  influence  is corrected when calculating relative hydraulic power  loss
in directional valve

V2loss,masthyd,

V1loss,hyd
 valverel.loss, 1

PP
PP

P
−

−
−= (8)

Efficiency of the mast assembly is calculated depending of the direction, in lift

masthyd,

pot
upmast, E

E
=η (9)

where

tpqE ∆⋅⋅= ∑ 32Vmasthyd, (10)

and respectively in lowering

pot

masthyd,
downmast, E

E
=η (11)
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3. RESULTS

Total  energy  consumption  of  each  subsystem  in  lift  phase  with  different  loads  is
presented  in Fig. 4, were energy taken from battery  is shown in red, mechanical work
done  by  induction  motor  in  blue,  hydraulic  energy  from  pump  in  green  and  potential
energy change of combined lifted masses in purple.
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Figure 4:  Energy consumption in lift phase with different loads, velocity 0.4 m/s.

Electric  motor  and  motor  controller  were  instrumented  as  a  system,  i.e.,  it  was
considered  a  single  component  in  the  calculations.  The  efficiency  calculations  for
former  and  for  hydraulic  pump  were  conducted  using  input  and  output  power.
Transients were left out of focus and efficiencies were calculated as average efficiency
at constant velocity. Tables 2 and 3 show efficiency factors for free lift zone.

Table 2: Combined efficiency of electric motor and motor controller in free lift zone
lifting

Load [kg]Velocity
 [m/s]

0   500 1000 1500

0.4   0.72    0.76 0.77 0.79
0.3   0.67    0.72 0.74 0.73
0.1   0.42    0.56 0.59 0.59
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Table 3: Efficiency of hydraulic pump in free lift zone lifting

Load [kg]Velocity
 [m/s]

0   500 1000 1500

0.4   0.86    0.89 0.91 0.88
0.3   0.88    0.91 0.91 0.92
0.1   0.98    0.92 0.90 0.89

In case of valve where energy does not change its form, relative hydraulic power loss is
calculated instead of efficiency.

Table 4: Influence of velocity and load to relative power loss in valve in free lift zone
lifting

Load [kg]Velocity
 [m/s]

0   500 1000 1500

0.4   0.40    0.21 0.12 0.11
0.3   0.33    0.13 0.08 0.06
0.1   0.10    0.02 0.01 0.01

In Fig. 5 are gathered the efficiencies of subsystems in both free lift zone (diagrams on
the  left side) and upper  lift zone (on the right side). Efficiencies of electric  subsystem
consisting of electric motor, its controller and auxiliary electronic devises is shown in A
and B. In C and D are presented the efficiencies for hydraulic subsystem consisting of
pump, valve and connecting pipelines. The total system efficiencies are illustrated in E
and F.
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Figure 5:  Efficiencies at different loads and lifting speeds. Electric subsystem is
depicted in A and B, hydraulic subsystem in C and D, total efficiency of the system in E

and F.

Without load the pressure level of the system is low, and therefore at lifting speed of 0.4
m/s the flow related pressure losses play more significant role decreasing the efficiency
of pump and valve (C in Fig. 5) and also the total efficiency (E) of the system.
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Figure 5  presents  the  efficiencies  during  lifting  as  a  function  of  load  for  electric
subsystem,  hydraulic  pump  and  mast  assembly,  the  latter  consisting  of  masts
mechanical structure and hydraulic cylinders.
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Figure 6:  Efficiencies in free lift zone lifting with velocity of 0.4 m/s

Table 5 presents efficiencies of mast assembly when transforming potential energy back
to  hydraulic  energy  in  free  lift  zone.  Measurements  were  made  with  those  velocities
achieved with all loads.

Table 5: Efficiency of mast assembly in free lift zone lowering

Load [kg]Velocity
 [m/s]

0   500 1000 1500

0.3   0.74    0.92 0.95 0.95
0.1   0.80    0.94 0.95 0.97

In upper lift zone corresponding efficiencies were consistently better than 0.98.

4. DISCUSSION

Total energy consumption of test truck was observed to range from 60 kJ, with no load
to 185 kJ with load of 1500 kg when operating with velocity of 0.4 m/s and with full lift
height (0.5 to 5.0 meters).
When concerning the efficiency factors, the total system efficiency was found to range
from 0.26 to 0.55 when operating in free lift zone (lift heights below 2.8 meters). In the
upper lift zone they ranged from 0.48 to 0.58. The low efficiencies in free lift zone are
due to the low system pressure compared to the pressure loss in valve block, especially
with high flow rates. This behaviour is illustrated in Fig. 4; E.

The efficiency of electric subsystem (including control electronics, motor controller and
motor)  was  found  to  be  relatively  consistent  when  lift  speeds  were  sufficiently  high.
With  velocities 0.4  m/s  and 0.3  m/s  efficiencies were between 0.7  and 0.8. However,
using  velocity  of  0.1  m/s  resulted  on  efficiencies  between  0.52  and  0.63.  Realized
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instrumentation did not allow the evaluation of  individual efficiencies of the drive and
the induction motor.
Hydraulic  circuit  was  found  to  be  most  efficient  when  using  low  velocities  and  high
loads,  and  progressively  deteriorating  with  smaller  loads.  This  is  due  to  the  fact  that
increasing velocity and decreasing  load  increases relative  loss. However at operational
points  with  small  load  the  absolute  energy  consumption  is  low  and  therefore  the
increase  in  relative  loss does not  significantly worsen  the overall  energy  balance. The
efficiency factors were found to be between 0.42 and 0.85.
In transforming potential energy back to hydraulic energy, mast assembles efficiency on
upper  lift  zone  was  0.98.  In  free  lift  zone  efficiency  was  good  if  load  was  present,
ranging between 0.92 and 0.95 but with out  load efficiency decreases down to 0.74 at
0.3 m/s.
When  attempting  to  reduce  the  overall  energy  consumption,  there  were  found  to  be
numerous  issues  to  address.  Electric  part  of  the  power  train  has  margin  for
improvement.  One  step  to  attain  this  could  be  replacing  AC  induction  motor  with
permanent  magnet  AC  motor  [3].  When  concerning  the  hydraulic  part  of  the  power
train, the flow related losses in valve block were found to be the largest contributor to
diminishing of efficiency.
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ABSTRACT 

Nowadays  higher  and  higher  demands  of  effectiveness  and  efficiency  rate  are  set  for  
construction machines. The piling work should be carried out with lowest possible 
energy consumption, as fast as possible and the machine must also be as 
environmentally friendly as possible. This paper is mainly concentrated on the 
improvements of effectiveness and efficiency rate in fully hydraulic piling machine.  
The  operating  principles  of  different  piling  machines  are  similar  with  each  other,  but  
there are several different solutions to move the ram block.  
The machine has to work under very different operating situations which are varied case 
by  case.  The  main  changes  are  the  material  of  piles,  the  properties  of  soil  and  the  
required carrying capacity of strengthened soil.  In spite of these changes the piling 
machine must be able to adjust as well as possible to work as effectively as possible. 
In this paper the results of a research project are shown where the efficiency rate and 
effectiveness of the modern hydraulic piling machine were improved with the help of a 
simulation model. 

 

KEYWORDS: hydraulic piling machine, simulation model, efficiency rate 

205



1. DIFFERENT PILING MACHINES 

The operating principles of different hammers used for piling are similar with each 
other. The ram block is first hoisted with some method and then it is allowed to drop 
down on the top of the pile. However, there are several different solutions to move the 
ram block and three of them are shortly presented here. 

The early models of piling machines were using a winch to hoist the ram block. This 
free fall winch got the power from the diesel engine of the crane through a mechanical 
transmission.  The  ram  block  was  hoisted  to  a  certain  height  by  cable  wire  and  after  
releasing the winch the ram block drop down on the top of the pile. Another generally 
used piling solution is a diesel hammer together with a leader and a crane. The moving 
piston is acting as the ram block. The hammer is started by hoisting the ram at a certain 
height and then released. When dropping down under the action of gravity a certain 
volume of air and fuel mixture is compressed and finally combustion is ignited. The 
movement of the ram (or of the piston) has been carried out as in the free piston engine. 
The third solution is fully hydraulic piling machine where the ram block is moved up 
and down forced by a hydraulic cylinder. 
When comparing the two most general piling machines, the diesel hammer with a crane 
and the fully hydraulic piling machine, significant differences in their properties will be 
stated.  

Contractors  and  owners  of  pile  driving  equipment  have  several  criteria,  but  one  is  the  
total  length  of  the  driven  piles  compared  with  the  costs  or  other  attributes.   A typical  
reference value for pile driving ability is the impact energy measured on the pile. It 
takes into account all the losses between the primary energy and the work done to the 
pile. 
The fuel consumption in relation to the potential energy appears to be better for the 
diesel hammer, but considering the fuel consumption in relation to the energy measured 
on the pile inverts the situation. The hydraulic hammer has about 3 times better ratio 
between the potential energy and the impact energy measured on the pile. [1, 3, 4, 6]  
The simple operating principle of the diesel hammer has some advantages. The spent 
fuel is immediately changed into the movement of the mass so the power losses are not 
really created. In hydraulic piling machines driven by diesel engine the energy of fuel 
will first be turned to mechanical movement (rotating of axis), then to hydraulic power, 
and further, with the help of the hydraulic cylinder, to mechanical movement of the 
mass. Power losses are formed in all those energy transformations.  
When complete combustion is the case, a typical amount of carbon dioxide and of other 
exhaust gases will be created. In the diesel engine the cleanness of exhaust gases can be 
better controlled than in diesel pile hammer because in the motor the combustion can be 
controlled by adjusting the spraying and the temperatures. In the diesel motor the 
combustion of the fuel takes place with a big excess air factor. [3, 4]  

When there is big drop size of the fuel, combustion of the drop will take place only 
from the surface and form the soot into the exhaust gases. In a modern diesel motor the 
drop size of the fuel is almost optimal in which case the sooting is minor and almost 
complete combustion is reached. [4] 

In the diesel pile hammer the drop size of the fuel generally remains too big then 
incomplete combustion is the case. Because of this, the emissions of the diesel ramming 
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machine per used mass of the fuel are much bigger, than those in the modern diesel 
motor. [3, 4] 
The diesel pile hammer is more noisy than the fully hydraulic piling machine. 
According to the results that were measured on the site of British Aarsleff Piling Co, the 
noise level of the fully hydraulic piling machine brand Junttan HHK9A, manufactured 
by Junttan, was about 100 dB measured from distance of 10 meter while it was about 
110 dB around the diesel pile hammer brand Delmag D46. The noise difference of 10 
dB is already extremely significant. [1] 
The problem of the diesel pile hammer is the bad adjustability of the device. The only 
method to adjust impact energy is to adjust the stroke length. The stroke length can be 
influenced only by adjusting the amount of the fuel that is fed to the cylinder. However, 
this adjustment way is limited because a certain amount of fuel must be sprayed into the 
cylinder to guarantee the ignition. The problem is also increased by the fact that the 
compression ratio in the cylinder is not constant but it depends, among others, on the 
properties of the soil. [2, 4] 

Unlike diesel pile hammer, impact energy and impact frequency of fully hydraulic 
piling machine can be adjusted very carefully in different piling conditions. This is 
carried out by adjusting the direction of movement, impact frequency and stroke length 
of the cylinder. In the studied hydraulic piling machine the control of the cylinder is 
done by pilot-operated spool valve.  
On the other hand the advantage of the diesel pile hammer compared to the fully 
hydraulic  piling  machine  is  the  fact  that  it  does  not  need  an  external  power  packs  or  
special piling machine in order to operate. The fuel consumption in the both piling 
machine types will be about of a same size when it is compared to received impact 
energy. [2] 

The controllability of the fully hydraulic piling machine is much better than in the diesel 
pile hammer. The stroke length of the fully hydraulic piling machine can be adjusted 
with the accuracy of the centimeters. For this reason adjusting and measuring of the 
impact energy have got made very exact. The adjustment chances of the stroke length of 
the diesel pile hammer are very limited. Because of this, maximum power is not 
obtained  out  from  the  diesel  ramming  machine  at  least  in  the  all  working  conditions.  
The stroke frequency of the diesel hammer when working is 35-55 blows/min and of the 
hydraulic hammer 0-100 blows/min. [4, 8, 9] 

2. THE HYDRAULIC SYSTEM 

In this chapter is presented the hydraulic system of a fully hydraulic piling machine. 
The hydraulic system of the machine consists of variable displacement hydraulic pumps 
which are driver by a diesel engine, an 3/2 directional control valve, two hydraulic 
accumulators and an asymmetric hydraulic cylinder equipped with a two-sided piston 
rod, figure 1. 
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Figure 1. Simplified hydraulic diagram of fully hydraulic piling machine. 
Figure 1 shows that the lower chamber of the cylinder is permanently connected to a 
pressure line. In that case the movement of the piston is dependent on the connection 
way of the upper head of the cylinder. When the solenoid of the directional control 
valve is energized then the upper chamber of the cylinder is connected to a tank line and 
the piston moves upwards. When the solenoid of the directional control valve is de-
energized,  nearly  the  same pressure  will  dominate  on  both  sides  of  the  piston.  Due  to  
gravity and to different areas in the cylinder chambers, the piston moves downwards 
and it is accelerated hydraulically at the same time.  

The stroke frequency can be changed by adjusting the time when the solenoid of the 
directional control valve is de-energized after the stroke. The stroke length of cylinder is 
adjusted by the time when the solenoid of the valve remains energized. This determines 
it how high the moving part has time to rise and at the same time the stroke length, too. 
In  addition  to  this,  the  stroke  length  of  the  cylinder  is  also  affected  by  the  amount  of  
fluid flow, which in depends on the diesel engine speed and on the value of the 
displacement capacity of the pump. 

3. THE SIMULATION MODEL 

Simulink software was used to model the hydraulic system that was presented in figure 
1. The aim of the modeling was to develop the effectiveness of the modern hydraulic 
piling machine.   
The simulation model consists of three blocks (figure 2). The first block is a subsystem 
which produces energy and in addition to the hydraulic pump includes the pipe systems, 
hoses, hydraulic accumulators, relief valve and container. The second subsystem is a 
valve model which is based on the two control edges of the valve. The third subsystem 
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is an actuator that includes also the calculation of the efficiency rate. The load of the 
cylinder was modeled with the help of a spring and mass. 

 
Figure 2. The simulation model. 

The limit values of the most important parameters were determined with the help of 
mathematical basic equations. The natural angular velocity h of  the  hydraulic  
accumulators, equation (1), was calculated with the help of capacitance Ch equation (2), 
and inductance Lh equation (3.) 

= =          (1) 

 

= =          (2) 

 
=            (3) 

 
where Vm is  gas volume [m3],  pm is  system pressure [Pa],  Bgas is bulk modulus of gas 
[Pa],   is  density of oil  [kg/m3], l is length of pipeline [m], A is flow area of pipeline 
[m2], kh is spring constant [N/m] and m is mass [kg]. [5] 

It was possible to calculate the biggest gas volume of the pressure accumulators on the 
basis of the enclosed calculations.  The objective of these calculations was to check that 
the natural angular velocity of the pressure accumulators is not too close with the stroke 
frequency of the system. The natural angular velocity of the cylinder was calculated 
correspondingly. 

4. SIMULATION RESULTS 

With the help of this simulation model it was examined how the effectiveness and 
kindness to the environment of the fully hydraulic piling machine can be improved in 

209



changing conditions of movement direction. The most important quantities of the 
system that were determined with the help of the examined simulation model were: 
efficiency rate, stroke energy and stroke frequency of the machine. Figure 3 shows the 
control signal (command value) of the hydraulic valve that was used in simulations of 
the hydraulic impact hammer. 

 
Figure 3. Control signal of the valve together with position value of cylinder. 

Figure 3 shows the position signal of hydraulic cylinder as a simulation result. The new 
work cycle starts when the position of the piston is smaller than 0.25 m where a limit 
switch has been installed. At this moment the time delay is started (in this example 0.15 
s), after that the solenoid of directional control valve is energized for a set delay time (in 
this example 0.72 s) when a new flow signal to the cylinder is happened. The new work 
cycle will start when the position of the cylinder passes again the limit switch. In 
addition to the delays that were presented above the opening delay and opening time of 
the valve slow down the function of it. 

Because the making of the verifying measurements on the hydraulic piling machine 
were not possible during the research project, so for this reason were limited to 
comparing the simulation results only to previous experience of the research group. 
These simulation results were correlated with the cylinder position signal to the earlier 
measurements and views of the research group. 
The effectiveness of the hydraulic impact hammer was studied with the simulation 
model by varying the size of the hydraulic accumulators, the dimensions of the cylinder 
and the measures of the pipe lines. The goal was to transfer, with a good efficiency, as 
much energy as possible to the existing pile using hydraulic impact hammer. Two other 
examined variables were the stroke frequency and the stroke length of the cylinder. Five 
simulations, with the separate variations have been collected to the figure 4. 
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Figure 4. Executed simulations. 

 

In the simulations of figure 4 the mass of a hammer was 5000 kg and a length of the 
simulation period was 10 working cycles. These working cycles have elapsed time of 
about 15.5 seconds. The velocity curve in figure 4 shows that the velocity of the piston 
has been increased about 6% by applying the best of simulated variation. The effective 
value of output energy (Wout) transferred to the pile is calculated with spring energy 
equation (4). 

=            (4) 
 
Where  k  is  spring  constant  of  pile  [N/m],  and  x  is  penetration  depth  of  pile.  By  
calculating in this way, it was taken into consideration all the energy done to the pile or 
in this case to the spring. 

The efficiency rate  in the figure 4 was calculated with equation (5). 

=             (5) 

 
The energy required for the system (Win) is set to the simulation results by the required 
oil volume and pressure level. The figures 5 to 8 show in more detail how the separate 
modifications affected to properties of the system. In each simulation the number 1 
refers to the original system and the number 2 refers to the modified scheme. Figure 5 
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shows simulations in which the size of hydraulic accumulator in return line was 
increased from the original. 

 
Figure 5. Simulations in which increasing of the size of hydraulic accumulator in 

the return line was studied. 

Figure  5  shows that  the  piston  velocity  was  increased,  while  the  other  variables  were  
remained as before. Figure 6 shows simulations in which the return line dimensions 
were increased from the original.  

 
Figure 6. Simulations in which increasing of the dimensions of the return line was 

studied. 
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Figure 6 shows that all the examined variables were improved when the dimensions of 
the return line were increased. In the next simulations, shown in figure 7, were 
examined the changes of variables when the upper annular area of piston was increased.   

 
Figure 7. Simulations in which increasing of the upper annular area of piston was 

increased. 
Figure  7  shows  that  the  piston  velocity  was  increased  about  4%.  Stroke  length  is  
decreased, but the efficiency rate and stroke frequency is correspondingly increased. In 
the  next  simulations,  shown  in  figure  8,  were  taken  into  account  all  of  the  above  
changes at the same time. 

 
Figure 8. Simulations in which were simultaneously taken into account all of the 

above changes. 
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Figure 8 shows that the velocity of piston was increased by about 6%. Stroke length was 
reduced by about 5%, the efficiency was increased by 23% and stroke frequency was 
increased by approximately 5%. In these simulations, the spring constant of the pile and 
the hammer mass were kept constant. Properties of the soil, pile or other parameters 
should also be varied to maximize the work cycle of fully hydraulic piling machine. 

5. CONCLUSIONS 

In this paper the results of the research project were presented, in which the 
development ideas of the effectiveness and efficiency were examined by simulation 
program  called  Simulink.  The  basis  for  a  research  project  was  the  fact  that  machines  
manufactured today and in future are facing increasing demands. The work cycle of 
those should be undertaken with minimal energy, as quickly as possible. In addition to 
above requirements, the machine should also be as environmentally friendly as before. 
On the basis of the simulation model, the efficiency of fully hydraulic piling machine 
was improved from the original value about 23% and stroke frequency was increased 
about 5%. The simulations are not verified with wide-ranging field measurements. 
However, the part of simulations are compared to the data of own inherent measurement 
system in the fully hydraulic piling machine. The result of comparison was reasonable 
and encouraging and developing work was continued by the machine manufacturer after 
these studies. 
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ABSTRACT 

In high performance gliders with self-launching capability a belt drive is used to transfer 
the power from the combustion engine to the propeller. For installation flexibility and 
flight safety reasons it could be advantageous to use a hydrostatic transmission instead. 
This paper describes the development of such a system at the Aachen University of 
Applied Sciences. An overview of today’s powered gliders is followed by general and 
detailed considerations of the development process, including the design of a test stand. 

KEYWORDS: Glider, self launching capability, hydrostatic transmission, flight 
safety, configuration flexibility 

1. INTRODUCTION 

Today’s high performance gliders can be equipped with a propulsion system, which 
allows for independent take off, climb and cruise flight, but also ensures that the 
aerodynamic performance is not degraded during the gliding phase. The most common 
configuration comprises a combustion engine, installed in the fuselage behind the 
cockpit, and a propeller mounted on a pylon that extends out of the fuselage. In the 
powered flight mode the propeller disc is situated above and behind the cockpit. A belt 
drive is employed to transfer the power from the engine to the propeller. 

As there is no clutch to disconnect the engine shaft from the propeller, it is necessary to 
extend the propeller before starting the engine. The transition phase between the full 
extension of the propeller and the actual thrust generation puts the glider in an 
aerodynamically unfavourable configuration. Due to the drag generated by the propeller 
the sink rate increases by approximately 200% [1]. That means, in case the engine does 
not rev-up, or the power transfer to the propeller breaks, the time available to identify a 
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potential outlanding area is significantly reduced. This condition is further aggravated 
by the common practise to extend the propeller at an altitude as low as possible. The 
regulations for glider Grand Prix stipulate that once the engine is used in flight the 
respective glider is considered as if it performed an outlanding [2]. A decoupling of the 
engine shaft and the propeller would be desirable, to permit starting the engine without 
extending the propeller. This would avoid the drag penalty in the case of a drive train 
failure and might also avoid the loss of points in a competition. The pilot could start-up 
the engine at a higher altitude to increase the safety margin. 

The current propulsion system configuration defines the propeller position by the 
combustion engine’s place of installation. Due to the limited flexibility of the belt drive, 
the extended propeller needs to be situated in-line with the combustion engine shaft. 
With the very limited space available in a high performance glider, the only position to 
install the engine is behind the cockpit. To ensure a clean aerodynamic shape for 
gliding, the propeller and the pylon need to be fully enclosed in the fuselage. So the 
available space in the aft fuselage limits the propeller diameter. For efficiency reasons a 
large propeller diameter would be desirable [3]. 

A hydrostatic transmission between the engine and the propeller has the potential to 
overcome the above mentioned disadvantages of the currently used belt drive 
transmissions. To decouple the engine from the propeller, a valve controlled idle circuit 
or a variable displacement pump or motor could be implemented. The flexibility of 
hydraulic hoses allows an installation of the hydro motor at nearly any position in the 
airplane. As the required reduction of rotational speed can be implemented by the 
appropriate displacement ratio between the pump and the motor, the propeller hub can 
be directly attached to the motor shaft. 

 
Figure 1. Principle layout of a hydrostatic transmission with idle circuit 

2. AN OVERVIEW OF POWERED SAILPLANES 

Powered sailplanes can generally be categorized into touring motor gliders and high 
performance gliders with retractable propulsion system. While members of the first 
category feature many characteristics of single engine propeller planes (Figure 2), the 
latter are characterized by their main purpose as a glider (Figure 3). 

Table 1 shows some properties and performance parameters of typical motor gliders. 
While the Diamond Dimona as a touring motor glider has its engine installed in front of 

218



the cockpit, the DG 1000 T and the ASH 25 Mi make use of retractable propulsion 
systems with the engine installed directly on the extendable pylon or in the fuselage 
behind the cockpit, respectively. The Stemme S10 features a unique propulsion 
configuration and capabilities. Although its engine is located behind the cockpit, the 
propeller is installed in front of the cabin. The side by side seating arrangement not only 
provides considerably more installation space, but also allows a shaft running through 
the cockpit between the two seats. Engine power is transferred from the engine to the 
propeller via this shaft. During the gliding phase the variable-pitch propeller is folded 
and completely stored in the nose cone. The excellent glide ratio proves the clean 
aerodynamic shape with the retracted propeller and closed cooling air intakes. 

Table 1. Motor glider properties and performance 
  DG 1001 T [4] ASH 25 EB 28 [5] Stemme S10 [6]  Super Dimona [6]

Type  Sustainer  Self Launching Touring Touring 

Seats  2 (tandem)  2 (tandem) 2 (side by side) 2 (side by side)

Max. Power [kW]  22  45 85 85 

Max. Take Off Mass 
[kg] 

780  810  850  770 

Wing Span [m]  18  28 23 16 

Aspect Ratio  19  45 28 17 

Max. Glide Ratio  1:45  1:60 1:50 1:27 

Max. Climb Rate [m/s] 1,5  2,6 4,2 5,4 

 
Touring gliders are typically used for cross country flying at moderate costs. Compared 
to a standard single engine aircraft their aspect ratio is high, which leads to a high 
aerodynamic quality. Therefore they achieve good flight performance even with a 
relatively small engine. In addition to the Diamond Dimona the Scheibe Falke family is 
very popular. 

 
Figure 2. Diamond Super Dimona, a popular representative of the touring 

category, picture with kind permission of Diamond Aircraft [7] 

2.1. High Performance Types 

While powered flight is the common mode with a touring glider, the high performance 
types are mainly operated in the gliding configuration. The energy provided by the 
engine is only used to assist in case there is no naturally rising air mass in reach, or for 
gliders with self launching capability for take-off. As the engines are not designed for 
long-time operation, and the achievable range is large, a saw-tooth flight profile is 
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applied for engine assisted long range flights [8, 1]. That means the airplane climbs with 
a high power-setting to a certain altitude, where the propeller is retracted and the flight 
is continued in the gliding configuration with a steady loss of altitude. At a minimum 
altitude the propeller is extended again and the sequence starts from the beginning with 
the powered climb. 

 
Figure 3. ASW 29 high performance motor glider with its propulsion 

system retracted, picture with kind permission of Alexander Schleicher 
GmbH & Co. Flugzeugbau [9] 

Powered high performance gliders are based on conventional models that are modified 
to incorporate the propulsion system. Two types of propulsion system are currently the 
most common: the sustainer and the self launching. The sustainer is mainly meant to 
avoid outlandings. Therefore its engine is relatively small and allows typical climb rates 
around 1,0m/s [4]. The airplane has to be launched like a conventional glider, by means 
of a tow plane or a winch. To keep the system as simple and light as possible there are 
solutions without an electrical engine starter. In this case the engine has to be started 
using the windmilling effect of the propeller. The loss of altitude during this manoeuvre 
is not negligible and can vary between 70m and 140m. 

In contrast, the self launching glider’s engine is powerful enough for a take-off without 
external assistance. The achieved climb rates are in the ballpark of 4m/s [1]. A launch 
with a winch or a tow plane is still possible. Typical engines are two cylinders, two 
stroke reciprocating models or single disc rotary models. 

2.2. Motor and Propeller Installation 

Both sustainer and self launching types exhibit a similar configuration in the powered 
flight mode. The propeller is then located above the fuselage with the propeller disc 
behind the cockpit (Figure 1). As the main focus of the project is the development of a 
hydrostatic transmission for a glider with self launching capability, the motor and 
propeller installation is exemplarily shown for the propulsion system of the ASK 21 Mi. 
Like for most gliders of this type, its engine is buried in the fuselage behind the cockpit. 
Particular is however the use of a single rotor wankel engine, which provides a 
maximum power of 40,4kW at 7750rpm. 

The power transfer from the engine shaft to the propeller is realized by a toothed belt. 
Two tensioner pulleys assure the correct belt tension when the pylon is extended. The 
propeller has a diameter of 1,55m and is mounted on top of the aerodynamically 
covered pylon, which folds backwards into the fuselage. For pylon extension an 
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electrical screw jack actuator is used. Engine cooling is assured by an air-liquid heat 
exchanger, installed downwind of the propeller pylon where it is exposed to the 
propeller slipstream. To accommodate the propulsion unit in the fuselage the structure is 
cut open behind the wing attachment and reinforced. This cut-out is closed during 
gliding by two engine compartment doors. They are opened while the engine is running. 
To retract the propeller the engine is shut-down and a catch makes certain that the 
propeller is correctly aligned with the pylon to fit into the engine bay. Then the pylon 
with the propeller and the engine oil cooler are retracted into the fuselage. 

 
Figure 1. ASK 21 Mi, glider with self launching capability showing its 

extended propeller, picture with kind permission of Alexander 
Schleicher GmbH & Co. Flugzeugbau [9] 

While the direct mechanical connection between the propeller and the engine does not 
pose an obvious disadvantage on the ground, it can make an important difference in 
flight. As the engine can only started with the propeller fully extended, there is a period 
when the propeller is extended but does not produce any thrust: in fact it incurs 
significant drag. This leads to an increased sink rate by a factor of the three according to 
[1]. In case the engine cannot be started while the propeller is extended, the probability 
of an uncontrolled landing is increased. Therefore a mechanical decoupling would be 
desirable, to provide the pilot with the option to start the engine with the propeller still 
stored in the fuselage. Once stable engine operation is established and the pilot wants to 
switch to the powered flight mode, the propeller can be extended and as soon as 
positioned it can be coupled to the engine to produce thrust. The altitude loss can be 
reduced and the pilot has the option to start the engine before deciding to switch to the 
powered flight mode. Also, in case the engine does not fire-up, the time to find a 
suitable outlanding field is increased. Therefore, a hydrostatic power transmission with 
an idle circuit would increase the safety margin and could help to reduce the number of 
accidents. 

Next to the flight safety aspect, an enhanced flexibility in the overall propulsion system 
layout and therefore aircraft configuration is a good argument for a hydraulic power 
transfer. The compact shape of a hydraulic motor allows an installation wherever it is 
considered advantageous. As the cooling can be realized with a central heat exchanger, 
the motor integration is less problematic than for an electrical motor. According to [10] 
a propeller installation in the vertical stabilizer offers great potential. It allows a larger 
propeller diameter, thus increasing its efficiency. At the same time this location assures 
sufficient ground clearance without the need for completely re-designed landing gear. 

221



3. THE DESIGN PROCESS FOR THE HYDROSTATIC TRANSMISSION 

Initially the goal is to optimize a closed loop hydrostatic transmission with fixed 
displacement pump and motor for the installation in a motor glider with self launching 
capability. As the glider manufacturer Alexander Schleicher is one of the project 
partners, the propulsion system applied in their airplanes defines the design parameters 
such as power and rotational speeds. Identified as the most critical system properties 
were the overall mass and the efficiency in the design range of operation. 

Two methods shall be used for the preliminary and detailed design in parallel: 
Numerical simulation and experiments on a test stand. While the test stand is still in the 
build-up phase, the simulation provided a useful understanding of the general system 
behaviour and gave valuable findings for the design of the test stand. 

3.1. Design Requirements for a Hydrostatic Transmission 

The space in the fuselage of the airplane is limited. In comparison to a belt drive with 
two belt pulleys and a single geared belt or parallel v- belts, hydraulic components are 
larger and additional parts like hoses, connectors, valves and coolers are required. 

The space in the direction of the axis engine and propeller is large enough and the pylon 
offers space for cooler and hoses. The space requirements do not seem to limit the 
development of a new hydrostatic drive. 

It is state of the art, that the hydraulic pump is directly mounted with an elastic coupling 
to the engine. The hydraulic motor should offer the possibility to directly mount the 
propeller, as propellers are dynamically balanced and the aerodynamic forces act mainly 
in the axial direction. 

The traditional belt drive needs bearings, which also react with radial forces on the drive 
forces of the belt. The mass of a belt drive is very low. Belt, belt pulleys and parts are 
limited to the range of a few kilograms. The mass of the hydraulic pump and motor is 
about 5kg, depending on the size. The weight is proportional to the size. It is necessary 
to increase the maximum pressure to minimize the flow. 

For the first development this pressure is set to 320bar. A flow of 75l/min is necessary 
for the power of 40kW.  In industrial applications with an open system, a reservoir of 
4min / *75l/min  would be chosen, but 300l means 240kg of oil – impossible for a 
glider. Even mobile applications with closed systems need about 0,75min * flow. 
Looking to mobile systems from Japan (Honda HRX Lawnmower with hydrostatic 
drive [11] and the motorcycle Honda DN 01), one can observe that these systems have 
no external reservoir. The Honda DN01 type especially covers the same power range as 
the propeller drive. The goal is a minimization of the oil reservoir to 10l. 

The efficiency of hydraulic drives is influenced by the hydraulic and mechanic 
efficiencies of pump and motor, additional pressure losses in hoses and fittings reduce 
the efficiency. The overall efficiency of the geared belt drive is about 97%, of standard 
hydrostatic transmissions about 83%.  

The operation mode of powered gliders normally includes 3% powered flight time for 
take off and climbing and 97% for gliding with retracted propeller. The efficiency 
disadvantage is not a real problem as long as there is enough power for climbing. It 
seems sufficient to improve the efficiency at the design point of the drive: Take off and 
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climbing request maximum power. That means there is just one design point and the 
components can be optimised to this point. 

Apart from this, the system has to fulfil the requirements for powered sailplanes (JAR 
22). Leakage and the danger of fire are not acceptable. The coolers must be impact-
proof. 
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Figure 2. A selection of available pumps, as a function of shaft rpm and 

hydraulic power capability 

From the outlined requirements the system parameters were defined by the available 
pumps and motors. As there are only certain displacements available, the resulting flow 
rate defines the system pressure. Especially the high rotational speed for the pump 
limited the number of available alternatives. Figure 2 shows that only bent axis pumps 
with constant displacement fulfil the required power and RPM demand. The currently 
selected pump has a displacement of 10ccm per revolution. With a shaft speed of 
7750RPM and a transferred power of 40kW, the pressure increase lies in the range of 
320bar. To assure that the rotational speed of the propeller is below 3000RPM, a 28ccm 
bent axis axial piston motor was selected. 

3.2. Simulation 

To gather a general understanding of a system’s behaviour, simulation offers the 
possibility to visualise system parameters at any desired point. Furthermore simulation 
allows the variation of defined system properties and allows a systematic optimization. 
So far the simulation was primarily used to investigate the general system properties 
and to select appropriate components, such as valves. Therefore several models using 
generic parameters were set-up: 

  A basic hydrostatic transmission 
  A hydrostatic transmission combined with the braking circuit 
  A basic thermo-hydraulic circuit 

The thermo-hydraulic model gave a first insight into the software’s capabilities and 
gave an idea of the required data for setting up a more advanced model at a later stage. 
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The basic transmission layout was limited to a one way power transfer, as there was no 
immediate model for a flushing valve available. The general system properties from the 
static design were confirmed. 

Of particular interest for designing the test stand was to confirm the power transfer from 
the hydrostatic gear to the braking circuit and the feedback through the belt drive. 
Especially the rotational speeds and torques of the pump and motor of the test specimen 
needed to be verified, to recognize in advance possible overload conditions. With the 
80ccm braking pump the load applied can easily exceed the design load of 45kW. 
Therefore measures have to be taken in the test stand control to prevent an effective 
swivel plate angle of more than 63%. A very important aspect of the test stand design is 
the power feedback with a tooth belt drive. A usual test cycle will begin with 
accelerating the system to a certain rotational speed essentially without load. In this 
condition the belt will transfer power to accelerate the freewheeling brake motor. Once 
the load pump’s displacement is increased above a certain volume, a load is very 
quickly applied to the hydrostatic gear. As the brake motor is now actually working in 
the motor mode, it feeds mechanical power through the belt drive to the input. It can be 
observed, that the direction of power transfer in the belt changes in a short time. This 
poses a great challenge to the belt drive design. A high power tooth belt was selected to 
increase the margin of transferable power. A measure to control the load is not only 
limiting the effective load pump displacement, but also limiting the speed of swiveling 
out. 

3.3. Test Stand 

As mentioned above, work on the test stand is still in progress. Nevertheless, its setup 
and design shall be shown in the following passage. Derived from the general 
requirements for the hydrostatic transmission the test stand was designed to provide a 
45kW load at given rotational speeds, at the transmission input and output. To keep the 
consumed energy as low as possible it was decided to use a hydraulic brake that feeds 
the load back into the system. This way only the losses of the hydraulic systems need to 
be compensated by the driving electrical motor. The brake features an open circuit 
layout with a variable displacement pump and a constant displacement motor. An 
independent cooling and filtering unit is applied to assure thermal and contamination 
control. The pressure level in the braking circuit can be controlled by a motor driven 
pressure relieve valve. The design pressure of the brake is 200bar leading to a flow rate 
of 135ltr/min at 45kW. 

As described above, the load for the hydrostatic transmission (simplified in Figure 3) is 
applied by swivelling out the braking circuit’s pump. Once the pump provides a flow 
rate sufficiently large to feed the brake motor, the pressure in the braking circuit builds 
up and the load is applied. The hydraulic brake power is recuperated by connecting the 
brake motor via a toothed belt to the input shaft. 

To allow a detailed system analysis and, to identify parameters to increase the 
simulation model quality, a number of sensors are installed in the test stand. Reflecting 
the importance of the hydrostatic transmission’s efficiency there are torque and 
rotational speed measuring sensors attached to the pump and motor shaft. Additionally, 
there are transducers in place to determine hydraulic values, such as flow rates, 
pressures, fluid temperatures and the fluid level in the reservoir. Especially the flushing, 
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case drain and charging flow rates and pressures are of interest, to determine the origin 
of power losses in the system. 

M

 
Figure 3. Test stand schematic 

To monitor the brake circuit the transferred hydraulic power is acquired by the flow rate 
and the system pressure. Temperature probes in the main line and in the reservoir 
provide redundancy to verify the function of the cooling circuit. A level sensor is 
coupled to the temperature probe in the reservoir. 

All in all there are nearly 30 sensors installed, including ambient temperature and motor 
and pump surface temperature transducers. The data representation is separated from 
control functions, to reduce the safety requirements for programming the applied 
software. A touch screen allows the operator to switch between different visualization 
modes. Apart from pointer gauges combined with numerical digits, diagrams are 
available to show selected values over time. A warning system was incorporated, to 
improve the operator’s awareness about the system condition [12]. Acquired data can be 
saved to a hard disc in the tdms data format. Four different streaming frequencies 
between 1kHz and 1Hz can be selected. 

4. OUTLOOK 

Work on all above mentioned aspects is still in progress. This applies to considerations 
about useful alternative aircraft configurations, a more detailed simulation model and 
the completion and start of operation of the test stand. 

For the aircraft configuration, the consequences of an unconventional propulsion 
installation, like in front of the vertical stabilizer are currently being investigated. An 
analysis of the affected disciplines, such as aerodynamics, structure, flight mechanics, 
crash behaviour and noise will be carried out to estimate the overall propulsion 
efficiency and to quantify possible advantages. 

To increase the quality of the simulation model several improvements are envisaged. 
The aim is to use four detailed models, each with characteristic values of the used 
components, by incorporating appropriate look-up tables. Two of which should be set-
up in the normal simulation environment and the other two in the thermal simulation 
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module, one of each reflecting the complete test stand installation, and one applying a 
combustion engine model and propeller characteristics on the load side. 
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Figure 4. Torque vs. rotational speed and forward speed for an exemplarily 

calculated propeller 

Test stand operation will start once the build-up is completed. A control strategy to 
simulate the propeller load as precisely as possible must be developed and implemented. 
The initial focus of the experiments will be on the identification of power losses and the 
incremental reduction of the overall oil volume. Also, the possibilities to reduce the heat 
exchanger size are of interest. 
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ABSTRACT 

Integrity of aircraft’s mechanical systems is amongst the key factors determining 
availability of aircrafts and thus a very critical issue in deployment and application of 
the air power. Maintaining integrity of mechanical systems also play an essential role in 
costs involved in maintaining the availability. 

Integrity of the hydraulic system can be monitored by observing particle quantity of 
hydraulic fluid. During recent years real time on-line or in-line particle counting sensors 
have developed to be accurate and reliable measuring instruments for particle quantity. 
Their main advantage to more traditional off-line measurement methods is that they are 
less vulnerable to sampling errors as off-line methods. On-line and in-line methods can 
also provide particle analysis faster than offline methods, which provides a possibility to 
react changes in particle quantity faster. 
Real  time  particle  counting  is  prone  to  many  disturbances.  The  most  harmful  and  
common disturbance is undissolved air in the fluid which causes a systematic error in 
optical sensors. Especially in modern military aircrafts there is always some free air 
present in the hydraulic system due to system construction which makes complete 
bleeding almost impossible. 

This paper presents methods for removing disturbances, which are caused by 
undissolved air, in real time online particle counting in aircraft hydraulic systems, and 
simple mathematical methods for evaluating the reliability of measurement results. 

KEYWORDS: Aircraft, particle counting, on-line, variance 

1. INTRODUCTION 

Hydraulic fluid condition monitoring can be divided in three different categories which 
are off-line, on-line and in-line monitoring. In off-line monitoring, a fluid sample is 
taken out from the system and analysed elsewhere. In in-line monitoring entire fluid 
flow is analysed continuously. In on-line monitoring, which is in the scope of this paper, 
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part of the fluid flow is led out from the system and analysed immediately and then led 
back to the system. Recent development of on-line condition monitoring sensors have 
made on-line condition monitoring to become relevant option in condition monitoring 
of hydraulic systems. Particle count can be monitored by continuously measuring on-
line sensors which are directly installed into the system thus giving a real-time 
continuous situation picture of the condition of fluid and the system itself. Continuous 
real-time situation picture gives possibility to react quickly in upcoming maintenance 
need and failures. Continuous measuring also gives possibility to monitor dynamic 
behaviour of particle count and to improve measurement reliability and repeatability by 
including the dynamics in analysis. 
In military aircraft systems, there are numerous sources of disturbance in determination 
of particle count of the hydraulic fluid using on-line particle counting methods. The 
biggest challenge, when using optical on-line particle sensors, is undissolved air in the 
fluid. Optical particle sensors usually cannot separate solid particles and air bubbles 
from each other and as the result optical particle sensors are unreliable if fluid contains 
air bubbles. This paper presents a method for eliminating disturbances caused by air 
bubbles and to also a method for determining if air bubbles were successfully removed. 

2. THEORETIC BACKGROUND 

2.1. Elimination of Air Bubbles 

Free air in the fluid causes error into particle counting results, because optical particle 
sensors are usually not able to separate air bubbles from solid particles. Pressurization 
of the fluid to be measured is one way to reduce the error caused by air bubbles – The 
higher the pressure, the higher amount of air can be dissolved into the fluid.  

The volume of free air the fluid can dissolve in any given pressure can be calculated 
using Henry’s law (eq 1). This law states that the solubility of gas in liquid is 
proportional to the absolute pressure. 
 

 =          (1) 
 

Where e = Euler's number, 
 P = Partial pressure of the solute above the solution, 

 C = Concentration of the solute in the solution 
and k = Henry's constant. 

 
The solubility of air in fluid depends on temperature and pressure. At atmospheric 
pressure and at room temperature 8…10% of air by volume can be dissolved in mineral 
oil. If the pressure increases, the amount of dissolved gas in the liquid also increases. 
Also the temperature has an effect on how much air can be dissolved in a liquid. [1,3,4]  
The amount of air that can dissolve in a fluid at a certain temperature and atmospheric 
pressure can be calculated in equations 2 and 3 [2]. 
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 = 0.3 . ( . )       (2) 
 

where  Cor  =  Ostwald coefficient for reference fluid, 
 T  =  absolute temperature of fluid 

and  Cod  = Ostwald coefficient for specific gas dissolved in reference 
liquid at standard temperature 273K (for air Cod = 0,095) 

 

 = 7.70 980        (3) 

 

where  Co  =  Ostwald coefficient for lubricant of interest, 
 Cor = Ostwald coefficient for reference fluid 

and  fluid  =  density of fluid [kg/m3] 
 

When the Ostwald coefficient is calculated, the amount of dissolved air in the reference 
fluid can be calculated by multiplying volume of fluid with the Ostwald coefficient. [2] 

Table 1 shows the amounts of dissolved air in hydraulic fluid at different temperatures. 
Values in Table 1 are calculated by using constants given above. 

Table 1. Some calculated values for air dissolved in hydraulic fluid at atmospheric 
pressure 

T [°C] T [K] Co 
Dissolved air 

[vol.%] 
20 293 0.092 9.2 
40 313 0.102 10.2 
60 333 0.113 11.3 

 
Thus a certain pressure can dissolve a certain amount of free air into fluid in certain 
temperature. However, another yet not as easily modelled, factor effecting on dissolving 
is the time. Dissolution is usually not an instantaneous process. The rate of dissolution 
is related to the solubility and the surface area. It depends also on other factors such as 
the presence of mixing. In practice, it means that the amount of solute in a solution is 
not always determined by its thermodynamic solubility, but may depend on kinetics of 
dissolution. In some cases, solubility equilibrium can take a very long time to establish. 
Thus the longer the pipeline in between the pump and the particle counting sensor is the 
more air can be dissolved into fluid at given pressure and temperature. 

2.2. Determining Reliability of Particle Count of a Fluid Containing Air 

Variances are used to characterize the fluctuations of a signal, for example the standard 
variance is used to quantify the variations around a nominal value. Measurement errors, 
both random and systematic, are fluctuations of signal. Classic statistic methods assume 
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all noise to be white by nature, i.e. have random magnitude with zero mean and even 
distribution to spectrum. In general most of the disturbances causing random error into 
measurement signals can be considered to be white noise and all disturbances causing 
systematic errors are non-white noise. All non-white noise is a challenge for traditional 
statistical tools such as standard deviation. 

Measurement error caused by air bubbles in the fluid is a typical example of a 
systematic error in the measurement data. Even though error caused by them is random 
by nature, as a random error would also be, it is not evenly distributed on the spectrum 
nor  has  it  a  zero  mean  thus  it  cannot  be  considered  to  be  a  random  error  and  is  
something else but white noise by nature.  
The classic N-sample or standard variance is defined as equation 4 [5]. 

 

 = ( )        (4) 

 

where  yi is the i th sample of N  

and =  (mean). 

The standard variance is usually expressed as its square root, the standard deviation, s. 

To address problems caused by non-white noise, David Allan introduced the two-
sample variance. Allan-variance is calculated using equation 5 [5]. 

 

  ( ) =
( )

[ 2 + ]      (5) 

 

where  xi is i th sample of the N  =  M  +  1 values spaced by the measurement 
interval  

The Hadamard variance is a three-sample variance similar to the two-sample Allan 
variance. Hadamard-variance is calculated using equation 6 [5]. 
 

 ( ) =
( )

[ 3 +3 + ]    (6) 

 
where  xi is i th sample of the N  =  M  +  1 values spaced by the measurement 

interval . 

3. LABORATORY TEST SYSTEM 

To study eliminating free air from the fluid, a laboratory test system was built. Figure 1 
shows the hydraulic diagram of the test  system. The test  system has an electric motor 
driven gear pump (flow rate 1.4 l/min) which pumps fluid through the particle counting 
sensor and an orifice, which is used to set pressure. The pressure was set in 200 bars. 
The test system also has an option for filter which was not used in the laboratory tests. 
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Free  air  was  added  to  the  suction  line  of  the  pump.  The  amount  of  free  air  was  
calculated as vol.% of the flow of the test system pump. There is also fast coupling in 
the test system which was used to take bottle samples and to count particles using online 
portable oil diagnostic system. 

 
Figure 1. Hydraulic diagram of the test system 

The particle sensor gives results as per cleanliness classes defined in ISO 4406 (c) 
standard and also as counts of four different particle sizes. Sizes are  4 µm,  6 µm,  
14 µm and  21 µm of which first three are defined in ISO 4406 (c) and the fourth is 
added for extra information. Particle sensors have a sample period, during which it is 
counting particles. A result of a particle count is given after each sample time 
The sensor has laser light source and a pressure of a measured fluid is decreased inside 
the sensor after the particle counting in laminar orifice. Figure 2 shows the operation 
principle of an optical particle counter. Measured fluid is led through pipe, where it is 
lightened and particle counting is done by shadows particles cast on photocell detector. 

 
Figure 2. Optical particle monitoring technique 
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4. RESULTS OF THE LABORATORY TESTS 

Laboratory tests were done by using two known qualities of MIL-PRF-83282 fluid. 
These fluids were used in tests first without free air added and after that with known 
amount of free air added to the suction line of the pump. Filter was not used during 
laboratory tests to make sure that particle quantity of the fluid remained at same level 
during whole test. The fluids of the laboratory tests were mixtures of clean fluid and a 
known amount of test dust mixed to match cleanliness level wanted. The cleanliness 
levels are 18/17/13 and 20/19/15 as per ISO 4406 (c). 
When measuring continuously, it is usual, that the results of on-line particle sensors can 
fluctuate within one to two ISO 4406 classes during measurements. This is caused by 
the  resolution  of  the  sensor  and  the  resolution  of  ISO  4406  (c)  classification  but  it  is  
also possible that the particle quantity changes slightly during measurements, because 
some of the particles might adhere to surfaces and new particles may also be introduced 
from system components. 
In laboratory tests, the amount of free air was increased in every 20 minutes. First 20 
minutes were measured without free air and after that adding free air to the suction line 
was started. The amounts of free air were 3.1, 4.7, 6.5 and 8.6 vol.% when 18/17/13 
fluid was measured and 3.1, 4.7, 6.5, 8.6, 10,8 and 13.2 vol.% when 20/19/15 fluid was 
measured. 

Figures 3 and 4 show the results of the laboratory test of 18/17/13 and 20/19/15 fluids.  

 
Figure 3. The particle levels of 18/17/13 fluid, the amount of free air increased in 

every 20 minutes. 

Figure 3 shows that the particle quantity of measured fluid did not change much during 
measurements although free air was added in the fluid which means that the test system 
was able to eliminate air bubbles from fluid measured. Figure 4 shows  the  results  of  
20/19/15 fluid measurements. It is seen that particle levels remain in the constant level 
until  4800 seconds.  After  that  point,  the  quantity  of  the  smallest  particle  class  can  be  
seen rising. In that point the amount of free air  was increased from 8.6 to 10.8 vol.%. 
Same phenomenon can be seen in 6000 seconds, when the amount of free air was 
increased from 10.8 to 13.2 vol.%. 
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Figure 4. The particle levels of 20/19/15 fluid, the amount of free air increased in 

every 20 minutes. 
Pipe length from the pump to the particle sensors was first 700 mm. It was changed 
after the first measurements to a pipe which was 2000 mm long. This was done to study 
the effect of the time to dissolution process. Figure 5 shows the results of measurements 
with longer pipe. Same phenomena can be seen in Figure 5 which was seen before in 
Figure 4 - Particle levels start to increase when the amount of free air is increased from 
8.6 to 10.8 vol.% and furthermore from 10.8 to 13.2 vol.%. 

 
Figure 5. The particle levels of 20/19/15 fluid, longer pipe used, the amount of free 

air increased in every 20 minutes. 

Measurement results given by the particle sensor were compared to the results of bottle 
samples and results given by online portable oil diagnostic system. Bottle samples were 
taken for every different amount of free air in the system and analysed in the laboratory 
with laboratory grade particle counter. Portable oil diagnostic system was also used for 
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every different amount of free air in the system. The online portable oil diagnostic 
system counts particle quantity so that measured fluid is pressurized during whole 
measurement.  The  results  of  bottle  samples  and  portable  oil  diagnostic  system  are  
shown in Table 2.  When  these  results  are  compared  with  the  results  of  the  online  
particle sensor,  it  is  seen that they are almost same. That means that the results of the 
online particle sensor were reliable. 

Table 2. The results bottle samples and online portable oil diagnostic system during 
laboratory measurements 

Nominal ISO code 
of the fluid 

ISO code 
measured from 

the bottle sample 

ISO code 
measured using 

PODS 

Amount of free 
air [vol.%] 

18/17/13 19/17/11 19/17/11 0 

 19/17/13 19/17/12 3.1 

 19/17/12 19/17/12 4.7 

 19/17/13 19/17/12 6.5 

 19/17/14 19/17/12 8.6 

20/19/15 21/18/12 21/18/13 0 

 20/18/12 20/18/12 3.1 

 20/18/13 20/18/12 4.7 

 20/18/12 20/18/12 6.5 

 20/18/12 20/18/13 8.6 

 20/18/13 20/18/12 10.8 

 20/18/13 20/18/13 13.2 

5. EVALUATING THE EFFECTIVITY OF AIR ELIMINATION 

Standard, Allan- and Hadamard-variances were calculated for each interval (amount of 
free air) in data set. Variances were calculated directly from particle counts and not 
from cleanliness classes to get more accuracy. 

Figure 6 shows the standard variance of 18/17/13 mixture with and without air addition. 
There is no visible dependency in between the amount of free air added and the variance 
even though variances of measurements done with and without air addition some 
difference in variances.  
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Figure 6. Standard variance of the 18/17/13 mixture 

Figures 7 and 8 show Allan- and Hadamard-variances of 18/17/13 mixture with and 
without air addition. There is clear dependency in between the amount of free air added 
and both Allan- and Hadamard-variances. Allan- and Hadamard-variances of 
measurements done with and without air addition also show consistent behaviour. 

 
Figure 7. Allan-variance of the 18/17/13 mixture 
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Figure 8. Hadamard-variance of the 18/17/13 mixture 

Figures 9 and 10 show Allan- and Hadamard-variances of 20/19/15 mixture with and 
without air addition and long pipe. There is clear dependency in between the amount of 
free air added and both Allan- and Hadamard-variances. Allan- and Hadamard-
variances of measurements done with and without air addition also show consistent 
behaviour.  Effect  of  the  long  pipe  is  best  seen  in  variances  of  smaller  size  classes  in  
which variances with air and long pipe are the same as without any air addition. 

 
Figure 9. Allan-variance of the 20/19/15 mixture 
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Figure 10. Hadamard-variance of the 20/19/15 mixture 

6. CONCLUSIONS 

The results of laboratory tests examined as time domain curves suggest that the test 
system is able to eliminate free air from fluid if the amount does not exceed 8.6 vol.%. 
The results of the online particle sensor were in the same level than the results the bottle 
samples and the online portable oil diagnostic system which means that the results were 
reliable. In time domain only some minor deviation was seen in the results. Deviation 
being so low is however partly caused by the resolution of cleanliness classes defined 
by ISO 4406 (c). Also results got in measurements where longer pipe was used seemed 
not better than with shorter pipe in time domain.  

Variance analysis made to raw count data using Allan- and Hadamard-varinces showed 
that the assumption of non-white nature of noise caused by free air was correct. 
Furthermore variance analysis also showed that examining data only in time domain or 
with classic statistical tools may lead to misinterpretions. Allan- and Hadamard-
variances increase consistently in smaller size classes as amount of air is increased. 
Variances of smaller size classes also show that the longer the pipe is the more complete 
is the dissolution of air. Same consistency in between amount of air and variances what 
is seen on smaller particle size ranges does not however occur on larger size range. 
Possible reason for this is smaller particle counts in larger size range. 

Even though variance analysis seems promising to establish methods for using Allan- 
and Hadamard-variances as tools for estimating reliability of on-line particle counting 
data further research with larger and more variable data sets is needed.  

239



7. ACKNOWLEDGEMENTS 

The research is funded by The Finnish Air Force Materiel Command (FINAFMC). The 
support of FINAFMC is gratefully appreciated. 

Contributions of former team member MSc Pekka Virta and student BSc Juri 
Jakovenko are also gratefully appreciated. 

REFERENCES 

[1] Bassani R. and Piccigallo, Hydrostatic Lubrication, Tribology Series 22, USA, 
1992, 542 p. 

[2] Stachowiak G.W. and Batchelor A.W., Engineering Tribology, Butterworth-
Heinemann, 2001, 744 p. 

[3] Totten G.E., Handbook of Hydraulic Fluid Technology, Marcel Decker Inc, USA, 
2000, 1258 p. 

[4] US Patent 4345920, 1982, Vacuum Deaerator 

[5]  Riley W.J. Handbook of frequency stability Analysis. National Institute of 
Standards and Technology. Washington, U. S. Government Printing office 2008. 
136 p. 

240



The Twelfth Scandinavian International Conference on Fluid Power, May 18-20, 2011, Tampere, Finland 

A VORTEX VALVE FOR FLOW CONTROL IN FLUID SYSTEMS 

Dhinesh K. Sangiah
1
, Andrew R. Plummer

1
, Christopher R. Bowen

1
, Paul Guerrier

2
 

1
University of Bath, Bath, BA2 7AY, UK 

2
Moog Controls Ltd, Ashchurch, Tewkesbury, GL20 8NA, UK 

ABSTRACT 

Power fluidics is the engineering of “all-fluid” systems in which fluid dynamic effects 

are used to control flow. The vortex amplifier is an example of such a device that has 

been applied to a number of fluid control problems over the past few decades. In the 

research described here, Computational Fluid Dynamics (CFD) was used to design and 

determine the performance of a vortex valve intended for fuel metering in aero engines. 

The final valve design was capable of delivering the maximum flow of 280l/min with a 

6bar pressure drop. 

The initial conventional design of the vortex valve was revised to remove the need for a 

control flow. The rotary vortex valve design uses a rotating chamber to generate the 

vortex instead of control flows. CFD results predict the valve can be successfully 

controlled in this way. 

KEYWORDS: Vortex valve, Fuel metering, Computational Fluid Dynamics 

1. INTRODUCTION 

Power fluidics is the engineering of “all-fluid” systems in which fluid dynamic effects 

are used to control flow. With the absence of any moving parts the effectiveness of 

fluidics depends on the fluid energy. A range of fluid dynamic phenomena can be used 

to utilise this energy; the vortex amplifier, the directed jet, the Coanda effect and flow 

diffusion being common examples. This paper is concerned with the vortex amplifier 

and its application in valve technology. 

The vortex valve has been used as an alternative to the power stage spool in servovalves 

[1]. The use of a vortex amplifier in valve applications has the advantage of not being 

susceptible to fluid contamination and erosion. In addition the fabrication of the 

amplifier does not require close tolerances thus substantially reducing manufacturing 

cost.  

This paper is concerned with using Computational Fluid Dynamics (CFD) to determine 

the performance of vortex valves. The vortex valve design discussed in the paper is 

intended for fuel metering in aero-engines. However the principle can also be applied 

for thrust vectoring, on-off control valves and for a servovalve pilot stage.  
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2. BACKGROUND 

Figure 1 shows the basic design of a vortex amplifier. For condition ‘a’, with no control 

flow, the supply flow enters the periphery of the vortex chamber and exits the chamber 

axially through the output with negligible pressure drop. For condition ‘b’, as the 

control flow gets introduced into the chamber the momentum of the control flow 

imparts a rotational flow component to the supply flow. The resulting flow spirals 

towards the centre of the chamber in a free vortex. The vortex flow field generates a 

radial pressure gradient in the chamber which increases the resistance to the supply 

flow. Thus the supply flow can be modulated by the control flow. 

The basic vortex amplifier shown in Figure 1 has a limited flow modulation range. This 

is due to the considerable amount of control flow that is required to throttle the supply 

flow. In such a condition the control flow leaving the outlet contributes to valve 

leakage. To reduce the leakage, the control flow pressure can be raised. However, the 

control flow pressure needs to be significantly higher than the supply pressure to 

achieve a reasonable flow gain (the ratio of supply flow to control flow). Even with 

raised control flow pressure there will always be a leakage flow associated with the 

basic vortex amplifier design. 

Rivard, et al., [1] developed a vortex valve with a flow pick off downstream to the 

vortex chamber outlet. This is shown in Figure 2. 

 

Figure 1. Basic vortex amplifier design [2] 
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Figure 2. Vortex valve with flow pick-off [1] 

The flow pick-off shown in Figure 2 is a tubular receiver located at a set distance 

concentrically to the vortex chamber outlet. With the no control flow, the flow exiting 

the vortex chamber is a well defined jet. This flow is recovered at the flow pick-off. 

When a control flow is introduced, the resulting vortex flow field assumes a hollow 

conical shape at the outlet due to its tangential flow momentum. This cone of fluid 

impinges on the flow pick-off and some is diverted to the exhaust. Increasing the 

control flow will result in all of the exiting flow missing the flow pick-off. This 

produces a valving action with complete flow modulation.     

The vortex valve developed by Rivard, et al., [1] is a four-way operated two stage valve. 

The pilot stage uses a flapper nozzle arrangement to modulate the control flow. The 

second stage comprises of a pair of vortex amplifiers. The flow recovered at the flow 

pick-offs, downstream to the vortex chamber outlet, drives an actuator. With no control 

flow, the flow recovery characteristic at the flow pick-off was claimed to be similar to a 

conventional jet pipe valve. 

Rivard, et al., [1] claim that the pressure-flow characteristics of the vortex valve was 

similar to a four-way spool valve with a 10 to 1 flow modulation range with a quiescent 

leakage of 20% of the supply. The dynamic response of the valve was reported to be 

similar to a spool valve. 

Mayer, et al., [3] derived analytical techniques to predict the performance of vortex 

valves. These techniques were evaluated experimentally. The results show reasonable 

agreement for flow gains. The flow relationship trend and the cut-off control pressure 

show better agreement. Cut-off control pressure is the control flow pressure at which all 

of the supply flow is throttled. 

Brodersen, et al., [4] presented a design of a fluidic hot gas system and discussed the 

feasibility of demonstrating vortex valves for thrust/jet interaction control of a missile. 

As part of a conceptual study subscale vortex valves were developed and tested with 

high pressure cold gases as supply and control fluids. The valve configuration was 

optimised for response time, weight and maximum flow gains. The final valve design 

had two supply ports and one control port with a chamber to nozzle radius of 3:1. A 

Flow pick-off 

Vortex 

chamber outlet 

Vortex 

chamber  
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maximum flow gain of four was reported for the valve at 0.45 kg/s and 17.5MN/m
2
 

supply flow and pressures, respectively.  

The work done by Brodersen, et al., [4] was extended to full scale vortex valve designs. 

For identical test conditions the flow gains of the scaled valves were reported to be 

similar to the subscale models. For hot supply gases, a maximum flow gain of nine was 

reported for the scaled valves when using cold gas or liquid control flows. 

This paper aims to develop a vortex valve for fuel metering in aero-engines by using 

CFD simulation technique. CFD will be used to determine and optimise the 

performance of the valve. The valve design will be optimised to achieve maximum flow 

gains with minimum increase in control pressure ratio. The control pressure ratio is the 

ratio of control flow pressure to supply flow pressure. 

3. CFD MODELLING AND VALIDATION 

Based on the available published literature, there has been no attempt to date to use 

CFD modelling to determine the performance of vortex valves. Therefore it was 

considered a prerequisite to establish the accuracy of the CFD technique by reproducing 

a known set of published test results. A set of experimental data or a gas valve 

published by Brodersen, et al., [4] was used to develop the CFD model shown in Figure 

3. 

 

Figure 3. Validation model 

The port configuration of the vortex valve can be observed in Figure 3. The ports were 

made longer to ensure the vortex dynamics do not influence the boundary conditions 

and the pressure and flow measurements. The tapered control port profile was 

approximated from the published data [4] as this was not stated explicitly. Considerable 

differences in valve flow gains were realised between tapered and parallel control port 

configuration.   

Simulations were performed at identical operating conditions compared to the 

experiments [4]. Information on gas temperature was unavailable, therefore the 

temperature of the high pressure gaseous Nitrogen was set at room temperature. This 
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assumption is expected to influence the results as the density of the gas will be higher at 

lower temperatures.  

From initial simulations it was realised that the complexity of the flow at the vortex was 

too high for the solutions to converge. Thus the advection scheme of the solver was 

relaxed to make the solution more robust. However, this process influences the accuracy 

of the results. Figure 4 shows the comparison of supply flow as a function of control 

flow between simulated and experimental data. 

 

Figure 4. Comparison of experimental and simulated data 

As expected, discrepancies between the experimental and simulation results can be 

observed in Figure 4. Nevertheless the experiment trend is well reproduced by the CFD 

simulation. Reducing the temperature of the operating gas is expected to move the 

simulation results closer to the experimental data. The results are acceptable despite the 

inaccuracies in the discretisation technique and the geometry as the flow relationship 

trend is reproduced closely. Based on the validation of the CFD approach, the next 

section will design a vortex valve for aerospace application. 

4. VORTEX VALVE DESIGN 

The initial valve design was intended to modulate fuel flow in aero-engines. The valve 

has to be compact and lightweight and be able to handle fuel flows up to 280l/min with 

minimum pressure drop across the valve. It is also important to keep the control port 

pressure close to the supply pressure, otherwise a boost pump will be required to 

generate the additional control flow pressure. 

Previous work undertaken on vortex devices [5], [6], [7], [8], [9] has derived a choice of 

parameters to optimise the performance of vortex amplifiers. For incompressible flow, 

the transfer characteristic of vortex amplifiers can be described by four geometrical 

ratios if the effects of surface tension and heat transfer are neglected [5]. These four 

geometrical ratios are: 
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In the absence of a control flow, the valve delivers its nominal maximum flow which is 

determined by the supply and exit port characteristics [3]. Considering that the supply 

port is relatively large compared to the exit port, almost all of the flow restriction at the 

condition of no control flow will be at the outlet. Therefore the outlet can be designed as 

an orifice restriction at maximum supply flow [3].  
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The exit to chamber outlet ratio ratio re/ro influences the shape of the vortex amplifier 

characteristic and determines if the response is proportional or bistable [6], [9]. Lawley 

et al., [6] found that the response is proportional for re/ro=0.089 and bistable for 

re/ro>0.12. The response becomes bistable at higher ratios due to the decrease in viscous 

dissipation [10]. King [11] suggests the optimum ratio for re/ro is dependent on the 

control port to exit ratio Ac/Ae. In order to keep the design compact a value of 1/3 was 

chosen for re/ro based on available information. 

Brodersen et al., [4] predict that the frequency response of vortex amplifiers increase 

with decreasing chamber height. The response time of a vortex amplifier is 

approximately the time taken to replace the flow field in the vortex chamber. Therefore 

small aspect ratios will have better response time. The performance gain with 

decreasing aspect ratio is limited by the ‘curtain area’. This is the minimum cylindrical 

surface area through which flow passes radially before making its turn to the exit in the 

vortex chamber. At low aspect ratios (>0.2) the curtain area begins to dominate flow 

restrictions. At these chamber aspect ratios the flow instabilities and noise become 

significant [11], [12]. King [11] suggests an optimum value of approximately 0.3. 

Syred [12] and Wormley et al., [5] indicate that the supply area ‘As’ has a negligible 

effect on device performance for As/Ae>3. If the As/Ae ratio is lower the required 

control flow and pressure will increase for a given supply flow, leading to a decrease in 

the overall performance of the device. At ratios As/Ae>4 a deterioration in performance 

was reported by Syred [12]. This was due to the degree to which the vortex chamber 

walls were cut away. Thus an optimum supply to exit ratio is 3<As/Ae<4. 

The control port area also influences the flow gain of the valve.  A smaller control port 

area improves the flow gain, however this also leads to an increase in control flow 

pressures. It has been found [10] that the performance of the valve becomes insensitive 

to control port area for ratios Ac/Ae<0.1 due to mixing losses in the port. Therefore the 

sizing of the control port area is a trade off between performance and control port 

pressures. 
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The influence of control port configurations on valve performance have not been 

considered in the past. The entrance angle of the control jet in the vortex chamber 

influences the point of attachment of the flow to the chamber wall. This in turn 

influences the restriction of the flow from the supply ports and thus the flow gain. 

Various tapers and control port angles will be simulated in this work to obtain the 

optimum performance for the valve.  

A flow pick-off is required downstream of the vortex chamber outlet to generate a 

valving action. There are no published geometrical relationships for flow pick-offs, 

therefore optimum geometries were obtained iteratively from simulations.  

Various different port configurations were generated and their results were compared to 

optimise the design. Figure 5 shows the optimum control volume for a vortex valve 

designed for maximum flow of 280l/min of fuel. 

 

 

Figure 5. Vortex valve model 

The objective was to design a compact high performance valve. The optimum valve, 

shown in Figure 5, comprises four supply ports and two control ports. Four supply ports 

were required to maintain the optimum supply to exit ratio given the small aspect ratio 

of the valve. The supply port configuration will limit the degree of material cut-away 

and provide a uniform flow distribution in the chamber. Higher flow gains were 

obtained with the configuration shown in Figure 5 compared to having two supply ports 

and one control port.  

The positioning of the control ports and its taper was controlled to provide the best 

performance gain with limited rise in control port pressures. The entrance of the control 

port flow influences the vortex formation in the chamber and thus the flow gain. 

Improved performance was realised by placing the control port in the supply port and 

aligning the control jet as a tangent to the opposite lip of the supply port.  
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The flow pick-off, shown in Figure 6 was placed as close as possible to the vortex 

chamber outlet. The flow recovered by the pick-off is transmitted to the engine and the 

flow through outlet 2 is transmitted back to tank. Thus the valve is designed to transmit 

maximum flow when no control flow is present. 

King [11] investigated the influence of a diffuser at the vortex chamber outlet. The 

diffuser controls the flow separation at the chamber wall when the supply flow changes 

direction to exit the chamber. The investigation concluded that the diffuser increases 

maximum supply flow. The optimum diffuser geometry suggested by King [11] was 

used in the valve design. 

4.1. Vortex valve simulation results 

The operating conditions for the valve for the fuel metering application are 280l/min 

maximum supply flow at 140bar supply pressure. The pressure drop across the valve at 

maximum flow is specified as 6bar. These pressure values were set as boundary 

conditions at the inlet and outlet, respectively. Figure 6 shows the maximum flow 

operating condition with no control flow. The figure shows that all of the supply flow is 

recovered at the flow pick-off. In this condition, maximum flow is supplied to the 

engine. As a control flow is introduced the flow through outlet1 decreases. 

Consequently the flow through outlet 2 increases. Therefore at maximum control flow, 

all of the supply flow will be transmitted into outlet 2. This can be observed in Figure 7. 

 

 

Figure 6. Vortex valve with no control flow 
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Figure 7. Vortex valve with maximum control flow 

The simulation results show that the maximum flow through the valve is approximately 

300l/min of fuel at 140bar supply pressure and 134bar back pressure. The maximum 

control port flow required to shut the flow to the engine was approximately 33l/min. 

Therefore the valve demonstrates a flow gain of nine. The control port pressure required 

to produce the maximum control flow is 151bar and the the maximum control pressure 

is 7% higher than the supply pressure. Compared to previous vortex valve designs [4], 

[3], [12] the flow gain achieved for the valve is significantly higher in relation to the 

control port pressure ratio. It is common to achieve high flow gains with control port 

pressures typically over twice the supply pressure. Hence the results suggest that the 

valve performance would be considerably better than other values reported in the 

literature. 

Although the performance of the valve is superior to previous valve designs the 

maximum control port flow was considered too high for the fuel metering application. 

The control flow can be considerably decreased by increasing the control pressure. 

However this is not a feasible solution due to the requirement of boost pump to generate 

pressures higher than the supply. Hence an alternative design which mitigates these 

problems was investigated. 

5. ROTARY VORTEX VALVE (RVV) 

The rotary vortex valve (RVV) uses a rotating vortex chamber to generate the vortex 

instead of control ports. The flow control is achieved by changing chamber angle. The 

flow gain for this concept will be determined by the angle of rotation required to 

modulate the flow to the engine from maximum to no flow. A schematic of the top view 

of the RVV is shown in Figure 8. The supply port connections are flexible to allow 

rotation of the chamber. Figure 9 shows the valve with minimum rotation and maximum 

flow to the engine. As the vortex chamber is rotated the flow swirl is increased. In this 

condition not all the flow is recovered to the engine, some of the flow is diverted 

Outlet 2 

Outlet 1 
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towards the return. Hence at a maximum rotational angle no flow will picked off and all 

of the flow will be diverted to the return. This can be observed in Figure 10. 

 

 

Figure 8. Schematic of the top view of RVV 

 

 

Figure 9. Maximum flow to the engine with minimum chamber angle 
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Figure 10. No flow to the engine with maximum chamber angle 

5.1. RVV simulation results 

Simulations were performed at identical operating conditions as the previous design. 

Flow gains were investigated at different pressure drops across the valve. The results are 

shown in Figure 11. From Figure 11 it can be observed the response of the valve is 

different to that of a conventional vortex valve, shown in Figure 4. The response is 

nonlinear. At low control angles the flow is not very sensitive to angle. At higher angles 

the flow is much more sensitive to the control angle. 

 

Figure 11. Simulation results 

The maximum flow is dependent on the pressure drop across the valve. The response of 

the valve at different pressure drops can be observed to be consistent from Figure 11. 
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The performance of the valve for different fluids can also be observed in Figure 11. 

Water was used as the working fluid at the 6bar pressure drop operating condition. The 

flow through the valve can be observed to be lower than that of fuel at the same 

pressure drop. This is expected as the density of water is higher.  

The performance of the valve was investigated for different pressures between the two 

outlets. It was found that for pressure differences greater than 1bar the valve ceases to 

function correctly. At these conditions the flow is transmitted to the lower pressure 

outlet irrespective of the demand.  

The sensitive nature of the valve to pressure difference between the outlet ports 

potentially makes the valve impractical for the fuel metering application. The valve is 

only useful for applications in which there is a small difference between the outlet port 

pressures. One such application could be the first stage of a two stage spool valve. 

Thrust vectoring or on-off control valves are other potential applications to which the 

novel RVV valve design could be successfully applied. 

6. CONCLUSIONS 

CFD modelling of vortex amplifiers is a viable technique to design optimum geometries 

to enhance performance. The technique was validated using published experimental 

data. The trend in the simulated flow agrees well with the experimental data. 

The vortex valve was designed for optimum performance using published information. 

In addition CFD was used to determine optimum geometrical configurations. The 

optimum control port configuration was iteratively obtained for maximum flow gains 

with minimum increase in control pressure. 

The designed valve was capable of delivering the maximum flow of 280l/min of fuel 

with a 6bar pressure drop at maximum flow. The flow gain of the valve was found to be 

approximately nine. This flow gain corresponds to a negligible pressure increase in the 

control port. The flow gain achieved for the valve, for the same control pressure ratio, is 

very high compared to published literature. 

The rotary vortex valve (RVV) was also examined which is a novel concept developed 

to avoid the need for control flows, required in conventional vortex valve designs. The 

valve uses a rotating vortex chamber to generate the vortex. A Flow gain of 

approximately 70 Kg/s/
o
 was obtained for the valve. However the characteristic is non-

linear. At higher control angles the flow is very sensitive to the angle.  

The vortex valve and the rotary vortex valve designs were sensitive to pressure drop 

between the outlet ports. This characteristic makes the design impractical for the fuel 

metering application.  
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ABSTRACT 

The combination of electrics and hydraulics technology is addressed for aerospace 
actuators. Once compared the inherent advantages and drawbacks of each technology, 
the evolution of signalling and powering is presented. At the signal level, fly-by-wire, 
fly-by-light and fly-wireless are rapidly reviewed. At the power level, after presenting 
the recent designs well established for already flying aircrafts (local hydraulic power 
generations, direct drive valves, electro-hydrostatic actuators, electro-backup-
hydrostatic actuators, electro-backup-hydro-mechanical actuators), jam tolerant 
actuation is discussed in detail considering a passive hydraulic backup 
electromechanical actuator that is presently investigated for landing gear extension and 
retraction. A simplified analytical model is proposed for assessing rapidly the influence 
of the passive hydraulic power path on the actuator design and performance. 

KEYWORDS: Actuation, aerospace, electrohydraulic, electromechanical, flight 
control, landing gear, sizing 

1. INTRODUCTION 

Hydraulic power systems have been introduced in aircrafts in the late 30's for their 
attractive power density [1]. Due to the low maturity of the hydraulic technology, 
hydraulics was at first reserved to non critical functions such as braking or wing and 
engine cowl flap actuation. With time and increasing demand for faster and bigger 
aircrafts, high power hydraulics has been rapidly generalised to landings gears 
(extension/retraction, doors actuation, steering and braking) as well as to flight controls 
(primary and secondary) [2]. Even if the latest Airbus A380 has become "more 
electrical" for actuation, it still flies 15 hydraulic pumps that represent a total hydraulic 
power generation capability greater than 800 kW. They make a redundant way to serve 
a peak demand of 500 kW for landing gear and flight controls [3]. On its side, the 
upcoming Boeing B787 has a total power capability of 377 kW served by 7 hydraulic 
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pumps. Although large aircrafts suffer from the weight penalty of a huge power 
distribution network, it can be noticed that hydraulics remains the major source of 
power for actuation. 
However, the increasing maturity of high power electronics combined with the 
improvement of rare earth electric motors and associated controls place the electrically 
supplied actuation (PbW for Power by Wire) as an attractive candidate for future 
aircrafts. This interest is balanced by inherent drawbacks that concern mainly the low 
capability to reject the heat generated by the energy losses, the high inertia reflected at 
the load level and the low tolerance (or low resistance) to jamming of mechanical 
reducers. For this reason, PbW actuation is still reserved for non critical functions or as 
backup with a low service life. A general comparison of the hydraulic and electric 
technologies for high power actuation is presented on Table 1. The mass transfer 
induced by hydraulic power transmission generates specific advantages (e.g. heat 
scavenge, self lubrication) and drawbacks (e.g. sealing, bleeding and filtering). Today, 
the hardest penalty put on the hydraulic solution comes from integration, assembly and 
maintenance constraints. Nevertheless, hydraulics remains cheaper and lighter when 
compared with electrics as soon as the power electronics is not forgotten in the 
assessment process. 
The main issue in defining the best power architecture and sizing is really to consider 
the aircraft as a whole in order to meet all airlines and customers needs (cheaper, faster, 
safer and greener) while forgetting fashion and corporatism effects [4]. In this attempt, 
solutions mixing both hydraulic and electric technologies may potentially take benefit 
of their specific advantages and of the technological maturity at a given date. This 
logical evolution has been engaged some decades ago in different directions as it can be 
observed for the generic functions involved in an actuation system: 

 Generating and transmitting the power to the actuators, 
 Generating and transmitting the control signal to the power control component 

of the actuator, 
 Controlling the power delivered from the hydraulic power source to the load, in 

response to the control signal, 
 Transforming the hydraulic power into mechanical power. 

2. SIGNALLING 

At the beginning, hydraulics was only introduced to provide force boost assistance in 
the power path of manually actuated loads. This was the era of reversible hydraulic 
servoactuators. Then, the addition of autopilots and stability/control augmentation 
systems (SCAS) imposed additional inputs in the signal path. In parallel, the increase of 
aircraft speed and mass did not allow any more a manual actuation backup in case of 
failure of the boost system. The hydro- mechanical actuators (HMA) performed locally 
the closed loop control from mechanical signaling and hydraulic supplying. The 
introduction of additional functions, like" droop" that consists in lowering the aileron 
mean position to contribute to hyper-sustentation when the flaps are extended, 
progressively increased the complexity of the mechanical signaling. The pilot demand 
was propagated as a position setpoint signal through cables and rods among the 
airframe, from the cockpit to the mechanical power user. Additional inputs where 
summed to enter the autopilot, SCAS, droop, etc signals. The mechanical signalling had 
also to provide a force feedback and to compensate for backlash in the presence of 
vibration and thermal dilatation.  
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Table 1. Comparison of hydraulic and electric actuation 

 Hydraulic actuators Electric actuators 

Power modulation principle 
 

Full force demand and speed on 
demand (valve control) 
Power on demand (for 

displacement control, only for 
rotation) 

Power on demand 

Speed reducing to load Direct (lever arm) High (high speed motors) 
Energy losses vs. load demand Mainly speed dependant (valve 

control) 
Force dependant 

Heat losses Valve orifices, leakage, seals 
friction 

Motor windage, iron/copper, 
power electronics 

(conduction/switching), friction in 
reducers 

Heat rejection Easy through the fluid Hard: local, convective/radiative 
Stiffness Medium: fluid compressibility Medium (backlash, lost motion) 
Sizing Nominal points + fatigue Mission profile (thermal issues) + 

fatigue 
Damping at stop-end Easy through snubbing Difficult except by control 

Passivation in case of failure Easy though jack chambers 
bypass 

Hard: requires clutch or jamming 
resistant devices 

Protection against overload Easy through pressure relief Medium through upstream torque 
limiter but indirect efficiency? 

Reflected inertia Low mass of rods and piston High, due to rotor inertia 
Easiness of control Specialists (non linear) Easy, well known (cascade) 
Maintenance / cost High: bleeding, filtration Potentially low (but lubrication?) 

Power density (equipments) High Medium due to power electronics 
Power density (distribution) Low (pipes, filters, ...) High (but insulation, mechanical 

resistance, EMI?) 
Power distribution/integration Hard/constraining, cooling need Medium (EMI, protections) 

Reconfiguration/power 
management 

Poor Potentially high 

Potential of improvement Low (60+ years development, 
not attractive for funds) 

High (power electronics, high 
voltage) 

Environment friendliness Very aggressive Excellent 
 

Since the early 70's, X-by-wire (XbW) has been introduced step-by-step to generalize 
the replacement of the mechanical signalling by electrical wires. The interface between 
electrical low power signal and hydraulic power is performed by servovalves that make 
servo-hydraulic actuators (SHA). XbW enables higher dynamics, mass saving and more 
efficient aircraft controls (e.g. flight envelope protection to increase passenger's comfort 
and to reduce the airframe stress). Starting with 12 electrically signalled (analog 
control) secondary flight control actuators on its A300, Airbus achieved the total 
removal of mechanical signalling with its A380 (21 digitally controlled SHAs for 
primary flight control)[5]. This latest became the first commercial aircraft flying with 
full digital Fly-by-Wire (FbW), that means without any mechanical signalling even for 
backup. In all these SHAs designs and oppositely to HMAs, the loop is closed at the 
flydeck level by the flight control computers (FCCs) that send a speed demand (in fact a
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servovalve current) to the actuator. All the electronics remains located at the flydeck in 
a pressurised and cooled area. A typical SHAs is connected to the FCC through 16 
wires that transmit the control and mode selection signals as well as the actuator sensors 
excitations and measurement signals. Landing gears steering and braking have also 
switched to the "by-wire" technology since more than two decades (e.g. Airbus A320). 

In its upcoming B787, Boeing uses 25 SHAs for primary and secondary flight controls. 
Another step forward is being made as the position control loop is this time performed 
at the actuator level in a remote electronic unit (REU), figure 1, that contributes to 
reduce the complexity of the signalling network. In this latest evolution the actuator 
electronics operates a harsh environment, without pressurisation and thermal control. 

 
Figure 1. The Boeing 787 rudder actuator with remote control electronics 

Replacing electrical wires by optic fibers has been imagined about 30 years ago to make 
X-by-Light signaling as the data transfer rate can be multiplied by 10 while reducing in 
the same time the transmission line mass by 7 [6]. Fly by light (FbL) has been 
investigated for military application very soon in the ADOCS (ended 1989) and FLAH 
(ended 1994) programs. Triplex optically signaled and hydraulically powered actuators 
with optical input servovalves were tested on ground [7]. In 2002, Eurocopter flew an 
EC135 with a four times redundant architecture. Quadruplex main rotor actuators were 
designed with an embedded electronics that was connected to the flight control 
computer through a redundant optic fiber bus. More recently, Boeing introduced about 
400 optic fiber transmissions in its dreamliner. 
A logical evolution lies in using wireless radio links instead of hardware connections, 
making fly-wireless aircrafts. This principle has been demonstrated in falls 2008 by 
Gulfstream that flew its G550 with a wireless signaled inner spoiler actuator. However, 
there is still a lack of standards, regulations and feedback to drive the development of 
such technologies for critical functions. 

3. POWER TRANSMISSION AND CONTROL 

3.1. Local hydraulic power generation 

A first approach in reducing the number and size of hydraulic distribution networks can 
be found in installing local hydraulic power generations that are electrically supplied 
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and located where the actuation power is needed. For commercial aircrafts, this has 
been introduced on the Airbus A380 [8] that uses three units to provide a hydraulic 
power generation backup for the nose landing steering and the wing landing gears 
braking, figure 2. These local hydraulic power sources involve a 1 cm3/rev fixed 
displacement axial piston pump driven at up to 15000 rpm and producing a nominal 
outlet of 350 bar. By this design, full performance is achieved at the actuators level even 
in case of total failure of the centralized hydraulic system. 

  

 

 

Figure 2. The Airbus A380 local hydraulic generation developed by Messier [8] 

3.2. Direct drive valves 

In a short range single aisle aircraft, the typical level of internal leakage is 15 l/mn per 
circuit. This represents a total permanent power loss greater than 15 kW. Flight control 
actuators play a major role in producing this internal leakage that comes essentially 
from servovalves. At a flight control actuator level, the common level of admitted 
leakage is in the range of 1 l/mn where 2/3 are produced by the servovalve pilot stage. 
When pollution is considered in addition to internal leakage, direct drive servovalves 
look attractive for embedded applications where energy is a key driver. Removing the 
hydraulic pilot stage may also simplify the actuator power architecture for complex 
redundancies in tandem actuators [9]. DDVs with force motors have been introduced in 
the 80's by Moog for the flight control actuation systems of the B2 bumber and the 
Jas39 fighter. In Europe, Dowty, Samm and Sabca developed DDVs with rotary motors 
for the Eurofighter, the Eurocopter NH 90 heavy helicopter (figure 3) and the Ariane V 
thrust vector control actuators, respectively. 

 
Figure 3. The NH90 FBW main rotor tandem actuator with DDVs (Goodrich)
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However, several critical issues have to be addressed when switching from servovalves 
to DDVs: 

 Providing high driving forces for chip shearing (typically greater than 500 N) at 
the main control valve, while keeping weight at an acceptable level. 

 Making a closed loop valve opening control. DDVs require a position sensor and 
additional electronics for interfacing, sensor conditioning and motor control in 
order to make a fast electromechanical inner loop (servovalves perform this 
function internally, in an hydro-mechanical way). 

 Demanding more electrical power from controllers to feed the electrical motor 
(from a few tens milliwatt for servovalves to a few watts for DDVs). 

All these reasons have contributed to vanish the potential interest of DDVs for use in 
commercial aerospace, where common servovalves remain today the unique flow 
control solution for hydraulically supplied actuators. 

3.3. Power by wire 

At actuators level, hydraulics is attractive for power density and easy switch to a passive 
mode. On its side, the hydraulic power distribution network has a low power density 
and must meet severe constraints for its integration within the airframe. When 
considering these are just the opposite of that of electrical systems, an attractive solution 
is found by combining electrical power for distribution (Power-by Wire or PbW) and 
hydraulics for actuation. This merges most of the advantages of both technologies as 
illustrated by the underlined cells of table 1. 
In the Integrated Actuator Package (IAP) design that was tested on a C-141 military 
transporter in the mid 90's, a variable displacement pump was driven at a constant speed 
by the actuator electrical motor while the pump displacement was controlled by 
servovalve, according to the position controller. 
Oppositely, the Electro Hydrostatic Actuator (EHA) design rejects the control of power 
at the electric level as the motor is run at a variable speed and drives a constant 
displacement pump. Speed control has shown better thermal behaviour than 
displacement control [10] and has been preferred for industrialisation. This latest design 
has been investigated at Airbus since the early 90's. It has entered into commercial 
service in 2006 with the Airbus A380 that flies 8 EHAs as backup actuators for ailerons 
(135 kN stall force, 81 mm/s null load speed) and elevators (180 kN stall force, 107 
mm/s null load speed) control [11]. The same concept has been kept for the military 
transporter Airbus A400M that flies 6 EHAs. 

In the today design, EHAs incorporate local signal and power electronics to perform a 
motor speed control loop (local speed and current controllers, AC power rectifier, filter 
and inverter). In such a way, signalling between the flight control computers and the 
EHAs is kept identical to that of SHAs (a few mA as a speed demand). The maturity of 
the service life of the motorpump unit is still too low for using EHAs as the primary 
source of actuation. For the time being, EHAs are only used in the backup mode with a 
specified service life of a very few thousand of flight hours. 
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4. HYBRID REDUNDANT ACTUATORS 

Designing hybrid actuators offers a redundant mean to provide power to the driven load 
from a unique actuator that is supplied by different sources of power. This approach 
contributes to reduce the number of centralised hydraulic power distribution networks 
(e.g. only 2 instead of 3 in the latest Airbus) while meeting at the aircraft level the 
safety requirements. The actuator design is driven by the expected response to a failure 
of the normal power path. 

Fail freeze designs must hold the output as it was before the failure occurred. For 
aircraft actuation, this case typically applies to the position control of the trim horizontal 
stabilizer. 
Fail passive designs must make the function passive with regard to other installed 
functions. For aircraft actuation, the failed actuator must be declutched, that can be 
easily performed in cylinders by bypassing the chambers. A fixed orifice is generally 
inserted in the bypass line to generate damping in the failed mode. This response to 
failure typically concerns the primary flight control actuators or the landing gear 
steering. This generated the EBHA design that is presented in 4.1. 
Fail neutral designs must drive the output to a given neutral state. For actuation 
systems, neutral can be considered as fully extended or fully retracted. Landing gear 
actuation is a typical example as the landing gear must be extended in case of failure. 
This generated the EBMA and HPEMA designs presented in 4.2 and 4.3. 

4.1. Electro Backup Hydrostatic Actuator EBHA 

In the EBHA design, the hydraulic cylinder can either operate in the SHA or in the EHA 
modes, according to the mode selection signal. Although EBHAs are heavier and wider 
due to the integration of all components (motor power drive, motor, pump, servovalve 
and on-off valves), they contribute to provide a final advantage at the aircraft level by 
simplifying the hydraulic power supply network. 

In today application, the EBHAs operate as SHAs in the normal mode and as EHAs in 
the backup mode. The Airbus A380 flies 4 EBHAs for rudder control (225 kN stall 
force, 80/26 mm/s null load speed) and 4 EBHA for speed brake/ground spoiler 
(215/145 kN stall force, 100/80 mm/s null load speed) [11]. The same architecture is 
used for the A400M that uses 4 EBHAs. 

4.2. Electro Assisted Hydrostatic Actuator EAHA 

The sizing of aerospace equipments and systems is generally driven by the worst case of 
operation that comes from a failure. For critical functions like flight controls, the system 
under study must globally respond to the failure is such a way it remains fail functional 
(function ensured with reduced performance) or even fail operative (function ensured 
with full performance). This need puts a high penalty on the sizing that is made for 
conditions that will normally never occur during tens of thousands flight hours. It is 
common that the peak power required for a normal flight is not greater than 1/10 of the 
specified value that must be used for the power sizing. 
On basis this status, the principle of hybrid actuators like EBHA design can be modified 
to use the alternate power path as a booster in case of important power need. This has 
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led to the Electro Assisted Hydrostatic Actuator (EAHA) concept [12], figure 4. It 
contributes to downsize the hydraulic power network that must only provide the peak 
power in normal operation. Instead of selecting either the SHA or the EHA mode like in 
an EBHA, both modes are operated simultaneously in the assisted mode that is got by a 
flow summing arrangement. 

 
Figure 4. The EAHA developed by Liebherr [12] 

This design has been developed and tested on ground in the mid 2000s in the frame of 
the Power Optimized Aircraft research program. In the normal SHA mode, the tested 
EAHA developed a stall force of 140 kN and a null load velocity of 29 mm/s. In the 
assisted mode, the speed was increased by 93%. Even with a flow summing design, the 
force also benefited from the assisted mode (+28%) that reduces the pressure drop at the 
servovalve orifices. For low power demands, the EAHA position controller 
implemented a conventional P control to generate the speed demand that makes the 
servovalve input current, as in a pure SHA mode. For higher power demands, the 
assistance is activated by sending a speed demand to the electrical motor, calculated by 
one of the following means: 

a) Full use of the SHA capability, with assistance of the EHA if needed. When the 
speed demand requires a servovalve current over the nominal value, the amount in 
excess is transformed into a motor speed demand. 

b) Power sharing between the SHA and the EHA modes. The motor speed demand is 
calculated to provide a given fraction of the output power, as a weighted product 
of the P controller speed demand and the actual cylinder pressure difference. 

This prototype demonstrated a progressive transition between the SHA and EAHA 
modes. The bandwidth in the EAHA mode was measured as 47% greater than that of 
the SHA mode, coming from the compensation by the pump of the intrinsic non 
linearity of the servovalve power stage (the flow gain reduces at high cylinder pressure 
differences).  
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4.3. Electrical Backup Mechanical Hydraulic Actuator (EBMA) 

This type of actuator has been developed for actuating the landing gear doors of the 
military transporter Airbus A400M. In this aircraft, the power distribution architecture 
is identical to that of the Airbus A380: two centralized hydraulic networks plus two 
centralized electrical networks. Landing gear doors actuators are on/off actuators that 
must only extend or retract until the load stop-end is reached. In case of loss of the 
hydraulic system powering the landing gear extension and retraction system, the landing 
is unlocked, falls under gravity and aerodynamic loads, then self locks in the extended 
position. In the particular design of the A400M landing gear, relying exclusively on 
external forces was not sufficient to ensure a correct opening and to hold the landing 
gear doors opened. In response to this particular need, an electromechanical backup 
power path has been added to the conventional constant pressure supplied, valve 
controlled cylinder design. The electromechanical backup involves an electric motor, a 
spur gear reducer and a nut screw. In the failed mode, the electric motor is energized 
and forces the nut to push the cylinder piston for extension. An additional function in 
included to avoid the hydraulic lock. 

4.4. Passive Hydraulic Backup - Electro Mechanical Actuator (PHB-EMA) 

In the frame of the CISACS [13] research project, a new architecture of a landing gear 
extension/retraction actuator is being investigated, as detailed below. This jam tolerant 
EMA design is owned by the Messier-Bugatti company of the SAFRAN group. 

4.4.1. Architecture and operation 

In a single equipment, a conventional electromechanical actuator is combined with a 
declutching mechanism and a hydraulic damper, figure 5. 

 

Gear box 

Drive splinned shaft 

Rod 

Screw Nut 

Accumulator 
Damping device 

Rotary stops 

 
Figure 5. The passive hydraulic backup electro-mechanical actuator developed in 

the frame of the CISACS program (image from Messier) 

In case of failure of the electromechanical path (including a screw jamming), the 
landing gear can fall at an acceptable speed, under the external driving forces provided 
by gravity and airload. The actuator under study is representative of those used for nose 
landing gears of single aisle commercial aircrafts.  
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In the normal mode, the load is driven by a brushless DC motor, a spur gear reducer and 
a screw nut (rotating screw and translating nut). The output shaft of the reducer and the 
screw are linked in a cylindrical pair arrangement (key/key slot design) while the axial 
screw position is hold by the axial thrust bearing. The load itself plays the role of the 
nut anti rotation device. 

The declutching function is located as downstream as possible in the power path in 
order to make the actuator tolerant to the jamming of the nut screw. Declutching is 
performed through a small electromechanical actuator that is in charge of dropping the 
axial thrust bearing that normally holds the screw axially. Consequently, the whole nut-
screw assembly is free to translate in the extension direction in response to the external 
loads. 

The hydraulic damper is made attaching a piston to the screw and inserting a fixed 
orifice in the flow path from the rod side chamber. Fluid charging is achieved with a 
low pressure accumulator that compensates for the external leakage and for the fluid 
expansion/retraction under pressure and temperature effects. It also prevents from air 
release or cavitation at the downstream side of the damping orifice. Once the hydraulic 
passive backup has been activated, the actuator must be reset to the normal 
configuration through an automatic procedure. 

4.4.2. Preliminary sizing of the damping orifice 

Although the passive hydraulic backup is nicely integrated within the electromechanical 
design, it introduces secondary effects that must be evaluated with care in the early 
stages of design. In this attempt, a preliminary design sheet has been developed to 
assess these effects and to complete the preliminary sizing. The main issue in making 
this preliminary design sheet was to keep at a low level of complexity while addressing 
most of the important effects. 

The design sheet was mainly based on mean energy considerations under 4 cases of 
operation (in flight at max speed with load factor or on ground, axial thrust bearing 
active or dropped). The stroke, the driving forces reflected at the rod (as a function of 
the aircraft speed and the load factor) and the allocated time for extension in the free fall 
mode were given as input data by the customer. The components contributing to the 
normal electromechanical mode already sized were assumed to be fixed. In addition, the 
piston and rod diameter were predefined with respect to mechanical resistance and 
embodiment constraints. The actuator equivalent Coulomb friction (reducer, bearings 
and sealing) and the nut-screw efficiency were estimated from former realizations. The 
charging pressure was fixed and supposed constant in a first pass. 

The average extension speed was deduced from the allocated extension duration t. In a 
first step, the mechanical work (gravity, airload and charging are aiding, actuator 
friction is resistant) to be dissipated by the hydraulic damping function was calculated 
for each case of operation. It was verified that the kinetic energy of the moving parts 
(motor rotor and landing gear) at the mean speed estimated remains negligible in 
comparison with the mechanical work W to be dissipated. Assuming a fully turbulent 
flow Q in the damping orifice gave the hydraulic resistance  of the orifice as 

 tW/Q3  (1) 
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where 2)( QPP du  . The orifice downstream pressure Pd is the charging pressure while 
the upstream pressure Pu is deduced from the force imposed by the load. 

This finally defined the restrictor diameter D from the fluid density  and the limit flow 
coefficient Cq: 

 4 22
8




qCπ

ρ
D  (2) 

The effect of low Reynolds number was introduced a posteriori. The influence of the 
fluid temperature on the flow turbulence was in taken into consideration through the 
common model the flow coefficient, from the transition Reynolds number Ret. 

 )Re/Retanh(C t qq C  (3) 

At low temperature, the extension duration was then predicted to have a duration 
multiplied by the factor f: 

 )ReRe1/tanh(f t
 

(4) 

The risk of cavitation or air release downstream the damping orifice was estimated from 
the cavitation number , calculated from the fluid vapour (or saturating) pressure Pv : 

 )()( duvu PPPP   (5) 

In addition, the fluid temperature increase T when passing the damping orifice was 
calculated assuming all the dissipated power is taken away by the fluid, of a specific 
heat capacitance C: 

 CPPT du  )(  (6) 

The preliminary design sheet has been validated during the virtual prototyping stage by 
comparing the predicted extension duration with the value got by simulation of the 
PHB-EMA, figure 6, in the LMS-AMESim environment. The simulation required 
developing a 4 mechanical bounds model of the nut screw (rotation and translation of 
the screw and the nut) with friction losses introduced through direct and indirect 
efficiencies. The droppable axial thrust bearing was modeled as a spring/damper linking 
axially the screw to the cylinder housing. The passive mode was activated considering 
the drop electromechanical actuator dynamics was equivalent to a second order system 
that forces the spring stiffness and damper viscous coefficient to null. A rotational 
compliance was required in the prime reducer model, due to causality constraints, to 
enable modeling the motor rotor inertia. The compared values between predicted and 
simulated duration of extension are summarized on table 2. It is noticeable that such a 
steady state preliminary design sheet only generates a max error of 15%. However, the 
prediction of the temperature effect is highly dependent on the Cq model as a function of 
the Reynolds number. 

Table 2. Predicted and simulated values of the extension duration in the passive mode 
 Axial bearing not dropped 

Null current to motor 
Axial dropped 

Motor not entrained 
 In flight On ground In flight On ground 

Predicted 7.6 s 15.9 s 6.9 s 11.5 s 

Simulated 9 s 17 s 8 s 13 s 
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Figure 6. The Structure of the LMS-AMESim model of the PHB-EMA 

4.4.3. Effect of the hydraulic part in normal mode and sizing of the charging 
accumulator 

According to the actuator design, the hydraulic damping is operative in the extension 
phase, even in the normal mode. This effect is beneficial to lower the torque to be 
delivered by the EMA power path and therefore to downsize the associated components. 
However, in the retracting phase, the charging pressure combined with the differential 
hydrostatic area of the hydraulic cylinder generates a force to extend. This force 
includes a non linear spring effect that comes from the reduction of the total chambers' 
volume: the fluid in excess fills the charging accumulator which pressure increases. 

In the frame of the project, it was required to develop very early a model of the 
hydraulic part to be used for the sizing of the EMA parts. In addition, the sizing of the 
charging accumulator was critical due to its non negligible contribution on mass and 
vibration. 
In order to enable a simple preliminary calculation without resort to numerical 
simulation, the study was made for the two extreme cases regarding the external leakage 
(null leak for a new product, full allowed leak at its end of life) and the calculation of 
the hydrostatic force was performed in 3 steps: 

 From state 0 (at accumulator charging, ram retracted) to state 1 (current, ram 
retracted). Calculating the change of oil volume when fully retracted, under 
pressure and temperature effects: 

 
00101 )](1)(1[ h

h
hh VPP

B
TTV 

 
(7) 

where V, T and P represent volume, temperature and pressure respectively,  is 
the fluid coefficient of thermal expansion and B is the fluid Bulk modulus, the  

4bonds nut/screw model

Droppable axial thrust bearing 

Hydraulic cylinder 
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subscript h and g stand for oil and gas respectively. The gas state 1 is calculated 
from state 0, assuming nitrogen as a perfect gas. This effect was evaluated 
considering the extreme cases that modify the charging pressure: at max service 
pressure and min temperature or at min service pressure and max temperature. 

 From state 1 to state 2 (fully extended with a total sroke of l). The effect of 
pressure and temperature onto the oil volume is not considered as it has already 
been introduced in the above step for the worst cases. On its side, the hydraulic 
damping will be considered in a further step. A polytropic gas evolution of factor 
k is assumed from state 1 to state 2, giving finally the hydrostatic force F: 
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where S and s are the gear and rod side equivalent hydrostatic areas respectively, 
M is the mass of nitrogen, R is the perfect gas constant, Vas and Vc are the 
geometric volumes of the actuator and the compensator, respectively. 

As expected, the hydrostatic force is made of a constant force F0 to extend, that 
depends on the charging conditions and the compensator design volume: 
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It also includes a position dependant force with a current stiffness Kc of 
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The overall hydro-mechanical work developed from state 1 to state 2 under the 
ram position effect is calculated as: 

 )1/()( 12  kTTMRW gg  (11) 

that becomes for an isothermal evolution 

 )/ln( 1211 gggg VVVPW   (12) 

This enables calculating the equivalent the average stiffness Ka from state 1 to 
state 2: 

 2/2 lWKa   (13) 

 In the extension phase, the hydrostatic force increases due to the damping orifice 
pressure drop. This directly impacts the hydromechanical force, adding a speed 
dependant component Fd  to the above calculated hydrostatic force, as a function 
of the actual extension x: 

  )0(23  xxsFd    (14) 

  

267



with 422
8

dCq


  (15) 

in turbulent flow conditions and 

 ))(1)(1/( 01010 PP
B
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h

hh   (16) 

Finally the hydromechanical force generated by the passive hydraulic design can be 
simply represented for system level optimization, according to equations (8) and (14): 
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On the other hand, the definition of the compensator geometrical volume has to be made 
to meet the needs while minimizing the secondary effects: 

a) To restitute fluid in order to compensate for external leakage, for fluid retraction 
under low temperature and high pressure and for the increase of the actuator 
internal volume versus the ram position, 

b) To admit fluid to compensate for fluid expansion under high temperature and low 
pressure, 

c) To generate a sufficient charging pressure so as air release or cavitation is avoided 
in the extension phase at the downstream side of the damping orifice, 

d) To not generate an excessive hydrostatic force at full retraction that will increase 
the load capacity of the EMA power path. 

For a given geometric volume of the compensator, these constraints can be plotted in 
the charging pressure/charging volume plane (Vg0, Pg0) as illustrated by figure 7. This 
enables assessing rapidly and without simulation the effects of the design choices. The 
wideness of the charging domain is clearly displayed, illustrating the consistence of the 
constraints and the performance robustness with respect to charging. 

 
Figure 7. An example of output for the charging conditions of the accumulator 
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CONCLUSION 

Although the all electrical aircraft is pushed ahead for the potential benefits of the 
electromechanical technology, hydraulics has inherent advantages that are often 
forgotten. On its side electrics is becoming more mature and more attractive but induces 
specific issues that are often (re)discovered late in the projects. Designing actuation 
systems that merge the advantages of both technologies is an efficient way to enhance 
the global performance at the final product level. In aerospace, certification and high 
level of safety imposed to the critical functions combine to slow down the time-to-
market of innovations. Even if some concepts were imagined some decades ago, the 
combination of electrics and hydraulics is only at the beginning of its industrial life.  
In particular, jam tolerant actuators with hybrid technolgies offer real advantages but are 
more difficult to design. The selection of signaling and powering architectures is highly 
constrained by embodiment and integration considerations. At the age of numerical 
simulation, developping preliminary design sheets from simplified analytical models, 
like illustrated for a passive hydraulic backup electro-mechanical actuator, is often 
associated to a low value activity although it brings a significant added value by 
enabling the designers to rapidly assess the candidate designs and to perform system or 
even aircraft level optimization. 
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ABSTRACT 

Aircrafts are very complex multi-domain systems with numerous actuators interacting 
with each other, structures and operating environment. Modern modelling and 
simulation tools can offer a possibility to study these multi-domain systems in real time 
without breaking interlinks in between individual subsystems. 

In this study hydraulic system model is integrated with flight simulation model. 
Hydraulic system model includes pump-, reservoir-, leading and trailing edge, aileron-, 
stabilator- and rudder models. Flow rates needed by hydraulic actuators are summed 
and connected to pump and reservoir model. Reservoir is pressurized by supply pressure 
and thus pressure fluctuations on the pump outlet cause variation in reservoir pressure. 
Return line flow rates of the actuators are also taken account to see the pump inlet net-
flow. Net-flow fluctuation also causes tank pressure fluctuation. 

KEYWORDS: Aircraft, Hydraulic system, Modelling, Simulation 

1. INTRODUCTION 

The purpose of this work was to build and show a realistic simulation model of an 
aircraft hydraulic system and to examine the phenomena inside the hydraulic systems 
during flight. Hutfly 2 provides a good basic model structure for building “real time” 
hydraulic system model of the primary flight control actuators. Flight simulation model 
includes a simple aerodynamic load model for flight control actuators. Aerodynamic 
loads acting on actuators are simulated as hinge torques. Model includes primary flight 
control surfaces, such as: rudders, stabilators, leading edges, trailing edges, speed brake 
and ailerons modelled as a linear transfer functions. These linear models can be 
completed to semi empirical hydraulic actuator models by including real physical 
parameters such as cylinder strokes and effective areas and displacements of the pumps 
and the motors into them. Force, acceleration, speed and position (angle) of actuators 
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can be calculated by combining the aerodynamic load and hinge torque of the control 
surface. 
 

 
Figure 1. View of supply pressures when flying the model 

1.1. Hutfly 2 

The Hutfly 2 is a six degree of freedom flight simulation model that provides a 
possibility  to  model  and  simulate  complex  control  systems  as  a  part  of  the  aeroplane  
flight model. The flight simulation model includes a graphic user interface, an 
atmosphere model, an aerodynamic force definition based on aerodynamic coefficients 
and movement equations. Hutfly 2 is modelled with Matlab and Simulink. [6] 

1.2. Flight control surfaces and aerodynamic forces 

The requirements for flight control surfaces vary greatly between aircraft types, 
depending upon the role, range and agility needs of the aircraft. Primary flight control 
surfaces are rudder, elevator (stabilator) and ailerons [3] 
The theoretical and simplified aerodynamic force (lift) Fv (1) can be estimated from the 
air speed vr, density of the medium (air) m, reference area (perpendicular cross section 
to the straight movement) and the drag coefficient Cv. [4] 

 

    vCrmv CAvF 2

2
1     (1) 

 

This aerodynamic force Fv can be transformed to hinge torques when structural 
dimensions are known. In Hutfly 2 the hinge torques are calculated by using data 
provided by the aircraft manufacturer. Actuators capability to work is related to hinge 
moment ratio and maximum working capability. 
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2. HYDRAULIC SYSTEM 

2.1. Systems and circuits 

The hydraulic system in F-18 is divided into two systems which both are divided into 
two circuits. The modelled hydraulic system is realized similarly. The total system flow 
is calculated as a sum of actuator flows. Trailing edges and horizontal stabilizers use 
both hydraulic systems (1 & 2) and the hydraulic power is taken according to available 
pump capacity. Because of the difference in effective areas in- and out-flow rates of 
actuators are also different which causes the pump out-flow rate to be different than the 
system return flow rate. For example if the rudder is being extended, it returns lower 
flow rate than it takes. The reservoir of the aircraft is designed to compensate these flow 
variations and thermal volume differences [5]. 

2.2. Pump and Tank 

Pump and reservoir are interlinked to each other hydraulically, because the tank is 
pressurized from the pump pressure line. The reservoir is of a bootstrap type, i.e. the 
reservoir  has  two  pistons  and  cylinders  of  different  sizes:  Pressurizing  piston  and  the  
reservoir piston. The pressurizing piston pushes the reservoir piston and generates the 
pressure in reservoir cylinder.  The supply pressure of 3 000 psi (207 bar) is 
transformed to about 85 psi (5,8 bar) reservoir and pump inlet pressure.  
The variable need of the hydraulic fluid flow rate and the unsymmetrical areas of the 
hydraulic actuators make the tank pressure to fluctuate. These pressure fluctuations 
affects on the pump inlet pressure. 

Due to computing power restrictions pump in- and outflow rates are however assumed 
to be equal in model version discussed in this report. This assumption causes that supply 
pressure fluctuations do not occur in this model version. However pump supply pressure 
fluctuations are well known phenomena and will be concerned in later versions of 
simulation model. [1] 
 

2.3. Primary flight control surfaces and hydraulic actuators 

 

Hydraulic components used in the hydraulic model are rudder, aileron, trailing edge, 
stabilator and leading edge. These actuators are modelled in Hutfly as block diagrams 
with linear transfer functions where control surfaces angle is determined as output. 
Speed brake, landing gears and auxiliary valves are not yet taken account into the 
simulation model, but in future they must be merged to the mode to make the model 
more realistic. 
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3. MODELLING HYDRAULIC SYSTEM 

Figure 2 shows a view of the hydraulic system model. It consists of two hydraulic 
pump/reservoir blocks that generate the supply pressure and torque as an output. Both 
pump/tank blocks are similar, only the tank parameters differ from each other. Inputs 
inside the pump/reservoir-blocks are thrust setting (jet turbine percentual speed), flow 
rate demands and return flow rates. When one system actuators taken and returned flow 
rate  is  summed,  a  net  flow  of  the  system  is  know.  This  is  an  important  value  for  
example when calculating the volume dynamics of the pump. In this model version the 
taken and returned flow rate has been estimated to be same.  

Hydraulic pump is an axial piston pump and designed to sense outlet pressure and feed 
this back to a swash plate carrying the reciprocating pistons. When the swash plate is at 
90 degrees to the linear axis, there is no linear displacement of the piston. Up to its 
maximum limit the swash plate will move to displace the volume needed to maintain 
nominal system pressure. When flow demands over maximum flow capacity are made, 
the system pressure drops rapidly to zero. [3] 

The pump model is based to publication of J-C Mare, “Simplified model of pressure 
regulated, variable displacement pumps for the sizing of complex hydraulic systems” 
[2] and modified according it. Figure 3 shows a block diagram how the model is 
realized in Simulink. The pressure ripple caused by pistons is not taken into account. 

Modelling is based on following basic equations in hydraulics. Theoretical pump flow 
rate  is  a  function  of  volumetric  displacement  (Vk),  rotating  speed  (np),  volumetric  
efficiency ( vol) and relative angle of swash plate ( ). 
 

kvolppump VnQ   (2) 

 

The torque of the pump (Tpump) can be calculated as a function of swash plate angle 
( ), volumetric displacement (Vk), pressure over the pump ( p) and hydraulics-
mechanical efficiency ( mh). 
 

mh

k
pump

pVT
2

   (3) 

 

The total power of the pump (Ptotal) is a product of the pump flow rate (Qpump) and 
pressure over the pump ( p) divided total efficiency ( total). Total efficiency is a 
product of volumetric efficiency and hydraulic-mechanical efficiency. 

 

total

pump
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pQ
P    (4) 

 

mhvoltotal    (5) 
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Figure 2. Simulink block diagram of the hydraulic system model 
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Figure 3. Simulink block diagram of the pump model 
 

Model is simulated and solved using ode4 (Runge-Kutta) fixed time step solver. Step 
size used was 0.0050 seconds (Matlab/Simulink R2008b). This step size is forced 
because of properties of Hutfly 2. The step size used is relatively good to see wanted 
phenomena. Using smaller step sizes would have given better results thus loosing the 
“real time” simulations. 
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4. SIMULATION CASES 

The simulation model makes possible to simulate aircraft hydraulic systems (1&2) 
during simulated flight. Pressures, flow rates, power and hydraulic pump torque of the 
hydraulic systems can be easily accessed. However pressures between the hydraulic 
valves and hydraulic actuators itself is not yet possible due to semi empirical structure 
of actuator models. 

4.1. Flying with full engine power 

Following simulation is a flight where jet turbine is at full speed and hydraulic pumps 
are thus rotating at 4600 rpm. In this simulation aircraft makes a barrel roll on its 
longitudinal axis while following a helical path. Simulation (figure 4.) shows a lot of 
pressure peaks when actuators are controlled. Especially actuators that have large 
effective areas and big flow rate requirement cause a lot of vibrations in supply 
pressures. For example stabilators need big flow rate. 

 

 
Figure 4. Pressures and flow rates of full jet turbines speed 
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4.2. Flying with 80% engine power 

Simulation with reduced pump speed (~3700 rpm) shows that pumps in both systems 
can saturate. This can be seen as a pressure drop to near zero, when pump cannot 
generate needed flow rate (figure 5). This phenomenon is realized especially when 
stabilators are controlled relatively fast with the other actuators.   

Saturation causes limitations for other hydraulic actuators to work as it is wanted. In 
other words, the controllability of aircraft can be reduced. The long saturations times in 
some cases are caused by the long step size chosen. 
 

 
Figure 5. Pressures and flow rates of 80% jet turbines speed 
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5. FUTURE DEVELOPMENT OF THE MODEL 

In future actuators will be modelled with more detail but still yet semi empirically. Load 
acting on them will be modelled using force equations based on real geometry of 
mechanisms transferring power from the actuator to flight control surface. Also the 
landing gear, speed brake and cannon will be included in the model. Completion of the 
system model and detailing actuator models will give more detailed and exact 
knowledge on the phenomena inside actuators and the whole system. This all however 
makes it necessary to redesign the model structure and apply parallel computing and co-
simulation into it. Hardware-in-the-loop simulation capability is also a natural step 
forward in future.¨ Also the increasing speed of the PC’s will increase the simulation 
speed and results accuracy by reducing the step sizes. 

6. CONCLUSIONS 

As  seen  simulations  the  pump saturation  occurs  very  easily  and  can  occur  very  often.  
Periods of time when pump is saturated are very long, much longer than what was 
expected on the basis of experiences. It can thus be suspected that either hydraulic pump 
model has too high time constant, system volume or elasticity is under estimated or 
actuator models have too small time constants. The last one of suspicions is the most 
plausible since the pump model can be verified against laboratory measurements and 
system volume and elasticity can be relatively accurately calculated, but there is no data 
available to verify most of actuator models. It is also expectable that auxiliary valves 
not included in this model version have an effect on saturation since some of them are 
used specifically for reserving the hydraulic power for most important flight control 
functions. 
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NOTATIONS 

Variables and parameters 
 
Q Flow rate (m3/s) 

p Pressure difference (Pa) 
T Torque (Nm) 
Ptotal Power (W) 
np Rotation speed of the pump (1/s) 

 Relative angle of swash plate (0...1) 
Vk Volumetric displacement of the pump (m3/rev) 

mh Mechanical efficiency pump (0...1) 
vol Volumetric efficiency pump (0...1) 
total Total efficiency of the pump (0...1) 
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ABSTRACT 

The aim of this work was to study the use of Hardware-in-the-Loop method for damper 
testing. In this real-time simulation method the damper under test is embedded into a 
simulated virtual operational environment with a hydraulic actuator producing the 
movement. Simulations and measurements were done to study HIL system 
performance, limitations and to identify critical system components for future 
development. It was found that in real-time simulation system’s dynamic performance 
is dominated by the actuator and its control system. Both the simulated and measured 
HIL  systems  gave  similar  results,  with  the  current  system  capable  up  to  1...1,5  m/s  
velocities and 10 kN damping forces. The ratio between maximum velocity and 
damping force can be customised by altering actuator dimensions. HIL was found to be 
a viable method for damper testing offering reasonable accuracy as long as operating 
within actuator limits.   

KEYWORDS:  Hardware-in-the-Loop, damper, testing, real-time  
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1. INTRODUCTION 

Hydraulic suspension units are used on a large scale in mechanical industry and mobile 
machines. Modern hydraulic damper units can be complex in design to achieve the 
desired damping properties. This is especially true for semi-active and active damper 
designs, which include a control circuit and variable damping. Added complexity makes 
accurate damper models a heavy computing load in simulation environment.  
 

 

Figure 1. HIL simulation principle 
 
HIL is a simulation method used for real-time embedded systems. Typically, it contains 
a mathematical presentation of dynamics in the system called the plant model and the 
embedded system unit  under  test.  HIL simulation  is  already  used  widely  in  testing  of  
electronic control units (ECU). By creating an operational virtual environment for the 
ECU it can be tested without the real plant. Depending on the application this can be 
very effective in speeding the development process and debugging control software. [1] 
 
Because the plant model and system under test have interaction it is necessary to have a 
real time interface connecting them. In ECU testing the information is transferred via 
electronic signals, but in the case of damper testing this is not enough. In order to 
produce actual damper movement and damping force the interface must include an 
actuator and sensors. Incorporating physical hardware in a real time simulation interface 
will introduce extra dynamics that will affect performance of the setup. 
 
This research studies real-time Hardware-in-the-Loop (HIL) simulation as a testing 
method for hydraulic dampers. With HIL simulation the aim is to create a virtual, 
realistic  operational  environment  (plant  model)  for  the  damper  under  test.  The  system 
includes a real-time interface to embed a real damper as part of the simulation. This 
negates the need for a damper model removing uncertainty related to damper models 
and making the simulation computationally lighter, while the simulated plant model 
removes the need for a real plant process or prototype. 
 
Feasibility and possible limitations of the method in damper testing are investigated 
with  the  use  of  computer  simulations  and  an  experimental  HIL  set-up.  The  goal  is  to  
construct  a  virtual  plant  model  and  to  establish  a  working  interface  between the  plant  
model and the damper under test. The real-time plant model is created using Simulink 
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and xPC-Target software. Motion described by the plant model is produced using a 
hydraulic actuator and the damping force generated is measured using a load sensor. 
Measured damping force is then fed back to the plant model. 
 
The aim is to validate functionality of the principle using computer simulations. Also, a 
HIL damper test bed will be used to confirm the results and to study performance of the 
system. Possible limitations in the system due to hardware/software components will be 
investigated and their effect in the systems accuracy will be quantified. 

2. MATHEMATICAL MODEL 

The  system  model  consists  of  a  mass,  a  spring,  damper  and  an  excitation  force.  This  
describes a typical situation where a machine generating or exposed to vibration is 
sitting on an engine bed. Normally a system like this has multiple degrees of freedom, 
but for testing purposes a single degree of freedom model was implemented because of 
its simplicity. In a HIL setup a real damper is used leaving it out of the plant model. In 
this case the damping term is only used to model friction in a typical steel coil spring. 
2% of viscose damping ratio was set to the plant model to account for friction and also 
to make the plant model stabile, when damper is not used. Figure 2 describes the 
structure of the plant model. The input is the excitation force F(t) and output is position 
of the mass x(t).  

Parameters used for the plant model were the following: 

m = 1070 kg 

k = 1 106 N/m 

c = km2 , where  = 0,02    

                           

Figure 2. Plant model 

The equation of motion for the system is 

)()()()( tFtkxtxctxm  .    (1) 
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3. HIL TEST SETUP 

The process was modelled with MATLAB/Simulink software. The ready model was 
then uploaded to a real-time computer running xPC Target operating system. The 
process model describes inertia of the mass, spring forces and excitation forces affecting 
the  mass.  The  process  model  calculates  the  position  of  mass  that  is  used  as  a  target  
value for a position controlled hydraulic actuator. The actuator produces the movement 
to the physical damper under test. A load sensor is used to measure the damping force 
created in the system. Measured damping force is then fed back into the plant 
simulation that calculates new mass position in real-time. The model also includes a 
software controller that is used to drive the directional valves directly. Figure 3 
describes the lay-out of the test system including the hydraulic position servo, real-time 
simulation hardware and the damper being tested. 

 

 

Figure 3. HIL testing device 
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Two Parker DFplus directional valves were used in parallel configuration to allow more 
fluid flow for better dynamics. The specification for a single valve is 40 l/min with 35 
bar pressure difference per metering edge. Inlet pressure was 200 bar measured at the 
valve block. The actuator was a standard 63/45 differential hydraulic cylinder with 230 
mm  stroke.  Damping  force  measurement  was  done  with  a  50  kN  HBM  U2B  load  
sensor. 

 The damper used in the system was built around a symmetric hydraulic cylinder with 
two needle valves to control fluid flow in both directions. An accumulator was used to 
pressurise the damper for reduced cavitation.  

As the system has a physical damper embedded in a virtual simulation environment the 
simulation must be real-time. This sets certain requirements for the hardware and 
software used in the test setup. Possible sources of error in the simulation are 

 Plant model (model inaccuracy, integration error) 

 Actuator (amplitude, phase response) 

 Load and position sensor (error, sampling time) 

 

The  solver  used  was  ode8  (Dormand-Prince)  which  is  one  of  the  explicit  fixed  step  
solvers provided within MABLAB. In this context it is important notice that not all 
solvers are equally suitable for real-time simulation.[1] Integration error with different 
fixed step integration algorithms and step sizes was studied by Besinger et.al.[2] The 
results show that error stays sufficiently low as long as the suitable solver is 2nd order or 
higher and simulation step is small enough. Gomez suggests that sampling frequency 
should be at least 5 to10 times higher than frequencies of interest in the system.[3] This 
is also consistent with Besinger’s results. Processing power was not a limiting factor in 
this case thus a relatively high sampling frequency of 5 kHz was used in the real-time 
simulation. One should also pay special attention to critical measurement sensors and 
equipment to make sure their dynamics are sufficient. For example, filtering measured 
signals can cause phase shift in the feedback signal and increase error in the simulation. 

An ideal actuator would produce the movement described by the plant model with 
correct amplitude and phase response to the damper rod. In this case the damping force 
generated in the system would also be accurate. Of course this is not the case in the real 
world as actuator delay causes phase shift in the measured damping force that is used to 
damp the plant model. Because dynamics of sensors and control hardware is far 
superior, the actuator is what effectively determines the dynamic performance of the 
HIL system.  

Amplitude and phase response of the actuator used were measured to analyze HIL 
system performance. The measurements were done by using a swept sine signal input 
from 0 to 25 Hz with ±3 mm and ±5 mm amplitudes. Figure 4 shows the measured 
frequency response of the hydraulic actuator with the two excitation amplitudes.  
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Figure 4. Measured hydraulic actuator amplitude and phase response 

4. SOFTWARE MODEL OF THE TEST SETUP AND SIMULATION RESULTS 

A full software model of the HIL system was made in MATLAB/Simulink to help 
estimation and optimization of system performance. The model includes accurate sub-
models of the hydraulic components such as the directional valves, hydraulic lines and 
the hydraulic actuator. The software model uses an ideal viscous damper to create 
damping force in the system. This makes it easier to evaluate HIL system performance 
because the damper properties are known and so determining a reference for 
comparison is possible. The goal of the software model is only to determine HIL system 
performance, so using a complicated damper model is not necessary. After all, in the 
real HIL system damper model will the replaced with a physical component.  

The directional valve model describes turbulent flow over each control edge inside the 
valve and it also includes a transfer function to model inertia of the main spool. 
Measurements were made with a real valve to fine tune the parameters. The actuator 
model contains the basic geometry of the unit such as surface areas and fluid volumes. 
Also included in the model are effects of fluid lines, inertia of the piston rod and fluid 
bulk modulus.   
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Figure 5. Software model of the HIL system 

Measurements against the real HIL system were made to validate software model 
accuracy. Special attention was paid to adjust the dynamic performance of the software 
model to match measured data from the actuator. The result is an accurate model that 
describes actuator phase lag and dynamic limitations. Some comparisons made between 
simulated and measured system are shown in figures 6 and 7. Different excitation forces 
were introduced to the plant model and the responses of the simulated and measured 
systems compared. The response of an ideal spring-mass system with no delay was 
simulated as reference.  

 

  

Plant model 

System under test 

Real-time interface 
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Figure 6. Comparison between measured and simulated HIL system response, 
pulse excitation 
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Figure 7. Comparison between measured and simulated HIL system response, sine 
wave sweep excitation over system resonance 
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The measured and simulated HIL systems have about 6 ms dead time before responding 
to the reference signal. This lag causes a phase shift in the response while amplitude 
response stays good until actuator limits are reached. 

It can be clearly seen in figure 7 that the limit of maximum actuator velocity was 
reached in both simulated and measured systems when running a cyclic sweep 
excitation force to excite the natural frequency of the system. Because of the surface 
area ratio maximum velocity is lower in retract stroke, where the inlet pressure has a 
small effective area producing less force and outlet side has a large volume flow 
through the directional valve with relatively low pressure differential. The effective 
surface areas and ratios should be optimized to keep flow rates and pressure losses in 
the control valves to minimum. Whether this kind of asymmetric performance is desired 
is determined by the application being modelled. In many cases where external forces 
excite the system, it is not uncommon that high velocities only occur in one direction. In 
the case of vehicle damper testing for example velocity in the compression stroke is 
dependent on road characteristics but maximum rebound stroke velocity is determined 
only by spring forces and damping making it more constant.  

The simulated HIL system was tested with different damping ratios to see how actuator 
dynamics affect damped responses. An ideal spring-mass-damper system was used as 
reference.  
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Figure 8. Simulated HIL system vs. Reference, no damping  
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Figure 9. Simulated HIL system vs. Reference, =0.3 
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Figure 10. Simulated HIL system vs. Reference, =0.6 
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Figure 11. Simulated system vs. Reference, =1 

It can be seen from the simulations in figures 9-11 that with damping introduced to the 
system the HIL system has a tendency to excessively damp the response. The cause is 
actuator lag combined with a position servo that quickly tries to correct position error 
caused by the lag. As a result momentary maximum velocity is higher in the HIL 
system. Viscous damping is related directly to velocity so the damping force is also 
higher leading to overly damped system. Due to phase lag it is also possible in the 
turning points for damping force vector to momentarily act in the wrong direction, that 
is, the direction of motion. This effect is also something that can cause instability to the 
simulation if phase shift is too great.  

With high damping forces effects of hydraulic fluid compressibility, or bulk modulus, 
can also appear in system response. This can be seen in figure 10 at t = 2,1 s where 
shape of the simulated damping force curve is not consistent with the reference. Bulk 
modulus of hydraulic fluid in the simulation was 1,4 GPa. Increasing stiffness of the 
hydraulics in the simulation helped reduce the effect and smoothed out the response. 
Keeping actuator fluid line lengths and fluid volumes to a minimum, as well as bleeding 
the system will help improve performance.   

5. HIL-SIMULATION RESULTS 

Measurements were also made with HIL configuration introduced in chapter 3. As the 
damper used in these tests is real we can no longer assume an ideal viscose damper, so 
we must assume the damper characteristics unknown. This means there is no direct 
reference to compare damped responses to. Accuracy of the HIL system can still be 
deduced by monitoring how well the actuator is able to follow its target signal during a 
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measurement.  From  this  aspect  the  results  were  found  to  be  very  similar  with  the  
software simulations done earlier suggesting that overall accuracy is at the same level. 
Some adjustment was needed in actuator PID-control parameters, mainly because of 
random noise in the measured position signal that was not present in the software 
model.  
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Figure 12. Measured HIL system undamped and damped with a real damper. 

Figure 12 shows two measurements done with the HIL system. A pulse force of 5 kN 
with 100 ms duration was used to excite the system. The red curve presents the 
measured output of the system without a damper and the blue curve was measured with 
a real damper in place. The damping force measured and used to damp the system can 
be seen in the lower figure. As can be seen from the responses, the virtual plant model 
was successfully damped using the real damper. The actuator was observed to follow its 
target value with similar accuracy as in the software model. Oscillation seen in the 
damping force during static state is a consequence of high damper static “stick-slip” 
friction combined with a fast position control. During movement the measured damping 
force signal was found to be much cleaner.    

6. CONCLUSION 

Simulations as well as measurements done with the HIL system show that it is possible 
to emulate mechanical dynamic processes in real-time with reasonable accuracy using 
hydraulic actuator. There are dynamic limitations however. Error in the simulation 
increases due to actuator phase lag when high velocities are used. In its current 
configuration the system is capable up to 1...1,5 m/s maximum velocities while 
producing 10 kN damping force. The dynamics could be improved by using an actuator 
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with smaller surface areas and fluid volume. The trade-off is a smaller damping force 
capacity. For optimal performance the actuator should be chosen by taking dynamics of 
the plant model and required damping force into account. The software model was 
found to be a useful tool in optimizing system components for a desired application. 

The hydraulic system dynamics could perhaps still be improved with the use of high 
dynamics accumulators attached near control valve block to reduce fluctuations in the 
pressure line.[4] Similar solutions could also be possible on the tank side if pressure 
transients in the tank line are significant. Updating components to accept a higher 
pressure level is also being considered as simulations have shown it to offer major 
improvement.       

Another  potential  way  to  improve  HIL  system  performance  lies  on  the  software  side.  
Instead of a conventional PID position control more sophisticated control technology 
could be used. State control or phase-lead compensator could bring significant 
improvement if set up correctly. [5,6]  

Future work will include both hardware and software system development by utilizing 
methods discussed above. Modifications will be tested first with the software model and 
if they show improvement they will be implemented in the real HIL system. Ultimately 
work  will  focus  more  on  empirical  testing  with  HIL  system  and  different  dampers  to  
further validate the system.   
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ABSTRACT 

This paper presents a new approach to assembly and maintainability issues of products 

using virtual engineering tools in design reviews. Performing and testing of assembly 

and maintainability tasks already in the development and design phases with virtual 

engineering tools verify the assembly and maintainability aspects. As a result, the need 

for design changes is already reduced even in the first physical prototype. 

Good maintainability of products is becoming a strategic issue. This is emphasized by 

the fact that machine manufacturers are now often required to provide the customer with 

availability and actual performance - not just a machine with theoretical technical 

characteristics.  

Virtual reality and augmented reality (VR/AR) are often considered difficult to adopt 

and to be costly and complex technologies. In many ways this is still true, but in the 

market there are nowadays virtual engineering solutions for a variety of different 

purposes. Inexpensive head-mounted displays (HMD) with a low-priced video camera 

and marker-based motion tracking can produce high quality visualization of a one-to-

one scale virtual machine. The main benefits of using VR/AR compared to traditional 

computer aided design (CAD) are more immersive one-to-one scale visualization and 

two-way interaction.  

KEYWORDS: Virtual reality, Augmented reality, Assembly, Maintainability 
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1. INTRODUCTION 

In this paper two case studies and test systems are presented. These are medium-cost 

and low-cost cases. In the medium-cost case study an engine module assembly of a 

mobile crushing plant was reviewed utilizing a one-to-one scale virtual model supported 

by VR and AR technologies. The second case presents a review of the assembly of the 

component boxes for an autonomous work machine and a general review of the 

machine with the low-cost system. Results show the benefits and user acceptance of the 

systems. The usability and comparison of low-cost and medium-cost systems is also 

presented. In both cases the results are based on interviews which were collected from a 

heterogeneous review group of ten people. The paper is based on a large international 

research project ManuVAR and GIM, the Centre of Excellence by the Academy of 

Finland. 

1.1. ManuVAR and GIM Projects 

ManuVAR is a European 7
th

 Framework project that runs from 2009 through 2012 and 

involves 18 partner organizations across eight countries. The ManuVAR project aims to 

provide a systematic technological and methodological system to support high 

knowledge high value manual work throughout the product lifecycle. The approach of 

ManuVAR is based on a product lifecycle management paradigm and virtual and 

augmented reality technology combined with ergonomic methods. [1]  

GIM is the Finnish Centre of Excellence in Generic Intelligent Machines Research and 

is a part of the Academy of Finland. It is formed from a team of researchers from Aalto 

University and Tampere University of Technology. The goal of GIM is to research and 

develop methods and technologies for future intelligent mobile working machines and 

field and service robots. GIM started operations on January 2008. 

1.2. Evaluation of Mobile Machine Assembly and Maintainability 

Good assembly and maintainability benefits the user of a machine. When the machine is 

easy to maintain, time and money are saved on operation and repair. This can be 

achieved by putting more emphasis on concurrent engineering design and using modern 

tools in product development. Nowadays, product design can change many times during 

the lifetime a machine, due to customer needs or for safety reasons. [2]  

Batch sizes are getting smaller and products are more complex and highly customized. 

Factories are automated and production is controlled to achieve short lead-times. 

Despite this, human input still plays a major role in assembly and maintenance work in 

today’s machine industry. This is because of the human capability for adaptation and 

flexibility in coping with design changes and product variations although modern design 

tools, like AR/VR, can help designers and workers to evaluate of assembly and 

maintainability aspects without any physical prototypes. In addition, having immersive 

displays and two-way interaction between model and designer can help to interpret the 

model in a more realistic way and can allow detection of design flaws that are usually 

only apparent with physical prototypes. 
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1.3. Current Way of Evaluating Assembly and Maintainability Issues of a Mobile 

Crushing Plant 

Today the assembly and maintainability aspects of mobile machinery products are 

evaluated under office conditions by using a computer with CAD software. Product 

designers uses CAD, for example, to decide on the order of assembly parts or to 

determine which kind of tools are needed to complete the assembly task, by viewing the 

3D model on a PC display. The same model can be projected on to a big screen for 

others to watch. At present the viewing of the life-size product under realistic operating 

conditions requires the construction of a full scale physical prototype. Not only is this 

very costly, but it takes time and is inflexible. Design changes are easy to make with 

CAD, but seeing the model and its environment and the suitability of particular tools for 

assembly or maintenance tasks can be difficult to observe from a PC display or screen. 

Being able to sense the real assembly and maintenance conditions helps workers and 

designers to design better products. 

2. INTRODUCTION TO A VR/AR TECHNOLOGY 

Augmented Reality (AR) systems supplement the real world with virtual (computer 

generated) objects that appear to coexist in the same space as the real objects. The basic 

components in AR applications are a display, a video camera and a computer with 

application software. One definition of an AR system is that it has the following 

properties: 

 it combines real and virtual objects in an apparently real environment 

 it runs interactively, and in real time and 

 it automatically registers (aligns) real and virtual objects with each other. [3] 

Typically, a video camera is attached to a display device, e.g. head-mounted display 

(HMD), which shows the real time camera view through its screen. To define the 

relation between real and virtual worlds, computer  vision  techniques  are  used  to  find  

(track)  a  marker  in  the camera image and determine the position and the pose of the 

camera relative to it. Once the position and the pose of the real camera are known, a 

digital 3D model can be exactly overlaid on the marker in the camera image. Thus the 

user experiences augmented reality, seeing the real world through the real time video 

with virtual models. [4] Figure 1 presents the workflow of an AR application using 

marker tracking. The final image is displayed on the screen of the mobile phone. 

 

Figure 1. Basic workflow of an AR application using fiducial marker tracking. [5] 
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Augmented Reality and Virtual Reality (VR) can both be considered as design tools 

which use virtual technologies. VR is usually considered to be an artificial reality 

created with a computer and with software. It can be constructed using 3D CAD models 

and high tech display technologies with suitable control devices. Immersive 3D displays 

like CAVEs (Cave Automated Virtual Environment) are often used with VR 

technology, as well as in real time simulation, and with data gloves and tracking 

systems. AR and VR differ from each other because of the augmented picture that the 

AR technique overlays on a video image of the real world. VR on the other hand 

consists only of computer generated images on a screen or display. Hence, the 

difference between AR and VR is a thin line. 

2.1. VR/AR Technology in the Medium-Cost Case 

In the medium-cost case study a review took place in VTT’s (Technical Research 

Centre of Finland) virtual reality laboratory. Under laboratory conditions the virtual 

review was built up by using three projection screens, a display for the operator, a 

visualization PC and software, an optical tracking system and HMD glasses. Virtual 

environments creation is based on Virtools software (Dassault Systèmes), which is 

relatively easy-to-use, flexible and includes a graphical programming application for 

engineering purposes. The cost of this kind of set-up is estimated at over 100 000 euro. 

The most expensive equipment is the optical tracking system, approximately 70% of the 

total cost. It is worth noting, that the high-end optical tracking system used is also 

needed for accurate posture and ergonomics analyses in other projects in the same lab. 

The specific technical details of VTT’s virtual laboratory equipment used in review are 

listed in table 1. 

Table 1. VTT’s virtual laboratory equipment. 

Powerwall: 3 x DepthQ DLP stereo projectors (120Hz refresh rate at 1280x720 resolution)

Operator view: Acer GD245HQ 3D capable display

2 x PNY Quadro FX 5800 4GB DDR3 PCI Express   

Intel Core i7 975 Extreme Edition 3,3GHz

Corsair Intel Core i7 6GB Kit PC3-12800

Visualization software: Virtools 5.0

Optical Tracking: Vicon T20 x 8 cameras

HMD: eMagin Z800

Visualization PC:

 

2.2. VR/AR Technology in the Low-Cost Case 

The low-cost case study was done in an ordinary meeting room at the university. Most 

of the equipment used in this case is common workaday equipment. Visualization 

software, tracking software module and HMD glasses are more uncommon but they are 

easily available in the marketplace. Table 2 lists the equipment used for the low cost 

case. The cost for this kind of set-up is estimated at about 15 000 euro. The most 

expensive item is the visualization software, Virtools. 
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Table 2. Equipment used in the low cost case. 

Video Projector: Epson EMP-82

Web Camera: LifeCam Cinema 720p

Visualization PC: Lenovo Z61p 

Visualization software: Virtools 5.0

Tracking: Alvar for Virtools and paper markers

HMD: eMagin Z800  

The biggest difference compared to the medium-cost case is the tracking system. In the 

low-cost case a software module called Alvar for Virtools (developed by VTT) is used. 

The module connects VTT’s augmented reality software library, Alvar and the Virtools 

together. The Alvar for Virtools can be licensed from the VTT [6]. The low-cost system 

uses normal paper markers for tracking. 

3. CASE STUDIES 

The aim of the case studies was to collect feedback from users and compare the benefits 

and acceptance of the case systems. In the medium-cost case the review group consisted 

of design and production engineers and factory floor workers. In the low-cost case the 

group consisted of people from industry and university. All the participants were 

individually interviewed after the review.  

3.1. Case 1: Rock Crusher Engine Assembly Review 

In the medium-cost case study, assembly of an engine module of a mobile crushing 

plant was reviewed utilizing VR and AR technologies. The set-up was built in virtual 

laboratory facilities at VTT. The content creation process for virtual review is presented 

in Figure 2. In the process NX CAD models are converted into 3DViaComposer format 

with Theorem and from 3DViaComposer in 3DXML format to the Virtools. 

 

Figure 2. Process for providing input for virtual review. 

The purpose of this review was to study the generation of a new engine module from 

the assembly and maintainability point of view utilizing VR/AR technology. During the 

review the user used the following tools: HMD glasses, virtual hand and virtual 

flashlight. Three projection screens were utilized by projecting the video image of the 

HMD glasses onto the screen on the left and the overall view of the engine module was 

projected onto the middle screen. Feedback from the virtual assembly and 

maintainability review could be stored by using the mouse pointer to indicate a part of 

the engine module on the left screen and writing down a comment specifically for this 

part. The comments could be seen on the right-hand side screen. 
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Personnel from different departments of the company were present in the review; from 

product management, R&D, production and maintenance. The review itself comprised 

three stages: 

 company personnel getting familiarized with the virtual tools 

 the inspection of assembly and 

 the inspection of maintainability. 

At the outset everyone had a chance to become familiar with the HMD glasses, virtual 

hand and flashlight. The actual review person, assembly worker, was chosen from the 

engine module assembly department. He wore the HMD glasses and virtual hand for 

over two hours, during which he estimated the holes and gaps of the engine and also 

considered possible problem issues concerning assembly and maintainability tasks. The 

virtual hand was also used to show the relative size of parts and as a pointer, and the 

virtual flashlight served to estimate low-light maintenance conditions, such as workers 

actually encounter at crushing sites. Personal interviews were held afterwards for all the 

participants in order to collect feedback and ideas for improvement based on the virtual 

review. 

The basic idea for setting up this kind of virtual review for assembly and maintainability 

was to have a one-to-one scale virtual machine for evaluation without the need to build 

a physical prototype. During this review, the assembly worker was able to examine and 

walk around the virtual engine by looking at it through the HMD glasses (Figure 3). The 

HMD glasses helped the wearer to see the virtual model at its real size on the laboratory 

floor.  

The virtual hand was created by tracking the hand movements of the assembly worker 

who was wearing the HMD glasses. Tracking was based on a luminous tag which was 

attached to the hand of the wearer. The virtual hand was a static hand, with no haptic 

interface, so it could not be used for touching any parts of the engine. The virtual 

flashlight was created by a tag attached to the other hand of the wearer which was then 

visually placed, via a computer, on the HMD-glasses and screen as a flashlight.  

 

Figure 3. Virtual Environment created in VTT’s virtual laboratory premises for 

maintainability review. 

The medium-cost case study enabled assembly and maintainability evaluation under 

research conditions without the need to build any physical prototype by using virtual 

and augmented reality technology. Figure 3 shows the assembly and maintainability 

review in action. Two out of the three projector screens can be seen in the picture as 
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well as the assembly worker who uses HMD glasses and walks around the virtual 

model, while his point of view is shown on a screen. The worker cannot move or touch 

the virtual model but he can view it from every direction. The one-to-one scale virtual 

model looks very realistic and can be viewed by many people simultaneously.  

3.2. Case 2: Assembly Review for Autonomous Work Machine 

The low-cost case study was divided in two phases. In the first phase the aim was to 

position five component boxes on the roof of an autonomous work machine by utilizing 

AR tools. Boxes have to be situated in an optimal way and to fulfill certain criteria. In 

the second phase the aim was to have as a good general view of the machine as possible 

in the low-cost AR environment. The two phases were carried out consecutively and 

with the same participants in two groups. Studies took place in a conference room at the 

university. After each study, a feedback discussion took place among the review 

participants. The feedback conversation was steered using a questionnaire designed to 

identify the pros and cons and development ideas concerning the AR systems used in 

reviews. 

The first phase of the low-cost case study was executed as follows. First the group of 

users was asked to place five component boxes in the best possible positions on the roof 

of the autonomous work machine (Figure 4). The criterion for good positioning was that 

all the wires to the boxes should allow maximum ease of maintenance. Teamwork was 

recommended to ensure that all perspectives were taken into account.  

 

Figure 4. Positioning the component boxes with the AR application. 

During this phase the roof was fixed relative to the multimarker that consisted of 24 

markers, and five component boxes that were positioned relative to the individual 

markers. Hence it was possible to move all five boxes individually at the same time. 

This promoted good teamwork during the assembly review and provided an easy user 

interface. The real time video image was projected onto the screen. 

In the second phase of the study users were asked to review the augmented machine 

from different perspectives with HMD glasses (Figure 5). The autonomous machine 

was scaled to the real size (1:1) and fixed to the floor. The positioning of the machine 

was done using a multimarker consisting of eight big markers placed on the wall. 
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Figure 5. Reviewing the autonomous machine with HMD glasses. The small 

picture shows the view of the user. 

If the camera could not see any of the markers the Virtools program started to use 

simple markerless tracking. This assumes that the camera only rotates while the position 

remains unchanged. In this phase the HMD glasses served as the main visualization 

device but for multi-person purposes a small laptop with a camera (Lenovo X61) was 

also tested. 

4. RESULTS AND COMPARISON OF THE TWO CASE STUDIES 

The feedback from the medium-cost case study review confirmed that the scale and 

dimensions of the engine module were more easily and clearly perceived by employing 

the one-to-one scale model using AR technology than using a conventional CAD 

design. The virtual hand was a good reference for comparing the measurements of the 

engine parts. The so called first-person-view was much appreciated by the reviewers. 

Only one person at a time could wear the HMD glasses so it was necessary to project 

the same view onto the screen so that other members of the group could see the view of 

the assembler at the same time. This also enabled them to experience the review in the 

same way as the assembly worker. 

Overall, the use of virtual engineering tools in the assembly and maintainability review 

was considered to be very useful. Based on the feedback, the HMD glasses were 

regarded as the most useful component, though many would have preferred lighter and 

wireless HMD glasses. The feedback also revealed that many had recommended haptic 

feedback from the virtual hand. For example touching an object with the virtual hand in 

the virtual model should result in some form of feedback for the wearer. This would 

significantly augment the sense of reality. 

In the low-cost case, interviewees reported that development of this technology had 

reached a useful level. In phase one, where the component boxes needed to be 

positioned on the roof, the study proved that AR can be a useful tool for review of an 

assembly of this size. Even someone unfamiliar with CAD tools can participate in the 

review by positioning components on the virtual roof because of the simple user 

interface. Another major benefit is that many people can participate in the AR review at 

the same time. 
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A disadvantage of this application was that some users found it was difficult to move 

the markers on the table while looking at the screen. The development time for this kind 

of application is also quite long and for this particular case it took about one week. 

Hence, the potential benefits of the application have to be evaluated very carefully but 

for marketing or concept evaluation purposes this low-cost application could be 

valuable. A further benefit is that by creating many models using only one marker it 

could offer a faster way of evaluating different engine designs. 

The second phase of the study was to test the low-cost AR environment. A major 

advantage is that this kind of environment can be built in single day. Users rated the 

environment surprisingly highly considering that it was a so called low-cost system. 

Many reported favorably on the 1:1 scale model and found that it was intuitive to move 

around the model in an augmented reality environment. It was also easy to gain a 

holistic view of the autonomous mobile machine by looking at it through HMD glasses. 

The major drawback was that it was not possible to walk around the whole model 

because the markers were only on one wall. In addition, the HMD glasses were not 

wireless and this restricted movement. It was also possible to lose sight of the virtual 

machine by going too close to the wall in which the markers were placed. Placing more 

markers on the floor would offer the possibility of navigating in the augmented reality 

without losing the virtual machine.  

5. CONCLUSIONS 

In this paper medium-cost and low-cost AR systems for assembly and maintainability 

evaluation are presented. These were used in two cases – a rock crusher and an 

autonomous work machine. The results showed that both systems generated extra value 

compared to reviews done solely in a CAD environment. However, the purpose of these 

systems is not to replace CAD in product development but rather to use them in parallel 

for specific tasks, e.g. in design review.  

In the medium-cost case the tracking system and three projection screens were high 

quality equipment, whereas the tracking system of the low-cost case was based on paper 

markers. All the software used in the both cases is widely available and the step to using 

them is low. These types of systems can be built without specialist programming skills.  

The medium-cost AR system is practical for assembly and maintenance reviews for 

large machinery as well as for the training of new employees. The greatest advantage of 

the medium-cost system is the very smooth and accurate tracking it provides for tasks 

such as ergonomics analyses. The possibilities for using this kind of AR system are 

considerable. 

The low-cost system can be used for different kind of design reviews such as assembly 

and maintainability reviews. Due to its mobility and low-cost equipment, the system can 

be easily used in an industrial environment and not only under research conditions. The 

low-cost system can be utilized throughout the product lifecycle, in maintenance 

operator assistance and in concept design with a low budget and with little effort. 

The cost effectiveness of the AR systems depends on the complexity of the application. 

Based on the test cases, it appears that the development of the application used for 

design tasks requires a substantial amount of time, several days perhaps. In contrast, the 
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development time for the second phase of the low-cost case took only about a day and it 

can also be used later with other models with minimum effort. 

Despite the years of development in VR/AR systems, they are often considered 

complex, costly and difficult to adopt, especially within an industry. In many ways this 

is still true, but on the market there are, nowadays, tools available for VR/AR solutions 

for different types of purposes. For example, inexpensive HMD glasses with a low-

priced video camera and a marker-based motion tracking system can produce high 

quality visualization of a one-to-one scale virtual machine. The two cases demonstrated 

that the medium-cost system is an acceptable tool for design review among industry 

workers and that it is possible to build a functional low-cost AR system which can be 

expanded from the research environment into use in small companies. 

The next steps in this research area are to introduce actual VR/AR applications in 

factory floor environment and using the VR/AR techniques in the whole lifecycle of a 

product, e.g. in marketing and sales. 
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ABSTRACT 

This paper describes the design of a low-cost and portable pneumatic motion platform 

for a vehicle driving simulator in virtual environments. Virtual technology is an 

important design tool in development process of mobile machines and other human-

machine interfaces. The fast development in interactive technologies has enabled the 

use of virtual environments for many purposes. Vehicle simulators can provide a safe, 

convenient, and comprehensive environment for conducting research, development, 

training and certification of human operators. They can also be used to assess operators’ 

abilities and skills and to improve operators’ behavior in the real world while reducing 

training time, costs and errors. In order to simulate the actual motions of real machines 

and provide sufficient immersion for the operator in virtual environment a motion 

platform with adequate performance is required. The motion platform developed in this 

paper is based on the inverted Stewart platform design and it exploits the high force-to-

weight characteristics of pneumatic muscle actuators. Portable and light-weight 

construction of the platform enables the use on a glass floor of the virtual CAVE-

environment.  

In the virtual environment the main task is to enable the operator to experience and 

sense the motion while driving the vehicle by using 3D-visualization and the motion 

platform.  A real-time dynamic model of the vehicle computes the vehicle response and 

provides the information of the position and orientation of the vehicle cabin for the 

platform control system.  6-DOF motion of the platform is actuated by controlling the 

pressure of 6 pneumatic muscle actuators using proportional pressure valves. The 

muscle actuator is a new type of pneumatic actuator that can provide simple and safe 

operation for human-machine interfaces with high force-to-weight ratio. The desired 

actuator displacements are computed using the inverse kinematic model of the platform 

and the actuator model is used to generate the respective control signals.  In order to 

investigate the performance characteristics of the developed platform, a gyroscope and 

an acceleration sensor are mounted on the platform and several experimental tests are 

performed. The platform is able to produce accelerations up to 0.4G and angular 

velocities up to +/-20 deg/s being able to simulate motions of a real mobile machine 

during a normal working cycle.  
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1. INTRODUCTION 

Virtual technology is an important design tool in development process of mobile 

machines and other human-machine interfaces. The fast development in interactive 

technologies has enabled the use of virtual environments for many purposes. Vehicle 

simulators can provide a safe, convenient, and comprehensive environment for 

conducting research, development, training and certification of human operators. They 

can also be used to assess operators’ abilities and skills and to improve operators’ 

behavior in the real world while reducing training time, costs and errors. In order to 

achieve sufficient immersion for studying driver’s user experience in virtual 

environment a motion platform is often needed. On the other hand, sufficient 

performance is required from the platform in order to simulate the actual motions of 

such machines.  

Motion platform based simulators have been used in a wide range of areas including 

theme park rides, car simulators, aircraft and shuttle flying simulators. Examples of 

high-level vehicle simulators are often found in car industry [1-4].  More affordable 

mid-level and low-cost driving simulators are popular in the entertainment sector as 

well as an educational tool. A relatively simple low cost- configuration may contain a 

PC, a monitor and a simple cabin with controls. 

Motion  platforms  are  often  characterized  by  the range of motion, payload capacity, 

degrees of freedom (DOF), and  types  of  actuators  used  to  move  the  platform.  A 6 

DOF motion platform provides limited linear (x/y/z) and rotational (roll/pitch/yaw) 

motion. One popular design configuration is the Stewart platform or “hexapod” [5] 

which is a  frame  with  six  or  more  actuators connecting  a  fixed  base  to  a  

moveable  platform providing high load capacity, rigid, high precision and repeatable 

operation.  In “inverted hexapod” the upper platform is secured to a frame and lower 

base can be moved. The simulators are usually equipped with hydraulic, pneumatic or 

electric actuators. Hydraulic actuators are powerful and relatively accurate but need an 

expensive hydraulic power system. Electric systems provide good accuracy and 

controllability and noiseless operation. On the other hand the power to weight ratio is 

relatively low and the components are quite expensive. Pneumatic systems provide a 

high power to weight ratio and they are relative cheap and easy to use and maintain. 

However, the poor controllability due to the compressibility of air is a challenge if good 

precision is needed.   

This paper describes the design of a low-cost and portable pneumatic motion platform 

for a vehicle driving simulator in virtual environments.  The platform is driven by 

pneumatic muscle actuators that provide very high force-to-weight characteristics and 

safe operation. This configuration provides a light-weight construction and portability 

as the platform is used on a glass floor of the virtual CAVE-environment. The 

performance characteristics of the platform are analyzed by measurements.  
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2. DESCRIPTION OF THE SIMULATOR ENVIRONMENT 

2.1. General overview 

The virtual environment shown in Figure 1 at Tampere University of Technology 

consists of 3 projectors with rear projection screens for visualization, a motion platform 

with a cabin seat and two control joysticks, a main PC computer, motion platform 

control PC, audio surround system and optical head tracking system with 3D-glasses. 

 

 

Figure 1. Virtual environment at Tampere University of Technology 

Software part of virtual environment is composed by the Virtools software, Dynamics 

Solver of the Sandvik loader and OptiTrack software that are running on a PC with 

Windows XP.  A PC with Linux handles the control of motion platform and the 

commands from the joysticks. Figure 2 illustrates the main components of the simulator 

environment and their interconnections.  

 

 

Figure 2. The main components of the virtual environment 
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2.2. Motion platform 

The purpose of a motion platform is to generate the feeling of movement and 

accelerations for the user in the simulator environment.  Human motion sensing is based 

primarily on the visual and vestibular systems with some contribution by forces on the 

rest of the body [6]. One important observation is that impulse or change in acceleration 

is often more important than sustained acceleration, particularly when combined with 

visualization. This enables the use of short acceleration bursts followed by a smooth 

reduction in force. With this technique actuators with relatively small range of motion 

can be used effectively.   

 

 

Figure 3. Motion platform 

There are many types of platforms, one of the most common being a Stewart platform 

where a fixed plate is usually attached to the floor and the top plate is the movable part 

[5]. By adjusting the length of the actuators between the base and the top plate, the 

position and the angle of the moving plate can be altered in all six degrees of freedom. 

In our case an inverted Stewart platform type design is used where a movable platform 

is hanging by the support of six pneumatic muscle actuators.  The upper fittings of the 

actuators are attached to metal bars mounted on the base frame as shown in Figure 3. 

The other ends of the actuators are attached to the corners of the triangle shaped 

movable platform. In the middle of the platform is a mounting mechanism for a cabin 

seat (60 kg) that includes two joysticks for controlling the machine. Throttle and brake 

pedal are installed in front of the seat. The platform mechanism weights about 60 kg 

and the total payload of the platform with an operator weight 80 kg is approximately 

200 kg being light enough to be used on the glass floor of Virtual CAVE environment. 

 A pneumatic McKibben muscle actuator was chosen to drive the platform. The Festo 

Fluidic Muscle (MAS) used in our platform consists of a fiber reinforced rubber tube 

offering easy assembly and improved hysteretic behavior and linearity compared to 

traditional muscle actuator designs [7]. Due to the lightweight construction force-to-

weight ratio is very high compared to other types of actuators. The diameter of the 

actuator is small compared to the possible force but with limited stroke up to 25% of the 

initial length. Compared to pneumatic cylinders with the same diameter the generated 

muscle force is up to 8 times more. When pressurizing the muscle with air, it widens in 

diameter and shortens in length as shown in Figure 4. The optimal application of the 

actuator is pulling heavy masses making it a good choice for our platform design. In 
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addition, the actuator is able carry a lot of weight at rest which is advantageous in the 

inverted type platform design. Another interesting feature with the muscle actuator is 

its’ stick-slip free motion that is common with cylinders, providing a better 

controllability at lower speeds and with open loop control. Festo AG provides a diagram 

of the static characteristics of the muscle actuator with the three variables force, 

pressure and displacement. Usually the displacement is expressed by the contraction of 

the muscle in relation to its initial length. The diagram shown in Figure 4 illustrates the 

nonlinear relation of these variables.  

 

Figure 4. Operation of the muscle actuator and its nominal force  

characteristics[7] 

The air for the system is supplied by the main air network (7 bar).  An accumulator (20 

L) guarantees stabile supply pressure during the operation. Large diameter tubing is 

used for air distribution to the actuators. Each muscle actuator is controlled in an open 

loop manner by adjusting the pressure inside by a proportional pressure control valve 

(Festo VPPM). When the loading condition and the desired length of each actuator are 

known the actuator can be controlled simply by the pressure. The valves are attached as 

close as possible to the actuators in order to minimize pneumatic delays. The exhaust 

port of each valve is provided with a diffusor and large diameter tubing for guiding the 

air under the floor and reducing the noise. 

2.3. Other components 

The main PC is a computer with quad core CPU and powerful graphics processing 

features to run the programs needed for the simulator environment. In our environment 

the visualization is handled by the Virtools software that can be used to combine many 

hardware and software components of any simulator / virtual environment together. 

With its graphical programming interface 3D graphics made by other programs, their 

dynamics and other aspects (sounds, controllers etc.) can be handled. The Sandvik 

loader’s graphics and behavioral model, the user controls and dynamics solver’s 

building blocks are run inside the Virtools software. 

The mobile machine is driven by 2 joysticks, throttle and brake pedal. Analog 

information from these devices are processed in Linux PC and then sent to the 

Dynamics Solver.  The Dynamics Solver models the dynamic features and behavior of 

the simulated machine and in our case it provides the required position and orientation 

information to both the Virtools program and the motion platform. The information 

retrieved is 6 DOF position information of a point of the loader underneath the driver’s 

seat.  
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In a simulator or virtual reality environment it is sometimes required to know the 

position or the posture of the user. In our case an optical head tracking system with 6 

cameras and 3D glasses and OptiTrack software is used. 

The communication between the programs is handled by VRPN (Virtual reality 

peripheral network) that is an open source IP based protocol designed to combine and 

connect a wide variety of software and hardware components together to form a 

functional and modular virtual reality environment. 

3. KINEMATICS AND CONTROL 

The kinematics of the platform describes the relationship between the motion of the 

joints of the platform and the resulting motion of the rigid bodies of the platform. 

Kinematics can be divided into forward and inverse kinematics. The main role of 

forward kinematics of a platform is to determine the position and orientation of the 

mobile platform as the lengths of the actuators are known. This problem has no known 

closed form solution and the computation becomes complex when optimization and 

adaptation is required to obtain an efficient solution. In our case, well-known inverse 

kinematics of the Stewart platform is used as it provides one exact solution to determine 

the length of the actuators for a given position and orientation of the platform provided 

by the dynamics solver.  

 

 

Figure 5. Vector diagrams of the motion platform 

 

The platform is schematically represented in Figure 5 with coordinate frames {P} and 

{B} attached to the movable platform and base.  The attachment points of the actuators 

to the base and the platform are denoted by {Ki} and {Ai}. The YB-axis is pointing 

upwards and XB-axis is perpendicular to the line connecting {K1} and {K6}. Leg vector 

of each actuator with respect to the base frame {B} is  
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where BPB
 is the platform translation vector with respect to the frame {B}. The vector 
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describes the position of the attachment point {Ai} with respect to frame {P} and vector 
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is the position of the attachment point {Ki} with respect to frame {B}. The orientation 

matrix with α=(Roll/x_angle), γ =(Yaw/y_angle) and  β =(Pitch/z_angle) with respect 

to the X-axis, Y-axis and Z-axis of the base frame is given by 
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where c denotes cosine and s denotes sine. The total length of the i
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Thus, by computing the length of each actuator (i=1,2,…6) solves the inverse 

kinematics of the platform.  

Figure 6 illustrates the force and torque balance of the platform in a simplified two 

dimensional case with actuators 1 and 2. The centre of mass when the seat and driver 

are included is denoted by {GP} and the gravitational force is denoted by vector G.  The 

vector F contains the unknown actuator forces. The torque vector caused by the 

gravitational force about the origin {B} is  
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A unit vector in the direction of actuator force acting on the platform is defined by: 
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The torque vector caused by the actuator acting about the origin {B} is defined by: 
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In steady state the force balance equals to zero resulting in 
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Figure 6. Simplified force and torque balance of the platform 

Also, the torque balance at the origin {B} should equal zero in steady state.  
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The directions of the torque vectors caused by the actuators are known and the 

magnitudes need to be solved. Let’s form a (6 x 6) matrix K  
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The matrix R is the product of force magnitude matrix F and matrix K. It can also be 

defined by the torque and force components caused by gravity acting at the origin {B} 
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The actuator force matrix can be solved by  

RKF 
 1

 (14) 

 

The force matrix F gives the magnitudes of the actuator forces that are required to drive 

the platform for the desired position and orientation. Based on the machine orientation 

data given by the Dynamics Solver the inverse kinematics model is used to calculate the 

required length and forces of the actuators. As the desired length and the loading 

condition of each actuator are known the desired pressure can be solved. For this, a 

fluidic muscle actuator model describing the nonlinear relationship between the actuator 

force, length and pressure is required. The nonlinear force characteristics can be 

captured with a good accuracy using a modeling technique described in [8]. The force 

curve with a maximum available pressure level is approximated by a 3
rd

 order 

polynomial 

3

3

2
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where x is the muscle displacement.  When the muscle displacement is held constant, 

the actuator force depends almost linearly on the pressure. Thus, a factor to describe the 

force per unit pressure as a function of the muscle displacement is introduced: 
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where pmax is the maximum available muscle pressure and pm is the measured muscle 

pressure. Coefficients k0 [N], k1 [N/m] k2 [Pa] are found by using least squares methods. 

When the force and actuator length are known the pressure can be easily found. The 

desired pressure is transformed into an analog control signal (voltage) for the 

proportional pressure regulator that drives the actuator. At the moment, the platform is 

controlled in an open-loop manner to reach the target orientation. It is obvious, that the 

accuracy of this control is dependent on the accuracy of the system model and is thus 

sensitive to uncertainties and parameter variations in the system.  On the other hand, a 

proper closed loop control would improve accuracy but requires also expensive 

instrumentation increasing the cost of the system.  However, at this stage of the 

platform design the open loop control is able to provide a simple control strategy for 

analyzing the performance of the platform.  
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4. MEASUREMENT RESULTS 

In order to investigate the performance of the developed platform, a gyroscope and an 

acceleration sensor were attached to the platform. The gyroscope (2-D) measures the 

angular velocity in the xz-dimension. The 3-D acceleration sensor is able to measure the 

acceleration with respect to all three (x,y,z) axis. The tests were performed around the 

normal operating point of the platform, where the platform is lifted approximately 0.15 

m upwards (y-axis) from the initial position by pressurizing the actuators.  Step 

responses around the x- and z-axis were performed by applying an angular step 

command of +/-5 degrees for the platform. Figures 7-10 illustrate the angle and 

respective angular speed responses for a stepwise input command for the movement 

around the x- and z-axis. A time delay of approximately 60-80 ms exists between the 

command and the start of the movement. The so called pneumatic delay is mainly 

caused by the delay in the pressure regulator as there is a pure time delay of 30 ms for 

the commands. The time constant (63 % of max. value) approximated from the step 

inputs is roughly between 200-250 ms and indicates a frequency bandwidth of 4-5 Hz (-

3 dB point). Time constant is affected by the direction of the movement as the actuator 

response is different for the inflation and deflation process. Steady-state error of the 

angular response is difficult to determine as it is gained by integrating the angular 

velocity provided by the gyroscope sensor. Furthermore, the open loop control which is 

based on the system model causes some error between the target and measured value. 

However, the first step response (+5 º) gives an approximation of the steady-state 

accuracy being quite reasonable. The maximum angular speed is approximately +/-20 

deg/sec. Measured angular velocities in a real mobile loader during a normal work cycle 

reported in [9] were between +/- 15 deg/sec.  

 

 

Figure 7. Angular step response (+/- 5°) around x-axis 
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Figure 8. Angular speed response for a step command (+/- 5°) around x-axis 

 

 

Figure 9. Angular step response (+/- 5°) around z-axis 

 

 

Figure 10. Angular speed response for a step command (+/- 5°) around z-axis 
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Frequency response tests were performed by applying a sinusoidal angle reference 

signal to the platform. In the tests different amplitudes (up to 8º) and frequencies up to 2 

Hz were used. The gyroscope measured the angular velocity for the movement around 

the x- and z-axis. The angular command signal was differentiated for comparison with 

the measured angular velocity. Figures 11 and 12 illustrate the results of angular 

velocity response around the x-axis and z-axis. It can be seen that the platform is able to 

follow the command at lower frequencies < 0.4 Hz. The amplitude gain is 

approximately 0 dB up to 1 Hz, but the phase shift starts to increase radically after 0.4 

Hz. At higher frequencies (>1 Hz) the phase shift is too large and the system is not able 

to follow the command. The platform is able to follow angular velocities up to +/- 20 

deg/sec as shown in the Figures 11 and 12.  

 

Figure 11. Angular velocity response around the x-axis at different frequencies 

(@amplitude 4°) 

 

Figure 12. Angular velocity response around the z-axis at different frequencies 

(@amplitude 4°) 
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Step response test was performed also for the translational movement (y-axis). Figure 

13 depicts the step response for the command signal (+/- 0.12 m) and Figure 14 

illustrates the respective acceleration signal. It can be noted that the response for the 

upward (time consant ~250 ms) translational command is faster than for the downward 

(time consant ~350 ms) command.  The maximum acceleration for the upward and 

downward motion is approximately 0.4G that is quite close to measured accelerations of 

a real mobile machine (+/- 5 m/s
2
) reported in [9]. 

 

 

Figure 13. Translational (y-axis) step response 

 

Figure 14. Translational (y-axis) step response command and measured 

acceleration 

Frequency response tests for the translational movement were performed by applying a 

sinusoidal position reference signal with amplitude of 0.12 m to the platform. In the 
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tests the frequency of the reference signal was increased from 0.2 Hz up to 2 Hz and the 

acceleration was measured. The position command signal was differentiated twice in 

order to get the acceleration command and the measured acceleration signal was filtered 

using FIR (finite impulse response) filter in order to remove the additional noise. The 

acceleration response shown in Figure 15 indicates that the platform is able to follow 

the commands up to 1.2 Hz with maximum accelerations of +/- 0.4 G. This correlates 

with the results obtained in the step response measurements. 

 

 

Figure 15. Translational (y-axis) acceleration command and measured acceleration 

5. CONCLUSIONS 

In this paper, a low-cost motion platform design for the vehicle simulators in the virtual 

environments is introduced. The design is based on the inverted Stewart platform design 

and it exploits the high force-to-weight characteristics of pneumatic muscle actuators. 

Inverse kinematics model of the platform is used to solve the desired actuator lengths 

based on the position and orientation information provided by the Dynamics Solver of 

the vehicle simulator. The loading condition of each actuator can be solved using the 

force and torque balance equations. The desired control pressure of each actuator is 

determined with the help of the actuator force model. The resulting open-loop control is 

relatively simple to apply, but is naturally sensitive to parameter variations and 

uncertainties resulting in reduced accuracy. The performance of the platform was 

characterized by angular step responses giving an approximation of the delay (80 ms) 

and frequency bandwidth of the system (4 Hz). Frequency response tests with sinusoidal 

excitement signal around the x- and z-axis resulted in a practical operating range of 1 

Hz.  The platform is able to produce accelerations up to 0.4G and angular velocities up 

to +/-20 deg/sec being able to simulate motions of a real mobile machine during a 

normal working cycle. In the future, a closed loop control strategy will be designed in 

order to control the platform more accurately. Also, other improvements will be made to 

increase the system dynamics and operating frequency range to produce faster 

movements.   
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ABSTRACT 

Today the machine systems are more versatile and sophisticated which make those 

systems very challenging to understand, plan and maintain. Mechanics, hydraulics, 

electronics and automation are closely connected to each other. However, the 

understanding of the whole system is extremely important for system planners, service 

technicians and supervisors of the machine. Because of that, the new approaches and 

methods of competence development and education of complex systems have to 

develop. 

In this paper, the concept of the virtual machine laboratory is presented. The need, idea, 

starting point and the developing process of the virtual machine laboratory are looked 

through. The key features of the software are shown and the technologies behind the 

features are introduced. Paper shows how the different features are applied for an 

example application of the forest machine.  

Planning of virtual machine laboratory for educational purposes needs special 

framework, where educational features and points of view are taken into account. This 

work needs many iterations, so appropriate solutions could be developed. Educational 

pilots are carried out with the forest machine application and the results are discussed 

here. It is noticed that virtual machine laboratory have a positive impact to create the 

understanding about the whole complex machine systems. 

KEYWORDS: Virtual machine laboratory, virtual learning, 
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1. INTRODUCTION 

The use of the simulators and virtual reality has increased continuously and the growth 

will continue also in the future. Nowadays the simulators are built mainly to the 

operator training. However, the technologies of the virtual reality make possible to use 

simulations and simulators more widely. It is possible to utilise the virtual reality and 

the simulators both in the R&D and in new types of training simulators. It is important 

to notice that the simulators are not only the physical device when the use of the 

simulator is well designed. A simulator could be a useful tool to supporting the 

understanding about the complex machines. 

Dynamic real-time simulation, the adaptive information views, virtual reality 

technologies, intelligent tutoring and the modelling methods have developed strongly 

during last years. Nowadays it is possible to develop modern learning environments for 

the training in the field of the technique with the help of these methods. 

The understanding of the operation of modern machine systems is a challenging matter 

to be taught. It is possible to support the ability to solve problems with simulators 

because it is possible to study the same matter easily from different points of view. The 

ultramodern harvesters which utilise the intelligent hydraulic and automation systems 

are an example application in the virtual machine laboratory this study. 

The implementation of the new technology and the realization of support services 

require profound know-how and the wide knowledge of different actor groups. The 

development of the know-how requires the currency of the training and the learning 

environments which support the understanding of the principles of technologies. 

Learning environment should also support the teaching, studying, adapting and use of 

operations and systems. 

New measuring skills, problem-solving skills, instrumentation skills, installation skills, 

communicative skills and service skills are required of a machine mechanics and 

maintenance mechanics. The products of these areas are extremely know-how intensive. 

The developing of the know-how on the present practise is challenging especially for 

the lacks of learning environments. 

The possibilities of training simulators to support the education have been identified in 

several international researches [1], [2], [3], [4]. The simulator assisted teaching has 

become more general in the 2000's because the development of simulators is not as 

expensive as earlier thanks to the PC based systems. Because the network and browser 

technologies have been fast develop, simulators can be utilized in many ways. 

Because very wide knowledge is needed to design and to realize the suitable simulator 

for education purposes special research group is founded. Smart Simulators research 

group is specialised in the multidisciplinary research and development of training and 

product development simulators and virtual learning environments. Research group is 

consisted of researchers specialised in hydraulics and automation, modelling and 

simulation, virtual technologies, hypermedia, pedagogy and mathematics. All 

researchers are working either in Department of Intelligent Hydraulics and Automation 

or in Hypermedia Laboratory, Department of Mathematics in Tampere University of 

Technology. 
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2. M1-TECHNOLOGY 

In the Metviro-venture has been developed intelligent and virtual learning environment 

for training of the forest mechanics. Metviro-environment contains model of the load 

sensing system of the forest machine, based on dynamic simulation, 3D-graphics, 

dynamic hydraulic diagram and intelligent fault diagnosis. Load sensing system is 

essential in forwarder tractors [5]. 

Development work of M1-technology started in spring 2006 with project Metviro – 

Learning environment for training of the forest mechanics [5]. Project was funded by 

ministry of education, national board of education, forest machine schools and forest 

machine- and components manufacturers. Main objective was to develop learning 

environment that supports teaching, learning and studying of hydraulic systems in the 

second degree occupational education. Learning environment should also provide 

possibility to diagnose faults and solve problems with aid of adaptable learning 

material. Practical work of the project included definitions for software architecture, 

faults, tests, repairs and hydraulic system and modelling of hydraulics, fault detection 

process,    

First architecture was realised with computers, one for simulation running in xpcTarget 

and one for learning environment. This soon proved to be inefficient solution and 

simulation was compiled to standalone program, running in same computer as the 

learning environment. Communication interface with learning environment and 

simulation model was realised with UDP.  

Main complications through development history of M1-technology have been capacity 

of CPU and GPU. Learning environment process huge amount both graphical and 

computational data. This has been taken account in overall software architecture, data 

structures, user views, and graphical optimisations.     

Metviro was first prototype of learning environment made with M1-technology. It used 

following components of M1-technology, software frame, 3D-graphics, dynamic 

hydraulic diagrams, intelligent tutor and fault diagnosis assist, operator panel, tools for 

teacher, wiki and dynamic simulation.   

Another significant outcome of the Metviro-venture was complete outline that makes 

possible to produce virtual learning environments to support different training fields. 

Modular software architecture makes possible to use same software components in 

different training fields.  

These Metviro based components are further developed to M1-technology. M1 

technology is combination of different technological solutions to create common virtual 

machine laboratory environment. Improvement of training has been centre-stage in 

development of M1-technology, because main coal of virtual laboratory is to support 

advancement of know-how of machine systems in universities, vocational high schools 

and technical colleges.   

Virtual machine laboratory combines both practice and theory. A distinct need for this 

kind of tool has been acknowledged. In control groups of both ventures, Metviro and 

M1, different levels of educational institutes and industrial enterprises were represented. 

The common interest was advancement of a comprehensive know-how of the machine 

system. Today mechanical engineering and maintenance personnel are expected wide 

knowledge of hydraulics, electricity, bus-technology and mechanics. One of the bearing 
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thoughts was that, after learning one machine system it is easier to adapt that knowledge 

to different machine systems. 

2.1. Components of M1 technology 

2.1.1. Software framework 

Core of the M1-technology is modular and flexible software framework, which allows 

adding and removing components. M1-framework is implemented with C++/CLI and it 

is typed as white-box framework. Framework provides services for module building, 

reading initialization and settings data, sending messages between modules, managing 

information, window management system, material interface  (eg for different language 

versions), browser tool, sound system and UDP-traffic management. All components 

that are used with M1-software framework must implement builder- and tool-interfaces. 

2.1.2. Real-time simulation 

The base of the virtual machine laboratory is the dynamic real-time simulation model of 

the machine. Real-time simulation model runs in the background and the virtual 

machine laboratory offers different views to the machine structure and movements. 

Information from the real-time simulation move components in 3D and dynamic 

diagrams and inputs from operator panel controls parameters in simulation. 

Matlab Simulink -environment is used for modelling the virtual machine and model is 

compiled to Windows executable format. This allows using whole M1 technology on 

one computer running simultaneously simulation model and other tasks like 3D and 

diagrams. Disadvantage of this arrangement is loss of the hard real-time simulation, but 

in learning environments simulation model, that is accurate enough to demonstrate the 

operation of virtual machine, can with realised in soft real-time. 

It is possible to compile simulation model to work in xPC-target, which is real-time 

software environment of MatLab and can be used to run hard real-time simulations. 

xPC-target requires separate computer for simulation model. Running simulation in 

separate computer enables more complex models to be used because of increased 

computation power. M1 uses UDP-link between simulation and rest of the framework 

so simulation can be run in xPC-target in another computer or without xPC-target in 

same Windows-computer with framework. UDP-link makes possible to use other 

simulation software also. Only the interface between simulation model and the 

framework should be similar. 

2.1.3. 3D -graphics 

Main idea of 3D-graphics in M1 technology is to show basis of component placing on 

the machine, to show how machine reacts to controls and to allow a view inside the 

hydraulic components of the machine. 3D-view can show the simplified model of the 

machine, hydraulic and mechanical components and CAN-components. Models of 

components have low-detail accuracy, because highly detailed models require too much 

processing from GPU. Simplified model of hydrostatic driving motor is presented on 

Figure 1.  
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Figure 1. 3D transparency view of hydraulic motor. 

Motion animation of the components is based on the simulated data and therefore it is 

dynamic and in real-time. Because of considerable amount of data in these models, 

content of the virtual world is split to division views like working hydraulics, outside 

view of the machine and driving transmission. This minimizes the work load of the 

graphics processing unit.  

3D-tool of the M1-technology is realised with C#, and has modular architecture. 

Graphical engine is Ogre3D, which can be configured use either OpenGL or DirectX 

platform. The content of virtual world is not dependent on the implementation of the 

tool. All visual models and kinematic structure, content of toolbars, pre-defined views 

and rules of animation are loaded from initialisation files.    

2.1.4. Dynamic diagrams 

Diagrams in the virtual machine laboratory can display dynamic data from simulation 

model by using animations and colours. Diagrams are based on SVG-format which is 

manipulated by framework to make it dynamic. Diagrams rendered and used through a 

web browser as seen on figure 2. 
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Figure 2. Example of hydraulic diagram and chain of operations in web browser. 

 

Diagrams consist mainly of objects and connections or lines between them. Objects can 

move or change their appearance depending on data coming from simulation. Lines can 

show simulation data by changing their colour and using dashed line animation. 

Objects in diagrams may include e.g. hydraulic valves and their position can be 

displayed by moving their spool. Lines can present hydraulic pipes and display their 

pressure by changing colour and their volume flow by using dashed line animation. 

User can monitor values of different components in diagrams using meters and gauges 

by clicking component with mouse and select wanted measurement. User can also select 

other functions for component like repairing component, view information about 

component and add component to chain of operations. 

2.1.5. Operator panel 

Operator panel as in Figure 3 is simplified graphical version of the real machine 

operator panel. It makes possible to control virtual machine without joysticks. Some 

secondary controls, like environment temperature and control current ramps of the 

control valves are also embedded in the operator panel. It is also possible to use 

joysticks to control some functions of the virtual machine simultaneous with control 

panel. 
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Figure 3. Example view of operator panel layout. 

2.1.6. Virtual measurement displays 

Meters can be used in diagrams to measure various parameters for example pressure, 

flow, current or voltage. There are different types of meters. Gauges can show one 

value, multimeter can show two values and their difference, maximum and minimum 

value and histogram can show multiple values with data over last few moments. 

2.1.7. Operation chains 

Chain of operation is made for assisting learning process. It consists of list of operation 

as seen on the left on Figure 2. Each operation contains explanation and can be linked to 

highlight certain part of diagram. This way it’s easy to explain operation principles of 

the machine to user. 

User can add components to chain of operations by clicking component and select add 

to chain of commands. Then user can edit explanation text of the highlighted or selected 

component. Position of the explanation text can also be changed by dragging the text to 

new position.  This way it’s easy to construct a new chain of operations by using just 

web browser based diagram. 

Chain of operation can also be used for searching faults in virtual machine. Users can 

check components in chain of operation and mark them faulty, working or unknown. 

2.1.8. Recorder 

A recorder tool records all data from simulation. This allows user to view fast 

phenomena with slow motion or repeat interesting sequence unchanged. User is allowed 

select recording time and swiftness of slow motion. 

2.1.9. Wiki 

Wiki pages can be used to support learning and studying. They can provide information 

about different hydraulic components, measurements, faults, technical support and 

instructions for M1 based systems. Dynamic diagrams are linked to wiki and user can 
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click component in diagram and view wiki page attached to component. Wiki in M1 is 

based on free open source web based MediaWiki application. 

2.2. M1-prototype 

M1-prototype is based on Metviro-prototype and uses same software archtitecture. Main 

content is harvester with parallel boom. Basic view of the virtual machine laboratory of 

the harvester-prototype is shown in Figure 3. 

 

Figure 4. View of the M1-prototype with harvester 

Figure 3 show that 3D view and diagram view are showed. With these views it is easy 

to see how the machine or boom moves and what that means in hydraulic diagram. It is 

possible to take views which are needed to study desired problem.  

Efficiency has been improved by splitting dynamic simulation in two simulation 

models, hydrostatic driving transmission and working hydraulics. Simulation also has 

new features like CAN-simulation and environmental variables like temperature. 

Simulation model of the virtual machine runs in the same computer as the whole virtual 

machine laboratory. User can change the used simulation model in user interface and 

examine working hydraulics or hydrostatic driving transmission. 

One of the most problematic tools of M1-technology has been dynamic diagrams. 

Configuring of the diagram content has been made by hand and rendering API has been 

inefficient at worst. Development in the web browsers allowed possibility to move 

rendering of the dynamic diagrams in web browser. Rendering of the diagrams is used 

with scalable vector graphics (SVG).  Because of browser-based rendering, HTTP 

server was introduced as new tool in M1- technology, to relay simulation data to the 

diagrams. All-thought new solution to rendering freed a lot capacity of GPU, latency of 

http server and web browser is extended. This has been solved by selection as fast as 

possible web browser.    

Dynamic diagrams include hydraulic diagrams like in 2 and electric circuit diagrams 

like in 5. Diagrams are rendered using web browser and SVG-format. 
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Figure 5. Example of electric diagram and measurement in web browser. 

Both diagrams shown in Figure 4 and Figure 5 are dynamic. Hydraulic diagrams display 

flow and pressure and motion of various objects including valves and cylinders. Electric 

diagrams show voltage or current and movements of potentiometers and solenoids. User 

can monitor values of different components in diagrams using meters and gauges as 

shown in Figure 5 where solenoid control current is measured. Signals in the CAN-bus 

can also monitoring. 

Chain of operations is also in used in prototype as shown in left on Figure 2. User can 

use it to learn operation principles of the virtual machine or search for fault in the 

machine. The component which is in the chain of the operations is also highlighted in 

the diagram. If the components are from different diagrams the diagram view changes 

automatically. That make easy to learn whole chain of operations for example from 

control panel to hydraulic cylinder movement. 

M1 prototype contains tools for teachers. These are password protected, so students 

could not view settings of simulation. Teacher is allowed to set fault parameters and 

setting values for simulated components. Parameter and fault combinations are not 

limited. It is possible to set simulation back to default values with single click.   

3. EDUCATIONAL TESTS 

Virtual machine laboratory needs an educational framework for the development in 

educational purposes. The background of the framework lies on the following points of 
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view simulator assisted learning, usability, experimental learning and instructional 

tools. Theories emphasizes understanding of the machine system phenomena, practice 

with authentically like system, reflection (self assessment) of virtual experience, 

pedagogically augmented visualizations, meaningful and work oriented scenarios and 

user-centered tools for  trainees and instructors. Implementation of these theories has 

been carried out by machine system instructors and professionals of educational 

sciences. 

Pedagogically sound R&D of the M1 –virtual laboratory has required a plenty of 

development iterations, because there were no exact model of pedagogical principles for 

the implementation. Iterative design method has been offered appropriate point of view. 

This means, that several technical user-interfaces and technical prototypes has been 

developed for pilot and evaluation events of the machine system instructors and 

professionals. Totally more than 100 students and 100 professionals have been 

participated of the different events of virtual laboratory piloting during 2005-2010. This 

feedback has been very valuable. These pilot events have given a broader view of 

educational features and pedagogy of virtual laboratory also to professionals.  

In this paper, we describe the results of the learning experiments carried out during 

October and November 2010. Total 50 students from the technical university, university 

of applied sciences and vocational institutes were involved. Instructors (8) and 

industrial professionals (11) also evaluated the educational features of virtual machine 

laboratory. The feedback was collected via questionaries and observations by 

SmartSimulators-research team. Notice that the prototype was not fully readymade, 

which affects to the feedback of usability. 

The following general results have been analysed. Likert type scale was 1-5 (1= strong 

disagree, 2=moderate disagree, 3= Neutral, 4= moderate agree, 5= Strong agree) 

There is a clear need for educational machine laboratory system in educational units and 

in industry. Mean (3,49-4.31), Median 4-5 (10 of the 15 questions the mean was above 

than 4). The added values of virtual machine laboratory are described in the Table 1. 

Notice that some statements are formalized in the negative form (italic). 

Table 1.  The added values of virtual machine laboratory based on the feedback of the 

students, instructors and industrial professionals of mobile machine 

technologies. 

Statement Mean Median Std. 

dev 

Virtual machine laboratory supports a learning of machine 

systems. 

4,44 5 ,86 

The added values are exiguous. 1,66 1,5 ,81 

User interfaces are difficult to use. 2,58 2 1,00 

I need same like of system in the other courses. 3,95 4 ,85 

Virtual machine laboratory supports understanding of the 

machine system. 

4,02 4 ,90 

I can learn with virtual laboratory as well as than 

traditional learning methods. 

2,50 2,5 1,11 

Use of virtual machine laboratory supports the objectives 4,04 4 ,82 
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of course. 

I can utilize virtual machine laboratory independently 3,98 4 ,92 

I don´t need illustrations or virtual machine laboratory. 1,86 2 ,97 

I can apply the learned content and skills into the practice. 3,86 4 ,93 

Virtual machine laboratory helps to solve exercises. 4,13 4 ,83 

The experience of machine laboratory utilization was 

negative. 

1,64 1 ,97 

Virtual machine laboratory can be utilized in the group 

learning. 

4,05 4 ,85 

Virtual machine laboratory concretizes teaching and 

learning. 

4,39 5 ,76 

There is a need of support of competent teacher. 4,13 4 ,95 

The use of virtual machine laboratory is not useful in this 

course. 

1,76 2 ,92 

 

The results show that educational utilization of the virtual machine laboratory seems 

positive. There were no very negative opinions. We have to notice that many of the 

teachers and professionals are interested in of the new solutions, and this affects to 

opinions. This is very familiar in the evaluation of the eLearning possibilities.  

There are still many development needs. The research group has developed 

technological and educational features based on the feedback described in the above. 

The main development areas are usability of interfaces. Also the M1 –technology 

should be developed so, that education of CAN –bus and automatics of machine can be 

executed. One important notion is a lack of curriculum of mobile machine system. It is 

very hard to make research and development of virtual machine laboratory, if the main 

educational objectives and content focus are not clearly described. For example Cetop 

(http://www.cetop.org) education recommendations describes quite well general 

objectives and content, but these should be describe more detailed, so the requirement 

specification of the virtual machine laboratory can be specified. 

4. AUTOMATED GENERATION OF VIRTUAL MACHINE LABORATORY  

During recent years it is noticed that the deployment of learning environment for 

hydraulic and mechanic systems requires plenty of manual labour and special skills. All 

the design information should be collect and modify to the use of virtual machine 

laboratory. The problem is that the purpose of the machine design information is only to 

manufacture the machine. Other possible uses of the design information are not taking 

into account in the design process. 

For example at the present moment, two major steps are needed to build a simulation 

model. In the first step, the simulation model designer has to take into consideration the 

complete system construction, the exact purposes of the hydraulic and electronic 

components in the system and all parameters for each component. This information is 

mainly gathered manually from the original hydraulic system design documents. 
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However, there is often undocumented information. It has to find by interviews of the 

hydraulic designers or in the worst case make a conjecture based on the documented 

information. The second step is to input all the gathered design information of the 

system to the simulation model manually.  

It was noticed that the hydraulic engineers have done the same processes already during 

the original design project. The double processing of the engineering data occurs, 

because the hydraulic engineer has not documented all the original information at all, 

accurately enough or not using universal technologies and standards. This is not only 

the problem in conducting simulation models, but also in managing the design 

information. There are obvious needs to smoother the design process. 

It would be more convenient if the processes were semi-automatic. Semi-automatic 

generation needs that the source data is well-defined and in standard format. The most 

difficult task is to define the quantity and quality of the source data. All the information 

should be added to the system and all the information should be right. Verification of 

data is a huge challenge. It is notable that requirements of each possible application are 

different, so the enrichment of the data is usually needed. It not makes sense to add all 

the information to the design documents. Well-defined basic information is enough. If 

all the required information is in the system in standard format, the mapping of the 

information from the documents is however challenging. 

Other application of the enriched source material is easy to find. For example, the 

automatic generation of the service, maintenance and marketing materials are possible. 

The study base on the fact that reuse of information earns financial savings. The time to 

regenerate manually material for end-user applications is saved even the original 

material is changed. 

More automatic production methods of the virtual machine laboratory with the semantic 

modelling are currently studied in ongoing project [6]. 

5. CONCLUSIONS 

To get the appropriate competence of planning, dimensioning and maintenance and 

about modern mechatronic machine systems like forest machine, new tools and 

educational approaches are needed. In this paper the software framework and 

components of the M1-technology is developed and tested. M1-technology makes 

possible to build virtual machine laboratories in modular way. In virtual machine 

laboratory different kind of machines can study with the multiplicity of functions. 3D 

and diagram visualizations, measurement and chains of operations are features which 

are available in the virtual machine laboratory. Different features are applied an 

example application of harvester, which showed that the features of the M1-technology 

are reasonable.  

From the point of view of educational usefulness and effectiveness it is noticed that the 

virtual machine laboratory has a justified need. There is not this kind of appropriate 

virtual learning environment in the educational institutions and companies. The 

properties of the virtual machine laboratory have effect the real added value. Functional 

solutions to the central needs have been found. This kind of virtual learning 

environments are at the pioneer stage and the wider actual use will tell the real 

effectiveness. 
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Because the deployment of learning environment and implementation of new machine 

application requires plenty of manual labor and special skills, semi-automatic 

generation process are currently studied in ongoing project. 

NOMENCLATURE 

C++ General purpose programming language 

C# Simple modern general purpose programming language. 

CAN Controller–area network. Vehicle bus standard for devices to communicate 

without host computer. 

CLI Common Language Infrastructure. Environment that allows multiple high-

level languages to be used on different computer platforms without being 

rewritten. Core of the Microsoft .NET Framework. 

CPU Central processing unit. Performs basic arithmetical, logical, and 

input/output operations of the computer. 

DirectX Collection of application programming interfaces for handling tasks related 

to multimedia, especially game programming and video on Microsoft 

platforms. 

GPU Graphical processing unit. A Special circuit capable of rendering graphics 

much more quickly than CPU. 

Ogre3D Object-Oriented Graphics Rendering Engine. Scene-oriented, flexible 3D 

rendering engine. Designed to make it easier to develop 3D graphics 

applications. Uses underlying system libraries like DirectX or OpenGL. 

OpenGL Open Graphics Library. Standard cross-platform application programming 

interface for 2D and 3D computer graphics. 

SVG Scalable Vector Graphics. XML-based file format for describing 2D vector 

graphics. 

UDP User Datagram Protocol. Simple stateless protocol to send packets over 

Internet Protocol. 
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The Twelfth Scandinavian International Conference on Fluid Power, May 18-20, 2011, Tampere, Finland 

PREFACE 

The first international conference on fluid power in Tampere was held in 1987. That 
was the start of the series of Scandinavian fluid power conferences. In 1993 it was 
decided  that  the  name  of  the  conference  is  Scandinavian  International  Conference  on  
Fluid Power. At the same time it was also decided that SICFP will be held every second 
year alternately in Tampere and Linköping. So we have already over 20 years’ tradition. 
This conference is organized by Department of Intelligent Hydraulics and Automation 
(IHA) at Tampere University of Technology (TUT) together with network of Fluid 
Power Centres in Europe (FPCE). 

This twelfth conference includes various traditional themes like mobile hydraulics, 
water hydraulics and industrial hydraulics. However, in addition this time there are 
many more new areas included like digital hydraulics, intelligent mobile machines and 
teleoperation. Special attention in the program is given for energy efficiency, renewable 
energy  production  and  energy  recovery.  They  are  reflecting  well  the  situation,  where  
environmental issues and energy saving are increasingly important issues. 

We received about 145 interesting and high-level abstract proposals. This is the record 
number in the history of the conference. In addition to four invited speakers, about 110 
papers were selected for the final programme. This year for the first time in the SICFP 
conference also poster presentations are included into the program. We believe that the 
conference will give the participants fine opportunities to listen interesting 
presentations, to exchange opinions and strengthen of old contacts and to establish new 
ones. 
This time the conference proceeding will be published as a printed book and also as a 
USB memory stick. We hope that this proceedings will serve you well during the 
conference but also far in the future as a source of reference. 

We would like to express our sincere appreciation to everybody who has contributed to 
the success of the conference. 

 
 

 
 

 
Tampere, 17th April, 2011 

 
 

Kari T. Koskinen, Professor    Harri Sairiala, M.Sc. 
Conference Chairman, SICFP’11   Conference Manager, SICFP’11 
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HYDRAULIC RUNNING ROBOTS:  

THE PROSPECTS FOR FLUID POWER IN AGILE LOCOMOTION 

 

Bhatti J., Plummer A. R. 

The Centre for Power Transmission and Motion Control 

University of Bath 

Bath BA2 5DR 

UK 

A.R.Plummer@Bath.ac.uk 

ABSTRACT 

The majority of the Earth’s land mass is inaccessible to wheeled vehicles.  Legged 

locomotion is a potential solution to this problem, allowing mobile machines to traverse 

rough terrain and step over obstacles.  Many hundreds of walking machines are in 

existence, albeit mostly in research laboratories rather than in productive employment.  

Walking machines are generally slow, and unable to respond sufficiently quickly to 

external disturbances and foot slippage.  Thus machines with a dynamic capability, i.e. 

with sensing, actuation and control systems which enable operation outside the 

constraints of static balance, are likely to be much more useful.  This paper briefly 

reviews the history of legged locomotion, focusing on the development of dynamic 

(running) robots and their associated control algorithms.  To deliver sufficient power to 

many independently controlled actuators, whilst minimising weight and size, hydraulic 

actuation has normally been chosen for running robots.  Comments are included in the 

paper about power consumption, and the challenge for fluid power researchers to 

propose more efficient solutions which are still suitable given the constraints 

(particularly weight) associated with this application. 

 

KEYWORDS:  Legged robots, hydraulic robots, hopping dynamics, energy efficiency 
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1. OVERVIEW 

Animate legged locomotion has demonstrated itself to be a very effective method of 

traversing rough, slippery, sloping and shifting terrain. Legs may provide some benefits 

for mobile machines used in agriculture, defence, entertainment and the exploration of 

earth and space.  

Legs usually have several of degrees of freedom and are complex to control. There main 

advantage, the ability to adapt to rough terrain, could not begin to be properly exploited 

until the first computer controlled walking machine was made in 1966 [1]. Development 

of walking machines since then has progressed at a steady rate. 

Running robots go out of balance during part of their normal movement cycle, and react 

to forces and inertia, not just position. When static balance is not a constraint, robots are 

able to move at much greater speeds and perform advanced manoeuvres such as 

running, jumping and turning rapidly. 

Marc Raibert made considerable progress in understanding running dynamics in the 

1980’s at Carnegie-Mellon University and MIT [2].  He was able to build and control a 

number of tethered running machines.  High power, lightweight actuation was a 

fundamental requirement, and this was achieved using fluid power. 

BigDog, Figure 1, is a semi-autonomous hydraulically actuated quadruped and is 

currently the most capable dynamic walking and running machine [3].  It has been 

developed by Boston Dynamics, a company founded by Marc Raibert in 1992, and can 

be considered a direct descendent of his earlier robots.  BigDog development started in 

2003 under a US DARPA (Defense Advanced Research Projects Agency) contract, and 

the robot is intended to be able to follow soldiers on all terrains carrying equipment.  

Although detailed information on this robot is not public, videos have been released 

demonstrating that BigDog can trott over difficult surfaces while carrying a payload, 

and can recover from severe external disturbances.   

The key challenge for BigDog and similar future machines is range.  An acceptable 

balance between payload capability, size and weight of fuel (energy) storage, and 

refuelling intervals has not been achieved.  Although hydraulic actuation provides 

excellent power density and performance, it does not (yet) provide adequate efficiency 

for this application. 

 

Figure 1: BigDog, a quadruped with hydraulic actuation [3] 
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2. LEGGED LOCOMOTION: BACKGROUND 

2.1. Walking machines relying on static balance 

A major issue in legged locomotion is controlling the robot so that it remains upright. 

One approach to this is to always maintain static balance. This means that, if the robot 

were to freeze at any point during its motion, it would not fall over. Static balance is 

achieved by keeping the centre of gravity (CoG) above a particular base plane which is 

determined by the placement of the feet [4].  Maintaining balance is then purely a 

kinematic problem. For example, this is how the SILO-6 robot shown in Figure 2 walks 

[5]. SILO-6 has a large base, the polygon formed by its feet, and moves at low speeds 

so maintaining static balance is sufficient. Less statically stable robots, with smaller 

bases such as bipeds like Honda’s Asimo in Figure 3, have to move very slowly in order 

to stay balanced. Higher speeds can be achieved by moving between different statically 

balanced positions and using a control strategy which is robust to momentary 

imbalance. The design philosophy for robots of this kind is to start with static stability 

and extend the capabilities of the mechanical and controller design to perform dynamic 

tasks. Dynamic tasks, as well as requiring a more complex controller also require 

actuators which can respond quickly and generate much higher forces. 

 

Figure 2: Example of a purely position controlled robot [5]. 

 

Figure 3: Asimo, a humanoid biped developed by Honda [6]. 

2.2. Running dynamics 

The importance of hopping 

Running does not rely on a substantial base plane area: intermittent point contact is 

sufficient.  A single legged robot provides a useful starting point for research on multi-

legged running robots.  Locomotion by hopping on one leg was first solved by Raibert 

in the 1980s [2]. It was also shown that the basic control strategies for hopping could 

also be applied to bipeds and quadrupeds.  
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Figure 4 shows the 4 main events during steady dynamic hopping. From left to right 

they are: lift-off, flight, touchdown, stance and back to lift-off. During the flight phase 

the robot’s CoG follows a ballistic trajectory. The distance between the foot at lift-off 

and subsequent touch-down is the “stride”.  Biped running is essentially the same as 

hopping; alternating legs provides more time for leg repositioning when the flight phase 

is short. 

A quadruped has redundant legs which may be used to increase stability. Quadrupeds 

can run with a number of different gaits, but legs are usually paired so that a gait 

approximates to bipedal running.  Some are shown in Figure 5. Trotting minimises body 

rotation because diagonally opposite legs are synchronised. Pacing, in which legs on the 

same side are synchronised, leads to more body roll.  Bounding, in which front and rear 

leg pairs are synchronised, differs from conventional bipedal running as there is usually 

a longitudinal offset between the CoG and each ground contact point.  If the front and 

rear leg pairs in a bound are not perfectly synchronised, the motion may become a 

rotary or transverse gallop. 

 

 

Figure 4: Stages of hop 
 

 

Figure 5: Quadruped gaits [2] 

Flight 

Touch-

down 

Stance 

Lift-off Lift-off 
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Raibert decomposed hopping control into three separate parts that regulate the body’s 

forward running speed, hopping height,and attitude [2,7,8]: 

• Forward running speed – The control system positions the foot during the flight 

phase to influence the accelerations of the body that would occur during the next 

stance phase.  

• Hopping height – the control system uses leg thrust during the stance phase to 

excite and modulate resonant oscillation of the sprung leg and body. 

• Body Attitude – The control system keeps the body level by exerting torques 

about the hip axes during the stance phase. 

The first two of these are analysed in the next sections.  

 

Hopping forward speed control 

The SLIP (spring-loaded inverted pendulum) model, Figure 5, is the simplest model of a 

body hopping on a sprung leg. It consists of a point mass (m) representing the body, and 

a massless elastic spring (stiffness k, free length L) with variable orientation (θ) 
representing the leg.  For this model, for a given initial height and horizontal velocity, 

the lift-off angle after the stance phase will be a function of the touch-down angle. 

Additionally, there exists an angle for which the motion becomes symmetric i.e. the lift-

off angle equals the touch-down angle. For this angle, the mass will hop passively at a 

constant height and constant average velocity. 

 

Figure 5: SLIP model 

When not in contact with the ground, the mass follows a parabolic trajectory. If the 

position of the point mass  is given by the vector  then the equation of motion 

is given by: 
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where the leg vector  depends on the foot contact location: 

  (2) 

The motion of the particle subsequent to touch-down, and therefore the lift-off angle, 

depends on the touch-down angle. For a given hopping height and velocity there is a 
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touch-down angle which results in a symmetric lift-off angle. This angle,  in Figure 

6a, results in steady passive dynamic hopping at a fixed height and average velocity. 

Small deviations in the forward velocity will not self-correct however. The hopper will 

lose/gain velocity and gain/lose height until it topples unless controlled.  

The effect of the touch-down angle is shown in Figure 7.  The plot is generated by 

integrating Eqn. 1. with the parameters values and initial conditions listed in Table 1.  

The value of  in this case is .  Figure 7 shows that increasing the touch-

down angle by 50% from the steady passive dynamic hopping angle causes the next hop 

to reach a higher flight apex height and therefore reduced horizontal velocity. Similarly, 

a decrease in  by 50% reduces height and increases forward velocity. This fact means 

horizontal velocity can be controlled by changing the touch-down angle about the 

steady hopping angle . 

 

 

Table 1: SLIP model parameters. 

Horizontal velocity (at bottom)    

Free leg length    

Maximum leg compression    

Bounce frequency ( mk / )    

Touch down angle  Varying 

 

 

 

 

Figure 6: Stance phase touch-down/lift-off angles. 

 

 

  
 

 

  

(a) (b) 
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Figure 7: SLIP model passive dynamic motion for different touch-down angles showing 

effect of changing touch-down angle. 

 

For a range of running speeds, the effects of a deviation  on the running speed have 

been plotted in Figure 8. It can be seen that  is independent of running speed for small 

.  Thus a simple proportional controller which adjusts touch down angle in proportion 

to forward speed error works as an effective closed loop speed control system. 

 

Figure 8: Effect of changing touch-down angle on forward velocity at different 

velocities: 0.00, 1.12, 3.36, 5.57 and 8.85 m s
-1
. 

 

Hopping height control 

In reality there will be losses associated with the leg, and a simple extension to the SLIP 

model is to include a damper in parallel with the spring (Figure 9). During flight (a) the 

mass experiences acceleration due to gravity only. Contact with the ground or 

touchdown (b) occurs when . Motion during the stance phase (c) is 

affected by the motion of the actuator  which adds energy to the system. If sufficient 
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energy is available then lift-off (d) into flight occurs when . The equation of 

motion is:  

mgrykrycym −=−+−+ )()( ����  when 0<− ry ,   and gy -=��  when 0≥ry −  (3) 

The maximum height reached during flight, in other words the maximum gravitational 

potential energy, can be controlled. The motion of the actuator during the stance phase 

determines how much energy is added to the system. Consider the case of the actuator 

expanding at a constant velocity  throughout the stance phase, as shown in Figure 

10.   Using a simplifying assumption that accelerations during the stance phase are 

much higher than g, it can be shown that to achieve steady hopping with apex height hd: 

  (4) 

where and CR is the coefficient of restitution: 

  

(5)

 

Thus a controller must adjust the actuator velocity to achieve the desired hopping 

height; and a simple proportional-integral closed loop position controller may be 

sufficient.  An example response (using a more complex model than Eqn. 3) is shown in 

Figure 11.  

 

Figure 9: Model with damping 

 

 

Figure 10: Required actuator motion during stance (Ts) and flight (Tf) phases. 

  

  

  

 

  

   

  

 

(a) Flight (b) Touch-down (c) Stance (d) Lift-off 
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Figure 11: Example closed loop hopping height control: line is demand, points are 

height apex results. 

3. HYDRAULIC RUNNING ROBOTS 

3.1. The first hydraulic legged machines 

Experiments with walking machines driven by mechanical linkages have been on-going 

for centuries.  GE’s “walking truck, developed in the mid-1960’s, was the first serious 

hydraulic system, and marked a significant leap in sophistication [9].  Each of the four 

legs was controlled by one of the driver’s limbs, and force-feedback was incorporated to 

make the tele-operation task easier.  Nevertheless driver workload was high, and about 

15 minutes was the limit of endurance.  The project was funded by the US military. 

 

Figure 12: The GE Walking Truck 

Computer control was clearly going to be essential to operate these complex devices.  

The first man-carrying computer-controlled walking machine was developed by 

Sutherland from about 1980 [10] (Figure 13).  This used the ‘virtual leg’ concept, 

whereby sub-groups of the 6-legs could be linked hydraulically to act in unison, 
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following the controller’s virtual leg commands.  Raibert also worked on this machine, 

adopting the virtual leg concept to control his multi-legged running robots. 

Many other hydraulic walking machines have been built.  John Deere’s walking tractor, 

developed in Finland, is a good example [11].  However the design requirements for 

running are significantly different from walking. 

 

Figure 13:  Sutherland’s walking machine [10] 

 

3.2. Raibert’s hopping and running robots [2,3,7] 

Raibert’s first hopping monopod was pneumatic, but he subsequently developed 

hydraulic monopods, bipeds and quadrupeds, albeit with air-springs providing leg 

compliance (Figure 12).  The robots could be programmed to jump over or climb simple 

obstacles, somersault, and a running speed of 6m/s was achieved.  The quadruped, also 

shown in Figure 13, could run with trotting, pacing or bounding gaits.  Each leg was 

actuated by three hydraulic cylinders, supplied by pressure controlled servovalves.  

Thus each valve drive signal could be considered as a force command.  Hydraulic and 

electrical power supplies were external, as was the control computer (a DEC VAX). 

   

(a) (b) (c) 

Figure 12: Raibert’s Carnegie-Melon / MIT robots (1980’s) 
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BigDog, Figure 14, appears to use the same control principles as the earlier robots, 

although detailed information has not been published.  Typically it is programmed to 

adopt a trotting gait, but to improve stability at the expense of speed, the flight phase is 

very short or eliminated.  The key advances are that it is entirely self contained, and can 

adapt to rough, slippery and sloping ground.  It can trot at 1.6m/s, or 2m/s with a flight 

phase 

The hydraulic pump is driven by a two-stroke single cylinder 11kW engine.  There are 

four actuators per leg, and onto each is mounted a lightweight servovalve (Moog 30 

series). Position and force is measured at each actuator. 

Boston Dynamics is also currently developing PETMAN (Protection Ensemble Test 

Mannequin),  a biped for use in testing soldiers’ equipment (Figure 15). 

 

Table 2:  BigDog parameters [3] 

Typical speed 1.6 /s 

Maximum speed achieved 3.1 m/s 

Mass 109 kg 

Maximum payload 150 kg 

Height 1.0 m 

Width 1.1 m 

Length 0.3 m 

 

 

 

 

 

 

 

 

 

 

 

 

                                (a)   Side                                    (b)   Front              (c)  Leg 

Figure 13.  Carnegie-Melon / MIT Quadruped 
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Figure 14:  Boston Dynamics’ BigDog 

 

 

Figure 15:  Boston Dynamics’ PETMAN [12] 

 

3.3. Other hydraulic running robots 

KenKenII is a robot with a leg structure proportioned like that of a dog [13,14]. As seen 

in Figure 16, KenKenII features a spring connecting the heel to the thigh. The legs can 

only move in the sagittal plane. Experimental results seem limited to a few hops. 

HyQ is a hydraulic quadruped under development at the Italian Institute of Technology 

(Figure 17) [15,16].  Inspired by BigDog, hardware design and construction are nearly 

complete and control investigations are progressing. 

Leg actuator 
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Figure 16: KenKenII, an articulated running robot. 

 

Figure 17:  HyQ, ‘Hydraulic Quadruped’, from IIT 

4. THE HYDRAULIC EFFICIENCY CHALLENGE 

BigDog is an untethered, agile, all-terrain robot and is the first of its kind.  Its agility, 

both in terms of its ability to respond to disturbances and its ability to run, is only made 

possible by the use of hydraulic actuation.  The actuation system has many degrees of 

freedom, has high power but is light and compact.  Nevertheless, challenges for future 

development are: 

• a higher payload capacity (180 kg), requiring higher maximum power output; 

• a longer range (32 km) , requiring a lower average power input [17]. 

Thus improving the efficiency of conversion of fuel to actuator output power is key.  

Any changes which substantially increase the weight of the hydraulic system will also 

be unacceptable. 
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The minimum consumption of hydraulic power by a valve-controlled actuator running 

from a constant supply pressure is given by the product of peak actuator force and mean 

actuator velocity.  This is also equivalent to the product of peak force and mean velocity 

(relative to the body) at the robot’s foot.  During running, the peak force is vertical but 

the highest mean foot velocity is longitudinal; nevertheless a high horizontal foot force 

capability is also required to cope with rough terrain and disturbances, and in the 

following the peak horizontal force requirement will be assumed to be the same as the 

vertical requirement. 

Let the stance phase be a proportion of the total cycle period as follows: 

fs

s

s TT

T
r

+
=   (6) 

Thus if u is the mean forward velocity of the robot, assuming that longitudinal foot 

motion dominates, then mean absolute foot velocity relative to the body for a monopod 

is: 

uru sf 2=   (7) 

For a biped this expression gives the sum of the mean foot velocities.  The mean vertical 

foot force equals the robot weight, so the foot force during stance must increase if the 

stance time decreases. If the vertical foot force during stance is approximated as half a 

sine wave, then the peak force is given by: 

s
f r

mgπ
F

2
=   (8) 

where m is the total robot mass.  For example, in Figure 18, Ts = 0.14, Tf = 0.22 and m = 

30 kg, giving a peak foot force of 1190 N, consistent with the peak force shown in the 

Figure. 

The total fluid power requirement is the product of uf and Ff:  

mguπW =   (9) 

This expression applies irrespective of the number of legs: a trotting quadruped for 

example shares each stance load between two legs (halving Ff) but the flow requirement 

is doubled.  For example, for BigDog of mass 150kg including a payload, trotting at u = 

2m/s, Eqn. 9 gives a power requirement of 9.25 kW.  The theoretical minimum power 

requirement depends on the co-efficient of restitution (Eqn. 5) apex height and stride 

rate; for example if these combined to give a passive height loss of 0.1m/s, then the 

minimum power requirement for a 150kg machine is 150 W.  Thus the hydraulic 

actuation system appears very inefficient. 

Other practical characteristics will make the situation even worse.  At 210 bar supply 

pressure a Moog Type 30 servovalve will have an internal leakage consisting of [18]: 

• tare flow (pilot flow and bushing laminar leakage), specified as less than 0.35 

L/min, 

• spool null leakage flow, specified as less than 0.25 L/min for a “special low 

leakage” version. 

So a typical total internal leakage when the valve is closed would be ≈0.5 L/min. Thus, 
with 16 valves in total, BigDog’s quiescent power drain due to valves alone is about 2.8 

kW. 
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Figure 18: Simulated vertical displacements and force during hopping (30kg machine) 

5. CONCLUSIONS 

This paper has reviewed progress in dynamic legged locomotion over the past five 

decades.  The world-leading work of Marc Raibert and colleagues into the equivalence 

between multi-legged robots and monopedal hopping is described, as well as the 

partitioning of the control task into three separate control problems.  Some analysis is 

presented allowing the open-loop forward speed control and hopping height 

characteristics to be quantified.  Raibert’s published controllers use manually tuned 

proportional or proportional-derivative control, driving pressure-control servovalves, 

and are not based on a plant model. 

Hydraulic actuation is currently the only feasible solution for running robots with many 

independently actuated joints.  Nevertheless instantaneous force requirements are high 

(typically several times the static weight), but as these ground impact forces are 

momentary, the force capability is not utilised for much of the leg’s movement cycle, 

leading to a lack of energy-efficiency.  Improving efficiency could extend the range of a 

running robot to become a practical machine. 

Some other topics that require further research include: 

• Stability and manoeuvrability. Little research on traversing rough, sloping and 

uncertain terrain at speed has been published, nor has a comparison of the merits 

of different gaits, transitions between these and especially asymmetric gaits 

which are common among animals. There may not always be a continuous path 

of support so foot placement may also be studied. Controllers are often derived 

using small angle assumptions which become less accurate during high speed 

running, jumping and turning. 

23



• Sensors and intelligence. Vision systems or range finders may be integrated in 

the control loop to assist terrain mapping, maintaining balance, foot placement 

or path planning. 

• Robot dynamics. Designing a robot to display a passive hopping mode has 

already been shown to be important for running.  Further optimisation of the 

passive dynamics (e.g. leg swing) could increase speed and efficiency while 

reducing the load on actuators.  

Whilst common in science fiction, the future widespread use of dynamic legged 

machines in the real world remains open to debate.  Neverthless, the technical feasibility 

of self contained running robots has been demonstrated, and further optimistation, aided 

by hydraulics research engineers is only a matter of time. The first applications are 

likely to be military, but use in agriculture and in hazadous off-road environments or 

rescue situations may follow. 
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NEW APPLICATIONS OF WATER HYDRAULICS (AQUA-DRIVE-
SYSTEM) 

Shimpei Miyakawa,  
Basic Technology R & D Center, KYB Co., Ltd  

1. SOCIAL BACKGROUND 

In recent years, in the context of globalization, diversification, and complication of 
world markets  and  in  terms  of  prevention  of  global  warming,  keywords  such  as  
“environment  and energy-saving” are necessarily used when launching products onto 
the market. “Energy-saving” through improving efficiency and performance may reduce 
energy consumption, and eventually reduce the  use  of  fossil  fuels.  ”Renewable  
energy”   such   as   wind   power,   water   power,   solar  energy,  and  ocean  energy  may 
produce a similar effect. Examples of “material recycling” may include recycling and 
reuse.  
Recently,  water  shortages  have  become  an  international  concern.  In  particular,  
globally-uneven  distribution   of   drinking   water   is   a   serious   problem.   From  this   
standpoint,  the  “water  supply industry”  has  changed  its  business  model  from  that  
of   the   public   sector   to   that   of   the   private  sector.   Several   countries   such   as   
France,  Singapore,  and  Korea  are  globally  competitive  in  the market.  It  is  so-
called  a  “water  major  replacing  an  oil  major.”  Like  any  other  countries,  Japan 
intends to strengthen national commitment to increasing organizational competitiveness. 
Water is essential to human beings. “Water” has properties obtained by combining the 
said  three  keywords  (namely,   energy-saving,   renewable   energy,   and   material   
recycling).   Natural   water   exists   in  different  forms,  such  as  seawater,  groundwater,  
well water, rainwater, mine water, vapor, and ice. It is reported that, of all the natural 
water available on the entire planet, only about 3% is fresh water,  and  the  remaining  
97%  is  seawater.  Natural  water  is  used  for  daily  life,  mining  and manufacturing,  
and  agricultural  use,  and  as  cooling  water  in  electricity  production.  The  water 
problem  varies  by  area.  In  advanced  countries,  water  supply  for  daily  life  and  
industrial  use cannot keep up with demand, while in developing countries, degradation 
of the water quality and especially shortage of drinking water are serious problems.  
Since water is such an important substance, it is urged that its effective use must be 
considered  from  every  aspect.  As  well  as  using  water  itself  directly  for  conventional  
purposes (such as for daily  life, industrial, and agricultural use), a new approach to use 
“water for transmission” has been  ongoing  since  around 1980  for  exploring  new  
usage   of   water,   and   the   research   outcomes  have  already  been  introduced  to  
industrial machines and equipment in various industries. In this speech,  I  will  
introduce  “market  characteristics  and  examples  of  applications”  of  this  new 
approach.  
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2. TECHNICAL BACKGROUND  

As is well known, the history of the use of water for power transmission began in 1795, 
when Joseph   Bramah  filed   a   patent   application   for   “water   hydraulic   press”   in   
England.   Bramah described   in   his   patent   application   “certain   new  methods   of   
producing   and   applying   a   more  considerable   degree   of   power   in   all   kinds   of   
mechanical  apparatus  and  other  machinery requiring  motion  and  force,   than  by  
any  means  at  present  practised  for  the  purpose.”  Until mineral  oil  was  discovered  
in  the  early  20th  century,  as  intended  in  the  patent  application  of Bramah, water 
hydraulics was an effective means as a driving source, especially when driving a 
machine  with  high  load. The  discovery  of  mineral  oil  has  led  to  a  high-potential  
fluid  power technology  that  could  drastically  change  the  technical  level  of  water  
hydraulics  at  that  time. Since then, by incorporating the corrosion resistance and 
lubrication characteristics of mineral oil,  oil  hydraulic  machines  have  been  upgraded  
and  improved,  as  the  technology  has  been developed for providing the features of 
compactness, high speed, and high power performance of the machines and their 
systems.  
The “new water hydraulics (Aqua Drive System)” introduced here is a fluid power 
technology that  uses  “water  (basically,   tap  water)”  as  working  fluid,   which  is   
called  “ADS  (Aqua  Drive System)”  in  the  industry  in  Japan  to  distinguish  from  
the  so-called  “old  water  hydraulics” described before. Aqua Drive System (hereafter 
called “ADS”) derives the technical features of compactness, high speed, and high 
power performance from the “old water hydraulics.” ADS is a new technology 
developed by using today’s technologies in the field of engineering plastics, ceramics, 
and surface treatment, as well as advanced computer-aided technologies for analysis. 
ADS is also a technology that is adaptable in terms of the three keywords first 
mentioned in this speech.  

3. CHARACTERISTICS OF ADS MARKET  

Considering  the  recent  social  context,  when  releasing  ADS  in  the  market,  it  is  
essential  to understand the value-added concept of ADS. First of all, the concept should 
include: (1) a fluid power  system  that  uses  “tap  water”  as  a  power  transmission  
medium;   (2)   maintaining   the  features   of   fluid   power   technology,   namely,   
compactness,  high  speed,  and  high  power performance; (3) enabling building of 
mechanical equipment, production system, and plant with high  environmental  
friendliness;  and  (4)  reasonable  total  cost  including  running,  service, maintenance, 
and other incidental costs; and therefore, the basic concept should be to enhance the 
advantages of the entire system, not by substituting for only a drive unit, such as an 
electric, oil hydraulic, or pneumatic unit, but by applying ADS technology to the entire 
system, and to provide a solution to minimize the potential conventional risks.  

3.1. Introduction of ADS to the market and technology development 

Here, I start with defining the “consumer products and light industry” market to which 
ADS can  be  mainly  applied  with  emphasis  on  its  features.  The  investment  cost  
can  be  reduced through   market-oriented   technology   development.   For   example,   
ADS   is    used    in  semiconductor-related,   medical   and   pharmaceutical,   cosmetic   

28



product,  food,  and  beverage packaging  industries.  The  market  for  these  industries  
of  course  ensures  implementation  of comprehensive  safety  measures,  such  as  for  
cleanliness,   hygiene,   safety,   easy   washing,  explosion   protection,   areas   of   high   
humidity/high  temperature,  and  versatility  of  water,  as well as preventive measures 
to avoid risks. Facilitation of service and maintenance, and spare parts procurement are 
also important factors. Consideration should also be made to minimize energy  
consumption.  Previously,  such  consideration  has  been  overlooked  because  of  its 
cross-departmental character, or consideration for risks to safety has tended to be 
ignored for cost  reasons.  It  is  important  to  learn  how  to  optimize  the  potential  
characteristics  as  added value  to  develop  products  for  users.  To  accomplish  this,  
consideration  should  be  made  to determine ADS requirements. Accordingly, the 
suppliers of the technology can recognize the measures needed to develop the machine 
and system technology that enables building ADS with its features. Cutting-edge new 
technologies have also the potential for users. Defining the potential is a key to getting a 
head start with the introduction of new technologies to the market.  

Now, I explain the basic guideline for introducing to the market from two aspects:  

3.1.1. Early Market and Later Market  

An Early Market means a group of products consisting of simple functions. The 
products are assemblies of a blade cutting the driven product with a simple rotation  
movement, a pressure cylinder to push a product to a certain direction on a product 
conveyor belt with a linear movement, a substitute simple valve, and other accessory 
equipment. The products are technically approved and easily recognizable in the 
market, allowing early expansion of their sales in the market. On the contrary, a Late 
Market means a group of products with a  relatively  high  technical  level  and  mainly  
consisting  of  system-oriented  products including  control  technology.  These  
products  include,  for  example,  products  applying advanced techniques using a 
servomechanism to control the speed, position, and output.  

3.1.2. Component provider and system solution provider  

In the early stages in the market, the recognition or performance of a new technology or 
new product is often unknown. There are two approaches to introduce a new technology 
or new product to the market. One is a simple substitution of the existing technology, 
and  the  other   is   a   proposal-based   or   new  market   creation   approach.   The   first   
approach  is  easily understandable as described before, but priority tends to be given to 
cost effectiveness in comparison with the existing technology. The competitive 
counterpart of a new technology or new product is always the existing technology. The 
second approach allows products to have originality, and is attractive but has not yet 
delivered high performance, which raises only  concerns  about  potential  risks.  It  is  
important   to   show  the   originality,   novelty,   and  added-value   of   ADS.   In   other   
words,   it   is   necessary   to   start   with   clarifying   the  “added-value”  (software)  that  
characterizes the “tool” (hardware). First  of  all,  a  focus  should  be  placed  on  
informing  “how  to  use  the  tool”  called  ADS (software),  that  is  to  say  providing  
a  solution  to  problems  encountered  by  end  users  by ensuring  “environmental  
friendliness,   cleanliness,   safety,   total   cost   control   including   the  initial  and  
maintenance costs, water acquisition, and easy disposal.” This means to act as a 
“solution  provider.”  After  the  effectiveness  of  ADS  started  to  be  recognizable  in  
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the market, the role as a “component provider” focused on the ADS system will follow 
next.  
  

3.2. Power of driving source” and “demand for environmental friendliness” in the 
market  

As   a   driving   source   for   machines   and   systems,   an   electric,   oil   hydraulic,   or   
pneumatic drive has been widely used in the past. In the field of high power density, an 
oil hydraulic drive is advantageous. In the field of low power density, a pneumatic drive 
is advantageous, and an electric drive has been widely used as an intermediate format. 
Very roughly from the hydraulic viewpoint, however, I think oil hydraulic, electric, and 
pneumatic drives can be  classified  according  to  fluid  pressure  levels  as  high,  
medium,  or  low  pressure  range, respectively. In terms of application, oil hydraulic 
drives operating in a high pressure range are  used  in  “heavy”  applications,  and  
pneumatic  drives  operating  in  a  relatively  low pressure  range  with  low  power  are  
used   in   applications   for   light   duty   automation.   In  addition,  with  the  features  of  
“convenience, simplicity, and low cost,” intermediate electric drives operating in a 
medium range are very widely used in various industry areas recently because of its 
convenience in connecting information technology. Along with this technical 
background,  considering  the  issued  faced  in  applications  in  terms  of  
“environment  and energy-saving or resource-saving,” oil hydraulic drives may cause 
environmental pollution from oil leakage and require preventive explosion and fire 
protection. In some mechanical systems  in  certain  fields,  oil  hydraulic  drives  have  
been   changed   to   electric   drives   for  environmental  reasons.  However,  hydraulic  
drives are still superior in compactness, high speed,  and  high  power  density.  ADS  is  
designed  to  derive  the  features  of  compactness, high speed, and high density from 
oil hydraulics and have high environmental friendliness, based  on  the  assumption  that  
ADS  may  have   the   same  working   pressure   level   as   an   oil  hydraulic  drive.  In  
terms of pressure, ADS has a very wide range of driving pressure (0.3 to 14 MPa) 
covering  from high  pressure  at  the  level  of  oil  hydraulics  to  very  low pressure  at   the   
level  of  water  supply  and  industrial  water  supply  network  pressures.  What  is 
noteworthy  is  that,  unlike  oil  hydraulic  drives,  often  used  in  the  iron-oriented  
heavy industry field, the market of ADS basically made of clean stainless steel, which is 
likely to expand globally in the future, is compatible with light industrial market, such 
as medical and  pharmaceutical,  food,  cosmetic  product,  and  consumer  products  
industries,  with increasing  demand  for  “environmental  friendliness,  energy-saving  
or  resource-saving.” From now on, when selecting a driving source, it will be more and 
more required to have a viewpoint with a high level of “demand for environmental 
friendliness.”  
  

4. NEW APPLICATIONS OF ADS  

Here, I will introduce some practical examples of applications required by a social 
system (such as ISO 9000/14000/22000, OHSAS 18000, HACCP, Fire Service Act, and 
electrical  standards),  a   variety   of   environmental   aspects   (for   air   pollution,   air   
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contamination,  soil  contamination, water  pollution,  and  other  region-scale  
environment,   personal   safety,   explosion   protection  safety,   hygiene,   safety,   
cleanliness  or  purity,  and  radioactive  specific  environment),  and  a resource-saving 
or energy-saving system.  

4.1. Hygiene and safety measures:   

Particularly  in  the  field  of  food  processing  machines  and beverage  packaging,  
hygiene  safety  measures  are  given  high  priority.  For  example,  food processing 
machines are often used to cut meat from bones, to shape the meat as requested by 
customers, or to arrange the meat into ham and sausages. In such cases, a blade has 
direct contact with the product. In further processes, meat pieces and fat of the produced 
food may scatter and make the machines dirty. Consequently, the machines will be 
directly exposed to washing  water  for  hygiene  purposes.  Electric,  oil  hydraulic  and  
pneumatic   systems  have  been   used   to   suit   the   purpose.   In   the   case   of   using   
electric  drives,  waterproof,  drip-proof, and dust-proof measures in accordance with 
electric standards are necessary to avoid a risk of  electric  leakage.  In  recent  years,  
electric  drives  have  been  upgraded  and  improved  in accordance with IP standards, 
and as a result, the unit size has become larger and the weight has been increased 
because the improved part is generally provided with a cover. As there is recently an 
increasing number of automation and robotization applications, products become further 
larger in size with the elements supporting the parts and total cost increases by the cost 
of  materials  for  such  elements.  In  the  oil  hydraulic  systems,  taking  compete  measures  
for  oil  leakage  is  not  easy.  In  the  pneumatic  systems,  stiffness  of  mechanical  
operation  is low  and  the  energy  consumption  is  inefficient,  and  there  are  other  
problems  in  terms  of energy-saving. If ADS is used, the machine can be washed out in 
whole, without requiring time  to  disassemble  and  reassemble  the  machine  for  
washing  as  in  a  previous  manner, leading to increased productivity.  

4.2. Cleanliness measures:  

The measures are typically demanded by applications for semiconductor-related 
machines. Almost all the processes require high cleanliness. An practical application 
example is a manufacturing process to produce micro-miniaturized CSPs (chip size 
packages) through a packaging technology to insulate and protect semiconductor 
devices. The conventional method packs a singulated semiconductor device having lead 
frame  with  resin.  On  the  other  hand,  in  the  case  of  CSPs,  a  semiconductor  wafer  is  
sealed with resin, and then each semiconductor device is singulated, where the 
manufacture of chip-sized devices is possible. By placing resin on the center of a wafer 
surface and pressing the upper mold, the resin is rapidly spread on the wafer surface to 
protect  the  chip.  The  rate  of  spreading  of  the  resin  must  be  same  at  any  point  of  the  
radius of the wafer.  The system is enabled by a water servomechanism. In the case of 
electric drives, as a left and right two-axis ball screw mechanism is used, the mold 
needs to be thicker to resist deformation and the products become larger in size. In the 
case of oil hydraulic drives, because of contamination due to oil leakage and 
temperature dependence of oil viscosity, repetitive accuracy is not good and oil 
temperature control is not easy. In the case of ADS in which direct pressure can be 
applied, water viscosity depends little on the temperature, and the stiffness of the fluid 
is higher than that of the oil.  
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4.3. Energy saving and environmental measures 

There is an increasing number of cases in which the reliability is verified by pressure 
test, during the processing of the product parts and packages (in a complex shape made 
of resin or rubber, etc.) and washing thereafter in a general industrial machine 
production line. Since it is necessary to verify various reliability requirements of the 
production parts in applications, it requires generating a pressure waveform in any given 
form and at any given level, and also in a rapidly repeated manner. In general, products 
can be simultaneously manufactured and tested, and be washed after the processing. In 
such cases, ADS can demonstrate its superior performance. Depending on the 
configuration of the production line, if the central pressure generation unit is far away 
from the work area, water's very low viscosity contributes to reduction of line pressure 
loss, and ADS is superior in terms of cleanliness and energy-saving in comparison with 
the existing electric, oil hydraulic and pneumatic drives. This is the basis for the 
application of ADS. This detailed information can be obtained only at the site level 
through collaboration with users.  

4.4. Nature conservation measures 

Examples of the applications include seafront, river, and lake construction machines. 
Japan is an earthquake prone country. Soil liquefaction is a phenomenon which 
frequently occurs simultaneously with an earthquake. It is reported that the liquefaction 
is  likely  to  occur  where  the  soil  is  relatively  loose  near  a  coast  or  river,  and  the  
groundwater level is high in the sand soil. Reclaimed land along coastline also is prone 
to this phenomenon. One of the anti-liquefaction measures is  to dig a pit  with a given 
diameter  and  depth  in  loose  soil  and  to  fill  clinkers  (milled  concrete  particles)  with  a  
proper size in the pit. If an earthquake occurs, moisture present in the soil is squeezed 
through spaces between clinkers and the water is ejected to the soil surface, so that 
liquefaction can be prevented. The pile driver comprises a mechanism in which a 
rotating shaft with an eccentric mass at the end of a column-shaped structure (20m in 
length) is driven to rotate at high speed by a water hydraulic motor, to excavate a hole 
with horizontal vibration generated in the column-shaped structure by the eccentric 
mass. Traditionally, an oil hydraulic motor or electric motor has been used. However, 
soil contamination occurred due to oil leakage from oil hydraulic motors and electric 
leakage accident occurred when using electric motors where water was used. Other 
examples of the ADS applications include tilting and moving systems of river beds in 
parallel with weirs, operated by water hydraulic cylinders, as fishery measures, by 
means of drive systems for sluice gates and head drops between river weirs.  

4.5.  Specific environmental measures 

 In recent years, in the context of global rounds of CO2 emission reduction negotiations, 
nuclear power generation is reconsidered and is attracting global attentions as a future 
potential energy source, which is called the “nuclear power renaissance.” The world’s 
nuclear power generating capacity will increase by 130% from 2007 to 2030, while 148 
nuclear power plants are planned and 331 are proposed to be built worldwide, the 
market of which is estimated to be over 200 trillion yen (World Nuclear Association). 
Examples of the ADS applications covered here include, as far as related to nuclear 
power generation but not directly involved in a reactor core or nuclear power 
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generation, observation and inspection of damage to machines and systems, repair of 
damage, storage of spent nuclear fuel rods, support for radioactive waste disposal, and 
decommissioning and disposal operations at the end of reactor life. ADS has been 
already, but only partly, applied to these operations.  

4.6. Housing equipment and system applications for elderly and physically 
handicapped people  

By using water supply network pressure:  ADS is applied to housing for elderly and 
physically handicapped people with barrier free design in mind. At the entrance of 
Japanese houses, the floor is normally raised about 20 to 30 cm from an earthen floor at 
ground level (Japanese people have a custom to take off their shoes, when entering a 
house).  First  of  all,  it  is  necessary  to  ensure  that  wheelchairs  and  elderly  people  can  
easily enter the house. When a floor lift is attached to the earthen floor of the entrance, 
the earthen floor can be lifted to the entrance floor with a wheelchair on the lift. In a 
bathroom,  a  device  is  necessary  to  lift  a  person  or  bathtub  floor  up  and  down for  the  
person entering in or out of the bathtub. In a restroom, the height of a toilet bowl seat 
should be adjustable to suit the height of different people for physical variations. In a 
kitchen, the height of a kitchen washing sink, kitchen counter, and cupboards fitting to 
the kitchen unit should be adjustable according to the height of body for increased 
usability. If a home elevator allows easy access to the upper and lower floors, end users’ 
life zone can be increased and more flexible. The devices of the equipment, as single 
unit, are already available in the market. Such equipment is often installed where water 
is used. Consequently, the fluid power provided by the water supply network is likely to 
be used as a driving source. The load applied to each equipment unit is so small that it is 
sufficiently possible to use the fluid energy provided by the water supply network as 
driving power. In Japan, this field of application is called “Universal ADS”, system of 
which has been studied mainly by JFPA.  

4.7. Integration of Cogeneration system and ADS 

In recent years, “Cogeneration” technology has become increasingly widespread in 
many applications as an energy-saving technology. A power generation system has been 
developed to effectively and intentionally use exhaust heat from power plants or 
incineration plants, and has been widely applied. In general industry, cases of small-
scale power generation using an exhaust heat boiler have been increasing. Particularly 
in recent years, power generation efficiency of thermal power plants has been 
significantly improved by using exhaust heat steam, and a further effective use of steam 
is  expected  by  distributing  excess  steam  to  neighboring  plants.  A  water-based  steam  
system has a high affinity for ADS. If a steam turbine is driven by a part of recovered 
exhaust  heat  and  the  condensate  is  used  as  working  water  to  directly  drive  the  water  
hydraulic pump, no special water supply is needed, and the water returned from ADS to 
the tank can be reused for processing in the system. A steam control valve to control 
power output is usually actuated by an oil hydraulic drive. It is considered very difficult 
to take measures for oil control, such as for preventing leakage, in a power plant. The 
application of ADS is a very safe means in terms of anti-explosion and safety, as well as 
the drive control of the steam control valve. For this purpose, the basic verification of 
responsiveness and safety of a water hydraulic servo control has been completed under 
the administration of JFPA. 
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5. FUTURE PERSPECTIVES  

With keywords: “environment and energy-saving,” global industrial and consumer 
sectors  have  been   striving   to   switch   from   fossil   fuels   through   CO2   emission   
reduction,   and   further  applications   and   developments   of   ADS  are   projected   to   
rapidly  expand  from  the  general industry sector. Today, I have introduced several 
examples of the applications. The global investment boom is taking place in renewal 
energy applications, such as solar cells, wind power generation, and fuel cells.  In Japan 
at  this  time,  renewal  energy  amounts  to  only  about   3%   of   the   total   energy,   and   
deployment  of  renewable  energy  systems  may  require considerable  time  and  cost.  
With  respect  to  “water,”  the  term  “water  major”  is  recently increasingly used by 
the media, suggesting a “potential water war, instead of oil war” from a future  global  
perspective.   In   particular,   globally-uneven   distribution   of   drinking   water   is   a  
serious  problem,  and  it  is  more  and  more  important  to  observe  the  water  from  a  
comprehensive perspective,  including  water  desalination,  water  supply  and  sewer  
systems,  and  recycling wastewater treatment. Previously, the term “water” means 
mainly “daily life, agricultural, and industrial  water,”  and  application  technologies  
have  been  developed  for  such  use.  If  these technologies  are  plotted  on  the  
coordinate  plane  of  “fluid  and  pressure,”  the  applications  of water for daily life, 
industrial, and agricultural use falls within the area of “low pressure-large capacity.” 
The applications of ADS introduced here falls within the area of “high pressure-small 
capacity”  of  the  coordinate  plane,  where  the  existing  electric,  oil  hydraulic,  and  
pneumatic drives  are  plotted.  In  accordance  with  the  specifications  for  fluid  
machines,  “centrifugal  type pumps” are used for the former applications, and “positive 
displacement pumps” are used for the  latter  applications,  respectively,  depending  on  
the  respective  purposes.  In  recent  years, because of water shortages, “water 
desalination” has become an important area of technology development.  In  addition,  
from  the   perspective   of   plant   downsizing   and   energy-saving,   a  reverse  osmosis  
membrane (called RO membrane) technology is attracting a lot of attentions. This  
technology   is   plotted   in   the   area   covering   both   coordinate   areas   mentioned   
before, according to the water desalination capacity.  
The field in which “water” is used is technically continuous, in these two coordinate 
areas, from “low  pressure  to  high  pressure,  small  capacity  to  large  capacity.”  This  
is  important  to technology development and the market. In addition to the existing 
“water” application, such as water desalination, water intake, drinking water, used 
sewer water, industrial water use and its reclaimed water, and agricultural water use, the 
applications of ADS for driving machines and recovering  energy  in  these  water  
plants  can  be  put  in  comprehensive  perspective.  A  driving source  of  the  water  
plants  uses  the  excess  fluid  energy  generated  at  each  step  of  water processing. If 
only the shortfall of energy at such plants is generated by using wind power, solar heat, 
or other renewable energy, high energy-saving effectiveness can be anticipated. The 
world where “water is processed by water” will be realized in the near future. 
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MODEL BASED DESIGN OF EFFICIENT POWER TAKE-OFF
SYSTEMS FOR WAVE ENERGY CONVERTERS

ABSTRACT

The Power Take-Off (PTO) is the core of a Wave Energy Converter (WECs), being the
technology converting wave induced oscillations from mechanical energy to electricity.
The induced oscillations are characterized by being slow with varying frequency and
amplitude. Resultantly, fluid power is often an essential part of the PTO, being the
only technology having the required force densities. The focus of this paper is to
show the achievable efficiency of a PTO system based on a conventional hydro-static
transmission topology. The design is performed using a model based approach. Generic
component models are developed and combined into a PTO system, describing the
dynamics and power losses from wave to grid. Using the model, components sizes and
control are optimised and the achievable performance of the PTO is identified.

KEYWORDS: PTO, Hydraulics, Fluid Power, Point absorber, WEC, Wave Energy

1. INTRODUCTION

Numerous types of Wave Energy Converters (WECs) are under development for har-
vesting the energy of the ocean waves, where several have reached the proof-of-concept
stage, showing it is possible to produce power, see e.g. [1] and [2] for a survey. A large
group of WECs bases on directly converting the waves into an oscillating mechanical
motion, e.g. point absorbers and multiple point absorber systems, see Fig. 1. Converting
the mechanical motion into electricity is performed by the Power Take-Off (PTO).

Today, PTO solutions for such systems are characterized by poor efficiencies and
reliabilities. The reason is that the waves induce slow irregular oscillations, which
requires processing of large alternating forces in order to extract power [3]. Resultantly,
fluid power is often a crucial part in the PTO system, being the only technology having
the required force densities. However, fluid power systems are often characterized by
poor efficiencies, especially at part load which is an inherit property of wave power.
A ratio of ten between peak and mean absorbed wave power is common, [4].

The Twelfth Scandinavian International Conference on Fluid Power, May 18-20, 2011, Tampere, Finland

Rico H. Hansen, Torben O. Andersen, Henrik C. Pedersen
Aalborg University

Department of Energy Technology
Pontoppidanstræde 101, 9220 Aalborg, Denmark
Phone: + 45 9940 9240, Fax: + 45 9815 1411

E-mail: rhh@et.aau.dk, toa@et.aau.dk, hcp@et.aau.dk

35



Reciprocating
motion

(a) (b)

PTO

Pout

text

tPTO

P =in warmtPTO

warm

(c)

Point absorber Multiple point absorber Wavestar WEC

Figure 1: Point absorber type WECs and the Wavestar 600kW WEC [10].

The PTO extracts energy from the waves by applying a damping torque τPTO to the
float, such that the float performs work on the PTO system. As a result, the power
Phav = τPTOωarm is extracted from the waves. In order to maximise the amount of
harvested power Phav, τPTO has to be controllable. How to generate the optimal PTO
force trajectory is referred to as Wave Power Extraction Algorithms (WPEA). It can
be shown, see e.g. [4] and [5], that the WPEA optimizing the amount of harvested
power requires the PTO to periodically transfer power to the float, i.e. four-quadrant
behaviour. This type of WPEA is termed reactive control. The main reason for using
reactive control is that the float’s natural frequency should match the wave frequency.
As the wave frequency varies, the PTO is used to change the natural frequency, which
requires reactive power. This will described more thoroughly in section 3.2.

The focus of this paper is to investigate a PTO system for a multiple point absorber
WEC, based on using conventional hydraulic and electrical components. The PTO
system should be able to perform reactive control. The evaluation is performed for
the Wavestar 600kW WEC [9] seen in Fig. 1c, consisting of 20 hemisphere shaped
floats, each 5m in diameter. The advantage of a multiple point absorber system is the
increased power smoothing, [5].

The investigated PTO system is seen in Fig. 2. The PTO torque is produced by a
symmetrical cylinder, which is operated in closed circuit with a variable displacement
swash-plate pump/motor. The motor can stroke both positive and negative. Thus, the
motor converts the bi-directional cylinder flow into a uni-directional high speed rotation
for powering a generator. Pressure control is performed by the swash-plate motor in
order to control the torque τPTO applied to the float. Accordingly, a bent-axis motor is
not utilized as its bandwidth is too low to perform pressure control. To avoid oversizing
motor and generator, an energy overflow system is added such that cylinder flows
exceeding the motor capacity are combined in a common line, powering an extra
generator. Similar PTO concepts to Fig. 2 are suggested in e.g. [6]. More simplified
hydraulic system have been proposed in [7] and [8], however, these can only provide
a constant PTO torque.
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Figure 2: Investigated PTO system.

36



2. METHODS

The evaluation of the PTO system in Fig. 2 is based on performing time simulation
of the WEC and PTO for different wave inputs. Hence, to evaluate and optimize the
PTO system, a time-efficient system model, which reflects the WEC and described
PTO concept is developed. The components are modelled generically to accommodate
free and rapid change of component sizes and properties, and only the dominating
dynamics and power losses are included. The component models are combined into a
complete model from wave to grid. A suitable WPEA is identified for the system, and
three different overall PTO control strategies is developed and evaluated. To evaluate
the performance, the system is simulated for three representative sea states.

The system is divided into the sub-models seen in Fig. 3. The sub-models are arranged
in four main blocks, i.e. Wave Input, Wave and Float Interaction, Main PTO System
and Energy Overflow. The Wave Input and Float Arm blocks are fixed, whereas the
remaining blocks consist of components, where component sizes and control is to be
optimized to minimize losses and maximize power output of the WEC.
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Figure 3: System model for evaluating and optimising PTO performance.

Multiple levels of optimization is performed, see Fig. 4. The WPEA algorithm calcu-
lates the time-varying torque τref to maximize the expected energy output of the WEC,
taking into account the PTO efficiency. Hence, an initial efficiency guess is required.
Next, the PTO control is tuned and the system is evaluated, and with a new efficiency,
the WPEA algorithm is updated. With a converged solution of WPEA and control, the
losses of the components are identified. With this knowledge the component sizes and
properties are re-adjusted and the loop is performed again.
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Figure 4: Strategy for optimising and evaluating the PTO system.

3. MODELLING

The system is modelled in the following according to the sub-systems in Fig. 3.
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3.1. Wave Model

Ocean waves are irregular waves, i.e. waves with varying frequency and amplitude.
As a result, irregular waves are described by a wave amplitude spectrum, see Fig. 5.
A sea state or spectrum is usually represented by two quantities, the significant wave
height Hs and the peak wave period Tp. The significant wave height is the average of
the wave heights of the one-third highest waves, and Tp is the period where the waves
at average are highest. The Pierson-Moskowitz spectrum is utilized [11].
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Figure 5: Wave spectra for sea states and an example of a corresponding wave.

From a spectrum, the individual wave components can be extracted as,

ηw,i(t) =
√
2SA(fi)∆f sin(2πfit) [m ] (1)

and a time series of an irregular wave, can be generated as a sum of wave components,

ηw(t) =
n∑

i=1

√
2SA(fi)∆f sin(2πfit+ φrand,i) [m ] (2)

where φrand,i is a random phase for each component. This is known as the random-
phase method. However, a more random wave which represents sea waves better is
obtained by filtering white noise using proper digital filters designed according to the
spectra, see [11] for reference. This method is utilized instead to generate time-series
of waves.

To evaluate the performance of the PTO, the three sea states shown in Fig. 5 are used,
which represents the range of waves in which the WEC should be able to produce
power. A wave time series has been generated for each sea state for evaluation of PTO
performance.

The following section describes how the wave interacts with the float.

3.2. Wave and Float Interaction

The equation of motion for a float is given as,

Jarm+floatθ̈arm(t) = τwave(t)− τG(t)− τPTO(t) [Nm ] (3)

where Jarm+float is the inertia of float and arm, τwave is the torque due to wave-float
interaction, τG is the torque due to gravity and τPTO is the torque applied by the PTO
system to the float arm.

To describe the interaction between wave and float, τwave(t), linear wave theory is
often applied, as it gives an adequate description in the conditions in which a WEC
is producing energy, [14]. In linear wave theory simplified fluid dynamics is assumed
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in order to apply linear potential theory. Resultantly, the wave-float interaction can be
described by superimposing three torques,

τwave(t) = τrad(t) + τArch(t) + τext(t) [Nm ] (4)

where τext(t) is the excitation torque an incoming regular wave applies to a float held
fixed, τrad(t) is the radiation toque experienced from oscillating the float in otherwise

water, and τArch is the torque due to the Archimedes force, i.e. buoyancy.

The sum of the three torques gives,

τwave(t) = −J∞ω̇arm(t)− hrad(t) ∗ ωarm(t)︸ ︷︷ ︸
τrad

+τArch(t) + τext(t) [Nm ] (5)

where hrad is the impulse response function from float velocity to torque, describing
the hydrodynamic damping. The impulse response hrad can be viewed as a high order
damping term. The inertia term J∞ represents the ”added mass”, which contains the
effect, that when oscillating a float, it will appear to have a greater mass due to the
water being displaced along with the float.

The coefficients of Eq.5 are identified by applying the numerical tool WAMIT to
the float. WAMIT is a computer program for computing wave loads and motions of
structures in waves [12]. WAMIT also outputs a force filter, which can be applied to
ηw(t) to find τext(t).

Inserting Eq.5 into Eq.3 gives the equation of motion for the float,

ω̇arm =
1

Jarm+float + J∞

(
− kresθarm(t)− hrad(t) ∗ ωarm(t)+ τext(t)− τPTO(t)

)
[ m
s2

] (6)

where the sum of gravity and Archimedes term has been linearised around the draft of
the float, τres(t) = τArch(t)− τG(t) ≈ θarm(t)kres. Thus the input to float-arm subsystem
are the torques τext and τPTO, and the output is the angular position and velocity of the
arm. To avoid the convolution term hrad(t) ∗ ωarm(t), the impulse response has been
fitted with a fifth-order system using Prony’s methods [15].

The power extracted or harvested from a wave Phav is the product of the PTO torque
τPTO and arm velocity ωarm. Hence, τPTO should be controlled such that harvested energy
Ehav is optimised:

Ehav =

∫ ∞

0

τPTO(t)ωarm(t)dt [ J ] (7)

In general, to maximise Eq.7 the float should be in phase with the exiting wave torque
τext, i.e. the natural frequency of the float and arm should match the incoming wave.
However, as the dominating wave frequency varies, the natural frequency will not
match. Consequently, the PTO system is used to move the natural frequency to increase
power capture. This is depicted in Fig. 6a, where the reference of the PTO torque is
generated by a damping term bPTO and a spring term kPTO:

τPTO,ref = kPTOθarm + bPTOωarm [Nm ] (8)

The effect of including the stiffness term is illustrated in Fig. 6c, where a regular
wave is applied to the system. In the first case, linear damping is utilized, i.e. kPTO

is zero, and in the second case kPTO is non-zero (Reactive control). When using the
linear damping, the power Phav is always positive. In the second case, the power is

calm
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periodically negative, but the average harvested power is twice compared to linear
damping. Hence, more power is extracted, but it requires a PTO with four-quadrant
operation as reactive power is involved.

The optimal control in regard to power output depends on the PTO efficiency ηPTO,
as the loss associated with the power required to move the natural frequency begins
to outweigh the extra harvested power. To find the optimal parameters bPTO and kPTO

as a function of PTO efficiency ηPTO, time-series simulation has been executed for
different efficiencies and sea states, and the values of bPTO and kPTO maximising the
average power Pout,avg have been found. These were found by using a simplex-based
optimisation algorithm. The simulation model is seen in Fig. 6a. Note that also a
saturation limit has been added to the PTO torque of 1MNm, as it has been found to
be a reasonable limit in regard to harvested power versus requirements of the PTO.
The limit have been found by multiple simulations,where the limit have gradually
decreased. The results for the optimal values of kPTO and bPTO for sea state 1 and sea
state 2 is seen in Fig. 6b as a function of efficiency. Also the expected power outputs
are shown.
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Figure 6: Power extraction from waves, optimising the WPEA as a function of ηPTO.

3.3. Hydraulic System - Main PTO System

The hydraulic system consist of a closed circuit pump/motor and a cylinder. The output
of the hydraulic system is the torque τM for driving the generator, and the cylinder
force Fc acting on the float and arm.

To simplify dynamics, hose losses are neglected, such that the pressure in cylinder and
at motor are equal. Power loss associated due to hose loses will be discussed afterwards
when evaluating efficiency.

Using the flow continuity equation the following expression is obtained for the sym-
metric cylinder,

ṗB =
βe,1

Acxc + V0,1
(−QB − v̇cAc) [ bar

s
] (9)

ṗA =
βe,2

Ac(xc,max − xc) + V0,2
(QA + v̇cAc) [ bar

s
] (10)

where Ac is the cylinder area, xc,max is the maximum stroke of cylinder and the volumes
V0,1 and V0,2 are volumes of hoses.
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The cylinder force is calculated as,

Fc=∆pAc−Ffric ; Ffric=


tanh(avc)|∆pAc|(1− ηc) ;∆pAcvc > 0

tanh(avc)|∆pAc|
(

1

ηc
− 1

)
; ∆pAcvc ≤ 0

[N ] (11)

where ∆p = pB − pA. The cylinder friction Ffric is defined such that the cylinder has a
constant efficiency of ηc. The function tanh(avc) is used instead of sign(vc) to avoid
discontinuity, where a adjust the steepness around zero velocity.

The hydraulic motor is a closed-circuit swash-plate pump. The model is based on
measured efficiency plots for different pump sizes. A typical efficiency plot is seen in
Fig. 7a for 100% and 50% displacement respectively. Using Schlösser formula [13] for
friction and flow loss, the following expression are used for motor torque and flow:

QM,nom(ωM,∆p) = αDωωM −∆pCQ1 [ m3

s
] (12)

τM,nom(ωM,∆p) = αDω∆p−
(
Cτ1 + Cτ2∆p+ Cτ3ωM + Cτ4ω

2
M

)
[Nm ] (13)

The efficiency of the fitted model is seen in Fig. 7b. If the fitted pump is referred to
as the nominal size, other motor size is obtained by scaling this model,

QM,new(ωM,∆p) =
Dω,new

Dω,nom

ωrated,new

ωrated,nom
QM,nom

(
ωrated,nom

ωrated,new
ωM,∆p

)
[ m3

s
] (14)

τM,new(ωM,∆p) =
Dω,new

Dω,nom
τM,nom

(
ωrated,nom

ωrated,new
ωM,∆p

)
[Nm ] (15)

where Dω,new and ωrated,new is the displacement and rated speed of the new motor
respectively.
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Figure 7: Efficiency plots for a typical swash-plate pump, measurements and model.

To replenish the fluid leaked by the motor and to give the necessary flushing for cooling
and filtering, a charge/booster pump is installed. The charge pump is set to maintain
a pressure of 17bar, which is a low but sufficient charge pressure. According to data
sheets a rule-of-thumb is to size the charge pump to be 10% of the installed displace-
ment. Consequently, to model the required power for flushing, a fixed displacement
pump running together with the motor is used:

Pflush = Dω,charge pcharge ωM = 0.1 Dω,M pcharge ωM [W ] (16)

Regarding swash-plate dynamics, it is assumed that the swash-plate control is fast
enough for controlling the pressure as the pressure reference is dictated by the wave
frequency, which is low. Hence swash-plate dynamics is omitted.
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3.4. Generator and Inverter - Main PTO System

The generator setup consists of an asynchronous generator and an inverter for grid
connection and to enable variable speed control. The input to the generator is the
hydraulic motor torque and the output of the power system is the angular velocity of
the generator ωM and output power.

The electrical properties of the generator is modelled in steady state. This assumed to
be adequate, as the inverter handles the dynamics. An equivalent circuit for a phase of
a three-phase Delta-connected induction motor is seen in Fig. 8b, where γ denotes the
motor slip. The slip is defined as,

γ = 1−
nppωGn

ωV
[− ] (17)

where npp is the number of pole pairs and ωV is the frequency of the supply voltage. The
resistor R2

1−γ
γ

represents the mechanical input to the generator, i.e. τGnωGn = I2R2
1−γ
γ

,
for reference see e.g. [16].

As the current I2 ≫ IM, the generator torque is given as,

τGn =
3nppR2

γωV

V 2
RMS(

R1 +R2 +
1−γ
γ
R2

)2

+ (ωV(L1 + L2))
2

[Nm ] (18)

where VRMS is the RMS-value of the line-to-line voltage.

The steady-state phase current IP of the generator is given as:

IP =
VP

|HGn(jωV)|
, HGn(jωV ) =

Vp

IP
=

Z2(s)ZM(s)

Z2(s) + ZM(s)
+ Z1(s)

∣∣∣∣
s=jωV

(19)

where Z1 = R1 + L1s, Z2 =
R2

γ
+ L2s and ZM = RFesLM

RFe+sLM
.

The electrical output power of the generator is three times the power per phase:

PGn,out = 3VPIP cos(̸ HGn(jωV)) =
√
3VLIL cos(̸ HGn(jωV)) [W ] (20)

As hydraulics motors are typically operated in the range of 500-2500RPM, a 4-poled
generator is used, as it operates at 1500RPM at a voltage frequency of 50Hz. A
nominal model is based on the measurement of an asynchronous high-efficiency 4-pole
55-kW generator, where the parameters of the equivalent circuit has been identified.
The model result is seen in Fig. 8c, where the efficiency is plotted as a function of load
at 1500RPM. The torque characteristic as a function of slip produced by the model
seen in Fig. 9. Other generator sizes are obtained by scaling the nominal model similar
to the methods applied to the hydraulic motor.

The angular velocity of the generator is given by,

ω̇Gn =
1

JGn + JM
(τM − τGn) [ 1

s2
] (21)

where JGn and JM is the inertia of the rotor of the generator and hydraulic motor
respectively.

The torque of the generator is controlled by an inverter. The inverter is modelled
with a constant efficiency ηinv of 95%. To control the torque of the generator, the
expressions for finding the appropriate voltage and voltage frequency for the generator
is implemented in the inverter, see Fig. 9. The modelled 55kW generator may be
operated at 150% load for two minutes, and may in shorter periods also be operated
at 200% load. Consequently, the inverter is limited to run the generator at 200% load.
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3.5. Energy Overflow System

If a float cylinder produces more flow than the hydraulic motor can consume, the
pressure builds up in the cylinder until opening the check-valve to the Energy Overflow
(EO) system. Due to accumulators the EO system is assumed to be operating at a
steady high pressure pEO. As simulating the behaviour of the EO system would require
to simulate all 20 floats, a fixed efficiency is assumed instead for the EO system.

A model of a check-valve to connect the cylinder to the EO system is included, which
determines the flow QEO entering the EO system. The remaining EO system consist
of a long pipeline to connect overflow from all floats, a fixed displacement motor, a
generator and an inverter. The following efficiency ηEO is used for the EO system:

ηEO = ηpipe,avgηM,avgηGn,avgηinv,avg = 0.95 · 0.90 · 0.90 · 0.95 = 0.73 (22)

Hence, if the power delivered to the EO system is PEO,in = pEOQEO, the power delivered
to the grid from the EO system is PEO,out = PEO,inηEO.

3.6. Calculating Efficiencies and Power Losses

To optimize and evaluate the PTO system, power losses and efficiencies of the individ-
ual components are calculated. If the instantaneous power in and out of a component
are Pin and Pout respectively, the efficiency and losses are calculated as:

Pin,avg =
1

tend

∫ tend

0

Pin(t)dt , Pout,avg =
1

tend

∫ tend

0

Pout(t)dt (23)

η =
Pin,avg

Pout,avg
, Ploss,avg = Pin,avg − Pout,avg (24)

As power transfer in both direction occur, the efficiency does not specify the component
efficiency but a resulting efficiency, e.g. a component with a fixed efficiency will show
a lower efficiency when reactive power is involved.
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4. DESIGN OF PTO

The design of PTO is organized by first taking a brief view on the requirements,
combined with an initial sizing of the PTO components. For evaluating the PTO
performance, three different control strategies for control of motor and generator are
developed and applied. Based on the control strategies and initial sizing, the PTO
system is optimised.

4.1. Requirements and Initial Sizing of PTO

The requirements of the PTO system is to be able to produce power at sea states
ranging from a significant wave height of about 1m to 3m. To design and evaluate the
PTO system, the three representative sea states defined in Fig. 5 are utilized.

In order to quantify the requirements, simulation of cylinder forces Fc and power
input have been made by applying the three different sea states to the float model, see
Fig. 10, where a power extraction algorithm tuned for a PTO with a efficiency of 70%
is applied.

Roshage float

τext

xc

Pharvested

Wave

Fc
Q

Q

Float Dynamic Model
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bPTO

kPTOΣ
+

+

WPEA optmized for 70% efficient PTO
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1
Ac

∆p

Ac
Q

Figure 10: Simulation for estimating requirements of PTO.

The flow and pressure requirements depends on the cylinder size. To minimize flow
losses, the pressure should be as high as possible, however, according to the typical
pump efficiency data displayed in Fig. 7, the efficiency drops above 300bar. As a result,
the cylinder is designed such that the maximum required force is obtained at a delta
pressure of 300bar. To give a torque of 1MNm, a cylinder force of 420kN is required,
yielding Ac = 140 cm2. The pressure of the EO system is set to 325bar. The result
of applying the cylinder area to the simulation is seen in Fig. 11, where the required
pressures and flows are seen.

According to Fig. 11 the peak power in sea state 3 is about 250kW, however having
e.g. a 250kW hydraulic motor and generator producing an average power of 29kW
will lead to very poor efficiencies. As sea state 2 is more frequently occurring, the
first iteration of a PTO is based on this sea state. The peak flows are approximately
250L/min. If the generator is set to run at a fixed speed of 1500RPM, a 160cc motor
is required.

If the generator is assumed to be able run at 100% overload in shorter periods, the
generator matching a hydraulic motor is found as,

τM,max = Dω∆pmax [Nm ] (25)

PGn,norm =
1

2
τM,max · ωGn,max [W ] (26)

where ωGn,max is the chosen maximum motor/generator speed and Dω is the stroke
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displacement of the hydraulics motor in m3/s. The pressure ∆pmax is maximum allowed
pressure, in this case 300bar.

The generator size matching a 160cc motor is then a 60kW unit. If the cylinder
produces more flow than the motor can consume, the pressure builds up until opening
the check-valve to the Energy Overflow (EO) system.

4.2. PTO Control Strategies

The objectives of the PTO control is to track the cylinder force reference produced
by the WPEA algorithm while minimizing power losses. The control inputs are the
displacement control α of the hydraulic motor and the generator torque τGn.

Three control strategies are tested:

1) Fixed speed of generator according to sea state and force control using α
2) Slowly varying generator speed according to average peak flow requirement.
3) Generator speed is controlled to keep motor displacement α at maximum.

A comparison of the three control strategies is shown in Fig. 12. In the first strategy
the generator is running at 1500RPM, as a result, the motor is at part stroke most of
the time. In strategy 2 the engine speed is varied according to the average required
flow, which leads to the motor being closer to full stroke. In strategy 3 the generator
speed is continues controlled to get the motor to 95% stroke, however this requires the
generator speed to oscillate together with the wave. To avoid using to much electrical
power to accelerate the generator inertia, the generator is not allowed to operate in
motor mode above e.g. 1000RPM.

4.3. Evaluation and Optimization of PTO

The initial PTO design is evaluated for each sea state using the three described control
strategies. The results seen in Tab. 1, Tab. 2 and Tab. 3, where PL and η denotes
average power loss [kW] and efficiency [%] respectively, and the columns Pin and Pout

are the average harvested power and power output of the system in [kW]. The overall
efficiency and power output is best for control method three. It overall gives a 2kW
higher output. Control strategy 1 and 2 giv approximately the same power output,

are

e
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Figure 12: Comparison of the three control strategies.

however, strategy 2 has a better efficiency, so the required cooling would be lower.
From the tables it seen that generally, the hydraulic motor is dropping below 80%
efficiency in sea state 1 and 2. Also, the generator efficiency is dropping low in sea
state 1.

Table 1: Initial system with control strategy 1

SS

Cylinder Motor Flush Generator Inverter EO Total
PL η PL η Pflush PL η PL η PL Pin Pout η

1 0.31 94.4 1.52 69.8 0.34 0.80 74.8 0.27 88.7 0.00 5.48 2.09 38.2
2 1.32 94.3 5.14 74.3 0.68 1.74 87.7 1.10 91.2 0.29 23.2 12.3 52.9
3 2.39 94.6 7.26 78.5 0.68 2.21 91.5 1.73 92.7 1.58 44.0 27.1 61.6

Table 2: Initial system with control strategy 2

SS

Cylinder Motor Flush Generator Inverter EO Total
PL η PL η Pflush PL η PL η PL Pin Pout η

1 0.34 94.3 1.53 72.1 0.34 0.80 77.9 0.29 89.6 0.00 5.97 2.52 42.2
2 1.20 94.4 3.84 78.8 0.43 1.27 90.8 0.95 92.5 0.34 21.4 12.8 59.7
3 2.25 94.6 6.12 80.3 0.46 1.78 92.7 1.54 93.2 1.74 41.9 27.0 64.4

Table 3: Initial system with control strategy 3
SS

Cylinder Motor Flush Generator Inverter EO Total
PL η PL η Pflush PL η PL η PL Pin Pout η

1 0.37 94.2 1.42 75.8 0.30 0.75 82.0 0.27 92.1 0.00 6.39 3.13 49.0
2 1.31 94.3 3.75 81.3 0.39 1.24 92.2 0.96 93.4 0.27 23.2 14.6 63.1
3 2.35 94.6 5.89 82.8 0.42 1.79 93.6 1.60 93.9 1.44 43.8 29.3 66.9

By optimising on the simulation model, it has been found that to have good efficiencies
at sea state 1 and 2, it is best to utilize a smaller hydraulic motor and instead increase
the speed in high power periods, e.g. up to 2500RPM. After optimising control and
components, the values in Tab. 4 have been identified.

Table 4: Optimized system parameters.
Cylinder Area Motor size Generator size Maximum speed
140cm2 80cm3 45kW 2500RPM

4.4. Optimized Solution

The results for the three control strategies applied to the optimised solution are seen
in Tab. 5, Tab. 6 and Tab. 7. Compared to the previous solution, the harvested power

Resultantly, both the hydraulic motor and the generator are downsized.
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have been reduced with 2-5kW, however the output power remains unchanged, which
gives a rise in efficiency. The average efficiency improvement is 5%. The reduction in
harvested power is due to the main PTO system more often becoming saturated, e.g.
the flow from the cylinder cannot be consumed by the motor, leading to the pressure
rising to pEO. As a results, the system cannot track the optimal cylinder force trajectory.

Comparing the results of the three control strategies, strategy 1 and 2 outputs the
same amount of power, but less is harvested in strategy 2, giving it a better efficiency
score. Strategy 2 harvest less power, as the generator speed is too low in periods. To
improve the control, the controller must be improved in predicting when to increase
the generator speed. Control strategy 3 shows the best results, harvesting power as
control strategy 1 while reducing losses. Also this strategy is able to maintain a motor
efficiency above 80% in all sea states.

One of the reasons for the relative good efficiency of strategy 3 is, that the generator
power is mostly positive. This is seen in Fig. 13, where the generator power is compared
for the three strategies. When the system requires reactive power this is actually taken
from the kinetic energy saved in the inertia of motor and generator when the generator
speed is reduced. In the two other strategies, the reactive power is drawn from the
inverter,

Table 5: Optimised system with control strategy 1

SS

Cylinder Motor Flush Generator Inverter EO Total
PL η PL η Pflush PL η PL η PL Pin Pout η

1 0.20 94.7 0.79 77.3 0.17 0.58 76.8 0.17 91.3 0.00 3.83 1.77 46.2
2 1.12 94.5 3.18 80.9 0.45 1.58 87.8 0.88 92.3 0.47 20.2 12.1 60.0
3 2.19 94.7 4.78 83.5 0.50 1.99 91.6 1.47 93.2 2.21 41.2 27.4 66.6

Table 6: Optimised system with control strategy 2

SS

Cylinder Motor Flush Generator Inverter EO Total
PL η PL η Pflush PL η PL η PL Pin Pout η

1 0.30 94.4 1.18 76.5 0.28 0.86 75.9 0.25 90.6 0.00 5.45 2.45 44.9
2 1.04 94.5 2.57 83.4 0.35 1.22 90.3 0.77 93.2 0.47 18.9 12.1 64.0
3 2.05 94.7 3.92 85.0 0.37 1.52 93.0 1.27 93.8 2.32 38.8 26.7 68.9

Table 7: Optimised system with control strategy 3

SS

Cylinder Motor Flush Generator Inverter EO Total
PL η PL η Pflush PL η PL η PL Pin Pout η

1 0.34 94.3 1.00 81.8 0.22 0.73 82.8 0.25 92.9 0.00 5.93 3.28 55.3
2 1.13 94.5 2.38 86.4 0.30 1.10 92.6 0.74 94.6 0.35 20.5 14.2 68.9
3 2.15 94.7 3.77 87.4 0.33 1.46 94.3 1.29 94.7 1.91 40.9 29.3 71.8
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Figure 13: Power output of the generator for the three control strategies.

i.e. the power travels through both the generator and inverter.
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5. DISCUSSION

Based on the modelled system, the best efficiency achievable of the investigated PTO
system is between 55% and 72% in the production range of the wave energy converter.
These results are obtained using control strategy 3, see the summarized results in Tab.8.

However, control strategy 3 requires the motor and generator to speed up and down
according to the float velocity, e.g. from low to high speed two times per wave period.
Hence, lifetime of the components may be reduced by this scheme. Consequently, an
evaluation of components lifetime should be evaluated before using this control scheme.
Nevertheless, control strategy 3 is good for showing the best achievable efficiency with
off-the-shelf components.

Table 8: Optimised system performance summary.

SS

Control 1 Control 2 Control 3
Pin Pout η Pin Pout η Pin Pout η

1 3.83 1.77 46.2 5.45 2.45 44.9 5.93 3.28 55.3
2 20.2 12.1 60.0 18.9 12.1 64.0 20.5 14.2 68.9
3 41.2 27.4 66.6 38.8 26.7 68.9 40.9 29.3 71.8

The output power of control strategy 1 and 2 is in average 2kW lower, however these
solutions would be easy implementable. As such, control strategy 2 is preferred, as
the speed of the motor and generator are reduced during low power periods, e.g. wear
and tear is reduced. Regarding generator efficiency, when operating at low speeds as
in sea state 1, the generator shows a poor efficiency. This might be raised to about
90% by reducing the magnetizing current, which gives the losses. For same reason, a
permanent magnet generator will show better result at sea state 1, but it will not give
a significant improvement at sea state 2 and 3.

To assess the accuracy of the results, an overview of the model properties is shown
in Tab. 9, along with future improvements. If the transient behaviour was included
for the generator, features as reducing the magnetizing current could be evaluated.
The remaining features to be added represents additional losses. Hence it would be
reasonable to subtract 3-5% from the results.

Table 9: Optimised system with control strategy 1
Cylinder Motor Generator Inverter EO

Included

Pressure dynam-
ics, hose vol-
umes, const. eff.

Friction, flow
losses, power
for flushing.

Mechanical
dynamics,
steady state
electrical model.

Const.
efficiency,
electrical model
of generator ctrl.

Constant
efficiency.

A
dd

Hose loses, cyl.
friction model.

Power for stroke
control.

Electrical
dynamics.

Efficiency as a
function of load.

Model EO with
20 floats

To improve efficiency in the future, the swash-plate motor could be replaced with
upcoming components like digital displacement motors [17], [18], which are charac-
terized by having excellent part load efficiency. Also, the current solution relies on
being a multiple absorber system to provide power smoothing. To change the concept
to include more smoothing would be advantageous, also to reduce component sizes.

Finally, PTO systems characterized by having hydraulic motors for e.g. 2 or 4 floats
on a common shaft to power a larger generator have also been investigated during this
research. This will increase the generator efficiency, but only control strategy 1 would
be applicable. Hence, the motor efficiency drops below 80%, ie. this system setup will
not improve the efficiency.

48



6. CONCLUSION

By optimizing the proposed PTO system for a multiple point absorber system, the best
achievable efficiency with conventional components is in the range from 52% to 68%
under the different wave conditions at which a wave energy converter is producing
power. This emphasizes the need for new component types like digital-displacement
motors, or entirely new PTO concepts in order to utilize wave energy from point
absorbers. New PTO concepts are therefor currently under investigation.
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ABSTRACT

This paper addresses the yawing systems of Horizontal Axis Wind Turbines (HAWT’s).
HAWT’s represents close to all of the commercial large wind turbines sold today and must
be considered state-of-the art within wind turbine technology.

Two choices exists when considering components for the active yaw system of a HAWT,
electro-mechanical or hydraulic components. In the first generation of larger WT’s hy-
draulic yaw systems outnumbered the electrical, but in the more recent years there has
been a clear shift toward electrical drives, where the yaw drive consist of multiple in-
duction motors each mounted with a reduction gear. This paper presents state-of-the art
within; hydraulic yaw system design and control of yaw systems in general. Primary fo-
cus on the advantages and disadvantages of using a hydraulic system for controlling the
yaw of a wind turbine with a soft yaw concept.

KEYWORDS: Wind turbine, yaw system, hydraulic, soft yaw, state of the art, yaw loads,
yaw control.

1. INTRODUCTION

Yawing is the oldest method of controlling the power input to a wind turbine. By yawing
the swept area of the rotor with respect to the wind direction is reduced, hence reducing
the maximal power input to the turbine. However, yawing is mostly suitable for rough
control of the power input - not precise control, Hau [31]. Yawing is therefor for the most
used to track the wind when it changes direction. Figure 1 shows a basic configuration of
a yaw system.
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Figure 1. Example of yaw system for a wind turbine [31]

Besides the fact that the loading of the wind turbine increases when the wind turbine is
in yawed flow, the energy extracted from the wind is also decreased. The power loss only
becomes noticeable within the partial load range, but non the less results in an annual
energy loss of 1-2%[31]. It is therefore desired to investigating the possibilities for load
reduction and power optimization by implementation of a soft hydraulic yaw system in
large multi-MW turbines.

The paper first presents a general overview of wind turbine systems followed by a re-
view of yaw system concepts, with special focus on Hydraulic solutions. The paper then
addresses the research related to yaw control. Finally a discussion of the potential of
soft-yaw drives is presented.

1.1. Specification of Wind Turbine.

When considering yaw systems of wind turbines it must be clarified which kind of wind
turbine (WT) the system is to be implemented in. In the following section a short outline
of the different types of turbines compromising a yaw system is presented

Since this paper addresses the yawing system of a wind turbine, the turbines under con-
sideration must utilize such a system, why wind turbines such as Vertical Axis Wind
turbines are not taken into consideration. Hence the paper addresses the yawing systems
of the Horizontal Axis Wind Turbine (HAWT) type. HAWT’s represents close to all of
the commercial WT’s sold today and must be considered as state-of-the art within wind
turbine technology.

Further the turbines under consideration are of the electrical generator type, why turbines
for pumping water, grinding grain etc. are omitted. There is no delimitation of the control
strategy of the WT. This means that both constant speed, variable speed, stall controlled
and pitch controlled WT are taken into consideration. The same applies for the yaw
control of the WT’s.
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1.1.1. Rotor type

HAWT’s have several different configurations of the rotor. This paper adresses rotors of
either 2 or 3 blades. The 2 bladed rotor can either be of the teetered hinged type or ridged,
whereas the three bladed rotor is only considered in a rigid setup. A teetered rotor design
allows the blades to balance out asymmetrical loads by letting the blades move into and
out of the wind respectively. This can reduce cyclic loads and almost eliminate yaw and
pitch loads.

1.1.2. Yaw system type

Three different yawing strategies exist for the HAWT [31].

• Wind vanes or fan-tail wheels
• Free yawing for down wind turbines
• Active yawing

According to [31] the yawing of a wind turbine by the aid of wind vanes or fan-tail
wheels are feasible for smaller wind turbines with rotor diameter of a couple of meters,
whereas for larger turbines it is not economical feasible to build the vanes or tail wheels
large enough to stabilize the rotor and nacelle. For small and medium sized turbines free
yawing systems must include carefully matched damping in order to avoid braking loads
on the blades of the wind turbine due to high gyroscopic moments. Stable free yaw of
larger downwind turbines has not yet been successfully although tested in the 80’s by e.g.
Corrigan [12].

When reviewing hydraulic yaw systems the focus will be on active hydraulic yaw systems
and active yaw systems in general, as active yaw systems is considered state of the art in
most medium and large sized wind turbines [31]. But since most of the analytical work
done on yaw dynamics and loads on yaw systems is done for smaller, two bladed, teetered
self yawing wind turbines e.g. [4, 5, 52, 69, 39, 23], these systems are also taken into
consideration.

2. YAW SYSTEMS

Focusing on active yaw systems, two types exist when considering components for the
active yaw system of a HAWT; electro-mechanical or hydraulic components [3]. In the
first generation of larger WT’s hydraulic yaw systems outnumbered the electrical, but in
the more recent years there has been a clear shift toward electrical drives [31], where the
yaw drive consist of multiple induction motors each mounted on a reduction gear [8]. The
pinion on the axle of each reduction gear is engaged with a toothed ring as illustrated on
figure 1. The electrical motors typically operate at 1000-1800 RPM and the reduction
gears typical have a gear ratio of 1/1000 to 1/3000 [51] with a further reduction of 1/10
from the pinion to the toothed rim.

According to [31], the main reason for the shift towards the electrical drives have been
more simple systems and easier and better controllability of the electrical drives . Leakage

53



problems and lower stiffness in hydraulic systems have also been emphasized as one of
the reasons for the transition [31, 53].

However, hydraulic yaw systems has many features which could be exploited for better
and more dynamical yaw control. First of all there is the well known power/volume
relationship which yields an advantage for the hydraulic systems as the ever increasing
size of the wind turbines demands higher yawing torque. Another advantage of hydraulic
yaw systems is that they are easier to control than electrical ones [31], which is a direct
contradiction to [31]. Other features could be load indication, over load-protection, no
yaw brake needed etc.. Delanley [13] from Parker Hannifin also reviews the advantages
of hydraulic yaw systems and adds the feature of hydraulic accumulators to absorb the
effects of external forces. These options are reviewed in the following. On the other hand
hydraulic yaw systems tend to have issues with stiffens and they require a careful analysis
of the dynamic behavior in order to operate satisfactory.

Investigations by Ganander [28] shows that the stiffness properties of the yaw structure
can be of great importance for the dynamics of the hole wind turbine. Ganander concludes
that damping in the yaw system should be introduced in order to reduce power fluctuations
and dynamical loads of the system. He states that normal tolerances and play in the yaw
drive system does not seem to be a problem in dampened yaw systems. Jackson [43] also
concludes that studies and field tests indicate that a compliant yaw system would reduce
the loads of a wind turbine.

2.1. Hydraulic yaw systems.

The usage of hydraulic yaw systems in newer commercial wind turbines is very limited.
To the knowledge of the author only the Pfleiderer 5 MW wind turbine, the DeWind D6
1.25 MW [14], Vergent GEV MP 275 kW [22] and GEV HP 1MW [21] along with the
WindMaster 750 EG 750 kW utilizes hydraulic yaw systems. The 300kW WEG MS3
utilizes hydraulic damped fixed yaw but is not driven by the hydraulic motors [9].

On the more resent turbines, the Nordic Windpower N1000 1 MW [61] utilizes a hy-
draulic yaw function. The two bladed N1000 passively orients to the wind without using
the yaw drives. By using the whole swept area to determine wind direction, the N1000
achieves more correct instantaneous orientation than conventional turbines. Nordic Wind-
power claims that the hydraulic yaw motors provide damping for smooth operation and
for reducing tower loads and oscillations. The system needs no expensive yaw brakes
[62].

Several larger prototypes has been utilizing active hydraulic yaw systems. The GAMMA
60 wind turbine [11, 54] use a fully redundant hydraulic yaw system for power control
and the 3 MW Marglarp turbine utilizes a hydraulic yaw system for realignment with the
wind direction [46]. Also the WKA-60 1.2 MW turbine utilized hydraulic yaw drive, but
not without problems such as uneven movement and unwanted particles in the hydraulic
fluid [42]. Unfortunately there are no published hydraulic diagrams or other kinds of
documentation of any of the before mentioned hydraulic yaw systems.

On the more alternative side, Hohenemser and Swift [36, 40] utilized a hydraulic oil flow
for furling of a smaller test turbine. A so called govenor, which is normally utilized in the
controls of aircraft propellers, was utilized for over speed protection of the wind turbine.
The auto-furling system kept the speed of the wind turbine within ±10% of the set value.
This reseach is based on previous reseach by Hohenemser et al. [38] on the yawing of

54



Figure 2. Soft hydraulic yaw system as presented by Doman [15]

turbines with blade cyclic pitch variation, where the concept was tested on small scale
models and found viable for free yawing turbines. Also Stoltze and Parker [60] presented
an alternative hydraulic yaw system for smaller wind turbines. The hydraulic pump is
driven by the rotor shaft and the flow to the motor which yaws the turbine is controlled by
a cam mechanically connected to a wind vane.

The first patent on a hydraulic yaw solution is Doman’s [15] from 1985. The yaw system,
illustrated in figure 2, utilizes a damping orifice (pos 125 in fig. 2) in combination with
accumulators and a hydraulic pump in order to obtain damping of the system. The yaw
system is not an active yaw system, but simply a method of damping a free yawing down-
wind turbine. This system has however been tested by Hildingsson et al. [32] and found
not to work as the diameter of the throttle must be unrealisticly large in order to obtain
the intended effect. This would lead to a very large flow from the pump in order to get the
nacelle to yaw at all. A similar system was used in the 300kW WEG MS3 wind turbine,
but this resulted in significant yaw loads when teeter impacts occurred [9].

Hildingsson and Westin [33, 32] presents a patent based on the same ideas as the the
patent presented by Doman, but utilizes a controllable throttle valve in order to adjust
the damping of the yaw system and hence the oscillations of the system. The hydraulic
diagram of the patent by Hildingsson and Westin is shown in figure 3. The patent con-
cerns the hydraulic valve (pos 50 figure 3) which is controlled based on measurements
of the hydraulic pressures in the system. In this way the damping of the system can be
controlled. Notice the overload protection symbolized by the pressure release valves (pos
46). Hildingsson and Westin further presented the idea that the oscillations in the system
could be used to yaw the wind turbine. This is done by measuring the pressure differ-
ence over the hydraulic motors, position, velocity and yawed angle of the nacelle and
controlling the throttle valve hereafter.

In more recent advances in hydraulic yaw systems Nabtesco presents several different
configurations of hydraulic yaw systems in their patent concerning a speed reducer strat-
egy for a yaw system [51]. The two most relevant systems are presented in figure 4 and
5, including controllable and non-controllable damping, overload protection, hydraulic
brake control etc. The positions 142-146 regards the patent whereas position 120, 131
and 165 in figure 4 and 120, 131, 170, 171, 172 and 180 in figure 5 concerns the hy-
draulic soft yaw system. This sort of “soft yaw” system is implemented successfully on
several Windmaster machines including the 750 kW machine [9].

Nabtesco also presents a yaw drive unit based hydraulic equipment. According to Nabtesco,
this system can be utilized in wind turbines of up to 5 MW [48, 47]. Besides Nabtesco
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Figure 3. Controllable soft yaw drive as presented by Hildingsson and Westin [33]

also Bosch Rexroth and Parker claims to deliver hydraulic yaw drives [58, 3]. However
there exist no documented data for either of the claimed hydraulic yaw systems/motors.

Engström [18, 20, 19] derives from the same basic idea of a soft yaw drive. But instead of
using hydraulic systems with a throttle valve Engström utilizes a damping coupling in the
shape of a hydrodynamical coupling, in which there is a slip. The torque transmitted in a
hydrodynamical coupling is dependent on the slip in the coupling. The basic idea is that
the nacelle of the wind turbine is free to rotate but heavily damped, as desired. The soft
drive yaw concept has been tested in several wind turbine prototypes with great success
[19]. There is however no way to control the damping of the system.

On the hardware side Bosch Rexroth [27] offers a dedicated slew drive valve which ac-
counts for negative loads such as those encounter in the braking phase of high inertia slew
drives. This is done by meter-in meter-out control of the hydraulic system as shown in
figure 6. The valve is designed for large cranes and excavators, but could be used for
inspiration for a hydraulic yaw system.

2.2. Yaw systems in general

Apart from the above solutions, there has not been focus on hydraulic yaw systems. There
are however several other aspects of yawing systems, in which there has been develop-
ment. These results are presented in the following as there are similarities to the hydraulic
yaw systems. For example Nohara et al. [51] who patented a soft start strategy for limit-
ing the effect applied to the yaw system during start up in order to limit the loads on the
system. This solution is valid for both hydraulic and electrical yaw systems.

Wobben [65, 64, 63] presented a yaw drive compromising more than one direct current
controlled induction motor. The direct current control is used to stop the yaw b adding a
constant braking torque to the induction motors and dampen fluctuations on the motors.
When the system is not yawing the induction motors will be applied with constant, but
opposite in direction, current in order to make the system more stiff during for example a
wind gust. Further Wobben [66, 67] presented a new type of induction motor arrangement
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Figure 4. First hydraulic yaw system presented by Nabtesco [51]

Figure 5. First hydraulic yaw system presented by Nabtesco [51]
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Figure 6. Bosch Rexroth slew drive valve.

for yaw drives which potentially will eliminate the play in the mechanical components of
the yaw drive. Similar Nielsen [49] presented a yawing system utilizing at least two
electrical motors with equal and opposite direction torque when the turbine is at constant
yaw angle. This is further extended in Nielsen and Hansen [50] where the yaw system
utilizes two motors and a free wheeling device, hereby enabling the system to work as a
shock absorber.

Hoffmann [35] presents a method of sensing the yaw moment and controlling the yaw
depending based on the loading. The yaw load is obtained by strain gauges, piezo-electric,
motor armature current or torsional torque on the tower. This concept is further extended
in [34], where the measured yaw moment is compensated by adjusting the pitch angle of
the wind turbine blades and hence yawing the turbine until the yawing torque is zero.

Vestas Wind Systems patented a method of detecting faults in the yaw system before they
lead to larger deviations. This is done by measuring input and output angle of the yaw
motors and continuously comparing them with the angle of the yaw system [1].

On the more alternative side Moellgaard Energy has patented a triangular floating founda-
tion for offshore wind turbines. This floating foundation is free to rotate and hence follow
the wind direction. This yields that there is no need for an yaw system in the wind turbine.
However, emergency shut down etc. is not taken into consideration[30].

3. YAW CONTROL

Much reseach has been done within the field of control of wind turbine systems, but focus
has been on pitch control, generator control and grid connection control for example Balas
et al. [2] and Wright and Fingersh [68] and Piao and Wang [56].

The yaw control of a WT has conflicting ames. On one side the yaw angle must be as
small as possible in order to avoid power loss and reduce loads on the system. On the
other side the number of activations of the yaw system should be kept at a minimum
in order to extend the life of the mechanical components. Active yawing is normally
performed with a very low angular velocity in the order of 0.5 deg/s in order to keep the
loads on the system at a minimum [31].

58



There are few papers on the active yaw control problem. This research is reviewed in the
following section.

3.1. Control strategies

Different control strategies have been implemented in yaw system of wind turbines or
simulations of such. Focus has been on the controllers such as PID, PD etc., Fuzzy Logic
Control (FLC), Hill Climbing Control (HCC) in different varieties and finally Optimal
Control. All the control strategies have the yaw angle as a reference, except the HCC
which utilizes the electrical power as a reference and is more a control strategy than an
actual controller. The different strategies will be reviewed in the following.

3.1.1. Hill-Climbing Control

Farret et al. [24, 26] investigated the possibility for sensor-less yaw control by applying
a so-called Hill-climbing control. The hill-climbing control algorithm searches for the
maximum power output for the WT by change of the yaw angle. Practical test showed that
there is no need for wind intensity or wind direction detection. An yaw error smaller than
8% was reached. Further Farret [25] applied a second loop to the HCC algorithm in which
the best operating point for the generator was found before the yaw was corrected. A
hysteresis was applied to lower the number of yaw activations and simulations shows that
it was possible to achieve maximum power within acceptable error margin. However there
is no possibility to measure the wind direction when the wind turbine is not operating.
Hence there is a problem regarding start-up and grid connection.

Piao and Wang [56, 55] utilized vane hill climbing, where a wind vane was used to mea-
sure the relative wind direction when the yawed angles are greater than 15 degrees. The
results are only simulated with no influence from turbulence or change in wind speed, but
with promising results. Unlike the previous mentioned HCC, it is possible to connect this
to the grid.

Also Hong et al. [41] utilized HCC when they considered sensor-less yaw control, us-
ing a simultaneous perturbation stochastic approximation method to identify the wind
direction. The results were only tested on a small scale laboratory model, which did not
experience disturbances etc. Finally Xiaoyan et al. [75] also applied HCC on a simulation
of a 1.5 MW turbine.

3.1.2. Fuzzy Logic Control

A great deal of research has been done on Fuzzy Logic Control (FLC) of the yaw system
on a WT. Li Yi [44] derived a FLC for a yaw system and combines it with a PID controller
in [45], results simulated in Matlab Simulink. Also Piao and Wang [57] derived a fuzzy-
PID algorithm for yawing of a wind turbine and divides it into large errors, small errors
and micro errors. Their simulations showed good results compared with a common PID
controller. Further Gao et al. [29] considered dividing the yaw controller into two parts. A
normal proportional tracking controller for large errors and a Fuzzy Logic-PD controller
for smaller errors. Simulation results also looked promising.
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Also Bu[10] and Hohenemser [37] investigated simple yaw systems with electrical mo-
tors. Bu investigating the flow diagrams of the control strategy and addressed the prob-
lems regarding angles larger than 180 degrees and Hohenemser used an RC filter for feed
back of the yaw angle filters.

Wu and De La Guardia [72] designed, tested and compared three different control strate-
gies for a smaller WT with yaw controlled power regulation. The three controllers were
a PI controller, Optimal controller with Kalman-filter and a Fuzzy-logic controller. Their
simulations revealed that the choice of controller type and dynamics plays an important
role for the fatigue life of a WT. By simulation, the number of fatigue cycles were counted
by the rain-flow counting algorithm. All three controller strategies provided satisfactory
results. The PI controller produced the worst fatigue loads in the wind turbine and the
optimal controller fails to regulate the power output when operating to far from the lin-
earization condition. The FLC appears to be the most cost-effective and robust controller.
Further Wu et al. [71, 73, 70] designed and implemented a FLC on a 10kW WT and com-
pared it with a classical PD controller. It was found that the FLC was a robust controller
that was not only easy to develop, but also provides satisfactory performance - also in the
absence of an accurate model of the wind turbine.

3.1.3. LQ Control

Ekelund [16, 17] researched the possibility of increasing the energy capture and lowering
the construction cost by actively damping the structural dynamic loads of the system by
controlling the yaw servo. Ekelund suggested to make an active yaw control in order to
make the yaw system more flexible and hence lower the loads on the WT structure. The
dynamic behavior of a spring damper system can theoretically be obtained by feedback
of the yaw angle and motor torque. Ekelund compared the yaw loads for a passive spring
damper system, a PD control and the LQ control with and without integral action. The
numerical results looked very promising as shown in figure 7 where the results of a passive
(PD control) and an LQ control strategy are compared. It is suggested to utilize a hydraulic
yaw system and hence regulating the viscous damping by controlling the hydraulic oil
flow over a valve. This can be done without putting any effort into the system and thus
the ratings of the yaw motor can be lowered.

3.1.4. Blade pitch Control

When not considering the yaw system as such, but yawing in general several studies
has been done on yawing by active individual pitch of the WT blades. Birkemose et al.
[7, 6] holds patents regarding this control strategy. By measuring the yaw load on the
system, the blades can be pitched such that the sum of the yawing moments from the
blades yaws the WT in the desired direction. Stol [59] investigated the feasibility of yaw
control by blade pitching and found that it was possible, but at the expense of much higher
blade loads. Later Zhao and Stol [74] studied the possibility of yawing through active
blade pitch by periodic state-space individual pitch control on a 1.5 MW three bladed
upwind turbine. This was done utilizing the FAST code and Matlab Simulink. The results
showed that the yaw could be controlled without affecting the power generation or speed
regulation. Fatigue loads was also kept within an acceptable range with the assistance of
a yaw brake and other tower loads control algorithms.
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Figure 7. Load spectrum of tower bending depending of different yaw control strategies
[17].

4. DISCUSSION

This state of the art analysis on hydraulic yaw systems for wind turbines describes work
previous done on the subject. The description is limited to results published or in other
ways available for the public, why results from major wind turbine manufactures, which
are not patented, are undescribed or not puplic. This is of course a major missing part of
this analysis, which must be taken into account.

The results presented are mostly based on patents and simulations rather than real test
results from operating turbines. This means that there is a gab between theory and practice
when it comes to hydraulic soft yaw systems. This is further emphasized by the fact that
the major companies selling hydraulic components, like Bosh Rexroth and Parker claims
to sell hydraulic yaw systems but they do not have any documentation for such systems.
The control strategies described in this state of the art analysis are only numerical results,
why influence of for example friction is not considered.

The lag of practical experience with the soft yaw concepts also leads to a lag in the discus-
sion of hardware specifications for the proposed concepts, especially when it comes to the
control algorithms such as Ekelund [16, 17] and Wu and De La Guardia [72]. The same
is valid for the patents on hydraulic yaw systems such as Doman’s [15], Hildingsson and
Westin [33, 32] and the hydraulic yaw systems presented by Nabtesco [51], where non of
them considers the loads and fatigue on the motor/gears assemblies for the yaw system
when operating continuesly as soft yaw. Especially the hydraulic motors and pumps life
time are heavily reduced with a duty cycle containing continues starts, stops and direction
changes. This is not considered in any of the work presented in this state of the art.

As the analysis shows there has been some work on soft yaw systems and hydraulic yaw
and control of such. However there has been no explicit work on control of a hydraulic
soft yaw concept. Based on previous results it seems like the combination of a hydraulic
yaw system controlled by a fuzzy logic controller in combination with linear control can
lower the loads on a yaw system and wind turbine structure in general.

The presented state of the art is a part of the process of developing a soft hydraulic yaw
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system for larger multi-MW wind turbines. The state of the art confirms that options
exist for reducing structural loads in the wind turbine by letting the turbines yaw system
operate as a shock absorber. The next step is validation of the presented results, where
after a hydraulic soft yaw system can be designed and tested in real life to determine if
there exist hardware solutions, which can handle the loads and duty cycles a hydraulic
soft yaw system encounters.

5. CONCLUSION

This paper has presented and discussed different approaches for load reduction in wind
turbine structures by hydraulic soft yaw concepts. Firstly different hardware solutions
for a hydraulic soft yaw concept was presented, where after different approaches for soft
yaw control and yaw control in general was presented. Reseach shows promising results
regarding load reduction by implementation of hardware or control which makes a soft
yaw concept. No public results exists for field tested soft yaw concept, why the gab
between theory and practice still is undescribed.
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ABSTRACT 

This paper focuses on wave power plants which consist of multiple interconnected 
converters feeding high pressure sea water to a remote location. A common approach is 
to employ a constant pressure system. One disadvantage is the cause of blocking of the 
devices whenever waves with less power face the converters (overdamping) or when 
wave forces exceed the present damping forces set by the system’s pressure 
(underdamping). This paper introduces the resource of ocean waves and their physics. 
The simulation model of a wave energy converter is described. Here an improved 
strategy is introduced. Volume flow proportional damping reduces effects of both 
under- and overdamping since the system pressure depends on the load condition. The 
simulation results show promising advantages in power output of the volume flow 
proportional control. 

KEYWORDS: Ocean wave energy, hydrostatic transmission, simulation 

1. INTRODUCTION AND MOTIVATION 

Ocean waves are well predictable several days in advance and could yield a valuable 
contribution to future’s electricity generation [1]. The world wide potential of wave 
energy is estimated to be between 200 to 500 GW which is larger than the globally 
installed wind power capacity of about 160 GW in 2009 [2, 3]. Many concepts for 
harnessing wave power have been developed since the Sixties, however only few 
important prototypes are currently in operation (cf. [4]). The capacity of robust 
technologies for wave energy conversion like fluid power as well as its control 
strategies has to be further explored to withstand the harsh marine environment with 
greater efficiency. 
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Within this research manifolded wave energy converters are considered. By employing 
the so called central electricity generation multiple wave energy converters feed a 
pipeline with high pressure sea water. Commonly a constant pressure system is applied 
to set damping forces. This paper shows the effects on power output and efficiency of 
constant pressure systems after introducing the resource and modelling of ocean waves 
and an example of a wave energy converter. An improved control strategy is proposed 
to partly compensate these effects like blocking or underdamping which will be 
explained in the following sections. 

2. UTILISATION OF OCEAN WAVES 

2.1. Introduction to the resource ocean energy 

Figure 1 shows the average global wave power measured in kilowatts per meter 
coastline [kW/m]. It can be seen that Europe’s coastlines offer a valuable potential of 
wave power between 30 to 70 kW/m. However, especially for drive train design, one 
has to consider not only the annual average, but more important the different power 
levels for example between winter and summer. 

 
Figure 1. Approximate global wave power resource in kW per meter coastline [4] 

Especially in times of low incident wave power high efficiencies of wave energy 
converters are crucial. The diagram in figure 2 depicts the average wave power for each 
calendar week at the European Marine Energy Centre in Scotland throughout the years 
2006 to 2009 [5, 6]. Noticeable is the huge spread of 66 kW/m between minimum and 
maximum wave power, although the annual average is about 31 kW/m. As a first 
conclusion this means that WEC have to operate safely even at power peaks during 
winter conditions where the incident energy is more than twice as high as the annual 
average and also offshore maintenance is difficult or even impossible. On the other hand 
it is required that WEC operate efficiently during the calmer half of the year. Within 
summer period the incident wave power drops to values as low as about 12% of the 
annual average. One reason of the huge difference within the annual wave energy 
potential is the quadratic dependency of wave power to wave height. 
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As can be seen that for example a 2 m high wave bears four times the power of a 1 m 
high wave. 
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Figure 2. Four- years average of weekly wave power at EMEC test site [6] 

As an example figure 2 can be divided into three main parts. To improve the total 
efficiency of a WEC throughout the year it could be beneficial to design the 
transmission in such ways that it is able to cope with these regions of different power 
levels. Examples for this are changing the width of the absorber since wave power is 
measured in values per unit width. Another option is the modular design of the 
transmission. With regards to hydrostatic transmissions this could mean the application 
of various cylinders, motors and generators of different sizes. An example for this in the 
sector of wind turbines with hydrostatic transmissions can be found in the work of 
Schmitz and Vatheuer at IFAS [7]. A further option to enhance the power capture from 
waves is the use of a suitable control strategy concerning the damping force which is 
opposed to the forces of the waves. A variety of known strategies can be found in 
Salter’s publication [8]. However to understand the operation principle of wave energy 
converters, the physics of ocean waves needs to be briefly addressed in the next 
subsection. 

2.2. Short introduction to the physics of ocean waves 

Assuming a sinusoidal wave, the water particles perform an orbital movement. Near the 
surface these orbits are circular, changing their shape to an ellipsis with decreasing 
distance to the seabed as can be seen in figure 3. 

1

2

3
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Figure 3. Movement of water particles below free water surface (four periods) 

More details about the mathematical description by the example of surface elevation, 
particle velocity and acceleration can be found among others in Sorensen’s work [10]. 

To simulate more realistic behaviour within this research irregular sea states are 
considered. Therefore a spectral function S(ω) such as the Pierson-Moskowitz (PM) 
spectrum is needed. According to Chakrabarti [11] it can be described by the equation 
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Here Hs is the significant wave height and ω0 the corresponding angular frequency. As 
can be seen in the plot of wave spectra for different seas (figure 4) the peak of the 
spectral density shifts to lower frequencies with higher and therefore more energetic 
waves. 

 
Figure 4. PM-spectrum for 9 example sea states 

The computation of an irregular sea is then achieved by calculation of the wave heights 
in respect to their frequencies. The frequency band of the spectrum is discretised into n 
elements of Δf and the wave height corresponding to a frequency f1 H(f1) is determined 
by using 

ffSfH  )(22)( 11 . eq. 3 

A surface elevation plot η(x, t) as can be seen in figure 5 at position x and time t for 
example can then be derived by the superposition of n sinusoidal waves with random 
phase shifts ε. 
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Analogue to the methods described above the pressure, acceleration and velocity under 
the water surface can be determined. 
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Figure 5. Surface elevation plot for an example sea state (Hs = 3.05 m, Ts = 8.73 s) 

2.3. Example of a wave energy converter 

Many concepts of absorption mechanisms exist such as buoys, bottom or top hinged 
flaps, elongated bodies, only to name a few. In the publications by Graw or Cruz 
different concepts are explained more in detail [2, 12]. Within this study a bottom 
hinged flap such as the concept in figure 6 is taken as an example. These types of WEC 
are also called oscillating wave surge converters (OWSC). The table on the right hand 
side can be used to estimate the dimensions of these WEC for example of WaveRoller 
and Oyster [13, 14]. 

20 t – 200 tWeight
≤ 0,5 m – 3 mLenght
4 m – 12 mHeight
4 m – 20 mWidth

20 t – 200 tWeight
≤ 0,5 m – 3 mLenght
4 m – 12 mHeight
4 m – 20 mWidth

Approx. dimensions of an OWSCApprox. dimensions of an OWSC

Absorption mechanism

Cylinder  
Figure 6. Example of an OWSC device and its approximate dimensions 

Belonging to the class of terminators, since its length is small compared to its width, an 
OWSC utilises the horizontal and vertical accelerations and velocities of water particles. 
As this device is bottom hinged it is commonly installed near shore in lower water depth 
making it possible to transport high pressure fluid to a remote station e. g. onshore via 
pipelines. Figure 7 compares two different approaches of converting the electricity. 
Using the concept on the left side, electricity is produced individually in each WEC 
(decentral electricity generation). On the right hand side high pressure fluid is pumped 
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in this case onshore. There it is possible to use it as source for electricity or for 
processing sea water by reverse osmosis to produce fresh water. 

 
Figure 7. Decentral (left side) versus central (right side) electricity generation 

The advantages of central electricity generation such as simple and cost efficient 
maintenance of major hydraulic components throughout the year are shown along with 
comparisons to other concept in previous publications [9, 15]. 

To understand the movement of the OWSC caused by wave forces the next paragraph 
gives a brief introduction to the mathematical modelling of such an absorber. 

2.4. Governing equations for the simulated absorption mechanism 

The underlying equation for the movement of OWSC type converters is equation 4 
which determines the angular acceleration, velocity and amplitude as a function of the 
sum of wave forces at specified positions h. 

 
h

dhhFtMCDJ
0

wave )()(   eq. 5 

Whereas the wave forces Fwave(h) are defined as the sum of Froude-Krylov, added mass, 
drag and inertia forces which can be derived from Clauss [16]. The Froude-Krylov 
forces are exerted by the pressure field generated by the surrounding undisturbed waves 
whereas the added mass (sometimes also called virtual mass) can be seen as an extra 
inertia due to the acceleration of water. 

)()()()()( hFhFhFhFhF inertiadragmass addedKrylovFroudewave    eq. 6 

Figure 8 shows the action diagram of an oscillating wave surge converter. The notation 
z(i) refers to the discrete elements of the oscillator where the forces in horizontal and 
vertical directions are calculated. The variables u and w refer to the horizontal and 
vertical water particle velocities.  
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Figure 8. Action diagram of an oscillating wave surge converter 

Since the computation of multiple flaps is complex and time consuming an abstraction 
is made in the first step the way that a vertical plate is considered. Hereby the 
calculations of angular accelerations and velocities of the absorber and the vertical 
kinematics of water particles are omitted (see figure 9). Hence the total amount of 
calculations concerning sea states and oscillation equations is highly reduced.  
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Figure 9. Forces acting on both flap and plate type absorption mechanisms 

However a disadvantage of the abstraction is the neglect of vertical kinematics and 
therefore a reduction of incident wave energy by a maximum of 25% which can be 
determined by using the linear wave theory. As can be seen in eq. 7 the kinetic and 
potential energy of a sinusoidal wave are equal in value [12]. 
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In detail the kinetic energy of a wave per unit width is also depending equally on the 
horizontal velocity u and vertical velocity w by assuming ideal orbital movement of the 
water particles (eq. 8). 
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Since the location of the WEC is in low water depth near shore the losses will reduce, 
because the orbital movement is elliptical (cf. figure 3) resulting in lower vertical 
velocities. The model of a vertical plate is described with an action diagram in 
figure 10. 

x x

 
Figure 10. Action diagram of the hydrodynamics of a vertical plate 

After the description of the fundamentals of modelling a single absorption mechanism 
the next paragraph deals with the simulation of an array of WEC inside a numeric wave 
tank. 

2.5. Simulation of a numeric wave tank 

Within this research an array of multiple converters with equidistant positions is 
considered. Hence a numeric wave tank has to be calculated to take into account the 
propagation of the waves. Here the dispersion relation (eq. 9 [10]) comes into play. 
Relating the celerity C of a wave to its length Lwave the dispersion equation is important 
to model the correct time shift of the incident wave forces on each WEC. 

wavewave

2tanh
2

²2tanh
2 L

dgT
L

L

dgT
C







  eq. 9 

Due to the superposition of sinusoidal waves the celerity of each single wave can then 
be determined by iteration and so the conditions at given x and z coordinates at times t 
are defined. However it must be mentioned that interactions between WEC and waves 
are not considered as a complex and time consuming CFD analysis would be required.  
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3. SIMULATION OF A WAVE POWER PLANT 

This section covers the one dimensional hydraulic simulation of different concepts for 
hydrostatic transmissions leading to the simulation of a whole wave power plant. The 
above described procedure for the calculations of waves and the behaviour of the 
absorber can be summed up with figure 11 below. At first, parameters of polychromatic 
waves are processed in Matlab for calculations of wave spectra, surface elevations and 
kinematics of water particles. The results are then handed over to DSHplus in which the 
hydraulic state variables such as damping forces, pressures and oscillator displacements 
are determined. Regarding the calculations of the absorber’s behaviour a .dll-library for 
the device’s hydrodynamics exported from the Simulink model is executed within 
DSHplus. 

 
Figure 11. Data flow for the simulation of a WEC 

The next two subsections cover at first the configurations and the parameters of the 
underlying transmissions before proceeding to a discussion of simulation results. 

3.1. Simulation of the hydrostatic transmissions 

Four wave energy converters make up a wave power plant. In this system two different 
hydrostatic transmissions are chosen for the simulations. The first one, the decentral 
electricity generation, serves as reference and is based on an oil hydraulic transmission 
with a velocity proportional damping strategy. 

 
Figure 12. Simplified example of a decentral power generation 
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A velocity-proportional damping where the system pressure depends on the piston 
velocity requires a secondary controlled hydrostatic transmission with variable 
displacement motors. By adjusting the displacement the system pressure can be 
feedback controlled in order to match the target pressure at constant rotational speed of 
the motor/generator shaft. To increase the system pressure during piston movement the 
motor’s displacement has to be decreased and vice versa. Figure 12 shows the 
simplified layout of the drive train. Here, the two cylinders acting as linear pumps feed 
two motors via a hydraulic rectifier. A concept with two motors of different nominal 
sizes was chosen to be able to operate in regions with high efficiencies even at low 
loads. The motors are directly coupled to a generator running with network frequency 
(1500 rpm), making a frequency inverter obsolete. The fluid is released to a pre-charged 
reservoir to eliminate the possibility of cavitation at the cylinder’s suction ports. 

The second drive train concept is the central electricity generation of which an example 
can be seen in figure 13 below. Using this setup two different damping strategies firstly 
a constant pressure system and secondly an improvement to a constant pressure system, 
a volume flow proportional (Q-proportional) damping strategy, are applied. 

 
Figure 13. Drive train for central electricity generation 

The intention of the Q-proportional strategy is to overcome the disadvantage of a 
constant damping force which can cause blocking of the absorbers due to a too high 
damping force in cases of low incident wave power. During the states of low wave 
power the oscillation amplitude of the absorbers will decrease resulting in a less total 
volume flow through the main pipeline. At this point the decreased system pressure 
allows a movement of the absorbers even in low load conditions whereas a constant 
pressure system would cause blocking and therefore no power would be extracted from 
the waves. 

An overview of the simulation model is given in figure 14. The modular structure easily 
allows implementing hydraulic components such as pipelines and motors with different 
configurations. Also possible extensions like pre-filtration or feed pumps can be 
considered in the future as well to run for instance a simulation which contains particle 
sources and sinks [cf. 17]. 
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Figure 14. Structure of wave power plant simulation 

The considered wave energy converters are 14 m wide, 10 m in height and 1.5 m deep. 
These values are within the range of common WEC concepts build as terminators. The 
three different control strategies for the applied damping forces are summed up in 
table 1. Here the system pressure determines the forces opposed to the incident waves 
at the cylinders. 

Table 1. Control parameters of the three strategies regarding damping forces 

Velocity proportional damping strategy  
m

sbar
d


vprop  

xdp  vpropSystem  eq. 10 
 

Constant damping pressure 

const.System p  eq. 11 
 

Volume flow proportional damping   3Qprop
m

sbar
d


  

  cylinderQproptotalQpropSystem Q Axddp  eq. 12 
 

The parameters of the hydrostatic transmission are as follows. Each WEC possesses two 
double rod cylinders with a maximum stroke of four meters to ensure enough 
displacement for the oscillations. For the decentral case each WEC consists of two 
variable swashplate motors with a maximum displacement of 500 cm³ and 750 cm³. In 
total eight motors with a volume of 5,000 cm³ are used in this power plant. On the other 
hand – the central case – only two motors with 1,000 cm³ and 2,000 cm³ drive one 
generator creating an overall displacement ratio of Vtotal,central/Vtotal,decentral = 60%. Here 
one main advantage of central electricity generation is obvious. The effects of cost 
efficient maintenance efforts as well as low risk of failure of two motors onshore 
compared to eight motors offshore are on hand. 
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As wave parameters for the discussed simulation run a winter sea with significant wave 
height of Hs = 3.27 m and significant period of 11.8 seconds was chosen. This example 
sea state was considered, because hereby the transmissions are temporarily under full 
load and the behaviour of the control is therefore fully recognisable. 

3.2. Discussion of simulation results 

To understand the movement of the converters under the influence of the three control 
strategies the diagram in figure 15 shows the surface elevation of the waves as well as 
the horizontal displacement of the WEC transferred to the y-axis. One can clearly see 
the difference of the amplitudes. The application of the velocity proportional strategy 
results in the largest distance of travel and therefore the largest amount of extracted 
energy from the waves. Over a 300 seconds lasting simulation run an average mechanic 
power at the generator shaft of 132 kW is achieved with a velocity proportional 
damping. The second highest amount of power was generated with the Q-proportional 
strategy. Hereby 106 kW average power are extracted from the waves. Employing a 
constant pressure strategy results in 93 kW average power. The main reason for the 
higher power output of the Q-proportional damping compared to the constant pressure 
system is the adaption of the system pressure to incident wave power. It can be seen 
from figure 15 that under certain circumstances the oscillation of the Q-proportional 
controlled WEC follows closely that of the velocity proportional damped WEC. 
However there are regions in which the Q-proportional strategy also follows the 
oscillation of the constant pressure damping. In these cases the system’s pressure is set 
too high to extract energy out of smaller amplitude waves (e. g. figure 15 ~155 s and 
~170 s). 
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Figure 15. Oscillation amplitudes of waves and three WECs 

Figure 16 shows the system pressures of the three differently controlled devices plotted 
over time. In case of the velocity proportional damping the plot is analogue to the 
velocity of the absorber. Here the main problem of wave energy becomes obvious. The 
two turning points of the cylinders cause down times without power output as well as 
large power outputs at maximum velocity and pressure. As a result the average power 
may be of magnitudes smaller than peak power. 
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Figure 16. System pressures 

This effect can be recognised in figure 17 which shows the electric power (generator 
losses omitted) plotted over time. For example whereas the average power of the 
velocity proportionally damped system is 132 kW, peak power is as high as about 
700 kW (negative power in the diagram is generated power). In contrast the constant 
pressure and Q-proportional strategy show a slightly reduced peak power resulting for 
example in fewer costs for the hydraulic components than the velocity proportional 
case. 
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Figure 17. Electric power output (negative) and input (positive) 

Since also mechanic losses of motors are taken into account power levels greater zero 
occur during times of no incoming wave power. Here the rotation speed of the hydraulic 
motors has to be matched to network frequency consuming power due to friction losses. 

4. CONCLUSION AND OUTLOOK 

This paper gives a model based comparison of three different control strategies for wave 
power plants. Two common strategies, the velocity proportional damping and the 
constant pressure system (fixed-force damping) serve as reference to an improved 
strategy called volume flow proportional damping. In case of a decentral electricity 
generation where every wave energy converter possesses its own oil hydraulic 
transmission the velocity proportional damping strategy is employed. This concept 
allows every converter to be controlled individually with its own drive train. However, 
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within this study focus is set on central electricity generation where many wave energy 
converters are connected to each other, feeding a main pipeline with high pressure sea 
water. Concerning on the one hand environmental aspects resulting in a possible greater 
acceptance in public and on the other hand beneficial effects on maintenance and 
robustness, the concept of central electricity generation bears a high potential. The 
introduction to the model based comparison of the control strategies was approached by 
at first giving an overview of the wave energy resource and the physics of ocean waves. 
The fluctuation of wave power throughout the year was shown exemplarily at the 
European Marine Energy Centre in Scotland. Out of this two necessities were derived. 
At first and most important is a high efficiency of the wave energy converter during low 
incident wave power and secondly robust operation during winter or stormy conditions. 
To understand the operational principle and the mathematic modelling an introduction 
to the physics of a certain type of WEC, an oscillating wave surge converter, was made. 
The combined simulation of the WEC’s kinematics (Matlab/Simulink) and its 
hydrostatic transmission (DSHplus) was explained thereafter. 

The simulation results show the expected superiority of velocity proportional damped 
systems on the power output, but also large power peaks which can be even of 
magnitudes higher than the average. Concerning constant pressure systems average 
power output is reduced by 30% compared to the velocity proportional damping. The 
main reasons for this reduction can be explained at first by the fact that the absorbers are 
overdamped during low incident wave power. The second point is the occurrence of 
unnecessary leakage losses when no wave power is present and a constant pressure is 
still applied to the system. Here the velocity proportional system is advantageous since 
the system’s pressure depends on the actual incoming wave power. To overcome the 
negative effects of blocking due to overdamped absorbers and the described 
unnecessary losses a volume flow proportional damping strategy was introduced and 
simulated. The target of a Q-proportional strategy is to modify the damping force set by 
the system pressure according to the present incident wave power on all WEC. The 
conducted simulations show promising results ending up with an increased power 
output of up to 14% compared to the constant pressure system. By means of a 
Q-proportional strategy the amount of generated electricity and therefore the total 
efficiency of the power plant is raised and the crucial invest can be reduced.  

In future studies the considered drive trains and strategies will be further optimised. The 
simulation environment will be extended to be able to consider the annual wave power 
fluctuations. The abstracted absorber in form of a vertical plate has to be replaced by a 
bottom hinged flap to model more realistic behaviour. At last the hydraulic components 
need to be dimensioned to design a hydrostatic transmission which is both equipped 
with high efficiency and the desired robustness for durable operation in harsh marine 
conditions. 
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ABSTRACT 

This paper presents a hydraulic system topography utilizing an intermediate pressure rail 
and a network of 2/2 proportional valves, allowing multiple operating modes to maximize 
system efficiency and improve reliability. The network of valves are arranged in such a 
way that the system can be electronically configured to operate with characteristics of 
multi-level load-sensing, displacement control, independent metering, energy recovery, and 
energy storage (with an optional accumulator).  These operating modes can often co-exist 
depending on which mode provides the best combination of overall efficiency and 
effectiveness for the given application and load cycle. The TIER system (Topography with 
Integrated Energy Recovery) also includes the capability to re-route power in the event of 
component failure. The system has been constructed and used to experimentally determine 
the feasibility of the topography. A bank of twenty-six proportional 2/2 valves was used to 
operate a small backhoe arm (four actuators: swing, boom, stick, bucket). Two variable 
displacement swash-plate units were driven by an electric motor and used to power the 
valve block and backhoe arm. The pump/motors can be operated as two pumps, two 
motors, or split as a pump and motor depending on the load requirements on the system. In 
this paper the system features, operating modes, and experimental test setup are described. 
Experimental results are presented to demonstrate the feasibility of the system. The system 
concept presented in this paper can be utilized in nearly all fluid power systems including 
heavy equipment, and industrial automation machines. The inherent redundancy of TIER 
also makes it appropriate for aerospace applications. 

KEYWORDS: fluid power, efficiency, redundancy, excavator, energy recovery 

1. INTRODUCTION 

The cost of energy continues to increase and this trend is forecasted to continue [1] yet 
many hydraulic systems still dissipate large amounts of energy though metering 
restrictions. This has led to an increased interest and level of research activity in the 
efficiency of fluid power systems. Even with current state-of-the-art pressure compensated 
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load sensing (PCLS) systems, different actuator pressure requirements can lead to 
significant metering losses. To minimize these losses a variety of innovative solutions are 
being proposed by researchers and industries around the world.  By adding another pump to 
a traditional load sensing system a dual-level circuit can be designed where actuators are 
grouped according to the required pressures, thus reducing the valve metering losses [2]. 
This reduces but does not minimize the system metering losses. To further reduce these 
losses, decoupled metering valve (DMV) systems have been incorporated where the inlet 
and outlet valve metering orifices are independently controlled. These systems require two 
or more valves for each actuator (depending on the whether the valves are 2-way or 3-way). 
Various researchers have demonstrated the efficiency improvements of these systems [3-6], 
and several manufacturers have commercialized the concept [7, 8]. 
Displacement control systems have been demonstrated to eliminate the primary valve 
metering losses by removing them completely from the system. In these systems a variable 
displacement pump/motor is connected to each actuator and the actuator speed is controlled 
by the displacement setting. Extra valves are required for asymmetrical actuators [9, 10] 
since the flows are unequal, but by removing the primary metering valves the overall 
efficiency can be significantly improved [11-13]. 
All systems experience trade-offs in performance, efficiency, cost, and complexity. 
Whereas the dual circuit load sensing and decoupling metering systems reduce the valve 
metering losses with the addition of more valves and/or pump/motors, they do not eliminate 
the metering losses and are unable to recover energy from assistive loads. Displacement 
control systems are able to eliminate the primary valve metering losses and recover energy 
from assistive loads, but require a pump/motor for each actuator, extra valves for 
asymmetric loads, and greater total displacement to achieve equivalent machine 
performance. Since all flow passes through the pump/motors these units are often over-
sized for large portions of the work cycle leading to less optimal efficiency resulting from 
the pump/motors operating at reduced displacements. Other solutions, including additional 
valves and more efficient digital pump/motors have been proposed as possible solutions 
[14-16]. Research similar to the work presented here has recently been discussed in [17] 
where the authors present a 6-way valve and third pressure rail that is always connected to 
an accumulator. 

1.1. Hybrid Systems 

The Topography with Integrated Energy Recovery and Redundancy (TIER) discussed in 
this paper is a hybrid of decoupled metering, multi-level load sensing, and displacement 
control systems. As with the aforementioned systems there are many design trade-offs; 
these will be developed and discussed in more detail. The TIER system presented here can 
operate with characteristics of multi-level load sensing, decoupled metering, and 
displacement control, but also allows for several unique operating strategies.  
Initial work introducing a third pressure rail utilized digital switching valves to select the 
operating strategy and considered only a single pump [18]. Although conceptually feasible, 
the energy recovery modes are achievable only when the assistive loads generate a higher 
pressure than the resistive load recovering the energy and when a fixed speed ratio (flow 
continuity) is acceptable between the two actuators. Assuming these constraints are met or 
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acceptable, simulation studies demonstrated the capabilities of this type of system to 
improve the operating efficiency during certain load cycles. 

More recent work has introduced independent proportional valves in place of the digital 
valves and considered multiple pump/motor configurations to improve system performance 
and flexibility [19]. As digital switching techniques to modulate pressure and flow continue 
to improve, the use of digital switching valves in place of the proportional valves can be 
considered [20] for the TIER system as well. It is also possible to incorporate hydraulic 
transformers [21] between the pressure rails as alternatives to additional pump/motors. 

2. TOPOGRAPHY WITH INTEGRATED ENERGY RECOVERY AND 
REDUNDANCY (TIER) 

2.1. System Characteristics 

An example four-actuator, two pump/motor TIER system is shown in Figure 1. As typical 
of excavators and backhoes, four actuators are used to control the swing, boom, stick, and 
bucket motions. During normal operation these types of machines also experience 
simultaneous actuator movements, a mixture of assistive and resistive actuator motions, and 
a wide range of loads. The TIER system in Figure 1 incorporates twenty-six 2/2 
proportional valves and two variable displacement pump/motors. It is possible to use 
pump/motors of different sizes [19] to keep each unit operating near maximum 
displacement over a wider range of load cycles, and since the flow from each unit can be 
summed or regenerated additional flexibility is achieved. 

  
Figure 1. Example TIER System with 4 Actuators and 2 Pump/Motors 

There are two pressure rails in the TIER system, the Main Pressure Rail (MPR) and 
Secondary Pressure Rail (SPR). There is also a third rail that is always connected to the 
reservoir. The MPR and SPR can be connected to either pump/motor or to each other. This 
system requires more valves than decoupled metering valve system (26 versus 16 2/2 
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valves) and fewer pump/motors than a displacement control system (2 versus 4). With the 
cost per valve significantly less than the cost per pump/motor, a cost comparison of the 
different systems depends heavily on the number of actuators in the system being 
considered. 

Table 1 compares some of the advantages and disadvantages of the TIER system relative to 
multi-level load sensing, decoupled metering, and displacement control systems. 

 
Table 1. Advantages and Disadvantages of TIER relative to LS, DCM, and DC 

 Advantages of TIER Disadvantages of TIER 

Load Sensing Less valve metering losses 
Energy recovery 
Redundancy 

Additional pump/motor(s) 
Additional valves 
Additional sensors/controls 

Multi-Level Load 
Sensing 

Less valve metering losses 
P/M flows can be combined 
Energy recovery 
Redundancy 

Additional valves 

Decoupled Metering 
Valves 

Energy recovery 
Additional modes 
Redundancy 

Additional pump/motor(s) 
More complex control  

Displacement Control Fewer pump/motors 
More optimal p/m sizing 
P/M flows can be combined 
Open loop system possible 

Additional valves 
Valve metering losses 
More complex control 

 

2.2. TIER System Operating Modes 

The goal of this section is to provide an overview of how the valves are configured during 
operating modes of load sensing, multi-level load sensing, decoupled metering, 
displacement control, and the new modes of multi-level dynamic load sensing with 
decoupled metering, flow summing, and back pressure energy recovery [22]. The following 
descriptions use the valve numbers and actuator terminology defined in Figure 1. 

2.2.1. Load Sensing and Dual Level Load Sensing 

Although the TIER configuration can replicate both traditional pressure compensated load 
sensing and more recent split level load sensing systems, there are no load situations where 
these modes are more efficient compared with the hybrid TIER modes. For testing and 
comparison with other modes, however, a single load sensing system is achieved by leaving 
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valves 1 and 2 closed to isolate the three pressure rails (MPR, SPR, and tank) and using 
only the MPR and tank lines. The MPR is pressure controlled using the displacement on 
one pump/motor to be a small differential above the largest required load pressure. Pairs of 
valves on each active actuator (for example, valves 3 and 7 or 4 and 8 on the swing 
actuator) are actively controlled to simulate a load sensing system. Operation of the dual-
level load sensing mode is similar except that some of the actuators are assigned to the only 
operate between the MPR and tank, and other actuators between the SPR and tank.  

2.2.2. Decoupled Metering Valves  

As with the load sensing systems, operating the TIER system as a conventional decoupled 
metering system is not as efficient as the hybrid modes unless there is only one active 
pump/motor in the TIER system. In this case and with all resistive loads, there may be 
loading situations where TIER operates as a DMV system. Once again valves 1 and 2 are 
closed to isolate the three pressure rails (MPR, SPR, and tank) and only the MPR and tank 
lines are used. The MPR is pressure controlled using the displacement on one pump/motor 
to be a small differential above the largest required load pressure. Instead of controlling 
pairs of valves as with the load sensing systems, only one valve on each active actuator will 
be actively controlled. For example, with a resistive load on an extending swing cylinder, 
valve 3 would be actively controlled (assuming there are simultaneous actuator movements 
and the MPR pressure is not directly controlled as in displacement control) and valve 7 
would be fully open. Valves 4, 5, 6, and 8 are closed. 

2.2.3. Displacement Control 

If the number of active actuators is equal to or less than the number of pump/motors in the 
TIER system, an approximate form of conventional displacement control can be 
implemented. If the number of active actuators is greater than the number of pump/motors, 
it is still possible to implement displacement control with one actuator (or several, 
depending on the number of pump/motors) and utilize another combined mode with the 
remaining actuators and pump/motors. For whatever pump/motor and actuator pair using 
displacement control, it is important to note that the flow in and out of each actuator must 
still pass through at least two valves and therefore the efficiency will likely not be as a good 
as displacement control without any metering valves in the circuit (this metering loss 
depends on the size of the valves). However, this does allow for open-circuit displacement 
control [15], and as later modes will describe, some of these losses are recouped since the 
pump/motors can be sized and operated differently in the TIER system. To illustrate this 
mode using Figure 1 and assuming a resistive extending load on the swing actuator, valves 
1 and 2 remain closed, valves 3 and 7 are fully open, valves 4, 5, 6, and 8 are closed, and 
the first pump/motor displacement is controlled to control the extension speed of the 
actuator. During assistive loads this mode will recover energy and return it to the 
pump/motor shaft where it can be used to overcome losses (friction, engine, etc.) or 
resistive loads. 
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2.2.4. Multi-Level Dynamic Load Sensing with Decoupled Metering 

This mode is a natural combination of the load sensing and decoupled metering modes, 
taking advantage of the SPR and multiple pump/motors to provide multiple load sensing 
pressures and dynamically reconfigure actuators (changing which actuators are connected 
to which pressure rail) with similar load requirements. For example, if the swing and boom 
actuators are both requiring high pressure and the stick and bucket relatively low pressure, 
then one pump/motor can be assigned to the swing and boom and the other pump/motor to 
the stick and bucket. Where the TIER system is different than a dual-level load sensing 
system is: 1) the actuators can be dynamically reassigned based on required load pressures, 
and 2) the back pressure can be minimized using techniques similar to decoupled metering 
systems. This combination provides the benefits of both multi-level load sensing and 
decoupled metering systems. 

2.2.5. Flow Summing (and Regeneration) 

The flow summing mode is unique to TIER and involves several efficiency and 
performance trade-offs. The primary advantage is the ability to move large actuators more 
quickly when other actuators are not moving (or moving slowly in the system). The ability 
to sum the flow of multiple pump/motors also allows the pump/motors to be sized 
appropriately for the typical work cycle, and not oversized for the maximum required 
performance. This results in higher overall efficiencies since the pump/motors are 
operating, on average, at higher average displacement settings. The disadvantages when 
using flow summing include losing the ability to operate at multiple pressure levels (the 
MPR and SPR are connected) and to recover energy from some assistive loads (when the 
pressure from the assistive load is less than the rail pressure). To accomplish flow summing 
valve 2 is open and valve 1 remains closed; the other valves are chosen depending on the 
number of actuators active. If only one actuator is active flow summing can behave similar 
to displacement control, where one of the pump/motor displacement controllers is used to 
control the actuator speed, or if multiple actuators are active, the system can operate as a 
single pressure load sensing system with decoupled metering to reduce the negative effects 
of back pressure.  
A second method available to increase actuator speed, already utilized in conventional 
systems with appropriate valves, is flow regeneration. Considering the stick actuator for 
this example, in the TIER system this mode is enabled by closing all valves connected to 
the SPR except for valves 17 and 18. While this mode has the same trade-off of speed 
versus force found as in conventional flow regeneration systems, using this mode in the 
TIER system does still allow other actuators to connect to the SPR (or MPR) and operate as 
decoupled metering systems with resistive loads. An example of this mode with a single 
actuator is shown in Figure 2. 
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Figure 2. Example TIER System with Flow Regeneration on the SPR 

2.2.6. Back Pressure Energy Recovery 

This mode is also unique to the TIER system discussed here and has been described 
elsewhere as Energy Recovery Flow Control (EFRC) [19] and a Buttress mode [22]; an 
example of a system operating in this mode is shown in Figure 3. In this example the 
pump/motor on the SPR is used to control the retraction of the cylinder by creating a back 
pressure on the bore end and using the pump/motor displacement controller to control the 
speed. To the right of the dashed line in Figure 3 the alternative is shown where larger 
metering losses are incurred on an equivalent actuator moving an identical load. It is 
possible to simply use the SPR on this actuator as a separate load sensing system with the 
trade-off being that the pump/motor would be operating at a relatively low displacement 
and possibly with lower efficiency. One caution with the back pressure energy recovery 
mode is necessary, that being if the load reverses and becomes assistive. In this case it is 
important for the controller to recognize this and connect the rod end to tank pressure 
instead of the MPR to avoid exceeding the pressure rating of the system. This is especially 
necessary for assistive loads during extension since pressure amplification would occur in 
cylinders with differential areas. It is also be possible to use this characteristic for pressure 
intensification to recover energy to the rail with higher pressure. A recovery mode similar 
to this was proposed by Steinberg et. al. [23, 24]. 
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Figure 3. Example TIER System with Back Pressure Energy Recovery 

3. TIER IMPLEMENTATION ON A SMALL BACKHOE ARM 

To validate the concept of TIER a prototype system has been designed, installed, and tested 
using a four actuator small backhoe with power supplied by two variable displacement 
axial piston swash plate units capable of over-center operation. This system is briefly 
described here and is covered in more detail in [22]. The backhoe arm as installed in the lab 
and the possible motions are shown in Figures 4 and 5, respectively. 

 
Figure 4. Four Actuator Prototype of TIER System (backhoe/excavator) 
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Figure 5. Definition of Four Actuators and Associated Motions 

 

The 7 cc/rev pump/motors chosen were initially designed for use in a hydrostatic 
transmission for a zero-turn lawnmower (Figure 6). Two small cylinders and 4-way 
directional control valves were used to control the swashplate angles; each angle was 
measured using a hall-effect rotary angle sensor. A custom valve block was designed to 
accomodate the twenty-six 2/2 proportional valves (Figure 7). 
 

91



 
Figure 6. Two Pump/Motors in 

Housing 

 
Figure 7. Twenty-six valves and 

sensors in Valve Block 
 

Twenty-six INCOVA electro hydraulic poppet valves (EHPV) were used along with the 
available integrated pressure sensors and CAN bus controllers. The valves are characterized 
and discussed in more detail in [6].  
Rotary angle sensors were mounted to each backhoe joint to measure the motions of the 
swing, boom, stick, and bucket actuators. The CAN, swashplate and arm angles, and 
pressures at each actuator were connected to a dSpace DS-1103 hardware-in-the-loop 
control system for control and data acquisition.  

4. EXPERIMENTAL RESULTS 

Initial experimental work has validated the general system operating concepts using the test 
stand described in Section 3, and future work is focusing on controller development and 
validation. The TIER system described here has been operated in load sensing, decoupled 
metering, and TIER specific modes. Efficiency calculations have not been completed until 
loads can be applied to the system to simulate the various dig cycles experienced in the 
field.  

Four different motions, or stages, were used to validate the TIER concept. 
1. Lifting the bucket out of the hole while swinging the boom over to a truck or pile: 

both swing and boom cylinders simultaneously retract under resistive loads. 
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2. Emptying the bucket: the boom, stick, and bucket all move simultaneously to spread 
the load; the boom cylinder is extended with an assistive load and the stick and 
bucket cylinders are retracted with resistive loads. 

3. Moving the excavator arm back to the hole: the swing cylinder extends under a 
small resistive load, becoming assistive as it decelerates.  

4. Lowering the boom into the hole: boom cylinder is extended with an assistive load. 

To demonstrate possible energy savings the MPR, SPR, and Tank pressures were recorded 
for stage 2 and are given in Table 2. This stage was chosen since there are three 
simultaneous movements with one assistive load and two resistive loads. The LS was a 
traditional load sensing system with a single pump and the DMV was a traditional single 
pump decoupled metering valve system. In all cases the TIER configurations tested had 
equivalent or lower pressures and in certain modes were able to recover energy from the 
assistive load. 
 

Table 2. Experimental MPR, SPR, and Tank Pressures during Boom, Stick, and Bucket 
Movements 

 
 
The descriptions of the four TIER configurations shown in Table 2 and tested during stage 
two are: 

 TIER 1 (Figure 8): Back pressure recovery mode used on the stick, displacement 
control on the bucket, and the assistive load on the boom is throttled to tank. 

 TIER 2 (Figure 9): Equivalent of displacement control on the bucket using the MPR 
and load sensing decoupled metering on the stick using the SPR, with the assistive 
load on the boom being recovered (with throttling) on the SPR. 

 TIER 3 (Figure 10): The assistive load on the boom is throttled to the tank and load 
sensing decoupled metering on the stick and bucket. 

 TIER 4 (Figure 11): The boom assistive load is recovered on the SPR using the 
second pump/motor and load sensing decoupled metering on the stick and bucket. 

While it is obvious that some modes are more efficient than others, this example does 
illustrate the many degrees of freedom with this type of system. Other researchers have 
noted this same efficiency and flexibility potential accompanied by difficult control 
challenges [17]. 
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Figure 8. TIER 1 Configuration 

 
Figure 9. TIER 2 Configuration 
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Figure 10. TIER 3 Configuration 

 
Figure 11. TIER 4 Configuration 

 
As an example of the pressure traces on the MPR, SPR, and tank rails, Figure 12 is 
provided for the first TIER configuration (TIER 1). The pressure traces for TIER 
configurations 2-4 are similar (with the different values listed in Table 2) and not repeated 
here. 
 

 
Figure 12. MPR, SPR, and Tank pressures recorded for the TIER 1 Configuration 

5. CONCLUSION 

This paper discussed various operating modes for the TIER distributed valve system and 
demonstrated several of these using a laboratory test excavator equipped with two 
pump/motors and twenty-six 2/2 proportional valves. There are many degrees of freedom 
leading to multiple operating mode choices for virtually all feasible actuator motions. 
Although it is beyond the scope of this paper to discuss the system modelling efforts and 
development of a control system capable of automatic mode selection, optimal efficiency, 
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important and necessary components for the successful control and implementation of 
TIER systems. Future work will continue to address and develop these solutions.  

A second aspect of the TIER system, only briefly mentioned in this paper and also the 
subject of continuing work, is the ability of the system to be reconfigured in the event of 
certain line or component failures. Since there are redundant flow paths for every actuator 
and redundant control valves, there are possibilities for an electronic control system to 

well, but could allow the operator to finish the task before repairs are made. 

NOMENCLATURE 

DMV Decoupled metering valves (sometimes called independent metering valves) 
EFRC  Energy Recovery Flow Control 

MPR Main pressure rail 
PCLS Pressure compensated load sensing (generally called load sensing) 

SPR Secondary pressure rail 
TIER Topography with Integrated Energy Recovery 
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ABSTRACT 

In many hydraulically operated systems there is potential to implement energy 
regeneration to improve the energy efficiency of the system. The recovered energy can 
be stored in various ways, but previous studies made by the authors have shown that in 
hydraulically operated regenerative systems a pressure accumulator seems to be ideal 
energy storage. Even though it also has some disadvantages. Energy losses in form of 
heat transfer from gas to accumulator’s walls are a well-known problem. However, the 
efficiency can be improved by using different heat recovery methods. To compare these 
methods and to optimize the design numerically, a reliable model of an accumulator is 
needed. 
The primary aim of this study is to build a multidisciplinary model of a basic piston 
type hydraulic accumulator and to validate the simulation results by experimental 
measurements. The second aim is to test how heat regenerator affects to energy 
efficiency. The results manifest that multidisciplinary modeling is a useful and valid 
tool for modeling the piston type hydraulic accumulator. The effects of the heat 
regenerator attached inside the accumulator’s gas volume are significant. 

KEYWORDS: Accumulator, simulation, heat transfer 

NOMENCLATURE 

CP heat capacity [J/(kg K)] 

g gravity, 9,81 [m/s2] 
I identity tensor 

k thermal conductivity [W/(m K)] 
Lentr length of inlet [m] 

99



n normal vector [m] 

n number of moles 
p pressure [Pa] 

p0 pressure at beginning [Pa] 
p0,entr pressure at boundary (inlet) [Pa] 

Qref reference flow rate [m3/s] 
Q heat source [W/m3] 

r, z spatial coordinates in axisymmetric model [m] 
R universal gas constant, 8,314472 [J/(mol K)] 

t time [s] 
T temperature [K] 

Tout room temperature [K] 
T transpose (operator) 

u flow velocity [m/s] 
V volume [m3] 

W work of adiabatic process [J] 

 number of degrees of freedom divided by 2 (= 5/2 for diatomic gas) 

 adiabatic index (= 7/5 for diatomic gas) 
 energy efficiency 
 dynamic viscosity [Pa s] 

 density [kg/m3] 

1. INTRODUCTION 

Hydraulically operated machines have a reputation of poor energy efficiency. Many of 
those machines produce work cycles where kinetic or potential energy is converted into 
heat during the counter action of the main function e.g. braking situation. This means 
that there is potential to implement energy regeneration to improve the energy 
efficiency of the system. The recovered energy can be stored in various energy forms. 
However, previous studies have shown that unnecessary transforms should be avoided 
and therefore in hydraulically operated regenerative systems a pressure accumulator 
seems to be ideal energy storage. [1, 2] 

Despite of its advantages the accumulator also has some disadvantages. Energy losses in 
form of  heat  transfer  from gas  to  walls  of  the  structure  and  to  surroundings  is  a  well-
known problem [3, 4, 5]. The quick filling process of an accumulator is nearly adiabatic 
process where the temperature of gas increases and this heat escapes through the walls 
to the environment during the storage phase. 
However, by using different heat recovery methods, the energy efficiency can be 
improved. Several methods have been developed, e.g., using elastomeric foam or a heat 
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regenerator inside the gas volume [2, 3, 6]. To compare different heat recovery 
methods, a reliable model of an accumulator is needed. The model should include heat 
convection since it is the primary method by which heat moves through gases and 
liquids. Because it is not sensible to solve convective heat transfer problems without 
solving the flow system, the model should also take into account the flow of nitrogen in 
the gas volume. 
The primary aim of this study is to build a multidisciplinary model of an accumulator 
and to validate the simulation results by experimental measurements. The second aim is 
to examine how the honeycomb heat regenerator affects the pressure and the 
temperature behavior of the hydraulic accumulator. 

2. MULTIPHYSIC MODEL 

The multidisciplinary model of the piston type hydraulic accumulator is implemented 
using Comsol Multiphysics software, which is capable of solving all kind of problems 
using partial differential equations [7]. The accumulator model consists of three 
elements; moving mesh, heat transfer and weakly compressible Navier-Stokes. The 
geometry of the accumulator is modelled using axial symmetric 2D space dimension 
instead of 3D to improve the calculation performance. In the compression phase of work 
cycle the movement of the piston is modelled using a moving mesh. 
The heat transfer from adiabatically heated gas to the structure of the accumulator is 
modelled with general heat transfer physics with convection [7]: 

 QTCTk
t
TC pp u       (1) 

The heat transfer from the structure of accumulator to surrounding environment is 
modelled without convection as there is the steel structure is a solid body. 

0Tk
t
TC p         (2) 

The outside temperature of the accumulator’s structure is expected to be constant room 
temperature. To keep the model as simple as possible, the surroundings of the 
accumulator (air with nominal temperature and flow, radiation, etc) are not included in 
the model. The boundary conditions for heat transfer are set as follows: 

 r = 0, for axial symmetry 
 0Tkn , for insulation 
 T = Tout, for temperature at outer wall 

The rise of temperature during the compression phase is modelled using heat source Q 
in the subdomain of gas volume. This is calculated by ideal gas law and adiabatic 
process equations. First the amount of nitrogen in moles is calculated from ideal gas law 
using initial values: 

0

00

R
R

T
VpnTnpV         (3) 

The amount of nitrogen is used to calculate work done during adiabatic compressing 
phase 
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1R
1

0
0 V

VTnW         (4) 

By derivation of (4) and dividing by the volume of gas, we get heat source Q for the 
subdomain of gas 

V
t

WQ /
d

d           (5) 

The flow of nitrogen inside the gas volume is described using weakly compressible 
Navier-Stokes equations [7] 

RT
Mp

t
p

p
t
u

,0

,
3

2T

u

gIuuuIuu
   (6) 

The density of gas is a function of temperature and pressure. This leads to the gas flow 
because the nitrogen temperature decreases near the walls (heat transfer into structure) 
so that the density increases. This is modeled using volume force as the last term ( g) of 
equation 6. 

Normally, the pressure of gas volume should be calculated using inflow with the same 
velocity as the accumulator piston, but for some reason the model could not converge. 
So the boundary condition for the inlet was chosen to be laminar flow from pressure 
source. The pressure caused by the change of volume is calculated using ideal gas law 
and this calculated pressure p0,entr is set as a boundary condition for laminar inflow.  
The boundary conditions for flow physics are: 

 0r , for axial symmetry 
 0u , for surroundings (wall, no slip) 
 0,.0

T unuuI tentrtttentr ppL , for inlet 

3. EXPERIMENTAL TEST SETUP 

The experimental test setup is the same as in previous study [2] with minor 
modifications. The hydraulic circuit consists of the main pump unit, two digital flow 
control units (DFCUs), the piston type accumulator to be measured and separate tank 
with an additional pump for buffer storage. The separate tank and pump are located 
close to the valve package. These were attached to the test system to avoid pressure 
rising caused by the inertia of oil. The schematic illustration of the hydraulic circuit is 
presented in Figure 1. 
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Figure 1. Simplified schematic drawing of hydraulic circuit 

The accumulator under investigation is equipped with a number of measurement 
equipment. The schematic drawing of the accumulator and measurement sensors are 
presented in Figure 2. The measured quantities are pressures in both chambers of the 
accumulator  and  pressures  close  to  the  valve  blocks;  the  flow  rate  to/from  the  
accumulator; the temperatures of the nitrogen, oil and the accumulator’s walls and the 
position of the piston. 

Gas valve

Piston
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Pressure- and

Gas

Inlet port

transducer

temperature
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volume

Fluid
volume

Pressure- and
temperature
transducer

 
Figure 2. Schematic drawing of hydraulic piston type accumulator with sensors 

3.1. Accumulator with heat regenerator 

The original piston type accumulator is modified to improve the energy storage 
performance by attaching heat regenerator inside the gas volume. The honeycomb heat 
regenerator is attached to the extra volume on top of the accumulator as shown in Figure 
3. 
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Figure 3. Location of honeycomb heat regenerator in modified accumulator. 

As a heat regenerator, a (racing) catalytic converter is used. The dimensions of this heat 
regenerator are 154 mm (length) and 102 mm (diameter). The volume is approximately 
7,4 dl and the effective area is approximately 1,8 m2. 
The increased gas volume is compensated in measurements by pre-charging the 
accumulator with oil in the beginning of measurement so that the initial gas volume and 
the initial pressure are the same as in the measurements of the original accumulator. 

4. RESULTS 

The results of simulations and validation of the simulation model are introduced in the 
following section. Also the results of the experimental measurements of the basic 
hydraulic piston type accumulator and the modified accumulator with the honeycomb 
heat regenerator are presented. In the measurements, the accumulator is driven using the 
digital hydraulic flow controller to adjust the inflow/outflow to the values of 15, 30, 50 
and 70 l/min. 

4.1. Simulation results 

The simulation of the piston type accumulator was divided into two separate 
simulations of work cycle due the convergence problems. First the compressing phase 
of work cycle was simulated using moving mesh and after that the holding phase was 
simulated using initial conditions and the geometry achieved by simulation of the 
compression phase. In simulation the charging speed was set to 70 l/min. 
The results of simulation of charging the accumulator are presented in Figures 4 and 5. 
In figure 4 on the left hand side is the simulated temperature of gas and on the right 
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hand side is the result of measurement. The figure shows that the temperature rises 
much faster in simulation than in measurement. 
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Figure 4. Simulated and measured temperature behavior of gas in compressing 

phase. 

Figure 5 illustrates the pressure behavior inside the gas volume during the compressing 
period.  The  result  of  simulation  is  presented  on  the  left  diagram  and  the  result  of  
measurement is shown on the right diagram. 
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Figure 5. Simulated and measured pressure during the compressing phase. 

Figures 6 and 7 illustrate the decreasing of pressure and temperature during the holding 
phase. Figure 6 shows the simulated and measured temperature of the gas and Figure 7 
shows the pressure of nitrogen inside the gas volume within the holding period. 
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Figure 6. Simulated and measured pressure behavior of gas in holding phase. 
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Figure 7. Simulated and measured pressure during the holding period. 

4.2. Results of experimental measurements 

The results of experimental measurements of the basic piston type accumulator 
compared with the modified accumulator with the heat regenerator are illustrated in 
Figure 8. The upper most diagrams demonstrate the pressure and the temperature 
behavior in test cycle where the accumulator was filled with the flow rate of 15 l/min. 
The lower diagrams come from measurement with flow rate of 70 l/min. 
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Figure 8. Comparison of pressure and temperature behavior between basic 

accumulator and accumulator with heat regenerator 
The p-V diagrams of normal and modified accumulators are shown in Figure 9. The 
work cycle is controlled by the digital hydraulic flow controller and the reference flow 
rate was set to 15, 30, 50 and 70 l/min. The area in the hysteresis loop describes energy 
losses. 
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Figure 9. PV diagram of comparison between basic accumulator and accumulator 

with heat regenerator 
The improvement of energy efficiency with different charging rates is presented in 
Table 1. The energy efficiency was calculated by integrating the p-V curve of the 
compressing phase and subtracting from that the integral of p-V curve in the releasing 
phase. Table 1 show that energy efficiency increased from ~68…73 % to ~81...85 % by 
attaching the honeycomb heat regenerator in the gas volume of the accumulator. 

Table 1. Results of energy efficiency of basic and regenerative accumulator 
 basic [%] reg [%] 

Qref=15 l/min 72,96 85,06 

Qref=30 l/min 70,31 82,18 

Qref=50 l/min 69,78 82,45 

Qref=70 l/min 68,97 81,65 

5. DISCUSSION AND CONCLUSION 

A multidisciplinary model of the piston type hydraulic accumulator was implemented 
using Comsol Multiphysics software. Due to the convergence problems of the model 
when simulating the whole work cycle at once, the simulation procedure was divided 
into two separate segments; the compression phase and the holding stage. 
The results of simulation showed that during the filling period temperature of gas in the 
chamber raised much faster than in measurements. At simulations the temperature reach 
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maximum value 392 K at 2.9 seconds compared with measurements where the 
maximum value of 372 K was achieved in 5 seconds. The slower response of the 
measured quantity is caused by the inertia of the temperature sensor and sluggishness of 
the  amplifier.  The  simulated  pressure  of  gas  rose  as  fast  as  in  measurements,  but  the  
final value at the end of the compressing phase was slightly lower than the measured 
one. This originates the fact that equations of ideal gas law are not accurate if applied to 
real gases, especially at higher pressure levels. 

In the simulation results of the holding phase, the temperature falls faster and the final 
value is approximately 10 K lower than in measurements. This is also expected to be a 
consequence of the lag of temperature sensors and the location of the sensor inside the 
chamber. 

However, the implemented model is moderately reliable, but some improvements need 
to be done. The convergence problems of the model have to be solved so that the whole 
work cycle can be simulated at once. Also the real gas equations (e.g. the B-W-R 
equation of state) should be used to compute the pressure and temperature instead of 
ideal gas equations to improve the accuracy of the model. 
The results of the experimental measurements of the modified accumulator clearly 
demonstrate the benefits of attaching the heat regenerator in gas volume. The results 
showed that temperature variation of the modified accumulator during the work cycle 
was minor in contrast to the changes in the standard component. Also the lowering of 
the pressure within the holding period was decreased substantially in the modified 
construction. Now, one has to keep in mind that this time the placing of the heat 
regenerator inside the gas volume was not optimal and better results can be expected by 
finding more suitable geometry and location for the heat regenerator. 
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ABSTRACT 

Electronic control systems for mobile machines are used to create advanced features 
such as improved efficiency, usability and sophisticated fault diagnosis. The 
continuously increasing significance of control systems makes extensive and reliable 
testing during their development process very important.  
Hardware-in-the-loop (HIL) simulation makes it possible to begin testing the control 
systems at the very beginning of the development process and provides a platform for 
test automation. The aim of test automation in a simulated environment is to speed up 
the testing process and increase the reliability and safety compared to testing with real 
machines.  

This  paper  presents  a  method  for  automatic  testing  and  a  system  that  utilizes  this  
method.  The practicality of the test systems is demonstrated in realistic test cases 
focusing on the hydrostatic power transmission control unit of a compact multipurpose 
loader. Testing was done in a HIL-environment which consisted of several real time 
simulation PCs. 

KEYWORDS: Real-time simulation, hardware-in-the-loop, HIL, control system, 
automatic testing. 

1. INTRODUCTION 

Modern control systems are large and complex. They are used to control almost all 
aspects of machines operations from simple actuator controls to highly automated tasks. 
This makes the control systems and their software key components in the development 
of new features and performance improvements.  

Testing is a major part of every control system development project and currently 
testing is a major challenge to the companies developing control systems. An example 
of this can be seen in Figure 1,  which shows the modified control system of an Avant 
multipurpose loader. This same control system was tested in our case study. 
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Figure 1. Diagram of a modified control system of an Avant multipurpose loader. 

As  can  be  seen  from  the  picture,  the  control  system  is  distributed  to  multiple  ECUs  
(Electronic Control Unit). This is done because the control software itself is so 
complicated that it cannot be run on a single ECU. Thus the operation of the whole 
system  is  based  on  the  operation  of  several  independent  modules.  There  are  also  
multiple inter-connected components and machine functions that all need to be 
controlled. 
These issues make the manual testing of control systems very time consuming and 
challenging. The more complex the control system, the higher the number of 
combinations that needs to be tested. For the tester this can be laborious and time-
consuming work. If the tests are carried out using a prototype machine, this can also 
bring with it safety risks. 

In the work machine industry it has been recognised that the increasingly complex 
control systems are becoming too complex to be tested manually. Every new feature 
that is introduced into the control system exponentially increases the testing needs. This 
is why many work machine manufacturers are interested in automatic testing of control 
systems. FIMA (Forum for Intelligent Machines) is a cooperative forum for Finnish 
mobile work machine manufacturers. These industrial companies represent 
manufacturers, designers and testers of mobile work machines and their control 
systems. The TINAT (Automatic testing in integration phase of a work machine) project 
(2008-2009) is one of the projects that they started in order to research automatic testing 
of control systems. 

Another  project  that  has  similar  research  goals  is  the  GIM  (Generic  Intelligent  
Machines) project (2008-). It is an CoE (Center of Exellence) funded by the Academy 
of Finland and it is formed by the Department of Automation and Systems Technology 
at Aalto University - School of Electrical Engineering and the Department of Intelligent 
Hydraulics and Automation at Tampere University of Technology (TUT/IHA). This 
project concentrates on developing automated and intelligent work machines.  
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2. DYNAMIC TESTING OF CONTROL SYSTEMS 

A major part of any automation systems lifecycle is testing. It can be performed in 
many  ways  but  in  the  case  of  control  systems  it  is  usually  carried  out  using  dynamic  
testing. It is practically the only testing technique that takes into account the needs of 
development and the operating environment and the requirements of the software under 
test. Dynamic testing means testing the system using specific input values and then 
analyzing the output values accordingly. [1] 

Control systems are systems that calculate output values from measured data and 
control values. Control systems are used in almost all mobile machines and they control 
other control systems and the actuators of these machines. When testing the mobile 
machine control system, it is important to know how the real machine acts. This is why 
it has been common to use real machines as the testing platform, so that all values are 
calculated correctly. It also creates some basic needs for the control system design and 
so that it needs to be thoroughly tested beforehand to prevent damage to the testing 
hardware. 

HIL (Hardware-In-the-Loop) testing is one of the methods used in dynamic control 
system testing. It uses a simulator to simulate the actions of the real machine. This 
enables the testing to start at an earlier stage in the development process because real 
hardware is not needed. It also allows safer testing and gives more freedom because 
there is no risk of damage to test hardware such as a test rig or an actual mobile 
machine. This method is widely used in the automobile, aeronautics, and mobile 
machine industries [2]. The different testing phases in the development process of 
control systems are illustrated in Figure 2 [3]. 

 
Figure 2. Testing methods in the different development stages of control 

systems.[4] 

Figure 2 shows how the test system and control system evolve side by side during 
development. Initially only a model and simple software for the control system and the 
actual machine are needed to test the basic features of the system. When more features 
are added to the control systems, the requirements for the simulation model and the 
testing system increase. At the PIL level, control system development reaches the level 
where the control system code is run in real-time on processors. This requires real-time 
capabilities from the simulator. 
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3. AUTOMATIC TESTING OF CONTROL SYSTEMS 

Automatic testing is mostly additional to manual testing, so the two approaches should 
not be seen as alternatives. Automated testing of control systems means that the system 
is tested automatically without manual inputs from the user. This kind of automatic 
testing has some benefits over manual testing such as speed and accuracy. For example, 
regression testing can be used more frequently and in greater amounts when tests can be 
run during the night [5]. This also allows the tester to concentrate more on the design of 
the tests when the tests themselves can be run without the tester’s supervision. 
When using automated testing, it should be noted that testing is used in all the 
development phases of the system. This is why the test platform should be flexible 
enough to adapt to different testing techniques and to changes in the testing systems. 
This can be achieved by designing the systems to be as independent of the changes as 
possible, which can be done by reducing the dependencies within the testing system. 
Four simple rules for reducing dependency are provided in the book, “Testing 
Embedded Software”. In the following list, the term “test suite” means everything 
necessary to execute a test with a single push of a button. [6] 

 Test data is stored outside the test suite. 
 The description of test actions is separated from the technical implementation of 

these actions. 
 The actual testing process is independent of the system under test and its 

environment. 
 The  communication  between  the  system  under  test  and  the  test  suite  is  

implemented independently of the central process of the test suite.  
This allows use of the same test cases and the same test system throughout the system 
lifecycle. Tests made at the MIL level can also be used in later test stages (see figure 2). 
Another view of the automatic testing process is that there are different areas in the 
testing process that can be automated individually and thus can be seen as separate 
entities within the testing process. These areas are test case generation, running of tests, 
analyzing results and report generation. All of these areas are interconnected but they 
can be developed as separate entities provided that the results between them are clearly 
defined. The advantage is that it becomes unnecessary to develop all these areas at the 
same time. [7] 

4. AUTOMATIC TESTING CONCEPT 

On the basis of the principles described in the previous sections, an automatic testing 
concept for automatic testing of control systems was created. The concept has been used 
to test hydraulic mobile machines at IHA. The concept, which that can be seen in Figure 
3, separates different areas of testing so that they can be developed as individual 
elements. 
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Figure 3. Automatic testing concept for control system testing.[4] 

These elements are administration of tests, controlling of test operation, and analysis 
and visualization of test data. The automatic generation of test cases has also been 
studied but it has not been included in the concept. Real time simulation and data 
collection are handled by separate hardware that, in our case, consists of MathWorks 
xPC Target simulators. These simulators are connected to the control system. More 
thorough explanations of these elements are given in their own sections.  

4.1. Administration of tests 

Administration involves storing and controlling all of the cases that are used in the 
testing. This usually involves a database where the test definitions, test sequence and the 
test result data are stored. Because testing involves different aspects such as safety 
testing, regression testing etc., there should also be a way of distributing the test cases to 
the different categories so that, for example, all regression tests can be run at once. [7] 

In our case this administrative tool is TestLink which is a web-based, open source, test 
administrative  program  [8].  It  is  divided  into  four  sections,  which  are  requirement  
management, test management, test execution and report generation. In our case we did 
not  use  the  requirement  management  section  because  there  was  a  different  system  in  
place to handle these requirements. TestLink also includes user management so that test 
cases can be assigned to different testers and so that a particular user only has access to 
specific test cases.  
Because the test cases were automatically executed, they also needed to be predefined in 
the same way so that the information could be parsed automatically. This is why a 
template was used to help test case generation. The template defines all the test case-
related data, such as models to be run and analysis methods for the data. These can then 
be easily adapted for each test case. There could also be multiple templates for different 
scenarios though in our case one template was enough. The user interface of TestLink 
can be seen in Figure 4, which shows a test case edition view. [7] 

Controlling of test operation

- Loading of simulation models to
real-time PC’s

- Data recording
- Test sequence control

Real-time operationof tests

- Simulation in real-time
- Data collection

Analysis and visualizationof 
test data

- Data retrieval from database
- Filtering
- Data analysis, transfer to database

Real control system

Administration for tests

- Definition of test cases, database
- Generation of test sequences
- Definition of data collection
- Database for stored data
- Report generation
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Figure 4. Test case edition view in TestLink. 

Inside  the  summary  partition  of  the  test  case  edition  view  you  can  define  the  test  
parameters such as the simulation models to be run and the signals that are to be logged. 
Here you also define the analyzer-specific data such as the control model, tolerance and 
filter values. [7] 
Inside the steps partition you can also define the test sequence for the specific test case. 
This sequence will be given to the GIMsim Test Manager (Test Manager). 

4.2. Controlling test operations 

When running automated tests, it is necessary to control the testing within a single test 
case and also between the different test cases. Test Manager is designed to control the 
upper level handling of testing. [7] 
Test Manager downloads the test cases from TestLink and parses the test case 
descriptions into test cases that can be run in our test environment. The user can then 
select which test cases will be run automatically. The user interface of Test Manager is 
shown in Figure 5. [7] 
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Figure 5. GIMsim Test Manager’s user interface and testing view. 

Test Manager initializes the test environment separately for each test case. The 
simulation models are downloaded into a real-time simulation environment and they are 
initialized with specific parameters, if needed. Data logging is also set up so that all the 
signals that were marked to be logged in TestLink will also be logged while testing. [7] 

Once the actual simulation starts and all initializations are completed, control of testing 
is passed to GIMsim Sequence Generator (Sequence Generator), which is shown in 
Figure 6. 

 
Figure 6. GIMsim Sequence Generator is executing test case 1. 

The Sequence Generator is started by Test Manager which passes the right parameters 
and  the  test  sequence  as  arguments.  The  program  automates  the  execution  of  the  test  
sequences which mimic the actions of a human driver. Like a human tester, Sequence 
Generator can apply controls for a certain time or it can use a closed loop feedback. In 
the later case the machine can be driven to an exact position or state. [9] 

Test sequences are described by a specific test language. The number of instructions is 
very small and the language specifies only very simple programming structures. In most 
cases the test sequence is executed from top to bottom, but for-loops and if-sentences 
are also supported. The language also enables concurrent and sequential execution of 
instructions. These design decisions make the script language easy to use, even for a 
very inexperienced programmer. [9] 

The main difference from commercial test script languages is that our solution 
concentrates only on describing test sequences for mobile working machines in an HIL-
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environment. This greatly reduces the amount of instructions needed, the setup 
parameters and the overall complexity of the program. [9] 
Since Test Manager handles all of the managing tasks, Sequence Generator has no need 
of menus. It reads arguments, executes the test sequence and shuts itself down. The 
shutdown process notifies Test Manager, which knows when Sequence Generator is 
closed. [9] 
Once Test Manager receives the notification, it collects the logged data from the 
simulators. This data is in binary format so it is then automatically translated into tab-
separated value format. This log file is then passed on to GIMsim Test Analyzer (Test 
Analyzer). 

4.3. Analyzing test data 

In addition to administration and control of test operation, an important task in control 
system testing is the evaluation of test data. The goal of evaluation is to identify faults 
in the system under test. To improve system reliability, as many faults as possible, need 
to be identified. An unfortunate fact is that errors always occur during software 
development and dynamic testing has to be carried out to identify the faults [6]. Another 
important purpose of testing is to ensure that all functions and properties confirmed to 
be correct remain correct after changes and updates of the control system software. 
The  results  of  a  test  run  on  a  HIL  test  system  are  time-dependent  signals  from  the  
control system under test and the simulation model representing the controlled machine. 
On  the  basis  of  these  signals,  testers  try  to  discover  deviations  from  normal  control  
system operation. An efficient way of identifying the faults is to review the output 
signals  of  the  control  system  because  the  basic  function  of  a  control  system  is  to  
generate correct outputs with respect to the inputs. Signals from the simulation model, 
on the other hand, help in identifying the reasons for unexpected behaviour of the 
system under test.  
Evaluation becomes much easier if the output signals can be compared to some 
reference data [10]. The reference data can derive, for example, from an earlier test run 
or  from  any  other  measurement  that  has  been  confirmed  and  which  it  is  possible  to  
import  into  the  test  system  [10].  Without  this  kind  of  data  the  tester  has  to  manually  
inspect the output signals and decide if they are correct or not. This is, at the least, very 
time consuming, and it may even be impossible because of the complexity of modern 
control systems. 

Because the primary objective of the automatic testing concept and the test system was 
to automate and speed up the existing manual testing during the integration phase of 
control system development, no reference data was available. To create the required 
reference signals and to automate the evaluation, a software testing method called 
“oracle” or “test oracle” was adapted. The idea is to create an executable specification 
of the ECU under test with a programming language. It is not necessary, and in most 
cases not reasonable, to describe the entire ECU, but only to describe the relevant 
outputs in question to keep the description simple and correct. The purpose of the code 
is to determine what the outputs of the system under test should be with respect to 
particular inputs. [11] 

When running a test sequence on a simulator it is necessary to log inputs and the 
outputs of the ECU under test. Based on these logged inputs and the executable 
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specification of the ECU, oracle creates another log-file. This makes it possible to 
compare the log-file from simulation and the log-file created by oracle to determine if 
the outputs of the ECU under test are correct for the particular test case. [11] 

ECUs often have several parameters to alter the behaviour of the system, for example, 
the gain of a controller. To eliminate the need for a new specification code for every 
version with a different parameter value, the ECU should have a diagnostic protocol or 
some other method to save the parameter values to a log-file. This makes it possible for 
oracle to use the correct parameter values each time. [11] 
Test data evaluation and visualisation is carried out by a tool called Test Analyzer. It 
contains functions for reference data generation (test oracle), automatic signal 
comparison and data plotting. To detect deviations, Test Analyzer calculates the relative 
difference between two signals. It has been discovered that relative difference and other 
comparison methods are used within the automotive industry and are further studied in 
Automotive Embedded Systems Handbook [1]. The tool can be run by the Test 
Manager as an automatic background operation or through a graphic user interface. Test 
Analyzer identifies deviations between logged signals and sends the compared results 
back to TestLink database. The tester is able to reopen the log files and plot the deviant 
signals  afterwards  through  Test  Manager  in  order  to  confirm  the  results  and  to  begin  
identifying the reasons for any unexpected behaviour of the control system. [11] 

5. CASE STUDY: AVANT MULTIPURPOSE LOADER 

The automatic testing concept was tested with a modified version of the Avant 
multipurpose loader (see Figure 7) control system. The control system was engineered 
in IHA for research purposes. The simulation model for Avant had been developed for 
the GIM project. The control system and simulator were connected to create a HIL 
testing system.  

 
Figure 7. Avant multipurpose loader 

The testing system can be seen in Figure 8. It consists of three xPC Target simulators, 
several control units from Epec Oy and two Windows XP computers. The simulators 
and the two computers are connected through the local area network. Control units are 
connected to each other and to one of the simulators through a CAN-bus. The 
computers were distributed so that one had the database and TestLink and the other had 
Test Manager, Sequence Generator and Test Analyzer installed.  
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Figure 8. Layout of the test system. 

The control unit that was used in the tests was the same as that used in the real machine. 
In our evaluation we tested only the transmission control system. This control system 
was responsible for controlling the diesel engine rotation speed. The black box model of 
the control system can be seen in Figure 9. 

 
Figure 9. Input and output values of the transmission control system that was 

tested in our case study. 
The transmission control system takes in 4 values that are used to calculate the required 
rotation speed. The actual code was based on the specifications that were set for the 
transmission control system and the code is then executed inside the ECU. The 
executable specification that was used to analyze the test results was also based on the 
same specification.  

For our case study we created two test cases that would show the advantages of the 
automatic testing concept. These cases will demonstrate the accuracy and repeatability 
benefits of automatic testing. 
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5.1. Test case 1: Ramp response 

The first test case sets out to show if the ramp response of the gas pedal corresponds to 
the specifications.  The overall  time that the test  developer took to create this test  case 
was approximately 2 minutes. 
Defining the test case began by creating a test case in TestLink and setting the 
parameters for this test. We used the same values as in the original test template but 
changed the test sequence so that it created a ramp. The test sequence itself had only 13 
lines of code. The analysing values were set to filter out errors that lasted less than 1 
second and had a relative error less than 6 percent. These values were selected on the 
basis of earlier experience.  
This selection of analysis values can also be automated. The automotive industry has 
studied methods to automatically discover good tolerance thresholds based on statistical 
calculations. These methods, however, were not used in this case but an experienced 
tester was used to define the values instead. [12] 
This test case shows the benefit of automatic testing using a precise input signal. If this 
test were to be done by a human, the input value would not be a straight line and it 
would show variation. The input value can be seen in Figure 10. 

 
Figure 10. Input signal to the transmission control system. 

The measured ramp response can be seen in Figure 11 in the upper diagram. The 
measured curve is drawn in red and the analyzer-generated curve is drawn in blue. The 
lower diagram shows the relative difference of these two curves. This is the curve that is 
used to check if the test can be marked as passed or failed. 
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Figure 11. Ramp response of the diesel engines rotation speed. 

From the picture it can be seen that the two lines do not match exactly and there is some 
error during the period from 20-27 seconds. Since this error lasted longer than 1 second 
and was greater than 6 percent, the test was marked as failed. There is also a large error 
at the 12 second mark but since it lasts less that 1 second it was not taken into account. 
This  spike  is  caused  by  short  delays  that  differ  between a  real  control  system and  the  
oracle testing system. 

It was found that the problem which caused the error was out-of-date specification. The 
controller developer had changed the program of the controller without documenting the 
change correctly. In this case the change was made in response to user complaints about 
the slow response of the speed pedal. The executable specification was updated and the 
new ramp response evaluation can be seen in Figure 12 

 
Figure 12. Ramp response of the diesel engine rotation speed with corrected 

analyzing model. 

This also shows the benefits of automatic testing. We were able to reproduce the exact 
test case without changing the actual test case. Only the executable specification needed 
to be updated. 

122



5.2. Test case 2: Work cycle 

This test case represents an actual work cycle that might occur in a real situation. The 
loader is driven forward with its bucket in the lower position, imitating the loading of 
sand. After a few meters the loader is stopped and the bucket is raised from the ground. 
The loader is then first driven backwards and then forwards to a position where it will 
tilt the bucket to dump its load. The creation of this test case took approximately 9 
minutes because of the more complex sequence that had to be coded. 

Defining the test case again started by creating a new test case in TestLink. It was 
created in the same way as test case 1. All other values were the same except the 
sequence that had to be created. The test sequence had 39 lines of code. We also used 
the same executable specification as in the previous test case. The response of the motor 
controller can be seen in Figure 13. 

 
Figure 13. Response of diesel motor controller in test case 2. 

An unexpected error can be seen between 41-43 seconds. This error is longer than 1 
second and greater than 6 percent so the test is marked as failed. Closer inspection 
indicated that the calculated power need was raised, as the specification (blue line) 
indicates, but the control system did not react to take this into account. A possible cause 
for the error is undocumented hysteresis in the control system code. This error had not 
yet been fixed at the time this paper was written.  

6. CONCLUSION 

Control systems of mobile work machines have become increasingly complex in recent 
years. This has caused the testing of these systems to become more important and also 
more time consuming. As a result, many industrial companies have started to show an 
interest in automatic testing.  

Automatic testing brings benefits such as speed and accuracy but it does not completely 
replace manual testing. Because of its advantages, automatic testing will lead to better 
coverability of testing and also to faster testing cycles. It also has other advantages, for 
example, test personnel are not constantly needed to supervise the testing process since 
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the system can run independently. Hence tests can be run over night and at weekends 
when the testing simulator is not needed by other personnel. Together these features 
will help in the identification of faults earlier in the development process and thus 
reduce the costs such faults incur.  
Automating the entire testing process might not always be the best choice and so the 
testing should be divided into smaller segments that can be developed separately. In this 
paper we presented the automatic testing concept that separates four segments, 
automatic test case generation, running of tests, analyzing results and report generation. 
It allowed us to develop each segment independently from the others. 

The case study showed how a testing system based on the automatic testing concept can 
be used to detect errors in the control system. It also showed that the automatic testing 
system requires a working organization so that information is passed between testers 
and developers. It also shows that the documentation of testing and development needs 
to be thorough so that these documents are reliable when creating test cases. 
The  benefits  of  automatic  testing  were  shown  during  the  case  study.  The  easy  
repeatability of tests became clear when same test case had to be executed many times. 
Furthermore, the accuracy of the system was demonstrated when precise signals, such 
as a ramp signal, had to be generated. The test sequence itself was easy to create thanks 
to the test language that was designed specifically for mobile machine testing in a HIL 
environment.  
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ABSTRACT 

This paper deals with modeling of dynamic friction behaviors of fluid power actuators 
in the sliding regime. Using hydraulic cylinders with different packing materials and 
sizes, friction characteristics are experimentally investigated under different magnitudes 
of external load. Friction characteristics of a pneumatic cylinder are also investigated. It 
is shown that the unsteady-state friction characteristics of the hydraulic cylinders are 
affected by the packing material and by the pressures in the cylinder chambers; however, 
the unsteady-state friction characteristics of the pneumatic cylinder are hardly affected 
by the pressures. Comparisons between measured unsteady-state friction characteristics 
and those predicted by the modified LuGre model for the hydraulic cylinders show that 
the model cannot simulate the hysteresis behaviors of the friction force-velocity curve 
measured in the fluid lubrication regime. The modified LuGre model is revised by 
replacing the usual fluid friction term, which is proportional to velocity, with a first-
order lead element. The simulation results show that the proposed model can simulate 
accurately the real hysteresis behaviors of friction not only in the negative resistance 
regime but also in the fluid lubrication regime and the effects of the pressures.  

KEYWORDS: Friction, Fluid power actuator, Mathematical model, Packing material, 
External load, Lubricant film dynamics, Dynamic fluid friction 

1. INTRODUCTION 

Friction has an important aspect in many control systems including fluid power servo 
systems. Friction is highly nonlinear and may cause control errors, limit cycles, and 
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poor performance. It is, therefore, necessary to find an accurate mathematical model of 
friction of a fluid power actuator to analyze the performance of or to predict the 
behaviors of a fluid power system. Mathematical models to describe the steady-state 
friction characteristics have been proposed [1-3] and are widely used to analyze the 
steady-state characteristics of a fluid power actuator. However, those models are useless 
to predict dynamic behaviors of the actuator especially when the actuator repeats start 
and stop. 

Several mathematical models that describe the dynamic behaviors of friction have been 
proposed [4-7] and among them, the LuGre model is most widely utilized. However, all 
those models cannot simulate well the friction behaviors of hydraulic actuators in the 
sliding regime [8-9]. A modification to the LuGre model has been done by 
incorporating lubricant film dynamics into the model and it has been shown that the 
proposed model, called the modified LuGre model, can simulate dynamic behaviors of 
friction observed with a hydraulic cylinder with a relatively good accuracy [9-11]. 

The friction of a fluid power actuator is dominated by the friction caused between the 
piston/rod seals and contacting surfaces. Each material of seal has its own viscoelastic 
characteristics and may affect the friction characteristics of a fluid power actuator. In 
addition, the pressures acting on the seals affect the deformation of the seals and may 
also affect the friction characteristics. However, it has not been made clear how the 
dynamic behaviors of friction of fluid power actuators are affected by the packing 
material and by the pressures. 

In this paper, friction experiments are made to examine the effects of the packing 
material and the pressures on the dynamic friction behaviors of hydraulic cylinders in 
the sliding regime. In addition, the effects of pressures on the dynamic friction 
behaviors of a pneumatic cylinder in the sliding regime are also examined. A 
modification of the modified LuGre model taking the unsteady fluid lubrication 
dynamics into consideration is proposed. Comparisons of the simulation results with 
measured ones are made for hydraulic cylinders at different magnitudes of external load.  

2. EXPERIMENTAL APPARATUS 

2.1. Hydraulic actuator 

A schema of experimental apparatus for hydraulic actuators used in this investigation is 
shown in Figure 1. A hydraulic cylinder was fixed vertically on a surface plate and the 
piston was connected to a load mass made of steel circular plates. The pressures, p1, p2, 
in the cylinder chambers were measured using pressure transducers and the piston 
velocity, v, was measured using a tacho-generator by converting linear motion of the 
piston to rotational motion through a ball-screw (not shown in Figure 1). The 
acceleration, a, of the piston was calculated by an approximate differentiation of the 
piston velocity accompanied by a low-pass filter of the cutoff frequency of 32 Hz. All 
signals from the sensors were read into the computer through amplifiers and a 12-bit 
analogue-to-digital (A/D) converter. A signal from the computer was supplied to the 
servovalve through a 12-bit digital-to-analogue (D/A) converter and a servo amplifier. 

The friction force, Fr, is obtained from the equation of motion of the hydraulic piston 
using the measured values of the pressures in the cylinder chambers, the acceleration of  
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Figure 1. Schema of experimental apparatus for hydraulic actuator 
 

Table 1.  Hydraulic cylinders tested 

Type Bore dia. Rod dia. Stroke Packing material 

1 Nitrile rubber 

2 Hydrogenated Nitrile rubber 

3 

0.032 m 0.018 m 0.2 m 

Fluoric rubber 

4 0.02 m 0.012 m 0.2 m Hydrogenated Nitrile rubber 
 

the piston and the weight of the load mass as follows: 

mamApApFr  g2211                                                                                             (1) 

where m is the load mass, A1, A2 are the piston areas, and g is the acceleration of gravity. 

The effect of packing material was examined by using Types 1, 2, 3 of hydraulic 
cylinder shown in Table 1; they are of the same model and of the same size but have 
different packing materials. Type 1 is the same hydraulic cylinder as that used in the 
previous papers [9-11]. The effects of the pressures were examined using the four 
hydraulic cylinders by changing the load mass from 18.2 to 118 kg (178 to 1157 N in 
weight). The supply pressure and oil temperature in the oil tank were kept at 5 MPa and 
34±2 oC, respectively. The piston velocity was controlled by using a PI controller. 

2.2. Pneumatic actuator 

A schema of experimental apparatus for a pneumatic actuator used in this investigation 
is shown in Figure 2. It consists of a pneumatic cylinder of which internal diameter, 
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Figure 2. Schema of experimental apparatus for pneumatic actuator 

 

piston rod diameter and stroke are 25, 10 and 300 mm, respectively. Pressures in two 
chambers of the pneumatic cylinder were controlled by using two proportional valves 
(pressure type). The valves provide air flow up to 0.025 m3/s and allow controlling the 
pressures up to 0.65 MPa. The motion of the pneumatic cylinder was driven by a 
hydraulic cylinder which was controlled by a computer through an amplifier and a 
servovalve. The supply pressure of the servovalve was set at 1 MPa, providing enough 
force to drive the pneumatic piston.  

A load cell with a rated output of 100 N, which was connected between the rod of the 
pneumatic cylinder and the rod of the hydraulic cylinder, was used to measure the force 
acting on the pneumatic piston. The pressures, p1, p2, in the pneumatic cylinder 
chambers were measured using pressure sensors and the velocity, v, of the pneumatic 
piston was measured using a tacho-generator by converting linear motion to rotational 
motion through a pulley and belt system. 

The values of velocity, pressures, and force from the sensors were read into a computer 
through an A/D converter and the computer provided the control signals to the 
proportional valves and servovalve though D/A converters. The velocity of the 
pneumatic cylinder, v, and the pressures, p1, p2, were controlled by using a PID 
controller. 

The friction force, Fr, is obtained from the equation of motion of the pneumatic piston 
using the measured values of the pressures in the cylinder chambers and the force from 
the load cell as follows: 

lr FApApF  2211                                                                                                      (2) 

where Fl  is the force acting on the load cell. The effect of the inertia force on the 
calculation of the friction force is ignored because the mass of the pneumatic piston and 
the acceleration are small.  
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3. FRICTION MODELS 

3.1. Modified LuGre model 

The modified LuGre model [9] is described below in short. 

i) Equations corresponding to the LuGre model 

v
hvg
zv

dt
dz

),(
0

                                                                                                       (3) 

  n
svv

cscs eFFhFhvg )()1(),(                                                                    (4) 

v
dt
dzzFr 210                                                                                                             (5) 

where z indicates the mean deflection of the surface asperities, v indicates the relative 
velocity between contact surfaces, 0 stands for the stiffness of the elastic bristles, 
gs(v,h) is a function to express the Stribeck effect, Fc is the Coulomb friction force, Fs is 
the maximum static friction force, vs is the Stribeck velocity, n is an appropriate 
exponent, Fr stands for the friction force, 1 is the micro-viscous friction coefficient, 2 
is the viscous friction coefficient, and h is the non-dimensional lubricant film thickness 
parameter. 

ii) Lubricant film dynamics  

)(1 hh
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where hss is the steady-state lubricant film thickness, Kf is the proportional constant for 
lubricant film thickness, vb is the limit of the velocity range where lubricant film 
thickness is unchanged, and hp, hn, and h0 are the time constants for acceleration, 
deceleration, and dwell periods, respectively. It is assumed that the lubricant film 
thickness is increased with velocity only in the negative resistance regime and is kept at 
its maximum value outside the regime. 

iii) Steady-state friction characteristic 

     veFFhFF
n

svv
cssscrss 21                                                                  (10) 

As shown in Section 4.1.4, the modified LuGre model cannot simulate accurately large 
hysteresis loops of the friction force versus velocity curve in the fluid lubrication regime. 
It seems that such a limited validity of the modified LuGre model results partly from the 
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assumption used in the model that the lubricant film thickness, h, is varied only in the 
negative resistance regime and partly from the lack of some dynamics of fluid friction. 
It is, therefore, necessary to incorporate a certain dynamics of fluid friction into the 
friction model. 

3.2. Proposed model 

Taking the lubricant film dynamics and the unsteadiness of flow in a gap into 
consideration, the modified LuGre model is modified by replacing the usual viscous 
friction term, 2v, in Eq. (5) with a first-order lead element as follows: 

)(210 dt
dvdz Tv

dt
zFr                                                                               (11)        

where T is a time constant of the fluid friction dynamics. 

city not only in the negative 

ter in Section 4.1.1, only Fs, and Fc, in Eqs. (4) and (10) are affected by the 

The lubricant film thickness, h, is increased with velo
resistance regime but also in the fluid lubrication regime; however, the degree of the 
increase in the film thickness is reduced in the fluid lubrication regime [12]. It is 
difficult to determine the velocity, vb, in Eq. (8) at which the film thickness is 
unchanged in the fluid lubrication regime. In this paper, vb is chosen as the velocity 1.5 
times as large as the velocity at which the steady-state friction force becomes (almost) 
minimum.  

As shown la
pressure (or external load) and change almost linearly to the external load. Taking this 
fact into consideration, the Stribeck function and the steady-state friction characteristic 
are modified as follows: 
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                 (13) 

where N stands for the weight of the load mass and is called hereafter the external load. 

4. RESULTS AND DISCUSSION 

4.1. Hydraulic actuator 

4.1.1. Steady-state friction characteristics 

Figure 3(a) shows the steady-state friction characteristics of Types 1, 2, and 3 hydraulic 

N0 is the standard load at which the static parameters are identified and C1, C2 are 
coefficients. In this model, the effect of the pressures in the cylinder chambers on the 
friction is expressed by using the external load instead of the pressures for simplicity. 

cylinders measured at N=178 N. Positive velocity corresponds to the extending stroke of 
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the piston and negative one to the retracting stroke. It is shown in Figure 3(a) that the 
magnitude of the friction force is different between the three cylinders; the friction force 
of Type 1 is relatively small compared to those of Types 2 and 3. It is also shown in 
Figure 3(a) that the fluid lubrication regime can be seen for Type 1 ( 06.0v m/s) 
while it is not seen for Types 2 and 3. It is considered that the difference in the steady-
state friction characteristics results from the different properties of the packing materials. 

Figure 3(b) shows the steady-state friction characteristics measured at different external 
loads for Type 4. The magnitude of the friction force is increased in the extending 
stroke and is decreased in the retracting stroke with increasing external load, except that 
the magnitude of the friction force at N=1157 N is larger than those at N=178 and 613 N 
at low velocities in the retracting stroke. The effect of the external load on the steady-
state friction characteristics for Types 1 to 3 is similar to that for Type 4 

The values of the static parameters included in Eq. (10) of the modified LuGre model 
and in Eq. (13) of the proposed model for the four types of hydraulic cylinder were 
identified at N=178 N from the measured steady-state friction characteristics shown in 
Figure 3 and are shown in Tables 2 and 3, respectively. The parameter, vb, which has an 
influence on the values of the static parameters, was identified in advance, and after that, 
the other static parameters were identified by the least-squares method. The values of C1 
and C2 were identified when 178 N was chosen as the standard external load, N0, and  
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Figure 3. Steady-state friction characteristics of hydraulic cylinders: (a) effect of 
packing material  (N=178 N), (b) effect of external load (Type 4)

 

Table 2.  Values of static parameters of the modified LuGre model for four cylinders 
identified at N=178 N 

Parameter Type 1 Type 2 Type 3 Type 4 
  v>0 v<0 v>0 v<0 v>0 v<0 v>0 v<0 
Fs [N] 710 -550 1100 -1112 1450 -1400 160 -140 
Fc [N] 65 -80 360 -440 240 -320 50 -35 
vs [m/s] 0.02 -0.02 0.06 -0.08 0.08 -0.08 0.02 -0.02 
vb [m/s] 0.06 -0.05 0.13 -0.13 0.15 -0.15 0.04 -0.04 
n 0.50 0.50 0.80 0.50 0.80 0.80 0.70 0.80 
2 [Ns/m] 150 280 80 100 20 25 150 180 
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Table 3. Values of static parameters of the proposed model for four cylinders identified 
at N=178 N 

Parameter Type 1 Type 2 Type 3 Type 4 
  v>0 v<0 v>0 v<0 v>0 v<0 v>0 v<0 
Fs [N] 710 -550 1050 -1112 1450 -1400 160 -140 
Fc [N] 60 -72 320 -400 200 -300 45 -20 
vs [m/s] 0.02 -0.02 0.08 -0.08 0.08 -0.08 0.02 -0.02 
vb [m/s] 0.09 -0.075 0.19 -0.19 0.22 -0.22 0.06 -0.06 
n 0.50 0.50 1.20 0.50 0.80 0.80 0.70 0.80 
2 [Ns/m] 150 280 80 100 20 25 150 180 

 

Table 4. Values of C1 and C2 of the proposed model for Types 1 to 4 

Parameter Type 1 Type 2 Type 3 Type 4 

  v>0 v<0 v>0 v<0 v>0 v<0 v>0 v<0 
C1 [N] 8.20 -8.25 5.41 -0.52 2.52 -0.43 8.50 -2.0 
C2 [N] 9.70 -10 9.0 -7.30 9.0 -3.63 20.5 -14 

 

 

are shown in Table 4. The values of the parameters representing the steady-state 
characteristics are different between the two models because of the different definition 
of the velocity vb. However, the measured steady-state friction characteristics can well 
be simulated by the two models. 

4.1.2. Unsteady-state friction characteristics 

The piston velocity was varied as shown in Figure 4(a) to measure the unsteady-state 
friction characteristics. The amplitude and frequency of the velocity variation were 
varied. An example of the friction force measured during the velocity variation is shown 
in Figure 4(b). The maximum friction force (the break-away force) is observed 
immediately after starting from rest and almost the same friction behavior is repeated 
after the first cycle. A friction force versus velocity curve is obtained from Figures 4(a) 
and (b) as shown in Figure 4(c). Dashed curve indicates the steady-state friction 
characteristic. The unsteady-state friction exhibits a hysteretic behavior around the 
steady-state friction characteristic and usually rotates clockwise on the friction force-
velocity plane as shown by arrows and numbers. In what follows, results obtained when 
the velocity is varied as shown in Figure 4(a) are mainly shown. 

Figure 5(a) compares the unsteady-state friction measured at N=178 N among the three 
cylinders with different packing materials, Types 1, 2, and 3. It is shown in Figure 5(a) 
that the shape and size of the hysteresis loop are different between the three types of 
cylinder. This result suggests that the unsteady-state friction characteristics are also 
affected by the packing material. 

Figure 5(b) shows the unsteady-state friction characteristics measured for Type 4 at 
three different external loads. It is shown in Figure 5(b) that the size of the hysteresis 
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Figure 4. Unsteady-state friction characteristic (Type 3, N=178 N): (a) velocity 

variation, (b) friction force variation, (c) friction force versus velocity 
 

loop is increased with increasing external load. The increase in the loop size is larger in 
the retracting stroke than in the extending stroke. This result mean that the dynamic 
friction behavior of a hydraulic cylinder may be affected at large pressures and/or large 
pressure differences.  

Tables 5 and 6 shows the values of the dynamic parameters included in modified LuGre 
model and the proposed model for the four types of hydraulic cylinder identified at 
N=178 N, respectively. The time constant for lubricant film dynamics, h, the bristle 
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Figure 5. Unsteady-state friction characteristics of hydraulic cylinders (a) effect of 

packing material (178 N), (b) effect of external load (Type 4) 

Table 5. ylinders 
identified at N=178 N 

 

Values of dynamic parameters of the modified LuGre model for four c

Type hp  
[s] 

hn  
[s] 

h0  
[s] 

0  
[N/m] 

1 
[Ns/m] 

1 2  0 10  0.10 0. 5 1.  40 2.0× 7

2 0.12  7 0.30 40 1.5×10 0.10 
3 0.05 0.20 40 1.5×107 0.10 
4 0.05 0.30 40 1.0×107 0.10 

 

 

Table 6. Values of dynamic parameters of the proposed model for four cylinders 
identified at N=178 N 

Type hp 
[s]

hn 
[s]

h0 
[s]

0  
[N/m]

1 
[Ns/m]

T  
[s] 

      v<0        v>0
1 0.25  7 0.07 1.50 40 2.0×10 0.10 0.33
2 0.12 0 ×107 0.10 0.5 40 1.5 0.62 0.80 
3 0.05 0.40 40 1.5×107 0.10 0 0 
4 0.05 0.50 40 1.0×107 0.10 0.10 0.17 

 

proposed in [1  and i  p d m d n in the next 
ction. 

entification of time constant T  

When the value of the friction force, Fr, and the velocity, v, are obtained in real time, 
and all the parameters of the modified LuGre model are identified, an error between the 
friction force measured and that simulated by the modified LuGre model can be  

0]  the coeffic ent,  by a ropose etho  show
se

4.1.3. Id
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Figure 6. F versus acceleration for Type 1 (N=178 N): (a) extending stroke, (b) 

retracting stroke 

 

calculated from Eq. (5) as follows: 

vdzzFF 
dtr 210

his error of the friction force is expected to be proportional to the acceleration by the 

                                                                                    (14) 

T
following equation: 

dtTdvF /2                                                                                                            (15) 

Therefore, the time constant, T, can be obtained by curve-fitting the variation of F 

ples of the relation between F and the acceleration obtained when 
the piston veloc
corresponds to the extending stroke and Figure 

etracting 

, and that simulated by the 
proposed model for Types 1 to 4 at N=178 N, respectively. Comparisons show that the 

ce-velocity 
ated in the 

(b) 


with respect to the acceleration, dv/dt, using a proportional function, Eq. (15).  

Figure 6 shows exam
ity was varied as shown in Fig. 4(a) for Type 1 cylinder. Figure 6(a) 

6(b) to the retracting stroke. As shown 
in Figure 6, F is proportional to the acceleration. For the case of Figure 6, the time 
constant was identified as 0.33 s for the extending stroke and 0.07 s for the r
stroke. Based on this method, the values of the time constant, T, were identified for the 
four types of hydraulic cylinder and are shown in Table 6. 

4.1.4. Comparison between measured and simulated friction characteristics 

Figure 7 shows the comparisons among the unsteady-state friction characteristic 
measured, that simulated by the modified LuGre model

modified LuGre model can simulate the hysteresis loop of the friction for
curves with a relatively good accuracy when the hydraulic cylinder is oper
negative resistance regime (Figures 7(a) and (b)), and that the modified LuGre model 
cannot simulate accurately the hysteresis loop of the friction force-velocity curves when 
the motion of the hydraulic cylinder enters the fluid lubrication regime (Figures 7(c) and 
(d)). On the other hand, the proposed model can simulate accurately the hysteresis 
behaviors measured for Types 1 to 4 in both the negative resistance and fluid lubrication 
regimes. The addition of the fluid friction dynamics is essential to accurate simulations. 

Figure 8 shows the simulation results obtained by the proposed model and need to be 

(a) 
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Figure 7. Comparison between experimental and simulated results for different 

types of cylinder: (a) Type 2, (b) Type 3, (c) Type 1, (d) Type 4
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Figure 8.  Simulation results corresponding to Figure 5(b)  for Type 4 under 

different external loads 

 

compared with the experimental results shown in Figure 5(b). The comparisons show 
that the proposed model can simulate well the effect of the external load on the 
unsteady-state friction characteristics as well. 

(
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N 
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Figure 9. Unsteady-state friction characteristic of pneumatic cylinder in sliding 

regime  under condition of no pressures (p1, p2=0 MPa): (a) velocity variation, 
(b) friction force variation, (c) friction force versus velocity 

4.2. Pneumatic actuator 

Figure 9 shows an unsteady-state friction characteristic measured in the sliding regime 
 
 

many cyc gure 9(b) 
shows that the magnitude of the friction force decreases with time for the first 4 cycles 
of the velocity variation and after the 4th cycle, the waveform of the friction force 

d. Hysteresis loops with different sizes corresponding to each 

(b) 

(c) 

of the pneumatic cylinder that is obtained using the experimental apparatus of Figure 2
under the condition of no supply pressure. The cylinder piston moves periodically for

les as shown in Figure 9(a). The friction characteristic shown in Fi

becomes almost unchange
cycle are obtained from the friction force versus velocity curve as shown in Figure 9(c) 
and usually rotate clockwise on the friction force-velocity plane. 

1st cycle 
2nd  
3rd  

4th,.. 
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Figure 10. Unsteady-state friction characteristic  under constant velocity, v=0.005 

m/s: (a) pressure variation, (b) friction force versus pressure 
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Figure 11.  Unsteady-state friction characteristic  at different pressures, p1 (p2=0 

MPa): (a) unidirectional velocity variation, (b) friction force versus velocity 

 

Figure 10 shows an experimental result that examined the effects of the pressures on the 
dynamic friction behavior of the pneum tic cylinder. The unsteady-state friction 

 
0.175 M ere kept 

/s, respectively. The steady-state friction characteristic measured 
nstant values of p1 is also shown in Figure 10(b) by the dashed curve. I n 

Figure 10(b) that the unsteady-state friction characteristic follows the st tate one 
and the friction force increases linearly with increasing pressure, p1. A comparison of 
the unsteady-state friction characteristics measured at different  pressures, p1=0 MPa 
and p1=0.18 MPa under a periodical velocity variation 1 m/s to 0.05 m/s, is 
shown in Figure 11. It is shown in Figure 11 that the friction force at p1=0.18 MPa is 
larger than that at p1=0 MPa. However, the friction forces versus velocity curves are 
almost the same for the both cases. The results obtained from Figure 10 and 11 suggest 
that the dynamic friction behaviors of the pneumatic cylinder are hardly affected by the 

a
characteristic was measured when the pressure p1 was varied periodically from 0.026 to

Pa as shown in Figure 10(a); the pressure, p2, and piston velocity, v, w
at 0 MPa and 0.005 m
at co t is shown i

eady-s

 from 0.0

pressure variation. 

5. CONCLUSION 

In this paper, unsteady-state friction characteristics in the sliding regime are 
experimentally examined under various external loads using hydraulic cylinders with 
different packing materials and sizes and under different pressures using a pneumatic 
cylinder. It is shown that the unsteady-state friction characteristics are affected not only 
by the packing material but also by the external load (pressures) for the hydraulic 

(a) (b) 

p1=0.18 MPa 

p1=0 MPa 

(a) (b) 
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cylinders; however, the unsteady-state friction characteristics are hardly affected by the 
pressures for the pneumatic cylinder. It is also shown that the modified LuGre model 
cannot simulate well the hysteresis behaviors of the friction force-velocity curve in the 
fluid lubrication regime. A new friction model is proposed by replacing the term, 2v, 
with a first-order lead element of the velocity in the modified LuGre model. It is shown 
that the hysteresis behaviors in both the negative resistance regime and the fluid 
lubrication regime can be accurately simulated by the proposed model. It is believed 
that the proposed model can present the friction behaviors observed in many types of 
contact surfaces and can apply to many mechanical systems. 
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model structure with improved presliding behavior for accurate friction 
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ABSTRACT 

This paper studies modeling of a hydraulic driven flexible fusion reactor maintenance 
robot using non-linear finite element method. The mechanical part of the maintenance 
robot is modeled using geometrically exact Reissner’s beam element and mass 
elements. The hydraulic system is partitioned into elements which can be assembled 
together likewise in the finite element method.  For example a subsystem that contains 
the  transmission  line  with  orifices  or  volumes  at  the  ends  of  transmission  line  can  be  
considered as an element of hydraulic system.  
 
In this paper, we will introduce models for transmission lines, hydraulic cylinder and 
pressure relief valve. In the finite element analysis, the basic idea is to divide the whole 
hydraulic system into elements that can be assembled together. This assembling 
procedure gives the ordinary differential equation system and the Jacobian matrix for 
the whole hydro-mechanical system. Hydraulic and mechanical systems are coupled in 
the hydraulic cylinder where oil pressure gives movement for the cylinder rod, giving 
also displacements for the mechanical system. The governing equations of motion in the 
dynamic case are solved by using an implicit Newmark time integration method.  

KEYWORDS: Finite Element Method, Hydraulic Systems, Modeling, Simulation, 
Coupled Hydro-mechanical System 

1. INTRODUCTION 

Hydraulic-driven multibody systems are very common in lifting vehicles, robotic 
manipulators, timber logging and mining etc. where hydraulics is a powerful power 
transferor. Here we introduce modeling technique where the hydraulic system is 
partitioned into elements likewise in finite element method. Idea is to build the whole 
hydro-mechanical system using elements as in the element method. Depending on the 
component  or  the  part  in  the  structure,  we  can  use  either  mechanical  elements  or  
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hydraulic elements and the state equation of the whole system can then be assembled. 
Traditionally coupled hydro-mechanical systems have been modeled as separate 
systems where interaction between these two systems is dealt with the displacements 
and velocities of the hydraulic actuators and by forces induced by the actuators. These 
kinds of systems are usually solved separately by an iterative approach. Iterative 
solution has a drawback because it adds instability in the sense of convergence and it is 
computationally inefficient. In addition, the tangential matrices between the hydraulic 
and the mechanical systems are not properly coupled, that is called inconsistent 
formulation. The modeling technique presented in this paper removes this inconsistence 
because the system can be solved as one set of ordinary differential equations. 

2. FLUID TRANSMISSION LINE MODELS 

In this section, we introduce three different kinds of fluid transmission line models for 
laminar flow: a Q-model (with flow rates as given inputs), a P-model (with pressures as 
given input) and a PQ-model (with a pressure and a flow rate at the different line ends 
as given inputs), see Figure 1. Models are introduced in the papers [1,2] where models 
are given mainly in the transfer function form. Here we give the models via the state 
space form which is more useful for the finite element modeling. The Q-model (with 
flow rates as given input) is used when transmission lines are connected together by 
components of negligible volume such as directional control valves. Such connectors 
are modeled as orifices [3].  
Implementation in other simulation environments should be straightforward. For ODE-
based (Ordinary Differential Equation) simulators the following state space realization 
can be used (n modes for the pressure oscillation): 

 

L c r, , , ,0 0 0 0  
orifice 1 orifice 2 

2 ,2 tr2, ,dD C Re
1 ,1 tr1, ,dD C Re  

Element boundary 

Q-model 

P-model 

volume 1 volume 2 

V1 V2 

PQ-model 

volume 

V1 

orifice 

1 2 

 

Figure 1. Fluid transmission line parameters and positive flow rate directions  

 
x Ax BQ
P Cx

 (1) 

where the input vector Q (flow rates), the output vector P  (pressures), the state variable 
vector x and the state space matrices are 
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and where the modal natural frequency i  and the modal damping coefficient i  are 

 0
2

0 0

81 1 1 1, , : , 1,2,...,
4 16 2 8i i i i i

L
i n

r c
 (3) 

The series impedance 2
0 0 0 0: ( ) /( )Z c r , where 0  is the density of fluid, 0c  is the speed 

of sound, and 0r  is the inner radius of the pipe. The wave time is defined as 0: /T L c , 
where L is the length of transmission line. 0  is the mean kinematic viscosity. The 
attenuation factors with Riemann windowing are given as sini i iw . For Q-model, 
the model parameters can be written 

 
1

1
2

1,3,...

, , 8
1

n

i i n i i
i

ii b w
n

 (4) 

See details for the Q-transmission line model in the paper [1]. 

The P-model is used when transmission lines are connected together to fluid volumes. 
Hydraulic volumes can be used to describe the behavior of components of negligible 
resistance (Figure 1). The state space form of P-model can be expressed as 

 
x Ax BP

Q Cx
 (5) 

where the input vector P , the output vector Q , the state variable vector x and the state 
space matrices are 
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For the P-model, the model parameters  and i i  are given in (4) 

The PQ-model is used when the connections at the ends of the transmission line are of 
different  types.  One  end  can  be  connected  to  an  orifice  and  the  other  directly  to  a  
volume, see Figure 1. State space form for the PQ-model can be expressed as 

 1 1 1 1
1 2

2 2
, , ,P P Q PQ PQ Qx Ax B p Cx D E Fp p  (7) 

where the state variable vector  x , the vector  p  and the state space matrices are 
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For PQ-model, the model parameters can be written 

 

1
2

1
1

1 2
2 1

1

2 1 2 1
, , 2 ,

2 2 1

1 2 1

n

i i i i
i

n
i

i i
i

i i
b w

n

b b i w
 (9) 

When modeling a network containing several transmission line elements, one should 
select the number of pressure oscillation modes such that the ratio /n L  is about the 
same for each element. This ratio reflects the bandwidth over which the model is 
supposed to be accurate. Thus, longer transmission lines require more modes to 
accurately model the same frequency range as shorter lines with fewer modes. 
Assigning too many modes to short transmission lines is inefficient, since the numerical 
ODE integrator will need to use small time steps to follow the high frequency modes. 
These space state presentations apply only in the domain of the transmission line. 
Transmission lines are connected together by orifices and volumes and these models are 
presented next. 

3. MODELING OF HYDRAULIC COMPONENTS 

In this section, we give models for orifice, hydraulic volume and for hydraulic cylinder. 
Next we briefly introduce the model for the flow rate through an orifice when pressure 
drop is known. This orifice model where flow rate can be calculated directly when the 
pressure drop is known, can be called as the zeroth order model, i.e. a pure algebraic 
expression. Orifices usually operate in the turbulent regime, where flow rate is 
proportion to the square-root of pressure loss. The orifice model can be used to connect 
different pipes together or to connect a pipe to a volume. Pipe and volume models have 
flow rates as inputs and pressures as outputs and correspondingly orifice models have 
pressure difference as input and flow rate as output, so this connection is possible. 
An orifice model can be derived by taking momentum equation of fluid particle, 
yielding 

 
2

or oror or
or 2

or 0

1
2 d

Q QP AQ
V C

 (10) 
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where orV  is the volume of fluid particle (assumed positive) and the stationary turbulent 
friction model is used. 
 

The ordinary differential equation for hydraulic volume  is 

 
outin

v in out
1 1v

nn

i i
i i

BP Q Q
V

 (11) 

where B is the bulk modulus ( 2
0 0B c ) and vV  is the volume. A hydraulic volume can 

be considered as a transmission line model (Q-model) without modes (n = 0) yielding 
model with single integrator. Eqn (11) observes the compressibility of fluid component 
but assumes that pressure is constant over volume region.  

Qin

Volume

c V0 0, , v

pressure vP

Qout

 
 

Figure 2.  Hydraulic volume, flow rates are given inputs and pressure is state 
variable 

A hydraulic cylinder, see Figure 3, can be modeled as a volume pair (Eqn (11)) such 
that there is no pressure gradient inside the volume. The differential equation for 
hydraulic cylinder can be written 

 

2c
0 0

c
2c
0 0

c

A A

A AA

B BB

B B

Q A x c
V A xP
Q A xP c
V A x

 (12) 

where the dominator represents cylinder volume,  and A BQ Q  are the flow rates into and 
out the cylinder, c c and x x  are piston position and speed, respectively,  and A BA A  are the 
cylinder cross section areas,  and A BV V  are the initial volumes (Figure 3). 

 

QA  
PA  

x xc c,   

nc  

QB  
PB  

Volume A 

Volume B 

 

Figure 3. Hydraulic cylinder visualization, where cn  is piston unit normal vector.  
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Hydraulic cylinder produces pressure-induced force cf   

 c A A B Bf A P A P  (13) 

if no friction is introduced. This force is applied to the mechanical system causing 
displacements and velocities to the flexible structure. In other hand force cf  can be also 
considered as restoring internal force if hydraulic and mechanical fields form a single 
hydro-mechanical system. Modeling details of hydraulic-driven multibody systems are 
given in [4,5,6]. 

4. PRESSURE RELIEF ELEMENT 

Pressure  relief  element  in  Figure  4  consists  of  two  main  components.  It  contains  the  
source of the flow rate and the pressure relief valve itself. 

 
Figure 4. On the left the pressure relief element with source of volume flow and 

pressure relief valve and on the right the free body diagram of the valve spool 
 

Pressure relief valve is modeled as coupled system where kinetics of the spool is 
governed by the equation of motion (14) which can be written from the free body 
diagram in Figure 4. Forces acting on the spool are caused by hydraulic fluid alongside 
the spring and damper.  

 1 1 2 2s s flowmx cx kx P A P A F
 

(14) 

Flow force in the equation of the motion is calculated as 1 22 cos( )flow d orF C A P P . 

For the hydraulic system we can use equations (11) for the volume model and for the 
orifice model we use the zeroth order model in equation (15) [3]. 

 0

0

2
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3 Re 3 when  
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where the transition pressure from laminar flow to turbulent flow is defined as 

P1 P2 Ptank

Qpump

c k

Qsystem

m mx
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Flow area of the orifice can be calculated accurately using the formula for circle 
segment area but in this model the area is approximated using Hermite polynomial fit. 
This introduces some additional damping to the system because derivatives at the ends 
of the domain are zero. Flow area is then calculated using eqn. (17) 

 
2 32

, 0,3 2
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D x xA x D
D D

 (17) 

The equation of motion is second order differential equation whereas the differential 
equation for the hydraulic volume is first order ODE. Therefore the equation of motion 
is transformed into two first  order differential  equations and the spool displacement is  
considered as internal variable of the pressure relief element. Other state variables for 
the pressure relief element are pressures P1 and P2 and they are calculated using 
equation (11). According to the continuity equation Qpump = QPRV +Qsystem and the state 
equation and the Jacobian for the pressure relief element can then be written as 
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5. FEM FOR HYDRAULIC SYSTEM 

Consider hydraulic system in Figure 5 that consists of transmission lines, 4-way 
directional valve and asymmetric hydraulic cylinder. For sake of simplicity we use the 
first order orifice model in this section. 
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Figure 5. Hydraulic system contains a 4-way critical centre directional valve, four 
transmission lines and two orifices. Numbers in boxes represent global node 

numbers. 

Element 1 consists of PQ-transmission line model which is connected with two orifices 
into 4/3-directional valve. Node numbers 2 and 3 represent internal boundary of this 
element. State variables of these nodes are orifice flow rates 2 3 and Q Q . Differential 
equation and corresponding Jacobian for Element 1 is 
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(19) 

where subscripts represent node numbers and superscripts in vectors and matrices 
represents  element  number.  State  matrices  and  vector  have  been  defined  in  the  PQ-
model. 
Element 2 (see Figure 5) consist of the Q-transmission line model and three orifices 
which boundary nodes are numbered by 2, 4 and 6. Differential equations and 
corresponding Jacobian matrix are 
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State matrix and vectors 2 2 2
1,   (first column of )A c C , 2 2 2

2 1 2,  and c b b corresponds 
transmission line in Element 2 (Q-model).  

Connecting these two Element 1 and 2 together using standard assembling procedure 
yields differential equations and Jacobian for system of Elements 1 and 2 (Eqn. (20)) 

In this way it is straightforward to assemble ODE-system and Jacobian matrix for the 
hydraulic system in Figure 5. Jacobian matrix for hydraulic system has usually a sparse 
structure that can be optimized using a matrix bandwidth optimization algorithm (e.g. 
Cuthill-McKee-ordering). This ordering procedure simplifies if state matrices and 
vectors are considered as a single object. In assembling procedure no summing is 
required since the third ODE in equation (19) and the first ODE in equation (20) are the 
same.  
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Next we will introduce some useful hydraulic elements. The first element consists of P-
transmission line model with volumes at both ends, Figure 1b. ODE and Jacobian for 
this element are 
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where Jacobian matrix is a constant. 

The  second element  consists  of  PQ-transmission  line  model  with  a  volume at  the  one  
end and an orifice at the other end, Figure 1c. ODE and Jacobian for this element are 
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where state scalars, vectors and matrices refers to PQ-transmission line model. 

Assembling hydraulic system with transmission line models, whose governing equation 
is type of y cy ky ax bx  , differs to assembling mechanical system, whose governing 
equation is correspondingly y cy ky f . Difference is, that no summing is needed in 
assembling of the hydraulic state equation because two transmission lines are connected 
together by an orifice or by a hydraulic volume and these two elements share the same 
state variable in same node. Thus we can simply connect two transmission line elements 
by one differential equation for either orifice or hydraulic volume. 
Three basic elements for hydraulic systems have been presented, equations (22) and 
(23). It is also possible to form another kind of elements which are founded with 
transmission line P-, Q-, PQ-models and no other transmission line models are required. 
Hydraulic element is bounded usually by orifices or hydraulic volumes because there is 
only single state variable. This also simplifies assembling procedure. 

Given boundary values can be applied with following method: given pressure refers to a 
hydraulic volume and given flow rate refers to an orifice. When assembling hydraulic 
elements, the ODE of the known pressure (boundary value) should be removed with 
corresponding row and column vectors of Jacobian, see equation (19). Similarly with 
flow rate as given boundary value: the ODE of the known flow rate should be removed 
with corresponding row and column vectors of Jacobian. 

6. COUPLING HYDRAULICS AND MECHANICS 

The typical way to model a coupled hydraulic and mechanical system is use separate 
time integrators for the mechanical system and for the hydraulic system. The interaction 
between the systems is handled in a simple manner: The forces induced by the hydraulic 
cylinders are considered as the applied forces for the mechanical system and are 
assumed to be independent of the displacements of the mechanical system. 
Displacements of the mechanical system that cause the changes of lengths of hydraulic 
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cylinders are considered as forced displacements. It is also assumed that these forced 
displacements are independent on the state variables of hydraulic system. 
When hydro-mechanical system is modeled in this way it is coupled only by the system 
variables but is not coupled by the rate change of the system variables. This kind of 
modeling is here called non-consistent formulation. Additionally in time integration 
procedure the time are not synchronized since two separate integrator, one for each 
system is used.  

In the consistent formulation of the hydro-mechanical system, the rate change of the 
system variables that are mass, damping and stiffness matrices in the mechanical system 
and the Jacobian in the hydraulic system, are also coupled. In this formulation the 
hydro-mechanical system is viewed as a single coupled system and in the time 
integration procedure only a single ODE integrator is used. Details of the consistent 
modeling of hydro-mechanical systems are given in [4]. 

7. NUMERICAL EXAMPLES 

In this chapter we demonstrate functionality of the pressure relief element. The model is 
as  it  is  presented  in  Figure  4.  Two  examples  are  given,  in  first  one  the  orifice  to  the  
system is closed and in the second example the orifice is open and then it is closed 
linearly and opened linearly again. Model parameters are tabulated in Table 1. 
 

Table 1. Calculation parameters for the pressure relief valve 
Quantity Value Unit
Mean kinematic viscosity ( 0) 1.0e-6 m2

Fluid density ( 0) 1000 kg/m3

Orifice coefficient Cd 0.611
Volume of the pressure line V1 1.0e-3 m3

Volume of the tank line V2 1.0e-3 m3

Maximum diameter of the orifice area 0.004 m
Maximum diameter of the pressure relief valve 0.002 m
Number of openings 3
Opening pressure Popen 2.5e5 Pa
Flow rate Qpump 1.0e-3 m3/s
Transition Reynolds number 1000
Mass of the spool 0.06 kg
Damping coefficient 2.77e2 Ns/m
Spool diameter Ds1 0.007 m
Spool diameter Ds2 0.007 m  

 

In the first example the orifice to the system is closed and pump creates flow rate of 1 
liter/second and therefore the flow rate goes through the pressure relief valve. Opening 
pressure is set to 250 bars when the nominal flow rate is 1 liter/second.  
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Figure 6. Pressures (left) and flow area of the pressure relief valve (right) when 

the system orifice is completely closed. 

 
In the other example the system orifice area is varied from zero to maximum value 
according to Figure 7. In this case the flow rate goes through the system orifice and the 
pressure rises to level where all flow rate can go through the orifice. When the system 
orifice closes, pressure rises and eventually the pressure relief valve opens as can be 
seen in Figure 8.  

 
Figure 7. System orifice area as function of time 

 

 
Figure 8. Pressures (left) and flow area of the pressure relief valve (right) when 

the system orifice area is variated according to Figure 7. 
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When the system orifice starts to close pressure rises and when the system orifice closes 
completely there is a slight pressure spike but it levels to the opening pressure. If the 
flow rate were higher the stationary pressure would be higher. From the flow area 
diagram of Figure 8 we can see that there is slight hysteresis in the pressure relief 
element. This occurs from the flow force which keeps the valve open though the system 
pressure is lower than the opening pressure. 

8. CONCLUSIONS 

This paper introduces a new modeling technique for hydro-mechanical simulation. 
Instead of coupling the hydraulic system to the mechanical system using constraint 
equations we can create one state equation for the whole system. This is achieved by 
partitioning the hydraulic system to elements and connecting elements in nodes where 
nodal freedoms can be either pressures of flow rates. Then the system equation can be 
assembled as in element method. This system equation is ordinary differential equation 
and the Jacobian matrix can then be assembled for the time integration. 
This modeling procedure expands the application area of the finite element method 
because these hydraulic elements can be exploited alongside with the mechanical 
elements which already exist in many finite element software. 
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ABSTRACT 

The use of electronic systems for the control of mobile fluid power applications has 
proved in the past decade to give a substantial improvement in flexibility, diagnosis and 
maintenance, but the development of ad hoc embedded devices, is not a viable and 
profitable choice for small productions, since amortization of the countless project 
development costs is not feasible. 

In this case, off-the-shelf CoDeSys-based ECUs, either “blind” or equipped with 
matched HMI devices, can be appealing since, even if their list price per unit is 
noticeably higher, they are already certified, all the hardware-development costs were 
met by the manufacturer, and a wide set of high-level software function libraries and 
development tools is available for a quick deployment of the control and visualization 
code. 

The potentials of CoDeSys-based electronic control systems were successfully verified 
on a case study application (the control of the rotary head in an hydraulic crawler drill), 
a performance comparison with an embedded system was made and specific issues 
related to code complexity were analyzed.  

 

KEYWORDS: CoDeSys, embedded control systems, hydrostatic transmission, 
drilling machine 
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1. ELECTRONICS: POTENTIALS AND PITFALLS 

In the last decade electronic systems have constantly become more and more pervasive 
in mobile fluid power applications. The high potentials of electronics in terms of 
flexibility, extensive diagnosis and proactive maintenance had always been extremely 
appealing, but only with recent years’ availability on the general market of cost-
effective high-performance reliable components, driven by the automotive industry, it 
has been possible to profitably exploit these potentials. 

As the previous statement suggests, in the end it is all about cost, as it always is, but the 
matter has various facets, rather than just finding the cheapest way to mount 
components on a printed circuit board. 

The first, natural approach to the implementation of electronic control is the 
development of ad hoc embedded ECUs, tailored on the cost/performance target of the 
specific application, so that any kind of overdimensioning is prevented and the cost of 
the units is not affected by unnecessary items. On the other hand, all the inherent 
“indirect” costs for the making of a new product are present: setting-up of specific 
production lines and tools, human resources involved in the development process, 
prototype units to be tested, ... 

Moreover, the typical harsh environment of operation for mobile machines (wide 
temperature range, vibrations, dust, ...) and the use of electronics to perform safety-
related functions [1] (functions of the machine whose failure can result in an immediate 
increase of risk, e.g. moving the machine via hydrostatic transmission) require that the 
ECUs be somehow “certified” to guarantee a proper degree of “safety” and “reliability”. 

Reaching this goal requires a “safety aware” design and development, which implies: 

• a thorough understanding of all configurations and modes of operations of the 
final system(s) to which electronic control is applied; 

• performing design and development for both hardware and software using the 
proper techniques and procedures, according to the directives of relevant 
international standards [2],  

and can therefore be extremely demanding, especially in companies with small R&D 
departments. 

For what concerns the hardware part of an ECU, formal certification (i.e. obtaining a 
certificate of conformity, issued by an authorized facility) is achieved through a wide set 
of laboratory tests (electromagnetic emissions and immunity, thermal shock, vibration, 
...) and can be quite expensive itself, besides requiring reworking of the design and 
building new prototypes in case of failure. 

Certification of software is in general much trickier; in the first place, due to its 
nonmaterial nature, the software is often considered as a sort of “accessory” to the 
“real” device (the hardware unit) and many vital issues are overlooked, especially in 
relatively small companies with a purely “mechanical” core business and historical 
know how. Often the very concept of “testing the software” is not grasped at all. 
Secondly, the procedures for software conformance assessment are extremely 
demanding, in terms of both organization of work and cost. Digging deep in the details 
is out of the scope of this paper; suffice it to say that each module included in the 
software must be tested against all possible input configurations, including out-of-range 
invalid values and all interfaces between modules (or a module and the hardware) must 
be completely verified. 
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The capability to amortize all the above-mentioned costs without bringing the final cost 
per unit out of target depends on the production volume, which obviously has to be 
sufficiently large, and, in any case, independently of pure cost issues, the company must 
have suitable resources to successfully undertake the development; if any of these 
requisites is not satisfied, then an alternative solution must be devised. 

A suitable option can be given by off-the-shelf certified ECUs, for which (almost) all 
certification costs have already been met by the manufacturer and engineers responsible 
for the development of the electronic control system only have to write the high-level 
application software, by means of an integrated development environment provided 
with the ECU. 

2. CODESYS VS EMBEDDED ECU ARCHITECTURE 

CoDeSys [3] is a development environment for electronic controllers, compliant to the 
international standard IEC-61131-3 [4], originally developed for the industrial sector, to 
define the specifications of the programming languages allowed to program the 
controllers (PLCs = Programmable Logic Controllers). Developed by 3S – Smart 
Software Solutions GmbH, CoDeSys has become a de facto standard and its scope of 
application has long since crossed the borders of the industrial sector, with several 
ECUs available for mobile applications now. 

The general architecture of an ECU is shown in Figure 1. The “O.S.” software layer (i.e. 
the “operating system” of the device) is responsible for the direct, low-level 
management of all hardware resources; on top of this layer is the high-level software, 
which implements the actual control tasks by means of high-level commands, which are 
processed by the “O.S.” to generate the corresponding physical actions in the hardware 
(e.g. acquisition of inputs and actuation of outputs). 

The high-level software is composed by two parts: the “actual” control software and 
auxiliary libraries: the first one is the part specifically written for the application (the 
“core” of the control), the second is a collection of reusable functions, grouped in 
several categories, to perform various operations, such as mathematical calculations, 
logical management of inputs and outputs, communication with external devices, 
visualization of data in HMI (human-machine interface) devices. 

In an embedded unit the “O.S.” can either be: 

• an in-house firmware, implementing a relatively simple management of 
hardware resources, by exposing to the application software a limited set of 
“APIs” (Application Programming Interfaces), or 

• an actual (real time) operating system (e.g. FreeRTOS), ported and tailored to 
the specific hardware architecture. 

In both cases the development is time consuming, error prone and requires certification 
(for safety-related applications). The same considerations apply to libraries, which 
require in general an in-house development as well (or a porting from some kind of 
publicly available code). 

In CoDeSys-based ECUs, the “O.S.” is the CoDeSys runtime, which is customized for 
the specific hardware, officially released and certified directly by 3S GmbH. The 
runtime implements the features to support the execution of control tasks, with some 
specificities depending on the different choices made by different ECU manufacturers. 
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Figure 1. General ECU architecture 

The high-level code is written, according to the IEC-61131-3 standard, in a CoDeSys 
integrated development environment running on PC, which is often customized for the 
specific class of hardware, for each ECU manufacturer. In any case, even if the IDE 
used is the standard one available free-of-charge at 3S’s website, a wide set of specific 
high-level libraries is provided; these libraries too were tested and certified by the ECU 
manufacturer, relieving the developer of the control system of such a duty. 

In particular, high-level functions are often available for: 

• communication over the CAN bus, with direct management of the high-level 
protocol (e.g. SAE J1939 standard [5]) and no need to deal with low-level 
implementation details; 

• data visualization. ECUs are often matched with displays (optionally equipped 
with pushbuttons and knobs), connected through the CAN bus, to provide a 
human-machine interface; CoDeSys library functions and development tools 
allow for a seamless and straightforward definition of the visual interface, by 
simply associating  each graphical object and each input on the display to the 
corresponding ECU data. Then the application software only needs to call the 
corresponding high-level send/receive data functions. 

The only part of the software left under the responsibility of the control-system 
developer then is, obviously, the actual control software. 

According to what discussed in the previous paragraphs, the results of a cost 
comparison between embedded and CoDeSys-based control systems are as shown in 
Table 1. 

As already said, for CoDeSys-based systems (almost) all costs for hardware design and 
hardware/software certification are met by the ECU manufacturer and the high-level 
development tools available considerably reduce the design time for control software 
and HMI; the production setup (for the final control system) is also much simpler, since 
the ECUs are bought off-the-shelf and need just factory programming. 
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Table 1. Cost comparison for embedded and CoDeSys-based control systems 

 
All these pros are faced by one big con: the final cost per unit of a CoDeSys-based ECU 
is usually much higher than it is for a properly engineered embedded ECU and is 
justifiable only for small production volumes, for which the high development costs of 
embedded devices are not amortizable. 

3. THE CASE STUDY 

The case study of the present work is a control system for the “ST 1050” machine by 
SIP&T s.p.a., an hydraulic crawler drill for micropile foundations (Figure 2), which, in 
its original setup, is completely manually operated and electronics-free. 

 
Figure 2. Case study: the ST 1050 hydraulic crawler drill by SIP&T s.p.a. 

The hydraulic rotary head is driven by a closed-circuit hydrostatic transmission, where 
both pump and motor are variable-displacement; the crowd system is actuated by 
hydraulic cylinder and chain, and additional hydraulic-power users are included: 
auxiliary winch, water pump, foam pump and lubricating liner. 

The control developed, as the first step of a wider research activity, is a speed control 
scheme with power limiter for the rotary head (hydrostatic transmission) [6]. 

The relevant characteristic of the machine are shown in Table 2. 
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Implementation of the control on the machine requires the replacement of current pump 
and motor, which are direct-command hydraulically operated, with corresponding 
devices operated by electro-proportional solenoids, suitable for being controlled by 
means of power PWM signals generated by an ECU. The input signals acquired to 
perform the control task are: diesel engine speed, hydrostatic transmission pressures, 
rotary head speed (control-output feedback signal); auxiliary inputs are given by the 
solenoids-current feedback signals, to verify that the control output is properly actuated. 

Table 2. Characteristics of the ST 1050 machine (relevant to the control system) 

 

The displacements of pump and motor are regulated according to a sequential control 
scheme [7], through a combination of feed-forward and feedback actions; an 
identification procedure, to be executed before the actual control phase, to determine the 
relevant operative parameters (viz. hydrostatic transmission switching speed and 
minimum differential pressure), was also developed, to optimize the feed-forward 
component and consequently reduce the amount of correction by the feedback block. 

The feed-forward action works in two steps: the first calculates the displacements 
setpoint as a function of the output-speed setpoint only; the second performs, when 
necessary, depending on the operating differential pressure, an override of the setpoint 
to implement the power-limiter functionality. The feedback action is given by a PI 
control. 

A model was developed in the Matlab/Simulink environment, including hydrostatic 
transmission, electronic controller and a load block emulating the head-soil interaction; 
an extensive set of simulation runs were carried out to test the potentials and do a 
preliminary tuning of the control. 

For the implementation on the real system an off-the-shelf CoDeSys-based ECU was 
selected [8]; a version with a high number of I/O (16 inputs + 16 outputs) and 
communication interfaces (4 CAN bus + 1 RS-232) was chosen, even if not necessary 
for the above-mentioned control, to be used by SIP&T’s R&D department – with no 
need of migration to a more powerful device – to go all the way to the medium/long-
term goal of the company: the electronic control of the whole machine (i.e. not only the 
rotary head, but also the crowd, the auxiliary functions and (possibly) the diesel engine, 
with advanced HMI functionalities). A matching display (equipped with six pushbuttons 
and a knob) by the same manufacturer was included in the control system; the resulting 
layout of the whole system is shown in Figure 3. 

Two CAN interfaces of the ECU are used: the first one for communication with the 
display (and possible other HMI devices), the second to acquire the diesel engine 
operating-point information from the SAE J1939 powertrain network. 

Since a prototype of the ST 1050 machine equipped with volumetric devices operated 
by electro-proportional solenoids was not available, the control system was tested on a 
test bench (Figure 4) in which the ECU input signals were emulated by means of an 
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“input box” (pressure signals) and a PC emulating a CAN-bus node sending SAE J1939 
messages (diesel engine status), while the ECU PWM outputs where connected to 
solenoids matching those to be used in the real system. 

 
Figure 3. Layout of the global system with CoDeSys-based ECU and display 

The PWM-output frequency of 300 Hz sets a lower limit of 3.3 ms (equal to the PWM 
period) to the useful range for the period of execution of the control task; following 
previous experience in designing electronic control for hydrostatic transmissions [9], the 
period was set to 10 ms, a value both suitable for proper control performance and large 
enough to be supported by “any” ECU. 

 
Figure 4. Control system test bench 

The whole configuration of the ECU was very quick and straightforward, thanks to the 
available CoDeSys library functions: setting up reconfigurable I/O pins, CAN interfaces 
and the internal watchdog was trivial and, in particular, the control-task period was 
easily set, with no need for manual programming of hardware timers and interrupts. 

Run-time communication over the SAE J1939 and HMI networks was easily 
programmed as well, by means of the specific high-level functions available; the same 
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applies to frequency inputs, for which, once again, no direct management of interrupts 
was necessary. 

The HMI display layout was easily designed by means of the specific development tools 
provided by the manufacturer: both numeric and graphical indicators were placed in the 
display pages and each one was associated to the corresponding ECU data (viz. output 
(pile) and engine speed, differential pressure, pump and motor displacement); soft-key 
functions were then assigned to the pushbuttons, to implement a proper visualization 
hierarchy, with suitable menus. An example of graphical page of the display is shown in 
Figure 5. 

 
Figure 5. Example of graphical page on the  CoDeSys-based display 

It is worth reminding that interaction between ECU and display in both directions (i.e. 
data to be visualized sent from the ECU to the display and status of operator inputs 
(pushbuttons and knob) sent in the opposite direction) is managed just through simple 
high-level “send” and “receive” CoDeSys functions. 

4.  TEST RESULTS 

The case study control was also implemented on an embedded ECU previously 
developed at Imamoter and already used to test several control schemes for fluid power 
applications. 

The unit, whose hardware was completely custom designed, is based on a 10-MIPS 
Microchip PIC18F-family microcontroller; the “O.S.” layer is implemented by a custom 
firmware, on top of which the actual control software (programmed in C language) is 
built.  

The embedded and the CoDeSys-based unit provided the same control performance; 
anyway, the embedded solution could not take advantage of a ready-to-use seamlessly- 
integrated HMI device and a large amount of extra development time would have been 
required to achieve a complete system like the CoDeSys-based one. (Online diagnosis 
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was still perfomed, by means of a custom PC application communicating through a RS-
232 interface). 

Both units were then tested to determine the minimum control-task period achievable, 
with a stable timing (i.e. with no significant time jitter): the embedded ECU reached a 
minimum of 3 ms, preserving the full complexity of the control software, while going 
below 10 ms on the CoDeSys-based one was not so straightforward. 

Additional tests were then carried out, with purpose-made software of different 
complexity, from “basic” (i.e. a control performing just basic I/O operations) to 
“complex” (i.e. a fully featured  control); the results are shown in Table 3. 

Table 3. Minimum cycle time as a function of control complexity 

 

Before hastily declaring the embedded ECU as the undisputed winner of the timing 
competition, it must be noted that, while the embedded code used only integer 
arithmetic (the only sound choice to achieve proper performance on a PIC18F 
microcontroller), the CoDeSys code thoroughly used floating-point data (as it is normal 
practice for PLC-style applications); by doing some reworking on the CoDeSys code (to 
reduce its computational weight) a given control algorithm can be “moved down” to a 
lower complexity category and be capable of running with a good cycle period. 

5. ALTERNATIVE OPTIONS 

For the sake of completeness, it is worth mentioning an intermediate solution – between 
purely-embedded and purely-CoDeSys – that could be interesting for some applications 
(Figure 6). 

 
Figure 6. ECU architecture with CoDeSys PLC core + peripheral hardware 
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A first electronic board implements a fully featured “CoDeSys PLC core (kernel)”, with 
onboard CoDeSys runtime system, communication interfaces and I/O ports; a set of pin 
headers allow the physical connection to a second board (the “application board”) which 
implements the “peripheral hardware” (i.e. signal conditioning blocks and power drivers 
for input and output signals) that physically interacts with the system under control [10]. 
The assembly of the two boards constitutes the actual ECU. 

This kind of solution allows for reusability of a same core on different applications 
(with different ECU-System interfaces), but leaves the supplier of the final control 
system the burden of designing (and possibly certifying) the peripheral hardware board. 

6. CONCLUSION 

An off-the-shelf CoDeSys-based electronic control system (ECU + matched HMI 
display) was successfully used to implement a complex control for the rotary head of an 
hydraulic crawler drill. 

The configuration of the hardware features and the development of the control software 
in the CoDeSys environment were straightforward, thanks to the extensive set of high-
level function libraries available. An effective human-machine interface was also 
quickly designed, taking advantage of the seamless ECU-display integration and the 
specific development tools provided for visualization. 

Nonetheless, due to the “heavyweight” structure of the CoDeSys environment, keeping 
a small control-task cycle period has proved to be more challenging, with respect to a 
comparable embedded ECU, with possible need to do some reworking on the code as 
software complexity increases. 

The ECU chosen for the present activity is a top-of-the-range one, resulting in a very 
high cost for the complete electronic control system (i.e. nearly 2000 EUR for a single 
kit); the unit will be used in future joint research activities by Imamoter and SIP&T to 
develop a new, completely electronically-controlled prototype machine. 

Smaller (and cheaper) ECUs can be used for partially electronically-controlled 
machines (which require a reduced number of I/O inputs), but the cost is still in the high 
range. This high cost per unit is justified by a low production volume, which makes 
unprofitable the development of a custom embedded unit. 

REFERENCES 

[1] ISO. 2010. ISO 25119, Tractors and machinery for agriculture and forestry -- 
Safety-related parts of control systems, Geneva, Switzerland. 

[2] IEC. 2010. IEC 61508 Ed. 2.0, Functional safety of electrical/electronic/ 
programmable electronic safety-related systems, Geneva, Switzerland. 

[3] 3S – Smart Software Solutions GmbH. 2007. User Manual for PLC Programming 
with CoDeSys 2.3, Kempten, Germany. 

[4] IEC. 2003. IEC 61131-3 Ed. 2.0, Programmable controllers - Part 3: Programming 
languages, Geneva, Switzerland. 

166



[5] SAE. 2008. SAE J1939, Recommended Practice for a Serial Control and 
Communications Vehicle Network, Warrendale, PA, USA. 

[6] V. Forte. 2010. Analisi e controllo M.I.M.O. di una trasmissione idrostatica per 
opere di trivellazione, Final thesis for the 2009/2010 Master in Fluid Power, 
University of Modena and Reggio Emilia, Italy (text in Italian). 

[7] G.L. Zarotti. 2010. Trasmissioni Idrostatiche – Nozioni e lineamenti introduttivi 
(2a edizione), ISBN 978-88-89342-03-9, Ferrara, Italy (text in Italian). 

[8] IFM Electronic. 2009. System Manual of Classic Controller Ecomat 100 CR0032 
CoDeSys V2.3 Target V02, Essen, Germany. 

[9] M. Martelli & M. Ruggeri. 2004. Digital Control Design and Simulation in 
Hydraulics. An Integrated Approach. 3rd FPNI PhD Symposium, Terrassa, Spain, 
pp. 349-356. 

[10] Frenzel+Berg Electronic. 2009. EASY250 / IEC 61131 + CANopen Master / 
Slave – Multitasking-PLC core module / enhanced CoDeSys Runtime System and 
VISU, Ulm, Germany. 

167



 

168



The Twelfth Scandinavian International Conference on Fluid Power, May 18-20, 2011, Tampere, Finland 

BENEFITS OF INTELLIGENT SENSORS AND ACTUATORS 
THROUGHOUT THE SYSTEMS LIFE CYCLE 

Dr. Heikki Saha 
Sandvik Mining and Construction Oy 

UGM Applied Research 
P.O. Box 100 

FIN-33311 Tampere, Finland 
+358 (0) 400 346 537 

heikki.saha@sandvik.com 

ABSTRACT 

Intelligent sensors and actuators with integrated field bus interface provide significant 
benefits over analog ones. The purpose of this paper is to analyze the systems life cycle 
phase by phase and point out those benefits. The analysis covers all the life cycle phases 
from pre-study or conceptual design to phase-out or generation change. The main theme 
of this paper is “Design for Service”. Main focus is in the hydraulic drives according to 
the VDMA Fluid Power Profile, which is the most common valve control interface in 
the market and supported by the most common field bus systems. The focus in sensing 
is limited to the pressure transmitters, because of the traditional analog pressure 
signalling, which is analogous to the traditional analog valve drive signalling. 

Pre-study phase typically contains rapid prototyping and evaluations of various 
implementations. The use of field bus-based sensors and actuators enables the use of 
real devices already in the rapid prototyping and avoiding of the component change 
risks. Furthermore, the bus-based sensors and actuators can be easily connected to both 
rapid prototyping and final processing platforms. In the design phase, device profiles 
minimize the component performance and cost risks by enabling multiple sensing and 
actuating technologies to support compatible interfaces. In the maintenance phase – and 
also in the production phase – the use of sensors and actuators with standardized 
interfaces minimize the obsolescence risk, because majority of the products in the 
market are interchangeable. In the worst case the accuracy may be slightly degraded, 
but total stop of operation or production can be easily avoided. A common 
understanding has been that bus-based systems are difficult to be managed. This paper 
briefly introduces the standardized CANopen system management process, which 
makes the CANopen systems easier to be managed than the traditional systems based on 
the discrete I/O. The main benefits of the management process can be seen in the 
improved serviceability – faster troubleshooting times and unified configuration and 
application SW download procedure. The same improvements can be seen also in the 
system assembly, because the tasks are same. The only difference is that in the 
assembly line the assembly order can be optimized. 
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The use of intelligent sensors and actuators significantly improves not only the control 
performance but also the performance of design and maintenance of the control 
systems. The use of standardized interfaces especially improves the efficiency of the 
control system service, maintenance and generation changes. Therefore, possibly higher 
components prices should be understood rather as investments than additional costs. 

KEYWORDS: Intelligent sensors, intelligent actuators, field bus, CANopen, 
maintenance 

1. INTRODUCTION 

Increasing demands for higher quality and faster time-to-market are typical challenges 
for current systems. Not so well understood requirements are improved producibility 
and serviceability of the systems. However, most of the existing systems are still based 
on proprietary interfaces causing poor functional re-use and system maintainability. The 
use of proprietary technologies limits the technology development and the number of 
persons capable of maintain and service those systems. 

Another significant problem is the wide use of analog signals causing inaccurate system 
operation and poor average quality due to error prone assembly work. Common 
erroneous statement is that communication reliability is higher in analog signalling that 
in the bus systems. The trend has been long time towards bus-based intelligent sensors 
and actuators due to more reliable communication and component identity management. 
Many of already existing modern hydraulic drives and the most promising future 
hydraulic drive technologies can not anymore support analog interfaces because of the 
flexible signalling and parameter management. 

Traditionally the system development has been software-oriented, where proprietary 
processes have been used instead of standardized processes. Such approach has resulted 
quality problems everywhere independent of used technologies, especially in assembly 
lines and field service. While the performance requirements have been increased, 
current approach can not be developed accordingly. Especially proprietary development 
processes can not be utilized efficiently anymore, because of the requirements for 
massive re-use and outsourced development of software (SW). Following a 
standardized process and using standardized components are the best methods to easily 
increase the re-use of functions and efficiently outsource the development. 

This paper presents, how much efficiency of the system development can be improved 
by following the standardized process and utilizing components and tools supporting the 
selected standards. CANopen has been selected as an example technology, because it is 
dominating the mobile automation applications and because of its modern main 
concepts. Introductory part presents some of the most important but not well enough 
known CANopen concepts and hydraulic drive integration concepts. After the 
introductory part, case examples following the system design process are presented. 
Main pros and cons of each phase are described. The last part of paper consists of 
summary of the results and discussion. 
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2. ANALOG VS. BUS-BASED SIGNALING 

One more and more critical parameter in signal transfer is accuracy. It is well known but 
not so well accepted that analog signalling always introduces inaccuracy to signals. The 
effect of external disturbance is the best known and understood error source. Most of 
the engineers forget that each analog-to-digital (AD) and digital-to-analog (DA) 
conversion introduces quantization noise, which decreases the overall accuracy. 
Microprocessors and SW-based internal digital linearization and calibration are used in 
many current sensors. In practice, the raw sensor data is almost always converted into 
digital form and in the “analog” sensors, the processed signal is converted into analog 
form with DA-converter. And after the analog signal transmission path the signal is 
converted back to digital form for further processing. The use of analog signalling 
reduces measurement accuracy because of the additional DA- and AD-conversions and 
disturbance-sensitive transmission line. On the contrary, signal values are transmitted in 
digital communication networks as packets with various error detection mechanisms, 
which maintain the signal accuracy during the transfer. 

Digital communication networks tolerate higher disturbance levels because of the digital 
signal coding – there are high marginal which absorbed disturbance or other failures 
shall exceed to corrupt the communication. It can be said that in practice, packet format 
signal transmission in bus systems is either received without errors or not received at 
all. E.g. the probability of getting corrupted messages accidentally through the error 
checking mechanisms of CAN is approximately 1 undetected error during 1000 years 
operation. But analog signal behaves differently – a consumer device can not suspect 
any failure as long as input current or voltage remains inside the normal range. Analog 
sensor may produce valid signal, which may be corrupted outside the range by wiring 
failure or absorbed disturbance. Even more dangerous is, if an analog sensor produces a 
failure indication, which is corrupted into a valid signal value. 

3. CANOPEN BASIC CONCEPTS 

This section presents the most important features to help the understanding of the 
efficiency increase enabled by CANopen. CANopen is currently dominating system 
integration technology in working machines and special vehicles. It is quite often said to 
be complex and difficult to be used. However, all standard features included in 
CANopen can be found from all industrial control systems. Most of the suspects exist 
because of the limited understanding on the simple and efficient basic mechanisms of 
CANopen and its device profiles. One of the most misunderstood features of CANopen 
is so called “CANopen thinking”, according which only the most important services are 
mandatory and if additional services are required by the application, they shall be 
implemented in a standardized way. 

3.1. System scalability provided by CANopen 

The use of CANopen-equipped intelligent sensors and actuators is often erroneously 
said to be difficult and not supporting very simple systems at all. Figure 1 shows some 
example architectures enabled by common off-the-shelf components. Very simple 
architecture consists of a human-machine interface (HMI) and valve-drivers. From 
CANopen point of view both are generic I/O-devices according to CiA-401 device 
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profile [8]. In such systems HMI parameters are used to configure e.g. joystick offsets, 
gains and deadbands. Furthermore, minimum and maximum drive currents are set by 
valve driver parameters. Simple architecture is very similar to the very simple one. The 
major difference is that typical CANopen valves following CiA-408 [13] device profile 
contain much more parameters than the generic input/output (I/O) devices. Typical 
parameterizable functions include ramps, limits and specific curve characteristics. More 
advanced valves include configurable internal closed-loop controls and sensor 
interfaces. HMIs in very simple and simple systems shall also provide NMT-master 
functionality [2] to enable network start-up. In flexible architecture, the programmable 
logic controller (PLC) with standardized CANopen interface [7] [11] enables more 
complex control functions, e.g. automatic sequences and user-specific adjustments. It is 
noticeable that configurable user settings provide additional flexibility, but do not 
replace HMI- and valve-specific adjustments. Sensors make the systems very flexible, 
providing axis-feedbacks enabling axis controls and more advanced system features as 
e.g. more energy efficient operations and prevention mechanisms for invalid use of the 
system. There are various common sensor categories supporting standardized interfaces 
– e.g. CiA-404 [10] compatible pressure and temperature transmitters, linear and 
rotating encoders according to CiA-406 [12] and inclinometers defined in CiA-410 [14]. 
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Figure 1. Some example architectures 

3.2. CANopen system management process 

CANopen is traditionally misunderstood as only a communication protocol. In fact, it is 
a system integration framework containing well standardized communication services 
[1], system management process and configuration file formats [4] [6] enabling 
systematic management of any size of systems. The best known purpose for system 
management process is to manage the signal connections, signal mapping to messages 
and message transmission behaviour of the devices. Even more important is the intrinsic 
capability to manage the device parameters and parameter access paths, too [16]. If it is 
not clear enough to determine the device parameters with standard name-value pairs 
provided by the system design tools, CANopen defines an interface [5] for integrating 
device-specific configuration font-ends to the system design tools to help device 
parameterization. 

The system management process is presented in Figure 2 [16]. Application interfaces – 
parameters and signals – are defined first, based on the application requirements. 
Because several applications may be included into each node, better manageability and 
re-usability is reached by managing the applications separately. After designing the 
application interfaces, node interface definitions as standardized  electronic datasheet 
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(EDS) files can be composed of the required sets of application interface definitions. 
After interface descriptions exist in standard format for each node, system layout can be 
drafted. After drafting, the first signal and parameter abstractions can be exported to the 
SW design. The system design itself can be continued by connecting required signals 
between the nodes, after which the communication description as a de-facto format can 
be exported for network analyzers. If the system contains onboard parameter 
management application, editable parameters are first marked into the system design 
and then definitions exported for the parameter management application. Detailed 
device parameter values are determined as the last phase of the process and after 
completing the phase, the standardized device configuration files (DCF) containing the 
whole system configuration. Each device of the system can be configured based on the 
contents of corresponding DCF-file. Application SW for the application programmable 
devices can be linked to the DCF to enable single-pass SW and configuration download 
[3]. 
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Figure 2. CANopen system management process 

3.3. Parameter management in CANopen systems 

In CANopen devices parameters are divided into communication and application 
parameter groups [1]. Additionally, CANopen allows introduction of other, 
manufacturer-specific parameter groups. Further division of application parameters can 
be based on the parameter usage, as shown in Table 1. 

Generally, avoiding the use of greyed parameter sub-categories simplifies the 
management of systems. CANopen system management process provides efficient 
mechanisms for managing all the off-line adjustable parameters from design to service. 
All positions can be configured based on the position-based DCF files containing both 
device identification and all parameter values. Because the configuration information is 
encapsulated into DCF-files, differences between different products are handled 
intrinsically, without modification need to the applications. 

If some of the parameters need to be adjusted run-time, CANopen system management 
process provides efficient methods to indicate the required parameters in the CANopen 
project – into DCF-files – and interface enabling automatic variable definition export to 
the application development. The methods enable application name-based access to all 

173



the needed parameters, which minimizes the potential redesign effort caused by device 
changes. 

 

Table 1. Device parameter categories 

Category Description Example parameters 
Calibration 
parameters 

Factory calibration values 

Optional field calibration 
values 

• Spool opening point 
• Spool control parameters 
• Internal sensors calibration Run-time 

adjustable 
parameters Optional system specific 

device parameter values 
Position specific device 

parameter values 

• Ramps 
• Limits 
• Curve parameters 
• Axis controller parameters Off-line 

adjustable 
parameters Position specific 

communication parameters 

• Signal mapping into PDOs 
• PDO communication parameters 
• Heartbeat producer 

 

Factory calibration values are dedicated for device manufacturer production and they 
shall not be touched by the target system. Sometimes after spare part changes it may be 
required that some level of re-calibration is performed in the target system. The biggest 
question is how to ensure that the persons performing the calibration know the 
procedure well enough to avoid bigger loss of accuracy. It is often better to handle the 
calibration parameters as off-line adjustable parameters with average values determined 
by statistical methods. Such approach tends to reduce the accuracy degradation caused 
by spare part changes. 

3.4. Interfacing hydraulic drives in CANopen systems 

VDMA fluid power profile [15] defines a general internal structure, signals and 
parameters for hydraulic drives, including valves, pumps and motors with or without 
internal axis controller. Field bus specific device profiles define the field bus specific 
interfaces for the structure defined by the VDMA profile. Such device profiles exist at 
least for CANopen, DeviceNet, Profibus and ASi. CANopen device profile for 
hydraulic drives – CiA-408 – covers also Ethernet-based POWERLINK, EtherCAT and 
VARAN bus systems. Figure 3 shows a general block diagram for hydraulic drives. 

In addition to the standardized internal drive structure, the setpoints are standardized. 
Depending on the control mode, setpoints for flow, pressure, speed, force, position or 
combinations of those can be used. The valve structure and control capability give the 
constraints. The same signals can be used e.g. for open-loop and closed-loop controls, 
enabling scalability inside the same top-level system structure. 

The well-defined structure enables system integrators to select required features so, that 
the maximum number of available components can be used. Based on the market 
survey, majority of the existing valves with integrated field bus interface follow VDMA 
fluid power profile. Moreover, majority of the valves following VDMA fluid power 
profile support CANopen and CiA-408. The first pumps and motors supporting VDMA 
fluid power profile have recently been introduced. 

174



Local sensor input(s)

Actual value(s)

Actuator output(s)

Setpoint(s)

Demand value(s)

Communication interface

Controller
output

conditioning

Actual
value

conditioning

Controller

Demand
value

generator

Program
control

Device
control

Control
monitoring

Device 
mode

Control 
mode

Setpoint(s)Control Status

Hydraulic actuator

Remote 
sensor 
input(s)

Controller output(s)

CANopen network

Local sensor input(s)

Actual value(s)

Actuator output(s)

Setpoint(s)

Demand value(s)

Communication interface

Controller
output

conditioning

Actual
value

conditioning

Controller

Demand
value

generator

Program
control

Device
control

Control
monitoring

Device 
mode

Control 
mode

Setpoint(s)Control Status

Hydraulic actuator

Remote 
sensor 
input(s)

Controller output(s)

CANopen network

 
Figure 3. General internal structure of hydraulic drives 

3.5. State machines in CANopen hydraulic drives 
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Figure 4. NMT state machine (left), device state-machine(right) and main 
dependencies between them 

Each CANopen device has a network management (NMT) state machine [1], which 
enables managed start-up of a device communication [2] [3] and membership and 
device monitoring during the system operation. An additional device state machine – 
which is similar to electric drives [9] – has been introduced for hydraulic drives [13] 
[15] to enable efficient and flexible drive fault management. The main idea of the 
device state machine is to enable resolving drive errors without mandatory affect on the 
NMT state and possible re-start of the whole system. The device state machine also 
provides simple mechanism for host applications to be synchronized with the device 
state despite of the asynchronous communication. Device state information is needed to 
provide additional signals for indicating the operational mode – and especially error 
indication, if such has been occurred. In addition to the error indication, also the safe 
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and managed error recovery is important. For example, neutral setpoint is required 
before operation can be continued. State machines with main dependencies between 
them are shown in Figure 4. 

4. CASE EXAMPLES 

This section presents case examples following the system management process. One 
example is presented for each phase of the process. Effort time savings are given in 
percentages for each phase, but readers should remember that importance of a phase 
increases exponentially during the process – each system version is designed once, 
many instances of each version are manufactured and each system instance is serviced 
many times. 

4.1. Pre-study 

The first benefit of using sensors and actuators with bus interface is simple structure – 
all devices can be connected together with single network. This simple connection 
speeds up the starting up the first conceptual prototype, which may first consist of 
reduced number of devices and which may be later completed to the full-scale system. 
Typically such iterations with discrete instrumentation have forced to re-design because 
of higher number of required I/O-devices. Furthermore, as shown in Figure 5, discrete 
approach significantly increases the number of required components slowing down the 
system assembly. The traditional approach also forces too early and strong commitment 
to the technologies due to the selection of discrete I/O-devices. The modern approach 
with standardized interfaces enables technology independence of valves by means of 
e.g. number of spools, internal structures and electrical interface. 

Easy to use bus interface enables fast and simple drop-in connectivity with various 
hardware-in-the-loop (HIL) platforms. Simple connectivity is important, because the 
systems are typically developed in many iterations – previous version is already in 
production when the next versions are under design. In such cases it is important to 
reduce the development into application behaviour only and utilize as much as possible 
standard power amplification, basic control and measurement functions provided by 
intelligent actuators and sensors. Thus all the effort can be focused on the problem 
solving, not into maintenance of the basic instrumentation. 
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Figure 5. Comparison of using discrete (top) and bus-based (bottom) sensors (S) 
and actuators (V) 
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Based on the long experience on CANopen devices, most of the existing devices are 
fully interchangeable as long as they are used in the standardized way. By utilizing the 
intelligent commercial off-the-shelf (COTS) devices from the beginning, the set-up time 
of the prototype systems can be reduced approximately 85%. Such approach – due to 
the standardized interfaces – enables also very simple and efficient SW development 
with simulated sensors and actuators, which enables full development during the 
components lead time. 

4.2. System design 

Typically the system design phase consists of application SW and communication 
design. Communication design covers description of signal connections based on 
schedulability and safety analyses. One should notice that signal management is not 
only a networking issue – some of the signals may be connected into sensors and 
actuators through I/O-devices. The use of standardized design files enables keeping the 
signal names automatically consistent between the communication network and 
electrical and hydraulic drawings. In addition to the communication parameters, also 
system-specific device parameters shall be determined in this phase.  

As a side effect, following standardized approach enables modular management of the 
design information, which enables further improvement in the next designs. Another 
side effect is a possibility to efficient design information re-use and sharing among 
various disciplines, e.g. hydraulic and electric designs. The most visible impact of 
following the standardized design process is intrinsic support of system assembly and 
service. The “Design for Service” support means supporting the traditional manually 
written assembly and service documents with automatically up-to-date standardized 
files utilized by configuration and diagnostic tools. 

In practice, the saved effort is difficult to estimate, because efficiency comes from 
reduced number of errors in designs. The easiest to recognize saved overhead is a time 
required for manually writing the device configurations and communication 
descriptions for network analyzers. Even in case of small systems (20 nodes or below) it 
is one man-working-day for each revision cycle. More significant effect is delayed 
production start caused by lacking support of important information – the effect of 
design problems occur in the production and service. Based on the experience, 
systematic interface management can save at least 50% by enabling re-use of the 
interface descriptions in application SW, system configuration and communication 
design. 

If the standardized process is followed from the pre-study phase, the prototype design 
can be re-used directly either as is or by completing it in the final scale, if pre-study 
covered only a part of the system. In the best case – when the pre-study covers the 
whole system – the direct re-use can decrease the system design effort by approximately 
80% when compared with the traditional approach. 

4.3. System assembly 

Traditional system assembly requires too much time for manual fine-tuning guided by 
literal documents. Most of the mechanical and hydraulic parameters are manually set 
with tools such as screwdrivers etc. Utilization of intelligent sensors and actuators 
enable the use of numeric parameter values and transferring of them in standardized 
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files from design into production and service. Numeric values result more constant 
settings and in that way better and constant manufacturing quality, because the 
download tools can also verify the applied configuration after download. 

“Configure and assemble” approach with efficient tools reduces the configuration time 
of each position and as long as the design files are perfect, errors are practically 
avoided. Application SW can be downloaded as part of the configuration into 
application programmable components, if they support the standardized program 
download interface. And if components are delivered as pre-configured from 
subcontractors, existing standardized design files are practically a pre-condition for 
error-free deliveries. 

In the case, when only configurations are downloaded, 98% improvement was reached 
when compared with the traditional, manual setting of the parameter values. Including 
SW download does not result so high further improvement because the download time 
is longer than the preparing time for download. 

The use of factory-calibrated devices can improve the overall assembly work, because it 
enables reducing the overall assembly time without loosing accuracy. The use of 
traditional analog sensors and actuators prevents the utilization of factory calibration 
because the I/O-components are separate from the sensor and actuator components. 

4.4. Verification after system assembly 

Traditional approach with centralized instrumentation seems to be easy to manage, but 
in fact, majority of centralized systems are outside diagnostics. The only way to monitor 
discrete I/O thoroughly is to manually measure the I/O-lines and devices, which is not 
possible over remote connection. On the contrary, systems with networked sensors, 
actuators and application platforms provide central access to the whole system. It 
enables easy, fast, and task-oriented analyses either locally or remotely. Because the 
standardized design tools provide communication descriptions for network analyzers, 
assembly line people can monitor the system communication in human readable form – 
signals with application names and scaled into commonly used units. If there is a 
suspected parameter problem, assembly personnel can just download the system 
configuration into standardized files and send them for design team for further analysis. 
In this phase the achievable speedup approaches to 100%, when compared with the 
traditional way where the system shall be inspected highly variable time by many 
experts and where standardized formats for system state documentation do not exist. 

4.5. System operation 

Bus-based instrumentation can not provide significant improvements over discrete 
instrumentation for system operation. Only improved accuracy and more reliable 
communication can be recognized. However, though the same level of operation can be 
reached with both approaches, bus-based instrumentation provides comparable level 
with much less effort. Most of the benefits of bus-based instrumentation apply to on-
line condition monitoring, system structure identification and troubleshooting. 

For interaction with hydraulic valves, the device state-machine and standardized 
command-status signalling provide additional operational reliability. The bi-directional 
communication capability enable simpler integration of certain safety related functions, 
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such as spool (centre) position monitoring. The standardized interface also simplifies 
the system monitoring, because equal interface can be used for all hydraulic drives. 
Because the only clear benefit is higher achievable accuracy and reliability, the 
improvement of bus-based instrumentation is approximately 5%. 

4.6. Service – troubleshooting 

Troubleshooting in the field is very essential, because typical systems are in production 
use and they can not serve the process during downtime. Due to the high costs caused 
by the process downtime, troubleshooting services are much more significant in service 
than in assembly. When the amount of discrete I/O increases, the troubleshooting time 
increases drastically. But, the more devices exist in the distributed system, the more 
there are measurement or reference points and the better the diagnostics accuracy is. 
Most typical cabling faults can be found based on only a membership monitoring 
service, which is one of the most fundamental services in each distributed system. It 
works in a two ways – which devices exist and which does not exist. The very same 
service provides the first step device monitoring – whether the required nodes are in the 
correct state or not. Intuitive views into system user interface are very easy to 
implement and configuration into them can be automatically created by system design 
tools based on the system design files. More detailed, signal-based analysis is also easy 
to arrange, but its usefulness may require special skills from the service people. 
Therefore signal-based diagnostics shall be carefully considered in each application. As 
already mentioned in system start-up verification, following the standardized process 
produces the required information for analysis and the improvement of close to 100% 
can be reached with thorough design maximizing the utilization of standardized 
interfaces. 

4.7. Service – spare part exchange 

It is impossible to design “plug-and-play” systems without significant restrictions – 
position in a system and signalling configuration according to the position shall always 
been designed and given for each device. In the systems promoted with “plug-and-play” 
behaviour, the configuration is typically included into the master node of the system and 
in the worst case compiled into the master application. A more flexible approach can be 
named as “plug2play” according to the required steps: 

1. Plug the spare part to the – either onboard or off-board – configuration tool for 
configuration and optional application SW download. Version checking and 
configuration verifications are essential part of this step. 

2. Plug the configured spare to the final position. Because of the verification in the 
1st step, risks having unintentionally wrong part or configuration version are 
close to zero. 

3. Play.  

As already mentioned in system assembly, 98% speed-up can be easily reached by 
utilizing the standardized process and COTS tools and components following it. And 
the best is that special skills are not required with such tools – any service person 
capable of read and having an overview of the system structure can use them. 

179



5. SUMMARY OF THE RESULTS AND DISCUSSION 

The results, where systems with discrete I/O and systems utilizing networked intelligent 
sensors and actuators were compared, are based on practical experiences on the work 
with distributed CANopen systems. Though the effort savings seem to be optimistic, 
they are actually pessimistic. Furthermore, the results include only direct improvements 
and the effect of potential error reduction has not been included. Another important 
notice is that instrumentation is only one small factor in the system management and 
there are also the other factors needing development effort. The main focus has been in 
serving the troubleshooting and spare part support in the field service, because of the 
highest significance of them during the systems life cycle. 

Table 2. Summary of results 

Phase Improvement Significance 
Pre-study 85% 1 

System design 50% 1 
System assembly 98% 10 

System start-up verification 100% 10 
System operation 5% 100 

Service – troubleshooting 100% 100 
Service – spare part exchange 98% 100 

 

Traditionally the designers’ main intention has been easy application SW development. 
Since the focus has not been in the most significant area, the traditional way of working 
has not improved the systems’ maintainability. The experiences on the modern, service-
oriented approach presented in this paper are significant and still the service oriented 
approach serves the application SW development even better than the traditional 
approach. The most interesting feature of the presented approach is that there exist 
several full CANopen tool chains in the market following the process. 

Finally one may raise a question, why the standardized approach is not commonly used? 
Based on the experience, other answers than poor commitment to an aggressive increase 
of efficiency can not easily be found. Average designer seems to be too satisfied for the 
current way of working. Second potential reason may be a poor feedback path from the 
producibility and field serviceability to the system design quality indicators. It looks 
like nothing will change as long as only system component costs are in the comparisons 
and costs caused by the production and service failures are not connected to the design 
decisions. Third potential reason may be that design performance is measured in a 
wrong way – companies are not worried about re-designing the same application 
behaviour time after time, though they could re-use the existing designs and concentrate 
into new developments. Forth potential reason may be in the processes – moving from 
proprietary to standardized process shall be made as a single step and temporarily both 
old and new processes may be needed in parallel during the technology transition time. 
Currently there are plenty of COTS tools and components with so well standardized 
CANopen interfaces that there is no sense to re-invent and re-design proprietary 
management tools, application platforms, basic measurement-, drive- and I/O-functions. 
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ABSTRACT 

Within the development of anti-lock braking systems for agricultural tractors, 
differences towards passenger cars and commercial vehicles necessitate a new analysis 
of the braking dynamics. Since the wide variety of possible vehicle configurations can 
hardly be tested in reality, model-based methods are used as an efficient complement.  

In this paper, a model-based approach to support the development of a tractor ABS is 
presented. Using a complex simulation model of the tractor including the brake system 
and the ABS controller, system properties that afford consideration within the 
development of the ABS are identified by simulation of reproducible scenarios.  

With this model-based method, robustness and performance of the used ABS controller 
are investigated as shown exemplarily for varying load conditions. The dynamic 
braking behaviour of tractor-trailer combinations is also analysed and the positive effect 
of a tractor ABS on the stability of the combination is discussed.  

KEYWORDS: ABS, Agricultural Tractor, Braking, Hydraulic, Simulation, Trailer 

1. INTRODUCTION 

Transport capacity is one of the decisive factors for the productivity of agricultural 
tractors. Hence, a tendency towards more powerful machines with top speeds over 
40 km/h and higher masses can be observed. Accompanying this trend are growing 
demands on the performance of the brake system and the driving safety, especially 
under critical driving situations. 

A logical consequence of this development is the adaption of legal requirements to the 
state of technology. Therefore, the European Commission has proposed a new 
regulation in which the installation of an anti-lock braking system becomes mandatory 
on T5 tractors and their trailers which are suitable for speeds over 40 km/h. 
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To meet these demands, Bosch Rexroth has developed a hydraulic power brake system 
with anti-lock braking functionality (ABS) [1] which is presented in detail in Section 2. 
One challenge in the development of this system is the functional adoption of passenger 
car based control algorithms to tractor specific properties. Compared to passenger cars, 
agricultural tractors have constructional differences (drive train architectures, 
suspension systems) and a much wider range of possible vehicle configurations 
(different types of tyres, additional implements) and application conditions. A safe and 
robust ABS controller performance must be ensured under all potentially occurring 
circumstances. 

Considering the complexity of this development task, model based analyses constitute 
an efficient complement to road tests. Based on a prototype vehicle, a simulation model 
of a tractor including the ABS braking system was developed as presented in Section 3. 
The validity of the model is proven by comparison of measurement data from a 
prototype tractor and simulation results on vehicle level as well as on wheel level. 

With this model, predefined driving manoeuvres are simulated and the dynamic braking 
behaviour is evaluated by use of appropriate criteria on vehicle level as described in 
Section 4. Simulation results show the positive effect of ABS on the driving safety of 
the tractor.  

In Section 5, this method is utilised to analyse the tractor braking behaviour without and 
with ABS under variation of relevant tractor properties. Thus, physical interrelations are 
characterised and influential system parameters to the ABS performance are identified. 
Based on the results, “real” tractor-specific application scenarios are derived and the 
performance as well as the robustness of the ABS controller is examined. Critical 
configurations can then be focused during the optimisation of the controller. 

Braking behaviour of tractor-trailer combinations is discussed in Section 6. This case 
requires a separate examination since the mechanical coupling of the two vehicles can 
lead to additional effects like jack-knifing. Adopting the method presented in Section 4, 
mutual influences of tractor and trailer are analysed and the positive influence of ABS 
on the stability of the tractor-trailer combination is discussed. 

2. HYDRAULIC POWER BRAKE WITH ABS 

The increasing demands on the performance and safety of agricultural tractor braking 
systems are achieved with the hydraulic power brake system with ABS as depicted in 
Figure 1. The hydraulic power brake system is established in the field of heavy 
construction machinery, where hydraulic brake volumes are higher than in passenger 
cars. In contrast to conventional hydro-mechanical brake systems with power assist, the 
driver generates the braking pressure pB (= pV) not by his muscle force, but controls the 
brake pressure build-up at the wheels (2) by actuating the power brake valve (1). The 
supply pressure in the accumulator (3) is provided by the pump and an accumulator 
charging valve (4) from the hydraulic circuit of the tractor.  

ABS regulates the wheel brake pressure to operate the wheel in optimum slip condition 
[2]. This functionality is provided by additional components (grey box). Wheel speed 
sensors (5) and a modified hydraulic ABS-module (7+8) from passenger car 
applications as well as one ABS relay valve (6) for each brake channel are integrated. 
The ABS controller (7) continuously monitors the wheel speed signals and detects a 
locking tendency. Wheel-lockup is subsequently avoided by modulation of the brake 
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pressure. Through the actuation of the ABS solenoid valves in the ABS hydraulic unit 
(8), the pilot pressure pp of the relay valve is modulated. The relay valve regulates the 
brake pressure pB according to the pilot pressure pP between the commanded pressure pV 
and tank pressure pT. With this architecture, the required hydraulic flow rates to achieve 
the desired brake pressure dynamics are realised. 
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Figure 1. Schematic of the hydraulic power brake system with ABS  

3. SIMULATION ENVIRONMENT AND MODEL VALIDATION 

3.1. Simulation environment 

For the model-based analysis of the tractor braking behaviour, a Matlab/Simulink based 
simulation environment was developed [3]. The structure of the model including the 
most relevant parts is depicted in Figure 2. Due to the modular structure, the model can 
be adopted to any relevant tractor configuration.   

The core of the model is a multi-body-system model of the tractor implemented with the 
Simscape/SimMechanics toolbox. In case of the considered prototype tractor, it has 11 
degrees of freedom including front axle damping and steering kinematics.  

The most important part of the model concerning driving dynamics is the tyre model, as 
a realistic modelling of the interaction forces between tyre and ground is essential for a 
model based analysis of the braking behaviour. In contrast to car tyres, the dynamic 
deformation of the relatively soft, large volume agricultural tyres needs to be 
considered. 
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Figure 2. Structure of the simulation environment  

Therefore, the semi-empirical Hohenheim Tyre Model, which was developed 
specifically for the driving dynamics simulation of agricultural tractors, is used [4]. It 
calculates the dynamic three-dimensional deformation of the tyre in the contact patch 
and subsequently calculates the tyre forces in all three directions according to a 
nonlinear spring-damper-relation. All parameters required to model one specific tyre 
have physical meanings which is different to commonly used empirical tyre models like 
the popular Magic formula model. For this work, the parameters identified in [4] are 
adopted to the geometric dimensions of the used wheels. Possible influences of the tyre 
parameters concerning the braking behaviour are examined through simulation. Figure 3 
shows the assumed µ-slip characteristics for dry asphalt conditions. The gradient of the 
curve in the instable part is small, which is typical for agricultural tyres [5]. 

 
Figure 3. Measured µ-slip characteristics of tractor tyres [4] 

A model of the hydraulic brake system including the ABS valves is implemented in 
Simulink. Optionally, a detailed physical model of the hydraulic brake system can be 
integrated via co-simulation with AMESim. Corresponding to the prototype tractor, the 
front wheels are braked by one brake at the cardan shaft. Other brake system 
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configurations (e.g. individual front wheel brakes, rear wheel brakes only) can be 
adopted. 

The second aspect to be considered regarding the braking system is the automatic 
engagement of the all-wheel drive on brake actuation, which is prevalent in most 
modern tractors. The stiff mechanical connection of front and rear axle ensures a 
constant ratio of rotational velocities front and rear. The engaged all-wheel clutch is 
implemented as a stiff spring-damper element that induces additional torques that 
counteract differences in the rotational velocities.  

The ABS controller software of the prototype tractor is based on a passenger car 
software and was adapted to the architecture as well as the characteristics of the 
hydraulic power brake system. From this software, a library was generated and 
integrated into the simulation model. Sensor and actuator interfaces are modelled in 
Simulink. 

The vehicle motion is controlled by a driver model with signals for steering wheel and 
gas/brake pedal actuation. These inputs can either be given as fixed time sequences 
(open loop) or as feedback controlled signals (closed loop) based on the desired 
reference speed and path. Besides of the common Simulink functionalities for analysis, 
simulated manoeuvres can be visualised in a 3D-animation, which allows an intuitive 
and meaningful interpretation of the simulation results. 

3.2. Model Validation 

The validity of the model is shown by comparison of simulation results and 
measurements from a prototype tractor. The prototype tractor is equipped with the 
following sensors: 

 wheel speed sensor at each wheel  
 steering angle sensor mounted at the steering cylinder 
 inertial measurement unit for translational accelerations and rotational velocities 
 optical sensor for longitudinal and lateral velocity over ground 
 pressure sensors at the wheel brakes  

The validity of the model is investigated on two levels of the dynamic system 
behaviour: the lateral vehicle dynamics on vehicle level and the longitudinal dynamic 
behaviour on wheel level during ABS braking. 

3.2.1. Validation of lateral tractor dynamics 

To verify the lateral dynamic behaviour of the modelled tractor, the measured steering 
angle and longitudinal velocity of several driving manoeuvres are used as input signals 
to the model. The recorded lateral dynamic quantities yaw rate, lateral acceleration and 
side-slip angle are compared to the simulation results. As an example, Figure 4 shows 
the validation results for a slalom manoeuvre at constant longitudinal speed of 26 km/h. 
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Figure 4. Validation of lateral vehicle dynamics for a slalom manoeuvre           
(left: simulation inputs, right: comparison of simulation results and measured 

lateral dynamic quantities) 
 

The slight difference in amplitude of yaw velocity and side-slip angle originates from a 
calibration offset of the steering sensor. The offset of the side-slip angle is caused by a 
skew mounting of the optical sensor (2°). These effects are reproducible for all 
measurements compared. Apart from these measurement inaccuracies, the lateral 
dynamic behaviour and simulation results match very well. 

3.2.2. Validation of longitudinal tractor dynamics and ABS control 

The validity of the ABS controller functionality is again proven through comparison of 
simulation results and measurements from the prototype tractor. Since the ABS 
algorithm in the simulation is exported from the real prototype software of the vehicle, 
the validation not only incorporates the functionality of the ABS controller algorithm 
(internal states, valve actuation signals) but also the dynamics of input (wheel 
dynamics) and output (brake pressures) quantities.  

Figure 5 shows a representative comparison of an ABS braking on dry asphalt (left) and 
a corresponding simulated manoeuvre (right; friction coefficient µ = 1; same initial 
velocity). The upper graph shows the longitudinal deceleration of the tractor. In the 
middle, the longitudinal tractor velocity and the wheel speed of one rear wheel are 
plotted. The lower graph shows the corresponding wheel brake pressure.  
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Figure 5. Comparison of measured and simulated ABS braking (µ=1), quantities 

depicted for one rear wheel 

 

In both cases, the wheel speed drops after brake apply (wheel lock tendency). The brake 
pressures are reduced immediately until the wheel recovers and re-accelerates up to the 
ABS reference velocity. In the following, brake pressure is modulated such that the 
wheel slip alternates cyclic between stable and instable condition (around optimum of 
µ-slip-curve, see Figure 3) until the vehicle comes to a standstill.  

Because of the high complexity of the system and the numerous external influences, 
measurements are not exactly reproducible. Thus, an absolute quantitative comparison 
of simulation and measurements is not meaningful. To verify the ABS dynamic 
behaviour, a qualitative comparison of physical quantities and characteristic parameters 
like e.g. mean values is more reasonable. 

The longitudinal decelerations in both cases exhibit the same oscillating characteristics 
caused by ABS control. In the measurement, oscillations are more distinct due to non-
ideal sensor properties. The most significant difference between measurement and 
simulation is the deeper drop of the measured rear wheel speed at the first ABS control 
cycle. Here, the wheel brake pressure reduction becomes effective later than in 
simulation. The mean brake pressure level as well as the ABS controller frequency are 
practically identical. 

Simulations of all relevant manoeuvres and surface conditions reveal a realistic 
behaviour concerning wheel dynamics and ABS controller functionality. Along with the 
verified lateral dynamic behaviour, the model is hence appropriate to systematically 
analyse the physical effects during ABS braking. 
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4. MODEL-BASED EVALUATION OF THE TRACTOR ABS BRAKING 
DYNAMICS 

Agricultural tractors have significant constructional and application-related differences 
compared to passenger cars. Concerning the ABS development, properties that 
influence the braking behaviour without and with ABS are of particular interest. The 
following aspects are considered to be relevant: 

 The majority of agricultural tractors have only a small installed brake capacity at 
the front axle. To achieve the required deceleration, the all-wheel clutch is 
automatically closed during braking to utilise the high brake capacity of the rear 
wheel brakes also at the front wheels. 

 The weight distribution of the vehicle can vary in a wide range when additional 
implements or weights are used. This leads to a variation of axle- and wheel 
loads and hence influences the vehicle dynamic behaviour. 

 Agricultural tyres differ from car tyres concerning their dynamic behaviour and 
their force transmission properties. Because of varying operational conditions, 
the bandwidth of influential parameters is wider than for passenger cars. 

 Un-damped rear axles as well as different front axle suspension systems lead to 
a different vertical dynamic behaviour compared to passenger cars. This also 
influences the braking behaviour. 

 Regarding tractor operation offside paved streets (e.g. cultivation), specific 
effects through differing ground characteristics (e.g. loose or soft soil) or a 
sloping terrain require special consideration. Although this is not the intended 
use-case of ABS, a safe operation of the system must be guaranteed. 

Vehicle dynamics simulation is an effective mean to systematically analyse the complex 
physical interrelations during a braking manoeuvre and to identify the aspects that need 
to be considered within the ABS development. In the following, a method is presented 
to analyse and evaluate the dynamic braking behaviour of a tractor by using the 
presented model.  

4.1. Manoeuvres and criteria for objective evaluation of braking dynamics  

A braking manoeuvre is commonly considered to be safe, when the following three 
aspects are fulfilled: high longitudinal deceleration within the given physical 
constraints, directional stability (no uncontrollable yaw or side-slip motion) and a good 
steerability (ability of the vehicle to follow the commanded steering input). An 
improvement of the last two aspects is the aim of ABS. Locked wheels virtually transfer 
no lateral forces between tyre and ground. Regarding the front wheels, this leads to a 
loss of steerability, regarding the rear wheels, this leads to a reduced stability. ABS 
avoids both effects and hence improves the controllability of the vehicle. 

For the model based analysis, these general, subjective descriptions need to be 
translated into objective criteria. To investigate the mentioned aspects, three types of 
manoeuvres are selected that allow a specific analysis of the described effects. The 
choice reflects typical driving situations and is oriented to standard test procedures for 
passenger cars and commercial vehicles [6]. For each type of manoeuvre, criteria are 
defined that allow a comparative as well as an absolute evaluation of the different 
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aspects of the braking behaviour based on physical quantities on vehicle level. These 
manoeuvres and the corresponding criteria are explained in the following and 
summarised in Table 1.  

The most descriptive value to characterise the vehicle deceleration and the ABS 
performance is the stopping distance   for straight ahead braking manoeuvres on 
homogeneous ground. Steerability and instability reaction of the vehicle after brake 
actuation are assessed during a braking in a curve manoeuvre. The instability reaction is 
assessed by the vehicle’s side-slip angle   and its yaw rate   . For both quantities, the 
maximum values are related to the stationary values at the moment of brake actuation   . 
Steerability is evaluated by means of the maximum lateral deviation        from the 
vehicle path in the unbraked manoeuvre and the deviation of the vehicle’s end-
orientation          from the expected yaw angle of an ideal braking manoeuvre as given 
by Equation 1. 
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The third manoeuvre to be analysed is a braking on split-µ-conditions (different 
coefficients of friction left and right). This manoeuvre is an extreme though 
representative manoeuvre to investigate the stability of the vehicle. Different brake 
forces on the left and right side of the vehicle induce a yaw moment which leads to a 
rotating motion of the vehicle. Measures for the instability reaction of the vehicle are 
side-slip angle and yaw rate 1s after brake actuation (1s: typical reaction time of the 
driver). Vehicle deceleration is assessed by the time value of longitudinal 
deceleration     , also 1s after brake actuation. 

Table 1. Braking manoeuvres and criteria for model-based evaluation of the dynamic 
tractor braking behaviour 
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Beyond the three manoeuvre types, manoeuvres can further be varied concerning initial 
velocity, friction coefficient of the ground and steering angle in case of braking in a 
curve manoeuvres. For the analysis presented in Section 5, a catalogue of 13 
manoeuvres is defined comprising variations from each type.  

All manoeuvres are examined as open-loop manoeuvres (fixed steering input) since a 
corrective steering reaction of the driver model would influence the vehicle behaviour 
and hence the comparability of the results. Closed-loop simulations including a steering 
reaction can be an additional variation of the split-µ manoeuvre, for example to 
compare different ABS controllers. 

4.2. Reference braking behaviour without and with ABS 

Utilising the manoeuvres and criteria introduced above, the dynamic braking behaviour 
of the tractor model is analysed. The braking behaviour without and with ABS is 
compared and depicted for a number of representative examples.  

4.2.1. Steerability in braking in a curve manoeuvre  

Figure 6 shows the simulation results regarding steerability for three curve braking 
manoeuvres on surfaces with different friction coefficients. The steering angle   is in 
all cases adapted to reach an average lateral acceleration with respect to the friction 
characteristics of the ground. The brake is applied out of a stationary curve driving. 

 
Figure 6. Deviation of final yaw angle (left) and lateral path deviation (right) for 

braking in a curve manoeuvres without and with ABS on homogeneous surfaces 
with different friction coefficients (initial velocity: 30 km/h) 

Without ABS, wheels lock and the tractor slides tangentially to the curve instead of 
following the steering command. On vehicle level, this leads to a large deviation of the 
final yaw angle from the reference behaviour and high lateral deviation from the desired 
path as depicted in Figure 6. The first effect is most significant on a high-µ surface since 
the initial yaw rate is higher. The lateral path deviation is most critical on low-µ 
surfaces because of the longer stopping distance.  

With ABS, this understeer-effect is significantly reduced and the tractor follows the 
commanded steering input more precisely. In reality, the difference would be even 
higher, since the driver would try to compensate the understeer-effect by increasing the 
steering angle. This action would however take effect only with ABS.  
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4.2.2. Stability in split-µ braking manoeuvre 

Simulation results for two split-µ manoeuvres with different combinations of friction 
coefficients are presented in Figure 7. The initial velocity is chosen in both cases such 
that the tractor does not tilt without ABS. The brake is applied when the tractor is 
rolling straightforward at the respective initial velocity. The steering angle is fixed to 0 
for the whole manoeuvre. 

 
Figure 7. Side-slip angle (left), yaw rate (middle)  and longitudinal deceleration 

(right) 1s after brake apply for split-µ manoeuvres without and with ABS 

Without ABS, side-slip angle and yaw rate increase immediately after brake actuation to 
an extent that makes the tractor uncontrollable for the driver. ABS includes a 
functionality which recognises the situation and adopts the control strategy to reduce 
this instability reaction (Yaw Moment Control). The wheel brake pressure on the side 
with high friction is reduced during the initial phase of the braking, such that the driver 
is given more time to counter steer. With a slightly reduced deceleration in the initial 
braking phase, the vehicle remains controllable and brakes more safely. 

5. ANALYSIS OF THE DYNAMIC TRACTOR BRAKING BEHAVIOUR 

The method presented in the previous section is now used to analyse the influences of 
tractor specific properties on the braking behaviour of the tractor without and with ABS. 
The aim is to identify properties, which are influential to the robustness and the 
performance of the ABS controller. The results of the analysis can be considered in the 
functional optimisation of the ABS controller. Two approaches are used for the analysis 
as described in the following.  

First, a one-dimensional sensitivity analysis is conducted. Relevant basic vehicle 
parameters are varied within a typical spectrum and their individual influence on the 
braking behaviour is investigated. Through this analytical approach, fundamental 
physical interrelations can be described and influential as well as non-influential 
parameters are identified.  

For a comprehensive assessment including all associated effects of the complex braking 
dynamics, a second, application-oriented approach is used. Typical tractor application 
scenarios are investigated regarding the performance of the ABS controller. These 
scenarios are chosen based on the identified sensitivities and system expertise.   
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5.1. Sensitivity analysis of basic vehicle parameters 

More than 20 basic vehicle parameters are considered to be potentially influential to the 
braking behaviour. These parameters can be divided into three categories: 

 Constructional parameters (e.g. wheelbase, track width, vehicle mass) 
 Wheel and tyre parameters (e.g. wheel geometry, tyre deformation 

characteristics, µ-slip-characteristics) 
 Running gear parameters (e.g. wheel/axle suspension, all-wheel drive) 

In order to analyse the individual influence of each parameter, the value is varied within 
a typical range around the nominal value. For each variation, the previously defined 
manoeuvres are simulated without and with ABS and the braking behaviour is 
interpreted by use of the presented criteria.  

As an example, analysis results concerning the influence of the position of the tractor’s 
centre of gravity on the curve braking behaviour are presented. The longitudinal 
position of the tractor’s centre of gravity was varied from +0.4m to -0.4m in steps of 
0.2m, where positive values mean a shift towards the front of the tractor.   

 
Figure 8. Results of the sensitivity analysis of the longitudinal position of the 

tractor’s centre of gravity in a braking in a curve manoeuvre without and with 
ABS (manoeuvre: initial velocity 50 km/h, µ=0.5, steering angle 3°) 

Figure 8 depicts the simulation results. The left diagram shows the increase of the side-
slip-angle as a measure for the instability reaction of the tractor after brake application. 
The right diagram shows the final deviation of the yaw angle as a measure for the 
steerability. The middle bar represents in both cases the reference behaviour with the 
nominal parameter.  

Without ABS, the instability reaction of the vehicle is higher, the nearer the centre of 
gravity is located to the front. The reason is a reduced rear axle load which leads to a 
faster locking of the wheels and smaller lateral tyre forces at the rear axle. With ABS, 
the instability reaction of the tractor is very small and practically independent of the 
varied parameter. At the same time, the deviation of the yaw angle from the ideal 
behaviour (i.e.               ) is smaller, the nearer the tractor’s centre of gravity is located 
to the front since a higher front axle load enhances the steerability of the tractor. This 
correlation is significant with and without ABS, though absolute values are much 
smaller with ABS.  

The example shows that the ABS performance in curve braking manoeuvres is robust 
towards an individual variation of the position of the tractor’s centre of gravity. The 
robustness of the ABS controller concerning straight ahead braking and split-µ 
manoeuvres can be shown analogously. 

0 ref
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The described method is applied to all considered tractor parameters. Simulations show, 
that the number of relevant parameters can be reduced to seven, which, individually or 
in combination, need to be considered for a more detailed analysis. The remaining 
parameters have no relevant effect on the robustness of the ABS and need no further 
consideration.  

5.2. Tractor braking behaviour in typical real application scenarios 

Situations that occur in reality are more complex and generally include a variation of 
more than one of the previously identified sensitivities. However, an analysis of all 
possible combinations is neither feasible nor meaningful. Therefore, the most 
interesting tractor-typical application scenarios that are characterized as a combination 
of the identified sensitivities are selected. Four scenarios are investigated in detail: 

 Additional implements mounted to the tractor 
 Varying tyre deformation properties 
 Different wheel sizes in combination with all-wheel-drive operation modes 
 Vertical dynamic excitation in combination with different damping 

characteristics 

As an example, the analysis results of the tractor’s curve braking behaviour with 
different implements are presented. In terms of sensitivities, additional implements 
constitute a combination of a higher total mass, a varying centre of gravity position, a 
higher moment of inertia and varying wheel radii through different tyre deflections front 
and rear. In the simulation model, the implements are considered as additional bodies in 
the mechanical vehicle model. Besides of the reference vehicle, the following three 
configurations are considered:  

 Front loader mounted to the front, additional weight 2.5t 
 Plough mounted to rear hitch, additional weight 2.5 t 
 Maximum permissible weight, additional load 3t front and rear  

The same curve braking manoeuvre as described in the previous section is simulated 
and evaluated with the same criteria. The results are shown in Figure 9.  

 
Figure 9. Analysis results of the curve braking behaviour with different implements 

(manoeuvre: initial velocity 50 km/h, µ=0.5, steering angle 3°) 

Simulations show that the lateral dynamic behaviour is significantly influenced by 
additional implements. Without ABS, the instability reaction with front loader and 
plough is higher than in the reference case. In case of the front loader, the effect is 
caused by reduced lateral forces at the rear wheels due to a reduced rear axle load. In 
case of the plough, it is caused by a higher oversteer behaviour during the stationary 
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curve driving before brake actuation. Steerability is higher in case of a high front axle 
load (front loader) and a high total mass.  

For all configurations, ABS performs well and improves the dynamic curve braking 
behaviour significantly. With ABS, the deviation of the yaw angle of the tractor with 
front loader has a positive value because of a slight oversteering. 

In the depicted manner, the robustness of the ABS controller is investigated for the 
relevant manoeuvres and scenarios. The interpretation of simulation results is thereby 
facilitated through the knowledge of the singular influences of the basic vehicle 
properties. The results of this extensive analysis show a high performance of the ABS 
controller and support further optimisation. 

6. BRAKING BEHAVIOUR OF TRACTOR-TRAILER COMBINATIONS 

Besides the mentioned aspects of tractor braking, a separate examination is necessary 
when agricultural trailers are considered. In this case, the risk of accidents is generally 
increased and the braking behaviour is even more complex to describe. Most critical 
situations occur, when the trailer exerts a pushing force on the hitch of the tractor. 
Under adverse circumstances, this can lead to jack-knifing of the combination and 
subsequently to a rollover of the vehicle.  

Influential trailer properties and critical scenarios can be investigated analogously to the 
aforementioned analysis of solo tractor braking. The simulation model is therefore 
extended by a modular trailer model. Additional criteria based on the quantities that 
describe the mechanical coupling are defined in order to describe the interaction of 
towing vehicle and trailer. 

Simulations show that the developed ABS controller significantly improves the stability 
of the vehicle combination. It prevents the tractor rear wheels from locking and hence 
increases lateral tyre forces     that oppose the lateral component of the pushing coupling 
force     of the trailer as illustrated in Figure 10. Thus, ABS mitigates an increase of the 
articulation angle      and an instable yaw motion of the tractor. Thus, jack-knifing is 
avoided. 
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Figure 10. Jack-knifing effect caused by a pushing trailer: a) without tractor ABS  

b) with tractor ABS: enhanced stability through non-locked tractor wheels  

The second positive effect of ABS is a stretching of the combination. A critical build-up 
of coupling forces at the hitch is reduced through the cyclic modulation of the braking 
forces of the towing vehicle.  
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Simulation results reveal an improved braking stability for all types of trailers due to the 
tractor ABS, regardless of their installed braking system. Utilising the presented 
simulation model, specific strategies to further enhance the combinations stability can 
be investigated. 

7. CONCLUSION 

As a basis for the development of an anti-lock braking system for agricultural tractors, a 
modular simulation model of the vehicle including a hydraulic brake system and an 
ABS controller is developed. The validity of this model is proven by comparison of 
simulation results and measurements. 

The model is utilised to identify basic tractor properties that are influential to the 
dynamic braking behaviour and the ABS controller performance. Through this 
sensitivity analysis, an in-depth understanding of the relevant physical effects is gained. 
On this basis, more complex tractor typical application scenarios that represent 
combinations of the identified sensitivities are selected for a detailed investigation. 

It is shown that ABS significantly improves stability and steerability of the tractor in 
comparison to a braking with locked wheels. The robustness of the used ABS controller 
is investigated for the selected application scenarios as depicted exemplarily for a curve 
braking manoeuvre with different additional implements mounted to the tractor.  

Furthermore, the presented method is extended to investigate the braking behaviour of 
tractor-trailer combinations. Simulations show a significantly improved stability of the 
combination when the tractor is equipped with ABS.  
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ABSTRACT 

The lecture provides a short overview of functional safety for mobile machinery, 
especially relating to EN13849. The introduction explains the production, design and 
legal aspects of the regulations, following with an explanation of important key terms 
and definitions, for example Safety Category, DC, MTTFd, Risk Analysis and 
Performance Level. In conclusion, standard sensors and electronic controllers along 
with certified sensors and electronic controllers for functional safety applications will be 
presented. 

1. INTRODUCTION 

It is recognised worldwide that machines must be designed to operate safely. 
Discussions on the issue of incorrect or insufficient machine safety are often raised in 
the event of a bad accident, putting into question existing regulations and procedures. 
Furthermore, efforts are also being made to simplify the design procedures for safer 
systems. The new standards DIN EN ISO 13849 "Safety of machinery – Safety-related 
parts of control systems"  are a consequence of this development and are intended to 
provide a practical and structured approach for the design of safety functions and 
systems. 
Machines sold within the European Economic Area markets must be CE marked. Thus, 
the manufacturer guarantees to comply with the applicable standards including the 
machinery safety guidelines 2006/42/EG which have been incorporated into the EN ISO 
13849-1. The EN 954-1 will consequently be completely replaced after a transitional 
period. As the manufacturers were unable to realise the requested measures in time, the 
originally planned transitional period for the end of 2009 has now been extended to the 
end  of  2011.  The  EN ISO 13849-1  will  therefore  fully  represent  the  “state  of  the  art“  
from 1st/January/2012 and will be applicable for expert assessments in legal 
proceedings in the event of an accident investigation.  
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Figure 1. CE-marking and confirmation of conformity 

Besides the EN ISO 13849, a safety assessment can also be carried out in accordance 
with IEC 61508 (the mother of safety standards) and the correspondingly derived IEC 
62061. In both approaches the safety degree is assigned different classes. In the first 
mentioned  standard,  this  is  the  “Performance  Level  (PL)“  and  in  the  second  it  is  the   
“Safety  Integrity  Level  (SIL)“.  The  reference  for  both  safety  categories  is  the  PFHd  
(Probability of dangerous failures per hour), which provides a direct comparison. 

 
Figure 2. Correlations between PFHd, SIL and PL 

In comparison with the IEC 62061, the EN ISO 13849 also takes into consideration 
non-electrical components such as hydraulics, which considerably  eases  the  work  for  
the design engineers. 

The manufacturer confirms to 
comply with the following
guidelines:

Machinery Guidelines  Machinery Guidelines  ––
2006/42/EG2006/42/EG

Noise Emission Standards 
– 2000/14/EG

Electromagnetic Compatibility
Standards – 2004/108/EG 
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The  DIN  EN  ISO  12100  forms  the  basis  for  a  machinery  safety  assessment  „General  
Principles for Design and Risk Minimisation“, an appropriate method for the machine 
designer to achieve machinery safety. 

2. PROCEEDING 

In  the  first  step,  the  limits  of  the  machine  are  defined  and  all  its  risks  are  calculated  
taking into account consideration of all possible operational conditions. Based on this, a 
risk assessment and evaluation takes place. If the defined risk is beyond an acceptable 
limit (which has been calculated based on other standards for example), a risk 
minimisation must be carried out. This risk minimisation can be achieved with the help 
of mechanical design changes or by specially tailored safety functions. The realisation 
of such measures are achieved according to  EN ISO 13849. 

Please see illustration of these correlations in the figure below. 

 
Figure 3. Risk assessment of a machine 

EN ISO 13849 describes an iterative process for the design of a safety-related part of a 
control system as shown in the figure below. 
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Figure 4. Iterative process according to EN ISO 13849 

The  first  steps  define  the  description  of  the  safety  function,  allowing  the  required  
performance level (PL) to be determined. 

 
Figure 5. Safety-related part of the control 
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Hereafter, the design is carried out. Depending on the required PL, the architecture and 
choice of the components is particularly important. This is where the innovations, 
generated by EN ISO 13849 categories, MTTFd (Mean time to dangerous failure), DC 
(diagnostic coverage) and CCF (common cause failure) take effect. 
The category describes the design, i.e. the basic architecture. MTTFd is a quality 
characteristic for the used components. DC stands for the recognition of dangerous 
failures and CCF defines how failures can occur due to common cause. 

The data necessary for the machine designer, such as MTTFd values, are generally 
provided by the component supplier. 

When using programmable electronic controls to achieve a safety function, the safety-
relevant part of the software must be developed and documented according to strict 
specifications. The manufacturer of the control system generally provides 
specifications, for example in the form of a safety manual, which specifies how to 
develop “safe software” combined with the controller hardware. 
EN ISO 13849 presents a method for software development in the form of a simplified 
V-model, in order to obtain a readable, comprehensible, testable and maintainable 
software. 

To define the PL in a safety function consisting of a series connection of numerous 
safety-relevant components, EN ISO 13849 also accommodates simple methodologies. 
Please see example below. 
The figure shows a subsystem where the PL for each chain link is known. 

 
Figure 6. Example of a system set-up 

In this example, the lowest PL value is identified and the total PL is extracted from the 
table below. 
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Figure 7. Simple determination of the total performance level 

Accordingly, the result is that the total performance level corresponds with the PLc.  

Furthermore,  there  are  other  tools  for  the  engineer  to  identify  the  safety  level.  As  an  
example, the software tool SISTEMA of the IFA (institute for occupational health and 
safety of the German statutory accident insurance) should be mentioned, which assists 
with the PL assessment. 

3. PRODUCTS FOR THE SET-UP OF SAFETY-RELEVANT CONTROLS 

To achieve the required performance level, the utilised components must meet a defined 
quality level. For components up to level PLc, a sufficient MTTFd would be enough. 
For higher PL levels, the component manufacturers must provide further parameters,  
such as category, MTTFd or other values with which the MTTFd can be calculated, DC 
or PL. 
Regarding components for the design of safety-relevant controls, please see the 
following two practical examples (pressure transmitter and electronic mobile control). 
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3.1. Example 1: Pressure transmitter 

 
Figure 8. Pressure transmitter with PL d 

The pressure transmitter is designed according to category 3 and has 2 sensor cells. Two 
signal paths provide a 4..20mA signal for further signal processing. The performance 
level obtained is “PLd“. 

3.2. Example 2: Mobile Controllers 

 
Figure 9. Electronic controller with PL d 

The electronic control is designed according to category 2. When a failure occurs, the 
power output is switched off. The performance level obtained is “PLd“. 
In summary, the EN ISO 13849 provides a method for the design of safety-relevant 
controls for machines. There are also simple ways to achieve the required safety level. 
The component manufacturers must provide the required parameters such as category, 
MTTFd, DC or PL. 
The CE marking guarantees the machine buyer compliance with all applicable safety 
standards. Accordingly, the manufacturers and particularly the engineers responsible for 
the technical design, should ensure that, in the case of any liability claims, all the safety 
standards are met. 
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ABSTRACT 

The development of modern mobile machines is aimed to facilitate a large degree of 
freedom for designers and engineers to optimize the system according to their 
individual goals. However, current management strategies generally use little of 
evolving potentials and machine operation is highly influenced by the skills of the 
operator. We present a novel approach to consider the mobile machinery as a whole and 
employ a holistic optimization to reduce the fuel consumption. This is realized by the 
Observer/Controller architecture. Currently a model of the demonstrator, a Fendt Vario 
412, was designed to test and verify developed modules of the architecture. First results 
will be presented. This interdisciplinary project is called OCOM-Organic Computing in 
Off-highway Machines and is funded by the German Research Foundation (DFG). 

KEYWORDS: Machine Management, Adaptive, Holistic Optimization, Organic 
Computing   

1. STATE-OF-THE-ART MACHINE MANAGEMENT 

Over the past decades, the development of mobile machines is influenced by a rising 
amount of internal degrees of freedom. In [1,2] novel concepts for drive trains in self-
propelled agricultural machineries are introduced. In both cases mechanical constraints 
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between axis and wheels are dissolved by using individually controlled hydraulic 
motors. In 1995, the continuously variable transmission has been introduced in tractors. 
Since Agritechnica 2009 in Hannover, Germany, the distribution of continuously 
variable transmissions is not restricted to tractors of medium and high power any more. 
There are several indications [2] that their distribution farther advances due to 
environmental legislation. Another recent development in this area is the infinitely 
variable power takeoff (PTO) [3]. This concept is based on the electrically assisted drive 
train in tractors. There, a power electronics center converts the electric power according 
to the load situation and the demands of the operator between crankshaft generator, e-
machine within the infinitely variable PTO transmission and further electric consumers 
(fan, compressors and pumps). These consumers are powered independently of 
crankshaft revolutions per minute (rpm) – another degree of freedom in such a system. 
According to [4] there will also be hydraulic solutions for running these consumers 
independently of crankshaft rpm in mobile machines. In addition, [4] predicts a deeper 
integration of decentralized electronic directly into the single components of mobile 
machines. The On-Board-Electronic (OBE) uses integrated components to collect and 
send important data to a centralized controller. In this way, by removing mechanical 
constraints, components can be controlled individually and thereby increase degrees of 
freedom. 

The list of examples for a rising amount of degrees of freedom is not completed, even 
though it provides an overview over recent developments in this area. Reasons for the 
introduction of these new technologies are basically a higher comfort and a more 
efficient operating of components. According to [5] a high variability in the individual 
drive train and networked communication are basics for consequent optimization. 

The developed solutions offer many possibilities for controlling to be set by an adequate 
management strategy. A machine management specifies the amount of all machine 
components realized as hardware and software, necessary to fulfill the intended but 
variable goal in an organized way. In contrast, an operating strategy designates the 
methodology used to fulfill an adaptable, at any time variable goal. Stationary, quasi 
stationary and dynamic approaches are possible, cp. [6]. Conventional strategies use 
static characteristic maps to individually control single degrees of freedom. The 
simplest alternative to conventional strategies in mobile machines with continuously 
variable transmissions is to run the engine at a constant nominal speed. Vehicle speed is 
adjusted by adapting the transmission ratio via a closed-loop controller. This control is 
well known for machines with little power consumption in the drive line, e.g. combines 
or excavators and for tractors in the power take-off (PTO) mode. Conventional control 
of wheel loaders is governed by the operator using the throttle, brake, and inching 
pedals as well as a direction command lever. The transmission ratio is varied in 
dependency of the engine speed. Conventional strategies in tractors use the throttle 
pedal and the control lever to individually control engine speed, transmission ratio and 
flow rate of the working hydraulics. Or the operator may set vehicle speed by throttle 
pedal. Engine speed and transmission are set in a defined ratio. Adjusted flow rate is 
closed-loop controlled. 

Figure 1 illustrates a generalized conventional management strategy for mobile 
machines. An operator sets basic defaults which are given as inputs into static 
characteristic curves or arrays in order to find optimized command variables for the 
single subsystems for some predefined cases. Basically, command variables of one 
subsystem are individually set without considering the settings of other subsystems and 
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the interaction between them. The output of each subsystem is accumulated to a target 
working result that is measured and controlled by the operator. 

 
Figure 1. Conventional Machine Management 

2. NEW APPROACH 

A mobile machine is a complex and cross-linked system. Changes in one component 
may lead to entirely new overall system states. For this reason, recent research projects 
show significant potential capacities in a simultaneous optimization of several 
components compared to conventional management strategies. In [7] engine and 
transmission are collectively controlled to realize a so called Power Control that is able 
to reduce fuel consumption up to 16 %. The engine overloads in a specific way due to 
actuator signal gear ratio of the transmission. In [8,9] research projects are presented 
that collectively control engine and working hydraulics by the use of the CAN-BUS. 
Basically the information about the power instantaneously needed by the pump is 
measured by the pump control unit and passed directly to the engine control unit for a 
proper engine regulation. According to [8,9] significant reduction of fuel consumption 
can be realized. So far, the most extended collective control is presented in [10]. Here, 
tractor and certified implements exchange information bi-directionally based on current 
ISO-BUS implementation level and a protected communication level to optimize the 
entire system. With that system, several parameters can be automatically controlled by 
the tractor-implement system to optimize the process focusing on productivity, cost 
reduction, operator comfort or better work quality. According to [4] an even more 
intense and direct communication between single components will be necessary to 
further increase efficiency. 

Most of mentioned research projects are realized in agricultural machinery and 
especially in tractors. Agricultural engineering has always been a motor for new 
technologies in the area of mobile machines. However, new technologies influence the 
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entire mobile machine area. For instance there have been some recent efforts to 
optimize engine and transmission simultaneously in wheel loaders or excavators 
[11,12]. 

Although there has been much improvement towards automation and optimization 
especially due to the adoption of extensive electronics, working results are determined 
particularly by the experience and the skills of the operator [7,13]. Apparently, existing 
automatic management strategies are not able to optimize all possible working cycles 
[14]. Furthermore, the operator is generally not capable to optimize all degrees of 
freedom in engine, transmission, PTO, and working hydraulics by himself due to the 
complexity of simultaneously set control variables and the constantly changing 
operating condition. With that background, a new notion of holistic optimization will be 
given. 

Holistic Optimization 

Without loss of generality, we select a tractor as a representative for mobile machines 
for our examinations of holistic optimization to optimize fuel consumption in the 
followings.  

In holistic optimization we consider the machine as a whole and try to optimize the 
overall functionality. A tractor has A internal adjustment variables denoted as vector Av

r
, 

which describes the functionality within the tractor. For every Av
r , a vector Sv

r
(s-

dimensional) characterizes the external influences on the tractor. Both vectors Av
r

 and 

Sv
r

 influence fuel consumption denoted as be( v
r

), where 
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v

v
v r

r
r

  

according to Figure 2 and build our search space with (a+s) dimensions.  

 
Figure 2. Holistic Optimization 
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Formally the optimization problem can be specified by: 
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 is a vector of partially unknown external environmental 
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The goal of holistic optimization in this paper is to find entries of vector Sv
r

 that 

characterizes together with Av
r

 the system state regarding be. Suppose, the tractor is 

working with 1Av
r

 and 1Sv
r

 results. Now we look for an appropriate action 2Av
r

 that leads 

to 2Sv
r

 so that we obtain a better ( ) ( )1122 ,, SAeSAe vvbvvb
rrrr < . Note that we can only 

change 1Av
r

 which results in a different ( )yvfv AS

rrr
,22 = . 

Now the challenge is to find a set v
r

 that entirely describes the fuel consumption be. As 

Av
r

 is already determined by the adjustment possibilities in a tractor, our goal is to find a 

Sv
r

 that supplements Av
r

 in a way that be is characterized. Regarding the tractor as a 

system, fuel consumption is determined by the power flow through the interface of a 
tractor and the internal degrees of freedom according to Figure 3. 

 
Figure 3. Influences on Fuel Consumption 

The definition of holistic optimization differs from the conventional definitions, where 
formulation of the optimization problem focuses generally on varying some entires in 

Av
r

 while trying to prevent changes in vector Sv
r

[8,9,11,12]. This is due to the lack of an 

overall machine observation of common machine managements which means in 
particular that potentials are not entirely exploited. 

In the next section, we describe a methodology to achieve above described holistic 
optimization. 
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3. METHODOLOGY 

Looking for possible solutions how to realize such a holistically optimizing system, in 
this work experiences from other areas of research are being applied and adapted to the 
problem at hand. The main source of inspiration here has been the field of Organic 
Computing [15,16], a discipline in computer engineering concerned with achieving 
reliable and adaptive control of highly complex systems. In recent years, information 
technology is facing the challenge, that IT systems are becoming continually smaller, 
more widely used, and at the same time equipped with more and more “intelligence” as 
well as communication and cooperation abilities of their own. This leads to the 
formation of increasingly complex systems of a variety of interacting “agents” that 
communicate and cooperate in a decentralize and partly autonomous way. Facing this 
development, several areas of research tackle the challenge of finding structures or 
architectures to design such highly complex systems in a way that keeps them 
controllable and trustworthy for the user, and at the same time endorses a high degree of 
autonomy and self-organization.  

In the field of Organic Computing (OC) a generic Observer/Controller(O/C) 
architecture has been developed that serves as a design pattern for the control of 
complex self-organizing systems like those described above [17,18]. Additionally in 
OC, a special emphasis is put on controllability by an external user of the system, and 
on special learning capabilities of the system itself. With respect to mobile machines 
fulfilling a tremendous number of different working cycles and the fact that the O/C 
architecture has already been successfully applied to several natural as well as technical 
scenarios [19,20,21,22] this makes it especially suitable as a basis to develop a machine 
management system that regards the machine as a whole, as is the focus of this work. 

The generic O/C architecture consists of three main parts, that will be described in the 
context of a mobile machine (here: a tractor) in the following: the System under 
Observation and Control (SuOC), the Observer and the Controller (see Figure 4).  

 
Figure 4. The Observer/Controller architecture 

The SuOC represents the underlying system of self-organizing cooperating agents that 
fulfill a certain common task. It is completely capable to function on its own, 
independently of Observer and Controller. In case of a tractor, the SuOC is the entirety 
of its subsystems, as depicted in Figure 1. 
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The task of the Observer is to monitor all relevant data coming from the SuOC and to 
analyze it in order to characterize the state of the system. In the holistic machine 
management system that is developed in the course of this work, the tractor is to be 
regarded as a whole and the system state is highly dependent on internal and external 
influences. 

Based on the system state Sv
r

 that has been identified by the Observer, the Controller 

implements a mapping that assigns every situation Sv
r

 a suitable action Av
r

. Due to the 

emphasis of learning capabilities in the O/C architecture, the composition of this 
mapping is determined in two separate learning steps: offline learning and online 
learning. In offline learning, new actions can be generated by evolutionary operators 
(such as selection, mutation and recombination) and their effectiveness (fitness) in the 
given situation is tested by applying them to a simulation model of the SuOC that is an 
integral part of the Controller. In case of the tractor, any suitable action is a valid 
configuration of the actuators that influence the adjustments within a tractor. Input to 
the simulation model of the SuOC is the situation given by the Observer and the 
actuator-configuration that is to be evaluated, as well as further parameters that can be 
derived from those. Output of the simulation model and basis for the fitness evaluation 
of the tested action is the efficiency factor of the simulated system under the given 
conditions. In order to reduce fuel consumption, the goal is to maximize this efficiency 
factor. In online learning, the mapping learned with the simulation model will be tested 
on the real system. Actions are applied when the corresponding situation occurs and the 
resulting effects are measured and evaluated. In case of the tractor, the averaged 
efficiency after applying the action is compared to the averaged efficiency the system 
had in the given situation without interaction of the Controller. The higher the 
improvement that is achieved by the action, the better the rule (situation Sv

r
 � action 

Av
r

) is rated. Rules with low fitness values are eventually deleted from the mapping and 
subsequently replaced by new ones. 

4. CURRENT DEVELOPMENT STATUS 

A systematic development process such as the V-Model [23] helps to generate a feasible 
and successful realization of the O/C architecture in the tractor. The V-Model has been 
proven to be a development standard for mechatronical systems. In the current project 
phase, the developed modules of the O/C architecture are refined and verified by 
employing a tractor model in AMESim (see Figure 5). This specific approach is called 
Model-in-the-Loop (MiL) which is meant to provide all needed sensor signals for the 
Observer and to simplify the realization of action signals from the Controller. After MiL 
phase the O/C architecture is meant to be adapted to a Rapid Control Prototyping (RCP) 
Hardware to control the tractor. The hardware is able to import a Matlab/Simulink 
model automatically by automated C-code generation. With respect to that, the O/C 
architecture will be implemented in Matlab/Simulink. AMESim and Matlab/Simulink 
communicate via so called S-functions in a co-simulation. 

Input into the AMESim model is the PowerMix [24] of the German Agricultural Society 
(DLG), to describe the main working processes a tractor performs. PowerMix defines 
traction, PTO and hydraulic power over time.  

213



To design the AMESim simulation model, efficiency-afflicted models and a time-based 
simulation approach with physical loss modeling and concentrated parameters are 
chosen. Its specific feature is the acquisition of basically all internal and external 
influences on the target function fuel consumption. These influences need to be 
specified by the vector v

r
 in Section 2. Due to the resulting large size of the model, a 

classification of the entire model into subsystems engine, working hydraulic, PTO, 
transmission, drive side, and transmission control device is realized. To adapt correct 
states of wheel-soil contact, steering angle, 4-wheel clutch and differential lock in 
subsystem drive side, a 5-dimensional system of equations must be solved in Matlab. 
Communication is realized via S-functions. In transmission control device both power 
and velocity control are realized and a logical unit switches adequately between these 
different controllers. Moreover the simulation model is meant to provide data for the 
basic machine behavior to be validated in a later step, using measured data from the 
machine. More design details and results of the model are given in [25]. 

 

Figure 5. Model in the Loop 

Task of current project phase is to find a vector v
r

 that entirely describes the situation of 
the machine regarding the target function. According to Section 2 this vector consists of 
an external vector Sv

r
 that describes the power flow over the interfaces and an internal 

vector Av
r

, which describes parameter settings within the tractor. Sv
r

 will serve the 

Observer to get a holistic characterization of current situation and will be the basis for 
the Controller to later learn an action 1+Aiv

r
 in the mapping. Goal will be to find an 

approximation of optimal action ′Av
r

 for each single situation Sv
r
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5. RESULTS OF THE SIMULATION 

In this section, we first present selected results of the co-simulation. Input to the 
simulation model is the DLG-PowerMix cycle Z7PR [25]. This cycle describes the 
working process bailer. According to Figure 6, all output power consumers like 
drawbar pull, PTO and hydraulic power are active. 
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Figure 6. PowerMix Cycle Z7PR (according to [25]) 

Total power demand of Z7PR is 100% of available engine power. This means that the 
operating point of the engine is located at the full load characteristic mostly all of the 
cycle time according to Figure 7 (left). In cases of engine overloading exceeded 14 % 
of nominal rpm the controller switches from speed control to power control. In that case 
desired speed of 2 m/s collapses according to Figure 7 (right).  

 

 

 

 

 

 

Figure 7. Engine Operating Points and Tractor Speed 

Currently a static optimization in the Controller is realized. For that reason pursued goal 
is to optimize overall efficiency η. Mathematically, η can be expressed as follows. 

Fuel

WHWHPTOPTOPull

in

out

P

QpnTvF

P

P ⋅+⋅+⋅
==η  

vdesired=2 m/s 
nPTO=1000 rpm 
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PFuel is the chemical power of the fuel. In cycle Z7PR and realized operating strategy, 
characteristic of η along cycle Z7PR is shown in Figure 8. 

 
Figure 8. Overall efficiency over Time 

It is remarkable that the overall efficiency is high when the total power is high. 
Otherwise low power demand at the beginning of the cycle leads to an overall efficiency 
of about 5%. One major reason is that engine runs at nominal rpm of 2100 and therefore 
high specific fuel consumption. In this case we use an engine with a maximal efficiency 
of 35,3 % at 1700 rpm. A high power consumption of the PTO leads to a high 
efficiency. Nevertheless maximal overall efficiency is about comparatively low 31%, 
due to a comparatively low engine efficiency.  

According to Section 2, fuel consumption is entirely specified by vector v
r

 spanned by 
the power flow through the tractor interface Sv

r
 and internal adjustments Av

r
.  

Consistently, clusters of a similar v
r

 lead to similar fuel consumption. From the 
definitions in Section 2, it is evident that no element of Av

r
 may be completely described 

by elements of Sv
r

 and vice versa. 

Therefore, redundancies in Sv
r

 and Av
r

 must be dissolved. To achieve holistic 

optimization, redundancies need to be dissolved only in Sv
r

, as in this way the 

adjustment possibilities contained in Av
r

 will not be reduced.  

Internal adjustments in the tractor are: 
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Sv
r

 characterizes the power flows across the interfaces of the tractor. A tractor has the 

following interfaces: 

| nCrank= rpm crankshaft; v= velocity; nPTO= rpm PTO; DC= differential
 clutch; GR= gear; 4w= 4-wheel clutch; QWH= flow rate working
 hydraulic; 
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• Rear Coupling Device 
• PTO 
• Valve Working Hydraulic 
• Wheel-soil Contact 

Thus vector Sv
r

 is  
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In a first instance, in order to reduce dimensionality of v
r

, working hydraulics (WH) are 
neglected and a working cycle according to Figure 9 is examined. In this cycle different 
working situations are simulated consecutively. 

 

 

 

 

 

 

 

 

Figure 9. Examined Cycle 

The task of the Observer in the applied O/C architecture is to characterize the current 
system state and report it to the Controller. The vector v

r
, as has been described above, 

constitutes the basis of this state characterization. To show, that the given entries in Sv
r

 

and Av
r

, are suitable to characterize the system state regarding fuel consumption, two 
conclusions have to be verified: first, while the tractor’s working situation and interior 
degrees of freedom are not changing (in the simulation: while the model input is not 
changing), the vectors v

r
 must stay very similar, and second, similar vectors v

r
 must 

result in a similar fuel consumption be, as v
r

 is meant to characterize the system state 
regarding the target function be entirely. To show this, all vectors v

r
 that were gathered 

during the examined cycle (see Figure 10) were clustered using the kmeans clustering 
algorithm. Kmeans is an algorithm that summarizes points in a specific number of 
clusters in a way the norms between single points are minimal. This clustering shows 
that consecutive vectors during a constant situation are assigned to the same cluster. 
Subsequently, the resulting clusters have been compared to the measured efficiency of 
the tractor. Figure 10 shows this comparison. The clusters where generated using 
kmeans with a value of 10 clusters. The figure shows a plot of the simulated system 
efficiency over time in simulation ticks at a sample rate of 33Hz. Additionally, the time 
slots, where consecutive vectors v

r
 have been assigned to the same cluster, are separated 

by vertical lines. The plot clearly shows the correlation between cluster formation and 

| FPull= pulling force; TPTO= torque PTO; pWH= pressure working hydraulic;
 Ti= torque wheel i; σi= rpm wheel i 
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static system states, as well as the fact that vectors v
r

 within the same cluster result in a 
very similar system efficiency, and thus, fuel consumption.  

 
Figure 10. Plot of efficiency factor, compared to clusters of vector v

r
  

(clustering by kmeans with k=10) 

The results show that the efficiency within one single cluster of v
r

 is nearly the same. 
Although many more tests have been done, this example representatively indicates that 
vector v

r
 entirely describes the situation of the machine regarding the target function. 

Since Av
r

 is already determined by the adjustment possibilities in a tractor, we found a 

Sv
r

 that is able to characterize the external situation.  

6. SUMMARY AND FUTURE WORK 

Developments in the area of mobile machines show a rising amount of degrees of 
freedom over the last decades, the basics for profound optimization. However 
conventional optimizations use static characteristics to control single degrees of 
freedom individually. Recent research studies show distinct potential of simultaneous 
optimization of several subsystems in a cross-linked mobile machine. Based on that, a 
notion of holistic optimization as a consequent continuation of mentioned research 
studies was given here. The O/C architecture is capable of accomplishing holistic 
optimization. In this exposé the operating strategy is a clustering based holistic static 
optimization. The optimized operating strategy is the result of several online loops, 
which assign an optimal action (part of an action map) to a set of possible situations. In 
contrast to conventional management systems the holistic approach involves all 
machine components simultaneously. Currently a simulation model of the demonstrator, 
a tractor, was build to design and test single modules of the Observer and Controller. 
First results of the tractor model and MiL-simulation were presented. One important 
result is the determined vector v

r
 that entirely describes the situation regarding the 

target function and therefore is the basis for holistic optimization. 

Future work will focus on enhancements of the modules. Currently system states are 
considered purely statically. In the case of clustering, correct sensitivity quantities need 
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to be set to precisely distinguish between different influences of single influences on 
fuel consumption. Furthermore dimensionality of Sv

r
 is very high. To get proper 

solutions Sv
r

needs to be reduced. One possibility is to integrate several dimensions to a 

new one, while at the same time not changing the output significantly. 

Afterwards the architecture will be implemented into the real tractor according to the 
methods suggested by the V-Model using RCP Hardware. Additional measurement 
instrumentations needs to be applied and the communication between tractor and RCP 
hardware must be established. Here a so called CAN-Gateway will be used to translate 
information of the tractor CAN-Bus system to the exterior Bus system. Practical 
operating tests in the field need to prove fitness under real conditions. Their evaluation 
additionally serves as validation data for the tractor model and again to advance single 
modules in the O/C architecture. Therefore, this process is to be considered iteratively. 

Another interesting aspect is that the architecture offers the possibility to set different 
optimization preferences by an external operator. A sole optimization of fuel 
consumption is in many cases unrequested. Instead the operator has many goals like 
optimization of output power per acreage or emissions in case of legislation restrictions. 
Since these goals generally compete with each other, they need to be combined to a 
multi criteria optimization problem. Goal is to provide an interface for the driver to gain 
the possibility to individually set preferences for this multi criteria optimization 
problem. 
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ABSTRACT

Interest has increased in flow controlled systems in the field of mobile fluid power. The
capital distinction between traditional load-sensing (LS) systems and flow controlled sys-
tems is that the pump is controlled based on the operator’s total flow demand rather than
maintaining a certain pressure margin over the maximum load pressure. One of the main
advantages of flow controlled systems is the absence of the feedback of the highest load
pressure to the pump controller. In this paper, a dynamic analysis is performed where
flow controlled andLS systems are compared. It is shown how instability can occur in
LS systems due to the pump controller and proven that no such instability properties are
present in flow controlled systems. A drawback with one type of flow controlled system
is that the highest load dynamically will disturb the lighter loads. This paper shows a
novel way to optimize the damping in such systems by controlling the opening position
of the directional valve independently of the flow. The mentioned disturbance between
the highest load to the others can thereby be reduced.

KEYWORDS: Flow control, load sensing, dynamic analysis, stability, damping

NOMENCLATURE

The quantities utilized in this paper are listed in table 1. Capital letters are used for
linearized and Laplace transformed variables.

Table 1. Quantities

Quantity Description Unity

AL Load cylinder area m2

APC Compensator area exposed to control pressure m2

B Viscous friction coefficient Ns/m
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Quantity Description Unity

CL Capacitance
(

VL
βe

)

for the load cylinder/motor m3/Pa

Cp Capacitance
(

Vp
βe

)

for the pump hose m3/Pa

Cq Flow coefficient -
DL Load motor displacement m3/rad
F Disturbance force N
J Load inertia kg m2

kPC Compensator spring stiffness N/m
Kcv Flow - pressure coefficient for the control valve m5/Ns
KcPC Flow - pressure coefficient for the compensator m5/Ns
Kqv Flow gain coefficient for the control valve m2/s
KqPC Flow gain coefficient for the compensator m2/s
Lp Inductance for the pump Pa s2/m3

M Load mass kg
pL Load pressure Pa
pm Pressure reduced by the compensator Pa
pp Pump pressure Pa
qL Load flow m3/s
qp Pump flow m3/s
qpre f Pump flow demand m3/s
s Laplace variable 1/s
T Disturbance torque Nm
VL Volume for the load cylinder/motor m3

Vp Volume for the pump hose m3

wv Area gradient for the control valve m
xL Load cylinder position m
xPC Compensator spool position m
xv Control valve spool position m
βe Effective bulk modulus Pa
γ Parameter -
δh Hydraulic damping -
∆pp Pump pressure margin Pa
∆ppre f Pump pressure margin demand Pa
∆pv Pressure difference across the control valve Pa
θL Load rotational angle rad
ρ Density kg/m3

ωb,ωh,ωn,ω0 System frequencies rad/s
ωPC Compensator spool bandwidth rad/s
Gd Disturbance transfer function
Go Open loop transfer function
GpFC,GpLS Pump transfer functions
Gv,Gve,Gxv Valve transfer functions
Hs Pump hose transfer function
ZL Load transfer function
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1 INTRODUCTION

In recent years interest in flow controlled systems has increased, both in industry as well as
in the academia community. The capital distinction between traditional load sensing (LS)
systems and flow controlled systems is how the pump is controlled. In flow controlled
systems the pump is controlled based on the operator’s total flow demand rather than
maintaining a certain pressure margin over the maximum load pressure. This is a shift
from a pressure controlled pump with feedback from the loads to a flow controlled pump
without feedback from the loads. One of the main advantages of flow controlled systems
is the absence of the load pressure feedback to the pump controller. Flow controlled
systems are also preferable from an energy efficiency perspective [1].

One kind of flow controlled system, which has emerged as a research topic of increa-
sing interest lately, is displacement controlled systems where each function has a dedica-
ted pump [2, 3]. This kind of system has the potential to reduce a significant amount of
metering losses, in particular during simultaneously operation of more than one load with
different load pressures. However, there are some drawbacks to this approach. For ins-
tance, to meet the performance demands for individual functions in certain applications,
each hydraulic machine has to be dimensioned for maximum performance.

The kind of flow controlled systems studied in this work can be seen as an alternative,
or complement, to displacement controlled systems. Instead of each function having its
own pump, all functions share one common pump. Therefore, they can be used to reduce
the installed displacement but still use a displacement controlled pump. However, special
care must be taken in the compensator valve design in flow controlled systems using a
single pump.

For a conventionalLS system that uses pre-compensators, the absolute flow level for
each function is controlled by the valve signal given by the operator. The pump has to be
pressure controlled under these circumstances since the pump flow is already determined
by the valve signals. Otherwise, if the absolute pump flow is controlled by the pump, the
flow condition in the system becomes over-determined. This phenomenon is sometimes
referred to as the “flow matching problem” [4].

Several different flow control system layouts have been studied by other researchers.
One solution to the flow matching problem is presented in [5], where an additional bleed-
off valve equipped with a position sensor has been introduced in the system. In [6],
several different solutions are shown, all including additional sensors and/or additional
valves. The flow matching problem can also be solved without introducing extra compo-
nents or sensors in the system. The key is to implicate the highest load pressure into the
compensators and thus achieve a flow sharing functionality, resulting in the entire pump
flow being distributed relative to the individual valve openings.

Several different types of flow sharing compensators are available. One design ap-
proach is the so-called post-compensators. In such a design the compensator valve is
located downstream of the directional valve. The difference compared to the conven-
tional pre-compensator design, where the compensator valve is located upstream of the
directional valve, is that all valve sections sense the highest load. This approach has been
studied, for example in [7], where post-compensators were used in combination with a
flow controlled pump, and in [8], which is an early work on post-compensators.

It is also possible to design a system that uses pre-compensators with similar charac-
teristics. By replacing the spring in a conventional pre-compensator with two pressure
control areas that sense the pressure difference between the pump and the highest load, a
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flow sharing functionality is achieved.
A flow sharing system overcomes the flow matching problem. This can be done by

using the pump to control the total absolute flow in the system and letting the directional
valves control the relative flow to the different functions. Since the flow sharing valves
distribute the total pump flow proportionally to the different active functions, the flow
condition in the system is not over-determined. A more detailed analysis of this can be
found in [4] and [9].

A dynamic investigation of three different compensator valve designs is presented
in this paper. In section 2, a linear mathematical model is constructed to perform the
stability analysis in section 3, where traditionalLS systems and flow controlled systems
are compared. In section 4, a novel way to optimize the damping is shown. It is done by
controlling the opening position of the directional valve independently of the flow.

2 LINEAR MATHEMATICAL MODEL

A linear mathematical model is constructed to perform the dynamic analysis. A single
pump serving multiple actuators with different kinds of compensated control valves is
considered. Load numberi is discussed and the highest load is sub-labelled with 1.

2.1 Control Valve Model

All control valves in the following models are assumed to be symmetrical with matched
orifices. They are also considered not to have hysteresis, overlap or other similar non-
linearities.

2.1.1 Non-compensated Control Valve

Equation (1) forms the block diagram in figure 1. The transfer functions in equations (2)
and (3) are then identified.

QLi
= Kqvi

Xvi +Kcvi
(Pp−PLi

) (1)

Gxvi
= Kqvi

(2)

Gvi = Kcvi
(3)

pLi

pp

qLi
qLi

(a) Non-compensated control valve.

Gvi

Gxvi

Xvi

Pp−PLi

QLi+
+

(b) Block diagram derived from the
transfer functions in equations (2)
and (3).

Figure 1. Non-compensated control valve.
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2.1.2 Control Valve with a Conventional Pressure Compensator

Equations (4) - (6) form the block diagram in figure 2. The pressure compensator is
approximated with a first order dynamic system with a bandwidth ofωPC.

QLi
= KqPCi

XPCi
+KcPCi

(Pp−Pmi) (4)

QLi
= Kqvi

Xvi +Kcvi
(Pmi −PLi

) (5)

APCi
s

ωPCi

+1
(PLi

−Pmi) = kPCi
XPCi

(6)

The following transfer functions are then achieved:

Gxvi
= Kqvi

KcPCi
+

KqPCi
APCi

kPCi

(

s
ωPCi

+1

)

Kcvi
+KcPCi

+
KqPCi

APCi

kPCi

(

s
ωPCi

+1

)

(7)

Gvi = Kcvi

KcPCi

Kcvi
+KcPCi

+
KqPCi

APCi

kPCi

(

s
ωPCi

+1

)

(8)

If a fast and ideal pressure compensator is assumed, which means thatωPC → ∞ and
kPC → 0, this yields

Gxvi
→ Kqvi

(9)

Gvi → 0 (10)

pLi

pp

qLi
qLi

pmikPC

APC

(a) Control valve with a conventional pressure compensator.

Gvi

Gxvi

Xvi

Pp−PLi

QLi+
+

(b) Block diagram derived from the
transfer functions in equations (7)
and (8).

Figure 2. Control valve with a conventional pressure compensator.

2.1.3 Control Valve with a Flow Sharing Pressure Compensator

This pressure compensator has a pre-set pressure which varies according to the pressure
drop of the highest load. Equations (11) - (13) form the block diagram in figure 3. The
pressure compensator is approximated with a first order dynamic system with a bandwidth
of ωPC.
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QLi
= KqPCi

XPCi
+KcPCi

(Pp−Pmi) (11)

QLi
= Kqvi

Xvi +Kcvi
(Pmi −PLi

) (12)

APCi
s

ωPCi

+1
(Pp−PL1

−Pmi +PLi
) = kPCi

XPCi
(13)

The following transfer functions are then derived:

Gxvi
= Kqvi

KcPCi
+

KqPCi
APCi

kPCi

(

s
ωPCi

+1

)

Kcvi
+KcPCi

+
KqPCi

APCi

kPCi

(

s
ωPCi

+1

)

(14)

Gvi = Kcvi

KcPCi

Kcvi
+KcPCi

+
KqPCi

APCi

kPCi

(

s
ωPCi

+1

)

(15)

Gvei = Kcvi

KqPCi
APCi

kPCi

(

s
ωPCi

+1

)

Kcvi
+KcPCi

+
KqPCi

APCi

kPCi

(

s
ωPCi

+1

)

(16)

If a fast and ideal pressure compensator is assumed, which means thatωPC → ∞ and
kPC → 0, this yields

Gxvi
→ Kqvi

(17)

Gvi → 0 (18)

Gvei → Kcvi
(19)

pLi

pL1

pp

qLi
qLi

pmikPC

APC

(a) Control valve with a flow sharing pressure compensator.

Gvi

Gxvi

Xvi

Pp−PLi

QLi+
+

Gvei

Pp−PL1

+

(b) Block diagram derived from the
transfer functions in equations (14) -
(16).

Figure 3. Control valve with a flow sharing pressure compensator.

The flow sharing functionality can also be achieved by using post-compensators,
which sense the highest load pressure. However, the transfer functions in equations (14) -
(16) will be equal, except for the values ofKqv, Kcv, KqPC andKcPC, since their pressure
drops are different [8].
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2.2 Complete System Model

The pump controller can be described in two different ways. InLS systems, the controller
consists of a pressure controlled valve that controls the displacement piston. If the pres-
sure balance,∆Pp = Pp−PL1

, is disturbed, the valve is displaced and the pump setting
is then proportional to the integrated valve flow. Here, the pump is modelled as a pure
inductance, see equation (20).

GpLS =
Qp

∆Ppre f −∆Pp
=

1
Lps

(20)

The pump controller in flow controlled systems controls the displacement, and thereby
the flow, directly instead of maintaining a certain pressure margin above the highest load
pressure. Such a pump controller has no external feedback from the system, similar to
theLS feedback. Here, the transfer function describing the displacement controlled pump
dynamics is calledGpFC, see equation (21).

GpFC =
Qp

Qpre f

(21)

The continuity equation of the pump volume yields the transfer function in equa-
tion (22).

Hs =
Pp

Qp−
n

∑
i=1

QLi

=
1

Cps
(22)

A load which consists of a mass and viscous friction is considered to act on a cylinder.
For simplicity, a single acting cylinder with constant pressure in the meter-out chamber
of the cylinder is assumed.

QLi
=CLi

sPLi
+ALi

sXLi
(23)

ALi
PLi

= Mis
2XLi

+BisXLi
+Fi (24)

The following transfer functions are then obtained.

ZLi
=

Mis+Bi

CLi
Mis2+CLi

Bis+A2
Li

(25)

Gdi =
ALi

Mis+Bi
(26)

A load which acts on a hydraulic motor and consists of an inertia and viscous friction
may be described by similar equations, if the following substitutions are made.

Mi ⇒ Ji (27)

XLi
⇒ θLi

(28)

ALi
⇒ DLi

(29)

Fi ⇒ Ti (30)

A general block diagram of the complete system can be seen in figure 4. The values
of Gvi andGvei will change depending on the compensator valve design, see section 2.1.
The only difference betweenLS systems and flow controlled systems is the absence of the
feedback of the highest load pressure to the pump in flow controlled systems. The highest
load is labelled 1 and the part loads are labelledi, wherei = 2,3, ...,n.
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PLi

PL1
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Xv1

Xvi

F1
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QLi

(a) General block diagram ofLS systems.

+

-

++

+
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Gdi

Gvi

ZLi
Gxi

Gvi +Gvei Gvei

Hs GpFC

ZL1
Gx1

Gd1

Gv1 +Gve1

PLi

PL1

Qpre f

Xv1

Xvi

F1

Fi

Gv1 +Gve1

QpPp

QL1

QLi

(b) General block diagram of flow controlled systems.

Figure 4. General block diagram ofLS and flow controlled systems. The only difference
is the absence of the feedback to the pump in flow controlled systems.
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3 STABILITY ANALYSIS

3.1 Pump Stability

According to [10], pump instability may occur inLS systems when the pump is connected
to a control valve withKcv ≈ 0, which means that the pump controller does not interact
with the load. This is the case when conventional pressure compensated control valves
or control valves with small openings are used, which produce an insufficient damping
effect, see section 2.1. The only oscillating component in the system is the pump and its
controller.

This phenomenon can be studied by simplifying theLS system block diagram in fi-
gure 4a. If only one load is considered, the block diagram shown in figure 5a is obtained.
By reducing that block diagram, the open loop transfer function from desired pump pres-
sure margin,∆Ppre f , to actual pressure difference,∆Pp =Pp−PL , can be derived according
to equation (31).

GpLS Hs Gv+Gve

ZL

1
Gv+Gve

∆Ppre f Qp Pp ∆Pp QL

- - -
PL

(a) Block diagram derived from figure 4a. Only one load is consi-
dered.

GpLS

∆Ppre f ∆Pp
Go

-

(b) Rearranged block diagram with
the loop gainGpLSGo.

Figure 5. Linear model of anLS system.

GpLSGo = GpLS

Hs

1+(Gv+Gve)(ZL +Hs)
(31)

By closing the control loop, the pump controller,GpLS, is a part of the loop gain,
GpLSGo, as shown in figure 5b. To achieve a stable system the loop gain must be kept
lower than unity when the phase crosses−180◦. On the other hand, it would be feasible
to increase the gain of the pump and its controller to achieve a system that meets the
response requirements. To achieve a system with desired response, the gain of the pump
controller is increased, but at the same time the system is approaching its stability limit.
One should bear in mind that stability at one operational point will not guarantee stability
at another, see figure 6.

3.2 Pump-Load Stability

Although improved damping is produced by larger values ofKcv, low-frequency pump-
load instability may occur inLS systems when the pump controller interacts with the loads
through the control valves. In this case, not only the pump and its controller but also the
load will oscillate. Therefore, low values ofKcv give low damping to the pump pres-
sure oscillations but no pressure interaction between the pump and the load, while high
values give better damping but pressure interaction between the pump and the load. Nor-
mally, only non-compensated control valves and control valves with flow sharing pressure
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Figure 6. Bode plot of the open loop gain in figure 5b, GpLSGo.

compensators have a risk of pump-load instability, which occurs at large valve openings.
Conventional pressure compensated control valves have almost no interaction between
the pump and the load according to section 2.1.2.

In [10], some stability criteria to avoid pump-load instability are presented. All criteria
make the control loop in figure 5b stable. One solution is to make the pump volume small
in order to get the resonance and the anti-resonance in figure 6 close to each other and
thereby avoid the phase drop exceeding−180◦. Another solution is to decrease the pump
gain and thereby ensure that the loop gain is kept lower than unity at the resonance peak.
The final solution is to use a high gain of the pump and its controller to ensure that the
loop gain> 1 at the anti-resonance.

One should bear in mind that sinceKcv varies with the opening of the control valve,
stability at one operational point will not guarantee stability at another, which means that
pump stability could be turned into pump-load instability when the load situation alters
and vice versa. With varying load dynamics, it might be difficult to design anLS system
that meets the system requirements without system stability issues.

By using the operator’s flow demand signal and displacing the pump equivalent, there
is no closed loop for the pump controller and the issues described above are eliminated.
Hence, the pump and its controller will not affect the system’s stability. This can be
realized by looking at the block diagram in figure 7, which is derived from figure 4b.
There is no feedback present and the response of the pump and its controller can thereby
be designed to meet the response requirements without considering system stability.

Table 2. Parameter values used in figure 6.

Parameter Value Unity

AL 0.008 m2

B 10000 Ns/m
CL 3.9·10−12 m3/Pa
Cp 5·10−12 m3/Pa
Kcv 1·10−9 m5/Ns
Lp 5·108 Pa s2/m3

M [6000 12000 30000] kg
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GpFC Hs Gv+Gve

ZL

Qpre f Qp Pp ∆Pp QL

- -
PL

(a) Block diagram derived from figure 4b. Only one load is consi-
dered.

GpFC

Qpre f ∆Pp
Go

(b) Rearranged block diagram with no
feedback present.

Figure 7. Linear model of a flow controlled system.

3.3 Dynamic Load Interaction due to the Flow Sharing Pressure Compensator

Flow sharing pressure compensators are appropriate in flow controlled systems since the
entire pump flow will be distributed relative to the individual valve openings. But there
are dynamic differences related to this kind of compensator compared to conventional
pressure compensators. According to figure 4, all lighter loads will be affected by the
heaviest load viaGvei , which is equal toKcvi

if the pressure compensator is assumed to be
fast and ideal, according to section 2.1.3. Hence, there will be dynamic load interaction
between the highest load and all other functions.

This phenomenon can be studied by looking at the open loop transfer function for a
flow sharing pressure compensated system. If the compensator is assumed to be fast and
ideal, which means thatGvi ≈ 0, the open loop transfer function can be derived according
to equation (32).

GpLSGo = GpLS

Hs

1+Gve1ZL1
+Hs

n

∑
i=1

Gvei

(32)

This equation shows that the dynamics, mainly of the highest load (ZL1
), will affect

the stability of the pump inLS systems, while the pump volume (Hs) is damped by its
surrounding control valves (Gvei ). If the pump volume is given insufficient damping, the
dynamic load interaction may result in pump-load instability at small valve openings in
LS systems according to figure 8. The pump controller and all loads will then oscillate.
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Figure 8. Bode plot of the open loop gain in equation(32), GpLSGo.
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Table 3. Parameter values used in figure 8.

Parameter Value Unity

AL 0.008 m2

B 10000 Ns/m
CL 3.9·10−12 m3/Pa
Cp 5·10−12 m3/Pa
Kcv1

1·10−10 m5/Ns
Kcv2

[5·10−11 5·10−10 3·10−9] m5/Ns
Lp 5·108 Pa s2/m3

M 25000 kg

According to section 3.2, the pump controller will not affectsystem stability in flow
controlled systems. Therefore, the dynamic load interaction will not cause instability
when the pump pressure is not actively controlled using feedback from the loads. Howe-
ver, irrespective of the pump controller design, the highest load will dynamically disturb
all active lighter loads. Furthermore, the lighter loads will receive poor damping from the
meter-in orifice of the control valve, which can be seen in figure 4; the feedback from the
load pressure to the load flow,Gvi ≈ 0 according to section 2.1.3.

Flow sharing compensators have the feature that the meter-in orifice will add damping
to the highest load in a similar way as non-compensated control valves. This can be
realized by looking at figure 4, where the highest load has a feedback to the load flow,
Gv1 +Gve1 ≈ Kcv1

according to section 2.1.3. Consequently, the highest load is less prone
to oscillate. If the highest load does not oscillate, it will not cause the lighter loads to
oscillate either.

In systems using conventional pressure compensators there is no dynamic load inter-
action. Similar phenomena can however occur at pump saturation. Also, such systems
do not get additional damping from the valves; in the case of ideal compensators the
flow-pressure coefficient,Kcv, is zero.

4 INCREASED DAMPING IN FLOW CONTROLLED SYSTEMS

A conventional pressure compensator will maintain a constant pressure drop across the
control valve, which results in a linear relationship between load flow and opening po-
sition of the valve, see equation (33). A flow sharing pressure compensator will do the
same, as long as the pump pressure is actively controlled. In flow controlled systems,
however, the flow sharing pressure compensator will distribute the entire pump flow rela-
tive to the individual valve openings, which gives the control system one extra degree of
freedom.

qL =Cqwvxv

√

2
ρ

∆pv (33)

Imagine that the pump is delivering a constant flow and the opening of the directional
valve is increased. The pressure drop across the valve will then decrease to keep the flow
constant, or vice versa, according to equation (33). The flow-pressure coefficient,Kcv, can
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hereby be changed without affecting the absolute flow to the actuators, see equation (34).

Kcv =
∂qL

∂∆pv
=

Cqwvxv
√

2ρ∆pv
(34)

For a fast and ideal flow sharing pressure compensator,Gve≈ Kcv, according to sec-
tion 2.1.3. It can be seen in figure 4 thatGve will add damping to the highest load while
it will contribute to the dynamic load interaction for all other functions. Due to the extra
degree of freedom,Kcv can be controlled to maximize the damping given by the meter-in
orifice of the highest load.

Equations (19), (22), (23) and (24) describe the highest load for a flow controlled
system with flow sharing pressure compensators. By ignoring the viscous friction in the
cylinder and introducing

γ = 1+
Vp

VL

(35)

ω0 = AL

√

βe

MVL

(36)

ωb =
βeKcv

Vp
(37)

a cubic polynomial is derived according to equation (38).

(

s3

ω2
0ωb

+
γs2

ω2
0

+
s

ωb
+1

)

PL =
1
AL

((

1+
s

ωb

)

F +
M
AL

sQp

)

(38)

This expression can be factorized, resulting in one resonance frequency, one break
frequency and the hydraulic damping given by the meter-in orifice.

(

1+
s

ωn

)(

s2

ω2
h

+
2δh

ωh
+1

)

=

(

s3

ω2
0ωb

+
γs2

ω2
0

+
s

ωb
+1

)

(39)

ωn, ωh andδh can be identified according to equations (40) - (42).

ωb

ω0
=

ωb

ωn

√

√

√

√

1− ωb
ωn

γ ωb
ωn

−1
(40)

ωh

ω0
=

√

ωb

ωn
(41)

δh =
1
2

√

1+ γ − γ
ωb

ωn
−

ωn

ωb
(42)

The maximum damping is found when

ωb

ωn
=

√

1
γ

(43)

ωb

ω0
=

(

1
γ

)3/4

(44)
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which results in

δhmax =
1
2
(
√

γ −1) (45)

Equation (45) shows that the maximum damping given by the meter-in orifice only
depends on the pump hose and the load cylinder volumes. Keeping the valve closer to
the cylinder will increase the maximum damping of the system. With equations (36), (37)
and (44), the optimal expression for the flow-pressure coefficient,Kcv, can be derived.

Kcvopt
=

AL

γ3/4

√

Vp(γ −1)
βeM

(46)

By varying the opening position of the valve and at the same time keeping the flow
from the pump constant, the optimal damping for different flows can be obtained. As
shown in figure 9a, both too small and too large valve openings should be avoided to
obtain a high damping contribution from the meter-in orifice. Independently of the flow,
the valve opening position can be controlled to optimize the damping of the highest load.
In LS systems, the opening position of the directional valve will control the flow directly.
Therefore, the damping cannot be controlled independently of the flow in such systems.
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(a) The hydraulic damping given by the meter-in
orifice at the highest load as a function of the valve
opening position.
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(b) The hydraulic damping given by the meter-in ori-
fice at the highest load as a function of the pressure
drop across the control valve.

Figure 9. The hydraulic damping as a function of the valve opening position and the
pressure drop across the valve. The pump controls the total flow level in the system and
the valves merely control the flow distribution.

The individual valve openings must be controlled relative to each other in flow control-
led systems in order to obtain a correct flow distribution. That means that the dynamic
load interaction is also affected when the damping of the highest load is increased. To
obtain the lowest possible cross-talk,Kcvi

should be minimized, which occurs at small
valve openings according to equation (34).

The damping of the highest load and the dynamic load interaction must also be set in
relation to the energy losses. From an energy point of view, it is advantageous to open the
control valves to its maximum and thus minimize the pressure drop. In order to obtain
optimal damping at high flow rates, an unrealistically high pressure drop is necessary, see
figure 9b.
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Table 4. Parameter values used in figure 9.

Parameter Value Unity

AL 0.008 m2

B 0 Ns/m
Cq 0.67 -
M 15000 kg
qL [20 60 100] litre/min
VL 3.9·10−3 m3

Vp 5·10−3 m3

wv 20·10−3 m
xvmax 5·10−3 m
βe 1·109 Pa
ρ 870 kg/m3

5 CONCLUSIONS

By using linear models, the fundamental dynamic differences between various combina-
tions of compensators and pump controllers can be studied and evaluated in a perspicuous
way. Since there is no feedback to the pump controller in flow controlled systems, there is
no risk that the system will cause pump instability or pump-load instability. This means
that no design trade-offs have to be made to handle potential dynamic issues due to the
pump controller. In contrast to conventionalLS systems it is possible to achieve an ef-
fective flow–pressure dependency,Kcv, in flow controlled systems. This can be used to
increase the damping of the highest load. The influence ofKcv can be controlled by the
opening position of the directional valves. This can be done independently of the load
speed because the pump controls the total flow and the valves merely control the flow
distribution. One drawback of this compensator valve design is that the highest load will
dynamically disturb all lighter loads. However, if the highest load is controlled so that a
high damping is obtained, it will not oscillate and consequently not cause any other loads
to oscillate either. Under certain working conditions, optimal damping requires a high
pressure drop across the control valve. This is true at high flow rates and for large masses.
Even though it may be unrealistic to optimize the damping, it can still be improved while
maintaining a reasonable trade-off with energy efficiency. Keeping the valve closer to the
cylinder will lower the pressure drop at the optimal damping and at the same time increase
the maximum damping of the system.
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ABSTRACT 

Recently, construction machinery manufacturers have released hybrid construction 

machinery that offers lower CO2 emissions and fuel consumption, with a view to 

reducing environmental burdens.  These hybrid systems are based mainly on electric 

swinging, and do not take advantage of the regenerative potential of hydraulic energy.  

In particular, hydraulic excavators rely heavily on the operator’s sense; they are difficult 

to operate while hydraulic energy is being regenerated. Since hydraulic excavators are 

used in harsh environments, a robust system that allows for operation in the event of 

electric failure is required. 

This study demonstrates that a hydraulic excavator with an energy saving system based 

on an electrically driven hydraulic power assist pump and a hydraulic regeneration 

motor (EHESS) offers smooth operability during hydraulic regeneration.  It also 

demonstrates that the system can save energy and is safe and robust, allowing for 

operation in the event of electric failure. 

KEYWORDS: Hybrid system, Hydraulic assist pump, Regeneration motor 
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1. INTRODUCTION 

Recently, construction machinery manufacturers have released hybrid construction 

machinery that offers lower CO2 emissions and fuel consumption, with a view to 

reducing environmental burdens.  These hybrid systems are based mainly on electric 

swinging, and do not take advantage of the regenerative potential of hydraulic energy.  

In particular, hydraulic excavators rely heavily on the operator’s sense; they are difficult 

to operate while hydraulic energy is being regenerated. Since hydraulic excavators are 

used in harsh environments, a robust system that allows for operation in the event of 

electric failure is required. 

This study aims to ensure that a hydraulic excavator with an energy saving system 

based on an electrically driven hydraulic power assist pump and a hydraulic 

regeneration motor (EHESS) offers smooth operability during hydraulic regeneration.  

It also aims to demonstrate that the system can save energy and is safe and robust, 

allowing for operation in the event of electric failure. 

2. OUTLINE OF THE SYSTEM UNDER TEST 

2.1. System configuration 

Figure 1 shows the EHESS configuration.  It was constructed by adding an electrically 

operable hydraulic power assist pump to a conventional hydraulic excavator.  In this 

system, discharged hydraulic fluid enters the main pumps discharge line.  The hydraulic 

power generated by the excavator’s swing or boom operation is fed to the regeneration 

motor via hydraulic valves to drive the assist pump and the generator.  The addition of 

this system to the current excavator’s hydraulic system decreases the engine output and 

compensates for lower power with the assist pump.  Thus, it can reduce fuel 

consumption while maintaining the operability of the current hydraulic excavator.  This 

hybrid excavator configuration can continue hydraulic operation in the event of electric 

failure. 

Figure 1. System configuration 

 

Assist pumpAssist pumpAssist pumpAssist pump    

 

BoomBoomBoomBoom    

ArmArmArmArm    

BucketBucketBucketBucket    

TravelTravelTravelTravel    
leftleftleftleft 

EngineEngineEngineEngine    

InverterInverterInverterInverter    

BatteryBatteryBatteryBattery    

    

Control Control Control Control 
valve valve valve valve     
systemsystemsystemsystem    

Conventional excavatoConventional excavatoConventional excavatoConventional excavatorrrr    

SwingSwingSwingSwing

Valve 2Valve 2Valve 2Valve 2    

Hybrid Hybrid Hybrid Hybrid 
controllercontrollercontrollercontroller    

Regeneration Regeneration Regeneration Regeneration 
motormotormotormotor    

TravelTravelTravelTravel    
rightrightrightright 

Motor/  Motor/  Motor/  Motor/      
GeneratorGeneratorGeneratorGenerator    

Valve 1Valve 1Valve 1Valve 1    

Valve 3Valve 3Valve 3Valve 3    

Valve 4Valve 4Valve 4Valve 4    

Pressure Pressure Pressure Pressure 
sensorsensorsensorsensor    

MainMainMainMain pump pump pump pumpssss    

240



2.1.1. Principle of swing energy regeneration 

When swing pressure has reached its set pressure during swing acceleration or 

deceleration, hydraulic valve 1 is activated.  Thus, the excess hydraulic power generated 

during swing acceleration, or the power from hydraulic fluid returned to the swing 

motor during swing deceleration, is fed to the regeneration motor to help drive the 

electric assist pump and the generator, while charging the battery with regenerated 

hydraulic energy. 

2.1.2. Principle of boom energy regeneration 

During a boom-down operation, hydraulic valve 2 is activated. Thus, part of the 

hydraulic fluid returned from the boom cylinder is returned to the main control valve, 

and is supplied to the regeneration motor to drive the assist pump. While the assist 

pump is not assisting, such as during a simple boom-down operation, the swash plate 

angle of the assist pump shall be 0º.  At the same time, driving the generator motor 

enables a battery to be charged with regenerated hydraulic energy. 

2.1.3. Principle of standby charging 

During a series of operations, an excavator will frequently idle temporarily. Therefore, 

when the excavator is idling with all operating levers placed in the neutral position, the 

hydraulic valve 3 is activated.  Then, the standby flow rate of the main pumps is 

supplied to the regeneration motor, and driving the generator motor with the swash plate 

angle of the assist pump at 0º enables battery charging. 

2.2. Test machine 

Figure 2 shows a test machine equipped with the system.  The system is equipped with a 

battery and inverter, and cooling devices located in the center of the body.  Figure 3 

shows a group of power assist and regeneration devices, including an electrically driven 

hydraulic power assist pump, a hydraulic regeneration motor, hydraulic valves, and an 

electric motor, mounted in front of the fuel tank at the opposite side of the cabin.  Figure 

4 shows a battery and inverter, and cooling devices before they are mounted on the test 

machine.  Figure 5 shows an electrically driven hydraulic power assist pump and a 

hydraulic regeneration motor before they are mounted on the test machine.  Table 1 

shows the general specifications of main devices. 

When using hydraulic energy regenerated during swing and boom operations, 

operability will be sacrificed if use of all the regenerated energy is desired. To prevent 

deterioration of the original operability of the machine even when equipped with the 

system, hydraulic valve 1 and hydraulic valve 2 are controlled by adjusting control 

parameters, such as the swash plate angle of the hydraulic regeneration motor and the 

number of electric motor revolution, depending on the operating circumstances. 
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Table 1. Specifications of main devices 

Device Specifications 

Assist pump Displacement 0 to 56 cm
3
/rev 

Regeneration motor Displacement 0 to 60 cm
3
/rev 

Electric motor Continuous rating power 16 kW 

  60 second rating power 40 kW 

Battery Capacity 21 kWh 

  Maximum instantaneous input/output power 32 kW 

  Continuous charging input power 3 kW 

 

 

Figure 2. Test machine 

 

Figure 3. Area where power assist and regeneration devices are mounted 

Battery, inverter and cooling devices 
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Figure 4. Battery and inverter, and cooling devices (before connection) 

 

Figure 5. Electrically driven hydraulic power assist pump/hydraulic  

regeneration motor (before connection) 

3. TEST RESULTS WITH THE TEST MACHINE 

3.1. Swing energy regeneration 

Figure 6 shows regenerative power characteristics during a simple swing operation.  

The test condition is equivalent to a 90º swing operation with the bucket full of soil and 

the boom extended at full reach.  The first chart shows swing revolution velocity, and 

the second chart shows hydraulic power supplied to the regeneration motor.  The system 

is characterized by regeneration of more hydraulic power during swing acceleration 

than during swing deceleration. 
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Figure 6. Regenerative power characteristics (during a simple swing operation) 

3.2. Boom energy regeneration 

Figure 7 shows boom cylinder velocity and regenerative power characteristics during a 

simple boom-down operation.  The test condition is equivalent to a full boom-down 

operation with the bucket full of soil and the boom extended at full reach.  Since the 

maximum regenerative power is generated under this test condition, the boom may 

move out of its normal working range, if power exceeding an allowable power value is 

applied to the electric motor.  To prevent this from occurring, hydraulic valve 2 is set to 

close when excessive regenerative power is applied. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 7. Regenerative power characteristics (during a simple 

boom-down operation) 
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3.3. Standby charging 

Figure 8 shows power characteristics during standby charging mode.  Since the swash 

plate angle of the main pumps is smaller during standby mode, efficiency is lowered 

and less regenerative power is generated.  For this reason, the swash plate angle of the 

main pumps is increased during standby mode to provide more hydraulic power to 

improve energy efficiency.  Thus, more power is stored in the battery. 

 

Figure 8. Power charging characteristics (during standby operation) 

3.4. Fail-safe 

Figure 9 shows fail-safe characteristics.  This figure shows that when the electric motor 

comes to a sudden stop during a boom-up operation, the boom cylinder velocity is 

controlled by the operating lever in the current excavator’s hydraulic system.  When the 

operating lever is moved back, the cylinder comes to a stop. 
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Figure 9. Fail-safe characteristics 
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3.5. Digging test results 

Table 2 shows the test results.  With the proper setting of the assist pump flow rate, the 

actuator operation time in the hybrid mode was almost equal to that in the current 

hydraulic mode.  The digging cycle time was also nearly identical between the modes. 

A professional operator detected little difference in operability between the modes, 

stating that the hybrid excavator was easy to operate. It is confirmed that fuel 

consumption per digging cycle (shovelling, 90º swing, and loading) can be reduced by 

approximately 26.8 % (SOC recovery excluded).  

Table 2. Test results 

Test item Original hydraulic mode Hybrid mode 

Actuator operation time (ratio) 1 1.035 

Digging cycle time (ratio) 1 1.008 

Professional operator's comments Good Good 

Fuel consumption (ratio) per digging cycle 1 0.732 

 

Figure 10 shows power characteristics of the pumps and the hydraulic regeneration 

motor per digging cycle (shovelling, 90º swing, and loading).  In this figure, the 

hydraulic power to the hydraulic regeneration motor and the regeneratable hydraulic 

power are shown as negative values.  The regeneratable hydraulic power shown is the 

total of the power from the hydraulic fluid returned from the hydraulic cylinder during a 

boom-down operation and the power from the return flow of hydraulic fluid during 

swing deceleration. 

 

 

 

 

 

 

 

 

 

 

 

Figure 10.   Power characteristics of digging operation 

The results of the power characteristics confirm that regeneration of hydraulic power 

from the return flow of fluid during a boom-down operation is provided with the 

assistance of assist pump.  Therefore, this study has demonstrated that it is possible to 

shovel, perform a 90º swing operation, and load, while simultaneously regenerating 

hydraulic power. 
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4. CONCLUSION 

This study has established a system control technology for the regenerative use of 

hydraulic power and the control of power assistance for hydraulic excavators.  By 

feeding the hydraulic energy generated by an excavator’s swing or boom operation to a 

regeneration motor, the system drives a hydraulic power assist pump to compensate for 

the decreased hydraulic power of the main pumps.  The system also drives a generator 

with the regenerated power for battery charging.  This study has demonstrated that the 

system can save energy without sacrificing the operability of conventional hydraulic 

excavators.  It has also verified that the system is safe and allows an excavator to 

continue hydraulic operation in the event of electric failure. 
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ABSTRACT 

Within the scope of a current research project a hydrostatic transmission for wind 
turbines is being developed. In this paper, the course of generating and analysing 
concepts and selecting one to be tested on a test bench is described. Furthermore, the 
controller strategy to adapt the transmission to partial load is presented with the final 
simulation results. A frequency analysis of the drive train clarifies the excellent 
damping characteristics of hydrostatic components. 

In the second part of the paper, a test bench to validate simulation results is presented. It 
provides the opportunity to conduct efficiency measurements in static operating points 
as well as dynamic measurements under realistic conditions. A following evaluation 
points out the main characteristics of the hydrostatic transmission and shows how it can 
be compared to existing concepts. In an outlook, further steps to realize a hydrostatic 
wind mill are described. 

KEYWORDS: hydrostatic transmission, wind energy plant, efficiency, Hardware-in-
the-Loop 

1. INTRODUCTION 

Due to the high demand for renewable energy sources the development of wind energy 
plants (WEP) has made an immense progress during the last years. Nevertheless, it 
remains a particular challenge to ensure reliable operation and high performance 
throughout the entire period of operation and to minimize costs at the same time. 
Despite good existing concepts, new solutions that implicate fundamental changes and 
improvements are developed continuously. A new concept, transferring the power via a 
hydrostatic drive train is supposed to combine good efficiency and grid stability [1] with 
high reliability and low costs. 

In the scope of a research project funded by the Federal Ministry for the Environment, 
Nature Conservation and Nuclear Safety of Germany and RLE International, Cologne, 
IFAS is developing a hydrostatic transmission for wind energy plants of the 1 MW 
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power class which is intended to replace the commonly used gearbox and the frequency 
converter. The idea is to use a slow turning pump that is directly connected to the 
turbine shaft to transfer the power into a high pressure oil flow and to use a hydrostatic 
motor that can convert this oil flow back into mechanical power to drive the generator. 
The high transmission ratio that is needed in a turbine can easily be achieved by the 
displacement ratio of pump and motor. Figure 1 clarifies the functional principle of the 
hydrostatic transmission. 

 
Figure 1. Functional principle 

In order to demonstrate the feasibility of such a transmission, a test bench capable of 
simulating a 1 MW WEP was developed and built at IFAS. It provides the opportunity 
to validate simulations under realistic conditions as encountered in a wind turbine. This 
is achieved by coupling it via hardware-in-the-loop (HIL) to a real time simulation of 
the rotor in order to provide for the influence of a real rotor’s inertia. This method also 
makes it possible to include torque impulses caused by gusts of wind and by the tower 
shadow. A radial piston motor is used to transfer the simulation output of the HIL in 
terms of the rotors speed to the rotor shaft of the test bench. 

2. BASIC DESIGN 

2.1. Load condition of wind turbines 

Most requirements on a wind turbine’s transmission are given by the rotor interacting 
with various wind conditions. Therefore, in a first step, the load conditions of the rotor 
are analysed for a rotor that provides 1 MW power at 32 rpm rotation speed and 15 m/s 
wind speed. In Figure 2 torque and power are plotted against wind speed and rotation 
speed of the rotor.  
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Figure 2. Rotor torque and power 
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It can be seen that each wind speed is related to an optimal rotation speed determined by 
the optimal ratio between the speed of the blades and the wind speed. The ambition of a 
hydrostatic transmission is to control the rotation speed of the turbine so that it can 
permanently be run at optimum efficiency. 

In addition to static torque, gusts of wind and the tower shadow effect have an impact 
on the torque transmitted by the rotor shaft. Figure 3 shows a plot of the dynamic 
coefficient generated by dividing the torque of a simulated turbine by the static torque 
described before. It can be seen that the torque decreases by 15 % every 120° when a 
blade passes the tower. The damping of these peaks is mainly governed by the stiffness 
of the transmission. A soft transmission allows small changes of the rotation speed and 
therefore the turbine’s huge moment of inertia can even torque peaks. 
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Figure 3. Torque coefficient against rotor angle 

2.2. Requirements and boundary conditions 

A hydrostatic transmission allows merging the functions of a mechanical transmission 
with those of a frequency converter. This means the varying, low rotation speed of the 
turbine is transferred into a constant rotation speed at the generator. The needed 
continuously variable transmission ratio is realized by changing the displacement of the 
hydraulic pumps or motors. Due to varying wind conditions, gusts of wind and the 
tower shadow effect the transmission is loaded with intense torque fluctuation. The 
outstanding damping and control characteristics of hydraulic drive trains can be used to 
conserve the drive train as well as the structure of the turbine and even the electric 
power output [2]. 

One of the main requirements for the transmission is a good efficiency at rated power as 
well as in partial load, where the turbine is operating most of the time. The combination 
of overall efficiency and system costs leads to the return of investment of the entire 
turbine. In this calculation, the efficiency in different operating points has to be 
weighted according to the probability of occurrence of the corresponding wind speed. 

According to the long lifecycle of a wind turbine the used components should be robust 
and easy to maintain. All possible errors ought to be detected at an early stage to 
prevent from any risk of damaging the system. 
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2.3. Morphological Box 

Starting point of this project was the experience with hydrostatic transmissions in off-
highway vehicles [3]. Well known concepts were analysed and scaled to the 
requirements of a WEP, e.g. the possibility to vary the transmission ratio. Single 
elements could be collected and sorted in a morphological box. Figure 4 shows the 
morphological box with its three main groups splitting, transmission and combination. 

 
Figure 4. Morphological box 

In the left column three different ways how to split power mechanically into different 
drive paths are shown. For the transmission itself, two main groups are taken into 
consideration. On the one hand, a full-hydrostatic drive combining various 
configurations of pump and motor, provides many opportunities and, on the other hand, 
a mechanical drive can be used. In the final stage, the power has to be combined again, 
which can be done mechanically or electrically using two generators. 

By taking different paths through the morphological box and choosing at least one 
element of each column many different concepts can be found. The following Figure 5 
shows the four main groups of full-hydraulic concepts. 
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Figure 5. Generated concepts 

Concept 1 displays the basic configuration where one fixed displacement pump is 
combined with a variable displacement motor. In this case, the pump is directly 
mounted on the turbine shaft. The big advantages of this system are the low number of 
components and an easy way to control the transmission. However, the system offers 
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limited opportunities to be adapted to low power. In this case, the hydraulic motor is 
operating at low displacement and low pressure which leads to suboptimal efficiency of 
the transmission. The second configuration is a combination of two pumps and two 
motors which are mounted together in tandem. This system can be adapted to different 
wind situations by setting some units to idle mode with a switching valve. The 
downside here is that due to the tandem configuration all units are turning all the time 
and thereby are causing drag losses even when switched off. 

The third concept uses an upstream spur gear to portion the power on two pumps and at 
the same time increase the rotation speed of the pumps. By doing so, the power density 
of the pumps can be enhanced. To allow a complete cut-off of hydraulic motors, two 
generators are used and power is merged on the electrical side of the drive train. Similar 
to the concept before, configuration four uses a planetary gearbox between turbine shaft 
and the pumps. In this case, the turbine torque is divided between the two pumps 
according to the geometry of the planetary stage and the rotation speed of each pump is 
set by the hydraulic motors. The big advantage is that by setting the displacement of one 
motor to zero, the annulus gear can be kept standing still which means the pump will 
not cause any drag losses. Two main disadvantages are the expensive planetary drive 
and a low pressure level at low wind speeds. 

A detailed analysis of some combinations clarifies, that the spur gear presented in 
example three provides a higher efficiency than concept four. The lower pressure level 
has a bigger influence on the overall weighted efficiency than the drag losses of a pump 
operating in idle mode. Concept one could not compensate its low efficiency with the 
low complexity of the system. The main differences between the concepts two and three 
is a better power density and no motor drag losses in partial load in concept three. 

Consequently, in the following design and optimization phase hydrostatic transmissions 
consisting of several pumps and motors that can be switched off individually and drive 
one or more generators were designed. An upstream installed spur gear could not be 
considered, since these mechanical parts are not easily available on the market and 
would have extended the entire project. However, the validated data from the test bench 
about the hydrostatic transmission will allow adding and evaluating any kind of 
mechanical gear in the system in the end. 

3. DETAILED CONFIGURATION 

3.1. Static operating points 

In order to appraise the efficiency of the hydrostatic drive train, available data of similar 
components is used in a simulation model including the turbine, the entire drive train 
and the controller. This tool gives the opportunity to analyse different configurations in 
detail and directly consider impacts on other parts in the system. 

Initial point for the dimensioning of the pumps is the maximum rotor torque at rated 
wind speed. In combination with the maximum system pressure of the hydraulic system 
the cumulative pump-displacement can be calculated. Because of low speed and high 
torque requirements, two Hägglunds radial piston pumps with a collective displacement 
of 66 litres per revolution are selected. In detailed efficiency simulations in DSHplus, 
different combinations of two different pumps are tested. It was found, that a 
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displacement contribution between the two pumps of 20% to 80% gives the best 
adaption of the system to the wide range of torque. Therefore a Hägglunds CA 210 with 
a displacement of 13.2 litres and a CBP 840 with 52.8 litres were selected. Based on 
this, the switching strategy of the pumps could be preselected and the total flow rate of 
the transmission for each wind speed was evaluated. 

Subsequently, different combinations of motor sizes are analysed in the simulation to 
provide an optimal transformation of the high pressure oil flow into mechanical power 
at the generator. Figure 6 illustrates the result of the optimisation. Four different 
variable displacement motors with sizes from 180 cm³ to 500 cm³ are switched on and 
off according to the oil flow delivered by the pumps. All activated motors have the same 
swivel angle. 
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Figure 6. Controller strategy 

Also included in the simulation are the losses in hoses and valves as well as in the 
cooler. Figure 7 shows the overall efficiency and the input and output power of the 
transmission versus wind speed. It can be seen, that from the rated wind speed of 15 m/s 
down to 9 m/s the efficiency is nearly constant at 85%. This means the transmission has 
a constant efficiency over the power range from 20% to 100% of the rated power. 
Below an input power of 100 kW, the efficiency decreases rapidly since only one 
generator is used in this configuration. This means all the motors are rotating on one 
shaft, causing a fixed amount of losses, even if they are switched off. Either a two 
generator concept or motors that are coupled by a clutch could improve the performance 
especially at low wind speeds. 
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Figure 7. Simulation result efficiency 
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3.2. Dynamic analysis 

Besides the static simulation of steady state operating points, the dynamic performance 
is of high interest for the evaluation of the hydrostatic transmission. Compared to the 
stiffness of a mechanical drive train, the hydrostatic transmission has a much lower 
stiffness caused by the high pressure oil between pump and motor. The elastic modulus 
of oil is only 1.6 kN/mm² compared to 210 kN/mm² for steel. Consequently due to the 
soft connection of generator and turbine, the turbine rotation speed may change on a 
small scale and energy is buffered in the huge moment of inertia of the turbine. The 
following Equation (1) describes the torque balance of the turbine and Equation (2) the 
energy that is buffered in case the turbine changes its rotation speed from 1 to 2 . 

pumpsturbinewind TJT          (1) 

 2
1

2
22

1   turbineJE        (2) 

The simulation plot shown in Figure 8 verifies the prediction done before. The intense 
torque fluctuation impacting on the turbine effects changes in the rotation speed of 
about 0.2 rpm. The buffered energy in the inertia is in this case approximately 70 kWs 
which leads to a very smooth torque driving the pumps. A pressure regulating 
transmission controller can help to smooth the output power even more by defining the 
power that is taken out of the turbine and thereby allow even bigger changes of the 
turbine’s rotation speed. 
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Figure 8. Simulation result dynamic 

An important criterion when dimensioning a wind turbine are the resonant frequencies 
in the system. Therefore, the analysis of resonant frequency and damping characteristics 
of the hydrostatic transmission are presented in the following. Simplified to the basic 
mechanical elements, the hydrostatic transmission consists of the rotor’s mass of inertia, 
the pump that transfers torque into pressure and two oil volumes at the high and the low 
pressure sides acting as springs. From measurements at existing wind turbines it is 
known that the rotor excites the system with the frequency of rotation speed and the 
frequency of the blades passing the tower, which is for common turbines triple the 
rotation speed. Using the formula for the resonant frequency of hydrostatic drive trains, 
it can be calculated a frequency of 0.57 Hz for the system. This frequency is hit at 
12 rpm by the blades passing the tower shadow. Consequently, this behaviour must be 
examined more closely.  
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Figure 9 shows a bode plot of three different simulation runs. In the first one a 
simplified model consisting of the basic elements without considering any kind of 
losses is excited with frequencies from 0.1 to 2 Hz. It can be seen, that the system rises 
up around the frequency calculated before. In a second step, when losses of the pump 
were included, it turned out that the relatively low leakage of the pump provides enough 
damping to prevent sustained oscillations in the system even at 0.6 Hz. Finally, a 
complete model of the transmission including piping, valves and motors gave even 
higher damping and confirmed the excellent damping character of a hydrostatic drive 
train. 
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Figure 9. Bode plot 

4. MEASUREMENTS 

4.1. Test bench configuration 

The actual performance characteristics and dynamic behaviour of the hydraulic 
components were not available for the simulation. Data from much smaller units had to 
be scaled according to the manufacturer’s data. Therefore, to validate the simulation 
results, a test bench to measure single components as well as the entire transmission was 
designed and build up in the IFAS laboratory. 

In order to operate the test bench efficiently and to avoid a 1.2 MW electric motor and a 
1 MW generator, a hydrostatic power feedback is installed. It allows using the output 
power of the transmission to drive the slow turning input shaft. Figure 10 shows the 
layout of the hydrostatic transmission and the test bench drive. Two electric motors, 
powering two axial piston pumps (A1), feed in losses of the transmission and the drive. 
A radial piston motor (A2) is used to represent the wind turbine and drives the slow 
turning shaft. The output power of the transmission is fed back to the electric motors. In 
this way, the installed electric power is only 2x 200 kW whereas 1 MW can be applied 
on the turbine shaft. At all transitions of power across the system boundaries of the 
transmission, rotation speed and torque is measured to evaluate the overall efficiency. 
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Figure 10. Test bench layout 

In steady state measurements the rotation speed is controlled by the hydraulic motors of 
the transmission, while the test bench drive applies a specific torque controlled by 
altering the two axial piston pumps (A1). In order to test the transmission under realistic 
dynamic wind conditions, the test bench can be coupled with a Real-Time-Simulation as 
shown in Figure 11. 
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Figure 11. Coupling of test bench and Real-Time-Simulation 

The inertia of the turbine, as well as the wind loads, are represented in the simulation 
from which the rotation speed of the turbine is impressed on the slow turning shaft of 
the test bench by the test bench drive. The resulting torque is measured and also applied 
on the simulated turbine. By changing the input wind speed in the simulation, the 
reaction of the transmission including the transmission controller can be tested. It is also 
possible to test the reaction on several exceptional circumstances, e.g. emergency 
braking or breakdown of single components. 
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4.2. Measurement results 

In the first series of measurements different combinations of the pump with 52.8 l/rev 
displacement and three motors were measured. The overall efficiency from the slow 
turning shaft to the output of the hydraulic motors is plotted in Figure 12 verses turbine 
torque and rotation speed. In the measurement presented on the left, only motor 3 with a 
displacement of 355cm³ was in operation. Thus a maximum rotation speed of 10 rpm 
could be reached. It can be seen, that the efficiency rises with an increasing system 
pressure and a higher displacement of motor 3. The maximum value of 86.3% was 
reached at 180 kNm and 10 rpm. When using motors 1 and 4, the characteristics of the 
measurement result is the same as before, but extended to higher rotation speeds up to 
21 rpm. The same effect can be seen below, where all motors are activated. In this case 
there is a wide range of torque and rotation speed where the efficiency is above 80%. 
Based on these results the importance of adapting the transmission to the actual 
operating point by switching between different motors becomes apparent. 
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Figure 12. Measurement results of three different configurations 

Taking into account that an optimal rotation speed can be found for each wind speed, 
the relevant operating points can be filtered out from Figure 12 leading to Figure 13. In 
this diagram the turbine is operating at the optimal rotation speed for each wind speed. 
Again, different motor combinations are plotted and in addition, the disparity between a 
one- and a two-generator-concept can be seen. A comparison to the simulated overall 
efficiency shows good conformity at high rotation speed. At low power, the drag losses 
of components in idle mode are higher than considered in the simulation which leads to 
a significant deviance of simulation and measurement results. 
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In the next step, the smaller pump will be mounted in tandem with the pump used so far. 
Switching off one of the two pumps enables to change the total pump displacement in 
three steps and indirectly influence the pressure level in the system. This possibility will 
improve the overall efficiency, especially at low power. 
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Figure 13. Overall efficiency in WEP operating points 

4.3. Evaluation 

According to the requirements to a wind turbine drive train made before, a comparison 
to state-of-the-art systems can be done. First of all, there are two different ways in 
comparing two different drive trains. On one hand, a specific rotor can be selected to 
compare the output power of different drive trains. In this case only the efficiency at 
rated power dominates the evaluation and the hydrostatic drive train can not compete 
with a mechanical gearbox. On the other hand, the size of the generator can be fixed and 
the drive train can be dimensioned backwards. In this approach the values to be 
compared are the costs for the drive train and the turbine to power the defined generator. 
Both of these rough evaluations have one inaccuracy: The performance of the system 
under realistic conditions is not taken into consideration. One should therefore go one 
step ahead and compare the average costs to produce one kilowatt-hour of electricity 
with each system. 

Herein the first step is to determine the expected amount of electricity produced at a 
selected site where the wind speed distribution is known. A multiplication of the drive 
train’s output power at all wind speeds and the occurrence of each wind speed describes 
the prospective amount of produced electricity. In addition to that, a factor considering 
the durability of the concept should be included. Secondly the total costs of ownership 
for the turbine have to be calculated, including capital cost as well as costs of operation. 
Finally the credit entry for supplying current has to be considered, which can also differ 
because of different types of generator. 

At this point, no conclusive comparison of the hydrostatic drive train is possible, since 
the total costs of a hydrostatic drive train can not be specified yet. Furthermore, no 
efficiency data for existing drive trains, especially at partial load, is disclosed by the 
manufacturers. 
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5. OUTLOOK 

Main objective of the project is to prepare the hydrostatic transmission on the test bench 
step by step for the usage in a real turbine. Therefore all the used equipment like supply 
pumps or filter and cooler have to be replaced by self-sufficient aggregation that can be 
moved into the nacelle of a turbine. These aggregation will also be tested in a climate 
chamber to ensure safe operation of the plant even under adverse conditions e.g. run-up 
at very low temperatures. In addition to that, the transmission controller has to be 
improved regarding the switching sequence and handling all possible conditions. Taking 
real wind data as input for the Real-Time-Simulation at the test bench will help to 
identify errors in the operational strategy. In parallel the main components like pumps, 
motors and the valve block will be optimized regarding losses and durability. Since the 
transmission consists of available components on the market, they are not optimal 
adapted to the usage in a wind turbine. Major attention here is put on the valve plate and 
the housing of the axial piston motors. When driving a generator they can be optimized 
for only one rotation speed and direction as well as only one high pressure connector, 
since the unit will not be used in pump-mode. 

6. CONCLUSION 

In this paper the development of a hydrostatic transmission for wind turbines is 
described. It became apparent that a hydrostatic transmission offers good characteristics 
in controlling rotor speed and damping torque impulses. A modular layout of pumps 
and motors helps to adapt the turbine to different operating points. In this system 
frequency converters are redundant, and the lower weight of the transmission can 
reduce costs of the tower and the base. Measurements of the transmission at a test bench 
at IFAS’ laboratory provide the opportunity to validate simulation results and compare 
the transmission to state-of-the-art wind turbine transmissions. 
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ABSTRACT

Biolubricants - how, what, when, why… When we discuss about biolubricants, usually
a lot of questions arise. Questioning might be due to the lack of information, even
today. When did the first bioproducts come to the market? What were they based on?
Which were their weaknesses? And their strengths? How were these products
influenced by additives? What have vegetable oil based products to do with the
lubricity? Friction and wear? How can chemistry improve the basic properties of the
raw materials? What role do additives play? How big issues are environmental and
healthy properties of the lubricants? How these properties can be evaluated? Do there
exist reliable standards? How good are biolubricants technically? Do they fulfil the
technical standards made for lubricants? All these questions and many more are tried to
be answered in this review. This review will guide you through the development of
biolubricants from late 1970s until now and into the near future. The gigantic steps have
been taken in only 30 years.

KEYWORDS: biolubricants, esters, vegetable oils, R&D in biolubricants, raw materials
of biolubricants, properties of biolubricants

1. HISTORY

What is the general definition of a lubricant? A lubricant is used to help the motion of
solid particles, to minimize friction and wear, to remove heat, to transfer power, to
prevent corrosion, to provide a liquid seal, to remove wear particles [1,2].

Natural oils have been used as lubricants since 1400 BC [3]. One can say that the
second boom started at late 1970s and Raisio was among the very first companies, who
started the development work back then. The first publications are dated back to 1980s,
when rapeseed oil based hydraulic fluids were tested at Tampere University of
Technology, Department of Intelligent Hydraulics and Automation [4]. The first
biohydraulic fluids came into the market in 1986, total loss lubricants even earlier, in
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the beginning of 1980s. Even then the basic properties of vegetable oil for lubricants
were known: the polarity, the ability to form unimolecular film, high viscosity index,
lower friction coefficient and wear and high flash point. Also the weaknesses of
vegetable oils were pointed out: the oxidative and thermal stability. The impact of
additives was brought into the picture in the late 1980s and in the beginning of 90s
[5,6,7,8,9,10,11,12,13].
During those days there weren't any proper methods to test biodegradability in
lubricants. The standard, which was used, was an applied DIN 38412 standard; how
many days does it take for rapeseed oil based hydraulic fluid to decompose in soil
outside. In those days all test methods were made for mineral oil based products and
had to be applied to biolubricants.

The development of additives made it also easier to improve biolubricants´ properties.
Also the more we learned from fatty acid chemistry and from chemical structure-
physical property relationships, the easier it was to modify chemically or physically
vegetable oils to suit better to lubricant applications [2,6,7,8,9,10,11,12,14,15,16,17,
18,19].
Until the early 1900 vegetable oils and animal fats were exclusively used as lubricants
[20,21]. By 1890 mineral oils had almost totally replaced vegetable oils. Vegetable oils
were still used as additives to reduce friction and wear [22]. The quick change from
vegetable oils to mineral oils was due to the industrial development and huge demand
for lubricants [1]. This new demand exceeded the existing supplies of natural oils and
fats. It was anyhow noticed that not all the specified properties of lubricants could be
fulfilled by mineral oil alone! Mineral oils needed additives and top of that vegetable
oils to give the best properties. Synthetic lubricants were developed between 1940 and
1980. In 1977 a fully synthetic crankcase oil came into the market [23,24,25].

Table 1. The history of oleochemical lubricant research and development in past
decades [28]

Year 1950 1960 1970 1980 1990 2000

Aircraft Motor
oils

Two-
stroke

oil

Chain
oils

Metal
cutting
fluids

Synthetic
gear oil

Bio
additives

1st
generation

biohydraulic
fluids

Compressor
oils

2nd
generation
two-stroke

oils

2nd
generation

biohydraulic
fluids

Biodegradable.
gear oil

Wind turbine
oil

3rd generation
biohydraulic

fluids

The oil crisis in 1970s gave the starting point again for development of vegetable oil
based lubricants [26]. Also the first biodegradability test was developed then [21]. The
test is known as CEC-L-32-T-82, and it was originally developed for outboard engine
lubricants in 1980s.
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Over 3500 esters were synthesized and many properties were analysed in Germany
during years 1934-1944 [26]. This was a huge step towards more thermal stable,
oxidation durable, low temperature flowing products.

Very important step in ester development work was taken in 1977, when the mechanism
of ester oxidation process was established [27]. After that it was much easier for
researchers to develop more stable esters.
Table 2. Potential volume for substitution of lubricants by vegetable oil based products

in EU in 2000 [29]
Application Market size Potential volume

Synlubes                         Biolubes

Automotive engine
oils

Passenger cars
Commercial
vehicles

1 000 000
650 000

150 000
25 000

Two-stroke oils 45 000 15 000 20 000

Transmission oils 100 000 20 000

UTTO 20 000 20 000

Marine oils 500 000

Hydraulic fluids 750 000 200 000

Turbine oils 200 000 20 000

Compressor and
vacuum pump oils

65 000 25 000

Industrial gear oils 200 000 10 000

Metal cutting fluids 500 000 10 000

Demoulding oils 110 000 110 000

Chain saw oils 60 000 60 000

Process oils 600 000 200 000

Greases 100 000 20 000 80 000

Various 100 000

Total 5 000 000 230 000 755 000
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2. DIFFERENT RAW MATERIALS

The amount of base oils in lubricants generally varies 96.5-97.3%. In re-refined oils on
the market there are products, which may contain PAH-compounds. There also exist
processes, where hazardous waste components can be formed, like sulphuric acid sludge
[30].

PAH (Polyaromatic hydrocarbons) are hazardous components. They can be
carcinogenic and mutagenic. Chemically they consist of 2 to 7 fused aromatic
hydrocarbon ring components. PAH-contents can be measured for example by IP 346,
ASTM A 1687 (modified Ames test) [31,32].

Rapeseed or vegetable oils in general have been used as additives to give lubricity and
to reduce wear and friction in mineral oil based lubricants [22,30]. Modified vegetable
oils can still be used today as raw material for two-stroke engine oils, transmission
fluids, power steering gear oils, chain and conveyor oils and greases [33].

The higher price of the esters compared to the competing raw material types has
restrained their usage in biolubricants. About 90% of existing lubricants could be
produced by rapidly biodegradable esters without any losses in technical performance.
Compared to mineral oils some properties like thermal stability could be even
improved. For example about 30% of all lubricants could be formulated using the TMP-
trioleates as base oil.

Hydrocracked oils - produced since 1922 - are used as lubricant raw materials. They
degrade faster than normal mineral oils. However their degradation is around 35-40%,
which is not sufficient to pass the criteria in ready biodegradability tests. Their main
application area is engine oils. They can however be used as a mixture with readily
biodegradable esters to give certain properties to final raw material like better elastomer
compatibility. These mixtures will also fulfil environmental aspects and have also
satisfactory prices.
A synthetic lubricant basestock may consist of diesters, polyol esters, synthetic
hydrocarbons (PAO), silicones, polyalkylene glycols (PAG) and phosphate esters. The
application areas are automotive, industrial and aircraft lubricants [24,34]. Each base oil
type will be given a short introduction below; how they are made, which are their
properties and if they could be considered as raw material for biolubricants.

PAO (polyalphaolefins) are synthetic hydrocarbons, which resemble petroleum derived
isoparaffinic hydrocarbons. The chemical reaction starts with ethylene, which is
catalytically polymerized. The reaction goes via 1-decene, which is further polymerized
to form trimer, tetramer etc. The last step is hydrogenation, which improves the heat
stability of PAO. PAO's best properties are their low pour point, low volatility, good
seal material compatibility, thermal stability, hydrolytic stability, chemical inertness and
natural lubricity [25]. PAOs can be used for example in applications, where the
lubricants get incidental contact with food. There is little data available on
environmental or healthy aspects, but generally PAOs are not considered as raw
material for biolubricants.

The excellent antiwear and fire-resistance properties of phosphate esters have been
known since 1940 and their usage as lubricants has been steadily increasing. They are
used as safe, non-hazardous raw material for hydraulic fluids. Aircraft applications have
been known since 1950s. Triaryl phosphates are the most important commercial
products, because of their self extinguishing properties. Phosphate esters show very
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good technical properties as lubricants, but can be toxic and are not readily nor
inherently biodegradable.
Polymer esters are copolymers derived from -olefins  and  diesters  like  maleic  or
fumaric diester. The development of these products started late 1970s and the first
products came into the market in 1980s. Their pour point and viscosity-temperature
properties are not as good as in synthetic esters. Thermal stability is very good and
oxidation stability is fairly good, like in diesters. The lack of biodegradability is a
weakness and so is toxicological profile. Application areas contain for example 2- and
4-stroke engines.

Polyalkylene glycols (PAG) have been used for years in applications like compressor
lubricants, hydraulic fluids, metal cutting fluids and gearbox lubrication. Although they
have high viscosity index, low pour point, good shear stability and good oxidation
stability, only 10% of the total market is using PAG. Historically the first products were
developed as early as in 1860s. They are manufactured by a continuous polymerization
of alkaline oxide monomers with a catalyst. Generally, they possess low toxicity, and
are environmentally neutral; not harmful to the environment but neither biodegradable
to any great extent [36].

Silicones are a broad family of synthetic polymers, which contain both silicon and
oxygen. Their development work started 100 years ago. Application areas vary widely
from liquid lubrication to grease. As well as PAGs, silicones are environmentally
neutral.

Organic esters include both diesters and polyol esters. Diesters are reaction products of
two monohydric alcohols with a dicarboxylic acid. Water is formed as a by-product in
this equilibrium reaction and is needed to be removed constantly. Excess alcohol and
elevated temperature are necessary to complete the esterification reaction
[13,14,33,36,37,38,39]. One of the most common diesters, which is used in lubricants,
is di-2-ethylhexylazelate. Diesters are generally the least expensive ones of organic
esters. They have excellent low temperature properties, high viscosity index, excellent
thermal and oxidation resistance and good compatibility with additives.

Polyol esters are chemically synthesized from a polyalcohol with monocarboxylic acids.
This reaction also includes water formation and excess acid is needed to drive the
equilibrium of the reaction to the right direction and to the completion. Polyol esters can
also be produced by enzymatic reactions [2,5,44,41,42,43,44,45,46]. They can be
synthesized by using branched acids with a polyol. The result is a thermally stable
lubricant. For example in aircraft turbine engine lubricants this type of polyol ester is
used. The properties of polyol esters are generally better compared to diesters and to
majority of mineral oil base materials. They have very good thermal and oxidation
stability and hydrolytic resistance. Recently also their cold stability properties have
been improved significantly [14,24,26,38,47,48,49,51,51,52,53,54,55,56,57,58,59].
These esters can be used besides biolubricants in cosmetic industry, textile and fiber
technology, in the manufacturing and processing of plastics and metal treatment [48]. In
general esters are readily biodegradable.
The latest group members in the ester world are so-called complex esters. Complex
esters are produced via several synthetic steps using polyalcohols, branched fatty acids
and simpler alcohols as their raw materials. Very good lubricity, thermal and oxidation
stability and low temperature properties make them worth paying a higher price
compared to other raw materials of biolubricants [61,62,63,64,65,66,67,68,69,70,71,
72,73].
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One different approach to biolubricants is to use vegetable oils with different fatty acid
composition, for example high oleic acid vegetable oil to give better oxidation stability
[29,74,75,76,77]. Comparing the normal TMP-oleate to high oleic containing TMP-
oleate, the oxidation stability is improved by 30%. The negative thing is a higher price
for high oleic version. The cultivation of high oleic acid vegetable oils, such as
sunflower, safflower, olive and rapeseed oil have been increasing significantly during
past years. Also the high oleic acid content could have been able to keep in the
structure. In table 3 there are presented applications for these high oleic acid vegetable
oils and comments, why they are better than the normal vegetable oils in those specific
application areas. Using these high oleic acid vegetable oils the temperature area both in
cold and warm ends could have been broadening [29,78].

Table 3. Application potential of HOSO (High Oleic Sunflower Oil) derivatives in
lubricants [29]

Application HOSO used as HOSO components
in

Comments

Hydraulic fluids

Metal cutting fluids

Base oil Triglyceride Performance

Chain saw oils Base oil Triglyceride Lubricity

Turbine oils Additive Isopropyl oleate Biodegradability

Compressor oils Antiwear agent Oleoyl alcohol Low / non toxic

Gear oils Antifoaming agent PEG oleates Very high flash point

2-stroke oils Friction modifier Pentaerytritol oleate Oxidation stability

3. PROPERTIES OF DIFFERENT RAW MATERIALS USED IN BIOLUBRICANTS

A fundamental property of a lubricant is to be liquid over a wide temperature range,
where pour point and flash point are the extreme temperature limits. The efficiency of a
lubricant to reduce friction and wear is greatly dependable on its viscosity. Too high
viscosity means that the hydrodynamic film is thicker than needed and energy is wasted.
The extra energy is converted into heat. Too low viscosity means that the system will be
working in the boundary lubrication area. Energy is wasted in overcoming higher
frictional forces. Also wear occurs. This reduces the lifetime of equipment.

The lubricant must maintain its physical properties through the whole operating
lifetime, so it should have very good thermal and oxidative stability to maintain its
performance. There are still applications, where performance requirements cannot be
fulfilled by using mineral oil formulations and the only ones working are chemically
synthesized lubricants having the needed properties [1,79,80].
Esters generally form thicker surface films and have much lower friction coefficient
than hydrocarbon mineral oils [33]. Lubricity of biolubricants can be tested for example
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with Cameron-Plint ball-on-plate tribometer, with FZG test rig, with four-ball test, with
Vickers pump test or Denison pump test.
There are many technical advantages for esters compared to mineral oils: good
viscosity-temperature behaviour, good cold flow viscosity properties, low evaporation
loss, good thermal stability and good anti-friction and anti-wear characteristics
[25,29,30,47,49,58,59,60,63,68,69,70,71,72,82,83,84,85,86,87,88].
Vegetable oils have such good lubricating properties that they still are used today as
additives in the most demanding mineral oil based lubricants [30]. Vegetable oils are as
well used today for many other industrial applications such as rubber additives,
varnishes, textile chemicals, plasticizers, detergents etc [14,38].

Yearly around 60 million tons of vegetable oils is produced worldwide [36]. These oils
are produced from cultivated plants. To get more oils for technical applications, for
example in EU a farmer could apply for a special support for production of non-food
seed [86].
The chain length and side chains of the raw materials building the desired esters affect
the final properties of the esters. [20,24,49]. The longer the fatty acid chain, the higher
viscosity and viscosity index, but higher pour point as well. If the esters were formed by
using acids with branched structures, esters will get higher viscosity and lower pour
point, but their viscosity-temperature behaviour will get worse and biodegradability will
be lower. The choice of raw materials will have an effect on volatility, oxidation
stability, thermal stability, anti-wear characteristics, seal material compatibility,
hydrolytic stability and friction behaviour.
An ideal lubricant basestock should have at least the following properties: high thermal
and oxidation stability, good lubricity, good hydrolytic stability, compatibility with
additives, good biodegradability, good cold flow properties, good viscosity-temperature
behaviour and high viscosity index. [1,28,29,42,43,58,59,60,61,66,88,89,90,91]. Each
family of synthetic esters relies on Mother Nature's raw materials, but the unique
properties of the final esters are the result of scientific invention and rigidly controlled
chemical process.

                 + RH
R1-CH=CH-R2 + O2  R1-CH-CH•-R2  R1-CH-CH•-R2

 I                 -R• I
O          O
I I
O•          OH

Figure 1. Why a fatty acid is sensitive to oxygen attack?
Oxygen attack on unsaturation site of a molecule is shown in Figure 1. This reaction can
be effectively inhibited by using antioxidants. The chemistry of the reaction is very well
known and also the influence of different types of antioxidants has been studied very
carefully. Aging goes hand in hand with oxidation. In Figure 2 is shown the reasons for
aging and what kind of effects it has on lubricants. Aging can be caused by temperature,
stress, catalysts, shear stress, water or light (UV, sunlight). Different mechanisms
involved are oxidation, polymerisation, cracking or hydrolysis. The altered properties
are physical or chemical. The physical properties that aging can change are density and
viscosity, the chemical ones acid content, water content. All these of course have an
influence on the usability and lifetime of the lubricant [75,76].
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The causes for aging:
- Temperature stress
- Catalysts
- Shear stress
- Water
- Light (UV or sun)

Aging mechanism:
- Oxidation
- Polymerization
- Cracking
- Hydrolysis

Alteration of lubricant properties:
- Physical: Density, viscosity
- Chemical: Acid content, Water content
- Usability will decrease

Figure 2. What causes aging in biolubricants and how it affects biolubricants?
Oxidation rate approximately doubles for every 10ºC rise in temperature. However,
when oxidation begins, it proceeds catalytically and the rate of reaction increases
rapidly and exponentially [75]. In general the oxidation of linoleic acid (C18:2) is ten
times greater than oleic acid (C18:1) and linolenic (C18:3) two times greater than
linoleic acid´s (C18:2) [96]. Monounsaturated fatty acids, like oleic acid (C18:1)
containing oils provide optimum oxidative stabilisation combined with low temperature
properties. [91,93]. So picking up the right fatty acid content when building an ideal
ester is always a compromise between the different properties of fatty acids. The
oxidation stability of high oleic acid oils is three to six times greater than with
conventional vegetable oils.

    R               O                           R                                            R   H        O
I II           I I I II

R-C- CH2-O-C-R -----------> R-C-CH2• + R-C-O• -----------> C=C + R-C-OH
I I I I

    R                               R                                             R  R
Figure 3. How a polyol ester is thermally decomposed [25]

Oleic acid is a relatively good compromise between technical and economical
performance. New approach is to use raw materials, which oleic acid content is higher
than normal, such as safflower, sunflower, olive or rapeseed oils [29]. In Table 3 is
presented applications of high oleic acid version of vegetable oils as biolubricants.

The tailor-made complex esters are the latest innovations in biolubricants. They have
very good lubricity and both thermal and oxidation stability are much better than in
conventional esters.
As a curiosity, Mobil 1 is [27] a synthetic lubricant, which is based on a PAO blend
with an ester of TMP and C8-10 fatty acids derived from coconut oil. This shows that
even one of the most well known and trusted motor oil has been build up by using
synthetic ester and Mother Nature´s raw materials.
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Table 4. A comparison of different raw materials used in lubricants and their
properties [23]

Property Mineral
oil

PAO Diester Polyol
ester

Polyglycol Silicone

Viscosity-
temperature
behaviour

fair good very good good good excellent

Low
temperature
fluidity

poor good good good good good

High
temperature
oxidation
resistance
with
inhibitors

fair very
good

good excellent fair good

Compatibility
with mineral
oils

excellent excellent good fair poor poor

Low
volatility

fair excellent excellent excellent good good

Effect on
paints and
finishes

none none slight moderate moderate slight

Hydrolytic
stability

excellent excellent fair fair very good good

Antirust
properties
with
inhibitors

excellent excellent excellent excellent very good good

Additive
solubility

excellent good good good fair poor
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Table 5. Properties of different raw materials used in lubricants: hydrocracked
mineral oils, PAO, PAG, silicone and in biolubricants: diesters, polyol esters

or complex esters [21,23,25,26,29,36,47,50,61,62,89,90,91,92,93,94,95]
PAO PAG Polymer esters Hydrocracked mineral oils Silicones

Property Unit PAO 8 PAO 8 POS DTS DDE MAME paraffins naphthenics

Viscosity 40°C mm2/s 46.9 45.8 33 41 11.7 34.7 77.5 17.3 33.1 34.2 52

Viscosity 100°C mm2/s 7.9 7.8 5.6 3.3 6.3 12.3 3.7

Viscosity index 139 104 157 152 157 93 95

Pour point °C -60 -63 -42 -43 -60 -60 -5 -17 -43 -18 -65

TAN mg KOH/g 0.1 0.1 0.1 1.3 1.5

Density kg/dm3 830 913 862

Biodegradability % 20-22

Diesters Polyol esters

Property Unit di-2EH-
azelate

di-2EH-
azelate

PE
ester

TMP/C4-
C6

PE/C4-
C6

PE/Triglyceride TMP
oleate

TMP
oleate

TMP/
short
fatty
acids

Polyol
ester

Polyol
ester

Viscosity 40°C mm2/s 10.3 10.7 26 11.4 18.5 27.5 46.6 46 20 46.8 27.2

Viscosity 100°C mm2/s 2.9 3 5.5 2.8 4.1 5.3 7.1 9.7 4.4 9.4 6.3

Viscosity index 138 137 130 93 118 145 133 184 140 191 197

Pour point °C -59 -64 -52 -66 -66 -57 -40 -50 -39

TAN mgKOH/g 0.2 0.05 0.55

Density kg/dm3 924

Biodegradability % 99 100 80

Complex esters

Property Unit NPG/ sebasic acid/ 2EH MeAD(NPGAD)2,16 VHOSO TMPO AdipicA NPG/AAC/EHD CUOR-OA/2EH 2EH

Viscosity 40°C mm2/s 41.9 46.1 47.3 86 19.7 34.9 93.8

Viscosity 100°C mm2/s 8.8 7.6 9.6 14.5 4.5 7.2 15.5

Viscosity index 150 129 195 176 147 178 176

Pour point °C -45 -53 -51 -50 -44 -42 -39

TAN mg
KOH/g

0,1

Density kg/dm3

Biodegradability %

High oleic acid esters

Property Unit HOSO/TMP Palm oil/TMP Castor oil/TMP

Viscosity 40°C mm2/s 46 47 49.7 26.9

Viscosity 100°C mm2/s 9.5 9.5 9.8 4.8

Viscosity index 180 190 187

Pour point °C -40 -45 -1 -33

TAN mg KOH/g 0.5

Density kg/dm3 917

Biodegradability % 90
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4. ENVIRONMENTAL ASPECTS AND TESTS

In Europe there are several recommendations, which promote the usage of
environmentally acceptable lubricants [18,31,32,96,97,98]: In Germany there is a law of
water pollution, which categories lubricants to different classes based on their water
endangering properties. For example mineral oil based lubricants are in class 2 or 3,
biolubricants are typically in class 0. If the soil is contaminated, it must be cleaned at a
cost of USD 1000 per cubic meter, according to Holland list. Portugal was the first
country to obligate the usage of biolubricants in 2-stroke engines in 1991. In Austria by
Federal Regulation only plant-oil based lubricants are allowed in chain saws.

In Belgium it is compulsory to use biolubricants near or in non-navigable waters. In
Germany, Austria and Switzerland biolubricnts should be used on lakes and
environmentally sensitive areas. In France it is obligatory to use EU Ecolabelled
lubricants in environmentally sensitive zones. In Italy there exist a tax on mineral oil
based lubricants promoting usage of naturally derived lubricants. Recommendation for
usage of biolubricants exists in England and Canada. In Germany there has been
ongoing several years a program, where the costs of oil change from mineral oil to bio
oil are paid by tax money [61]. Experiences from this program are encouraging. There
has been oil change from mineral to bio in about 4000 machines a year. This has meant
around 1000 tons oil consumed, from which 90% has been hydraulic fluids
[99,100,101].

Table 6. Use of a term biolubricant [99]
Origin of the

material
Biodegradability Example The meaning of the

prefix "bio"

Renewable Readily
biodegradable

Rapeseed oil, TMP-
trioleate (TMPO)

Biodegradable and
biobased

Non-renewable Biodegradable Di-
isotridecyladipate

(DITA)

Biodegradable

Renewable Non-biodegradable Hydrocarbons from
biomass-to-liquid

process

Biobased

Non-renewable Non-biodegradable White oils from
foodgrade
lubricants

Biocompatible

In USA, the Department of Agriculture in Article IX/2002 Farm Bill: Government
regionally should adopt biolubricants and give them preference in purchasing decisions
as long as biolubricants are reasonable competitive on price and suit for application.
There exist also a list of BioPreferred Products done by USDA (U.S. Department of
Agriculture). In this list there are for example 95 hydraulic fluids, 62 metal cutting
fluids, 50 greases, 12 chain and cable lubricants and 9 mould oil release agents [2,102].

271



In EU countries in Sweden 50% of its administration include environmental criteria, in
Denmark 40%, in Germany 30%, in Austria 28% and in UK 23% [103].
Swedish Standard SS 155434 is a legal statement: Hydraulic fluids, which do not fulfil
this criteria are not allowed into the Swedish market [104]. New, more stringent version
was published in July 2000.

In EU there was prepared by European Commission a report called "Taking Bio-Based
from Promise to Market - measures to promote the market introduction of innovative
bio-based products [99]. In this study one part was to examine the existing legislation or
legistation to come, how it would promote the market for bio products. One suggestion
was to study the possibility of mandating the use of biolubricants and hydraulic fluids in
environmentally sensitive areas. This could be implemented for example via soil
protection and water protection legislation. It was also suggested that the EU Member
States should give preference to bio-based products. The terms "biolubricant" and
"biohydraulic" are described in Table 6 and Table 7 [99].

Table 7. Use term of biohydraulic [99]
Performance Requirements / testing criteria

Biodegradability 60% according to OECD 301B, D or F

Toxicity No toxicological or environmental
classification according to Regulation

(EC) No 1907/2006 (REACH) and (EC)
No 1272/2008 (CLP)

Renewability Carbon content derived from renewable
materials 50%, calculated according to the

method described in EC Ecolabel
Directive 2005/360/EC

Technical performance According to ISO 15380

Considering biodegradability, if a slowly degradable product reaches biologically
inactive (deeper) regions of the ground, it can become a long term source of ground
water contamination. One drop contaminates million litre of drinking water [105,106].
Effects on biotic system and testing of toxicity are important ones considering the total
effect from one's lubricant. These tests are today generally done by different OECD test
methods [21].

It is generally shown that biolubricants based on oleochemicals usually biodegrade both
in aerobic and anaerobic conditions. Mineral oils degrade only in aerobic conditions
[107, 108,109]. In Swedish Standard SS 155434 there are criteria not only for technical
but also environmental and healthy properties [107]. Also in Nordic Swan and in EU
Ecolabel environmental label criteria both technical and environmental and healthy
aspects are considered [19,35,104,106,107,108,109,110].

Biodegradation of an ester begins with an attack to the ester bond by a natural enzyme
lipase. The fatty acids, which are about 80% of the product, are further degraded along
the so-called fatty acid cycle to acetic acid and further on to citric acid cycle to water
and carbon dioxide [21]. Biodegradability can be either primary or ultimate. Primary
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degradation of the parent organic compound may or may not include that the substance
will biodegrade completely. This is tested with CEC tests [107]. Ultimate or total
biodegradation means a conversion of the tested material into CO2 and H2O by
microbiological action in 28 days. Biodegradability is not affected by usage.
Today LCA (Life Cycle Analysis) is brought again into biolubricants world as a tool to
analyse the total impact of biolubricant/lubricant to environment and health. There were
several studies of LCA back to 1990s, but at that time not all the tools were ready to
make such analysis and results were varying from study to study [111,112]. In EU
Comission study also LCA was taken into the picture. It was said, that life cycle
analysis should be clear, objective, based on science, and easy to handle and implement.
LCAs are a tools for improvement of products and processes [99].

Table 8. Different standards for environmental acceptable lubricants
Standard Year of publication Product groups Properties

SS 155434 4th version, 2000 Hydraulic fluids Both technical and
environmental

VDMA
24568/24569

1994 Technical

ISO 15380 2002 Lubricants,
industrial oils and
related products

Technical

EU Ecolabel revised version
2010

Hydraulic fluids,
total loss lubricants,

greases

Environmental,
healthy and

technical

Nordic Swan
Ecolabel

1st version 1989 Environmental,
healthy and

technical

German Blaue
Engel

1st version 1988 Hydraulic fluids,
greases

Environmental and
technical

Dutch VAMIL Lubricants, greases Environmental

Caterpillar BF-2 revised version
2009

Hydraulic fluids Technical and
environmental

John Deere Hydraulic fluids Technical and
Environmental

OECD testmethods Environmental and
Healthy
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5. SALES AND MARKETING

In 1994 German market for biolubricants was 2% of the total lubricants market [31]. It
was forecasted to be around 10% in 10 years time. In 1999 in Germany it was used
1159 900 tons lubricants [51,83,91] and 10% of them were used in waste lubrication. So
520 000 tons of lubricants were released into environment. Worldwide 50% of
lubricants are lost to the environment either by evaporation, spills, leakage, improper
disposal and this contaminates soil and ground water [104,105,112]. These lubricants
can be also total loss ones like chain saw oils, 2-stroke oils and concrete mould oils. The
estimate of loss of hydraulic fluids varies from 70-80%, being all that high! In 1999
biolubricants formed 5% of the total lubricant market in Germany. From a technical
point of view over 90% of existing lubricants could be replaced by biolubricants
[51,91]. It is calculated that about 35% up till 50% of all lubricants end contaminating
nature either through total-loss, evaporation, spillages or other means [31,113]. In 2000
in Germany the usage of hydraulic fluids were 180 000 tons of which 5% was used in
mobile hydraulics [107].

In EU 2002 the biolubricant market was 100 000 tons: 14% chain saw oils, 7% concrete
demoulding oils, 67% hydraulic fluids and other products 12% [30,63]. In Table 9 is
shown the potential of biolubricants in different product groups in EU in year 2002. The
biggest biolubricant users are Germany, Austria, Switzerland and Scandinavian
countries. The same applies of course also to legislation and demands of biolubricants
usage. In Germany and Scandinavian countries in late 2000 172 000 tons of
biolubricants were consumed [63,114]. In 2006 there was 16.3% growth in biolubricant
usage in European market, when at the same time total lubricant usage increased
modestly by 2.2% [104]. For comparison; in Brazil the use of biolubricant was only 250
tons in 2000 [94].

In Table 9 there are estimated volumes for lubricants and biolubricants used in the
Western Europe in 2004. The table is divided by application areas and total volumes.
Biolubricant volumes are devided by their raw material: vegetable oil or synthetic ester.

6. CONCLUSIONS

The raw materials of biolubricants today can be divided by their application areas. In
total loss lubricants, like chain saw oils, conveyor oils and demoulding oils, vegetable
oils are the main source of raw material. In industrial applications, like hydraulic fluids,
different esters, mostly based on vegetable oils, are the main raw material type. In all
materials a lot of progress has happened in improving their quality. The weaker points,
like oxidative stability have been able to improve by chemical or physical treatments of
the original molecular structure. Also very effective and environmentally acceptable
additives exist today. Using the knowledge in chemistry the weak points of natural
esters have been cured. Today´s esters have very good technical properties, some even
exceeding the properties of traditional mineral oils, and can be used as additives in
mineral oil based lubricants. Environmental, healthy and technical properties of
biolubricants are all tested by standard methods and can be compared to each other. Life
cycle analysis is coming again in picture to evaluate biolubricants. The volumes of
biolubricants are steadily increasing and getting a bigger slice of the total lubricant cake.
In USA, Canada and the EU the usage of biolubricants is advisory and sometimes
compulsory. Products are ready and smoothly also market is ready for them.
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Table 9. Western European sales of biolubricants in 2004 [ 101,115]
Application All

lubricants
(1000 tons)

Vegetable
oil based

(1000 tons)

Synthetic
ester based
(1000 tons)

Total
amount of

biolubricants
(1000 tons)

Market
share of

biolubricants
(%)

Automotive
engine oils

1680 0 22 22 1.3

Two-stroke
oils

30 1 1 2 6.7

Aviation
turbine oils

10 0 10 10 100

Automotive
gear oils

300 0 4 4 1.3

Industrial
gear oils

100 1 2 3 3.0

Hydraulic
fluids

660 17 22 39 5.9

Compressor
oils

40 0 15 15 37.5

Metal
cutting
fluids

400 5 20 25 6.3

Textile oils 15 1 2 3 20

Chain saw
oils

41 17 3 20 48.8

Mould
release oils

100 12 3 15 15

Greases 132 2 3 5 3.8

Other
lubricants

1242 2 7 9 0.7

Total 4750 58 114 172 3.6
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ABSTRACT 
 
Fluid dynamics is an increasingly important factor in designing accurate, high-pressure 
fluid power systems. However, there is from very limited to none information available 
on different hydraulic fluids, how they behave at changing pressure and temperature. 
Especially the high-pressure behavior of hydraulic fluids is usually somewhat an 
unknown area – mere knowledge on fluid behavior at 300 bar is not enough, when 
operating pressures are over 1000 bar. This paper presents actual measured data on the 
most important dynamic fluid parameters; bulk modulus, density and speed of sound in 
fluid. This paper also presents a prediction method for these parameters, the results of 
which are compared to the measurements. Eight different commercial hydraulic fluids 
are studied, at 100 – 1500 bar pressures, at two different temperatures, 40°C and 70°C. 

KEYWORDS: bulk modulus, density, dynamics, high-pressure, hydraulic fluid, ISO, 
    measuring, prediction, speed of sound 

NOTATION 
 
B  Bulk modulus [Pa] 

effB  Effective bulk modulus [Pa] 
c Speed of sound in the fluid [m/s] 

BC  Tangent bulk modulus prediction constant [bar] 
CC  Speed of sound in fluid prediction constant [m/s] 

DC  Density prediction constant [kg/m³] 
p Pressure [Pa] 

atmp  Atmospheric pressure [Pa] 
T Temperature [ºC] 

 Density correction coefficient [-] 
n   Density at measured pressure and temperature [kg/m³] 

Tatm,   Density at atmospheric pressure and at temperature T [kg/m³] 

Catm,20
 Kinematic viscosity at atmospheric pressure and at 20°C temperature [cSt] 
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1. INTRODUCTION 
 
It is argued by many that fluid is the most important single component in every fluid 
power system. However, fluid is often neglected, when a new system is being designed, 
or an existing system is modified. On the other hand, if the effect of the fluid is taken 
into account, it is usual that the fluid parameters are considered constants, regardless of 
the effect of varying pressure or temperature – or regardless of the fluid type inside the 
actual system. In modern systems, operating at high pressures and demanding very high 
accuracy, fluid properties have to be taken into account more precisely. 
 
Probably due to the fact that fluid properties have not always been utmost important in 
system designer’s point of view, there is from very limited to none information 
available on the pressure-temperature behaviour of different types of hydraulic fluids. 
At the same time, the already large selection of different hydraulic fluids is growing all 
the time. Moreover, it is not always possible to measure the properties, therefore some 
reliable, yet practical way of predicting the fluid properties would be needed.  
 
As we know, different models for many phenomena do exist, but unfortunately they 
usually fall into two categories. They are either too simplified and therefore inaccurate, 
or they are possibly accurate, but include parameters or constants, which cannot be 
realized in practice – these kind of models are as useful to a system’s designer, as no 
model at all. 
 
This paper presents measured values of the most important dynamic fluid parameters 
for eight different commercial hydraulic fluids. The most important dynamic fluid 
parameters are speed of sound in fluid, fluid density and fluid bulk modulus. The results 
are given at two different temperatures, 40°C and 70°C, which represent the most 
common temperature range of normal industrial operation in practice. The pressure 
range is up to 1500 bar. The selected eight fluids are representing quite well the normal 
spectrum of the fluid types, which are used in fluid power systems, having different 
viscosity grades and different base fluids.  
 
This paper also presents the results of a prediction model, developed at IHA. The model 
can be used for every hydraulic fluid, which has ISO standardized fluid characteristics 
data available – and this data has to be available for every standard fluid. Predicted 
dynamic parameters of the eight studied fluids are compared to the measured ones. The 
results are quite promising, especially taken into account the simple structure of the 
models.  
 
 
2. STUDIED COMMERCIAL HYDRAULIC FLUIDS 
 
Eight commercial hydraulic fluids were selected to cover the normal spectrum of the 
fluids, which are used in real-life fluid power systems. The effect of different base fluid 
was studied using fluids with the most common ISO VG viscosity grade of 46. The 
effect of different viscosity grade was studied using different mineral oil based fluids, 
since mineral oil based fluids are by far the most common fluid type. 
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The studied fluids with the needed ISO standardized characteristics data are listed in 
table 1. The table also includes the density correction coefficients ( ), which are needed 
in the prediction model, explained in chapter 4.  
 

Table 1. Studied commercial hydraulic fluids 
ISO- standardized fluid characteristics data     

  Viscosity Viscosity Density Density 

Fluid T= 40 °C T= 100 °C p_atm, T= 15 °C correction 

  [cSt] [cSt] [kg/m³] coefficient ( ) 

Shell Tellus VG 32 32 5.4 875 0.65 

Shell Tellus S VG 46 46 6.9 875 0.65 

Shell Tellus TX VG 46 46 8.4 880 0.65 

Comet SAE 10W-30 73 11.3 880 0.65 

Shell Rimula x30 VG 93 93 11 890 0.65 

Shell Calibration fluid S-9365 2.6 --- 827 0.68 

Shell Naturelle HF-E VG 46 46 9.1 919 0.65 

Comet ECO Pine Oil VG 46 46.3 9.86 928 0.63 

 
 
Out of the eight studied fluids, six first fluids in table 1 are mineral oil based. Shell 
Tellus VG 32 and VG 46 are so called standard industrial hydraulic fluids. Shell Tellus 
TX VG 46 is basically the same fluid as the two mentioned, but it has viscosity index 
enhancer additives. Comet SAE 10W-30 and Shell Rimula x30 VG 93 are diesel engine 
motor oils. Shell Calibration fluid S-9365 is a standard calibration fluid used e.g. in 
injection motors.  
 
Shell Naturelle HF-E VG 46 is a synthetic ester fluid, and Comet ECO Pine oil VG 46 
is pine oil based natural ester fluid. 
 
 
3. MEASURING METHOD 
 
There are more than one published methods for measuring the dynamic fluid 
parameters, e.g. [1, 2, 3, 4, 5, 6, 7, 8]. The ‘single pressure peak’- method [5] used in 
this paper was selected for its simplicity and accuracy, but most importantly due to the 
needed high operating pressure. The measuring system (see figure 1), as well as the 
method, are explained more in detail in [5], but the basic idea is to measure the pressure 
wave propagation time in the fluid, which equals to the speed of sound in fluid. After 
that, using equations (1) [9] and (2) [10] it is possible to determine the fluid density and 
adiabatic tangent bulk modulus – of course, the compliances of the measuring system 
have to be removed from the effective value of the bulk modulus. 
 

n

Bc       (1) 

 

eff

atm

B
pp

Tatm,n e      (2) 
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Figure 1. The ‘single pressure peak’ measuring system [5] 

 
 
4. PREDICTION METHOD 
 
There are different models also for fluid dynamic parameters. Usually the existing 
models are too simplified and inaccurate, or the models require parameters, which 
cannot be realized in practice. On the other hand, the high-pressure behaviour of 
hydraulic fluids is a quite unknown research area. In practice, measured data, if any, 
usually ends at 300 bar pressures – even assumed data is ending at well under 1000 bar. 
Only some references might be found for diesel fuel parameters, but diesel fuels are 
only one special type of existing hydraulic fluids.  
 
A relatively accurate high-pressure fluid dynamics model, which is also easily definable 
for every standard hydraulic fluid, has been developed at IHA. The idea and the 
development steps are explained more in detail in [11]. The basic concept is to be able 
to predict fluid tangent bulk modulus (isothermal and adiabatic), density and speed of 
sound in fluid, based only on the knowledge of the ISO standardized fluid 
characteristics data. This data is always available for every standard hydraulic fluid. The 
actual equations, which are given in the following, are simply second order 
polynomials. The models are valid for a pure, air-free fluid. 
 
 
4.1. Tangent bulk modulus 
 
The tangent bulk modulus B (in [MPa]), as a second order polynomial function of 
pressure and temperature, can be calculated with equation (3) [11]. The constant term in 
an adiabatic situation is calculated with equation (4) [11], and in an isothermal situation 
with equation (5) [11]. The unit of pressure is [bar], the unit of temperature is [°C], and 
the unit of kinematic viscosity is [cSt]. 
 

T),(pCp2.1p0.0001- T)B(p, atmB
2    (3) 

 

417
204

atm,20atmB 10)log(0.151.571.0T),(pC
T

C
   (4) 
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4.2. Density 
 
The fluid density  (in [kg/m³]), as a second order polynomial function of pressure and 
temperature, can be calculated with equation (6) [11]. The constant term is calculated 
with equation (7) [11]. The density correction coefficients  of the eight studied fluids 
are listed in table 1 [12, 13]. The unit of pressure is [bar], the unit of temperature is 
[°C], and the unit of density is [kg/m³]. 
 

T),(pCp04.0p105- T)(p, atmD
26    (6) 

 
C)15(TT),(pC
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4.3. Speed of sound 
 
The speed of sound in fluid c (in [m/s]), as a second order polynomial function of 
pressure and temperature, can be calculated with equation (8) [11]. The constant term is 
calculated with equation (7) [11]. The unit of pressure is [bar]. 
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5. COMPARISON OF FLUIDS USING MEASURED RESULTS 
 
The adiabatic tangent bulk modulus, density and speed of sound in fluid were measured 
with the eight commercial fluids listed in table 1. Measurements were carried out at two 
different temperatures of 40°C and 70°C, which can be considered as limits of normal 
operating range of e.g. industrial fluid power systems. The pressure range of 
measurements was 100 – 1500 bar. The results are given in the following. 
 
 
5.1. Adiabatic tangent bulk modulus 
 
The measured bulk moduli at 40°C and 70°C are presented in figures 2 and 3. It can be 
seen that the calibration fluid has significantly higher compressibility than the other 
fluids. Moreover, the pine oil has the lowest compressibility. Also HF-E fluid has a bit 
lower compressibility than the five mineral oil based fluids, which tend to present 
similar compressibility behaviour despite different viscosity grades or additives. The 
base fluid would seem to have the biggest impact on fluid’s compressibility. 
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As it can be seen, there are differences in absolute values, big enough to have an effect 
in system designers’ point of view. However, the trend of the compressibility behaviour 
won’t change between the fluids or temperatures – the measurements are following 
second order polynomials. This discovery has been used in defining the prediction 
method of chapter 4.1. 
 

  
Figure 2.   The measured adiabatic tangent   Figure 3. The measured adiabatic tangent  
                  bulk moduli, temperature 40°C   bulk moduli, temperature 70°C 
 
           
5.2. Density 
 
The measured densities at 40°C and 70°C are presented in figures 4 and 5. The absolute 
values of densities vary quite clearly depending on the fluid. However, the five fluids 
(Tellus VG 32, Tellus VG 46, Tellus TX, Comet SAE 10W-30 and Rimula x30), which 
have quite similar mineral oil base fluid, are forming one group. Pine oil clearly has the 
highest density, followed by HF-E. Calibration fluid has the lowest density of all the 
fluids studied. So the type of the base fluid is clearly affecting the results more than the 
viscosity grade or fluid additives. 
 
Again, the trend of the density behaviour won’t change between the fluids or 
temperatures – the measurements are following second order polynomials. This 
discovery has been used in defining the prediction method of chapter 4.2. 
 

  
Figure 4. The measured densities,         Figure 5.    The measured densities,  

temperature 40°C      temperature 70°C 
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5.3. Speed of sound 
 
The measured speeds of sound at 40°C and 70°C are presented in figures 6 and 7. Only 
calibration fluid stands out, clearly having the lowest values for speed of sound. All the 
other seven fluids have somewhat the same absolute values, regardless of different 
viscosity grades or different base fluids. Speed of sound in fluid sets the upper limit for 
the fastest frequency response possible with the fluid in a fluid power system [14]. 
However, it does not usually mean that the fastest possible response would be useful in 
practice – it might even lead to an unstable control response. And as chapter 5.1 
illustrated, there are e.g. significant differences in terms of compressibility behaviour 
between the fluids with similar speeds of sounds. 
 
Again, the trend of the speed of sound behaviour won’t change (in practice) between the 
fluids or temperatures – the measurements are following second order polynomials. 
This discovery has been used in defining the prediction method of chapter 4.3. 
 

  
Figure 6. The measured speeds of          Figure 7.   The measured speeds of sound,   

sound, temperature 40°C      temperature 70°C 
  
 
6. DYNAMICS PREDICTION OF DIFFERENT FLUIDS 
 
This chapter presents the results of the prediction method of chapter 4, compared to the 
measured results of chapter 5. The comparison is given with all the eight fluids in table 
1. The compared parameters are adiabatic tangent bulk modulus, density and speed of 
sound in fluid. 
 
 
6.1. Adiabatic tangent bulk modulus 
 
Figure 8 illustrates the comparison of measured bulk modulus (data points) with 
predicted bulk modulus (continuous line) at 40°C temperature. As it can be seen, the 
results are quite good. Only pine oil and calibration fluid have a slight uniform shift 
between the results. But even in these two worst cases, the shape of the predicted 
polynomial clearly is following the measurements. 
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Figure 8.  Comparison of measured and predicted adiabatic tangent bulk modulus of 

the studied hydraulic fluids, at 40°C temperature 
 
Figure 9 represents the comparison of measured bulk modulus with predicted bulk 
modulus at 70°C temperature. Compared to the results in figure 8, higher temperature 
may cause a slight uncertainty with some fluids – again in a form of a uniform shift. But 
on the other hand, e.g. the prediction error of pine oil at 70°C decreases compared to 
40°C. In practice, all the results are still quite good, since the shape of the prediction 
polynomial clearly continues following the measurements, and absolute error is quite 
tolerable. The type of the fluid would not seem to affect the predicted results that much. 
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Figure 9. Comparison of measured and predicted adiabatic tangent bulk modulus of 

the studied hydraulic fluids, at 70°C temperature 
 
 
6.2. Density 
 
Figure 10 illustrates the comparison of measured density (data points) with predicted 
one (continuous line) at 40°C temperature. As it can be seen, the results are very good 
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with all the eight fluids. Now there are no uniform shift errors, and the shape of the 
predicted polynomial clearly follows the measurements. 
 

  

  

  

  
Figure 10. Comparison of measured and predicted density of the studied hydraulic 

fluids, at 40°C temperature 
 
Figure 11 represents the comparison of measured density with predicted one at 70°C 
temperature. Compared to the results in figure 10, with some fluids, temperature raise 
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might cause slight absolute value prediction errors at pressures 500 – 1000 bar. 
However, both the pressure levels 0 – 500 bar and 1000 – 1500 bar are predicted nicely. 
Moreover, the absolute errors are still quite small and tolerable. The type of the fluid 
would not seem to have a significant effect on density prediction. 
 

  

  

  

  
Figure 11. Comparison of measured and predicted density of the studied hydraulic 

fluids, at 70°C temperature 
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6.3. Speed of sound 
 
Figure 12 illustrates the comparison of measured speed of sound in fluid (data points) 
with predicted one (continuous line) at 40°C temperature. The prediction method gives 
good results with every fluid – even with the calibration fluid, which clearly differs 
from the other fluids as showed in figure 6. There are no mentionable uniform shift 
errors, and the predicted polynomial is clearly following the measurements. 
 

  

  

  

  
Figure 12. Comparison of measured and predicted speed of sound in the studied 

hydraulic fluids, at 40°C temperature 
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Figure 13 represents the comparison of measured speed of sound in fluid with predicted 
one at 70°C temperature. Comparing to figure 12, the results at 70°C are just as good. 
Moreover, the type of the fluid would not seem to have a big effect on speed of sound 
prediction. 
 

  

  

  

  
Figure 13. Comparison of measured and predicted speed of sound in the studied 

hydraulic fluids, at 70°C temperature 
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6.4. Modeling error of the prediction method 
 
Looking at the figures 8 – 13, the prediction method of hydraulic fluid dynamics is quite 
accurate, at least in practice and from system designer’s point of view. It should be kept 
in mind that it would be very difficult to find even a measuring system with better 
accuracy. However, table 2 presents the average modeling errors of the dynamic fluid 
parameters for the eight studied fluids.  
 
Table 2. Average prediction errors, percentage from full scale (FS), and 

percentage from parameter variation at 0 – 1500 bar (Variat.)   
    Bulk modulus   Density     Speed of sound 

  40 °C 70 °C 40 °C 70 °C 40 °C 70 °C 
Fluid FS Variat. FS Variat. FS Variat. FS Variat. FS Variat. FS Variat. 

  [%] [%] [%] [%] [%] [%] [%] [%] [%] [%] [%] [%] 

Tellus VG 32 1.2 2.5 3.9 7.3 0.3 6.2 0.3 6.4 1.1 4.0 1.5 5.5 
Tellus S VG 46 1.3 2.7 1.5 2.9 0.2 3.5 0.2 3.9 1.2 4.4 0.8 3.0 
Tellus TX VG 46 1.0 2.0 2.3 4.4 0.2 3.7 0.3 4.7 0.9 3.4 0.8 3.0 
Comet SAE 10W-30 1.7 3.5 2.1 4.0 0.2 3.5 0.2 3.9 1.7 6.5 0.9 3.2 
Rimula x30 VG 93 1.8 3.8 3.4 6.7 0.2 3.1 0.3 6.0 1.7 6.5 1.9 7.1 
Calibrat. fluid S-9365 2.6 5.0 5.3 9.4 0.2 4.3 0.5 8.0 0.8 2.8 1.7 5.9 
Naturelle HF-E VG 46 1.2 2.5 1.2 2.3 0.1 2.9 0.3 5.1 0.8 2.8 1.1 4.0 
ECO Pine Oil VG 46 3.4 7.1 3.4 6.4 0.1 2.9 0.1 2.7 1.1 4.0 2.5 8.9 
 
The errors are given as percentages from the absolute value variation of the fluid 
parameter between pressures of 0 – 1500 bar, and as percentages from the maximum 
value of the fluid parameter at 1500 bar pressure. Probably the latter percentage 
describes the accuracy more fairly, since it is also the common way of judging the 
accuracy of measuring equipment (percentage from full scale, ‘FS’). However, the 
percentages from the parameter variation scale (much tighter condition) are revealing 
that the prediction method is even very accurate with some fluids – and now we are 
talking about models, which are universally applicable for a wide range of fluids, 
pressures and at least normal operating range of temperatures. Temperature behavior at 
below 20°C will be studied in near future, but it demands slight modifications to the 
measuring equipment – the basic concept is applicable at lower temperatures as well. 
 
 
7. CONCLUSIONS 
 
This paper presented measured and predicted results of fluid adiabatic tangent bulk 
modulus, fluid density and speed of sound in fluid. The results were given for eight 
different commercial hydraulic fluids. The pressure range was up to 1500 bar, and the 
temperature effect was studied at two common system operating temperatures of 40°C 
and 70°C.  
 
The measurements revealed that the pressure-temperature behaviour doesn’t change 
between the fluids – in practice, the dynamic parameters are following uniform second 
order polynomials. However, there might be significant differences in absolute values of 
dynamic parameters between different fluids (uniform shifts). Therefore, the fluid type 
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has to be taken into account as well in designing accurate fluid power systems. 
Moreover, the type of the base fluid seemed to have the largest effect on the differences 
in dynamic parameters. Viscosity grade or different additives didn’t seem to play as 
significant role.  
 
The high-pressure prediction method, which has been developed at IHA, seemed to be 
quite effective. The measured results of the eight studied fluids correlated well with the 
predictions. Moreover, the results were very good, considering the structure of the 
models – only ISO standardized fluid characteristics data are needed for the model 
parameterization, for any standard hydraulic fluid. The predictions can easily be 
calculated by any system’s designer, needing information on fluid dynamics behaviour 
at different pressures, and at least at normal operating temperatures. The temperature 
behaviour of fluid dynamics at below 20°C will be researched in the future. 
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ABSTRACT 

For a proper simulation of pulsations in the low pressure range it is very important have 

an adequate density law of the fluid. In order to get this knowledge, a test rig was built 

and first measurements were studied. These studies pointed out that it is very important 

for density identification, to take thermoelastic effects into account. For example a very 

fast compression of the fluid leads to heat production followed by an increase in 

pressure due to the heat expansion coefficient of the fluid. More generally the bulk 

modulus depends on the time constants of the change of its thermodynamic states. 

A literature study on thermoelasticity showed that there is a lot of theoretical work done 

for solids, for ideal gases and fluids. The aim of this paper is to adopt this theory for an 

special experimental setup and to verify it by measurements. First some literature on 

this effect is shown followed by a discussion of the test rig and an exemplary 

measurement cycle. These measurements are compared to a theoretical model for 

thermoelasticity. Results and future improvements will be discussed. 

KEYWORDS: hydraulic fluid, thermoelasticity, measurements 

1. INTRODUCTION AND LITERATURE SURVEY 

The knowledge of the fluid’s density is very important for flow simulation, especially 

for the dynamic response of a pipe. To improve the simulation accuracy for low 

pressure lines, the density change of the fluid due to a variation of pressure has to be 

known. For this reason a test rig was built and first measurements of the density 

respectively the compressibility were made and presented in [4]. 

Further studies of these measurements focused not only on the compressibility, which 

can be computed out of the pressure and volume change during compression and 

decompression, but also on the pressure change while no piston movement is detected. 
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Figure 1. Measurement of the low pressure density identification test rig. 

 

Figure 1 shows the pressure and the piston stroke of such a measurement. The first part, 

before 3.5 seconds, can be used to compute the bulk modulus. The following part of the 

signals, between 3.5 and 7.5 seconds, shows some kind of an asymptotic pressure 

change from about 32 to 30.5 bar. During this time the piston does not move. Waiting 

for a longer time does not change this behaviour, that means leakage is not the reason 

why the pressure changes. Inertia effects of the piston can also be eliminated because no 

piston movement was detected. And last but not least a phase shift between the pressure 

and the piston stroke did not occur, or is negligibly small, because both signals were 

recorded with the same anti aliasing filter. In a post processing step both signals were 

filtered again with the same type, order and filter frequency. Matlab’s filtfilt [5] 

command was used to avoid a phase shift in this post processing step. 

The current idea is that a thermal effect causes this overshoot and relaxation of the 

pressure. Because changing lab temperature is too slow to cause a volumetric expansion 

of the oil volume in such a small time range, we focused on the thermoelastic effect due 

to changing pressure. This effect can shortly be described as the inner heat production 

of a medium when it is set under pressure. The theoretical basics of this effect are well 

known. Especially thermoelasticity for ideal gases can be found in [2]. But there is also 

a lot of work done for solids, e.g. the effect was observed in solids in 1915 [1]. Later it 

was used in industrial applications to determine the load on a beam by observation of 

the surface temperature by infrared cameras. More information and a detailed historical 

survey can be found in [1]. 

Because there is few literature concerning thermoelasticity and measurements with 

hydraulic oils, a simple test rig was built to get some experience. These measurements 

should help to check if the theory is also valid for oils in the typical pressure range of 

hydraulic applications. Another reason for the test rig is to check some fluid parameters 

like the heat conductivity and the heat expansion coefficient. This is important because 

books and data sheets of fluids give sometimes imprecise information about these fluid 

parameters. 
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The goal of this paper is to get practical information about thermoelasticity, to be able 

to improve the compressibility measurements of hydraulic oil in the low pressure range. 

2. PHYSICAL MODEL 

The first thermoelastic model was found in 1853 by William Thomson, who derived a 

linear relationship between the temperature change and the principal stresses in a solid. 

Later experiments were built up for validation, e.g. Compton and Webster in 1915, and 

also improvements of the theory were done e.g. Potter and Graves who derived a theory 

for reversible, anisotropic, adiabatic thermodynamic processes with temperature 

dependent elasticity and expansion coefficients. A more detailed overview and 

continuative literature can be found in [1]. The full derivation of equation (1) which 

shows the thermoelasticity for solids can be found in [1, p.761]. The term 
    

  
 of 

equation (1) is called the heat expansion coefficient. 

  

 
    

  

 
 

    

  
         

                

 
(1) 

But it is not only derived for solids, Baehr [2] writes the energy equation with heat 

conduction and thermoelasticity of a single fluid phase (see equation (2)). A 

simplification for ideal gases and a generalisation for mixtures can also be found in this 

book. The term 
 

 
 
  

  
 
 
 of equation (2) is again the heat expansion coefficient. 

   

  

  
 

 

   
  

  

   
  

 

 
 
  

  
 
 

  

         
                

   
(2) 

Last but not least Schlichting [3] writes a version of the energy equation which can be 

directly used for flow simulations. In this two-dimensional Cartesian version, all 

convective terms can easily be identified.   is the heat expansion coefficient. 

    
  

  
  

  

  
  

  

  
  

 

  
  

  

  
  

 

  
  

  

  
    

     
  

  
  

  

  
  

  

  
 

               
                

   

(3) 

Studying the thermoelastic effect shows that the heat generation does not depend on the 

fluid volume (see equations (1-3)). The geometry is only important for the heat 

conduction though the fluid and the surrounding parts. 

Under the assumption of adiabatic compression/decompression and constant fluid 

parameters, equation (1) can be used to formulate the temperature change due to a 

pressure change and vice versa. 
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   of equation (5) is the initial absolute temperature,   the heat expansion coefficient,   

the density,    the specific heat capacity of the fluid and    the pressure difference 

between the initial and the final state. 

3. EXPERIMENTAL SETUP 

This section shows the experimental setup for the investigation of the thermoelastic 

effect of hydraulic oil. It is important to design the test rig in a way that other 

influences, like other physical effects, can be neglected. Another goal is simplicity. The 

test rig should be simple, cheap and easy to build, to allow fast changes in the design if 

necessary. Figure 2 shows two pictures of the test rig. 

 

   

Figure 2. Experimental setup and its components 

 

The main parts are the pressure sensor, the temperature sensor and the compression and 

decompression application. The arrangement is done in a way that the temperature 

sensor is located far away from the compression application to ensure that heat, due to 

friction of the piston, does not influence the measured temperature of the oil. 

Figure 3 shows a picture of the temperature sensor (PT100 2x2.3 CLB). The two wires 

of the sensor are put through a small drilled hole of a closing plug and sealed by 

epoxide resin. Leak tightness of this part was tested at 500 bar pressure for about one 

hour. Because of the linearity of the PT100, in a temperature range between 0°C and 

100°C, the calibration was done with a mixture of ice and water and with boiling water. 

After calibration the temperature was checked by underarm temperature of 

approximately 37°C. 
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Figure 3. Left: PT100 in a closing plug; Right: piston with sealings. 

 

Pressure was recorded by a 500 bar DRUCK sensor (DRUCK PDCR 4060; 

S/N:1628154, high resolution) and its calibration was done by a pressure standard from 

“Druck company pressure elements”. The pressure sensor is again arranged in adequate 

distance away from the temperature sensor to ensure a simple and undisturbed geometry 

around the temperature sensor. 

Finally the compression application was realized by a piston which can be moved by a 

screw. If the screw is turned in, the fluid is compressed and otherwise if it is turned out, 

the pressure of the fluid moves the piston back and the fluid is decompressed. Figure 4 

shows a sketch of the working principle. It can be seen in figure 3 and 4 that the piston 

is sealed by three O-rings. 

 

 

Figure 4. Sketch of the compression application with a screw and a piston. 

 

Another important task is to check the oil tightness of the test rig. This was tested by 

compressing the fluid and holding the piston at a fixed position – no further turning of 

the screw. Figure 5 shows such a measurement cycle with the pressure, the fluid and the 

outside temperature. During the whole measuring cycle no leakage was observed and it 

can also be seen that the pressure changes in the same way as the outer and inner 

temperature changes. 
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Figure 5. Check of the leak tightness of the test rig. 

3.1. Exemplary measurement cycle 

The following bulleted list shows the main parts of the measurement cycle: 

 The ball valve is opened and fluid is filled in. 

 The test rig is shaken (by hand) to ensure that air bubbles move up and out of the 

test rig.  

 The ball valve is closed. 

 After this preparation the fluid can be compressed and decompressed by the 

screw. 

Note: For fast compression cycles with almost constant piston speed the screw was 

driven by a drilling machine. 

4. SIMULATION RESULTS AND COMPARISON WITH MEASUREMENTS 

In this section measurements of the presented test rig will be compared with the theory 

of thermoelasticity. First the model problem will be discussed and the underlying 

equations will be stated. Afterwards all model parameters and assumptions about their 

temperature and pressure dependence will be commented. Finally the numerical 

solution technique, with meshing and boundary conditions, is shown and simulation 

results will be compared with measurements. 
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4.1. Simulation model 

Figure 6 shows a simplified sketch of the test rig with all simulation domains. The 

orange part is the fluid, the light blue rectangle in the centre is the sensor and the gray 

part surrounding the oil is the pipe with the screw nut and the closing plug. 

 

Figure 6. Sketch of the simulation domains (fluid, steel and sensor). 

Because of the rotational symmetry of the experimental setup and the big thermal heat 

conductance of the steel fitting at the end of the pipe, i.e. axially shifted away from the 

sensor, it is important to simulate the problem in a two dimensional radial axis 

symmetric way. The differential equation for the heat conduction with thermoelastic 

sources in the fluid is formulated according to equation (6). 

  

  
 

 

    
 

 
 

 

  

  
 

   

   
 

   

   
  

 

    
 

   
  

  
 

(6) 

Where T is the temperature and   is the pressure. For all simulations, done in this work, 

the pressure derivative is known from the measurement and the temperature is 

computed. Parameters like  ,  ,   and    are in general temperature respectively 

pressure dependent. They were treated to be constant because of the small temperature 

and density change. Simulation parameters can be found in table 1. 
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Table 1. Table of fluid and simulation parameters 

parameter value unit description 

          Sensor radius 

        Inner pipe radius 

        Outer pipe radius 

         Outer radius of the fitting 

         Length 

         Length 

         Length 

           Length 

         Length 

                
 

 
 Heat expansion coefficient of the fluid 

       0.13 
 

   
 Heat conduction coefficient of fluid 

              
 

    
 Specific heat capacity of the fluid 

           
  

  
 Density of the fluid 

          
 

   
 Heat conduction coefficient of steel 

             
 

    
 Heat capacity of steel 

            
  

  
 Density of steel 

                  
  

 
 Heat conductance 

     
 

    
 

Heat transfer coefficient between steel and 

air for slow air velocity 

Shell Tellus S 32 
Hydraulic oil used in the experimental 

setup 

 

Equation (6) is solved by a finite difference scheme. The boundary condition of the 

rotation axis (green line in figure 6) and the boundary at the pipe end side (red line in 

figure 6) are modelled by heat flux    . The whole surface of the fitting (blue line in 

figure 6) is modelled as a convective heat transfer to surrounding air. The value for the 

convective heat transfer coefficient,      
 

    
      

  

      
, is approximately taken for 

a flat wall with flowing air at low velocity [6]. 

4.2. Discussion of the simulation results 

Figures (7-8) show a compression cycle followed by temperature relaxation to the 

surrounding air temperature. During this relaxation, the piston has not been moved. 

Figure 7 shows the increasing pressure due to compression followed by the previously 

discussed temperature/pressure relaxation. 

Two different simulation results are plotted in figure 8 against the measurement: The 

centre point temperature of the sensor domain, when this domain is modelled as a fluid 

(see the magenta line), and again the centre point temperature of the sensor domain, 

when it is modelled with the sensors heat conductance parameter   
 

   
. The heat 
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conductance of the sensor is a parameter which was optimized by hand because it is 

very hard to get reliable data of the sensor - it consists of some steel, plastics and other 

materials. For the geometrical integration of the sensor into the simulation model, it is 

assumed to be a rotational symmetric cylinder with a diameter of the smallest width of 

the sensor. Figures 11-12 show the temperature distribution at a fixed time during the 

compression and the decompression cycle. From these pictures it is easy to see that the 

temperature of the sensor is, during the heating and cooling part of the measurement, 

not equal to the fluid’s temperature. 

Also the outer geometry of the fittings, e.g. the closing plug, is assumed to be rotational 

symmetric with a diameter of the width across flats of the fitting. This means that the 

real surface of the experimental setup is, because of its complexity, larger than the one 

of the simulation. 

The results in figure 8 show that it is very important to integrate the sensor into the 

simulation model – if not the pressure peaks and the shape of it cannot be predicted by 

the simulation model! The temperature relaxation can also be modelled quite well. 

Problems occur during calculation of the final temperature after relaxation - the 

simulation does not “cool down” to the measured values. The reason could be problems 

in the assumption of the right value for the heat convection coefficient between the pipe 

and the surrounding air, e.g. changing temperature or velocity in the lab, and also the 

complex geometry of the experimental setup. 

 

Figure 7. Measured pressure. The corresponding temperature change can be 

found in figure 8. 
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Figure 8. Temperature change due to compression from about 100 bar to 340 bar. 

The second test cycle, the decompression of the fluid, can be seen in the figures 9-10. It 

shows the same good accuracy during the decompression and again the problems of 

calculating the final temperature. 

 

Figure 9. Measured pressure. The corresponding temperature change can be 

found in figure 10. 
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Figure 10. Temperature change due to decompression from about 320 bar to 110 

bar. 

 

Figure 11. Snap shot of the simulation result during compression. The fluid part 

heats up faster than the sensor. 
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Figure 12. Snap shot of the simulation result during decompression. The fluid part 

cools down faster than the sensor. 

Figures 13-16 show another kind of test cycles. In these two cases the pressure has been 

changed (compression/decompression) a few times without waiting until the 

temperature has relaxed. These results show that the thermoelastic effect can be 

predicted quite well. The temperature relaxation shows the same problems as discussed 

before. 

 

Figure 13. Measured pressure. The corresponding temperature change can be 

found in figure 14. 
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Figure 14. Temperature measurement during a few compression and decompression 

cycles. 

 

Figure 15. Measured pressure. The corresponding temperature change can be 

found in figure 16. 
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Figure 16. Temperature change during one compression followed by a 

decompression cycle. 

5. CONCLUSION 

This paper shows a simple test rig for the investigation of thermoelasticity of hydraulic 

fluids. The knowledge of this physical effect is important for the interpretation of 

compressibility measurements of fluids in the low pressure range. 

First, the theory of thermoelasticity for solids, ideal gases and general single phase 

fluids was discussed. The experimental setup with all its components was shown and 

the ideas of the design were stated. Finally the simulation model was shown and 

problems due to the complex sensor and fitting geometry were discussed. 

The comparison between the measurements and the simulation results shows that the 

measurements are predicted by simulation very well. For better correlation, a reliable 

value for the convection coefficient and a suitable geometry of the sensor and the test 

rig are essential. A better sensor would probably be a J or K-element – they are a lot 

smaller than the PT100 sensor. 
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ABSTRACT 

The paper analyzes the dynamic behaviour of an industrial system devoted to the 

automated hydraulic packaging of beverages. 

More in detail, a lumped and distributed numerical approach is used to model both the 

filling system and the multi-actuators hydraulic circuit needed to shape and separate the 

packages.  

In particular, the filling system controls both the product flow and the level in the 

packaging tube, while the multi-actuators hydraulic system, which encompasses the jaw 

actuators and the cutting cylinders, is responsible of the proper forming of the packages. 

In the analysis, the hydraulic and mechanical connections between the filling and the 

packaging sub-systems are precisely detailed and their working conditions are 

accurately described, in order to detail properly the dynamic interaction among 

packages formation, jaw system behaviour and control system management. 

The model reliability and accuracy are addressed by means of a numerical vs. 

experimental comparison of the main hydraulic and mechanical quantities for an actual 

production rate. 

Afterwards, the system architecture is redesigned in order to obtain higher production 

rates, and the effects of the hydraulic behaviour variation on the hydraulic efficiency are 

highlighted. 

Finally, a sensitivity analysis with respect to the main design parameters (such as the 

pump displacement, the pump-shaft speed, the accumulator volume and the pressure 

relief valve pressure gradient) is carried out, in order to determine the circuit layout that 

maximizes the system efficiency in the whole production-rate range. 

KEYWORDS: Automated liquid packaging, lumped parameters approach, Efficiency 

1. INTRODUCTION 

Over the last decade the food processing industry has became increasing competitive. 

This lead to the need of an increase of the productivity in lots of branches, such as the 
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automated liquid packaging. In this scenario it is necessary the development of more 

efficient hydraulic actuation systems, that enable an higher productivity and an overall 

power savings. 

In particular, the increase of the energy conversion efficiency related to the power 

transmission, in order to minimize both the prime mover power requirement and the 

power dissipations, limiting the subsequent heat generation and the operating 

performance optimization, with particular care devoted to the metering and the 

modulation of the hydraulic power addressed to the actuators are the main targets to be 

achieved by the multiple actuation system designers [1], [2]. 

Conventional hydraulic control systems are controlled by direct-acting, pilot-controlled 

or electro-hydraulically controlled directional spool valves in which a given position of 

the spool determines both the flow in and the flow out orifice sizes [3], [4], [5], [6]. 

In particular, considering that machines for automated liquid packaging usually work 

continuously for 24h a day, 320 days a year, an efficiency enhancement is very 

important because it corresponds to a reduction of the lost power and consequently to a 

savings of electric energy [7]. 

This paper focuses on the analysis of the dynamic behaviour of an automatic packaging 

machine hydraulic circuit. 

More in details, by means of a lumped and distribute parameters numerical model the 

automatic packaging machine hydraulic circuit has been optimized, considering the 

proper interaction between the different parts of the whole machine, with the aim to 

increase both the productivity from 6000 to 10000 packages/hour and the system 

efficiency, considering different operating conditions and different circuit architectures 

[8]. Finally, the best combination of the different design parameters needed to obtain the 

maximum efficiency has been determined. 

2. THE AUTOMATIC PACKAGING MACHINE 

The packaging lines of beverages produced by Tetra Pak
®
 deal with the treatment of the 

product to be packaged, the realization of individual packs and their grouping in pallets 

for an easy transport.  

 

Figure 1. Forming process 
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The object of the study is a Filling Machine in which the packaging material tape is 

formed into a 1 litre volume aseptic pack ready to be sold on the market. The package 

forming evolves in three phases: 

1) The tape is introduced into the filling machine, where a series of rings turn the 

packaging material sheet in a cylindrical tube. 

2) The Filling System fill the cylindrical tube with the product to be packaged (water, 

milk, fruit juice, etc...), and then the Jaw System create the semi-finished package. 

3) The semi-finished packs are then sent to the Final Folder, in which the flaps, created 

on the packs in the previous phase, are sealed. The filling and forming process is then 

completed and the finished packs are sent to a conveyor, and thus to the other phases of 

the packaging line. 

3. THE JAW SYSTEM 

The Jaw System and its hydraulic circuit are depicted in Fig. 2. In particular, the 

hydraulic circuit is mainly composed by the supply unit, the piping and the actuators. 

The supply unit consists of a fixed displacement external gear pump driven by a three-

phase induction motor. On the supply line are placed a filter, that removes the 

impurities within the fluid, and a properly calibrated check valve. The filter is in parallel 

with a non-return valve and it is equipped with an electric contamination indicator. On 

the suction line there is a heat exchanger that keeps the oil temperature between 35°C 

and 65°C. 

a)     b) 

Figure 2. a) Jaw System and b) its hydraulic circuit 

The pump conveys the oil into a manifold (block valve) in which are assembled three 

control valves (two of them are needed to control the catches displacement and the other 

one controls the knife movement), a pressure reducing valve, a pilot operated relief 

valve and a diaphragm-type accumulator. 

The pressure reducing valve is placed between the manifold and the knife control valve, 

and it reduces the pressure of the supply line in order to protect the knife itself, while 

the pressure relief valve is placed directly on the manifold and prevents overpressure in 

the system. The accumulator is placed on the supply line in order to absorb the pressure 

Jaw System 

Supply Unit 
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irregularities due to the activation and deactivation of the actuators. The directional 

valves are connected to the jacks by rigid and flexible pipes. 

Two pairs of double acting hydraulic actuators are used to shape and seal the packages, 

while two pairs of single acting actuators are used to properly cut the packages. In order 

to correctly shape and seal the packages a minimum pressure must be assured inside the 

double acting actuators. 

 
Figure 3. Shaping, sealing and cutting phase 

Each jaw system is equipped with four jacks, two single acting ones, hereafter named 

“cutting jaw”, that cut the packages, and the two double-acting ones, hereafter named 

“pressure jaw” that shape and seal the package. 

In order to correctly form the packages, a properly tailored command signal has been 

imposed to the different control valves. In particular, the catch command has to be 

maintained for a minimum time in order to correctly seal the packages, while the knife 

command has to start approximately 70 ms before the opening of each catch, in order to 

complete the cutting phase before the catch opening. 

With reference to Fig. 4, the pressure jaw actuators are controlled independently by two 

control valves, one for the left pressure jaw (black solid line) and one for the right 

pressure law (grey solid line), while all the actuators of the knives are controlled by the 

same 4/3 control valve (black dotted line). 

 

 
Figure 4. Command signal imposed to the control valves 

The Jaw System dynamic behaviour is studied adopting the lumped and distributed 

parameter numerical model depicted in Fig. 5 which, by means of the bond graph 

technique [9], [10], enables the multi-domain coupling needed to study the performance 

of electro-mechanically actuated hydraulic components. 

The numerical predictions reliability and accuracy can be estimated by means of a 

numerical vs. experimental comparison. 
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Figure 5. Jaw System numerical model 

As previously said it is necessary to assure a minimum pressure in the catches and a 

reduced pressure at the knives to obtain the correct functioning of the system, thus the 

first parameters to compare are just the pressures in the catches and in the knives. 

Considering the numerical vs. experimental comparisons depicted in Fig. 6 and Fig. 7 it 

is possible to outline that for the catch pressure there is a good agreement between the 

two curves. Considering the knife pressure it can be noticed a slightly difference 

between the two curves probably due to the particular spring present in the actuators. 

 

Figure 6. Catch pressure 

 

Figure 7. Knife pressure 

4. THE FILLING SYSTEM 

The Filling System (Fig. 8) controls the product flow into the packaging material tube 

of the packaging Machine. The flow is controlled in order to maintain the correct level 

in the tube and to produce fully filled packages. 

The filling control system is basically a double control loop which consists of: 

 a flow meter, that continuously detects the product flow; 

 a level sensor, that continuously detects the product level in the tube, monitoring 

the position of the magnets in the float using Hall effect switches; 

 a controller which perform the calculations; 

 a regulating valve that controls the product flow to the tube. It is equipped with a 

Servo Motor, which moves the shutter by a cam into the desired position. 

The flow through the filling machine is determined by the opening of an on-off valve, 

which is called A-Valve. 

Jaw System 

 

 

 

 

 
 

Supply Unit 
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a) b) 

Figure 8. a) Filling System and b) its simplified scheme 

 

Figure 9. Flow rate and product level 

Since the Filling Machine is switched on, the Jaw System starts to run while the A-

Valve is still closed and a volume dependent amount of empty packages is dumped. 

Then the A-Valve opens and the product starts to flow through the filling pipe. Since 

the tube is to be filled while the Jaw System is running, a higher flow than the regular 

production flow (called Start Flow, which value is set in the PLC) is required to reach 

the correct level in the tube (Fig. 9). 

In the starting phase the control system compares the Start Flow with the actual flow, 

measured by the flow meter. The controller calculates how the regulating valve should 

react in order to compensate the difference between the Start Flow and the one actual 

flow measured by the flow meter.  

When the height of the float has reached the 20% (dotted line in Fig. 9) of the maximum 

displacement the flow control loop use the nominal production flow (obtained 

multiplying the machine speed and the package volume) as the set value, while the level 

control is aiming to reach a product level of 60% of the maximum value. The level PID 

controller uses the difference between the actual value, obtained from the level sensor, 

and the level set point to calculate how much the product flow must change to reach the 

set point. 

The dynamic behaviour of the Filling System and its interaction with the Jaw System is 

studied adopting the lumped and distributed parameters model depicted in Fig. 10.  
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Figure 10. Filling System numerical model 

In the circuit it is possible to see the A-Valve, which enables or disables the flow 

through the Filling Machine, the Regulating Valve, which controls the flow rate through 

the machine, the Float and the control system of its height inside the tube, which 

determine the opening and the closing of the regulating valve, in order to maintain the 

float in the range of the desired value (about 60% of the maximum displacement). 

The bottom part of the Filling System numerical model is connected with a simplified 

Jaw System model. In particular the study of the jaw system dynamic behaviour lead to 

the knowledge of the volume variation law, which is the link between the two models.  

More in detail, in the model it has been considered that during the filling phase no 

packages are formed, while once the filling phase is ended it starts the packaging 

production. In the first phase the catches are engaged and the liquid is trapped inside the 

pack. 

   

Figure 11. Volume trapped in each jaw system     Figure 12. Volume variation 

 

A-Valve 

Regulating 

Valve 

Control 

System 

Float 

Simplified 

Jaw System 
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The variation of the volume inside the package is defined by the black or the grey line 

reported in Fig. 11 (because the two jaw systems are working alternately); the package 

can be filled until the coming out of the knife, i.e. when the package is cut. It is possible 

to observe that while the volume trapped by one jaw system increases in order to 

simulate the package filling, the other one reduces its own volume, in order to simulate 

the cutting phase and, thus, the separation of the formed package. 

The Fig. 12 depicts the volume variation phasing imposed to the system, which is the 

sum of the volume trapped by the two jaw systems. 

Also in this case, the numerical predictions reliability and accuracy has been estimated 

by means of a numerical vs. experimental comparison. In particular it has been 

considered both the filling phase and the packages production. 

The Fig. 18 and Fig. 19 depict the comparisons between numerical and experimental 

data in terms of flow rate measured by the flow meter and float displacement inside the 

tube. The first 12.5 s concerned the filling phase: the flow rate increases rapidly till the 

120% of the nominal flow rate (Fig. 13) because a higher flow than the regular 

production flow is required to reach the correct level in the tube; the product level starts 

to increase (Fig. 14). After that the product level reaches the 20% of the maximum one, 

the set value for the flow rate is the nominal one (100%) and the level control is aiming 

to reach a product level reaches of 60%. The numerical vs. experimental comparisons 

shown a good agreement between the two curves. 

 

Figure 11. Flow rate 

 

Figure 12. Product level 

5. JAW SYSTEM EFFICIENCY ANALYSIS 

As previously said, the aim of the study was to increase the efficiency of the Filling 

Machine. In particular the attention was devoted to increase the jaw system efficiency 

which depends on the effective and the available power : 
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As usual, the hydraulic power at the pump supply port can be calculated as 
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where QP is the pump flow rate, pP is the pressure downstream of the pump and TC is 

the time needed to complete one machine cycle (and thus to form 2 packages): 

 

prod
TC

36002 
  (3) 

As the same time, the total effective power can be defined as the sum of the effective 

power available to the i-th actuator: 
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where the flow rate addressed to each actuator is: 
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and the pressure is: 
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In the following, the influence of different hydraulic parameters (such as the pump 

displacement, shaft speed, accumulator volume, ...) on the operating conditions and thus 

on the overall efficiency is shown. 

In particular, the efficiency map depicted in Fig. 15 is obtained fixing the shaft angular 

velocity at its reference value, and varying the pump displacement from the 75% to the 

200% of the reference one. In Fig. 16, indeed, the efficiency map corresponds to the 

actual reference pump, once the shaft angular velocity is varied from 80% to 180% of 

its reference value. 

Observing the two maps it is possible to evaluate the variation of the system efficiency 

from the reference value (100% of the pump displacement or the shaft angular velocity 

at 7000 packages/hour). 

 

 
Figure 13.Efficiency as a function of 

pump displacement with fixed shaft 

angular velocity 

 
Figure 14. Efficiency as a function of 

shaft angular velocity with fixed pump 

displacement 
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Figure 15. Catch pressure @ 10000 packages/hour for different pump displacement 

The dashed areas enclose all the operating conditions to be avoided in order to correctly 

form the packages; in these areas, in fact, the pressure in the catches doesn't reach the 

minimum value needed to properly seal the pack. 

For example, with reference to Fig. 17 and considering, a productivity of 10000 

packages/hour, once the pump rotational speed is set to its reference value, the 

minimum pump displacement that allows the correct pressure value in the catches 

(100% of ordinates axis) is 125% of the reference pump displacement.  

The efficiency maps shown in Fig. 15 and Fig. 16 can be summarized by the map 

reported in Fig. 18 where the reference x-axis refers to the supplied flow rate (non 

dimensioned with respect to its actual value).  

As shown, the supplied flow rate must increase as the productivity increases from the 

actual value (7000 packages/hour) to the target value (10000 packages/hour); at the 

same time, once the unavailable regions are avoided, the system efficiency increase with 

the productivity. 

 

 
Figure 16. Efficiency as a function of flow rate 

6. SYSTEM DESIGN IMPROVEMENT 

Different solutions in terms of system layout have been studied in order to increase both 

the productivity and the efficiency of the hydraulic system. 

In particular, the layout shown in Fig. 5 has been modified and the pressure jaw 

hydraulic jacks and their control valves have been changed. 
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Figure 17. Modified system layout 

More in detail, a new layout is depicted in Fig. 19, in which the double acting jacks 

used to make the transversal sealing have been replaced with single acting ones. As a 

consequence, the 4 way 3 position valves devoted to the control of the pressure jaws, 

have been replaced with 3 way 2 position ones because, with this new configuration, the 

actuator coming in is managed by a spring and thus it is not necessary to control it 

hydraulically. 

In Fig. 20 and Fig. 21 the comparisons between the pressure in the catch chamber and 

the catch displacement obtained with the reference layout and with the modified one are 

depicted. It can be noticed that, due to the layout modifications, the correct operating 

conditions in terms of pressure and displacement needed to sustain the target production 

rate (10000 packages/hour) can be achieved using a lower displacement pump. 

 

 

Figure 18. Catch pressure for the two 

layouts 

 

Figure 19. Catch displacement for the 

two layouts 

In this way the productivity target can be achieved with a lower value of the flow rate 

addressed to the system, design condition which lead to an increase of the system 

hydraulic efficiency. 

Pressure Jaw 

Left 

Pressure Jaw 

Right 

Cutting Jaw Left Cutting Jaw Right 

Manifold 
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7. CONCLUSION 

In this paper the filling system and the hydraulic shaping system of a package machine 

for liquid beverages has been studied in order to optimize the dynamic behaviour, 

increasing both the productivity and the system efficiency of the whole machine. 

More in detail, the actual system layout has been analyzed by means of a lumped and 

distributed numerical model and efficiency maps obtained by varying the hydraulic 

parameters have been created, with the aim to determine the minimum operating 

conditions necessary to sustain the different productivities requested. 

Afterward, a modified layout has been proposed, adopting a simpler circuit 

configuration. With this new configuration, the requested production rate can be assured 

supplying the circuit with a lower power, which enables an increasing of the system 

efficiency. 
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9. LIST OF NOTATIONS 

TC  Time to complete one machine cycle    [s] 

Prod  Productivity       [packages/h] 

Qui  Flow rate addressed to the i-th actuator   [m
3
/s] 

pui  Pressure in the i-th actuator     [bar] 

PE  Effective power at the actuator    [W] 

QP  Pump flow rate      [m
3
/s] 

pP  Pressure downstream the pump    [bar] 

PP  Power downstream the pump     [W] 

  System efficiency       

VP  Pump displacement      [l/rev] 

nM  Motor shaft speed rotation     [rev/min] 
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ABSTRACT 

The design of complex mechatronic systems, such as controlled hydraulic proportional 
valves, is facilitated by state of the art optimization methods. Multiobjective 
evolutionary algorithms (MOEA) constitute a powerful method to obtain optimal 
solutions for problems with respect to multiple possibly conflicting objectives. 
Evolutionary algorithms imitate mechanisms of biological evolution to obtain globally 
optimal solutions in complex and high dimensional search spaces. In the ideal case the 
candidate solutions are directly evaluated on the target system in a hardware-in-the-loop 
(HIL) setup to capture all relevant aspects of the system design problem and operating 
conditions. In case of hydraulic valve controller optimization the set (population) of 
controller parameters generated by the MOEA is sequentially evaluated with respect to 
the closed loop step response of each candidate controller on a hydraulic test bench. 
One drawback of HIL optimization is the substantial experimental effort, time and cost 
required for the HIL evaluation of solutions considering that a single run of a MOEA 
easily requires evaluation of candidate 10,000 solutions. In addition the operation of 
inferior or even unstable controllers causes wear and even harm the hydraulic system. 
What is needed is a means to predict the behavior of the valve for a controller not tested 
yet under various operating conditions and pressure levels in advance. Such an initial 
estimate allows it to discard potentially poor or harmful controllers in advance which 
substantially reduces the number of HIL evaluations and at the same time prevents 
potential damage to the test bench. The proposed approach employs a three stage 
evaluation scheme, based on estimation of the solutions fitness by a model generated 
from training data, evaluation in simulation based on a dynamic model of the valve and 
finally HIL evaluation. Only those solutions that pass the first and second stage 
evaluation with sufficient performance are eventually tested on the physical valve. The 
fitness model describes the direct relationship between controller parameters and 
fitness. The instance based model is trained and refined online based on the fitness 
observations carried out on the real hardware. A query of the model requires less time 
than a dynamic simulation or HIL test. Thus it allows the pre-selection of most 
promising solutions on the basis of a large number of candidates. The second stage 
employs a simulation of the dynamic system, in which the fitness evaluation of a 
controller relies on its simulated closed loop response. The dynamic model of the valve 
is obtained by system identification based on the input and output signals generated 
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during HIL experiments. Only solutions that prove stable, satisfy safety requirements 
and demonstrate a sufficient performance in simulation are eventually evaluated on the 
HIL system. The model based pre-selection of solutions results in a significant 
improvement of MOEA HIL optimization in terms of safety of operation, solution 
quality and experimental effort. This paper presents the proposed approach, the models 
and the evolutionary algorithm. It shows results of the optimization of hydraulic valve 
controllers on an experimental hydraulic HIL test bench and illustrates the practical 
feasibility, the benefits as well as potential further improvements. 

KEYWORDS: Evolutionary Algorithms, Multiobjective Optimization, Control, 
Hardware in the Loop, Surrogate Models 

1. INTRODUCTION 

Evolutionary algorithms are find near optimal solutions in complex and high 
dimensional optimization domains, but require a substantial number of evaluations of 
the fitness function due to the partial random exploration of the search space. In 
evolutionary hardware-in-the-loop (HIL) optimization of control systems, such as 
presented in [1] and [2], a single fitness evaluation takes several seconds. Obviously, 
extensive evaluations, simulations or calculations of the fitness function constrain the 
feasible population size and number of generations in the evolutionary optimization of 
technical systems. 

The literature reports several proposals for fitness models that partially substitute true 
evaluations of the fitness function. A significant speed up is achieved for problems for 
which the model based fitness estimation is substantially faster than the true evaluation, 
under the assumption that the fitness landscape exhibits a structure that allows learning 
of a meaningful data based model from a limited training data set. Fitness models might 
induce misleading local minima not present in the original fitness function. In order to 
avoid premature convergence into deceptive minima it is mandatory to continuously 
verify model quality based on true evaluations [3]. Model management decides which 
solutions to discard in advance due to their inferior estimated fitness and which 
remaining candidates are subject to a true evaluation. If the model quality is high, 
selection mostly relies on the fitness model; if the quality decreases the number of true 
fitness evaluations is increased. As these additional fitness evaluations provide further 
training data to refine the data based model, the model quality is expected to improve in 
subsequent generations. Several concepts of model management are presented by Jin et 
al. in [3] and [4]. The comparative analysis of individual based strategies in [5] favours 
preselection (or pre-screening) as the most robust and efficient scheme. For this reason 
it is employed by the majority of approaches.  

While local fitness modelling statistically reduces the number of evaluations it is not 
necessarily sufficient to prevent the violation of safety constraints. Since evolutionary 
optimization is partly based on trial and error, faulty solutions cannot be avoided 
completely. In the HIL context of hydraulic valve optimization, unstable controllers 
might impose a risk for the experimental setup, the equipment or even the user. A 
second model stage is introduced prior to the HIL evaluation of solutions to identify 
possibly harmful configurations and abandon their real experimental evaluation. In 
contrast to pure fitness models, this second model stage simulates the entire dynamic 
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behaviour of the system. Therefore a sufficient model structure and its parameters are 
identified based on training data that describe the dynamic input- output behaviour of 
the target system. The high complexity of the dynamic system model does not lead to a 
reduction in time or evaluations but introduces an additional effort for the safety check 
and therefore constitutes a compromise between efficient and safe HIL optimization. 

The second chapter of this paper describes multi-objective evolutionary optimization 
and the working principles of model assistance. Chapter 3 describes the experimental 
setup, the target system and the objectives of the HIL optimization and introduces the 
safety model stage in detail. Experimental results for the proposed method are presented 
in chapter 4. Chapter 5 concludes the paper and gives a brief outlook on future work. 

 

 
Figure 1. Evolutionary loop of standard ES (left) and MAES (right). 

2. MULTI-OBJECTIVE EVOLUTIONARY OPTIMIZATION 

Realistic optimization problems hardly focus on a single objective, but rather consider 
multiple conflicting objectives. The a priori aggregation of objectives is difficult 
because they are usually defined in different domains. To avoid this a priori 
aggregation, multi-objective evolutionary algorithms (MOEA) generate a set of 
approximately optimal compromise solutions, the so called non-dominated or Pareto 
optimal solutions. The expert selects the final solution that he considers optimal from 
the Pareto set according to his subjective preferences.  A multi-objective evolutionary 
optimization algorithm is depicted in figure 1 (left). An overview on MOAEs is 
provided in [6]. In multi-objective optimization fitness based ranking becomes obsolete 
and selection relies on the concept of dominance. A solution dominates another solution 
if it is superior in at least one objective and not inferior in any other objective. In this 
case improvement of a Pareto optimal solution in one objective comes at the cost of 
degradation in at least one other conflicting objective. The result of the optimization is 
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not a single solution, but a set of solutions that represent the distributed approximation 
of optimal compromises between objectives. 

2.1. Model assisted evolutionary optimization 

Fitness model assistance is applicable to any evolutionary optimization scheme 
including multi-objective approaches such as NSGA-II [7], which is employed in this 
paper. In contrast to a conventional evolutionary strategy a model assisted evolutionary 
strategy (MAES) estimates the fitness using the data based model and performs a 
preselection prior to the true fitness evaluation. The basic algorithm is illustrated in the 
right part of figure 1. The model assisted evolutionary strategy generates p > initial 
candidate solutions rather than only  offspring via recombination and mutation of 
parents. Their fitness is estimated by the model and only the  candidates with best 
estimated fitness are subject to a true fitness evaluation. At the same time the new 
evaluations provide additional training samples to refine the fitness model online. Under 
the assumption of perfect fitness estimation, the model assisted strategy converges at a 
rate that is equivalent to a standard evolution strategy with p offspring only requiring a 
fraction p/ of true fitness evaluations. The analysis of the model assisted scheme on 
benchmark problems presented in [8] confirms that with proper model management a 
substantial portion of the theoretical performance gain is actually achieved.  

 

 
Figure 2. Evolution of the population for a standard NSGA II (left) and a model 

assisted multi-objective NSGA-II (right) over five generations. 

 

Figure 2 shows the evolution of the population in the objective space for the first five 
generations of an evolutionary run on a Kursawe-function [9], a popular two-
dimensional benchmark minimization problem. The two plots compare the evolution of 
a standard (20+40)-NSGA-II (left) with a model assisted NSGA-II (right) with p=120 
pre-offspring individuals. Notice that both schemes require the same computational 
effort in terms of number of true fitness evaluations. It is apparent that the model 
assisted variant converges much faster to the Pareto front. The performance of model 
assistance is significantly improved by actively controlling the ratio of true and 
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estimated fitness evaluations. Details on the working principle of controlled MAES 
are found in 

3. HIL - OPTIMIZATION OF HYDRAULIC VALVE CONTROLLERS 

In our application a highly parameterized non-linear controller of a servo solenoid 
hydraulic valve constitutes the target of optimization. A digital nonlinear gain PI-
controller with additional state-feedback element for D-characteristics controls the 
position of the valves piston that is measured by an inductive senor. To optimize the 
controller parameters the digital on-board controller of the original valve is replaced by 
a simulated controller running on a real-time board. The board is directly connected to 
the actuator and sensor of a real hydraulic valve. Figure 3 shows the experimental setup 
consisting of the hydraulic valve, the real-time board and the PC. The evolutionary 
algorithm runs on a PC that transfers candidate controller parameters to the real-time 
board which controls the valve. The reference stimulus is composed of nine step 
commands at different piston positions in order to evaluate the closed loop behaviour 
across the small, medium and large signal range. The observed step responses are 
judged according to multiple criteria. The objectives with respect to the individual steps 
are calculated and aggregated across the whole sequence. The optimization with respect 
to the objectives overshooting (MO), rise time (TR) and integral of squared time-
weighted error (ISTE) for three different classes (small, medium, large) of step 
amplitudes results in a five-dimensional Pareto front. Constraints are applied to focus 
the search on areas of the Pareto front that are relevant for practical applications. Aside 
from aspects of energy efficiency and experimental costs, a single fitness evaluation 
takes between one to three seconds. For an algorithm performing at least 5000 to 10000 
evaluations or even more, the runtime is up to 4 hours. The main motivation for the 
integration of fitness model assistance is to reduce the operation time of the 
optimization algorithm. 

 
Figure 3. Structure of the Experimental Setup 

3.1. Fitness model assistance for hydraulic valve controller optimization 

The impact on fitness modelling on the effort that is necessary for the optimization of 
this problem is discussed in detail in [10]. To compare the relations between the number 
of evaluations and the convergence to the multidimensional Pareto front, the S-metric, 

331



explained e.g. in [12], describes the dominated hypervolume of a given population. To 
compare the convergence of populations, the difference of S-metrics describes the 
closeness of the approximation to the front and at the same time the distribution of 
solutions along it. The results of the application of fitness model assistance given in 
figure 4 demonstrate the benefits of standard and controlled assistance in comparison 
with a standard algorithm for the optimization of the hydraulic valve controller. 
Comparing the true fitness evaluations needed to reach a satisfying convergence 
(horizontal dashed line) the model assistance saves up to factors between three (standard 
MAES) and ten (-controlled MAES). The final reduction largely depend on the desired 
quality of the approximation of the Pareto front.   

 

Figure 4. Residual S-metric on a logarithmic scale as a number of true evaluations  

3.2. Model based safety-constraint validation 

The central objective of the model-based safety check is, in contrast to the fitness model 
assistance, to avoid evaluations that might impose a risk, even at the expense of a 
sacrifice in the convergence of the optimization algorithm. For each prototype solution 
the controller performance is evaluated based on the system model in the same way it is 
later on evaluated on the real valve. Certain constraints are defined within the objective 
space. They provide the limits for solutions that are considered safe for evaluation. We 
define these constraints as a relative expansion of the constraints defined to limit the 
solution space to feasible final solutions, the amount of expansion constitutes a 
compromise between the necessary exploration of the solution space and the expected 
model quality that influences the deviations between real system criteria Qvalve and 
model based criteria Qmodel. All candidate solutions are judged by comparing their 
estimated Qmodel with the given constraints. Only solutions that meet the defined safety 
constraints are evaluated on the HIL system, other solutions are considered as faulty 
evaluations and receive the worst possible ranking without any actual evaluation. As a 
result a solution that is rejected because of its poor performance is undistinguishable 
from a solution that receives a poor forecast because of a large model error. Since the 
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model identification is based on a limited amount of training data, incorrect predictions 
occur inevitably. For the same reason it is not sufficient only to verify stability of a 
solution to allow it to be tested on the valve. Because model errors might also lead to 
false positive judgements, the tighter the constraints the more likely evaluations are 
limited to safe solutions. 

Figure 5 shows the integration of the safety model stage into the algorithm flowchart. 
The system I/O-data that is used to identify structure and parameters of the model in a 
separate optimization process is generated from the data gathered during real fitness 
evaluations. 

 

 

Figure 5. Evolutionary loop with fitness- and dynamic model stage 

3.3. Dynamic Model and System Identification 

The dynamic system model replaces the real hydraulic valve and its peripheral 
hardware, namely the power-electronic components and the inductive position sensor of 
the piston. This results in a model structure with a desired current ides as input signal and 
the simulated piston position p* as output signal. Figure 6 shows the model structure. 
The model itself consists of a serial combination of linear and non-linear components, a 
dead-time, a linear transfer function, a hysteresis element, a nonlinear gain characteristic 
and an additional proportional gain. The hysteresis is modelled as a linear combination 
of multiple simple backlash elements, each characterized by the backlash b and a gain g. 
The final model is identified with six of these elements. The nonlinear gain 
characteristic is defined by the linear interpolation between a set of support points, in 
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this case defined by four pairs of input- and output signal values x and y. The linear 
dynamics are modelled by a transfer function of forth order. 

  
Figure 6. Structure and parameters of the dynamic system model 

 

The model structure and its parameters are identified by applying an evolutionary 
algorithm capable of handling optimization problems with a variable structure [11]. The 
algorithm simultaneously optimizes the parameters for all model components and 
adapts the number of poles and zeros of the transfer function as well as the number of 
support points of the nonlinear characteristic and the number of hysteresis elements. 
The identification is based on I/O-data of the hydraulic valve sampled from experiments 
with the real hardware system. The actuating variable of the controller ides, the desired 
current for the solenoid, and the measured piston position of the valve are sampled, the 
identification error is calculated as the integral of absolute error between the true piston 
position and the model generated p*. Figure 7 shows the comparison of the output 
signal of model and real valve for a single validation data sequence. The experiment is 
based on a sequence of current input values generated from the same experimental setup 
used for controller optimization. 

 
Figure 7. Identification data and identified dynamic model step response 

334



4. EXPERIMENTAL RESULTS 

The functionality of the main goal of model assistence, the safety aspect, can not easily 
be proven by experiments since on the one hand the prevention of faulty or dangerous 
evaluations tolerates a high rate of false positives, a false negative result on the other 
hand might lead to undesired damage or danger. Despite the experiment does not 
impose a real threat due to the small size of valve used, intentional HIL testing of 
solutions that should fail a safety check is not sensible. The focus of the experiments is 
therefor to analyze the impact of the main parameter of the safety constraint, the 
expansion of the objective space constraints, to the convergence behaviour of the 
algorithm, using the safety of the optimization only as boundary condition. Choosing 
constraints to prevent dangerous evaluations is comparably easy but constitutes a 
compromise with regard to the prediction quality of the model that might limit the 
convergence of the algorithm not only to safe solutions but to solutions that fit with the 
dynamic behavior of the model. Assuming a limted model quality these solutions are 
only a subset of all feasible pareto-optimal solutions to the real problem, the analysis 
compares the convergence of the optimization using the S-metric explained already in 
chapter 3. The first analysis focuses on the impact of safety constraints, the conflicting 
impact of both model stages on the number of necessary fitness evaluations is the 
second aspect of the experimental results. 

 
Figure 8. Development of rejection rate due to safety constraints 

4.1. Constraint-based selection of safe prototype solution candidates 

The effectiveness of the model based safety constraint is evaluated by comparing the 
influence of constraints in terms of a safety threshold cm that describes the proportional 
extension of the conventional pareto-optimality constraints for the given objectives. The 
evaluation is based on the average of five experimental optimization runs using NSGA-
II with over 100 generation. Figure 8 analyzes the rejection rate that results for 
the different constraint configurations. This rate is the number of offspring individuals 
that are rejected due to safety violations divided by the number of offspring In the 
early stages of the optimization, starting with randomly initialized individuals, around 
95 % of the solutions fail the safety check. A higher safety threshold cm corresponding 
to less restrictive constraints is resulting in a faster reduction of the rejection rate, but 
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after only 10 generations or 500 evaluations that rate drops below 20 % and mainly 
stays inside this range for the remainder of the optimization.  

 
Figure 9. Model prediction error development 

 

For those solutions that pass the safety check their true HIL evaluation is compared to 
the dynamic behaviour predicted by the model stage. For each individual the model 
error is computed as the integral of squared error (ISE) between the model output and 
the measured output of the real system. Figure 9 compares the development of the ISE 
for the parent populations across generations. The average error shows a convergence 
that is equivalent to the one of the rejection rate at the beginning but remains constant 
for the remainder of the optimization. This residual error remains related to the 
constraint factor cm. The safety constraint indirectly introduces the model quality as an 
additional constraint into the optimization process; therefore the convergence of the 
algorithm is guided towards regions of the Pareto front that are properly represented by 
the model. This introduces a direct effect of the choice of the training samples used to 
identify the dynamic system model.  

 

 
Figure 10. Convergence comparison of two- and three-stage optimization 
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4.2. Three stage optimization results 

The combination of the fitness model assistence and the safety model constraints leads 
to a compromise in overall convergence. The slowdown of the convergence is a result 
of restrictions by the safety constraint and is partially compensated by the reduction of 
required evaluations due to the fitness model. The figure 10 presents an S-metric 
comparison of the convergence of an optimization with safety constraints as analyzed in 
the previous section and the full three-stage evaluation approach in which each selected 
individual is evaluated on two model stages and the final HIL stage.  

A factor cm=2 is chosen to define the safety constraints. The plots results from the 
average of five repeated experiments, using NSGA-II with  over 100 
generations and a p=200 for the fitness model assistance. The graphs show that after an 
initial phase of training the fitness model leads to a constant improvement of the S-
metric that is directly related to an improved convergence per evaluation ratio. 

 

 
Figure 11. Pareto front projections of the resulting solution set 
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The result of the optimization is the set of Pareto optimal solutions that describes the 
approximation of a surface in the five-dimensional objective space. Figure 11 visualizes 
this set for one of the optimization runs. The plot is based on the objectives calculated in 
the HIL experiment. The scatter plot shows the projection of the high-dimensional front 
onto all pairs of objectives, this leads to ten projected diagrams that each show the same 
set of solutions with respect to different combinations of criteria. All solutions fulfil the 
constraint requirements and constitute feasible controllers; a single result that is marked 
with a black circle in each plot is presented in detail in figure 13. 

Since all solutions are also evaluated based on the dynamic model a complimentary 
model objective space exists. The distribution of all individuals objectives in both 
objective spaces is used for a statistical analysis of the model quality. The figure 12 
shows a pair of boxplots that display the mean value, the quartiles and the 95 % 
percentiles for all objectives. Comparing the plots for model and HIL shows significant 
differences among the distributions, especially for TR and ISTEsmall. This indicates a 
sub-optimal model quality but confirms that the factor cm=2 is sufficient to prevent 
safety-critical evaluations. 

 

 
Figure 12. Boxplot comparison of model and HIL objectives 

 

The figure 13 shows the step response plots for both the real system and the dynamic 
model. The solution is chosen from the Pareto-optimal set and represents only one 
optimal compromise between all objectives and is therefore based on a subjective 
preference decision by the authors. The solution is stable, performs well across all step 
amplitudes and acts with the required precision. Compared to the model step response 
the real system responds faster and with a more pronounced overshoot, the model is 
only able to give a coarse approximation of the true dynamics.  
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Figure 13. Comparison of optimized controller operating on real hardware valve 

and dynamic model 

5. CONCLUSION 

The presented results prove that the method is basically able to operate as a safety 
mechanism for HIL optimization with safety-relevant configurations. Nonetheless the 
analysis on the impact of the model quality indicates that an insufficient dynamic model 
results not only in a limitation of the algorithm to safe evaluations but also leads to a 
premature convergence to those subspaces of the solution space that are well 
approximated by the dynamic model. Assuming an a priori partially unknown solution 
space this might eventually compromise the global convergence of the algorithm to the 
the pareto-optimal set. A remedy is the online adaption of the model during the 
optimization to ensure the models ability to simulate the system behaviour across all 
regins of the solution space. Since evolution mainly works based on local 
improvements, already evaluated solutions constitute a good basis for the training and 
refinement of the model. Experiments and analysis of requirements to the model and the 
sampled data to perform an online adaption are subject of future work. 
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ABSTRACT 

Air bubble may be generated in hydraulic systems at conditions of a release of dissolved 
air, a mechanical introduction of external air, an improper bleeding, a fluid 
contamination, an improperly designed reservoir and improper installation of air vents. 
Air bubble entrained in hydraulic fluids can create many problems in hydraulic systems. 
In viewpoint of reducing environmental burdens, saving energy, saving cost, high 
performance and high efficiency, one trend in hydraulic systems, particularly in off-
highway vehicle markets, is to be designed in a more compact fashion and requiring less 
hydraulic fluids in the reservoir and long lifetime of the working hydraulic fluids. Air 
bubble in hydraulic fluids must be eliminated to realize more compact and efficient 
hydraulic systems. 

Bubble elimination device using swirl flow capable of eliminating air bubble from 
hydraulic fluid has been proposed and developed by our smart & clean hydraulic project. 
In this paper, we focus on the technical issue for the air bubbles, principle of the bubble 
eliminator, and a numerical and experimental investigation of performance of the 
bubble eliminator. 

KEYWORDS: Bubble, CFD, Hydraulic System, Working Fluid 
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1. INTRODUCTION 

Hydraulic fluid is a power transmission, a lubricant, a heat transfer medium and even a 
sealant. This is a reason why the hydraulic fluid in reservoir is the most important 
component of the fluid power systems. Beyond its most basic role of providing fluid 
storage, the main functions of the hydraulic reservoir are to dissipate heat and allow 
contaminants of particle, water and air to settle out of the working hydraulic fluid. 
Traditionally, recommended reservoir size for mineral hydraulic oils has been three to 
five times the mean pump flow per minute. This formula devised with hydraulic system 
performance and reliability in mind. 

Air bubble may be generated in hydraulic systems at conditions of a release of dissolved 
air, a mechanical introduction of external air, an improper bleeding, a fluid 
contamination, an improperly designed reservoir and an improper installation of air 
vents. Air bubble entrained in hydraulic fluids can create many problems in hydraulic 
systems, such as acceleration of oil degradation by oxidation [8], decreasing lubricity 
caused by air emulsion, reduction of fluid viscosity, reduction of thermal conductivity, 
increase in heat load, cavitation erosion, higher noise emission, increase in 
compressibility, reduction of bulk modulus resulting in spongy operation and poor 
control system response and decrease in system efficiency. 

Air entrained in working fluids have greatly detrimental effects on function of the fluids 
power systems and lifetime of the hydraulic components and working fluids. In 
viewpoint of reducing environmental burdens, saving energy, saving cost, high 
performance and high efficiency, one trend in hydraulic systems, particularly in off-
highway vehicle markets, is to be designed in a more compact fashion and requiring less 
hydraulic fluids in the reservoir and long lifetime of the working hydraulic fluids. 

Our research group including of the authors have developed a newly device using swirl 
flow for effective bubble elimination. In our previous study, we have experimentally 
verified that using the bubble eliminator, temperature rise of fluids can effectively 
reduce and oxidation oil can be prevented [1] [2] [3]. Numerical analysis of the flow in 
the bubble eliminator is also carried out to obtain quantitative results characterizing 
bubble removal to provide guidance for designing the devices [4][5]. 

The performance of the bubble eliminator depends on the shape and dimensions of the 
device according to flow conditions. In this paper numerical results obtained by more 
accurate numerical simulation are stated to establish a design index of the bubble 
eliminator using the swirl flow. By means of experiments by flow visualization and 
numerical analysis, it is verified that the bubble eliminator can remove bubbles from 
fluid. It is investigated in the numerical simulation that conditions of fluids such as flow 
rate, viscosity, diameter of bubbles, and containing ratio of bubbles, and geometry of 
the device exerts influence upon performance of the bubble eliminator. 

2. PRINCIPLE OF THE BUBBLE ELIMINATOR 

Figure 1 illustrates the principle of the bubble eliminator. The tapered-tube type device 
is designed such that a chamber of cross-sectional round shape becomes gradually 
smaller and connected to a cylindrical shaped chamber [6]. Working fluids with bubbles 
flow tangentially into the tapered-tube from an inlet port and forms a swirl flow that 
circulates fluid through the flow passage. The swirl flow accelerates towards the 
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downstream. Bubbles are trapped in the vicinity of the central axis because of a 
difference in the specific gravity of the oil and the bubble, and collected near the range 
of a vent port where the pressure is lowest. When some back pressure is applied by a 
check valve or an orifice located at the downstream side of the bubble eliminator, the 
bubbles are ejected oneself through the vent port. The dissolved gas in the fluid is also 
eliminated through the bubbles extracted at the pump suction side under the negative 
pressure. In the previous study [3], it is experimentally confirmed that the bubble 
eliminator has been able to eliminate efficiently the entrained bubbles and dissolved 
gases from the working fluid. 

 
Figure 1. Principle of bubble eliminator 

3. EXPERIMENTAL FLOW VISUALIZATION 

Figure 2 illustrates the experimental fluid circuit for the flow visualization. Working 
fluid in a capacity of 30 litters reservoir fed by a variable feed flows to the transparent 
bubble eliminator. A pump delivery flow rate varies from 5 to 30 L/min. A transparent 
bubble eliminator for flow visualization is made from an acrylic resin. The digital video 
camera is set at a flank of the transparent bubble eliminator. A growth pattern of the 
trapped bubbles by the swirl in the bubble eliminator can be observed. The reservoir is 
also made from the acrylic resin because we can observe the behaviour of flow inside 
the reservoir. At the suction side of the pump, a throttle valve is installed for admission 
of air into the circuit. In all the connection line for the bubble eliminator, namely inlet, 
outlet and vent, couples of flow meters are installed to determine the average density of 
running fluid. The mass flow rate of the running fluid is measured with a Coriolis-type 
mass flow meter, while a volumetric flow rate is measured with a volumetric flow meter. 
These flow data allow us to determine the average density. The working fluid (Daphne 
Super Hydraulic Fluid #32) for oil hydraulic systems is used in the experiments of the 
flow visualization. The working fluid has a kinetic viscosity of 32 mm2/s at the fluid 
temperature of 40 degrees centigrade. Temperature of the oil in the reservoir is kept 
within ±1 degrees centigrade.  

343



Figure 3 illustrates a snap shot of the digital camera which shows a close-up photograph 
of the transparent eliminator. The swirl flow occurs and the bubbles are collected near 
the taper-end portion along the central axis. 

 

 
Figure 2. Principle of bubble eliminator 

 

 
 

Figure 3. Transparent bubble eliminator 
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4. NUMERICAL ANALYSIS 

4.1. Definition of  numerical analysis 

We perform flow analysis of fluid for a two-phase flow characteristics and volume 
fraction of air bubbles in the bubble eliminator using the numerical calculation software; 
STAR-CD. A utilized mesh is the Polyhedral. The established meshes and definition of 
the coordinate are shown in Figure 4. The central axis of the device is coincident with 
z-axis, making the positive direction of the z-axis downward and the origin is located at 
the upstream end. Geometric parameters of a standard device used for simulation are 
illustrated in Figure 5 and dimensions are tabulated in Table 1. In all cases of 
comparison, basic conditions of working fluids are the kinetic viscosity of 31.3 mm2/s, 
the diameter of mixed air particles of 0.3 mm and the volume ratio of the air Ar 
contained in the oil of 5%. In order to evaluate quantitatively performance of bubble 
eliminator, the rate of bubble removal E is defined as follows;  

100
in

e

N

N
E                                                                                                     (1) 

where Nin is the volume flow of bubbles in fluid at the inlet port and Ne is the volume 
flow of bubbles in fluid at the vent port. 

 

 

 
Figure 4. Mesh and coordinate definition for CFD 
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Figure 5. Geometry of bubble eliminator 

 

 

Table 1. Dimensions of standard model 

 
 

4.2. Comparison with conditions of fluids 

Simulation results in the case of flow rate Q varied from 3 to 12 L/min are shown in 
Table 2 and Figure 6. The simulation results show the increase of flow rate cause 
improvement of the rate of bubble removal.  

This is because that a larger centrifugal effect is generated by increasing the inlet 
velocity and longer length of zone of the lowest kinematic pressure. This phenomena 
lead to significant improvement of the rate of bubble removal. 

 

Table 2. Comparison with flow rates 

Q [L/min] A r [%] φd [mm] ν [mm2/s] E [%]
3 5 0.3 31.3 14.8
6 5 0.3 31.3 29.1
9 5 0.3 31.3 47.5
12 5 0.3 31.3 74.9  

 

D [mm] D 1[mm] D 2[mm] Wi [mm] Hi [mm] L [mm] L 1[mm] L 2[mm] L 3[mm]
16 9 2.8 2 4 48 4 9 160
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Figure 6. Characteristic of kinematic pressure by inlet volumetric flow 

 

Table 3. Comparison with air ratio 

 
 

Table 3 shows simulation results to compare influence of the different volume content 
of bubbles in fluid Ar. It is observed that as the Ar increases, the rate of bubble removal 
E decreases. In this simulation bubbles are regarded as solid particles without mutual 
mixing or collapsing of surface film, having same diameter as a sphere. Therefore, the 
bubbles can be assumed that so many bubbles are disturbed to move to vicinity of z axis. 

The simulation results comparing rate of the bubble removal caused by different 
diameter of entrained bubble is shown in Table 4. As the bubble diameter become larger, 
bubble removal rate becomes larger. It is because bubble diameter becomes larger, then 
cyclone effect applied by centrifugal force increases. 

Comparison of influence for rate of bubble removal by viscosity of fluids is show in 
Table 5. Temperature of fluids increases and kinetic viscosity becomes lower, bubble 
mobility becomes higher and the rate of bubble removal increases up to 100% under the 
conditions of temperature 100 degree centigrade. Figure 7 shows characteristics of 
simulated kinematic pressure distribution by kinetic viscosity of fluids varied in three 
cases. We can observe that generated centrifugal force causes longer zone of the lowest 
kinematic pressure. 
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Table 4. Comparison with size of air particles 

Q [L/min] A r [%] φd [mm] ν [mm2/s] E [%]
6 5 0.1 31.3 10.9
6 5 0.3 31.3 29.1
6 5 0.6 31.3 49.4
6 5 0.9 31.3 62.9  

 

Table 5. Comparison with kinetic viscosity 

Q [L/min] A r [%] φd [mm] ν [mm2/s] E [%]
6 5 0.3 31.3(@40℃) 29.1
6 5 0.3 14.9(@60℃) 47.7
6 5 0.3 5.4(@100℃) 100.0  

 

 
Figure 7. Characteristic of kinematic pressure by kinetic viscosity 

4.3. Comparison with geometric parameters 

Regarding width Wi and height Hi of the inlet port, and length of the taper tube L2, 
numerical simulation is carried out in the conditions of various dimensions.  

Figure 8 illustrates different aspect ratio of the inlet ports. As the cross section area of 
the inlet port is kept constant value of 8 mm2 and an average sectional velocity is same 
in all conditions. Table 6 shows simulation results comparing the rate of bubble removal 
in cases of width Wi and height Hi are varied. When the width of inlet port becomes 
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wider, the rate of bubble removal increases slightly. But the difference is not so 
significant because of the average velocity through the inlet port is same condition. 

 

 

 

Figure 8. Model of aspect ratio for inlet port 

Table 6. Comparison with aspect ratio of inlet port 

Q [L/min] ν [mm2/s] Wi [mm] H i [mm] E [%]
6 14.9 2.0 4.0 48
6 14.9 2.5 3.2 51
6 14.9 3.2 2.5 51
6 14.9 4.0 2.0 52  

 

 

 

Figure 8. Model of aspect ratio for inlet port 
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Simulation results comparing the rate of bubble removal in the different length L2 of the 
taper portion is shown in Table 7 and Figure 9. The angle between the axial direction 
and sloping inner contour of the cross section is referred as the taper angle θ, which is 
used in Table 7. It is understandable that the taper portion becomes longer and taper 
angle becomes stepper, the rate of bubble removal increases. In case of longer taper 
portion the concentration of volume fraction of air increases and most concentrated 
portion is located near for the vent port, and the bubble removal with high performance 
can be attained. 

Table 7. Comparison with length of tapered tube 

 
 

 
Figure 9. Comparison for length of tapered tube 
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The previous numerical simulation indicates that diameter of the vent port influences 
the rate of bubble removal [7]. In this paper, we have investigated to increase outflow of 
bubbles from the vent port, by means of installation of a throttle (throttle diameter dt). 
Simulation result comparing the rate of bubble removal in the difference of geometry of 
vent port is shown Table 8 and Figure 10. To install a fillet for the vent port and 
squeeze the throttle, then rate of bubble removal increases and the highest volume 
fraction area moves to outlet of the vent port and concentration ratio of the volume 
fraction increases.  

Table 8. Comparison with diameter of throttle vent 

Figure 10. Comparison for diameter of throttle vent 
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However, care must be taken throttling should not exceed more than some degree, to 
avoid over throttling and to prevent rate of bubble removal decreases. 

5. CONCLUSIONS 

The request for environmental compatibility in the field of hydraulic systems has risen 
drastically in recent years. When the oil temperature rises and the oil degradation is 
accelerated, the additional energy must be consumed for cooling the hydraulic oil and 
the capacity of the oil reservoir must be larger. The bubble eliminator can be solved the 
problem concerning the air entrainment in the hydraulic systems. The bubble eliminator 
is the essential device to reduce energy loss and to prevent deterioration of the oil. The 
new design of hydraulic system including the bubble eliminator is necessary for 
environmental compatibility of hydraulic systems. 

In this paper the performance evaluation of the bubble eliminator is studied through 
numerical simulation for the rate of bubble removal to establish design index of high 
performance bubble eliminator. For the bubble eliminator, we have investigated 
influence of conditions of fluids such as flow rate, viscosity, diameter of bubbles and 
geometric parameters of the device.  

The scientific visualization techniques are effective tool to understand the behaviour of 
the swirl flow and to provide quantitative insight into bubble eliminator. The results 
obtained from the numerical simulation and visualization techniques bring much hope 
to establish design standards of the bubble eliminators in engineering fields. 
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ABSTRACT 

Earth pressure balance shield tunneling machine is the most common equipment for 
underground construction. An important approach to achieve earth pressure balance is 
precise pressure regulation of hydraulic thrust cylinders. Pressure relief valve and 
pressure reducing valve are usually adopted to regulate the pressure on the shield 
tunneling machine. The goal of this paper is to work out a strategy to control the 
pressure with good steady-state and dynamic performance. Taking proportional pressure 
relief valve as the example, inverse dead band compensation, PI controller and adaptive 
robust controller are discussed in this paper. Implement of adaptive robust controller is 
illustrated. Natural frequency, gain, and dead band are regarded as unknown parameters, 
and they will be identified by the controller. A first order system, as a simplified model 
of proportional pressure relief valve, is simulated to show how the controller works. 
Error feedback and parameter identification are adopted in adaptive robust controller, 
and it is possible to achieve pole placement and get good performances. 

KEYWORDS: control strategy, shield tunneling machine, pressure regulation, 
adaptive robust control, pressure relief valve, simulation 

1.  BACKGROUND  

Shield tunnel machine is a large and complex machine for underground tunnel 
excavation. It is used in underground rail lines, urban pipelines, submarine tunnels and 
water conservancy, etc.  Excavation activities are usually processed under earth pressure 
balance condition, especially in unstable stratum.  During excavation, the earth pressure 
in the working chamber is expected to be the same as that in front of the cutter head.   

Earth pressure balance shield tunnelling machine (EPB shield) is one commonly used 
type.  Figure.1 shows the concept of EPB shield.  The EPB shield is mainly composed 
of cutter head and its drive motors, screw conveyor, thrust hydraulic cylinders and 
segment erecter.  During excavation process, cutter head keeps rotating.  Scraping cutter 
and rolling cutter on the cutter head cut off the soil from stratum.  After been cut off, 
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soil goes into the working chamber behind the cutter head, and the soil will be 
transferred out by screw conveyor.  The advancing thrust force is generated by thrust 
hydraulic cylinders.  The idea of earth pressure balance requires the pressure exerted by 
the EPB shield to be the same as the superposition of earth pressure and water pressure 
in the soil.  If not so, stratum deformation may be induced due to the unbalance force.  
Some excavation face stability conditions are studies in [1].  There are two methods to 
adjust the earth pressure.  For instance, earth pressure is expected to be reduced.  One 
way is to adjust down the rotating speed of screw conveyor.  More soil will be 
transferred out of working chamber, and pressure in working chamber reduces.  
However, the soil capacity that transferred out should be equal to the soil capacity 
which has been cut off, which is rather difficult to achieve. 

  
Figure 1. Structure of a typical earth pressure balance shield tunneling machine 

The other way is to adjust pressure of the thrust cylinder.  Thrust system is an important 
part of shield tunnelling machine, which generates thrust force to push the machine 
forwards.  Thrust system controls the advancing orientation and posture adjustment of 
shield tunnelling machine.  Pressure relief valve and pressure reducing valve are usually 
adopted to adjust the thrust pressure.  In this paper, proportional pressure relief valve is 
studies. 

2. CONTROL STRATEGIES 

Our goal is to control the output pressure of the proportional pressure relief valve with 
good steady and dynamic performance.  As Figure.2 shows, the valve has a dead-band-
liked horizontal part at the beginning, then nonlinear gain at the turning point, and some 
hysteresis in the linear range.  For the valve is mainly working in the linear range, the 
linear equation is concerned. 

 
Figure 2.  Characteristics for the proportional pressure relief valve 
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Figure.3 shows an abstract input-output model for the proportional pressure relief valve.  
Nonlinear gain and hysteresis are ignored in the model.  The problem is to deal with the 
dead band and variety of the pressure vs. current curve caused by the change of flow 
rate through the valve.    Both problems will cause steady-state error of pressure control. 

 
Figure 3.  input-output model for the proportional pressure relief valve 

2.1. Inverse Dead Band Compensation 

One common method to deal with nonlinear factor is inverse compensation.  The dead 
band may also be overcome by using inverse dead band compensation.  A step signal as 
compensation signal is added to the control signal.  It is rather easy to achieve the 
compensation if the dead band has been identified beforehand.   

It is not able to deal with, however, the variety caused by the change of flow rate.  If 
flow rate through the valve changes, flow force on the spool will change and the output 
pressure will change afterwards.  This means the same given control signal may have 
different output pressures.  Sometimes this difference is significant.  

 
Figure 4. Three kinds of inverse dead band compensations 

As Figure.4 shows, ‘i’ is the control current and ‘p2’ is the desired regulation pressure.  
If current compensation signal leads to accuracy compensation, output pressure will be 
regulated to ‘p2’.  Yet, the variety induced by the changing flow rate causes over 
compensation or under compensation, which will induce to new pressure control steady-
state error.  Over compensation induces the output pressure to ‘p1’, or under 
compensation induces the pressure to ‘p3’. These are unacceptable. 

2.2. PI controller 

PI controller is widely applied in practice.  The controller’s structure is not complicated 
and easily accepted by most users.  It is able to eliminate steady-state error, which 
overcomes the error caused by dead band or improper compensation. 
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On the other hand, PI controller reduces the system bandwidth.  Because the open loop 
transfer function of the valve together with the PI controller contains an integral part.  
And this increases the system order, which makes the system more complicated.  Error 
feedback, as PI controller adopts, may not achieve pole placement if the number of 
output variables is less than the system order, which means valve dynamics is not able 
to be controlled perfectly. 

2.3. Adaptive robust controller 

Adaptive robust control, proposed by Yao [2], is able to ensure steady-state and 
dynamics performances if proper tuning is done.  Some research works about unknown 
non-symmetric dead-zone tracking appears in [3], [4], and [5].  And Adaptive robust 
control is successfully applied in Motion Control of hydraulic cylinder in [6], [7]. 

In this paper, the adaptive robust controller is proposed to be adopted in pressure control.  
This controller is an integration of feedback control and model identification.  State-
space equation is used to describe the plant, as shown in formula 1. 

Tx = φ θ + bu                    (1) 

where :
x :  state variables
φ : known function
θ : system parameters
b : input parameters
u : input signal
x : desired valuesd
z : x - x , tracking errord
θ̂ : estimated values

ˆθ : θ -θ, estimation error
θ̂ : derivative o



 f  estimated values

 

The idea of adaptive robust control is shown as Figure.5.  The goal is to minimize the 
tracking error z=x-xd.  Assume that the plant can be described by certain mathematical 
functions which are perfectly known.  However, the weights of these functions are 
unknown.  The model compensation is adopted to cancel the effect caused by Tφ θ , 
either linear or nonlinear functions, in the plant.  

 
Figure 5. Diagram of adaptive robust control 
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Error feedback is introduced to the controller for stabilization of tracking error z.  
Firstly, if Tφ , θ  and b is perfectly known, the error dynamics becomes: 

 -1 T
d

T T
dz = φ θ + b u - x = φ θ + bb x -φ θ - x = 0d              (2) 

This implies z will not converge to zero if its initial value is not zero.  When error 
feedback is adopted, error dynamics becomes: 

dz = x - x                  (3) 
T

dz = φ θ + b u - x                 (4) 

  T -1 T

d S dz = φ θ + b b x -φ θ - k z - x                    (5) 

sz = -k bz                (6) 

And the tracking error converges to zero as time goes infinite.  In practical application, 
however, θ and b are unknown, or not perfectly known.  These parameters are replaced 
by their estimated values in the model compensation.  In this case, error dynamics 
becomes: 

T
dz = φ θ + b u - x                (7) 

  T -1 T
d s d

ˆ ˆz = φ θ + b b x -φ θ - k z - x               (8) 

   -1 -1 T
s d

ˆ ˆ ˆ ˆ ˆ ˆˆ ˆ ˆz = -bk z + b b - b x + b φ bθ - bθ + bθ - bθ            (9) 

 T -1 T
s d

θˆ ˆz = -bk z - φ , b x -φ θ
b

        



 


           (10) 

Select   2 T1 1V z = z + η ×η
2 2

   as Lyapunov function, and  T T -1 T
d

ˆ ˆη̂ = z = φ , b x -φ θ z    
   as 

adaptive control law, where η = θ, b  
  is the augmented vector of parameter 

identification, and  T -1 T
d

ˆ ˆ= φ , b x -φ θ   
 .  The input parameter ‘b’ is assumed unknown 

here.  And tracking error z is global asymptotically stable, which means convergence of 
z. 

There are some modelling error, disturbances and noise existing in the process.  All 
these uncertain factors are lumped as symbol  .  These uncertainties may induce to 
failure of convergence.  In practice, projection should be applied to hold the estimated 
values within their reasonable bounds.  Moreover, robust control law is introduced to 
the controller to deal with uncertainties.  Bound estimation of the uncertainties and 
parameter estimation error should be done first, which is given by: 

 max min max
η+Δ η + Δ η -η + Δ                 (11) 

Then robust control law is given by: 

    s2 max min max
u = -sgn z η - η + Δ              (12) 

Error feedback and robust control are mainly for the convergence of tracking error, 
while the adaptive control law which tunes the model parameters is for parameter 
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identification.  When model parameters are not identified perfectly, error feedback and 
robust control ensure the tracking control works.  Meanwhile, model compensation 
control signal is more like disturbance signal.  When parameters are identified properly, 
control signal given by model compensation is exactly what the plant needs.  This will 
minimize the tracking error. 

Persistent exciting condition (PE condition) should be hold to ensure the estimation 
converges.  If nth order system is going to be identified, at least n different frequency 
signals, within the system bandwidth, should be given persistently.  For example, y(t) = 
sin2t + sin 5t should be given to a second order system during identification. 

3. IMPLEMENT  

Proportional pressure relief valve can be regarded as a third-order system.  As shown in 
formula (13), it is composed of a first order system and a second order system.  For 
most situations, natural frequency of first order system is lower than that of second 
order system.  Hence the valve is usually regarded as a first order system for 
simplification. 

0
2

m
2
m m V

ΔP KG(s) = =
Δu 2ζ ss s+ +1 +1

ω ω ω
  
  

  

           (13) 

If the valve is considered as a third order system with dead band ‘a’, the valve can be 
described as: 

 
3

3 2 2 1

K u - a
P =         

m s + m s + m s +1
           (14) 

3 2 1m P + m P + m P + P = Ku - Ka            (15) 

Define 1 2 3x x x = P P P  
  , and formula (15) bbecomes: 

1
1

2
2

3
3 2 1

3 3 3

x
x 0 1 0 0 0

x
x   =  0 0 1 0 + 0 u

x
x m m K1- - - -Ka 1m m m

 
                             







         (16) 

Define  
T

T T T2 1
3 1 2 3

3 3 3

m m 1x x ,φ x x x 1 ,θ = - - - -Ka ,b = K
m m m

 
   

 
  ,     

Then the identification function only contains state variable x3, which is: 

   T2 1
3 1 2 3

3 3 3

m m 1x   = - - - - Ka x x x 1 + Ku
m m m

      
      
      

        (17) 

The augmented identification vector and its adaptive control law are given as: 
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   TT 2 1

3 3 3

m m 1η = θ, b = - - - - Ka K
m m m

      
      
      

        (18) 

 T 2 1
1 2 3 3d 1 2 3 3

3 3 3

ˆˆ ˆm m 1 ˆ ˆη̂ = x x x 1 x + x + x + x + Ka K z
m m m

      
      

         

       (19) 

Robust control law is given as: 

    s2 3 max min max
u = -sgn z η -η + Δ            (20) 

One proper stimulus signal that ensures convergences of parameters is given as: 

     1 2 3y(t) = B sin 1.2ωt + B sin 2ωt + B sin 4.5ωt          (21) 

where 1 2 3B ,B ,B are the amplitudes, and ω  is a basic frequency. 

4. SIMULATION STUDY 

In the simulation, the valve is composed with a dead band and a first order system.  
Assume that the dead band ‘a’, the gain ‘K’ and the natural frequency ‘ ’ are unknown. 
In the simulation, the valve is described as: 

 
0;(0 0.5)

4 0.5
;( 0.5)

12

u
P u

u
s

 
 

 

             (22) 

where ‘P’ is the output pressure and ‘u’ is the input signal.  The simulation is done in 
Simulink/Matlab environment.  The goal is to track the given signal, and to have the 
parameter identification done.  The given signal is y(t) = 20sin4t.  Noise, disturbances 
are not introduced to the simulation.  Model compensation, error feedback and adaptive 
control law are applied.  Simulation lasts for 20 seconds, and the results are shown as 
Figure.6, Figure.7, Figure.8, and Figure.9. 

 
Figure 6. Tracking error 

Figure.6 shows the tracking error.  After 10 seconds, the tracking error is less than 0.1, 
which is less than 0.5% of the input signal.  The identified natural frequency, gain and 
dead band are shown in Figure.7, Figure.8, and Figure.9, respectively.  The natural 
frequency converges to 12, and the gain converges to 4, which are their true values, 
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respectively.  The dead band converges to about 0.43, and there exists some estimation 
error.  There are some ripples in the identification curves, for the error crosses the zero 
alternately, making the integral results of these parameters increase and decrease 
alternately.  Even if there is some estimation error in dead band, the tracking control has 
a good performance.  Since natural frequency is identified perfectly, pole displacement 
is available. 

 

 
Figure 7. Identified natural frequency 

 
Figure 8. Identified gain 

 
Figure 9. Identified dead band 
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5.  DISCUSSION 

In this simulation study, error feedback is the same as state feedback.  PI controller 
deals with the problem by using root locus method.  Since first order system is selected, 
only one root has to been placed.  Root locus method totally becomes pole placement.  
Hence, PI controller also has a good performance in the simulation.  If high order model 
is selected, PI controlled may just apply root locus method with some restriction. 
Prefect achievement of both steady-state and dynamics performances is not realistic. 

The natural frequency v of first order system varies if the control volume changes.  As 
shown in formula (23) and (24), uncertainty in v  will make all the coefficients k1, k2 
and k3 unknown, which makes pole placement difficult to achieve.  

2
m

2
m m V

2ζ ss s( ) + +1 +1
ω ω ω

s
  

   
  

            (23) 

3 2
3 2 1( ) 1s k s k s k s                 (24) 

The interpolation method is proposed to solve the problem.  Some mathematical 
expression for v  has been already worked out based on theoretical study.  Or v  can 
be described by some experimental results.  Firstly, different volumes are fixed, and a 
series of identifications for v  are done.  An approximate curve can be drawn.  Then 
the relationship between v  and volume is known.   

Displacement of hydraulic cylinder or rotational angel of hydraulic motor should be 
detected to calculate the control volume at the moment.  Then we have a suitable 
estimated value of v  by using interpolation.  Pole placement is done at last. 

6. CONCLUSIONS 

Investigation into control Strategies for pressure regulation by using proportional 
pressure relief valve is studied in this paper.  The goal is to achieve precise pressure 
regulation with good steady-state and dynamic performances. 

Inverse dead-band compensation, which is widely used nowadays, can more or less 
overcome the dead band.  It is not able to deal with the variety caused by the change of 
flow rate.  There is still some steady-state error existing. 

PI controller is able to eliminate steady-state error.  It can be applied to overcome the 
error caused by dead band and change in flow rate.  Since only error feedback is done, 
pole placement is not possible, and valve dynamics is not able to be controlled perfectly. 

According to theoretical study, adaptive robust controller is able to eliminate steady-
state error and also adjust the valve dynamics.  The simulation shows that this control 
strategy has a good tracking performance.  Through the process, the controller can have 
parameter identification done by itself, and pole placement is available.  Valve dynamic 
performance can be improved. 
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ABSTRACT 

Modern work machines contain several digital computers which are utilized to monitor 

and control the operations of the machines. For advanced control, the connections to the 

machine dynamics are required. This paper describes the design and implementation of 

the low level control system which controls the actuators of the wheel loader. The low 

level control system offers a control interface for higher level control systems and for 

human interaction. The designed interface is an abstract so that higher levels do not 

require the specific information of the actuators and sensors. The safety critical role of 

the control system has taken into account at all levels of the design. Especially error 

detection and handling are issues that affect reliability, availability and robustness. The 

wheel loader is under continuous development because it is used as a research platform. 

Continuous development process sets requirements like expandability and maintenance 

for control system and its architecture. To fulfill all requirements, the low level control 

system is distributed utilizing independent control units. The distributed architecture 

assures a flexible and modifiable implementation of the system. 

KEYWORDS: Autonomous Machines, Control System, Wheel Loader, Architecture 

1. INTRODUCTION 

This paper introduces the low level control system which is implemented in the 

autonomous wheel loader shown in Figure 1. The wheel loader is used as a study 

platform for the research work where the control system enables development of the 

user interfaces, diagnostics, autonomous functions, and higher level control systems. 

Architecture and designed solutions which are introduced can be utilized also with the 

other machines.  

Forestry, construction, mining, and farming machines involve several computers for 

controlling, measuring and managing the operations of the machines. Mainly, 

computers and ECUs (electronic control unit) are utilized for conventional control 

routines but advanced autonomous and computer-aided operations are developed. For 
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example autonomous traveling has been developed and utilized successfully mining and 

farming machines [1][2][3]. 

 

 

Figure 1. Modified Avant 600-series wheel loader. 

Study platform is a modified articulated-frame-steered Avant 600-series wheel loader 

which is suitable for field testing as a small-sized machine [4].  The architecture of the 

system is based on the three hierarchical levels where the levels are connected to each 

other via communication channel. Tasks managing, multi-machine control, and 

information systems are in the highest level.  The second level consist navigation 

systems, object recognition, and tasks execution. Now the focus is on the lowest level 

which involves control routines, connections to vehicle dynamics, and machine safety 

and diagnostic properties.  

The control units of the low level control system are programmable logic controllers 

manufactured by Epec Oy. Units offer an easy and fast programming interface using 

PLC-programming (programmable logic controller) which is fast and an effective way 

to develop the new properties of the machine. Code download and communication are 

done via CAN (controller area network), which reduces wires in the vehicle. [5] 

The actuators and diesel engine of the wheel loader are modified or selected to be an 

electronically actuated and these are connected to the low level control system. For 

feedback there are several sensors like inclinometers, pressure, temperature, and 

position sensors. Installed sensors provide feedback for control and measurements for 

higher level systems. Sensors and actuators are connected to the control system via 

analog signals or CAN-messages. The system has reserved resources for connecting 

more actuators or sensors to the control system because of the expected demand of 

research and developing.  
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Hydrostatic power transmission of the vehicle is controlled with an electronically 

actuated variable displacement pump and fixed displacement motors. Pump 

displacement and rpm of the diesel engine determine a driving speed. Figure 1 

represents a simplified hydraulic diagram of the wheel loader.   

 

Figure 2. A simplified hydraulic diagram.  

Working hydraulics and steering are in the same hydraulic circuit with two fixed 

displacement pumps. Electronically actuated proportional valves control a hydraulic 

cylinder of the steering and work hydraulic cylinders. The hydraulic cylinder of the 

steering rotates a centre link angle of the wheel loader. The volumetric flow rate of the 

work hydraulic circuit is determined by controlling rpm of the diesel engine. Steering 

has higher priority than work hydraulics if a volumetric flow is limited. Automatically 

controlled rpm of the diesel engine is based on the requirements of the driving, steering 

and work hydraulics.  

2. FUNCTIONAL AND DEVICE DISTRIBUTION 

The object of the functional and device distributed approach is to achieve the 

expandable, modular and adjustable control system. In contrast to a centralized 

approach the functions of the distributed system operate independently. Modern control 

systems have been distributed a while but still distribution cause challenge especially in 

the safe design. Safety has divided into local and global safety levels which ensure 

failure detection and reaction in all situations.  

The devices of the low level control system are distributed via one main bus and five 

sub-busses.  PLC-programmable control units are connected to the main bus where the 

internal messages of the control system are delivered. Internal messages, containing 

required information about the functionalities of the system, are intended between 

control units. Other busses are utilized for delivering messages between actuators, 
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sensors, and control modules. The only programmable control unit which is not 

connected to the main bus is Measurement-unit. Measurement-unit is utilized to 

measure pressure and pulse sensors without any control activities. Figure 3 presents 

devices and connections. CAN1 is the main bus of the system and other busses are sub-

busses. Colored boxes are programmable control units. 
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Figure 3. Distributed control system of the wheel loader is hierarchical. 

Modules of the system are independent components which have an interface to connect 

other modules. In the control system Master control unit is one module itself. It attends 

to error handling, operational state and parameter changing of the control system. Main-

module is another module and it consists of the control unit and devices attached to it. It 

manages the engine including torque and speed control. Driving speed is also controlled 

by Main-module. Inputs to driving, engine control and power transmission pump 

control can be changed utilizing roles. 

Work-module is composed of the work control unit, the connected sensors, work 

hydraulic valves, and resolver. The resolver measures the angle of the articulation frame 

the machine. Tasks of Work-module are controlling steering and work hydraulic. 

Inclinometers and Measurement-unit on CAN4, and the connected control unit with 

sensors found Bucket-module. The module is responsible for the positions control of the 

boom, bucket and telescope.  

The last module consists of Display and Odometry-module with the sensors. Odometry 

measures the rotational speeds of the wheels using hall sensors. Display-module 

communicates with the devices of the teleoperation, external control systems, and 

measurement systems. Communication with other systems is reserved on the CAN6. 

Display-module acts such as a middleware which converts the messages to a proper 

form for the control system. Utilization of middleware enables to a modifiable and 

customable interface which is essential in the dynamic environment. Middleware has 

advantages in safety because then other systems do not have a direct effect on the 

functions of the wheel loader and access control can be implemented only in the one 

place.  
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Distributing devices to multiple busses reduces the load of the single bus which enables 

the system to be designed more expandable. Topology of the system is selected to be a 

hierarchical tree structure [8][9]. Master-module is a root of the system and other 

control units in the main bus are its children. These control units have children which 

are connected via sub-busses or I/O-lines. In hierarchically devices, which are directly 

connected to control units, are the lowest level and other devices on the sub-busses are 

the second lowest level. All of these devices are connected to one control module which 

is at the higher level. Purpose of structure is to clarify responsibilities and keep control 

of the whole system under Master-module. 

Every control unit has a specific role which defines the tasks and parameters of the 

module. Roles are dynamical so they can be changed during operation but only Master 

control unit can change these roles. The purpose of the high responsibility of Master-

module is to ensure safety and consistency of the system. When new roles are 

implemented into the system, they are also added in Master-module. Despite the strict 

routine of Master-module, dynamic roles are still a flexible and modifiable way to add 

new properties. Also the implementation of the alternative operation routines is possible 

via dynamic roles, which is important property when testing new functionalities. 

The electronics of the wheel loader are connected to control units or directly to CAN-

busses. The changes of the electronics or hardware effect on the software of the control 

units. If changes are related only one part of the vehicle, the changes have effect only 

one control unit at a time. Utilization of CAN-busses enables connecting and 

disconnecting devices in the control system even online. As described the roles include 

the software and hardware which is why selected hardware design affects on the 

functionalities of these roles.  

Modularity of the control system is based on the control units, devices that have been 

connected to them and software. These modules have hardware and software interface 

which defines how module is connected to other modules. The interface of hardware 

specifies required connections to other modules like required power connections, I/O-

interface, and bus connections. Software interface defines received and transmitted 

messages which are CAN-messages in this application.   

All programmable control units have the same internal software structure which unifies 

the design and implementation process of the modules. The same software structure and 

common libraries allow the changing and sharing of code between modules. The 

structure of the software is presented in Figure 4.  

Init SensorsInputs State Control logic OuputsCommands

Error

Yes

Error

No

Init

Required
Yes Yes

No

No

 

Figure 4. Control units have same internal software structure. 

When the system is activated, the execution goes at first to initialization. After 

initialization is passed without errors, the normal execution cycle is ready to start. At 

the first execution routine reads received inputs and then confirms sensor data to proper 
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form. Third phase reads commands and instructions from the user and other modules. 

When commands are received, the state machine selects active operational modes 

utilizing commands and active errors. The selected operational mode determines active 

control routines which are calculated in the control logic block. Last block sets outputs 

and transmits messages. Before a new round is executed active errors are checked and 

execution checks that no initialization is needed. Execution is cyclic and the next round 

is started after the defined time interval.  

Similar software structure in each device and utilization of common libraries are 

advantage in testing and problem solving. The devices and modules operate equally and 

test cases could be reused. 

3. OPERATION OF THE SYSTEM 

The attention in the network and software design is at delivered information between 

modules. Message transmission causes dependencies in the system which decreases the 

independence of the modules. Dependencies also have a tendency to increase the 

complexity of the system.  

The limited capacities of the communication channels and required resources for 

message handling are properties, which are taken into account when communication is 

designed. Functionalities are distributed so that dependencies between modules and 

functions are one-way, that is the same function only offers or requires information 

from other modules. This is not always the case, but mutual dependencies are avoided 

whenever it is possible. In the design of the distributed system also delays, time 

difference, global parameters, and global states have to be taken into account. Timing 

errors and delays might cause problems with control, system management and fault 

detection. Boundaries for time intervals and delays are determined in the design and 

specification of the system.  

After high level design, required information about the modules is specified. Detailed 

design optimizes the communication if sensible or possible. Detailed design ensures that 

delays and time differences do not cause problems. The global state of the distributed 

system cannot be explicitly defined [6]. There are still mechanisms to estimate the 

global state and time like vector clocks and snapshot techniques when these are required 

[6][7]. In this paper functionality and architecture do not require a global state or time 

which simplifies the implementation. Since the system does not have shared memory, 

all critical communication and parameters are confirmed by receipt messages. By means 

of receipt messages it can be ensured that all required modules accept the change.  

Distribution supports modular design where communication has a major role. 

Dependencies between modules require more communication and limit the autonomy of 

the module.  Outline of the communications between modules is presented in Figure 5. 

All modules are designed to independent and communication includes only essential 

messages. The diesel engine and the power transmission are controlled by Main-

module. Work-module controls work hydraulic and steering valves. Measurement-

module measures the pressures of the hydraulic oil and transmits results to other 

modules via CAN-bus. 

In the centralized system, the dependencies are shared memory or function calls which 

are not loading communication channels. In the distributed system, these dependencies 

are sent and received messages, as Figure 5 represents. An advantage of the distributed 
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system is that control electronics could be close to actuators and only power and 

communication wires are required. Other advantage is that execution time, I/O-

interfaces and number of the control devices can be increased afterwards.   
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Figure 5. Management of the dependencies is critical in the distributed system. 

The functionalities of the modules and the modular design are the basis of the 

distribution. The work hydraulic control of Work-module has requirements which cause 

the dependencies to the engine control of Main-module. Dependencies are between 

functionalities not between modules. When functionalities are distributed in the various 

modules then dependencies cause communication which the network design specifies.  

Master-module has an important role to ensure the consistent, explicit and reliable 

control architecture of the system. Figure 6 describes how Master-module controls the 

state of the system. At first Master sends Init-command, which tells other module that 

the control system is in the initialization state.  Other modules send Wait-message when 

they are initialized.  When all modules are initialized, Master-module sets the machine 

at a local driving state where the wheel loader is ready for operation. Other control 

modules change the state to active and send a receipt message back to Master-module. 

Next the driver starts the wheel loader. Then Main-module change state to the starting 

mode and sends message to Master. Then Master-module change the machine state to 

the starting mode and the starting process is executed. Work-module has no starting 

routines so it sends Wait-message immediately, which tells that the module is ready. 
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After that Main-module starts the engine and when the engine is running, module sends 

Wait-message. When Master-module has received Wait-message for all modules, it 

changes the machine state back to the local driving state and the wheel loader is ready 

for the driver. 

Master Work Main

Init

State: Wait

State: Wait

Local driving

State: Active

State: Active

State: Start up

Starting

State: Wait

State: Wait

Local driving

 

Figure 6. Master-module selects active operational state. 

Master-module is the only module which can change the state of the machine during 

operation. Other modules can only send request to Master for changing to the state but 

Master-module decides if the state is changed. This, hard routine prevents conflicts in 

the state of the system which is required for safety. 

The control system has parameters such as a drive mode, an acceleration ramp, or a 

maximum speed of the vehicle, which should be changed during operation. These 

parameters are changed via display by a driver or via CAN-messages by other control 

system. Figure 7 presents communication between modules when the driver is changing 

the control mode of the vehicle. Main-module represents all of the modules in the 

CAN1, which do not have the active role in the parameter changing.  

At first the wheel loader is in a local driving mode. After that Display requests Master-

module to change the mode. When Master-module has received the message, it changes 

the mode and sets the system to Wait-state, where all modules stop active routines and 

wait a new command. To prevent hazardous operation all modules have to be in Wait-

state before the mode can be changed. Other modules send the receipt messages when 

all active operations are stopped. When all modules are in Wait-state, Master-module 

changes the operation mode to the remote and sends a new state message to modules. 

Other modules change the state to the remote. 

Every module in the main bus can suggest a parameter changing but only Master-

module decides if the parameter is changed. Decision is based on the general view of 

the system. Master-module has comprehension to schedule the change so that it is not 
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disturbing the operation. Parameter changes which are local and are not affecting other 

modules can be done without the permission of Master-module. 

Master Display Main

State: Wait

Local driving

Change remote driving

Waiting

State: Wait

Remote driving

State: Active

State:Active

 

Figure 7. Master-module decides when new parameters can be accepted. 

Error handling is significant property which is controlled by Master-module. Every 

module has responsibility for local errors but in the functional distributed system also 

global errors have to be handled. Local errors could have a global impact that is why 

these are managed globally.  

Master Bucket Main

Local driving

State: Active

State: Active

Sensor error

Stop

State: Stop

State: Stop

 

Figure 8. Bucket-module has failure, which is critical. 

All modules are responsible for their own errors and errors in the sub-system. The 

modules have a local error handling mechanism and the implementation of the 

mechanism depends on occurred errors. All errors which have global effect are 
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delivered to the main-bus. Delivered errors are modified to global form before those are 

sent. Figure 8 shows communication when Bucket-module recognizes occurred local 

error which could have global impact. At the beginning, the state of the system is 

normal. When Bucket-module detects the occurred sensor error, it stops operations 

which are related to error and the module sends an error message to Master-module. 

The error is classified as fatal and Master-module stops the operation to avoid 

dangerous actions. 

A global reaction, when error occurs, is done through Master-module. This because 

some situations are so complicated that a single module could not have correct reaction. 

If Master-module has no global reaction to some error, then error reaction is only local. 

When the main bus is broken for example, then Master-module cannot send error 

reaction to other modules. Other module does not change their state but the modules 

stop operations which require the connection to Master-module or other modules in the 

main bus. 

CANopen EMCY-protocol and Error control protocol are not enough for error handling 

required here. These are utilized in appropriate context like monitoring nodes. 

Introduced error protocol integrated into cyclic state codes which ensures that error is 

noticed even a single message is lost.  

4. FUTURE WORK 

The low level control system offers the architecture and implementation which will be 

the backbone of the development for the wheel loader and autonomous functions such 

as autonomous motion control [10]. At the following step will concentrate on the 

improving of the diagnostics and the error detection. The developing of the diagnostics 

can be divided into two parts: connecting the sensor information to determine the state 

of the machines; collecting the diagnostic information from the sub-busses, so that the 

information can be monitored at one place.  

The second step manages the error reaction, recovery, and dependability of the wheel 

loader.  At the moment, the reacting to the errors is very simplified and straightforward. 

In future when the number of the properties increase, it will be more important than 

before that one fault is not able to prevent the operation of the wheel loader. 

5. CONCLUSION 

The low level control system of the wheel loader that has been presented in this paper 

operates as designed and enables the developing of autonomous functions. The 

presented distribution and message transmission mechanism can be moved to other 

similar machines or distribution can be extended to fit new demands.  

The architecture of the distributed control system was suitable for a modular work 

machine which functionality is continuously developed. The distribution made possible 

to divide the control system into the independent parts which are expandable according 

to the need for the development. Furthermore, the distributed control system provides 

plenty of opportunities to connect new sensors and devices to the system. 
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ABSTRACT

In this paper, we propose a solution to the problem of path following for the end
effector of hydraulic manipulators. First, we provide a solution to the trajectory
generation for each joint given desired path of the end effector. The solution is based on
forward kinematics and stability theory of dynamics systems. Avoiding inverse
kinematics reduces computational effort and complexity. Trajectories for each joint can
also be generated by the operator. For example, when a sequence of work tasks is
executed by the operator, joint angles can be recorded and then used as the desired
trajectories. Next we introduce a feedback control strategy that makes the end effector
of the manipulator follow the desired trajectory. The solution is so called time-
coordinated path following (TC-PF). Firstly, the solution relies on path-following
instead of trajectory tracking, thus avoiding problems inherited from trajectory tracking,
namely performance limitations (for example, if one of the joints fail to follow it
trajectory for a period of time, the other joints will continue to follow their trajectories,
and  the  end  effector  will  deviate  from  the  desired  rout).  Secondly,  a  coordination
algorithm is added to the feedback system that synchronizes all joints, to guarantee that
the end effector will stay in the neighbourhood of the desired path even if any of the
joints fails to follow its trajectory. In other words, if one of joints exhibits slow
dynamics, all other joins will slow down in such a way to keep the end effector on the
path. This is of paramount importance while operating in confined areas. Time-
coordinated path following can be seen as a continuous version of sequence control,
where transition from one state to another is fluent: no stops and goes are needed.

KEYWORDS: Path following, Hydrostatic manipulators, Forward kinematics path
generation

1. INTRODUCTION

Any robotic system in general is composed of three main subsystems: sensing,
planning, and control. The most complex control architecture may include nine levels
[8] in hierarchical configuration; however they all include the three parts mentioned
above. The emphasis of this paper is on planning and control for hydraulic
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manipulators. Most of tasks that robotic manipulators are required to perform include
transition  of  the  tool  /  hand  /  end-effector  from  an  initial  configuration  to  a  goal
configuration, while avoiding possible obstacles. Tasks are naturally given in work
space or operational space usually a Cartesian space, and planner’s job is to generate
sequence of way points that lead the end-effector to the goal. Since the control actions
are done in joint space, there is always a need for conversion of plans from work space
to joint space or vice versa. Traditional control architectures are [7]

Joint position control (JPS)

Resolved motion position control (RMPC)

Resolved motion rate control (RMRC)
First method is only suitable for control of a single joint at a time. RMPC and JPS are
essentially the same. The main difference is that RMPC employs inverse kinematics;
therefore plans can be generated in operational space. Both RMPC and JPS are
essentially open-loop controls. In contrast, RMRC has a closed-loop structure, and can
be used in more complex and uncertain environment.  In this paper,  we propose a new
implementation methodology, so called Time-Coordinated Path Following, TC-PF in
short. This method was first introduced in [4]. TC-PF for mobile manipulators is a
variation of JPS in which trajectory tracking has been replaced by path following, and
evolution of the target point on the path is manipulated in such a way to reduce end-
effector’s tracking error. This adds an extra control possibility, while adding stability
issues that will be also addressed in this paper. Based on the results in [1], we also
propose a trajectory planning method that does not require inverse kinematics, and
accommodates actuator limits (in joint space) and other obstacles (in work space).
Proposed TC-PF solves problems that are inherited in JPS: 1) feedback structure gives
possibility of tracking error correction; 2) all joints can be controlled simultaneously
and synchronously.
Figure 1 shows how time-coordinated path following is implemented. TC_PF is
composed of three main subsystems: I) trajectory planner (or trajectory generator) that
is described in Section 2; II) path following and coordination that synchronize the joints
and make them follow desired trajectories; this is elaborated in Section 3; and III) a
speed  servo  for  each  joint  [5],  [2].  We  will  assume  that  the  entire  control  system
bandwidth is kept under the bandwidth of the speed servos in such a way that the inner
loop speed servos can be approximately modelled by = , that is, joint speed
closely follows command signal .
Given initial and final goal configuration for the tool, trajectory planner generates a time
profile for each joint ( ), where  stands for desired values, subscript {1, … , }
denotes the joint index with  the number of the joints. Joint trajectories ( ) can also
be recorded when the mobile manipulator is guided by a human operator through the
points of interest to be played back in a later stage. To distinguish between real time that
unfolds during execution of the plans, we replace variable  in the argument of ( )
by a new variable , so called virtual time, evolution of which is manipulated to
guarantee small tracking error. The benefits of this method is more pronounced when
the systems is composed of actuators with different dynamics. Tracking bandwidth is
limited by the slowest joint  speed servo. TC-PC reduces the speed of the evolution of
the trajectory (by manipulating ) to accommodate for the slowest joint, so that the end-
effector remains in the vicinity of the planned trajectory in the work space.
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For simplicity of the presentation, we will derive the equations of all three subsystems
for an exemplar hydraulic manipulator, namely an articulated-frame steered fork-lift as
shown in Figure 2. The machine is hereafter called GIM mobile machine. Solutions can
be readily extended to other types of manipulators, in particular mobile manipulators.

joint 1
+

speed servo
1/s

control
law
(15)

qd1( )
q1(t)q1(t)

.
qd1( ),

joint n
+

speed servo
1/s

control
law
(15)

qdn( )
qn(t)qn(t)

.

…

qdn( ),

-

-

u1

un

vd

Figure 1. Time coordinated path following for manipulators with speed servos

2. PLANNING FOR A FORK LIFT

The aim of this paper is to derive plans and control algorithms that enable GIM mobile
machine move towards a pallet and enter its fork tool into the pallet without collision, as
shown in Figure 2. In other words, the objective is to generate trajectories for each joint
variable that extend the fork from an initial configuration into the pallet, see Figure 5 for
an exemplar plan. We will assume that an independent steering regulator keeps the
machine in front of the pallet, this is addressed in [2] and [3]. Therefore, the problem
will be addressed only in two dimensions, that is, forward and downward, x-z.

Let { }, { }, and { } be coordinate frames attached to the pallet, the body, and the fork,
respectively. Let  denote the position of point  in frame { },  denote the origin
of frame {P},  rotation matrix from {B} to {P}. Other positions and rotations are
defined in similar manner. Further let column vector = (    )  denote the
generalized coordinates of the mobile manipulator, or the joint variables. Superscript T
stands for transpose. The frames and the coordinate variables are shown in Figure 2.
Variable  is the distance of the machine to the pallet,  and  are length and angle of
the boom, and  is the angle of the fork. We assume all coordinate variables are
independently controllable. We also assume that speed servos exist for each control
variable, that is, there are four single-input single output speed tracking servo control
for , ,  , and . There are two other important issues worth mentioning at this point:
1) servo actuators exhibit significantly different dynamics, since the masses are different
and  is controlled by pump and prime mover, and the rest are control by proportional
valves; 2) GIM mobile machine belongs to redundant manipulators, because for
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example moving the fork fame forward can be made either by controlling the body or
the work hydraulics.
Position of the end effector in the pallet frame is given by

= + +

where = (  ) , = (  ) .  Here,  we  assume  that  the  machine  moves  on  a
horizontal plane with respect to { } frame, thus , ,  are  constant  variables,  and
and  are identity. Then  simplifies to

= ( ) = + + cos
+ sin (1)

Orientation of the end effector in the pallet frame is given by
(q) = . (2)

Figure 2. Coordinate frames attached to GIM mobile machine (photograph
courtesy of Teppo Moilanen)

We further assume that there is path planner that generates a path for the fork in work
space from the initial configuration to the goal configuration: a desired path ( ) and
orientation ( ) is then given in the work space parameterized by 0, , an
arbitrary variable. For example,  can be time, or length of the path measured from an
initial point. Next objective is to find joint space variables that correspond to the desired
work space variables. In other words, we would like to generate time trajectories for
, , , and  in such a way to keep ( ) close to ( ), (q) close to ( ). This is in

a sense, an inverse kinematic problem. However, due to redundancy of this mobile
manipulator simple inverse kinematics will not work; see [9], Chapter 11. Next we
present  a  solution  to  this  problem without  a  need  for  inverse  kinematic.   The  solution
employs theorems from stability and control theory.

Path following error at time  is defined as
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( ) = ( ) ( ) , position error
( ) = ( ) ( ) , orientation error

(3)

Following proposition provides tools for us to derive dynamic equations that generate
trajectories for coordinates  such that the path following errors for the end effector
remain small, while  is  kept  bounded  at  will.  We  let ( , ) denote an obstacle
avoidance function (a non-negative smooth function), that is, ( , ) = 0, when the
manipulator is in safe distance from the obstacles, and ( , ) takes large values, when
the manipulator gets too close to the obstacles. See Figure 3 for an exemplar function.

Figure 3. Function ( , ) used for actuator lower and upper limits

Proposition 1.

Let ( ), ( ) be the solution of dynamic equations

= –

= + + +
(4)

with initial condition (0) = 0, (0) = 0, (0) = 0,  and  a (0) that  satisfies
(0) = (0), and (0) = (0) , where , , , , , and  are positive

variables. Then for all time,

( ) , | ( )| , | ( )| (5)

Moreover, in the absence of obstacles, that is, when ( , ) = 0 variables , ,  ,  
asymptotically converge to zero, that is, for any desired tolerance value , there is final
time > 0, such that all the errors become smaller than  after time , in particular

< , < . (6)

See the appendix for a proof.

In words, Proposition 1 states that given desired path and orientation for the end
effector, solution to (4) provides desired trajectories for each joint without resorting to
inverse kinematic, and solution is given with error tolerances given in (5), which can be
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decreased by increasing , . However, to guarantee numerical stability of the
solution, the larger the gains are, the smaller integration sample time must be, thus
larger memory needed to store the solution. Some other comments are worth
mentioning at this point. From (5), it is easy to see that speed of the joints can be limited
using , while  can be used to normalize or equally scale different joints speed.
Equation (6) and initial condition show that the mobile manipulator will start from a
stand still state and will come to almost stop defined by  at the end of the trajectory.

Solution to differential equations (4) will generate, for each joint, generalized desired
trajectory : = ( ( ), ( )),  where  prime sign ’ stands for derivative with respect
to . We used the term generalized trajectory because  includes both the coordinates’
trajectories and the derivatives. Moreover, we intentionally changed the time  for  to
differentiate planned time evolution from the real time which will unfold during the
execution of path-following control. Integration of differential equations in (4) is
stopped when the end effector reaches to a neighbourhood of the target, or equivalently
when  approaches close to  indicted by . We then have [0, ].

2.1. Illustrative example

We assign the origin be on the pallet, more precisely, {P} is our earth fixed frame.
Suppose we would like to drive the end effector from its initial configuration
( (0), (0), (0), (0))  =  (-3.1  ,  +1.8,  -0.35,  +0.35)  to  the  pallet.  We  might  simply
choose to move along concatenation of two pieces of straight lines. We would like to
drive  first  straight  to  a  point  1.5m  in  front  of  the  pallet,  then  again  straight  into  the
pallet. To this effect, we assign the following functions for ( ) and ( ),

( ) = 1 + (0) + (0) cos (0)
+ (0) sin (0) + 0

1.5

( ) = 1 (0)
(7)

when 0 < = , and

( ) = 0
1.5

( ) = 0
(8)

when < = 1.  Notice  that (1) = (0  0) , (1) = 0, which is the
configuration that coincides with the pallet frame. Notice that (7) is derived from (1).

Function ( , ) can be used to prevent generating trajectories that collide with the
pallet,  or  hit  the  fork  to  the  ground,  or  exceed  the  limits  of  the  telescopic  boom.
Suppose, we would like to limit ( , ) with a safe distance . Authors in
[1], suggest functions of the following form

=
0; ( + )
0; ( )

0
(9)

where  is a distance function, and  a  positive  number.  Figure  3  shows  with
= 10 . Our  simulations  show  that  functions  such  as  in  (9)  result  in  fast  oscillatory
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behaviour when the actuators reach to a limiting end. Therefore, we suggest an obstacle
function that includes a damping factor, that is, = + 2 , with =  and

is defined similar as in (9). Notice that we only need the derivative of U to solve (4).
The wheel odometry device on the GIM mobile machine is not reliable at speeds under
0.25m/s. We need to guarantee that solution to (4) does not produce values for  less
than this limit. For this, we will change the dynamics of  (first row in (4)) in case the
solution of  goes under 0.25m/s. In this case, we set = 100( 0.25) when the
fork is farther than 0.3m from the pallet, and we set = 100 , otherwise. This will
make the solution converge to 0.25m/s or to zero, respectively, in few sample time.
Notice that when the fork is closer than 0.3m to the pallet, machine will stop and
telescopic boom will have to extend the fork towards the pallet.
To generate more predictable outcomes of planning, we would like to keep the fork
close to the machine when the machine is far from the pallet. We then let

= ( + cos 0.5)

with = 10. This will penalize horizontal distance of  to , which is calculated by
+ cos , and keep it close to 0.5m.

Since the solution to (4) is only asymptotically convergent, speeds are high in departure
and become smaller as time increases. Thus convergence becomes very slow when
approaches . Therefore solution can be unnecessarily long and slow when arriving
close to the pallet. To speed up convergences, we can set the target  farther than
terminal . The following table shows terminal time  versus target terminal ,
where simulation is terminated at = 0.99  with = 1.

Final time[s] 42.6 13.8 13.7 15.2 18.5

1= 1.5 2 3 5

It is clearly seen that when = , fork reaches to the pallet only in 42.6 seconds. By
increasing  to 2 , a minimum terminal time is obtained. Generated trajectories are
shown  in  Figure  4  for  three  values  of . Red dashed lines indicate limit of the
actuators. From the most left graph in the figure, we can see that machine should move
forward till about 0.8m to the pallet, then stops and telescopic boom continues to extend
and reach the pallet. Boom and fork angles should correspondingly change to keep the
fork on the desired path. It can also be seen from Figure 4 that different target  only
affects to the final stage of the plan and all the plans are very similar in the begining.
Figure 5 shows resultant motion of the machine in Cartesian coordinates. In this
examples, control parameters are set as follows

= 2, = 100, = 100, = 10, = 2.7,

=
10

diag(0.5, 2, 2, 2), = diag(0.5,0.4,0.5,1)

and machine dimensions are  = 0.59[m],  = 0.94[m],  = 0.17[m], = 0.85[m].

Similarly, desired joint trajectories can be generated by recording the joints time profile,
while an operator drives the fork lift towards the pallet. The records can be played back
when repeating identical actions is desired. Planning by recording has limited
applications and can only be used if the machine starts always from the same
configuration as when the plan was recorded.
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In  the  next  section,  we  will  elaborate  time-coordinated  path  following  strategy,  a
feedback control that make each joint follow assigned trajectories given by  in
harmony  with  the  other  joints  in  such  a  way  to  keep  the  end  effector  close  to  the
planned trajectory.

Figure 4. Planned trajectories for each joint for three values of

Figure 5. An exemplar plan: Locations of front wheel, boom, and fork; sampled
roughly at intervals of 1second; wheel drawn in smaller scale; = 2
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3. TIME-COORDINATED PATH FOLLOWING FOR GIM MOBILE MACHINE

Consider a hydraulic manipulator in which speed of each join is controlled
independently, that is, joint control systems include speed servos. This is usually the
case, since most of the hydraulic actuators are cylinders controlled by valves or pumps,
and flow is controlled and effect of load pressure is compensated. A good low
frequency approximate model of the system is then given by

= , = 1, … , (10)

where  is ’th state (joint coordinate), and  is the control input of joint . A standard
trajectory tracking is a feedback control law that makes joint state  follow generalized
trajectory = ( ( ), ( )). For example, a proportional control with a velocity
feedforward term is given by

= ( ) sat( ( )), = 1, . . , (11)

where sat(.) denotes a saturation function. Notice that in the case of pure trajectory
tracking we have =   and  = . Should all the joints follow their command
trajectory, the end effector will remain on and follow the assigned path. There is a
problem with such a control strategy. Because, if any of the joints fails to follow closely
its command trajectory, the end effector will deviate from the desired path. Moreover, if
a joint lags for a short while from assigned time trajectory, it will speed up to catch up
with  time,  the  transient  performance  of  the  feedback  control  will  be  considerably
reduced.

A simple solution to the problems above is to manipulate how fast command trajectory
evolves  in  real  time.  This  is  in  effect  to  convert  the  trajectory  tracking  to  a  path
following problem by introducing the concept of virtual time, and substituting  for  in
(11) and controlling  as an extra state. Consider the following control law

= ( ) sat( ( )), = 1, . . ,

=
(12)

For example, if we wish to keep the errors under , we let = max ( , ), and

= 1 / when <
0 otherwise

(13)

In  words,  when  path  following  errors  are  small,  is  close  to  1  and  the  command
trajectory unfolds as fast as real time, that is, as it was planned. If path-following error
increases,  approaches  zero  and  command  trajectory  unfolds  slower.  Intuitively,  all
the  joints  slow  down  to  accommodate  for  the  slowest  of  the  joints,  that  is,  the  speed
servo loops. According to control law (12), time evolves exactly at the same speed for
all the joints, at speed . As an extension to the solution above, next we introduce
time-coordinated path following in which each joint posses its own virtual time. We
associate to each joint a virtual time ; = 1, . . ,  that  affords  as  an  extra  control  for
each joint variable. However, to keep the end effector close to the assigned path, we add
a feedback control that synchronizes the virtual times, that is, it keeps errors
negligible. Consequently, path following errors , and  will remain small. Before
further developments, we need to introduce matrix , a positive semi-definite symmetric
matrix. Its rank equals 1 and [1] = [0] , where column vectors [1]  and [0]  are
of dimension n with all elements equal 1 and 0, respectively. Furthermore, we stack all
the virtual time variables into = [ ] ,.., .
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Proposition 2.

Consider the system of equations (10) together with  variables . Let the evolution of
the virtual time variables be governed by

= sat( ( ) ) (14)

where  is given by (13), and , , and  are positive constants, and  is the ’th row
of . Moreover, let the control signals be given by

= ( ) sat( ( )) (15)

Then, tracking errors ( ) and coordination errors  will remain negligible
if the errors are initially zero. Furthermore, the control system is robust in the sense that
the errors remain small in either of the following un-ideal cases:

- In the presence of bounded disturbances that can be modelled as = + ,
with | | < . The error bounds can be made small with larger ,

- If any of the actuators fails, say  = 0 for some .

A proof is given in the appendix.

Notice that control signal law given by (15) is similar to (12), except that in (15) desired
trajectory for each joint ( ) is generated in its own pace, that is, by its own virtual
time . Besides, (14) guarantees that the virtual time variables remain close so that the
end effector remains close to the desired path. Intuitively, when a joint fails in tracking
its assign trajectory, term ( )  in (14) will keep  of growing further.
And term  in (14) guarantees that errors  do not grow, thus all the other joints
also slow down. Furthermore, in ideal case when all joints follow closely their
corresponding trajectory, = 1; , and trajectories evolve as fast as real time.

According to Proposition 2, in the presence of disturbances, tracking errors can be made
smaller by increasing . Unfortunately,  cannot be made too large, and it is limited
by the bandwidth of the speed servo (the inner loop), in other words, limited by stability
gain margin of the control loop. Better disturbance rejection properties are achieved by
higher bandwidth joint speed servos.
It is shown in the proof that when one of the joints stops to move, path following errors
may grow to a limit defined by , then  becomes zero, which in turn causes the
virtual time variables to stop. That is, all the joints will stop after a transient, thus the
end effector will remain on the vicinity of the designed path, but will not move farther.

3.1. Illustrative example

In this section, we evaluate the concept of time-coordinated path following introduced
in the paper using a simulator. In the simulator bandwidth of the speed servos for each
channel are roughly as follows: Drive line = 0.4 , boom telescope = 0.8 ,
boom angle = 0.8 , fork angle = 1.5 . We choose the planned
trajectories shown in Figure 4 for = 2. Final time of the generated planned is 13.7s.
Because the simulated machine differs from the ideal low frequency approximation
(10), fork end effector deviates from the planed path. To compare different controllers,
we define the following scalar value as path following error
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= + (16)

which is sum of square of all path following errors. Figure 6 shows time trajectory of
error  in four different case experiments

a) Left-top: Pure trajectory tracking: control law (11)

b) Right-top: Path following with adaptive  and no coordination: control law
(12) and (13)

c) Left-bottom: Path following with adaptive  and with coordination: control law
(14), (15) and (13)

d) Right-bottom: Path following with constant = 0.5 and with coordination:
control law (14), (15)

Figure 6. Error (16) in four cases a, b, c, and d
Notice that pure trajectory tracking, case a, has the poorest transient response.
Adaptation of ,  case  b,  considerably  reduces  the  error  in  the  cost  of  increased
execution time. In the latter case, because the joints cannot follow closely enough the
desired trajectory,  is reduced according to (13) and the virtual time grows slower
than  the  real  time.  The  best  result  is  achieved  in  experiment  c,  where  path  following
control with both adaptive  and coordinated virtual time variables is applied. In this
case, the error level is the smallest and yet final time is not as large as in experiment b.
Experiment  d  with = 1 was  as  poor  as  experiment  a,  concluding  that  only  TC_PF
with no adaptation of  is not enough to improve the results. Figure 7 shows how
virtual time variables grow in experiment c. Small deviations from the plan can be seen
by comparing Figure 8 to Figure 5. Notice that the snapshots are taken every 2 seconds
in Figure 8, contrary to Figure 5, where the sample time is 1 second.
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Figure 7. Evolution of virtual time values for experiment c

Figure 8. Locations of front wheel, boom, and fork; sampled roughly at intervals of
2 seconds; wheel drawn in smaller scale

4. SUMMARY

We presented a solution to problem of path following for a mobile manipulator, namely
GIM mobile machine, a fork lift. The proposed solution was so called time-coordinated
path following and is compose of three subsystems visualized in Figure 1. Subsystems
are: path generator, speed servo and path following, and coordinator. Given a desired
path for the tool position and orientation, we presented a solution to generate
corresponding joint trajectories. The solution is based on forward kinematics and simple
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integration  of  stable  dynamics  systems  given  by  (4).  We  also  describe  how  we  can
prevent generating trajectories that cause collisions or exceed actuator limits. Then
introduced concept of virtual time and presented path following and coordination laws.
We showed that such feedback control keep the end effector close to the desired path
despite disturbances and faulty actuators. TC-PF strategy can be extended to be used in
planning and control of multiple mobile manipulators that work in the vicinity of each
other, where synchronization and fluent work is essential. Future work also includes
tests on the real machine, which will require systematic solution to calibrate the control
gains since there many control variables involved.

5. APPENDIX

Developments in this section are mostly based on Lyapunov stability theory, which is
well covered in [10].

5.1. Proof of Proposition 1

Define positive function V(t) as follows,

=
1
2 +

1
2 + 2 + 2 + ( , ) +

2

Derivative of  is given by

= + + + + (17)

Substituting

= ,

= .

into (9), and some simplifications lead to

= + + +

+

If , and  satisfy equations (6), then  is governed by the following dynamics

= 

Notice that  is positive, and 0. Thus ( ) remain bounded, namely ( )
(0) =  for  all .  Now,  it  is  easy  to  see  that | ( )| , | ( )| / ,

 | ( )| / .  Using  Barbalat’s  lemma  [6],  it  can  be  shown  that , ,  ,  
asymptotically converge to zero. Thus ( )  = , ( ) = (0  0) , ( )  = 0.
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5.2. Proof of Proposition 2

Define the following Lyapunov function that includes the path following errors and
coordination errors,

=
1
2

( ) + 2 ,

Properties of  guarantee that  can be written as sum of terms like .
Notice that = 0, if and only if = ( ) & =  . The derivative of  yeilds

= ( ) +

                             = ( ) + ( ( ) )

Substituting  from (15) and  from (14) results in

= ( ) + ( )

which is negative definite, thus  and consequently the path following errors will
remain negligible if it is initially zero.

If one of the joints stops, say  = 0, then  renders

=  ( ) ( )

As it is seen,  is not necessarily negative. However, if the errors grow above the limit
values,  vanishes according to (13), and  remains non-positive, thus errors remain
bounded.

Now let analyse the effect of bounded disturbances. Let = + , with | | < .

= ( ( ))

( ) + ( )

After some simplification, we can write
1
4

( ) ( ) + ( )

Therefore, for < , the system is ultimately bounded. Clearly the bound is smaller,
for larger .
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ABSTRACT 

This paper presents an application of a combined Micro-Electro-Mechanical System 
(MEMS) that incorporates an accelerometer and a gyroscope sensor module for closed-
loop position control of a hydraulic boom. The sensor module developed in this paper 
outputs signal processed joint position, angular velocity and angular acceleration data, 
which is tested in advanced state feedback control scheme for increased damping. In 
essence, the sensor requires no complex mechanical attachments and can be installed 
relatively freely, for example on the links of a hydraulic boom. This is a clear advantage 
over traditional incremental encoder and potentiometer installations which makes this 
sensor module an attractive alternative in the field of heavy-duty mobile machinery. The 
price paid lies however in the need of efficient noise and disturbance suppression of the 
MEMS-generated angular state feedback data. 

The application of the developed sensor module for the hydraulic boom position control 
is studied experimentally by comparing proportional and state feedback control 
schemes. The control performance is verified with respect to an accurate incremental 
encoder  providing  a  position  signal  from  which  both  velocity  and  acceleration  are  
calculated. The single axis experimental results show the feasibility of the developed 
sensor to operate as a feedback element in proportional and state feedback control 
applications. 
 

KEYWORDS: MEMS, signal processing, hydraulic boom, state control 
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1. INTRODUCTION 

Measuring hydraulic boom joint position for implementing closed-loop control is a 
typical engineering task which is needed for example in excavators, mining equipment 
and other heavy-duty mobile machines. Typically this measurement is done using a 
resolver or a potentiometer. These both types use contact-type measurement and thus 
require a direct mechanical connection to the rotating joint pin of the boom. Installing 
resolvers and potentiometers on a machine may prove to be a difficult task as some kind 
of fixtures and new mechanisms have to be custom-designed to suit particular machine 
characteristics.  

In the field of mobile machines vibrations of the whole machine frame are problematic. 
Such oscillation is caused by the operation of the boom, which typically moves a large-
enough mass at a distance to cause the machine frame to rock back and forth when the 
boom starts or stops moving. This phenomenon could be countered using closed-loop 
state feedback control, where information about the acceleration of the boom is used for 
active countering of these vibrations. However, measuring accelerations of the joint 
booms  using  resolvers  or  potentiometers  is  difficult.  The  discrete  data  from  these  
sensors has to be differentiated twice to get acceleration, which significantly amplifies 
noise. Furthermore, when the position changes very slowly, noise dominates and the 
differentiated velocity and acceleration may contain impulse-like spikes around zero, 
for example due to quantisation. These would in turn proportionally relate to the output 
of the controller and make the system possibly unstable. 

In  this  paper  we  present  an  implementation  of  state  feedback  control  with  a  MEMS-
based sensor module that requires no contact to a rotating joint pin. The idea behind 
state feedback control is here that it allows a more accurate and faster control of the 
boom angle compared with proportional control, ideally without overshooting. The 
feedback is based on angular acceleration but, unfortunately, its direct sensing is not 
trivial. Our approach is to use indirect sensing by differentiating the MEMS gyroscope 
output followed by a few straightforward, yet robust filtering operations. 

2. USING MEMS SENSORS FOR BOOM CONTROL 

Micro-electro-mechanical systems, MEMS in short, are components that combine 
micromechanical structures and signal conditioning electronics on a single silicon chip. 
The size of the mechanisms is measured in the micrometer range which leads to a very 
small package size. These facts make MEMS sensors an attractive choice in 
applications where spaces are cramped or where a high degree of chip level integration 
is required.  

The common types of MEMS sensors used for motion sensing are accelerometers and 
rate gyroscopes. Accelerometers measure linear acceleration along one to three axes. 
Early applications were in car air bag systems where they are used to detect high 
accelerations, namely impacts. When the sensing axes are oriented along Earth’s 
gravity, an accelerometer can measure absolute inclination angle by applying inverse 
trigonometric functions. As this measurement is based on all sensed accelerations and 
not just gravity, problems arise when the accelerometer is used in this way on a moving 
platform.  On  the  other  hand,  a  gyroscope  measures  angular  velocity  and  its  output  is  
quite robust against accelerations. Integrating its output gives angular values which can 
be used to supplement the accelerometer data. 
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Different methods have been proposed to measuring inclination angles with MEMS 
sensors. One approach is to use more than one accelerometer to measure the same joint 
and subtract the effects of disturbing accelerations from the measurement; see e.g. [1, 
2]. Kalman filtering has also been applied when combining accelerometers and 
gyroscopes; see e.g. [3]. In this paper we apply complementary filtering [5, 6] to 
produce angular values by fusing together the accelerometer and gyroscope signals. As 
the method involves only low and high pass filtering of the two signals, complementary 
filtering is both easy to implement as well as to understand.  

2.1. Complementary filtering 

The key idea of complementary filtering is combine the good static performance of the 
accelerometer with the good dynamic performance of the gyro. The accelerometer-
based inclination data is low-pass filtered to remove noise which improves its steady-
state accuracy. The output of the gyro is high-pass filtered to reduce the static bias of 
the signal and thus reduce the effect of integrator drift in the next stage. Integrating the 
high-pass filter output gives angular values, which are added to the low-pass filtered 
accelerometer data. 
The accelerometer-based inclination data is most reliable in stationary conditions, which 
is why the cut-off frequency for the low-pass high-pass filter pair should be set as low 
as possible. In this case the cut-off frequency was set to 0.1 Hz. 

1
Complementary

signal

FDATool

Low-pass fi l ter

FDATool

High-pass fi lter

K T s (z+1)

2(z-1)

Discrete-T ime
Integrator

2
Angular speed

1
Incl ination

 
Figure 1. Complementary filter structure. 

The filters used for the signal processing are both 1st order Butterworth-type filters. This 
filter has a maximally flat passband amplitude response and the stopband rolls off 
towards zero after the cut-off frequency. The performance of this filter structure is 
presented in Figure 2. As can be seen from the figure, the gyro branch dominates the 
output of the filter during the starting phase of the movement. The accelerometer data 
rises slowly towards the final steady-state value of 3 degrees during which the output of 
the gyro branch decays. The sum of these signals follows the true position curve during 
the whole duration of the movement. The reference for true position is measured from 
the incremental encoder. 
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Figure 2. Complementary filter performance. The plot shows true position (solid 

grey line) versus the filter output (solid black line) along with the two fused 
signal components. 

Although not clearly visible from the figure above, the output of the filter has some 
delay with respect to the reference position. This delay is approximately 30 milliseconds 
when the filtering is done at a rate of 500 Hz. It is dependent on the application whether 
or not this amount of delay is acceptable. The average steady-state error of the 
complementary filter output is within 0.05 deg. The dynamic error is directly 
proportional to the speed of the movement, which is however not to be discussed in this 
paper. 

2.2. Disturbance attenuation of angular acceleration feedback  

An angular acceleration signal, which is here obtained by simply differentiating the 
MEMS angular velocity, is typically of low quality and as such is not suitable for state 
feedback control. To improve its quality, two ideas underlie the methodology presented 
below. The first idea is related to exponential weighting of measurements. The second is 
related to robust quantization and further suppression of higher frequency noise, which 
poses a challenge considering the dynamics of the used hydraulic valve. 

The differentiation of angular velocity is fundamentally of noise amplifying nature. 
Since delay properties of the acceleration signal are also critical, it is of interest to use 
higher  weights  on  recent  measurements  and  lower  weights  on  past  ones.  One  way  to  
relate the weights and measurements is through 

0
k i k i

i
g y

, 

where yk denotes the angular velocity measured at time k. If the weights i are 
exponential and given by 

i = (1 - )i, 0 <   1, 
it is easy to show that the above weighting function can be rewritten in a recursive 
manner as (see [7]) 

gk = (1 -  )gk-1 + yk  
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where g0 = 0 is the initial angular velocity typically set to zero. Now the parameter  
acts as a forgetting factor and the recursion, called geometric moving average (GMA), 
has weights decreasing as a geometric progression from the most recent point back to 
the first. The above makes the GMA an infinite impulse response filter which we tune 
for  noise  suppression  at  the  cost  of  a  small  delay.  Having  a  delay  smaller  than  the  
inverse  of  the  natural  frequency  of  the  hydraulic  system  is  a  necessity,  as  the  control  
commands  of  the  boom  are  unknown  a  priori  and  the  control  loop  becomes  easily  
unstable. For the parameter  value of 0.75, the recursion impulse response is shown in 
Figure 3. It can be deduced that the filter delay is of class one sampling period.  

 
Figure 3. Impulse response of the GMA filter when  is 0.75 

The hydraulic valve dead-zone is a non-linearity that is among the key factors limiting 
the static and dynamic performance of a closed-loop control system. However, the valve 
used in the experiments has no dead-zone but rather a small spool underlap and as such 
even the smallest non-zero values of the angular acceleration signal may make the boom 
react. Our straightforward approach to addressing the problem is to create an artificial 
dead zone by implementing a quantization of close-to-zero values inside the controller. 
That is, all the GMA filtered angular velocity values in range of 0.12 deg/s were set to 
zero in real-time. The range is application dependent and was chosen empirically by 
monitoring the GMA filtered signal typical steady-state variation. Since robustness was 
desired, a median filter of seven consecutive values was used for extra smoothing of the 
final differentiated angular acceleration, as Figure 4 shows. The introduced non-
linearity effectively cancels small high frequency zero-centered variation in the angular 
acceleration feedback of the control loop and makes the loop more stable.  
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Figure 4. Calculating and filtering angular acceleration from MEMS gyro angular 

velocity. The GMA filter is applied to the MEMS gyro velocity signal and then 
the artificial dead zone is introduced into the filtered signal. After differentiating 
the filtered velocity the angular acceleration is obtained which is further median 
filtered for extra smoothing. In the experiments to follow, the feedback loop 
became easily unstable without these operations. 

3. EXPERIMENTAL SETUP 

The experiments for the closed-loop position control were performed on a single-axis 
hydraulic boom shown in Figure 5. During the experiments a test mass of 500 kg was 
used on the cylinder side of the boom. A lift cylinder with a size of 80/45-545 was 
controlled with a hydraulic valve that had a nominal flow rate of 24 L/min. With a 
supply pressure of 21 MPa the cylinder produces a maximum force of 100 kN.  

The MEMS sensor used was SCC1300-D02 by VTI Technologies. This sensor 
combines a 3-axis accelerometer with a one-axis gyro. The digital output of the 
accelerometer  has  a  resolution  of  0.56  mg per  LSB and  for  the  gyro  the  resolution  is  
0.02 deg/s per LSB. The accurate position reference was measured with a Heidenhain 
incremental encoder that has a resolution of 0.0007 degrees. The encoder was mounted 
to measure the rotating joint pin. The accelerometer-gyro combination was mounted 
directly on the frame of the boom. A computer-based dSpace DS1103 system was used 
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for the closed-loop control and signal filtering. The sensors were sampled at a rate of 
500 Hz which was also the controller output update rate. 

 

Figure 5. Test bench setup. 

The experimental system was measured to have a natural frequency n of 34 rad/s and a 
damping ratio n of 0.05. The measured open-loop velocity gain Kq was 18 deg/s. Using 
pure proportional position control with encoder feedback the critical controller gain Kcr 
was experimentally found to be 0.1. 

4. POSITION CONTROL PERFORMANCE 

The behaviour and performance of the control system was tested using stepwise control 
inputs.  A  step  input  is  a  disturbance  to  the  system  that  ideally  contains  all  possible  
excitation frequencies of equal portions in Fourier analysis theory. While such 
excitation is impossible in any real system, step inputs are useful here for examining the 
stability and possible oscillatory behaviour of the test bench (Figure 5). The steady-state 
accuracy  of  the  closed-loop  control  system can  be  also  determined  along  with  its  rise  
time (90%). The used step sizes ranged from 1 degree to 7 degrees. 

The  controller  presented  in  Figure  6  was  used  for  proportional  and  state  feedback  
control. It was not desired to increase the natural frequency of the system as the main 
aim of the study was to control the boom oscillation with acceleration feedback. 
Therefore, velocity feedback was omitted and only partial state feedback was 
implemented.  The acceleration feedback gain Ka was set to zero in the case when pure 
proportional position control was used. The feedback source was switched between 
MEMS and incremental encoder to enable comparison of performance. 
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Figure 6. Position controller structure. 

4.1. Proportional control 

Figure 7 shows the results for two different size step inputs when the proportional 
controller gain Kp was 0.05, which is half of the measured critical gain Kcr.  As can be 
seen, the overall dynamic performance with the two different feedback sources is quite 
similar.  

 
Figure 7.  Step response with proportional control. The plots show position set 

point (solid line) and true position from encoder when the feedback source is 
either encoder (grey solid line) or MEMS (dash dot line). The 90% rise time is 
approximately 2.1 seconds for the 1 deg and 2.3 seconds for the 5 deg step. 

When the controller gain Kp is raised to the value of Kcr, marginal stability behaviour is 
to be expected. This can be observed clearly from the oscillating grey line in Figure 8. 
However, once the feedback source is switched to MEMS (dash dot line) the system is 
no longer unstable. Most likely this is caused by the complementary filtering that the 
MEMS  signals  go  through:  the  filtered  nature  of  the  feedback  signal  smoothes  the  
output of the position controller and thereby prevents oscillation. Note that the filtering 
does not adversely affect the dynamic performance.  
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Figure 8. Step response when Kp equals Kcr. In the figures position set point (solid 

line) is plotted against true position with encoder feedback (solid grey line) and 
MEMS feedback (dash dot line).  

4.2. State feedback control 

In state feedback control the angular acceleration feedback gain Ka increases the 
damping of the closed-loop system and enables using a higher value of Kp for more 
accurate and faster response time without overshooting. For the state feedback 
experiments the gain Kp was  raised  to  the  value  of  Kcr.  A  suitable  value  for  Ka was 
found to be 0.00045. Values higher than this started causing instability in the control-
loop as the boom behaviour became too sensitive to random variations in the filtered 
angular acceleration signal.   
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Figure 9. Step response with state feedback control. The plots show position set 

point (solid line) and true position from encoder when the feedback source is 
either encoder (grey solid line) or MEMS (dash dot line). The 90% rise times 
are approximately 1.5 seconds for the 1° step and 1.6 seconds for the 5° case. 
This is an average decrease of some 32% in the rise time, if compared with the 
case in Figure 7. 

The steady-state position control errors of all test cases are summarized below in Table 
1. The error values for each step size are average values of five measurements from 
which a further overall mean value is calculated. The steady-state error is defined as the 
difference between the position set point value and true position from encoder. As it can 
be seen, for both feedback cases the state feedback control produces a smaller error. 
Recalling that the encoder has a high resolution of 0.0007 degrees and it operates as a 
reference, the maximum errors in the table with the encoder feedback source may be 
considered as an approximation of the error induced by the control loop in question. 
These errors are ±0.006 deg and ±0.004 deg in the proportional (P-control) and state-
control cases, respectively. Hence, one can deduce that the measured MEMS steady-
state positioning error, of class ±0.06 deg in the both control cases, is almost solely due 
to the complementary filtering average steady-state error of class ±0.05 deg; see Section 
2.1. Loosely speaking, as the errors get easily tenfold, this means that the accuracy is 
limited to the MEMS sensor module linearity and noise specifications. A further 
improvement can be attained for example by careful recalibration of the MEMS or by 
developing more sophisticated error-reducing filtering strategies that  balance between 
the various error sources in real-time. 

Table 1.  Steady-state positioning errors (in ±degrees) 
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5. CONCLUSIONS 

A signal processing method for combining MEMS accelerometer and gyroscope data 
and its application to proportional and state feedback position control of a hydraulic 
boom was presented. The combination of low-pass and high-pass filtering fuses the 
accelerometer and gyroscope data in such a way that it is usable for position feedback in 
a closed-loop control system. Furthermore, angular acceleration feedback was generated 
from the MEMS gyroscope output by applying differentiation and a so-called GMA-
filter. Using this angular acceleration information partial state feedback of the boom 
was implemented which yielded increased damping in positioning performance. That is, 
the rise time decreased some 32% and the steady-state positioning error was on average 
42% smaller. The state feedback control positioning accuracy was on average about 

0.04 deg with a maximum error of ±0.06 deg. The one degree of freedom preliminary 
experiments showed that the developed consumer-grade MEMS sensor module is a 
promising alternative for incremental encoders and resolvers in closed-loop position 
control applications where robust easy to install sensor feedback is needed. 

Future work will concentrate on applying the MEMS module for closed-loop control in 
a system with multiple degrees of freedom. A probable candidate is a log forwarder or 
an excavator boom.  
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ABSTRACT 

In this thesis, the pumping dynamics characteristics of axial piston pump were studied.  
The mathematical model of flow condition in piston chamber was developed with 
compressibility of fluid oil. This model was improved by further analyzing of the 
movement model of piston, the cross area of valve plate, the throttle coefficient, the loss 
inside pump, etc. Besides, the whole pump model with its working hydraulic system 
was improved. Then a simulation system was built with Matlab based on the 
mathematic models. The flow ripple characteristics of axial piston pump were also 
investigated with 3D dynamic calculations using CFD (Computational Fluid Dynamics 
) technology. Three-dimension (3D) dynamic simulation was adapted using 
compressible fluid model to obtain the flow field within the piston pump body. The 
simulation accuracy has been significantly improved using the developed compressible 
fluid model. The flow condition of the pump was tested using pump flow ripple test rig. 
Results show that the pressure pulsation and the flow ripple from the mathematic model 
and CFD model agree well with the experimental data. It can conclude that the 
developed mathematic models and CFD mode with compressible fluid model have high 
precision and can accurately predict the flow character of axial piston pump. 

KEYWORDS: Piston pump, Pressure pulsation, Flow ripple, CFD (Computational 
Fluid Dynamics) 
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1. INTRODUCTION 

An  axial  piston  pump,  the  most  important  component  in  hydraulic  systems,  is  widely  
used in the fluid power industry for its robustness, controllability, wide operating range 
and compact size.  Noise level, one of the three important performances of piston pump, 
becomes increasingly influential with the ever-increasing working performance and 
environmental concerns.  The vast majority of piston pump noise is known as fluid-born 
noise, which is influenced mainly by the pumping dynamics characteristics, especially 
the flow ripple and cylinder pressure overshoots or undershoots.  Pumping dynamics 
can produce much damage to the pump, such as noise, lower volumetric efficiency, the 
tipping and overturning moment ripple on the cylinder block, cavitations, and short 
service life.[1,2] Therefore, it is necessary to study the pumping dynamics characteristics 
of piston pump. 
Flow ripple and cylinder pressure of the pump is two typical forms of pumping 
dynamics. The flow ripple of axial piston pump is the origin of pressure pulsations, 
which appear when flow ripple from pump interact with other parts of the hydraulic 
system.  System pressure pulsation is not produced by the pump alone, but appears as a 
system response when the pump generated flow ripples interact with the external 
hydraulic system.[3]   Flow ripple in pump is mainly created when fluid is forced from 
the low-pressure side to the high-pressure side [4].  

To improve performance and increase the ratings of an axial piston pump, many 
different aspects of pump design have received attention. For example, pressure 
distribution, temperature, friction of the oil film between piston and cylinder block have 
been investigated.[5-7] Advances in materials technology have improved contamination 
tolerance and fatigue technology.[8,9] A significant amount of work has been carried out 
on piston slip behaviour.[10,11] In addition, flow ripple testing has been studied using 
secondary source method[12,13] and more recently source admittance method[14]. 
Therefore, pumping dynamics is a hot topic today and research institutes have carried 
out many research works in this area.  
Design and development of an axial piston pump is highly complex in nature and 
involves large amount of testing and verification.  Best way to design a complex system 
such as a pump is to predict its performance using computer simulations before 
committing to manufacture.  Thereby, CFD (Computational Fluid Dynamics) simulation 
on hydraulic pump was widly used by many hydraulic research groups around the world. 
In 2000, Wiklund[14] from Sweden Royal Institute of Technology studied the suction 
flow condition of an bent axis axial piston pump with CFD in his doctoral dissertation.  
The IFD (Institute for Fluid-technical) group [15] in TU Dresden analyzed the flow 
condition  both  in  axial  piston  pump  and  gear  pumps  using  CFD  software.  The  
compressible fluid and dynamic grid were employed in their model, so the output 
pressure from simulation matched well with experimental testing. Sauer-Danfoss GmbH 

[16] did simulation of cavitation in axial piston pump using dynamic CFD method.  The 
compressible fluid and a pump model with nine pistons was used, so results showed 
high precision.  Monika pump & motor group [17] in Purdue University built software 
called CASPAR using CFD. The pressure, temperature and friction of oil film inside 
pump can be analyzed with CASPAR.  
This paper is concerned with the pumping dynamics of a swash plate piston pump. The 
pumping dynamics model of the pressure and flow in a multi-cylinder pump was 
improved. The CFD model of pump was improved by introducing the compressibility 
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model of fluid to get an acceptable result.   Experimental test results were employed to 
prove the validity of simulation.  

2. MODELING OF PUMPING DYNAMICS 

2.1. Single cylinder model of pumping dynamics 

To study the pumping dynamics of an axial piston pump, the single cylinder model of 
pumping dynamics was improved firstly.  

 
Figure 1. A piston within a piston chamber 

Figure 1 shows a piston as it operates within its bore where the volume of fluid within 
the bore is taken as the control volume of the study. The pressure-rise-rate equation for 
the control volume within a piston chamber (Figure 1) may be derived based upon the 
conservation of mass and the definition of the fluid bulk modulus.  
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where pf is the pressure in piston chamber, t is the time, Ke is the fluid bulk-modulus, Vf 
is the instantaneous volume of the piston chamber itself, qr is the volumetric flow rate 
bring by the motion of piston in the cylinder, qi is the reverse flow because of pressure 
differential between the cylinder and kidney port, qg express the fluid inertia effect in 
the unsteady flow, and ql is the volumetric loss. 
The flow rate qi is modeled using the classical orifice equation, which is written as 
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where  is the oil density, pc is the pressure in kidney port, which repeatedly changes 
from the discharge pressure to the intake pressure with the cylinder block rotating 
around the axis of the pump.  

The discharge coefficient, Ci, is an uncertain parameter and varies with the flow 
condition.  So  the  CFD  software  FLUENT  is  used  to  confirm  this  parameter  by  
analyzing the flow condition inside the axial piston pump. And the discharge coefficient 
at the relief groove is calculated based on the flow rate and pressure drop through the 
relief groove and it is about 0.75 according to simulation calculation. 
The discharge area of the piston bore, Ai, also varies with time to model the transition 
regions on the valve plate where the slots provide a variable opening into each port. The 
geometrical cross sectional area is dependent on the position of the kidney-shaped flow 
passage from a single piston chamber and the discharge port on the valve plate, as 
shown in Figure 2. 

 
 

Figure 2. Relationship between piston chamber and valve plate kidney bore 

When the flow passage from a single piston chamber overlaps with the triangular relief 
groove, the geometry of the opening discharge area is a triangle which can be evaluated 
with 
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where Rf is the distribution radius of relief groove, r is the width radius of kidney port,  
is the position angle of piston, 1 and 2 are  the  depth  and  width  angles  of  triangular  
relief groove, respectively. 

When  the  overlapping  position  of  the  piston  chamber  and  valve  plate  kidney  bore  
appear from zone 1 to zone 4, the instantaneous discharge area generated by the 
superimposition of the valve plate port and the cylinder block port is olivary and is 
calculated by 
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where R is the kidney port/piston distribution radius. 
With an instantaneous throat area from zone 4 to zone 6, the variational cross sectional 
area is a rectangle: 
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where  is the transition angle of kidney port. 

Then the whole cylinder block port overlaps to the valve plate port and the cross section 
remains constant. So the discharge area around the whole cycle was built based on the 
above analysis. Sixteen subsection functions should be used to evaluate the flow area of 
the valve plate in Figure 2. 

To account for fluid momentum effects, the effective mass of fluid to be accelerated is 
assumed to be contained within the relief groove. The fluid inertia effect in the unsteady 
flow is a nonlinear differential equation, written as 
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where x1, x2 are the overlap linear position of valve plate. 
The flow rate bring about by the motion of the piston is determined using the kinematics 
of the piston. This quantity is expressed as 

,tansinRAq pr                                                (7) 

where qr is the flow change bring by the motion of piston, Ap is the cross section of 
piston,  is the rotation speed of pump, and  is the swash plate angle. 
The bulk modulus of oil is measured in the flow ripple test-rig using the cross 
correlation function method (Figure 3). Experimental results of the fluid bulk modulus 
were used in the model to achieve a high accuracy result. 

 
 

Figure 3. Bulk modulus of oil tested according to working pressure and 
temperature  
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The flow rate of volumetric loss, ql, is the sum of the leakage flow through the gap 
between the piston and cylinder block, qCP, and through the swash plate and the slipper, 
qSS. The leakage flow through the gap between the cylinder block and valve plate, qVC, 
is the effect of the multi-piston, and can only be considered in a multi-cylinder pump 
model. The model of leakage flow is give by Ivantysyn and Ivantysynova, 2001[5]. 

2.2. Multi-cylinder model of pumping dynamics 

The flow ripple of a multi-cylinder pump is due to the discontinuity in discharge flow 
rate from the piston and its governing pumping mechanism. The flow rate at the pump 
discharge port is the sum of the discharge flow rates of each individual piston 
connecting to the discharge kidney port. So the multi-cylinder model of pumping 
dynamics combines several single cylinder models vectorially to produce the required 
effect. Each piston is separated from the previous one by a phase angle equal to a 
separation angle of 360/9 degrees for a nine-piston pump. In addition, as the volumetric 
loss through the gap between cylinder block and valve plate is the effect of the multi-
piston, this flow rate is added after the connecting point of the flow rate from the piston 
chambers in the multi-cylinder pump model.  
The pressure pulsations, which are the major source of system noise propagating 
through the fluid in the pipelines resulting in the vibration of pipes and any connected 
equipment, are affected not only by the flow ripple of the pump but also by the system 
parameters. So the system environment of the pump was built by adding the load of a 
throttle valve and the pipelines. The flow rate through the throttle valve is expressed by 
the classical orifice equation given by[18] 

,)(2
THvvv ppACq                                           (8) 

where qv is the flow rate of the throttle valve, Cv is the discharge coefficient of the 
throttle valve, Av is the discharge area of the throttle valve, pH is the discharge pressure 
of pump, and pT is the pressure of tank. 

The flow in the pipeline is influenced by the fluid discontinuity and fluid bulk modulus, 
and is expressed as 
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where qp is the flow rate of the pump, Vt is the volume of pipeline. 

Therefore, the flow characteristics of the relationship between the multi-cylinder and the 
pump working system can be evaluated with 
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The multi-cylinder model of pumping dynamics with a hydraulic system is shown in 
Figure 4. 
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Figure 4. Model of the whole pump with hydraulic system 

The mathematical model of pumping dynamics consists of a set of differential and 
algebraic equations. These are to be solved using numerical techniques during 
simulation. MATLAB/SIMULINK(R) was chosen for simulation in this study 
considering its wide usage and availability. The multi-cylinder pump model was 
developed as a combination of various subsystem models. The S-functions 
corresponding to each subsystem calculate the required state space variables for a set of 
inputs and initial conditions. 

3. DESCRIPTION OF THE CFD-MODEL 

3.1. Models of compressible fluid oil 

The flow ripple of axial piston pump is a combination of geometrical ripple, leakage 
ripple and compression ripple. The 3D model of pump with oil film between valve plate 
and cylinder bore was employed to obtain the two first mentioned types of ripple. The 
models of compressible fluid oil were defined to describe compression ripple. 
The traditional model in CFD simulation was used incompressible fluid oil as a natural 
choice, which means that the density of oil keeps constant. In this way, the pressure 
pulsation wave translation at an infinite speed. And this is wrong to the fact that the 
pressure spread from the source as a pressure wave at the speed sound. Hence, it is 
essential  to  model  the  compressibility  of  the  pressure  medium  when  pump  flows  are  
compressed hydraulic oil. The relation between bulk modulus K and density  is 
described in Eq. 11. The reference density of the mineral oil used during test is about 
871 kg/m3 at an ambient pressure of p0=1.01 bar.  
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Besides, the sonic speed has a close relationship to the density. The relation between 
density, bulk modulus and the sonic speed is built with Eq. 12. 
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The bulk modulus K of oil is the main parameter describing the compressibility of oil. 
And it is pressure and temperature dependent. To get the a high precision of the model, 
the bulk modulus was test using cross-correlation function method with pressure signals, 
results shown in Figure 3. 

3.2. Geometry model of simulation 

In contrast to incompressible fluid, the modeling of compressibility must take account 
of the interaction between the pressure pulsations and the numerical boundaries, since 
the pressure reflections occur which distort the pulsation signal of pump.  In accordance 
with the experimental setup, a long pressure pipe with a throttle valve connects with the 
pump output orifice.  The pressure level inside the pipe is decided by the flow rate and 
the flow area of throttle.   
For comparisons with experimental results, the maximum length of pressure pipe is 2 m. 
An outspread pipe of about 0.5 m length was set after the throttle to get a constant 
pressure at the outlet of the end pipe. On the suction side, where smaller pressure 
pulsations occur due to smaller bulk modulus and resulting lower sonic speed, the 
suction pipe with a maximum length of 0.5 m was modeled. Figure 5 shows the 
complete model that consists of the suction and pressure pump, the pump and the 
throttle valve with outspread pipe. 

 
Figure 5. Complete CFD model 

According to the test rig, the maximum length of pressure pipe is 2 m. An outspread 
pipe of about 0.5 m length was set after the throttle to get a constant pressure at the 
outlet of the end pipe. On the suction side, where smaller pressure pulsations occur due 
to smaller bulk modulus and resulting lower sonic speed, the suction pipe with a 
maximum length. 

As the physical geometry of the computational domain, the internal geometry of the 
pump was used. Figure 6 shows the outline of the investigated model with the shape of 
pump, suction pipe and pressure pipe with throttle valve. Some of the key parts of pump 
are displayed in the figure. The pump physical model comprises the inlet manifold, the 
outlet manifold, the cylinder volume in front of the nine pistons and the small oil film 
between the valve plate and the cylinder clock, which is all of the oil filled space inside 
the pump except for the pump housing.  

pump 
suction pipe pressure pipe outspread pipe

0.5 m 2 m 0.5 m 
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Figure 6. The geometry model used as computational domain 

3.3. Grid of model 

There are two major movements in the pump geometry model of computational domain. 
One of them is the rotating cylinder block against the static valve plate. The rotation of 
the cylinder block will introduce a sliding grid into the analysis and the sliding grid 
solver option for the CFD software Fluent. The sliding grid option provide the grid 
interface for the sliding surfaces between the static inlet/outlet part of grid and the part 
wich represents the rotating cylinder block. The oil film, which is about 10 m, was 
used to separate these two grid parts. The oil film must be filled with at least six cells on 
the height to improve the accuracy of the caculation. And the object of creating grid is 
to have as cubic as possible and to have little difference as possible in cell size between 
neighboring block cell to avoid stability problem and convergence difficulties. The 
other major movement is the up and down movement of pistons, which causes the oil to 
pass through the pump when is rotates.  The piston movement was modeled by dynamic 
grid with moving and deforming mesh in the lower part of the cylinders.  A change in 
the deformation is made between each time step, and the deformation of the grid inside 
the cylinder is governed by the rotation speed and the angular position of the cylinder 
according to the studied pump. 
As the compressible fluid was used in the simulation, the size of the grid cells must be 
smaller than the wavelength of the pressure waves. 

3.4. Initialization and boundary conditions 

Since the flow is non-stationary, unsteady solver was used in the simulation.  And the 
length of the time step becomes an important parameter.  It is essential to keep the 
information pressure and velocity changes from travel further than one cell between 
each time step, otherwise there can be instabilities in the numerical simulation.  The 
relatively good estimate of how fast the information can travel is the speed of sound 
which is about 1200 m/s in this case with hydraulic oil.  
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The pistons move periodically with a cycle of 60/(Zn), where Z is the number of pistons 
and n is the rotation speed of cylinder.  Thereby, when one piston rotates over an angle 
of , which is the angle between two pistons. The length condition of the pistons is 
exactly  the  same  as  its  original  position,  presented  in  Figure  7.  So  it  just  need  to  
investigate the flow condition inside one basic cycle of  angle to saving the computing 
time. 

     
Figure 7. The periodic position of pistons 

Both the inlet and the outlet were treated as pressure boundary conditions with different 
static pressure levels depending on the chosen simulation case.  The calculations were 
made with the pressure-based and segregated solver respectively. The standard SIMPLE 
algorithm was employed for the pressure-velocity coupling.  Discretisations were of the 
second  order.   And  the  CFD  flow  calculations  were  performed  on  a  Dell  workstation  
with state-of the art computer hardware for several days. 

4. INTRODUCTION OF THE TEST-RIG 

The test-rig of the flow ripple test was built based on ISO 10767-1-1996. Pressure 
sensors were installed in the straight pipe at the outlet of the testing pump. An auxiliary 
pump was used as the secondary source for analyzing the source impedance of the 
testing pump. A throttle valve was used to adjust the working pressure levels. In 
addition, the working condition parameters, such as flow rate, temperature, rotation 
speed of pump, were also tested. Figure 8 is the photo of the test-rig. 

 
Figure 8. The photo of the flow ripple test rig of pump 
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5. RESULTS AND DISCUSSION 

5.1. Precision of model 

With the test-rig above, the comparison of pressure pulsation and flow ripple between 
experimental and mathematical model with the nine-pistons pump working at a pressure 
of 19.0 MPa and a rotation speed of 2000 r/min. As shown in Figure 9, the 
mathematical model agrees well with the experimental result, which means the 
improved mathematical can predict the output pressure of the axial piston pump well. 

 
 

Figure 9. Comparison of pressure pulsation between mathematical model and 
experimental result 

To study the validity of the CFD and mathematical models, a nine-cylinder pump 
running at 2000 r/min delivering a mean low of 80 L/min was investigated comparing 
with  the experimental test. The comparison results is shown in Figure 10. 

 
Figure 10. Comparison of flow ripple results 
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The maximum flow ripple amplitude of the mathematical model simulation result is 
about 14.6 L/min, and it is about 14.2 L/min of CFD simulation. While the flow ripple 
amplitude of experimental result is about 14.9 L/min. Compared with the total pump 
flow  rate  of  80  L/min,  the  flow  ripple  rate  of  the  experimental  result  is  about  18.6%.  
The flow ripple rate of the mathematical result is about 18.3%, and it is about 17.8% to 
the CFD analysis. Therefore, the error of the multi-cylinder pump mathematical model 
in the flow ripple prediction is only about 3%, and the error ratio of CFD simulation is 
about  4.6%.  So  both  the  accuracy  of  the  mathematical  model  and  the  CFD simulation  
are acceptable. 

The ripple cycle is about 3.33 ms base on the rotation speed of 2000 r/min both for the 
experimental and simulation results.  Besides, the line of the simulation result changes 
along with trend of experimental result, and they both have a flow peak at the beginning 
and  then  gradually  go  down.   Therefore,  these  results  show that  the  flow ripples  from 
CFD simulation and mathematical are in good agreement with the measurements, so the 
CFD model with compressible fluid oil and the mathematical model are show high 
accuracy and is acceptable to be employed to analyze the flow ripple characteristics of 
piston pump. 

5.2. Compressible fluid model affection 

To  further  study  the  impact  of  compressible  in  the  fluid  oil,  the  CFD  simulation  was  
used to analyze the same pump with nine pistons at the same working conditions, but 
one  modeled  with  the  compressible  oil  and  the  other  with  the  incompressible  oil,  the  
flow ripple results is shown in Figure 11. The flow ripple rate of model with 
compressible oil is about 17.8%, which is close to the testing flow rate of piston pump.  
While, the pulsation rate of flow ripple is just 5.8% when the simulation was computed 
with incompressible oil. Therefore, the simulation accuracy has been significantly 
improved using the developed compressible fluid model in CFD simulation of pump. 

 
Figure 11. Comparison of flow ripple with different fluid model 

Figure 12. Results and Discussion 
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6. CONCLUSIONS 

 (1) The mathematical model of flow ripple was improved by using compressibility of 
fluid oil and further analyzing of the movement model of piston, the cross area of valve 
plate, the throttle coefficient, the loss inside pump, etc. Besides, the pump model with 
its working hydraulic system was improved. The mathematical model agrees well with 
the experimental result, which means the improved mathematical can predict the output 
pressure of the axial piston pump well.  

(2) The 3D dynamic calculations were employed to obtain the flow field within the 
piston pump body using CFD technology. The improved CFD model with compressible 
fluid oil increase the flow ripple rate accuracy to about one-magnitude-order, and the 
validity of this model is acceptable in analyzing the flow ripple characteristics based on 
the comparison with experimental test. 
(3) The flow ripple is greatly influenced by the compressibility of fluid oil based on the 
testing flow rate of piston pump. Therefore, the simulation accuracy has been 
significantly improved using the developed compressible fluid model in mathematical 
model and CFD simulation of pump. 
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ABSTRACT 

Due to their characteristic features such as low friction, long operating life and good 
stiffness and damping, plain bearings are frequently used machine elements. 
Nevertheless, they also have some deficits as a high demand of volume flow 
(hydrostatic bearings) and the need for a certain rotational speed (hydrodynamic ones). 
This paper deals with a new hybrid bearing concept for forces in the MN range, which 
combines the known principles. A design draft was developed and analyzed concerning 
its technical potential using two numeric simulation tools. Different configurations were 
investigated in order to determine the most promising solution. Based on these 
calculations, functional prototypes were built to carry out experimental investigations. 

KEYWORDS: Radial plain bearing, hydrostatic, hydrodynamic, CFD, PM controller 

NOMENCLATURE 

e Shaft eccentricity mm 

FL
 Load force MN 

FL,max
 Maximum load force MN 

Fres Bearing force MN 

hmin
 Minimum gap height mm 
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K’ Bulk modulus bar 

lK Length of capillary mm 

n Rotational speed min-1 

p Static pressure bar 

p0 Supply pressure bar 

pp Pocket pressure bar 

Qp Volume flow into bearing pocket l/min 

Qtot Total volume flow l/min 

Rh Hydraulic resistance bar/(l/min) 

rK Radius of capillary mm 

η Dynamic viscosity kg/m·s 

ρ Density kg/m3 

1. INTRODUCTION 

The operational efficiency of a machine or plant is determined, among others, by the 
bearing quality at all rotating components. Therefore, roller and plain bearings are 
available, with plain bearings offering numerous advantages such as high load-carrying 
capacity, low friction and wear, long operating life as well as good stiffness and 
damping. 

According to the generation of the carrying capacity of plain bearings, a distinction is 
made between hydrostatic and hydrodynamic bearings. In hydrostatic bearings, the 
load-bearing pressure is generated by an external pump, whereas in hydrodynamic 
bearings the effect of hydrodynamic pressure built-up in a tapering gap is used which 
results from the sliding movement between shaft and bearing ring. As their load-
carrying capacity is proportional to the supply pressure, hydrostatic bearings have the 
advantage of short construction length so that a small misalignment of the shaft does not 
cause major problems. However, this is achieved with high power consumption. A 
further benefit of hydrostatic bearings is that they can be operated without relative 
motion between bearing and shaft in contrast to hydrodynamic bearings. For the 
hydrodynamic effect a certain rotational speed between the sliding surfaces is essential 
to avoid solid body friction. Hydrodynamic bearings are very energy-efficient due to 
low supply pressures. Furthermore, they have good emergency operating features. 

In some heavy duty applications with low rotational speeds, roller bearings have so far 
been employed to transmit high dynamic radial loads. However, several cases of 
damage show that they do not always meet the requirements regarding durability and 
reliability. Consequently, alternative bearing concepts are being developed to overcome 
the known deficits. In the course of these investigations, innovative plain bearing 
solutions are analysed with regard to their potential for energy efficiency, load-carrying 
capacity and emergency operating features. 

Two numeric simulation tools are applied to evaluate the performance of different 
technical solutions as well as reduce development efforts and costs. The two-
dimensional calculation of the planar gap flow is performed with the programme 
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SIRIUS, which was developed at the University of Rostock [1], [2]. The CFD software 
ANSYS FLUENT is used to run three-dimensional simulations of the complex flow 
field in the plain bearing. Different bearing concepts and load cases are analysed in 
order to determine the most promising solution. 

This paper shows two modelling approaches for the computation of steady and 
dynamically loaded journal plain bearings. Both methods are compared and evaluated 
with respect to their suitability and applicability to the present issues. 

2. HYDROSTATIC/HYDRODYNAMIC PLAIN BEARING CONCEPT 

The idea of this new plain bearing concept described in [3] is to combine the advantages 
of hydrostatic with hydrodynamic bearings to create an energy-efficient hybrid bearing 
for heavy duty applications at low rotational speeds. One of the several challenges of 
the concept development was to find a compromise between two contrary principles. 
Considering the design of the bearing ring, hydrodynamic bearings need a maximum 
sliding surface for the hydrodynamic effect, as the load-bearing pressure is generated by 
the relative movement between shaft and bearing ring. In hydrostatic bearings, bearing 
pockets carry the load. Therefore, they should be as large as possible. The design of the 
hybrid bearing provides a large sliding surface interrupted by an unusually high number 
of small linear pockets (fig. 1). The bearing area (pockets and sliding surface) must be 
dimensioned large enough to bear the load with the available supply pressure. 
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Figure 1. Design draft of the hybrid bearing 

The distribution of the oil among the bearing pockets is another point of interest. In 
conventional hydrostatic bearings, the oil flow is controlled by capillaries that are 
installed as fixed restrictors upstream the bearing pockets. Their flow rate is inversely 
proportional to the pressure in the bearing pocket as shown in the graph in fig. 2. Thus, 
a large amount of oil flows through unloaded pockets whereby great losses are caused. 
Here, variable flow restrictors instead of fixed ones can be a remedy. They control the 
volume flow into the pockets, depending on the force applied to the bearing and the 
pressure in the pocket respectively. The required volume flow can be significantly 
reduced by supplying oil only to the part of the bearing that carries the load. A possible 
solution are PM controllers [4] which adjust the fluid flow into a hydrostatic device 
proportionally to the load pressure. That means PM controllers deliver an increasing 
fluid flow into the pocket when the pocket pressure rises (fig. 2). Unloaded pockets only 
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receive a small amount of oil. Due to the linear flow characteristic, a high stiffness of 
hydrostatic bearings is achieved. 
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Figure 2. Flow characteristic of a capillary and PM controller as well as the 

mechanical design of a PM controller [5] 

The mechanical design and the functionality of PM controllers is described in [5], see 
fig. 2 again. This controller is a further development of membrane restrictors with 
improved stability properties. The flow rate is regulated by an annular gap, depending 
on the deformation of a membrane. There is an additional flow resistance parallel to the 
annular gap (bypass) to guarantee the oil flow into the bearing at low pocket pressures. 
According to this, undersupply of the bearing and the tearing open of the lubricating 
film can be avoided. 

A third matter is the layout of the hydraulic power unit. As a result of the two bearing 
principles, a high pressure as well as a low pressure supply is necessary, depending on 
the rotational speed of the shaft. This can be realized by, for instance, using two pumps 
with different working pressures. 

Operating the bearing under hydrodynamic conditions has the advantage that only a 
little oil flow is needed to replace the leakage. The low pressure supply is used in this 
case. Here it is essential to prevent the oil’s backflow from the bearing pocket into the 
supply line, if the pocket pressure exceeds the supply pressure. For this purpose, check 
valves are installed in front of the pockets to guarantee hydrodynamic pressure built-up 
and the bearing’s load-carrying capacity. 

The subject of the presented research project is the development of a bearing for a shaft 
diameter of 770 mm with a bearing clearance of 0.6 mm. That implies a possible 
eccentricity of the shaft of 0 .. ±0.3 mm. Twelve pockets are equidistantly arranged in 
the bearing ring. 

3. DESCRIPTION OF THE SIMULATION MODELS 

The simulation of the plain bearing was carried out with two numerical tools which 
differ methodically. The commercial CFD software ANSYS FLUENT computes three-
dimensional fluid flows solving the Navier-Stokes equations, using the Finite Volume 
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Method for discretisation. It provides comprehensive modelling capabilities for a wide 
range of incompressible and compressible, laminar and turbulent fluid flow problems. 
Steady-state or transient analyses can be performed. In FLUENT, a broad range of 
mathematical models for transport phenomena (like heat transfer and chemical 
reactions) is combined with the ability to model complex geometries [6]. 

The academic programme SIRIUS for the two-dimensional calculation of hydrostatic 
and hydrodynamic plain bearings takes another approach. According to the 
conventional plain bearing theory developed by Reynolds [7], several constraints were 
applied to the conditions in the lubrication gap of plain bearings. They are the basis of 
the Reynolds-averaged Navier–Stokes equations (RANS), which are solved by SIRIUS. 
The software provides the incompressible computation of the pressure distribution in 
the gap of steady and dynamically loaded plain bearings. Two calculation methods are 
available: the solution of the Reynolds equations with the Gümbel constraint which 
means that negative pressures are set to zero, or the calculation of the enhanced 
Reynolds equations with consideration of cavitation [2]. Apart from the possibility of 
free arrangement of the bearing pockets, some geometric variations can be considered, 
e.g. shape deviation of shaft and bearing ring or tilt and curvature of the shaft. The 
SIRIUS simulation model discretises the area of the lubrication gap, while the gap 
height is described by an analytical equation. The flow rate into the pockets as well as 
the pressure at the edge of the gap are defined as boundary conditions. The volume flow 
can be given as constant value. Additionally, a controlled oil supply is possible. The 
programme determines the shaft displacement resulting from a given load and vice 
versa. Further results are the height of the bearing gap, the fluid volume fractions of 
liquid and air phase or the required hydraulic power. The computing times are short due 
to the extremely specialized two-dimensional calculation. The simulations can be done 
at an office PC. Thus, SIRIUS allows the fast and systematic computation of many 
bearing variants in order to get an overview during the search for an optimal solution. 

In contrast to this simplified model, the CFD method can be used for the spatial 
resolution of fluid mechanics details without analytical assumptions. The geometry of 
the lubrication gap between bearing ring and shaft is modelled in detail, including the 
shape of the bearing pockets as well as the inlet bores, compare fig. 3. Thereby, 
advantage is taken of the bearing’s symmetry in axial direction to reduce the size of the 
model and the numerical effort respectively. The gap height is discretised with eight 
cells. Altogether, the model contains about 1.3 million hexahedral elements. 
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Figure 3. Geometry and structure of the CFD model 

The mass flow rate into the bearing pockets and the pressure at the outlet are defined as 
boundary conditions, similar to SIRIUS. Both the restrictor and the check valve are 
implemented in a user-defined function (UDF) within the mass flow inlet, as pictured in 
fig. 3. This matter will be discussed below. Using UDFs is a very flexible possibility to 
model different restrictors with low effort in FLUENT. This is a clear advantage 
compared to SIRIUS, where a change of the oil supply modelling causes high 
programming effort. The rotational speed of the shaft (n = 0 .. 140 min-1) is simulated 
by a moving wall without influencing the model’s grid.  

In a first step, the CFD model is used for the flow simulation for fixed shaft 
displacements (eccentricity e = 0 .. 0.3 mm). Results are pressure as well as velocity 
distribution of the flow, forces on the shaft, flow rates and others. The steady state 
behaviour of the bearing is determined in this way. The second step is the calculation of 
the eccentricity caused by an external load on the shaft in order to investigate the 
bearing’s dynamic performance. A dynamic grid model is created for this purpose to 
allow the free movement of the shaft. 

It is well known that the oil in the lubrication gap of hydrodynamic bearings is foaming 
in case of undersupply. This effect must not be neglected. Unlike multiphase flows with 
due regard to cavitation, the numerical expenditure can be considerably limited by 
pressure-dependent density modelling based on the bulk modulus K’ [8]. In this way, 
the elasticity of the surrounding wall as well as the influence of undissolved gas are 
considered. This approach was used to describe the compressibility of the medium 
mineral oil ISO VG 100 as a liquid-air mixture. Wustmann made a correction for the 
low pressure range so that the minimum bulk modulus does not fall below 
K’min = 285 bar. However, running the CFD simulations with this parameter causes 
negative pressures in the areas of the bearing gap where cavitation is expected. These 
pressure values are physically impossible and negatively influence the resulting forces 
on the shaft calculated from the pressure distribution. Consequently, the minimum bulk 
modulus was modified to reduce or even avoid negative pressures. Comparisons with 
SIRIUS calculations for example showed that a minimum bulk modulus of 
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K’min = 10 bar is adequate to simulate the low stiffness of foamed oil without a 
cavitation model. 

The constant dynamic viscosity of the oil was set to η = 0.086 kg/(m·s), which is in 
accordance with an operating temperature of θ = 40 °C. The Reynolds numbers Re - as 
the characteristic value of the turbulence of a flow - are only small even at high flow 
rates owing to the high viscosity of the mineral oil. Because of the prevailing laminar 
character of the bearing flow, a turbulence model is not necessary. 

The flow resistance of the restrictors at the inlets is represented by analytical equations 
implemented in UDFs in order to keep the model flexible. Thus, different types of 
restrictors can be investigated with the same geometric model. Fig. 4 shows exemplary 
the modelling of two restrictors. The flow rate through a capillary as a laminar flow 
resistance Qp,C is calculated according to the well known equation (1). The respective 
oil flow into the pockets is determined depending on the geometry of the capillary, the 
fluid viscosity as well as the current pressure difference across the restrictor. The 
difference between supply and pocket pressure (p0 - pp) is used to simulate the check 
valve. In the case of a positive pressure difference, the calculated flow rate is adjusted 
as boundary condition. And the other way around, the oil flow into the pocket is set to 
zero, if the pocket pressure exceeds the supply pressure. 
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Figure 4. Modelling of the restrictors capillary and PM controller in the CFD 

model 

In contrast to the capillary, it is not possible to describe the flow rate through the 
complex component PM controller with one equation. Alternatively, the flow/pressure 
characteristics of an available PM controller was determined experimentally and 
approximated by a power function Qp,PM = f(pp), pictured in fig. 4. The flow rate is 
computed according to the current pocket pressure and defined as boundary condition. 
This restrictor is dimensioned for a supply pressure of p0 = 160 bar and a theoretical 
maximum flow rate of Qp,max = 3.6 l/min. The actual volume flow reaches about 
Qp = 3.4 l/min, which means just a small deviation from the data sheet.  

The CFD flow calculations were performed on Opteron Dual Core server computers. 
The simulations of the individual shaft positions only take about one hour owing to the 
steady state conditions. Thus, a characteristic curve consisting of ten points can be 
generated within one day, running some calculations in parallel. The pressure-based 
solver was chosen and the standard SIMPLE algorithm was employed for the pressure-
velocity coupling. Due to the low gap height of 0.03 to 0.3 mm with very flat cells, the 
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node-based gradient method was used for higher accuracy. Discretisations were of the 
second order. 

4. NUMERICAL INVESTIGATIONS 

Besides a load-carrying capacity for maximum load forces of FL,max = 2.4 MN with a 
minimum gap height not falling below hmin = 0.03 mm, the radial plain bearing has to 
meet requirements concerning power consumption, reliability and emergency operating 
features. Numerical investigations allow the evaluation of different technical solutions 
before test carriers are built for experiments on a test rig. Two examples, taken from the 
data generated, are discussed in detail in this chapter. Firstly, the hydrostatic/ 
hydrodynamic plain bearing with the PM controllers already mentioned above is 
highlighted. Afterwards, this concept is contrasted with a conventional hydrostatic 
bearing with capillaries. 

4.1. Hydrostatic/hydrodynamic plain bearing with PM controllers 

PM controllers as load-dependent restrictors seem to be a promising alternative to 
capillaries as they improve the performance of the hybrid bearing. In a first step, a 
bearing design with the PM controller presented in fig. 4 was investigated. Thus, a 
supply pressure of p0 = 160 bar should not be exceeded for hydrostatic operations. In 
FLUENT, steady state simulations of several eccentricities were carried out for both the 
minimum and the maximum rotational speed of the shaft. Fig. 5 shows exemplary the 
pressure distribution in the bearing for a shaft deflection of 70 % from the central 
position. 
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Figure 5. FLUENT results for the pressure distribution in the bearing with PM 

controllers  at an eccentricity of e = 0.21 mm 

The difference between stationary and rotating shaft is clearly visible from the polar 
diagram picturing the pressure in the bearing’s middle section. A symmetric pressure 
profile develops when the rotational speed is n = 0, see the solid line as well as the 
distribution on the shaft on the right. Rotating the shaft with a certain speed causes a 
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hydrodynamic pressure built-up in the tapering gap before the minimum gap height hmin, 
also shown in the polar diagram (dotted line). Obvious pressure differences in the 
pockets 5 to 8 between the solid and the dotted curve are the result. That implies not 
only a higher resulting bearing force Fres, but also different angles of the force vectors, 
indicated in fig. 6. The hydrodynamic effect enhances with increasing eccentricity, 
which also becomes clear from the left diagram in fig. 6. The black graph bends at an 
eccentricity of e = 0.21 mm, as the pocket pressure of the pockets 6 and 7 approaches 
the supply pressure p0 and is not able to exceed it. Nevertheless, the bearing force 
slightly rises, as the pressure in the neighbouring pockets 5 and 8 still grows. However, 
even with a shaft deflection of 90 % (e = 0.27 mm), the resulting force is not high 
enough to bear the maximum load force of FL,max = 2.4 MN without hydrodynamic 
support. On the other hand, the influence of the rotational speed is big enough to 
generate a sufficient bearing force, see the blue graph in fig. 6 for comparison. Both 
curves mirror the typical behaviour of hydrodynamic plain bearings: flexible around the 
middle position of the shaft and stiff at high eccentricities. This means that a certain 
deflection of the shaft is necessary to carry high loads. 
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Figure 6. Resulting force on the shaft and total volume flow of the hybrid bearing 

with PM controllers 

The diagram on the right of fig. 6 shows the total volume flow into the bearing, summed 
up of the single pocket flows. Both graphs, almost independent of the rotational speed, 
show two effects. The first effect is a nearly constant flow rate up to an eccentricity of 
e = 0.18 mm resulting from the small changes of the pocket pressure in this range. The 
second one is the action of the check valves mentioned in chapter 3. If the pocket 
pressure reaches the supply pressure of p0 = 160 bar, the oil would flow back into the 
inlet bores. However, as the “virtual check valve” closes in this case, the flow rate of the 
concerned pockets is set to zero. Thus, you see a clear decrease in the total volume flow 
Qtot, which contributes to the reduction of the energy demand. 

In order to show the comparability of the two numeric tools, the shaft deflection for a 
certain bearing load was computed with SIRIUS, using the same configurations as for 
the calculation of fixed eccentricities with FLUENT. The example is presented in fig. 7. 
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Figure 7. 2D and 3D pressure distribution and gap height computed with SIRIUS 

The bearing was loaded with a force of FL = 1.5 MN. The resulting pressure in the 
lubrication gap as well as the reached position of the shaft is pictured in two- and three-
dimensional distributions in fig. 7. Both the pressure profile and the maximum pocket 
pressure are in accordance with the FLUENT results. Furthermore, an eccentricity of 
e = 0.21 mm and a total volume flow of Qtot = 27 l/min ensues from the given load 
force, which is not apparent from the diagrams. This is a further output SIRIUS and 
FLUENT have in common. 

The presented computations lead to several results. First of all, it is demonstrated that 
SIRIUS and FLUENT are appropriate software tools to investigate the performance of 
hydrostatic/hydrodynamic hybrid bearings. Both programmes complement each other 
because of their different approaches. SIRIUS allows simplified but fast calculations 
that analyse a variety of bearing designs whereas FLUENT is used for the detailed 
simulation of the flow field, e.g. for evaluations and improvements of the bearing’s 
design or the validation of the results obtained with SIRIUS. A second benefit is the 
conclusion that the hybrid bearing concept has the potential to live up to the 
expectations. The hydrodynamic effect of the rotating shaft provides a considerable 
additional amount of carrying capacity, especially at high shaft deflections when the 
supply pressure p0 is insufficient to bear the load hydrostatically. A further important 
result is that the analysed PM controllers are not adequate to meet the requirements 
regarding the load-carrying capacity of the bearing. Load forces of 2.4 MN cannot be 
carried, as the restrictors are pressure-resistant up to 160 bar only. This statement 
emphasizes the value of simulations, since they can be run without any experimental 
investigation. As a consequence, a modification of the controllers’ dimensioning is 
necessary. Possible actions are the increase of the flow rate as well as the supply 
pressure, with a higher pressure seeming to be the more promising alternative. This idea 
is highlighted in the next paragraph. 
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4.2. Comparison of the bearing concepts with capillary and PM controller 

As mentioned above, a supply pressure higher than p0 = 160 bar is necessary to reach 
the required carrying capacity. Therefore, the following assumption was made: The 
flow rate of the PM controller was kept at Qp,max = 3.6 l/min and the pressure level was 
increased to p0 = 220 bar, compare fig. 4. The flow characteristic was simply modified 
by a horizontal parallel translation of the curve. This means that the flow rate at the 
particular pocket pressures is slightly lower. Investigating the bearing design with these 
restrictors demonstrates that the increased pressure is a step in the right direction. The 
bearing force of Fres = 2.4 MN is almost achieved, as pictured in the left diagram in 
fig. 8, even when operating the bearing hydrostatically with n = 0. A further increase of 
the pressure level will guarantee the load-carrying capacity. As the flow characteristic is 
similar to the original controller, the total volume flow does not change (right diagram). 
The bend in the black curves occurs again, but at a higher eccentricity owing to the 
higher supply pressure. The pressure distribution in the middle section of the bearing is 
also known from the former calculations. The polar diagram exemplifies this for a shaft 
deflection of 70 %. The lower pressure values follow from the lower flow rates resulting 
from the parallel translation of the flow characteristic of the PM controller. 
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Figure 8. Comparison of two restrictors (capillary and PM controller) regarding 

bearing force, volume flow and pressure distribution 

Additionally, a bearing with the conventional restrictor capillary was analyzed to point 
out the potential of the new bearing concept. The results are contrasted in fig. 8, where 
all three diagrams show remarkable differences. Although the bearing with capillaries 
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needs more than four times the volume flow, the resulting force is not much higher than 
the force of the bearing with PM controllers, especially at large shaft deflections and 
high loads respectively. The pressure profiles in the polar diagram confirm this result. 
The bearing with capillaries is stiffer at small eccentricities, as it is characteristic for 
hydrostatic plain bearings. However, this is achieved by very high volume flows up to 
86 l/min. Since the hydrodynamic effect is to be used in the presented case, high 
stiffness in the middle of the bearing is not required. Quite the contrary, a small gap 
height supports the generation of the load-bearing pressure, since it means a high flow 
resistance. A certain deflection of the shaft is intended. In this way, the required 
carrying capacity can be reached at a considerably reduced flow rate by using the new 
hybrid bearing concept with load-dependent restrictors. 

5. CONCLUSIONS 

In this paper, a new hybrid bearing concept for heavy duty applications at low rotational 
speeds is presented. The idea is to use both features of hydrostatic and hydrodynamic 
plain bearings in order to combine their advantages and achieve a robust and reliable 
component. Furthermore, load-dependent restrictors shall be utilised for the control of 
the volume flow into the bearing pockets with the aim of lowering the hydraulic power 
consumption. Two numeric simulation tools are applied to predict the potential of the 
new bearing concept as well as reduce development efforts and costs. Bearing designs 
with different restrictors are analyzed by means of the computation of pressure 
distribution, the resulting shaft deflection and load-carrying capacity plus volume flow 
rate. The results serve the comparison and evaluation of the several concepts. First 
calculations show that bearings with PM controllers as load-dependent restrictors are a 
promising alternative to the conventional design with capillaries. Moreover, other ideas 
are taken into account to find an optimal solution. Due to the simulations, the first steps 
of the development of the new hybrid bearing concept were possible without any 
experimental investigations. Of course, a test rig is under construction to validate the 
simulation models as well as prove the different bearing designs. The layout of the test 
rig is displayed in fig. 9. 
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Figure 9. Layout of the bearing test rig 
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Two hydraulic cylinders (radial actuators), which are arranged in a 90° angle, apply 
variable radial forces to the test bearing. A third hydraulic cylinder (axial actuator) is 
used for the shaft’s axial displacement. The rotational movement of the shaft is realized 
by a frequency-converter-driven asynchronous motor. Thus, the test rig allows 
experimental investigations of a great variety of load cases. Furthermore, the CFD tools 
and models are improved continuously. Among other things, the implementation of a 
dynamic FLUENT model to calculate the equilibrium of forces on the shaft is intended. 

The presented results were generated in cooperation with the Chair of Mechanical 
Engineering Design/CAD at the University of Rostock as well as the Institute of 
Lightweight Engineering and Polymer Technologies at TU Dresden. The research for 
this paper is funded by the German Federal Ministry of Economics and Technology 
under the support code 03SX245A. This publication reflects the views only of the 
authors. 
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ABSTRACT 

In this paper friction measurements of large hydraulic differential cylinders are 
presented. Aim of the work is an easy to parameterise friction model by geometric and 
system parameters that are instantly accessible for the hydraulic system designer. 
Therefore, friction measurements for two load cases and different chamber pressures are 
carried out with a test rig especially designed for these purposes. The results show that 
the friction force of seals, wipers, and guides for piston and piston rod compact sealing 
systems depend on the load case and increases with rising load. Future work will focus 
on the creation of a friction model. 

 

KEYWORDS: Sealing Friction, Friction Model, Large Cylinder Test Rig, Inner Friction 

1. INTRODUCTION 

Current design of hydraulic systems relies on a rough estimation of the inner friction of 
hydraulic cylinders because the actual friction force is unknown. In many cases, the 
friction of piston and rod sealings is approximated to be between 2% and 10% of the 
nominal load [1]. Especially for the design of new hydraulic systems being designed by 
system simulation support, it is crucial to have an exact knowledge of the inner friction 
of sealings. Some simulation tools model the inner friction with a constant value. Others 
apply the Stribeck model, which describes the friction dependent on the velocity [2]. A 
disadvantage of the more precise Stribeck model is that quantities of the break-away 
force Fmax, the smallest friction force Fmin at the corresponding velocity , and 
information about the velocity proportional friction force coefficient are necessary to 
parameterise the model (see Fig. 1). 

minFx
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This poses a challenge for exact hydraulic system design, as this data is not available at 
the design stage. An approach to obtain the required data is to either run friction tests or 
have access to expert knowledge, which is hardly available for large hydraulic 
differential cylinders. In order to avoid such a time-consuming step or due to the lack of 
an appropriate database, many system designers make use of an estimation of the inner 
friction force depending on the nominal load of the cylinder. Those approximations are 
commonly of a conservative nature and are therefore somewhat inaccurate. 

 
Figure 1. Stribeck friction model 

To overcome this difficulty, within the research and development project 
FLUIDTRONIC a different approach was chosen [3]. Main goal of the research on 
friction forces is to deliver a tool for the user which allows an exact friction model 
parameterisation solely based on geometric and system parameters. This facilitates a 
rapid and at the same time precise simulative system design with easy accessible 
parameters. Such parameters are the diameters of cylinder piston and rod, the type of 
sealing and expected chamber pressures. To achieve the needed correlations between 
the latter parameters and a frictional model, frictional measurement data is required. 
Therefore, a test rig was built at the Institute for Fluid Power Drives and Controls 
(IFAS). 

The paper is structured as follows: The next chapter describes the test rig for the friction 
measurements. Afterwards, measurement results are shown. A discussion of the 
obtained results concludes the article. 

2. TEST RIG 

The friction force of a differential cylinder is constituted by the friction of the piston rod 
sealing system and the friction of the piston sealing system (refer to Fig. 2). The sealing 
systems consist of wipers, guides, and piston or rod seals. To measure the combined 
friction force of piston and rod sealing system the kinematic principle is inverted. 
Therefore, an external force FExt is applied to the piston rod, causing a movement of the 
piston. During a measurement it is advantageous to keep the cylinder chamber pressures 
constant. 

For the test rig measurements a friction force measurement platform was installed at the 
bottom flange of the test cylinder, where the force FMeas is recorded. A balance of forces 
can be formulated for the piston of the cylinder (Eq. 1). 
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amApApFFFF  RodRodPistonPistonRodF,PistonF,Ext                     (1) 

The balance of forces can also be formulated for the cylinder tube (Eq. 2). 

amApApFFFF  RodRodPistonPistonRodF,PistonF,Meas                   (2) 

By comparison of Eq. 1 and Eq. 2 it can be seen that the external driving force FExt is 
equal to the measured force FMeas. When the piston rod of the test cylinder does not 
move, a force due to the pressures in the cylinder chambers is measured with the 
measurement platform. The pressures in the cylinder chambers pPiston and pRod represent 
the load force FLoad. The monitoring of the pressure chambers allows an exact 
determination of the load force (Eq. 3). 

RodRodPistonPistonLoad ApApF                       (3) 

If an external force FExt is applied to the piston rod, the piston rod starts to move and 
friction forces FF, Rod and FF, Piston are induced. The force measurement elements are 
working with a piezo-capacitive principle and able to measure high responses. As the 
load force is known from Eq. 2, the combined friction force FFriction of the piston rod and 
piston sealing system is determined (Eq. 4). 

RodF,PistonF,LoadMeasFriction FFFFF                                                          (4) 

 
Figure 2. Friction induced by sealing systems 

The test rig for the friction measurements is shown in Fig. 3. It mainly consists of two 
differential test cylinders identically in design which are located in the middle of the test 
rig. The piston rods of the two test cylinders are fixed to a cross-head. The cross-head is 
actuated by two driving cylinders which are placed between the lower test cylinder and 
the frame. The driving cylinders exert the external force. To measure the friction force, 
each cylinder bottom is mounted to a measurement platform. The measurement 
platforms are connected to the frame. The height of the test rig is 6000 mm which 
allows a stroke of 1000 mm per test cylinder. 

The configuration of the two test cylinders identical in design which are oriented 
towards each other is beneficial as the high forces of the linear drives are 
counterbalanced [1]. Another advantage of the chosen design with two test cylinders 
concurrently measured is that the chamber pressures can be kept constant. The piston 
side chamber of the lower test cylinder is connected with the piston side chamber of the 
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upper test cylinder. The rod side chambers of lower and upper test cylinder are also 
connected by hoses. During the tests the test cylinder chambers are not connected to the 
hydraulic system. Thereby, the oil volume of the piston side and the rod side is self-
contained. When the cross-head is moved by the driving cylinders, the rod side oil 
volume of the lower test cylinder is conducted by the hoses to the rod side chamber of 
the upper test cylinder. The oil flow of the piston side chambers is the other way round. 

 

 
Figure 3. Friction test rig 

Fig. 4 illustrates the hydraulic diagram of the friction test rig. In order to measure the 
friction force for a wide range of load cases the chamber pressures of the test cylinders 
need to be adjustable. With the pump, various pressure levels in the test cylinder 
chambers can be set up. For a measurement the predefined pressure levels in the test 
cylinder chambers are adjusted with the pump and the pressure relief valve, then the 
pneumatically actuated ball valves are closed, and the friction measurement is carried 
out. Two ball valves are connected in series to minimise the leakage. Another pump 
supplies the driving cylinders via the control valve. The driving cylinders are position 
controlled. 
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Figure 4. Hydraulic diagram of the test rig 

A measurement cycle starts when the lower test cylinder is retracted. During an 
acceleration phase the driving cylinders accelerate the test cylinders (see Fig. 5). Then 
the test cylinders move with constant velocity until the deceleration phase starts. At the 
end of the deceleration phase the lower test cylinder has reached its upper end position. 

 
Figure 5. Position and velocity profile of the lower test cylinder 

After a short pause the driving cylinders once more accelerate the test cylinders in the 
opposite direction for the instroke. When the predefined velocity is reached, the test 
cylinders move with constant speed. Thereafter, the test cylinders are decelerated and at 
the end of the cycle the lower test cylinder reaches its lower end position. During the 
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measurements, the pressure in the test cylinder chambers and the measured force of the 
force measurement platforms is recorded. With the realised position control of the 
driving cylinders diverse velocity profiles can be applied. This also allows 
investigations of stick-slip effects. 

A wide range of parameters can be changed for the measurements with the designed test 
rig (see Table 1). 

Table 1. Range of parameters of the friction measurements 

Test rig parameters Range 

Test cylinder chamber pressure 0 bar to 250 bar 

Test velocity 0 m/s to 0.15 m/s 

Piston diameter 100 mm, 150 mm, 200 mm 

Piston rod diameter 50 mm, 100 mm, 160 mm 

Maximum test cylinder stroke 1000 mm 

Type of sealing no limitations 

Type of hydraulic oil Fuchs Renolin B 15 (HLP 46) 

 

The maximum chamber pressures, the stroke, and the test velocity are limited by the test 
rig design. The other geometric parameters of the test cylinders can be changed by 
mounting different test cylinders to the test rig. Also, the type of sealing, such as 
chevron seals or compact seals, can be chosen freely. 

The next chapter shows measurement results that were obtained for compact sealing 
systems with the velocity profile given in Fig. 5. 

3. FRICTION MEASUREMENTS 

To investigate the influences of the load case and the nominal load many pressure 
combinations were tested. The pressure combinations were chosen to test two load 
cases. The first load case investigates pressurised piston side chambers with piston side 
pressures of 50 bar, 100 bar, 150 bar, 200 bar, and 250 bar. For this first load case the 
rod side chambers are at 0 bar. 

For the second load case with pressurised rod side chambers, piston and rod sealing 
systems are pressurised and a high friction force is expected. The rod side chambers are 
pressurised to 50 bar, 100 bar, 150 bar, 200 bar, and 250 bar. The piston side chambers 
are at 0 bar for the second load case. 

For both load cases the chamber pressures were raised subsequently by pressure steps of 
50 bar up to 250 bar. This ensures that the influence of the nominal load for each load 
case can be determined. All results shown here were obtained with two test cylinders 
identically in design with a piston diameter of 200 mm and a rod diameter of 160 mm. 
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The maximum test velocity was 0.14 m/s and compact sealing systems were used for 
piston and piston rod. 

Fig. 6 illustrates a measurement result of a pressure combination from the first load case 
tested at an oil temperature of 21°C. The measurements were obtained after run-in. The 
rod side chambers are pressurised to 200 bar and the piston side chambers are at 0 bar. 
The plot shows the frictional forces of the two test cylinders for in- and outstroke of 
each cylinder. 

In the diagram the measurement cycle can be seen. The labelled curve shows the 
frictional force FFriction (cf. Eq. 4) of the lower test cylinder, which is further explained 
in the following. A positive FFriction indicates a drag force for the cylinder pipe. At the 
start of the measurement the cylinder is in its lower end position. Firstly, the break-
away force of 6.8 kN has to be overcome to start the outstroke. With increasing velocity 
during the acceleration phase, the friction force bottoms out at 4.2 kN and rises to 
6.8 kN at constant velocity. The deceleration phase also shows a minimum of 5.1 kN. 
When the upper end position at the end of the outstroke of the lower test cylinder is 
reached, the friction force is 8.4 kN. 

 
Figure 6. Test results with pressurised rod side chambers 

Thereafter the direction of travel is changed for the instroke, as the lower test cylinder 
needs to reach its lower end position for a full cycle. At the beginning of the instroke, a 
break-away force of -5.7 kN can be seen. During acceleration a minimum is not clearly 
present and the value at constant negative velocity is -5.9 kN. During the deceleration 
phase the friction force keeps almost constant and rises to -8.7 kN shortly before stand 
still. The upper test cylinder does not yield an identical curve. The shape of the curves is 
similar but the absolute value of the friction force of the lower test cylinder is higher. 
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The reason for the higher friction force of the lower test cylinder is an elevated surface 
roughness of the piston rod and was therefore expected. The piston rod surface 
roughness of the lower test cylinder was Ra=0.285 µm, the piston rod surface roughness 
of the upper test cylinder was Ra=0.094 µm. The frictional measurements proved to 
have a good repeat accuracy which can be seen from the measurements of a second test 
that are depicted with broken lines. 

When compared to the Stribeck curve, the measurement results from the test bench do 
not clearly follow that path. The break-away force can be observed and also the 
following reduction of the friction force with increasing velocity. After the friction force 
reduction not every measured curve showed an increase of the friction force. 

Another effect that can be seen from the measurements is that the curves for 
acceleration and deceleration are not identical. A reduction of the friction during 
deceleration of two surfaces moving against each other was described by Sampson [4]. 
A looping behaviour for acceleration and deceleration of the friction force was 
described by Hess [5]. The value of the break-away force at the beginning of the 
movement and the friction force at the end of the deceleration phase are not identical. 
This was also observed by Hess [5]. 

For the measurement shown in Fig. 6 the rod side chamber was pressurised to 200 bar 
and the piston side chamber was at 0 bar. Considering the piston diameter of 200 mm, 
the nominal load of this test is 226 kN. As the maximum friction force is 8.7 kN it 
equates to 3.8% of the nominal load. 

Fig. 7 shows the friction force at constant velocity for the outstroke of all tests of the 
first load case with pressurised rod side chambers. The piston side chambers are at 
0 bar. It can be seen that the inner friction force of both test cylinders depends on the 
nominal load. 

 
Figure 7. Dependency of the friction force on the rod side pressure 

The friction force at constant velocity of the upper test cylinder rises continuously from 
2 kN at 50 bar to 4 kN at 250 bar. The friction force of the lower test cylinder rises from 
4 kN to 7 kN within the same pressure range. A dependency of the friction force on the 
chamber pressures was also measured by [6]. The higher friction force of the lower test 
cylinder is due to the increased surface roughness of that cylinder. 
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In Fig. 8 the dependency of the friction force at constant velocity during the outstroke 
for the second load case with a pressurised piston side chamber is shown. The friction 
force for this load case is lower than the one previously discussed as only the piston 
sealing system is under pressure. The friction force of both test cylinders rises 
continuously with increasing pressure. The upper test cylinder has a friction force of 
0.7 kN at 50 bar piston side pressure und reaches 2.3 kN at 250 bar. The lower test 
cylinder starts with 2.1 kN at 50 bar and constant velocity and the friction force rises to 
3.6 kN at 250 bar. The piston rod surface roughness of the lower test cylinder was 
Ra=0.285 µm. As the piston rod surface roughness of the upper test cylinder was 
Ra=0.094 µm, the higher friction force of the lower test cylinder can be explained. By 
comparing the two load cases (see Fig. 7 and Fig. 8) it can be seen that if both sealing 
systems are exposed to pressure (first load case, Fig. 7), the friction force is about twice 
as high as the friction force of the second load case (Fig. 8). 

 
Figure 8. Dependency of the friction force on the piston side pressure 

For the second load case with the piston side chamber pressurised to 200 bar the 
maximum break-away force was measured to be 5.2 kN. Considering the corresponding 
nominal load of 628 kN the friction force is only 0.8% of the nominal load. This 
clarifies that an estimation of the inner friction force of hydraulic cylinders can not be 
based solely on the nominal load. It is also necessary to the take the load case and the 
surface roughness into account. For an exact description it is also vital to additionally 
consider the direction of travel. 

In future work test cylinders with piston diameters of 150 mm and 100 mm will be 
investigated with compact sealing systems. This will allow the creation of a friction 
model based on geometric parameters. Furthermore, measurements with test cylinders 
equipped with chevron sealing systems will be carried out. Thus, the friction model can 
be parameterised by parameters that are known at the design stage of a hydraulic 
system. 
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4. CONCLUSION AND OUTLOOK 

Friction models like the Stribeck model are difficult to parameterise for the hydraulic 
system designer as the necessary parameters are not instantly available. This often leads 
to an inaccurate and insufficient estimation of the friction force especially of large 
hydraulic cylinders. To avoid over-sizing and to be able to obtain more predictable 
dynamic system behaviour by system simulation, a parameterisation based on geometric 
and system parameters is desired. Therefore, friction measurement data is in need where 
one of the parameters aimed at is changed at a time. To obtain this data a test rig for 
large hydraulic cylinders was built at the Institute for Fluid Power Drives and Controls 
(IFAS). The test rig allows two test cylinders identical in design to be measured 
concurrently. Different load cases can be tested with chamber pressures up to 250 bars. 
Moreover, the test velocity can be varied up to 0.15 m/s. To investigate the influence of 
geometric parameters on the seal induced friction force of differential cylinders, the test 
cylinders can be interchanged. 

The measurement results show that the friction force depends upon the load case and is 
in the range of 1% and 4% of the nominal load. The measurements do not show the 
characteristic Stribeck curve shape, but the high break-away force and the following 
friction force reduction with increasing velocity is visible. The friction force stays rather 
constant over the velocity within the measured range of 0.14 m/s. The repeat accuracy 
of the measurements is good and it is shown that the friction force does not follow the 
same trace for acceleration and deceleration, which has also been observed by others 
[5], [4], [6]. 

Future work will focus on further measurements of the friction force for differential 
cylinders with varying geometric and also system parameters. The data will build the 
basis for a friction model that accounts for the dependencies of the friction force on the 
investigated parameters. For comfort reasons the model will be implemented to a 
system simulation program. This will enable the user to easily parameterise an exact 
friction model that allows an accurate prediction of the friction force and also avoids 
oversizing. Moreover, the test rig friction measurement data is an important information 
source for both cylinder and sealing manufacturers. 
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ABSTRACT 

Low pressure water hydraulic system has advantages such as low cost, safety and easy 
usage as well as no risk to pollute the environment if leakage happens. It has also a 
possibility to be driven by civil tap water network pressure directly. The goal of this 
study is to develop a low pressure water hydraulic motor, a water hydraulic planetary 
gear motor, which can be driven by low pressure as same as tap water network 
pressure. In this paper, the supposed mechanism of generation of the output torque is 
explained and the method to calculate the theoretical output torque is shown. The 
theoretical calculation result of the output torque is presented comparing with an 
experimental result gained by measurement of the output torque under a condition of 
very low constant rotational speed. As a result, it is found that there is a difference 
between the theoretical and experimental results and it mainly owes to the friction at 
the meshing parts on the teeth of the stator, rotor and planetary gears. The experimental 
result shows that a surface treatment on the planetary gears with solid lubricant film 
which contains Graphite makes the output torque efficiency increase about 15%. 

KEYWORDS: Water hydraulics, Low pressure, Motor, Output torque  
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1. INTRODUCTION 

Water hydraulic system which uses tap water as a pressure medium has no risk to 
pollute the environment if leakage happens. It has been known, therefore, as an 
environmental friendly new fluid power drive system since the late of 20th century. It 
has many advantages; clean, non-toxic, non-flammable, low pressure loss, and so on [1]. 
It is also a big advantage that the pressure medium is easily obtained and drained. It 
leads to decreasing of management cost, too.  

The water hydraulic systems are considered to have many possible applications in low 
pressure driving field as well as in middle and high pressure driving. The low pressure 
leads to the low cost of components, and the easy operation and safety driving of the 
systems. Studies on the low pressure water hydraulic systems have been carried out to 
aim to get the low price in compatible to pneumatic systems while high power density 
and good controllability are compatible to oil hydraulic systems [2],[3].  

Water hydraulic systems have been applied in industries of food processing, beverage 
bottling and packaging, semiconductor and paper manufacturing, etc. There are also 
possible applications in welfare equipments, universal house equipments, leisure and 
amusements park equipments and others [4]. For the many of those applications, the 
low pressure water hydraulic systems are available. Some of them can be driven directly 
by the pressure from the civil tap water network or the water supply network for the 
industries. Otherwise, centrifugal pumps may be often installed as pressure sources.  
Anyway, it is relatively easy to get the pressure source for the low pressure water 
hydraulic systems.  

The goal of this study is to develop a low pressure water hydraulic motor, a water 
hydraulic planetary gear motor, which can be driven by low pressure as same as civil 
tap water network pressure. The planetary gear motor has been developed originally in 
Holland as a low-speed high-torque hydraulic motor. The basic principle and theory for 
its geometry have been reported in detail in the reference material [5]. Based on the 
theory in the report, we made a prototype to be available for the low pressure water 
hydraulic systems. The purpose of this paper is to introduce the structure and the 
working principle of the motor and to show the way to calculate the theoretical output 
torque for understanding the mechanism of output torque generation. The supposed 
mechanism of the output torque generation is explained and the method to calculate the 
theoretical output torque is presented. The theoretical calculation result of the output 
torque is presented comparing with an experimental result gained by a test under a 
condition of very low constant rotational speed. 

2. NOMENCLATURE 

1GF , 2GF  : tangential forces on the surface of the rotor, which are generated by 
pressure acts on the planetary gears   

rF  : radial force on the rotor, which is generated by pressure acts on the 
rotor 

1f , 2f   : forces generated by pressure acts on the planetary gears 
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1l  : distance between the contact points of the next two planetary gears’ 
pitch circles and  the pitch curve of the rotor  

2l   : distance from the center of the rotor to the force acting line of  Fr  

rRLN   : number of lobes on the rotor 

rSLN   : number of lobes on the stator 

cP   : pressure in the displacement chamber 

SP   : supply pressure 

0rR   : minimum radius of the rotor’s pitch curve 

rmR   : maximum radius of the rotor’s pitch curve 

0sR   : minimum radius of the stator’s pitch curve 

smR   : maximum radius of the stator’s pitch curve 

pR   : radius of the planetary gear’s pitch circle 

( )θRr  : radius of the rotor’s pitch curve at a given tangential position θ  

1r , 2r  : distance from the center of the rotor (and also stator) to the contact 
points of the planetary gears’ pitch circles and the pitch curve of the rotor 

1s , 2s  : distance from the center of the rotor (and also stator) to the contact 
points of the planetary gears’ pitch circles and the pitch curve of the 
stator 

thT   : theoretical output torque 

GT   : torque generated by pressure act on the planetary gears 

rT   : torque generated by pressure act on the rotor 

thV   : theoretical displacement volume 

PW   : width of the rotor, stator and planetary gears 

α   : rotational angle of the rotor’s rotation 

θ  : tangential position angle on the coordinate systems defined on the rotor 
(see Fig. 4) 

1θ , 2θ  : tangential position angles of the contact points of the planetary gears’ 
pitch circles and the pitch curves of the stator and rotor, which are given 
on the coordinate systems defined on the stator  (see Fig. 5) 
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pitch curve geometry are presented in the report [5]. Authors made a computer program 
to calculate the equations numerically to get the geometries of them. The practical 
dimensions of the main parts of the prototype are shown in Fig.4. In practice, the rotor 
has 104 teeth, the stator has 130 teeth on their pitch curves and the planetary gear has 12 
teeth. The theoretical displacement volume calculated by numerical integration is 36.6 
cm3/rev. The rated output power of the prototype is 15 Nm/s, the output torque is 0.75 
Nm and the rotational speed is 200 rpm when it is driven at 0.25 MPa and 8.5 L/min [6]. 

 

 
4=rRLN , 5=rSLN , 55.220 =rR mm, 52.27=rmR mm, 54.280 =sR mm,  

51.33=smR mm,    00.3=PR mm, 00.15=PW mm 

Figure 4. Friction wheel model for theoretical analysis 

3.2. Mechanism of torque generation  

In the displacement chambers which connect to the inlet distribute holes, the shadowed 
chambers in Fig.1, the pressure acts on the rotor surface and the planetary gears 
generates the torque in clockwise. Fig.5 shows the mechanism of torque generation at 
one of displacement chambers connected to the inlet distribute holes. The drawing of (a) 
shows the generation of torque by the pressure acts on the rotor surface and (b) shows 
that on the planetary gears. Note that there is a distance ' 2l ' between the center of the 
rotor and the force acting line of Fr in (a), and r1 is larger than r2 in (b). It causes the 
torque in clockwise. The same condition appears at the all displacement chambers when 
they connect to the inlet distribute holes. As the planetary gears revolve with the 
rotation of the rotor, the displacement chambers move and switch the connection to the 
inlet and outlet distribute holes by turns. The rotation of the rotor, therefore, continues 
while pressurized water is supplied to the inlet port.  
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Figure 5. Mechanism of torque generation 

4. CALCULATION OF  THEORETICAL  OUTPUT TORQUE 

4.1. Equations 

Referring Fig.5, the equations to calculate the theoretical output torque are presented as 
follows.  The force Fr shown in (a) is presented by Eq. (2), 

cPr PWlF ⋅⋅= 1         (2) 

here the distance 1l is by Eq.(3). 

 ( )1221
2

2
2

11 cos2 θθ −−+= rrrrl       (3) 

The positions of the contact points ),( 11 θr  and ),( 22 θr  are obtained for each given 
rotational angle α  by numerical calculation with the computer program made by us 
based on the theorem of friction wheel model [5]. Then, the torque Tr generated by Fr at 
each α  is calculated by Eq. (4). 

 2lFT rr ⋅=          (4) 

Here, the length of the distance 2l is calculated geometrically assuming that the force 
acting line of Fr is the perpendicular bisector of the line shown with the length 1l . 

The forces 1f  and 2f  act on the planetary gears shown in (b) are presented by Eq. (5) 
and Eq. (6). 

 ( ) cP PWrsf ⋅⋅−= 111         (5) 

 ( ) cP PWrsf ⋅⋅−= 222         (6) 

The contact point of a planetary gear and the stator is on the same line which through 
the contact point of the planetary gear and the rotor. The polar coordinates positions of 
the contact points ),( 11 θs  and ),( 22 θs  are calculated numerically by the computer 
program made by us as same as the contact points ),( 11 θr  and ),( 22 θr . Since the 
tangential forces FG1 and FG2 which act on the surface of the rotor at the contact points 
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are f1/2 and f2/2 respectively, the torque TG is presented by Eq. (7). 

 2211 rFrFT GGG ⋅−⋅=         (7) 

The theoretical output torque Tth, which has no torque loss, is given as the sum of Tr and 
TG for the nine displacement chambers by Eq. (8).  

 ( )∑
=

+=
9

1i
iGrth TTT         (8) 

4.2. Calculation and the result 

The theoretical output torque Tth is calculated numerically at each the rotational angle α
with a step of 0.1 degree for the one rotation of the rotor. The polar coordinates 
positions of the contact points of the nine planetary gears’ pitch circles and the pitch 
curves of the rotor and the stator are calculated numerically at the each rotational angle 
α . Then the theoretical output torque is calculated by the equations presented above. In 
the calculation, the pressure in the displacement chamber is assumed that it is equal to 
the supply pressure Ps when the inlet distribute hole opens to the chamber as shown in 
Fig.6 (a), it is equal to the half of the supply pressure when the both of the inlet and 
outlet distribute holes are covered by the planetary gears as shown in (b), and it is equal 
to zero when the outlet distribute hole opens to the chamber as shown in (c).  

 

 
Figure 6. Assumption for the pressure in the displacement chamber  

 

A result of the calculation of the theoretical output torque Tth when the supply pressure 
is 0.25 MPa is shown in Fig.7. It shows also the waves of the theoretical torque 
generated at the each displacement chamber for the all of the nine chambers. An each 
displacement chamber generates the torque with 2 and 2/9 times during the one rotation 
of the rotor as shown in Fig.7. Four or five displacement chambers simultaneously 
generate the torque, and the sum of them is the value of Tth at each moment. It is found 
that there are periodical twenty ripples on Tth for the one rotation of the rotor. The 
average value of Tth is 1.43 Nm, and it is very close to the theoretical torque 1.46 Nm 
calculated by Eq. (9). 

 
π2

th
th

VPT ⋅Δ
=          (9) 

452



 

 
Figure 7. A result of  calculation of the theoretical output torque                            

(at Ps=0.25 MPa) 

 

It is found that negative torque appears slightly on the waves of the theoretical torque 
generated at each a displacement chamber. The reason is considered as the following. 
When a displacement chamber switches the connection from with the outlet distribute 
hole to with the inlet distribute hole, the both of the inlet and outlet distribute holes are 
covered by the planetary gears for a moment. In our calculation, under such the 
condition, the pressure in the chamber is assumed to be equal to the half of the supply 
pressure. From the detail consideration on the geometrical condition in Fig.5, it is found 
that the state of 02 pl and 21 rr p  is still there for a moment when the both of the inlet 
and outlet distribute holes are covered by the planetary gears. It results in the generation 
of the negative torque. 

5. EXPERIMENT 

The output torque of a prototype of the water hydraulic planetary gear motor is 
measured in order to compare with the theoretical calculation result. The measurement 
is carried out under the condition of very low constant rotational speeds using the 
experimental setup shown in Fig.8.  Why the condition of the low rotational speed is 
preferred, because the pressure drop at the passages in the motor has a pretty large effect 
on the output torque, since the supply pressure is very low such as 0.25 MPa. Therefore, 
the less flow rate is the better for this measurement.  

Water from a piston pump is set at a given pressure by a relief valve and a throttle valve, 
and supplied to the planetary gear motor. The shaft of the planetary gear motor tends to 
rotate but it cannot rotate freely because it is connected to the shaft of the torque 
detector of which shaft is connected to the output shaft of the worm gear decelerator 
with reduction ratio 50. The shaft of the planetary gear motor rotates only at a constant 
speed which is regulated by the worm gear decelerator and AC servo motor. The 
rotational speed is set by the frequency of the input signal to the driver unit of the AC 
servo motor. The output torque of the planetary gear motor is detected by a torque 
detector and acquired by PC corresponding to each pulse signal from a rotary encoder 

453



which makes 900 pulses per one rotation of the planetary gear motor shaft. The data 
acquisition starts by a trigger signal from a limit switch. The pressures Ps and Pout are 
measured with Bourdon pressure gauges, and the flow rate with the turbine flow meter 
of which range is 0.75 to 7.5 L/min. The output torque is measured with a torque 
detector and a data processing unit which has analog output function. The capacity of 
the torque detector is 2.0 Nm. 

 

 
Figure 8. Experimental setup 

 

The main parts; stator, rotor, planetary gears, shaft, flange and port plate B of the 
original prototype are made with stainless steel. Only the port plate A and the center 
plate are made with aluminum. The flange and the port plate B have a treatment with 
DLC on the surface to reduce the friction between their surfaces and the contact faces of 
the rotor and the planetary gears.  

Fig.9 shows the measured output torque of the original prototype when the rotational 
speed is 1 rpm and the supply pressure is 0.25 MPa. The average value of the output 
torque is 1.11 Nm and there are considerable large fluctuations of which the peak to 
peak value is about 0.59 Nm in maximum. The measurements were also carried out at 
the different rotational speeds; 0.1, 2 and 3 rpm, and their results were almost the same 
as the result of Fig.9. The average values and the peak to peak values of the fluctuations 
in the measured output torque of the original prototype are shown in Table 1. The ratio 
of the average value of the four average values to the theoretical average value 1.43 Nm 
is 0.74.  

The material of rotor and stator is the same stainless steel of SAE grade 304, and the 
planetary gear is 316 for the original prototype. It is considered that there is 
considerable large friction on the meshing teeth of the rotor, the stator and the planetary 
gears.  
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Figure 9. Measured output torque of the original prototype                                     

(at 1 rpm and Ps=0.25 MPa) 

 

Table 1. Average values and the maximum peak to peak values of the fluctuations in 
the measured output torque of the original prototype 

 
 

In order to reduce the friction on the meshing teeth, the surface of the planetary gears 
are put a treatment with solid lubricant film which contains Graphite. The surface 
treatment on the planetary gears shows a good effect. Fig.10 shows the measured output 
torque of the prototype of which the planetary gears are replaced with the planetary 
gears put the treatment with solid lubricant film. The average value of the output torque 
increases to 1.28 Nm and the maximum peak to peak value of the fluctuation decreases 
to 0.23 Nm. The average values and the maximum peak to peak values of the 
fluctuations under the several different rotational speeds and supply pressures are shown 
in Table 2. The ratio of the average value of the four average values when PS=0.25 MPa 
to the theoretical average value is increased to 0.89. From these results, it is found that 
the friction on the meshing teeth has considerably a large effect on the torque efficiency.  
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Figure 10. Measured output torque when using the planetary gears with surface 

treatment of solid lubricant film  (at 1 rpm and Ps=0.25 MPa) 

 

Table 2. Average values and the maximum peak to peak values of the fluctuations in 
the output torque when using the planetary gears with surface treatment         

of solid lubricant film 

 
 

Concerning the effect of the surface treatment with solid lubricant film which contains 
Graphite, it is reported that it has been very effective to improve the fretting fatigue 
strength of aluminum alloy because the solid lubricant film has low friction coefficient 
and prevents the test specimen surface from metal-to-metal contact for a long term [7].  

An engineering plastic PEEK is expected to be effective to reduce the friction on the 
meshing teeth. The planetary gears made with PEEK will be in test. 
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6. COMPARISON OF THEORETICAL  AND EXPERIMENTAL RESULTS 

The results of the output torque shown in Fig.7 and Fig.10 are shown again in Fig.11 for 
the comparison. The ratio of the average value of the measured output torque to the 
theoretical average value is increased from 74% to 89% by the reduction of friction on 
the meshing teeth by the surface treatment with solid lubricant film. There is still 
remained the difference of 0.15 Nm between the average values of the theoretical and 
the experimental results. Since the theoretical result contains no torque loss, the 
difference is due to the torque losses generated at several parts inside the motor. The 
torque losses by the friction on the meshing teeth still may be remained, and also there 
may be the torque losses induced by friction at the other sliding parts; among the inside 
faces of the flange and the port plate B and the side faces of the rotor and the planetary 
gears, at the bearings and the shaft seal. The reduction of those torque losses will be 
expected to get the higher torque efficiency. 

 
Figure 11. Comparison of calculated and measured output torque (at Ps=0.25 MPa) 

 

The periodical variation is not observed clearly on the measured output torque wave. It 
is considered that the friction inside the motor disturbs the smooth motion and the 
presence of the teeth is also one of the causes. The theoretical calculation carried out in 
this paper is based on the contact wheel model neglecting the presence of the teeth. 

7. CONCLUSIONS 

The structure and the working principle of the water hydraulic planetary gear motor, 
which can be driven by low pressure as same as civil tap water network pressure, is 
introduced. The mechanism of generation of the output torque is explained clearly and 
the method of calculation of the theoretical output torque is revealed based on the 
contact wheel model. It is confirmed that the calculation gives the appropriate result by 
comparison with the average value of the theoretical torque calculated by another 
method. The mechanism of generation of the periodical variation in the output torque is 
also explained based on the theoretical considerations.  

The measurement of the output torque with a prototype of the water hydraulic planetary 
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gear motor is carried out under the condition of very low constant rotational speeds. As 
a result with the original prototype, the ratio of the average value of the measured output 
torque to the theoretical average value is 0.74. The surfaces of the planetary gears are 
put a treatment with solid lubricant film which contains Graphite in order to reduce the 
friction on the meshing teeth. It increased the ratio of the average value of the measured 
output torque to the theoretical average value to 0.89. The output torque efficiency 
increased in about 15% by the surface treatment of the planetary gears. It is found that 
the friction on the meshing teeth has considerably a large effect on the output torque 
efficiency.  

As a result of the comparison of the theoretical and experimental results, there is still 
remained the difference of 0.15 Nm between the average values of them after the 
surface treatment on the planetary gears. The reduction of the torque loss will be 
expected to get the higher torque efficiency in future.  
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ABSTRACT 
 
Fundamental basis in developing the piston-axial pumps presents an experimental research 
and mathematical modeling of non stationary high dynamic hydraulic processes in the 
pump cylinder, discharge space and intake and discharge pipe line in the function of the 
action angle of the shaft. Based on the experimental research results and the results of the 
mathematical modeling, developing and application of the identification method of 
unknown parameters of a mathematical model, the computer AKSIP program has been 
developed which enables sufficiently exact determination of some parameters of working 
processes of piston axial pumps. Most water hydraulic axial piston pumps in service are 
swashplat-slipper pumps, but large lateral forces exist between their pistons and cylinder 
bores, which may lead to the phenomena of partial wear and even locking to death. To 
avoid this disadvantage, a novel seawater hydraulic axial piston pump with swashplate-rod 
stye structure has been put forward. Compared with traditional swashplat-slipper pumps, it 
can reduce lateral force between piston and cylinder bore more than 90% of the former, 
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thus improves the work condition in cylinder bore and piston pair greatly and extends its 
service life effectively 
 
KEYWORDS:Water hydraulics, Swashplate-rod water hydraulic axial piston pump, 
mathematical model, Cylinder bore and piston pair,Performance test, flow losses 
parameters, boundary conditions . 

1. INTRODUCTION 

Modern design of a piston axial pump, based on computer aided design (CAD), requires 
description of the all processes and parameters in the pump. Complexity of hydrodynamic 
and dynamic processes in a piston-axial pump (pump cylinder, intake and discharge space, 
discharge valve and pipeline of high pressure) demands very studious physical and 
mathematical analysis the same processes. Based on the experimental research results and 
the results of the mathematical modeling developing and application of the identification 
method of unknown parameters of the mathematical modeling of non stationary high 
dynamic processes and optimization technique.  
This way of solving the problem is only possible having the special computer program. 
Such program (AKSIP) has been developed and presents here [1] to [3].     

2. MATHEMATICAL MODEL  

For mathematical modeling of hydrodynamic and dynamic processes in a piston-axial 
pump (pump cylinder, intake and discharge space, discharge valve and a pipeline of high 
pressure). Fig. 1, the following general suppositions have been adapted [1]: 

a) Changes of the fluid state are pseudo stationary, except in the discharge pipeline; 
b) Kinetic energy of fluid in each control space, except in the discharge pipeline, is 

neglected. 
c) Fluid flow through clearances (crevices between the piston and cylinder, the flow 

through a split panel and discharge valve) is pseudo stationary; 
d) The processes in the control spaces are isothermic or isentropic; 

Simultaneous integration of the previous non linear differential equations of boundary 
conditions and partial differential equations of streaming in a discharge pipeline required 
the application of computer and a corresponding computer program.  
The program connecting and solving simultaneously all listed differential equations, the 
equations of change of characteristic flow sections and changes of physical characteristics 
of fluid, required a corresponding structure and organization. The program was written in 
the programming language Digital Visual Fortran 5.0. and realized on the measuring and 
controlling system ADS 2000  2 . The principles of structural and modular programming 
were used. The programming consists of the main program and a module. 
The more important programs were written as complete modules mutually connected or 
with the main program, but they can be used individually as well.  
On the basis of the previous equations a program system was developed named AKSIP for 
mathematical modeling of streaming and hydro-dynamic processes for the complete time 

460



cycle of a piston-axial pump with combined distribution of working fluid. AKSIP program 
is modular outlined and consists of the main AKSIP program and its modules. 

2.1. Mathematical model of a pump process 

 
Mathematical model is given for each element, considering the complexly of some 
processes and their mutual dependence as well as the need for further mathematical 
modeling [8] to [14]. 
This makes programming module and their further improvement and monitoring much 
easier [1]. 

 
Piston axial pump are shown in Fig. 1.  
 
 mass flow through the opening 1, on the entrance place into the intake space of the pump 
of fluid,  Fig. 1: 

sus ppA
dt

dm
  2111

1 ,                                                                                                       (1) 

where are: 1=1  for pu  ps , 1=-1 for  pu < ps                        
A1- geometrical flow section of the intake pipe. 

1 - flow coefficient of the intake pipe 
 
 mass flow of fluid through the split pump organ during filling one of the pump cylinders: 

cssuuu
u ppA

dt
dm

  2 ,                                                                                               (2) 

where are: u=1  for ps Δ pc , u = -1 for  ps <Δ pc             
Au- geometrical flow section of the intake split organ. 

u - flow coefficient 
 mass balance of the intake space is: 
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,1 ,                                                                                                             (3)           

where are: j=1,2,..., zc order number of cylinder, zc the numbers of cylinders. 
 differential pressure equation in the intake pump space: 
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E - modulus of elasticity 
 - the driving shaft angle, 

Technical data: 
- Speed:1000 min-1 
- Pressure: 210 bar 
- Specific volume: 75cm3 
- Number of piston 8 
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1. intake pipe line connection 
2. intake space of the pump 
3. cylinder block 
4. discharge space of the pump 
5. discharge pipeline connection 
6. piston 
7. split panel 
8. acute panel 
9. the pump shaft 
10. inbearing the pump shaft 
 

Figure 1. Piston axial pump type PPT 3112. 750.  02C/1DL,  firm PPT, Trstenik, Serbia 
 
 differential pressure equation in the pump cylinder: 
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Where are: 
kccxcxcc xAVVVV  ;min ; immediate volume of the cylinder; the change of the volume of the 

pump cylinder caused by piston moving: kc
c vA

dt
dV

 ,  

kx - immediate displacement of the piston. 
 

 mass balance of the discharge space is: 

dt
dm

dt
dm

dt
dm cz

j

jiv 2

1

, 


                                                                                                           (6) 

where are: j=1,2,..., zc order number of cylinder,     zc the numbers of cylinders. 
 

 mass flow streaming out of the discharge space into the discharge pipe is: 
 

nvt ppA
dt

dm
  2222

2                                                                                                       (7) 
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where are:  
2=1  for pv Δ pn , 2 = -1 for  pv <Δ pn  
A2- geometrical flow section of the discharge pipe line. 

 
 differential pressure equation in the discharge pump space: 
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 mass flow through a concentric clearance between the cylinder and the piston: 
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where are: cD - diameter of cylinder, r - radial clearance between the piston and the 
cylinder,       - dynamic viscosity,  kx  - immediate displacement of the piston, pc - the 
pressure in the cylinder,  ps - the pressure in the intake space, c - the density of the fluid in 
the cylinder. 

2.2. Modeling the streaming in the intake and discharge pipe line of the pump 

During mathematical modeling of a process in a pump, it is also necessary to include and 
consider a series of suppositions for a process modeling occurring in the intake and 
discharge pipe line of the pump. 

For the most general model the following suppositions for streaming of the operational 
fluid in the intake and discharge pipe line are taken and considered: 
 The fluid streaming is one-dimensional. The pipes are of a constant cross section. 
Temperature and streaming fields per cross section of the pipe are homogeneous. Velocity 
vector laps the direction of the axis of the pipe at any moment and in any section. 
 Viscosity friction between some layers of the fluid inside the pipe is neglected. The 
friction forces appear on the inside walls of the pipe.  
 The processes in the pipes are isentropic. The change of entropy caused by friction, heat 
and mixing of fluid parts are neglected.  
 Forces of the field (gravitational, magnetic, etc) are neglected. 
In the scope of dynamic of one-dimensional streaming, such streaming are considered as 
“non stationary streaming in a streaming fiber”. 

2.1.1.Continuity Equations 

The equation of continuity of pressed fluid with functions p, w,  at the isentropic change 
of the state:  

02 
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where are:   and w – values of density and velocity of fluid per cross section of the pipe,  
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, the velocity of sound in the fluid, 

where are:  
),( xtpp   and ),( xt    functions of time t and coordinate x.  

2.1.2. Momentum Equations  
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                                                                                                 (11) 
where is: rf – friction force per mass unit. 

3.  RESULTS OF MEASURING OF PARAMETERS OF WORKING PROCESSES OF 
THE PISTON AXIAL PUMP 

In the scope of performed experimental testing was done a measuring of the pressure  flow 
in the cylinder, discharge space and intake pipeline as well as vibration of the pump 
housing in dependence of the passed angle of the pump shaft. All pressures and vibrations 
were measured completely parallel on each cca 0.09o of the pump shaft  (exactly 4.096 
times per shaft rotation). As incremental giver of the angle an optical giver with 1024 
pulses per rotation was used. Pulses of the giver of the angle were 4 times increased by the 
interface for the angle givers on the ADS 2000 system and so 4096 pulses per shaft rotation 
were obtained. In order we might see the repetition of the consecutive cycles with the 
unchanged work regime 10 consecutive cycles were measured. At the same time, a time 
interval from angle to angle was measured as well in order to determine an even angle 
speed of the shaft and work control of the incremental giver of the angle. All the analogue 
signals (pressure, vibrations) were parallely converted into cipher form by means of four  
ultra speed converters working simultaneously (parallel). The total number of measured 
data was (4+1) x 4096 = 20480 per rotation (cycle), that is, 204800 for ten consecutive 
cycles. The number of samples of 4096 was not chosen by chance, but purposely with the 
aim of the application of the fast Furie's transformation (FFT) of measured signals. 
Measures were done for seven working regimes. Fig. 2 - 4 shows the measured pressure 
flow for individual, that is, ten consecutive cycles of the piston axial pump. The results 
relate to the experiment at the work regime n=875.6 min-1. 
Big similarity of measured pressures for the first of ten consecutive cycles (MERF) in 
relation to the middle of ten consecutive cycles (MERM).  
The diagram shows the visual pressure gradients at the pressure stage and expansion as well 
as the appearance of piks during intaking. The pressure pulses in the discharge space 
depend on the number of the cylinders what is obvious in this case, because it deals with 
the pump with 8 cylinders.  
 
 
Figures 2-4 present the measured pressure flow in the cylinder (pc) for one, that is middle 
for ten consecutive cycles with the aim to analyze in detail the gradient growth of pressure 
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at the stage of pressing. The same diagram, at the same interval, shows the pressure pulses 
in the discharge space. 

The Figures 2-4 stand for diagrams of measured pressure at the different work regime . 

 

 
 

Figure 2. The pressure history in the cylinder ( pc )and delivery chamber ( ph ) for one cycle 

 

 
 

Figure 3. The pressure history in the cylinder ( pc ) and delivery chamber ( ph ) for the  
average cycle 
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Figure 4. The pressure history in the cylinder ( pc ) and delivery chamber ( ph ) for the  
average cycle 

 

 
 
 

Figure 5. The pressure history in the cylinder ( pc ) and delivery chamber ( ph ) for the  
average cycle 

 

4. CONCLUSION 

It is not possible to give a precise determination of parameters of hydrodynamic processes 
of a piston axial pump neither experimentally nor by a mere mathematical modeling only. 
Sufficiently exact parameters can be obtained by combining the application of measuring 
the pressure flow in the cylinder, mathematical modeling of a real hydrodynamic process 
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and the method of nonlinear optimisation which enables, at the same time, the 
determination of systemic measuring errors and unknown parameters. 
The computer AKSIP program gives possibilities  to combine 56 influential pump 
parameters in order to achieve optimal solution, in regard to flow losses, flow inlet etc. 
Further research is possible in the construction of the piston-axial pumps with a bent 
cylinder block and splitting of working fluid by means of a split panel. Mathematical model 
would be, in that case, expanded by a dynamic cylinder block and a hydrodynamic 
processes in clearances between the cylinder block and the split panel. 
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ABSTRACT 

A proportional control valve using tap water as working fluid is a fluid control device 

that offers excellent hygienic properties and environmental friendliness, as well as 

outstanding high power control capabilities. Such a water hydraulic device is expected 

to be applied in various systems in many fields in which high power control is required 

for a clean environment, for example, semiconductors, medicals, cosmetics, and 

chemicals. Previous studies reported valve application of the valve to simple load 

control at a supply pressure of 7 MPa, and the valve’s static characteristics at a supply 

pressure of 14 MPa, and clarified the effects of various parameters on the characteristics 

of this valve through comparison of the experimental and theoretical results. This paper 

aims to examine experimentally the structural characteristics of damping orifices 

intended to stabilize valve operation and hydrostatic bearings   to reduce abrasion and 

friction caused by sliding that affects dynamic behaviors in a proportional control valve 

using tap water because of the use of low-viscosity water as working fluid. 

KEYWORDS: Tap water, Solenoid, Proportional control valve, Frequency response, 

Dynamic characteristic 

1. INTRODUCTION 

Applications of water hydraulic devices and systems using tap water as working fluid 

have been attracting attention as a fourth novel driving method in addition to the 

conventional methods using oil hydraulic pressure, pneumatic pressure, and electricity. 

Water hydraulic devices and systems have the following three major characteristics. 

First, they realize a compact, high-output, and high-speed control in a clean 

environment; second, they have excellent hygienic properties because they are 

washable; and third, they assure safety to the environment due to the use of tap water. 
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Combining these characteristics widens their applications in the fields of 

semiconductors, medicines and pharmaceuticals, cosmetics, chemicals, foods and 

beverages, natural energy technologies, and underwater applications. As a fundamental 

technology, one of the water hydraulic devices to realize power, velocity, and positional 

control required in the respective fields, is a proportional control valve using tap water. 

Though previous studies reported simple load control [1] and static characteristics under 

a high pressure [2], no study has referred to dynamic behavior of the valve. Focusing on 

this point, this paper experimentally examines the dynamic characteristics of a   

proportional control valve using tap water, and presents the potential for its application 

to various systems as a hydraulically-powered device. 

2. STRUCTURE AND CHARACTERISTICS 

Figure 1 shows a cross section of the valve structure. Figure 2 shows a block diagram of 

the system composed inside the valve. Table 1 shows the valve’s major specifications. 

The valve’s spool is supported at both ends by hydrostatic bearings   to prevent abrasion 

and friction caused by sliding. The spool slides inside the sleeve without contacting it. 

The spool displacement is fixed with the solenoid and the spring. While general 

solenoid valves are supported by compression springs at both ends of the spool, this 

valve uses an extension spring. This spring reduces moments and lateral forces 

generated by forces applied from both ends and it also accentuates the effect of the 

hydrostatic bearings   sufficiently. The solenoid only generates a force in the extension 

direction of the rod, and does not generate a force in the compression direction. For this 

reason, the valve at neutral is balanced by the initial load of the spring and the solenoid 

thrust, to which offset current is applied. When the spool slides to the extension side (to 

the right in the drawing), a solenoid thrust higher than the spring force is generated, and 

the valve operates mainly by solenoid thrust. Conversely, when the spool acts on the 

compression side (to the left in the drawing), solenoid thrust generates a force smaller 

than the spring force, and the spool slides mainly by spring force. 

Damping orifices are provided in the return line from the pressure chambers on both 

ends of the spool. They generate a damping force to stabilize the valve. Providing 

damping orifices at these locations composes a water pressure circuit that acts as a 

meter-out circuit to the pressure chambers which control the spool operations, and 

brings about a great effect, even when the viscosity is low. 

To improve valve performance further, spool displacement is detected by a linear 

variable differential transformer (LVDT), which is fed back, and spool position is 

controlled by the PI control compensating network. 

The estimated necessary frequency for systems using general solenoid valves is 

approximately 10 Hz. The resonance frequency is calculated to be approximately 80 Hz, 

when the movement of the moving parts (spool, spring, and solenoid core) of this valve 

is considered as a spring-mass system, and flow force  is taken into account. Therefore, 

the practical impact of the spool inertia could be extremely small. 
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Figure 1. Structure of the proportional control valve using tap water 

 

Figure 2.  Block diagram of the system composed inside the valve 

 

Table 1. Major specifications 

 

3. EXPERIMENTS 

3.1. Valve dynamic characteristics tests 

Figure 3 shows the structure of the experimental apparatus for valve dynamic 

characteristics. Step input response and frequency response characteristics were tested 

with this apparatus. The valve’s neutral point is adjusted in advance. In addition, the 

aperture is adjusted in advance with the stop valve so that the Port A-B load pressure 

difference PL at an input signal of 50% will be 7 MPa. The input signal is a step or sine 

wave; the step input is 50% input; and the sine wave is 50%+/-10% input. The input 

signal and the spool displacement are recorded chronologically with a measuring 

instrument. 

+/-10Input voltage                              [V]

Tap waterWorking fluid

2 to 50Operating temperature range [deg C]

14Rated pressure                         [MPa]

3.5 to 14Operating pressure range     [MPa]

20Rated flow rate                   [L/min]
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The tests were performed at a supply pressure PS of 14 MPa and water temperature of 

25+/-5 deg C. 

 

Figure 3.  Structure of experimental apparatus for valve dynamic characteristics 

3.2. Frequency characteristics test of solenoid thrust  

Figure 4 shows the structure of the measuring equipment for the thrust force of the 

solenoid alone. The input signal is a sine wave at a setting of 50% input as a center 

value with +/-10%, assuming that the input signal is the valve’s operating point. 

Displacement feedback is not provided and the compensating network gives only 

proportional control during the test to obtain the characteristics of the solenoid alone. 

 

Figure 4. Structure of measuring equipment for thrust force of the solenoid alone 
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4. EXPERIMENTAL RESULTS 

4.1. Results of valve dynamic characteristics test 

Figure 5 shows the results of the response characteristics of the spool displacement for 

step input signals, when the integration time TI was changed. One of the major 

conditions was the change in the integration time TI from 0.01 [sec] to 0.1 [sec]. The 

proportional gain kP was 1.9 and the damping orifice diameter was φ0.45. Table 2 

shows the values of leading edge time Tr and overshoot Amax, as indices for transient 

characteristics under each condition. However, the leading edge time Tr was defined as 

the time before reaching 10% to 90% of the steady-state value; the delay time Td was 

defined as the time before reaching 50% of the steady-state value of the step response. 

The overshoot Amax is defined by the equation below. 

Damping was weak and unstable when the integration time TI was small. In contrast, it 

became stable and the overshoot became smaller as the integration time TI increased. 

 

 

Figure 5. Step input response characteristics 

(damping orifice diameter: φ0.45, kP = 1.9) 

 

Table 2. Comparison of transient characteristic indices 

(damping orifice diameter: φ0.45, kP = 1.9) 
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Similarly, Figure 6 shows the results of the step response characteristics with no 

damping orifice. The major conditions were integration time TI: 0.01 [sec] and 0.02 

[sec]; proportional gain kP: 1.9. Table 3 shows the values of leading edge time Tr , 

overshoot Amax and the delay time Td. Damping was weak and unstable when the 

integration time TI was small. In contrast, it became stable and the overshoot became 

smaller as the integration time TI increased. 

 

Figure 6. Step input response characteristics 

(without damping orifice, kP = 1.9) 

 

Table 3. Comparison of transient characteristic indices 

 (without damping orifice, kP = 1.9) 

 

Table 4 shows the influence of the damping orifices on transient characteristics. The 

index to compare was delay time Td. While the integration time varies under each 

condition, this does not affect the delay time Td and the proportional gain is common to 

all the conditions, allowing for a comparison of the influence of the damping orifices. 

The results show that damping orifices in the meter-out circuit of the pressure chambers 

at both ends of the spool efficiently affect the responsiveness. 

Table 4. Influences of the damping orifices on transient characteristics (kP = 1.9) 

 

Figure 7 shows the results of the frequency response characteristics of the spool 

displacement for the input signal of a system composed of a valve’s compensating 

network, a solenoid, and a valve body. The major conditions were integration time TI: 

0.03 [sec]; proportional gain kP = 1.9; and damping orifice diameter: φ0.45. The results 

show that the gain in the low-frequency region with zero phase delay was constant; the 
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phase delay approached asymptotically at 180 deg, during which the gain decreased by 

40 dB/dec in the high-frequency region of 5 Hz or above. In addition, a resonance 

tendency was shown near the frequency of 6 Hz. This shows that this valve has a 

second-order lag system. However, the characteristics of this system differed from a 

system composed of a spool mass and a spring. The reasons will be described step by 

step in the following measurement results and analytical examination of the solenoid 

thrust. 

 

Figure 7. Valve frequency response characteristics 

(damping orifice: φ0.45, kP = 1.9, kI = 0.03) 

4.2. Results of solenoid dynamic characteristics test 

Figure 8 shows the results of the frequency response characteristics of the thrust force 

for the input signal of the solenoid alone. These results show that the gain decreases by 

3 dB at a phase of -45 deg and by 20 dB/dec and that the phase asymptotically 

approached -90 deg in the high-frequency region. Therefore, it is experimentally shown 

that the solenoid thrust has characteristics of a first-order lag system. 

 

Figure 8. Frequency response characteristics of solenoid thrust 
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5. ANALYTICAL EXAMINATION 

The above experimental test shows that 1) the valve exhibited characteristics of a 

second-order lag system; 2) the solenoid thrust had characteristics of a first-order lag 

system. These will be observed based on these results. 

5.1. Deviation of transfer function 

Figure 9 shows assignment of parameters for the analytical model, which was modeled 

based on the assumptions below. 

• Viscosity of water was constant because temperature dependence was small. 

• At the control openings, the flow passed through orifices. 

• At the hydrostatic bearing orifices, the flow was choked. 

• At the damping orifices of the pressure chambers at both ends of the spool, the 

flow was choked. 

• The flow caused by relative motion of the spool and the sleeve that formed an 

annular clearance was the Couette flow. 

 

Figure 9. Assignment of analytical model parameters 

The valve’s spool movement was examined in a system in which the solenoid thrust 

FSOL was the input and the spool displacement was the output x. The measurement 

results taking into account the usable frequency range of the solenoid valve showed that 

the influence of the mass of the valve’s moving parts was small; therefore, the equation 

of motion was expressed by Equation (2). 
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In Equation (2), a primary transfer function P(s), as shown in Equation (3), was 

obtained when linearization was made near the equilibrium point during the experiment 

and a Laplace transform was made to it, taking into account the flow at the hydrostatic 

bearings  , the flow force  at the control openings, the flow of the annular clearance 

between the spool and the sleeve, the viscosity resistance, the damping resistance of the 

pressure chambers at both ends of the spool, and others. Each coefficient was defined in 

Equations (4) to (11). 
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The solenoid thrust was approximated as a transfer function S(s) of a first-order lag 

element by Equation (12) using time constant τSOL based on the measurement results. 
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The transfer function C(s) of the PI compensator was defined by Equation (13) using 

the proportional gain kP and the integration time TI. 
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A block diagram of the transfer functions obtained as above is shown in Figure 10. 
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Figure 10. Block diagram of the solenoid valve system 

From Equation (3) and Equation (12), the transfer function V(s) of the solenoid valve 

excluding the compensating network was expressed as a standard second-order lag 

element as shown in Equation (14). 

The natural angular frequency ω, the damping coefficient ζ, and the proportional 

coefficient K were defined as follows: 

Therefore, the resonance frequency for the solenoid proportional control valve was 

determined by the ratio of the coil’s spring constant KSP and the fluid spring constant β 

to the damping force (Γ-ξ), and the time constant τSOL. The loop transfer function 

VSYS(s) taking into account the PI compensating network was expressed by Equation 

(18). 
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a valve system were those of a second-order lag system. The analytical and 
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characteristics of a second-order lag system. In short, these results suggest that the 

Input signal, u(s) Solenoid

S(s)

Valve

P(s)

Displacement, x(s)

Thrust force, FSOLCurrent, i+- Compensation
circuit, C(s)

Controller

( )

(17)

(16)

(15)

β

ϖτ
ϖτ

ς

τξΓ

β
ϖ

+
=









+=

−

+
=

SP

SOL

SOL

SOL

SOL

SP

K

K
K

1

2

1

K

( )
(18)

I

2

P2

P

23

I

2

P

SYS

T

Kk
sKk1s2s

T

1
sKk

)s(V)s(C1

)s(V)s(C

)s(u

)s(x
)s(V

ϖ
ϖςϖ

ϖ

++++









+

=
+

==

(14)
22

2

s2s

K

)s(i

)s(x
)s(P)s(S)s(V

ϖςϖ

ϖ

++
===

478



characteristics of the solenoid and the PI compensator affect the responsiveness of the 

valve system. Thus, the solenoid and PI compensator parameters can contribute to 

further performance improvement and system optimization. 

 

 

 

 
 

 

Figure 11. Comparison of analytical and measurement results 

of frequency characteristics 

6. CONCLUSIONS 

The results of the experimental test of the proportional control valve using tap water 

show the following: 

• The system for a proportional control valve can be approximated with a second-

order lag system. 

• The solenoid thrust has frequency characteristics of a first-order lag system. 

• The dominant resonance frequency of the solenoid valve is determined by the 

coil’s spring, flow force , the damping force, and the solenoid time constant. 

• The damping orifices in the meter-out system of the pressure chambers at both 

ends of the spool affect the responsiveness. 

• The results suggest that the proportional control valve using tap water has 

dynamic characteristics sufficient to be applied to dynamic motion controls and 

drives. 
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ABSTRACT 

Environmental protection regulations are becoming increasingly strict. Using water 
instead of hydraulic mineral oil in power-control hydraulic systems we can make a very 
positive step in complying with these regulations. In this paper we present a newly 
developed hydraulic test rig that is designed for these specific requirements of water as 
the hydraulic fluid in power control hydraulics. For direct comparison with the oil 
system, the test rig is designed as a twin system with two equivalent circuits: one 
operating with water and the other with mineral hydraulic oil as hydraulic fluid. The 
new water proportional 4/3 directional control valve (specimen) was constructed, 
developed, manufactured and tested in the scope of our laboratory. Some important 
results about dynamic responses of the water and the oil system are presented and 
compared. They show significant differences between the water and oil hydraulics. The 
paper also briefly shows the change of the leakage through time at the duration test. In 
the paper presented duration test was made up with 2.5 million cycles. The used 
hydraulic liquid was distilled water; working temperature was in the range from 30 to 
35 °C, setting pressure of the pressure relief valve was up to 160 bar.  

KEYWORDS: high pressure water systems, power-control hydraulics, distilled water, 
proportional directional control sliding type valve, stainless steel 

1. INTRODUCTION    

Unexpected outflows of hydraulic liquids, i.e., mineral oils, into the ground and even 
into the underground drinking water supplies are a frequent occurrence. One of today’s 
major challenges to prevent harmful consequences for the environment is to use the 
alternative, from which the best are natural and biodegradable, sources of hydraulic 
fluid. In power-control hydraulics (PCH) there are two ways in which we can protect 
the environment. The first solution is to use the biodegradable oil [1] to [6] instead of 

The Twelfth Scandinavian International Conference on Fluid Power, SICFP’11, May 18-20, 2011, Tampere, Finland 
 

481

mailto:franc.majdic@fs.uni-lj.si


   

mineral oil, and the second, in any case better solution, is to use tap water instead of 
mineral oil. This solution is totally harmless to the environment, but is very difficult to 
realize [7] to [9]. Namely only some relatively simple conventional control valves exist 
on the market today. In spite of many years of the research work on the field of water 
power-control hydraulics there is still insufficient understanding of the mechanisms and 
performances playing important functional role in application of PCH and consequently 
the available component designs are rare. Some of the reasons lie in many specifics in 
which water differs from mineral oil as hydraulic fluid in hydraulic systems. They play 
an important role already in the developing and research phase, and later in the long 
term – useful life time tests. Par example, for any research work on the field of water 
hydraulics in real-scale components and parameters, home/laboratory made components 
and test rigs are required and should be made because they do not exist on the market. 
But this is tied up with relative high costs and technical problems. Much lower viscosity 
of water compared to that of mineral oil causes high leakage when using clearances 
typical for oil. On the other side the reduced clearances result in excessive wear and 
high friction and they are more difficult to achieve. Higher working temperatures, which 
are not allowed, but are often still common for mineral oil hydraulic systems, i.e. up to 
70 or 80 °C, are hardly acceptable for water power-control hydraulic systems because of 
the evaporation at local contact spots [10]. Inside the water micro the organisms develop 
with time. They cause several and severe problems with chemical change of water and 
developing algae what results in sediments. Tribological properties of conventional 
materials (stainless steel) in water are unfavourable, but the comparable material 
selection is poor, and their properties are almost unknown for this usage. Corrosion and 
cavitation are other well known problems related to tribological performance and useful 
life-time of the components. Therefore, understanding and research of chemical and 
tribological properties that affect useful life and performances, as well as stationary and 
dynamic characteristics of water hydraulics, are required for successful development of 
new components. It is necessary for wider and accelerated use of  water as hydraulic 
fluid in power control hydraulics.    
 
The newly developed hydraulic test rig that is designed for specific requirements of 
water instead of mineral oil as hydraulic fluid is presented in this paper. For the direct 
comparison with oil system, the test rig is designed as a twin system with two 
equivalent circuits: one for water and the other for mineral oil as hydraulic fluid. 
Important results on dynamic responses of both systems are presented. Paper also shows 
the dynamics response of unloaded and loaded water proportional directional control 
valve, the bode’s plot.    
 
All presented results show acceptable, not too high, differences between the water and 
the oil hydraulics. It appears and can be accepted as optimistic for further research and 
development on the field of water power-control hydraulics. 
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2. EXPERIMENTAL  

2.1 TEST RIG 

The double test rig, realized as twin test rig, one part of it intended to investigate water 
power-control hydraulics (PCH) and the other part to investigate comparatively oil 
PCH, was built and put to work [11 to 15]. This twin test rig has been used also to test 
and investigate the water and, comparatively, also the oil valve, both being proportional 
4/3 directional spool-sliding control valves. The test rig has been used to carry out the 
comparative dynamic-transient and static long-term useful life-time tests under the 
equal, or at least, analogue working conditions. Figure 1 shows the hydraulic circuit of 
the water part of the test rig. It contains standard axial piston pump (pos. 1), with the 
flow 35 lpm [11 to 15] at 1450 r/min at the initial volumetric efficiency 97%. This 
pump delivers water through the pressure compensated flow control valve (pos. 2), 
which ensures constant flow of 33 lpm through the specimen – the proportional 
directional control valve (pos. 3). This valve was controlled from the PC in closed loop.  
On the connection port A of the proportional valve we have had connected stainless 
steel tube to which further the pressure transmitter (pos. 4.1) and two ball-valves (pos. 
6.1 and 6.2) are mounted on. Ball-valve pos. 6.1 was opened and ball-valve 6.2 closed 
when we measured dynamical response of the whole water system. Hydraulic cylinder 
(pos. 7) was used to find out the dynamic response of the circuit. Closed ball valve pos. 
6.1 and opened ball valve pos. 6.2 were used to establish the response of the water 
proportional valve (pos. 3) and for the duration test. Fixed orifices, inside these 
pipelines, each of them with diameter of 1.5 mm (pos. 5.1 and 5.2), were used to 
simulate the load at the ports A and B of the specimen (water proportional valve). The 
second branch on the connection B on the proportional directional valve (pos. 3) was 
equal to the first just described. The water relief valve (pos. 8) was set to 160 bar. 
Centrifugal water pump (pos. 11) was used to maintain constant temperature through 
the cooler (pos. 12) and to enable an off-line filtering (pos. 13).  
 
Pressures on the P and T connection ports of water proportional valve were measured 
during test using two pressure transmitters (pos. 9 and 10). Control of the proportional 
magnets, data acquisition and control of the electro-motors were provided and 
automated through a PC.   
 
The oil part of the hydraulic test rig is equal/adequate to the water test rig, concerning 
function, but it is assembled using standard on-market-disposable components. 
 
The liquid in the water PCH part of the test rig was distilled water to ensure a neutral 
environment that does not reflect the water type from any particular part of the world. 
The liquid in the oil PCH part of the test rig was the mineral oil according to ISO VG 
46. 
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Figure 1.  Hydraulic circuit of water test rig 

 
 
 
Figure 2 shows photography of the double test rig. Oil part of test rig is on the right side 
and the water part on the left. 
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Figure 2.   Double, water and oil hydraulic test rig 

2.2 Proportional valve 

A new, water proportional 4/3 directional control valve was developed in our 
Laboratory. The important parts used in this new water 4/3 proportional directional 
spool sliding control valve – the specimen (Fig. 3) were the spool with an outer 
diameter of 12 mm and the sleeve. The static clearance between the spool and the sleeve 
was in the range of spool sliding valves of high quality. For this test the spool and the 
sleeve both were manufactured from stainless steel. This material combination, 
including some other material pairs, was previously verified and tested in tribological 
experiments [11 and 15]. For the stainless steel acceptable wear, but rather high 
coefficient of friction, was obtained in this research. According to these findings, 
dynamic testing in terms of repeatability due to dimensional stability appears 
acceptable, but some additional dynamic transient phenomena can occur as a 
consequence of too high friction and consequently stick-slip phenomena.  
 

 
 

Figure 3.   Specimen, water proportional 4/3 directional control valve  
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3 RESULTS 

3.1 Dynamic responses of water and oil hydraulic system – pressure surge effect 

One of the most important dynamic characteristic of hydraulic systems is pressure surge 
effect. The difference of pressure surge effect was searched between the oil and the 
water hydraulic system at the same parameters. It is well known that compressibility of 
the hydraulic fluid has a great role in phenomena of pressure surge effect [16 and 17]. 
Furthermore water has higher compressibility than hydraulic mineral oil [7, 8 and 15].   
 
Procedure of measurement, beginning at zero: proportional valve (Fig. 1, pos. 3) was, 
after 0.4 seconds de-energized from parallel position to neutral-zero position. Using the 
other words, the moving rod of the hydraulic cylinder, with coupled mass on it, was 
stopped and pressure surge effect occurred inside the pipeline on the connection port B 
of the proportional valve. Figures 4.a (water) and 4.b (oil) show the pressure surge 
effect proceeding from fast closing of the proportional valve at the flow 33 lpm, inlet 
pressure 160 bar and hydraulic cylinder loaded with roller-guided mass of 163 kg 
moving in horizontal direction. The pressure increase at instantly stopping of the fluid 
flow and consequently of the moving mass, in water hydraulic system was 101.2 bar 
and in oil hydraulic system, at the same parameters, only 90 bar. We can also clearly see 
high damped pressure vibrations in water hydraulic system in comparison with analogue 
oil hydraulic system.    
 

   
 
   a.      b. 
Figure 4.   Pressure surge effect in a) water and b) in oil hydraulic system at inlet flow 
33 lpm, inlet pressure 160 bar at P port of proportional valve and hydraulic cylinder in 

horizontal position loaded with mass 163 kg 

3.2 Dynamic responses of the water proportional control valve  

Dynamic responses to control signals are an identity card of each continuous control 
valve, such as proportional and servo valve. Different measurements at the frequencies 
0.5, 1, 2, 3, 4, 5, 6, 7, 8, 9 and 10 Hz were done to determine the response of the water 
proportional control valve. The main observed parameters were input electric 
controlling signal and movement of the spool observing through time. 
 
Figure 5.a and 5.b show the responses of the water proportional directional control 
valve on 100 % input sine-shape signal in Bode’s plot. Figure 5.a shows Bode’s plot for 
the unloaded water proportional directional control valve (without flow and pressure on 
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the valve) and fig. 5.b Bode’s plot for the same water proportional valve at the inlet 
pressure 160 bar (on the port P, Fig. 1, pos. 3) and flow through valve approximately 20 
lpm at working pressure 120 bar (on ports A and B, Fig. 1, pos. 3). It is evident that was 
response (magnitude) of the tested water valve in unloaded case (Fig. 5.a) for approx. 
0.6 dB at 10 Hz better than response of the same valve with load (Fig. 5.b) at the same 
frequency.  Phase delay was in the case of unloaded water valve at 10 Hz approx. 80° 
(Fig. 5.a) and in loaded valve for more than 10° longer (Fig. 5.b).  
 

  
 
   a.      b. 
Figure 5.   Bode’s plot for water proportional directional control valve for 100 % input 
signal for a) unloaded valve, b) loaded valve with the inlet pressure (port P) of 160 bar, 
working pressures (on ports A and B) of 120 bar and flow through valve aprox. 20 lpm. 

3. 3 Duration test  

Duration test of 2.5 millions of testing cycles with spool and sleeve from hardened 
stainless steel was carried out at the same testing conditions.  
Frequency of the spool during lifetime test was 5 Hz and its control signal +/- 100 %. 
Pressure on the P connection was 160 bar, maximum pressures on A and B connections 
depended on flow through orifices (Fig. 1, pos. 5.1 and 5.2) and were approximately 
120 bar. Working flow through orifices was approximately 20 lpm.  
The measured internal leakage of water 4/3 proportional directional control valve was 
the main result of the useful lifetime test. Increasing value of leakage, when there was 
single – by-pass filtering used, from start to approximately 2.5 millions of testing cycles 
is shown in Figure 6. Each point – dot in diagram shows the mean value of at least three 
measurements of internal leakage at 40° and pressure 160 bar. There are three curves in 
the diagram. The first one (the main) represents the measured values for the water valve. 
It shows how the internal leakage increases from initial 0.036 lpm up to 0.0843 lpm at 
the same conditions. Possible reason for oscillating about the mean values of internal 
leakage during lifetime test lies in different positions (more or less central inside the 
bore of the bushing) of the spool in the time of leakage measuring process. The second 
line (the thin line) shows the predicted, calculated value for the internal leakage for the 
water proportional valve. It is extrapolated from the initial measured values taking into 
account normal working parameters. The third – dashed line shows the predicted, 
calculated value for the internal leakage for the oil proportional directional control 
valve. This curve too is extrapolated from the initial measured values taking into 
account normal working parameters for such oil hydraulic systems working at 50 °C 
and 160 bar.  
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We did not carry out the lifetime test for the equivalent oil proportional valve, so we 
calculative predicted an average increasing of the gap between the spool and the bore of 
the sleeve of the oil sliding type of valve for 3 μm in 2.5 millions cycle period. After 2.5 
million cycles the internal leakage of the water valve was lower as the predicted internal 
leakage of oil valve. 
 

 
 

Figure 6.   Measured values of the internal leakage of water and oil directional 4/3 
proportional control valve during the whole lifetime test, depending on number of 

switching cycles at  single, by-pass filtering (by-pass filter was 5 μm with ß10>5000 )  
(pressure = 160 bar, flow = approx. 20 l/min, frequency = 5 Hz, Twater = 40°C, Toil 

=50°C)    

4 CONCLUSSION 

• Analytical comparisons between dynamical responses of water and mineral oil 
hydraulic system show that differences are acceptable.  

• Pressure surge effect in the water hydraulic system was for 12 % higher than in 
oil system; it is acceptable and according to the properties of both fluids.  

• Response of the water proportional valve in unloaded state was at 10 Hz aprox. -
0.3 dB and in loaded state -0.9 dB at 10 Hz. Response is acceptable for major 
simple hydraulic systems.  

• Lifetime test of the new water proportional 4/3 directional control valve was 
carried out. Results are acceptable for application. The good filtering of water is 
very important.  

• Results of lifetime test (2.5 millions of cycles) show that wear inside the water 
valve with stainless steel sliding elements is stabile and below the limit that is 
normally acceptable for the oil valve.  

 
The results of presented research work show that we can be optimistic about usability of 
water power-control hydraulics in future. The overall results were better as being 
expected. 
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The Twelfth Scandinavian International Conference on Fluid Power, May 18-20, 2011, Tampere, Finland 

PREFACE 

The first international conference on fluid power in Tampere was held in 1987. That 
was the start of the series of Scandinavian fluid power conferences. In 1993 it was 
decided  that  the  name  of  the  conference  is  Scandinavian  International  Conference  on  
Fluid Power. At the same time it was also decided that SICFP will be held every second 
year alternately in Tampere and Linköping. So we have already over 20 years’ tradition. 
This conference is organized by Department of Intelligent Hydraulics and Automation 
(IHA) at Tampere University of Technology (TUT) together with network of Fluid 
Power Centres in Europe (FPCE). 

This twelfth conference includes various traditional themes like mobile hydraulics, 
water hydraulics and industrial hydraulics. However, in addition this time there are 
many more new areas included like digital hydraulics, intelligent mobile machines and 
teleoperation. Special attention in the program is given for energy efficiency, renewable 
energy  production  and  energy  recovery.  They  are  reflecting  well  the  situation,  where  
environmental issues and energy saving are increasingly important issues. 

We received about 145 interesting and high-level abstract proposals. This is the record 
number in the history of the conference. In addition to four invited speakers, about 110 
papers were selected for the final programme. This year for the first time in the SICFP 
conference also poster presentations are included into the program. We believe that the 
conference will give the participants fine opportunities to listen interesting 
presentations, to exchange opinions and strengthen of old contacts and to establish new 
ones. 
This time the conference proceeding will be published as a printed book and also as a 
USB memory stick. We hope that this proceedings will serve you well during the 
conference but also far in the future as a source of reference. 

We would like to express our sincere appreciation to everybody who has contributed to 
the success of the conference. 

 
 

 
 

 
Tampere, 17th April, 2011 

 
 

Kari T. Koskinen, Professor    Harri Sairiala, M.Sc. 
Conference Chairman, SICFP’11   Conference Manager, SICFP’11 
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MODELLING THE EFFICIENCIES OF HYDRAULIC PUMPS WITH 

NEURAL NETWORKS 

Joni Backas and Kalevi Huhtala 
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P.O.Box 589 
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E-mail: joni.backas@tut.fi 

ABSTRACT 

The capability to estimate volumetric and friction losses at a certain operation point can 

be considered a necessity when striving for better fuel economy in hydrostatic 

transmissions. The aim of this research is to determine the applicability of neural 

network based systems for modelling the efficiencies of hydraulic components. In 

addition to accuracy requirements, for example fast computation time is beneficial to 

the feasibility of the models in real control systems. Three different types of neural 

networks were studied and their errors compared with those of the Two-Line Model by 

Huhtala. Even though the presented results are based on the measurements of only a 

single pump, it seems that these kinds of models have evident potential in predicting the 

losses accurately in the whole operating range. According to the findings, multi-layer 

perceptron (MLP) networks were the fastest to compute and had the most accurate 

estimates. The standard deviations of the error for volumetric and hydromechanical 

efficiencies were 1.8 and 1.1 %-units, respectively. 

KEYWORDS: Efficiency, Modelling, Hydraulic pump, Neural network, MLP 

1. INTRODUCTION 

The pursuit of lower fuel consumption has been a very active field of research in recent 

years. This is mainly encouraged by economic aspects, but the tightening emission 

legislation of off-road vehicles also contributes. If the fuel economy is to be improved 

in hydrostatic transmissions, which is the most typical power train in these kinds of 

machines, it is essential to have accurate information about the efficiencies of all the 

parts of the system. 

Modern efficiency models are based on functions determined from the measured data of 

components. Both Huhtala’s Two-Line Model ([1]) and Ivantysynova’s POLYMOD 

([2]) are of this type, and they concentrate on numerical accuracy. It is undeniable that 

exact estimates are the most important aspect of these estimators, but they do not 

guarantee applicability in real control systems. Particularly, if the models have to be 

11



computed multiple times, the duration of one cycle becomes very important. Such a 

situation is common, for instance, in optimal control. 

The aim of this paper is to study the possibility of utilizing artificial neural networks 

(NN) as the predictors of the efficiencies of hydraulic components. This is done by 

estimating the efficiencies calculated from measured variables at different operating 

points of a hydraulic pump according to equation (1) for volumetric and (2) for 

hydromechanical efficiency. Since Hornik et al. ([3]) presented mathematical proof that 

MLP network, with only one hidden layer, is able to approximate any function if the 

number of the nodes is not limited, and the losses of hydraulic components have already 

been described with polynomials, there should be no major constraint for this kind of 

modelling. Furthermore, the determination of NNs is an automated process, which can 

possibly enable the re-evaluation of the models, even after the component is installed in 

the application. 
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where 

Q is the volumetric flow of the pump 

Qloss is the overall volumetric losses 

n is the rotational speed of the pump 

ε is the relative swivel angle of the pump 

VG is the maximum geometric displacement of the pump 

TP is the torque utilized by the pump 

Tloss is the overall friction losses 

T is the torque provided by the prime mover (T = TP + Tloss) 

Δp is the pressure difference of the main ports of the pump (Δp = pA - pB) 

The first part of the article presents the system that was used to collect the required data. 

After this, the general structures of the used neural networks are introduced, along with 

the key section where the training data for the models is extracted from all the measured 

points. Finally, the obtained results are presented, which include the numerical 

accuracies of predictions as well as other characteristics of the models. Huhtala’s Two-

Line Model is used here as a benchmark. 

Considering all the findings, MLP-type networks provided accurate estimates in the 

whole operating range and give plausible outputs also outside of it. Moreover, their 

computation time was the shortest of the tested models. Based on these reasons, it can 

be stated that this type of modelling is applicable and therefore has to be considered 

when choosing an efficiency model even for the optimal control of hydrostatic 

transmission. 

2. MEASUREMENTS 

In order to collect efficiency data, the measurement set-up presented in Figure 1 was 

constructed. A closed circuit hydraulic pump was operated with an electric motor and 

the load was implemented with a pressure relief valve, with which it is possible to 

12



produce a 315-bar pressure differential. Magnitudes as stated in equations (1) and (2) 

were recorded with corresponding sensors (see Figure 1) and they can be seen with the 

utilized sampling intervals in Table 1.  
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Figure 1. Measurement set-up 

The swivel angle of the pump and the rotational speed of the electric motor were 

controlled with systems provided by the manufacturers. In addition, two external 

controllers were designed to maintain the desired conditions: PI for the pressure pA and 

PID for the temperature of the fluid. The achieved accuracies were ± 1 bar and ± 3 °C, 

respectively. 

Table 1. Measured variables 

RECORDED 

VARIABLES 

SYMBOL SAMPLING 

PERIOD 
Swivel angle ε 10 ms 

Volumetric flow Q 1 ms 

Pressure, port A pA 1 ms 

Pressure, port B pB 1 ms 

Rotational speed n 1 ms 

Torque T 1 ms 

Temperature t 1 ms 

Swivel angle reference εref 10 ms 

PRV reference pref 1 ms 

 

The steady-state efficiencies were determined in total in 259 distinct operating points, 

which have at least one differing variable from rotational speed, swivel angle and 

pressure difference between the main ports of the pump. It is widely agreed that these 

parameters are the major contributors to the variations of the efficiencies of hydraulic 

pumps ([1], [2]). The measured ranges of the mentioned variables were 

, therefore all the presented 

accuracies of the models in this paper can be questioned outside the defined region of 

measurements. Moreover, Ivantysynova demands that extrapolation should not be 

conducted with efficiency models of hydraulic components [2]. In brief, the 

measurements were performed in six sets at distinct pressure levels, each creating a 
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plane that was delimited with the maximum and minimum values of the rotational speed 

and swivel angle of the pump. First, the rotational speed was kept constant at its 

minimum, while the swivel angle was varied along the equally spaced reference vector 

from the smallest value to the largest. The same procedure was repeated with the 

maximum and some middle value of the rotational speed. Following this, the swivel 

angle of the pump remained constant at three similar values and the rotational speed was 

altered. These six series were also replicated with the five other pressure settings. The 

efficiencies were calculated according to equations (1) and (2) with the variable values 

determined as an average of the measured data of a 5-second interval in steady-state 

conditions. 

3. NEURAL NETWORK MODELS 

Three different types of artificial neural networks are trained for the models of the 

volumetric and hydromechanical efficiency of the measured hydraulic pump: Multilayer 

Perceptron Network (MLP), Radial Basis Function Network (RBFN) and Adaptive-

Network-based Fuzzy Inference System (ANFIS). One network provides an estimate for 

one efficiency, thus the total number of systems which have to be trained equals six. 

The principle of neural networks is utilizing simple and, in most cases, identical 

functions which can be connected to each other in innumerable ways with a view to 

emulate the human brain. Figure 2 illustrates a typical structure of a feedforward 

network i.e. signals traverse only from input to output with no feedbacks. All systems 

discussed in this work have a similar flow of information. The arrows of Figure 2 

represent the connections between the nodes of a network, and each of them has an 

individual effect on the output. The other lines entering the nodes are bias terms. In this 

context, training signifies the determination of these levels of importance, also known 

as weights, which might be considered as the parameters of these efficiency models. 

Despite this resemblance to the traditional ways of presenting losses in hydraulic 

components, tuning these values is fully automated with sophisticated optimization 

algorithms, such as Levenberg-Marquardt (LM). 
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Figure 2. Typical structure of feedforward network 
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3.1. Selection of training data 

In order to conduct successful training, resulting in an accurate model, an adequate 

amount of data has to be provided. The most applicable way to obtain this information 

tends to be empirical testing of the component. Naturally, the experiments have to be 

designed to correspond with the final operating situation as closely as possible. After 

the data has been gathered, it is customary to divide it randomly into training, validation 

and test subsets. The second one is used to prevent the overfitting of the network to the 

first set, which may well lead to the loss of generalizability. The last one is merely for 

final tests with a set of unseen data points. 

One of the main objectives of this work was to determine the minimum amount of 

measured operating points that would result in adequate accuracy of the efficiency 

model when used in training of the network. Such an aim practically prevents the use of 

random training set since extrapolation is considered detrimental; therefore the border 

areas of the operating space have to be covered especially well. 

Obviously, it is not feasible to examine every potential combination of gathered points; 

therefore, the following six candidate sets were separated. See Figure 3 for clarification 

of the used terms. 

1. The corners and centre points of the efficiency planes at pressure levels 50 and 

300 bar (the number of points: 11). 

2. The borders and centre points of the efficiency planes at pressure levels 50 and 

300 bar (19). 

3. The borders and two intersecting measurement series at pressure levels 50 and 

300 bar (38). 

4. The corners and centre points of the efficiency planes at pressure levels 50, 100, 

200 and 300 bar (21). 

5. The borders and centre points of the efficiency planes at pressure levels 50, 100, 

200 and 300 bar (37). 

6. The borders and centre points of the efficiency planes at pressure levels 50, 100, 

150, 200, 250 and 300 bar (56). 

Figure 3. Explanations of the used terms regarding the training data. 
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The applicability of the mentioned data sets was tested with oversized networks and 

using the functions of the Neural Network Toolbox™ of Matlab® with default 

parameters. These preliminary results gave an idea of whether it would be beneficial to 

investigate a specific candidate set further to achieve satisfactory accuracy. In addition 

to striving for minimal numerical errors, also the number of required measurement 

points was considered as the final choice of training data was made. Set 5 proved to be 

the most suitable one, because it was the first that indicated serious potential in terms of 

accuracy and was noticeably smaller than set 6. Besides, the largest set of 56 points did 

not seem to improve the results significantly when compared with the chosen set with 

37 points. 

3.2. Determination of the networks 

As has been noted, the training of all six neural networks was conducted with the same 

data. The procedure was similar to the preliminary training; however, equally important 

as small errors was the determination of the minimal network which was able to provide 

it. The indicative target for the modelling error of the efficiencies was set at 5 

percentage units and the parameters were selected to implement the Early Stop method 

([4]) to ensure generalizability. This had to be done with functions that did not allow the 

validation data be defined by the user. In addition, especially because the values of 

rotational speed are at least tenfold to the ones of the swivel angle, the data had to be 

normalized. This ensures that every input is treated equally when the weights are 

updated at the optimization phase of the training.  

3.2.1. MLP network 

It is generally agreed, as Hornik et al. proved in their research [3], that any 

mathematical function could be approximated with a one-layer MLP network if the 

number of the nodes is not limited. This encouraged us to focus this research only on 

similar structures. Furthermore, this simplifies the problem of determining the most 

applicable network substantially. 

The training was first performed with clearly oversized networks, e.g. 15 nodes in MLP 

and continued by reducing the number of nodes until the overall accuracy started to 

deteriorate. However, Lee and Lam [5] began only with 1 node and increased the 

amount until their requirements were attained. On the contrary, Setiono and Gaweda [6] 

argue that generally this type of approach will lead to networks with too many nodes 

and poor generalizability. 

Even though the part of the work described above was done manually, the next 

development step would be utilizing a pruning algorithm, which can determine the 

optimal amount of nodes and furthermore, discard the least important weights between 

them. Moreover, this would expedite the computation of final networks, since the ones 

defined in this research are fully connected. The algorithm described in [6] prunes a 

network first towards the minimum number of nodes and second removes negligible 

connections. Nevertheless, more research has to be done before choosing the most 

suitable pruning method for intended application. 

Both the volumetric and hydromechanical efficiency models have only one hidden layer 

of neurons, where all activation functions are hyperbolic tangent sigmoid; the outputs 

are linear. A similar structure with three hidden layers is shown in Figure 2. The 
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reduction of the former network was stopped at 8 and the latter at 6 nodes. With fully 

connected NNs, this results in 41 and 31 parameters, respectively. The hydromechanical 

model is simpler probably due to the more minor changes in the efficiency at higher 

pressures than what is detected in its volumetric counterpart. 

3.2.2. RBF network 

The structure of a radial basis function network is very similar to the one of MLP. Both 

have a feedforward-type flow of information; moreover, in this research the named NNs 

are even more similar, since the number of hidden layers in RBFNs is always one. 

Therefore, the only difference is the utilized activation function, which in this case is 

defined with equation (3). 

)3(
2
rbu

rb ey


  

The urb in (3) describes the final input of individual function, which is calculated 

according to initial input and a parameter called spread: small values of spread make the 

function very narrow and only inputs close to its centre point have a noticeable effect on 

the output. Large values naturally widen the area of influence. Once the spread is 

defined, the determination process of the network increases the number of nodes until 

the desired accuracy is reached. The centre point of a function can be chosen even 

arbitrarily, but the algorithm used in this work selects the coordinates from the set of 

input vectors. 

Separate RBFN models for the volumetric and hydromechanical efficiencies were 

defined with spreads 4 and 9, respectively. The aim was to find the largest spread value, 

which presumably would provide the smoothest possible behaviour for the modelled 

function without sacrificing the accuracy of the output. This resulted in a 14-node 

network for flow and 15-node for friction losses. When compared with MLP, the 

outcome is a little surprising, since those networks imply that the hydromechanical 

efficiency does not require as many parameters as the volumetric. However, tangent 

sigmoid functions might be more suitable for this type of modelling than the radial basis 

ones. The downside of the used RBFN algorithm is that it is possible to define only one 

value for the spread. Therefore, the areas that only have subtle changes have to be 

covered with narrower functions, which are required for regions with more drastic 

changes. This obviously increases the amount of required nodes. 

3.2.3. ANFIS 

As can be noticed from the name, Adaptive-Network-based Fuzzy Inference System is 

not exactly a neural network. Nevertheless, even though it does not fulfil a proper 

definition, it has affinities with them, especially regarding the automatic definition of 

parameters. However, NNs lack the intelligibility of fuzzy reasoning methods. In 

ANFIS, the purpose is to combine the intuitiveness of membership functions (MF) from 

fuzzy logic and the fast determination of optimal parameters utilized in training of 

neural networks. Actually, another interpretation for the acronym is Adaptive-Neuro-

Fuzzy Inference System. 

Figure 4 presents a structure for ANFIS which has equal layers to the one used in this 

research. As noted, even the name has different versions and thus, it is only natural that 

there is variation, e.g. in what functionalities a certain layer implements. In general, one 
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will always find membership functions for the inputs and output of the system as well as 

a few layers for processing the data in between. How these are eventually organized is 

merely a technicality. 
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Figure 4. Example structure of ANFIS. 

The first hidden layer in the ANFIS depicted in Figure 4 implements fuzzification with 

separate membership functions for every input. In this case, the rule layer contains T-

norm by which the smaller input is chosen. This is followed by collecting every output 

of every rule in the penultimate layer and calculating the value of output MF with 

equation (4). Lastly, these values are normalized and summed to acquire the magnitude 

of modelled efficiency. 

)4()( 22110 uuoO LLL

RL    

where 

OL is the output of the membership function 

oR is the output of the rule layer 

α
L

0,1,2 are tuneable parameters 

Although the user decides the number of MFs, by default Matlab uses the same value 

for every input regardless of its realized variation. Therefore, a lot of excess parameters 

might be defined. In addition, every rule requires a distinct function, which 

unnecessarily increases the complexity of the system. Even though the structure can be 

configured manually, this study pursues a process which is as automated as possible. 

With ANFIS training algorithm, it is possible to change both the location and shape of 

the membership functions as well as the value of each α presented in (4). This kind of 

hybrid method usually consists of two parts: data clustering and linear regression. The 

former determines the rules of the system including the membership functions; the latter 

is used for tuning the parameters of the output MF layer, i.e. equation (4). It is 

customary to iterate the linear parameters several times per new clustering. 

As a result of the issues mentioned in this section, two systems with very differing 

scales are defined. The hydromechanical efficiency is modelled with only 4 membership 

functions for each of three inputs. However, satisfactory accuracy for volumetric 

efficiency required 36 functions in total. 
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4. RESULTS 

When any kinds of models are determined, the prime interest usually relates to the 

achieved level of accuracy. This is especially the case with the estimation of pure 

numerical values such as efficiencies. However, depending on the purpose of use, also 

other factors can be considered before selecting the most applicable one. As regards this 

research, particularly fast computation time, overall smooth behaviour and automated 

determination process are also valued. 

Even though the presented results are simple to interpret, the data was used in 

determining the required equations for Two-Line Model ([1]), which will serve as a 

benchmark for NN-based models. Furthermore, some causes of inaccuracies are 

presented and discussed. 

4.1. Numerical accuracy 

As has been stated, the most important property of a model approximating a function is 

the exactness of its output compared with the observations of the real world. The 

estimators mentioned in this paper are evaluated with all the gathered data points 

described in Chapter 2. This is conducted by feeding the parameters of operating points 

(i.e. n, p and ε) as inputs to the final models and calculating the absolute errors of the 

outputs to measured efficiencies (ηmodel-ηmeas). These differences are shown as 

histograms in Figure 5. 

Figure 5. Error distributions of the models 
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As can be seen from Figure 5, with MLP both histograms are narrower than with any 

other model. Obviously, this signifies the best overall accuracy, but in addition MLPs 

also have the smallest maximum error. The specific numerical characteristics of all the 

models are presented in Table 2. Other noticeable facts in the histograms would be the 

extremely high peak in the ANFIS of volumetric efficiency combined with the 

relatively high maximum error. Since the results include the errors of training data, this 

can be interpreted as a classic case of overfitting, where the points utilized in the 

teaching process are estimated with almost non-existent difference, but the rest are 

scattered to a very wide range. Equally interesting are the opposite signs of the errors of 

the Two-Line Model: almost in every operating point volumetric loss is predicted too 

low and friction losses too high. 

Table 2. Numerical characteristics of the models 

Efficiency Model Standard dev. 

[%-unit] 

Max. error 

[%-unit] 

Measurement 

points used 

Volumetric MLP 1.8 6.6 37 

 RBFN 2.1 7.9 37 

 ANFIS 4.3 16.3 37 

 Two-Line Model 7.9 33.6 44 (min. 30) 

Hydro- MLP 1.1 4.2 37 

mechanical RBFN 1.6 4.7 37 

  ANFIS 3.9 13.1 37 

  Two-Line Model 2.9 9.4 44 (min. 30) 

 

Based on the data presented in Table 2, the MLP models seem to be the most accurate 

ones, in terms of both standard deviation and maximum error. Despite the fact that the 

error exceeds the target value of 5 %-units in volumetric efficiency, it is safe to say that 

sufficient accuracy has been obtained, because 95 % of the measured points can be 

estimated with an error less than 3.6 %-units. As can be noted from Figure 5, the errors 

of the Two-Line Models are not normally distributed. Hence, the values of standard 

deviation cannot be considered as descriptive as with the neural network models. The 

right hand column of Table 2 shows the number of measurement points used in 

determining each model. Presumably, the accuracies of the Two-Line Models would not 

be notably lower, even if the value was reduced from the used 44 to the minimum of 30 

suggested by Huhtala in [1]. However, the diminution should not be done randomly, but 

by ignoring only carefully selected points in the fitting of required polynomial 

functions. 

Figure 6 illustrates the effect of the theoretical flow of the pump to the prediction errors 

and every point represents a single measurement. Note the different scaling of the 

pictures on the left (volumetric efficiency) compared with the ones on the right 

(hydromechanical). In general, the errors of the MLPs are located evenly around zero, 

but there is a definite positive deviation in hydromechanical efficiency with smaller 

flows. Conversely, one cannot miss the obvious trends with Two-Line Model. As stated 

earlier, these estimates differ in opposite directions, yet both the errors increase with 

decreasing flow. The similar figures of RBFN and ANFIS are excluded due to the 

correspondence with MLP. 
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Figure 6.  Effect of theoretical flow of the pump to the errors 

Additionally, the pressure level of the system has a distinct influence on the errors. In 

Figure 7, this is shown for hydromechanical efficiency. Only the values related to MLP 

are evenly scattered. As regards RBFN and ANFIS, with pressures of 150 and 250 bars 

there are points either with the positive or negative values of error. Correspondingly, 

there were no points in the training data from these areas. 

 

Figure 7. Effect of pressure level on the errors of hydromechanical efficiency. 

4.2. Other characteristics 

Models that are based on a physical phenomenon can be expected to behave smoothly 

even outside the range that they are initially defined. However, neither such 

extrapolation possibilities, nor consistent output values are as obvious with systems 

based on neural networks. Therefore, some additional tests were conducted in order to 

determine if the mentioned characteristic of the final NN models are acceptable. 

Moreover, elapsed computation time is also evaluated with Matlab. Figure 8 shows the 

outputs of both efficiencies with RBFN and ANFIS simulated with a constant 50-bar 

pressure and 100 evenly distributed operation points. 
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Figure 8. Simulated efficiencies with 50-bar pressure level. 

It can be clearly seen how irregular the estimates are with the ANFIS of volumetric 

efficiency. Nevertheless, this was to be expected based on the errors of the same system 

(see Figure 5). Because the other surfaces are equal with RBFNs in terms of their shape, 

they are not presented here.  

The use of simulation enabled the investigation of higher pressures. Although there is 

no experimental data from these areas, it is possible to identify the most striking 

abnormalities of the models. Figure 9 illustrates the simulation results of volumetric 

efficiency with pressure level of 500 bars. Again, the output of ANFIS is extremely 

irregular, but the low values of RBFN are also worth noticing. Despite the missing 

measurement data, it can be presumed that these estimates are noticeably below the 

actual values of the pump. This assumption is based on both on the experimental data 

and the trend that the points seem to be following. Furthermore, all the other models 

have clearly bigger outputs, at least in the region close to the maximum swivel angle 

and rotational speed. 

Figure 9. Simulated volumetric efficiencies with 500-bar pressure level. 
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Table 3 summarizes the non-numerical characteristics of the models discussed in this 

paper. In addition to the ones already presented in this section, there are also the results 

of the evaluation speeds as well as mentions of implementation requirements. 

Table 3. Some non-numerical characteristics of the models. 

Model Extrapo-

lation 

Consistent 

operation 
Requirements Computation 

speed 
Determination 

MLP Possibly Yes NN / Functions Fast Automatic 

RBFN Limited Yes NN / Functions Fast Automatic 

ANFIS No* No* Functions Slowest Automatic 

Two-

Line 

Model 

Yes Yes Floating point Slower Semi-automatic 

* Volumetric 

  As shown in Table 3, the MLPs and RBFNs are the fastest to compute, although Two-

Line Model is not that much slower. The intended application for these models is a 

control system of a mobile working machine. Hence, it is important to specify 

requirements that are needed to implement them. The easiest possibility would be using 

generated blocks or network models, but even xPC Target environment does not support 

them yet, so presumably we will not see them in commercial controllers in the near 

future. Nevertheless, especially MLPs are straight-forward to implement, since tansig is 

a universal function with no separate parameters. Likewise, ANFIS requires an 

implementation of membership functions, but its overall determination is much more 

complicated than, for instance, the simple matrix calculations of MLP. The Two-Line 

Model is determined only with polynomial functions. As a consequence, it does not 

need any special functions; the controller only has to support calculations with floating 

point numbers. 

5. CONCLUSIONS 

This research focused on determining the applicability of artificial neural networks in 

the prediction of the efficiencies of hydraulic pumps. Three different types of NNs were 

trained and their accuracy was evaluated with gathered experimental data. In addition, 

the computation time, extrapolation capabilities and automation level of determination 

process were considered in order to assess the models comprehensively. Huhtala’s Two-

Line Model ([1]) served as a benchmark against which the new models were compared. 

Moreover, the number of required training points was to be kept as small as possible; 

hence, the chosen training data consisted of 37 different input sets. 

The MLP-based models proved to be the most suitable ones to implement in real control 

systems. 95 % of the measured data points were predicted with the maximum error of 

3.6 %-units for volumetric and 2.2 %-units for hydromechanical efficiency. Above all, 

these models were also the fastest to compute, had smooth overall behaviour and could 

provide plausible estimates even outside the range of the training data. The biggest 

disadvantages of the other NNs were inaccurate outputs and complex structure for the 

ANFISes, and limited extrapolar region for the RBFNs. In addition, while the 

benchmark was at its most accurate with large volume flows, the MLP-models 

performed well in the whole operating range. 
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Despite the notably good results of MLP, there is still something to develop: the 

determination process could be fully automated if a suitable pruning algorithm were 

utilized. This should not have a negative effect on the accuracy, since these kinds of 

processes can be intercepted if a defined maximum error is exceeded. Furthermore, the 

models presented in this paper do not use temperature as an input; as a consequence, the 

effect of viscosity is not considered. Presumably, if similar measurements were repeated 

with a different temperature setting, the changes caused by this undeniably important 

magnitude could also be modelled. 

Another benefit of MLP-type neural networks is that they do not require advanced 

mathematics after they are defined. Although even the xPC Target environment does 

not directly support the neural network blocks of Matlab, the implementation of this 

type of NN is very simple with basic matrix calculations and tansig function. However, 

these requirements are not yet fulfilled in commercial control units and especially the 

computation time of the models could change drastically if calculations were executed 

in a system that is not optimized to process matrices. 
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ABSTRACT 

This paper describes the preliminary results of a study focused on the mathematical 
modeling of an excavator hydraulic system. A nonlinear mathematical model of an 
excavator has been developed using the AMESim® modeling environment to replicate 
actual operating conditions. The model is described by two models: a hydraulic model 
and a kinematic/mechanical model. At this stage of research the hydraulic model deals 
solely with the model of the main hydraulic pump, the other components in the system 
are created using generic mathematical models. This approach has been followed to 
enable the study of the dynamic behavior and interaction of the pump with a completely 
developed kinematic model of the excavator. A 2D kinematic/mechanical model has 
been developed to simulate the body elements of the excavator. This would reproduce 
the motion of the boom, arm and bucket. The dynamic parameters of each element, 
moments of inertia, center of gravity and acceleration are continuously calculated 
during an excavator operating cycle. The integration between the kinematics/mechanical 
model and the hydraulic simulation model makes the dynamic loads on the hydraulic 
cylinder easier to evaluate. The model of the variable displacement pump considered in 
this work has been validated on the basis of a preliminary set of experimental data 
collected on a test rig at particular experimental operating conditions.  

KEYWORDS: Hydraulic Excavator, Non-Linear Modeling, Variable Displacement 
Pump, Control System 

1. INTRODUCTION 

The development of control systems for complex mechanical systems, like large and 
heavy manipulators, mobile cranes and excavators requires the use of powerful 
development tools. This is particularly true, where a short commissioning period is 
desired. Here, the complete control-system must be developed and tested by simulation 
methods. This requires a comprehensive software package for modeling and simulation 
of this kind of mechatronic system consisting of different components and subsystems 
such as mechanics, hydraulics, control systems, etc. Thus the corresponding software 
tools together constitute an integrated development environment for mechatronic 
systems, consisting of a modeling and simulation part and a control development part. 
The mechanical system under consideration can be regarded as a complex multi-body 
system. The simulation of the kinematics and dynamics of multi-body systems is 
becoming a topic of increasing importance in many industrial branches, due to its 
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potential for reducing costs and providing a better understanding of the inherent effects 
governing the behavior of the system. At a more detailed level, simulation offers 
enhanced product assessment, the possibility of early stage conceptual testing, and a 
virtually unlimited spectrum of "what if" analysis [1]. Towards realizing this objective 
the modeling approach comprises of a hydraulic model and a kinematic model. To 
examine the aspects of interest and the reason for modeling of excavator systems, let us 
take a brief look at the drive system which is hydraulically powered and is commonly 
used to achieve fine motion and power control. This choice of a drive is attributed to the 
very high power density of hydraulic systems compared to electrical or mechanical 
drives. The generally poor energetic efficiency constitutes one of the major drawbacks 
of hydraulic systems. The increasing demand on the energetic efficiency requires the 
implementation of hydraulic supply systems which can be adjusted to the actual 
requirements of the load (load-sensing) [2]. A method of adjusting these systems to 
meet the load requirements is by controlling the flow of a pump. In this context, 
variable- displacement axial piston pumps are often used, whereby the displacement of 
the pump can be varied by tilting a swash plate. This can be performed fast enough to 
meet the dynamic demands caused by many loads. In this work, a nonlinear pump 
model is derived, which takes into account the essential nonlinearities of the system and 
can be easily adjusted to pumps of different displacement sizes in the same model 
range. The control of the pump displacement requires a pressure feedback that is 
obtained from the force generated at each cylinder of the excavator arms that follows a 
desired function when executing digging tasks. With the aim of recreating these varying 
forces on the pump - a detailed model of the kinematics has been realized to subject the 
hydraulic model to the gambit of forces and torques acting on each of the elements of 
the excavator kinematics. Due to the complexity of the whole system, dynamic forces 
are required for computing the load on the system which is achieved by the kinematic 
model of the excavator. Some earlier research comparisons describe the differences 
between static and dynamic forces [3]. Also the nonlinear effects occurring during the 
excavation cycle such as the bucket–soil interaction and the nonlinearities of the 
hydraulic system complicate the control of the pump. It is known that gravitational and 
frictional forces between the piston and cylinder should be compensated for, to achieve 
high performance of heavy-duty hydraulic machines, such as excavators. Furthermore, 
oil viscosity, oil flow through the valve, and variable loading, will cause the hydraulic 
control systems to suffer from highly nonlinear time-variant dynamics, load sensitivity, 
and parameter uncertainty. Thus, these factors have to be taken into account in 
hydraulic modeling and control. The above details provides a glimpse into the 
complexity of variable forces that the system undergoes and the motions for which the 
variable pump compensates its displacement to provide the required flow to meet the 
commanded motion requirements. Thus far, having described the objective of the 
research, the following sections will describe in detail the modeling of the pump, the 
excavator kinematics and validated preliminary results of the mathematical model.  
 

2. PHYSICAL MODELING 

2.1 Pump Model  

The pump model that is described in this application of an excavator’s hydraulic control 
system is that of a load sensing variable displacement axial piston pump. This pump is a 
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standard line production pump developed by Casappa SpA and belongs to the MVP 
series. The study of optimal displacement control of variable displacement pumps has 
been a topic of interest for fluid power researcher’s world over and continues to provide 
scope for development with electro hydraulics and recent advances in robust control 
strategies. To set the pace of this study, this paper describes the preliminary stage of the 
model development and will deal with the actual pump being produced, i.e. with 
classical hydraulic feedback. As can be seen in Fig 1, the pump model comprises of 
three sub-models a flow compensator, pressure compensator and the flow characteristics 
i.e. the actual pump itself, which has been conceived as an ideal pump. This model 
approach has been adopted to provide the manufacturer with the flexibility of selecting 
pumps with discrete maximum displacements to vary the complete systems gain.  
Future work will include empirical data to drive the pump model in order to create 
accurate flow characteristics accounting for leakage losses, frictional losses, mechanical 
and volumetric efficiency.  

Fig 1. Model breakup of the MVP series, Load Sensing Variable Displacement Pump 
 

As a final note before entering into the details of the modeling of components, the 
mathematical models of the flow compensator, pressure compensator and flow 
characteristics have been developed using the AMESim® modelling environment which 
is based on the bond graph methodology. This uses the transfer of power between 
elements to describe the dynamics of the system.  The basic idea being - the direction of 
power flow at any moment in a system is invariant. Power may be expressed as a 
multiplication of two factors – generalized effort and generalized flow. Bond graphs are 
far more powerful in modeling complex systems which involve the interaction of 
several energy domains [4]. 

2.1.1 Flow Compensator 

The flow compensator (FC) has the most important function in terms of controlling the 
displacement of the pump for a set preload. Thus this component has been modeled and 
verified in great detail. The function of the flow compensator is to offset the pumps 
flow by adjusting the swash angle of the pump. The logic incorporated in this 
component is to compare the load pressure LS from the user with the output pressure P 
from the pump to provide a spool position, which would be used to regulate the flow 
through the FC spool and in turn control the displacement of the pump. In order to 
facilitate the FC to directly sense the pressure at the load, the spring setting in the FC is 
set to a value equivalent to the line losses from the pump to the LS measuring point. 
Thereby providing the control signal for the pump to compensate its displacement in 
situations where the load pressure is larger than or lesser than the pressure value at the 

Pressure Compensator

Flow Compensator

Flow characteristics
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delivery of the pump. The FC’s spring comprises of two springs one being a snubber 
spring. This arrangement has been adopted to provide a snubbing function - thereby 
resiliently biasing the spool from the first operating position to the second operating 
position, when the fluid pressure in the LS chamber is increased from a first pressure 
level to a second pressure level. This feature has an attribute of controlling pressure 
pikes more carefully due to the precise metering characteristics of the valve, thus 
reducing the oscillations on the swash plate resulting from pressure spikes.  
The functioning of the FC as depicted in Fig, 2 and Fig, 3, is such that the pump 
pressure enters the FC valve through the chamber A. The pressure entering this chamber 
acts on the area of spool 1 to create a force. This is realized in the model by means of a 
transformer element, in the form of spool 1, where the modulus of the transformer is the 
ratio between the spool - piston and rod area. The force created by the pump pressure on 
spool 1 is countered by the force created by the springs 5 and the LS pressure which is 
sensed in chamber D. The sum of these two forces i.e. spring 5 and the LS pressure 
acting on the area of piston 4 is the force value that is used to maintain the force balance 
of the spool. When the pump pressure is greater than the force on piston 4, the spool is 
displaced to the left creating a flow path between chamber A and chamber B which is 
referred to as the intermediate chamber. The flow through this chamber has the function 
of varying the swash angle of the pump, and in this way the pump displacement is 
regulated. Chamber C is connected to tank and is used to drain the oil from the 
intermediate chamber to tank at particular operating conditions. Spool 2 as well, has 
been modeled as a transformer element with the modulus being the area ratio between 
the spool - piston and rod. Leakage models have been included as depicted in 3 (Fig.3) 
the leakage models serve to increase the system damping and describe the internal 
leakage between chambers. 

 

Fig 2.  CAD model of the Flow Compensator 

Fig 3. AMESim® model of the Flow Compensator 
 

LS 
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The governing equations that describe the valve behavior are described by the 
interaction between a fluid-dynamic model (FDM) and a mechanical-geometrical model 
(MGM), the FDM calculates the pressures inside the chambers and the flow rate 
between adjacent chambers, the MGM calculates the forces acting on the spool, 
determines its dynamics and the flow areas.  
The fluid dynamic model is based on a lumped parameter framework. The pressure 
inside each control volume is assumed uniform and time dependent, and is determined 
by the continuity equation: 
 
 1

 
(1) 

 
The model assumes a constant value of fluid temperature. The fluid density is evaluated 
as a function of pressure as described in [5]. The summation term represents the net 
mass flow rate entering or leaving the volume. This is obtained by considering the 
contribution of all orifices connected with the considered volume. The mass exchange 
occurring through the orifices is calculated using the generalized Bernoulli’s equation 
under quasi-steady conditions, eq. (2): 
 
 2 |∆ | (2) 

 
The user sets a proper saturated value for the coefficient of discharge of each 
connection, on the basis of experimental data or using values reported in literature, such 
as [5,6]; thereafter the instantaneous coefficient of discharge value is evaluated as 
function of Reynolds number, to account for partially developed or fully turbulent 
conditions.  
Annular leakages past spool bodies have been evaluated using Eq. (3) as reported in 
[5,6]:  
 
 · ·
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(3) 

 
The mechanical model calculates the instantaneous position and velocity of the spool 
using Newton’s second law: 
  (4) 

   
The forces acting on the spool, fig. 3, are: hydrostatic forces; spring force; friction 
forces; hydrodynamic force.  Static and dynamic friction forces are evaluated by use of 
the Karnopp friction model and considering the Stribeck effect [6-3]; static and dynamic 
friction coefficients are assumed constant; The hydrodynamic force is proportional to 
the orifice flow sectional area and pressure drop across the orifice, the model 
implements the equation: F=2CdA∆pcosθ , where the jet or flow angle θ is affected by 
chamber geometry, orifice clearance and sharpness; for spool valves with a sharp edge 
orifice and no clearance between spool and sleeve, θ can be assumed equal to  69° [7]. 
The other assumptions are that fluid inertia is neglected; springs are assumed linear; 
dynamic flow forces acting on the valve spools are neglected; the positional stiction of 
valve spools which may occur in a real situation have not been considered. 
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2.1.2 Pressure Compensator Model 

The function of the pressure compensator (PC) is that of a relief valve and its function is 
to limit the maximum pressure that can exist in the system, Fig. 4. The relief valve 
should provide an alternate flow path to tank for the system fluid while keeping the 
system pressure constant. The relief valve realized in the PC is that of the direct 
operated type, it operates with a spring to pre-load the spool of the valve. Since a small 
flow rate is passed through the spool, the set pressure can be maintained with nearly no 
effect on the pressure flow characteristics of the valve. The functioning of the PC is 
such that the system pressure enters the PC through chamber E (Fig.4) and the pressure 
acts on the area of spool 6 to create a force that acts upon the force created by the spring 
8 and spool 9, creating a relief setting pressure. When the system pressure is greater 
than the relief setting pressure, the spool 6 is displaced and creates a flow path to the 
swash plate actuating piston and to tank through an orifice S1 (Fig.5), which is housed 
in the PC valve. The governing equations describing the physical behavior are the same 
as those described in Section 2.1.1.  

Fig 4.  CAD model of the Pressure Compensator 

Fig 5.  AMESim® model of the Pressure Compensator 

2.1.3. Flow Characteristics Model 

The model of the pumps flow characteristics is created by using an ideal pump element. 
This method has been adopted as a preliminary stage of model development, bearing in 
mind the manufacturers needs of easily adjusting the pumps maximum displacement 
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characteristics for different installation sizes in the same model range. At this stage of 
model development, the ideal pump model’s flow characteristics are suitable for driving 
the complete model and would provide for the necessary verification in the interaction 
between the hydraulic and structural linkage/mechanical model. As a future step maps 
of the mechanical and volumetric efficiency will be used to drive the pump flow 
characteristics model. 
Referring to Fig. 7, it can be seen that the pump displacement is modulated by the 
swash plate which has been realized by the formulation of an inertial element 13 which 
represents the mass of the swash plate. A dashpot element 14 is used to simulate the 
end-stop reaction forces. The input angular position of the swash plate 15 is derived 
from the displacement of the swash plate actuator 11. A transformer element 12 is used 
o transform the linear motion of the actuator to an angular displacement. The modulus 
of the transformer is set as the distance between the swash plate pivot point and the 
connecting pin between the actuator and the swash plate. The coefficient of viscous 
friction for the swash plate is accounted for in the model. 

.2. Excavator Dynamics  

This section describes the modeling of the excavator kinematics which has been used to 
create the realistic forces on the hydraulic actuators. The kinematic model was used to 
create a realistic load on the actuator. Considering the benefits of having the kinematic 
model integral with the hydraulic simulation model, the linkage parameters were 
coupled to the hydraulic simulation model using the Planar Mechanics library of 
AMESim® [8,9]. This makes understanding of the dynamic loads on the hydraulic 
cylinder easier. The driving joint torques of the boom, arm, and bucket are generated by 
the forces of the hydraulic ram actuators. The translational and rotational motions of 
these links are described by the dynamic model of the excavator system.  The kinematic 
model has been incorporated as a lumped parameter model, which accounts for angular 
position, relative coordinates, distances between links, relative velocity, relative 
acceleration and the output forces. Joint forces of contact and stiffness are also 
considered in the model. The equations of motion can be derived by applying the Euler–
Lagrange equations to a Lagrangian energy function. The revolute pairs have been 
modeled as Lagrange multipliers and are calculated from the Baumgarte stabilization 
method applied to the constraint equations [10]. 
To further enhance the force simulation of the model, the visco-elastic properties of the 
material being handled have been recreated as a force during the excavation process. An 
impulse force which acts on the bucket during soil penetration has been included as 
described in [11]. The motion of the excavator implements would be to follow a pre-
planned digging trajectory. During digging, three main tangential resistance forces arise: 
the resistance to soil cutting, the frictional force acting on the bucket surface in contact 
with the soil and the resistance to movement of the soil ahead of and in the bucket. The 
magnitude of the digging resistance forces depends on many factors such as the digging 
angle, volume of the soil, volume of material ripped into the bucket, and the specific 
resistance to cutting. These factors are generally variable and unavailable. 
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Fig 6. Cross section view of the swash plate 
and swash angle displacement actuator. 

Fig 7. AMESim® representation of fig 6 

 
Moreover, due to soil plasticity, spatial variation in soil properties, and potential severe 
heterogeneity of material under excavation, it is impossible to exactly define the force 
needed for certain digging conditions. Accounting for these variable force conditions of 
the soil by including the parameters from [11] and the study of its effect on the system 
during the digging cycle have led to a well developed model of the kinematic system of 
the excavator. 
 

 

 
 
 
 

Fig. 8. AMESim® model of the Excavator Kinematics 

2.3. Overview of the Complete Model 

Figure 9 depicts the complete model as it is in the present stage of model development. 
The model is represented in three sections, the first section comprising of the Pump 
model, the second section of the valve blocks and pressure feedback logic and the third 
section representing the rigid body linkage. As part of the preliminary stage of model 
development, the pump and kinematics model have been linked together, using valve 
blocks and pressure compensated flow control valves with ideal flow characteristics. 
The pressures across all actuator ports have been compared to provide the maximum 
load at any instant of time to provide the LS pressure to the FC. The actuators in this 
model are linear actuators and have been modeled as components which include 
pressure dynamics in the volumes on either side of the piston, viscous friction, and 

32



leakage past the piston. In future work, detailed models of the valve block with 
compensators and actuators will be included to recreate the complete functioning of the 
system.  

3. EXPERIMENTAL TEST SETUP 
 
3.1 Experimental Test Setup to test the LS Pump 

The main components of this test stand are the variable displacement axial piston pump 
P driven by a DC motor. The differential pressure that would be used to control the 
FC’s LS signal is derived by varying a flow compensator which is in series with the 
circuit. The system load is generated by a proportional relief valve, rated for 315bar 
maximum pressure with a capacity to control the pressure for an inputted constant or 
mathematical function. The schematic diagram of the hydraulic circuit of the test stand 
is as depicted in Fig. 10 and the instrumentation used on the system is summarized in 
Table1. The actuator for controlling the swash plate is controlled by the FC valve. 
Figure 11 is a photograph of the pump mounted on the test setup. The test rig is also 
equipped with an off line circuit (not represented in fig. 10) for oil temperature control, 
constituted by a system of heat exchangers, electronically regulated over a specified 
working temperature. 

Fig. 9: Overview of the complete model. 
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Fig. 10.  Test setup for Load Sensing 
Variable Displacement pump testing  

Fig.11. Photograph of the pump with 
compensators mounted on the test bench. 

 

Table 1. Features of sensors and main elements of the apparatus used in the present 
research 

Sensor* Type Main features 

M Prime motor ABB®, 4-quadrant electric motor, 75 kW 
P Pump CASAPPA® MVP60, 60 cm3/r 
P1 Strain gage WIKA®, Scale: 0..40 bar, 0.25% FS accuracy 

P2 - P3 Strain gage WIKA®, Scale 0..400 bar, 0.25% FS accuracy 
Q1, Q2 Flow meter VSE® VS1, Scale 0.05..80 l/min, 0.3% measured value accuracy 

T Torque/speed 
meter HBM® T, Scale: 0..500 Nm, 12000 r/min Limit Velocity, 0.05 Accuracy Class 

θ Incremental 
encoder 

HEIDENHAIN® ERN120, 3600 imp./r, 4000 r/min Limit velocity,             
1/20 period accuracy 

4 COMPARISON BETWEEN EXPERIMENTAL AND SIMULATION 
RESULTS 

4.1 Load Sensing Pump  
 

4.1.1 Comparison of results – Preliminary Dynamic tests 

The complete model of the pump was verified by experimental results. The load 
pressure values obtained from experimental test were used to drive the simulation pump 
model’s load characteristics. The parameter data that was verified to develop confidence 
in the reproducibility of dynamic parameters of the system was that of the swash plate 
angular displacement. This was verified in experimental results, by use of a Hall Effect 
sensor which was mounted directly on the swash plate. Figure 12 represents the 
pressure characteristics across the FC valve. Figure 13 describes the displacement of the 
FC spool for a differential pressure. Figures 14 and 15 represent the transient behavior 
of the swash plate for the load condition as depicted in Fig 12. From figs. 14 and 15 it 
can be seen that the simulation model can reproduce the transient behavior of the actual 
pump. 
 

34



Fig.12.  Pressures across the FC Fig.13. Displacement of the FC 

Fig.14. Swash Angle transient Fig.15. Zoom of swash angle transient 

4.2 Excavator Model 
 

4.2.1 Excavator Model executing a digging cycle with boom, arm and bucket  
 

Having developed preliminary confidence in the pump model with good agreeability 
between compared results, the model was extended to include the valve blocks and the 
kinematics as depicted in fig. 9 and described in section 2.3. The complete system was 
subjected to a duty cycle as described in Table 2. The values from table 2 were used to 
control the valve opening for respective implements. The pump’s maximum 
displacement used for this test was 84 cm3/rev and the engine speed was set at 1500 
rev/min. Figure 16 describes the initial condition of the excavator in the simulation 
model. Figures 17 describes the forces on the implements and the effects of these forces 
can be seen in figures 18, 19 and 20 in pressure terms on the boom, arm and bucket 
actuators. Figure 21 describes the pressures across the FC, as it can be seen the LS 
pressure is the instantaneous maximum pressure of the system derived from the 
actuators and the pressure P is the pumps instantaneous pressure. Figure 22 describes 
the differential pressure across the FC. Figures 23 and 24 describe the spool 
displacements of the PC and FC respectively. The FC allows flow through the spool 
when the displacement is greater than 3.9 mm. Figure 25 describes the pump swash 
angle controlled by the flow across the FC and PC spools. 
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Table 2. Duty cycle - Control Signals to Valve Block for  
Boom, Arm, Bucket Motion 

Implement Name Time [s] Valve Opening [%] Actuator Action 

Boom 

2 0 – 30 (ramp) Retraction 
7 0 - 

10 0 – 30 (ramp) Extension 
13 0 - 

Arm 

2.5 0 - 
7.5 100 – 50 (ramp) Extension 
10 0 – 50 (ramp) Retraction 
13 0 - 

Bucket 

2.5 0 - 
7.5 100 Extension 
10 0 - 
13 0 – 50 Retraction 

 
 

Fig.16. Initial position of Excavator Fig.17. Actuator Forces 

Fig.18.  Pressure in Boom Actuator Fig.19. Pressure in Arm Actuator 

36



Fig.20. Pressure in Bucket Actuator Fig.21. Pressure Across the FC 

Fig.22. Differential pressure across the FC Fig.23. Displacement of the PC 

Fig.24. Displacement of the FC Fig.25. Swash Angle 
 
 

4.2.2 Excavator Model executing a digging cycle of arm and bucket including 
soil visco-elastic load characteristics 

 
The complete system, as described in fig. 9 and in section 2.3, was subjected to a duty 
cycle as described in Table 3. The values from table 3 were used to control the valve 
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opening for respective implements. This model includes the visco-elastic reaction force 
of the soil as described in [11]. The pump’s maximum displacement used for this test 
was 84 cm3/rev and the engine speed was set at 1500 rev/min. 
Figure 26 describes the initial condition of the excavator in the simulation model. 
Figure 27 describes the time varying visco-elastic reaction force of the soil during the 
digging cycle. Figure 28 describes the pressure terms on the arm and bucket actuators. 
Figure 29 describes the pressures across the FC. Figures 30 and 31, describe the spool 
displacements of the PC and FC respectively. The FC allows flow through the spool 
when the displacement is greater than 3.9 mm. Figures 32 and 33 describe the pump 
swash angle controlled by the flow across the FC and PC spools and the pump flow. 
 
 
 

Table 3. Duty Cycle - Control Signals to Valve Block for Bucket Motion 
with Visco Elastic Load Function 

Implement  Cycle Time [s]  Valve opening [%]  Actuator Action 

Arm  5  100  Extension 

Bucket  5  100  Extension 

       
 
 

Fig.26. Initial position of Excavator Fig.27. Soil visco-elastic reaction force

Fig.28. Pressure in the actuator Fig.29.  Pressures across the FC 

X Y 

38



Fig.30.  Displacement of the PC Fig.31.  Displacement of the FC 

Fig.32.  Pump Swash Plate Angle Fig 33: Pump Flow 

5 CONCLUSION 

The paper has presented the preliminary analysis of an excavator control system. A 
nonlinear mathematical model of an excavator has been developed using the AMESim® 
modeling environment to replicate actual operating conditions. The model is described 
by two models: a hydraulic model and a kinematic/mechanical model. This approach 
has been followed to enable the study of the dynamic behavior and interaction of the 
pump with a completely developed kinematic model of the excavator. A 2D 
kinematic/mechanical model has been developed to simulate the body elements of the 
excavator. This would reproduce the motion of the boom, arm and bucket.  
At this preliminary stage of model development, only the model of the variable 
displacement pump has been validated on the basis of a preliminary set of experimental 
data collected at particular operating conditions. It has permitted the necessary 
verification of the interaction between the hydraulic and structural linkage/mechanical 
model. 
Therefore the authors are confident to bring the study forward and assess a set of 
strategies aimed to improving the control of the system and the overall system 
efficiency.  
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NOMENCLATURE 

A flow area  L length of the leakage 
a acceleration  V volume 
Cd discharge coefficient t time 
F force   Greek Letters 

h gap height  β bulk modulus 
i volume index  μ dynamic viscosity 
m mass  ρ density 

 mass flow rate   Acronyms 

p pressure  FC Flow compensator 
R radius  PC Pressure compensator 
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EFFICIENCY MEASUREMENTS OF THE HYDRID MOTOR/PUMP 

Peter Achten, Georges Vael, Titus van den Brink, Jeroen Potma, Marc Schellekens 
Innas BV, Breda, the Netherlands 

ABSTRACT 

A constant displacement floating cup pump/motor has been developed as a drive unit for 
hydraulic hybrid (Hydrid) vehicles. The unit will be connected to the differential of a 
passenger car. The displacement is 24 cc per revolution. The so-called FCM24 can be 
operated in all 4 quadrants, with a preference for forward driving and braking. The 
maximum operating pressure is 500 bar and the maximum operating speed 5000 rpm, 
resulting in a maximum power output of almost 100 kW. This paper describes the 
efficiency measurements in pumping mode. From the pump data, the efficiency for motor 
operation is derived in 49 operating points, at two different oil temperatures. The tests 
have been performed at the Eindhoven University of Technology.  

KEYWORDS: floating cup pump, floating cup motor, efficiency, Hydrid, hydraulic 
hybrid 

1. NINETY PERCENT IS NOT ENOUGH 

The efficiency of most hydrostatic pumps and motors is 90% or less. This is the peak 
efficiency in the best point of operation. In general, however, pumps and motors are not 
operated in the best point, but at far less favourable operating conditions. In these, real 
world operating points and cycles, the efficiency of pumps and motors often drops to 
values of 60% or below. This is no longer acceptable. In excavators, loaders and other 
mobile machinery, the fuel costs have become a substantial, if not principal part of the 
total cost of ownership. Moreover, a higher efficiency can help to reduce installed 
engine power, thereby lowering the emission demands for the vehicle.  

The low efficiency of current pumps and motors is also unacceptable because there is no 
fundamental reason why a well-designed pump or motor should have higher losses than 
a well-designed electric motor, or even a gear transmission. Unlike heat engines, the 
energy conversion in hydrostatic machines is not limited by something like the Carnot 
efficiency, but is simply a matter of avoiding high leakage and excessive friction losses. 
Finally, the poor efficiency of current hydrostatic machines is no longer acceptable 
because it strongly limits the growth of the hydraulic industry into other segments and 
markets. The pump/motor, which is described in this paper, is designed on behalf of the 
automotive industry for application in passenger cars. Hydrostatic transmissions could 
offer a viable alternative to current standard mechanical transmissions (which don’t 

41



allow power management) and electric transmissions (which are too heavy and too 
expensive). 
The alternative hydraulic hybrid, or ‘Hydrid’ transmission for passenger cars and other 
vehicles has already been described in previous papers [1…5]. This paper is about the 
floating cup pump and motor (the FCM24) that has been developed for this 
transmission. 

2. THE DESIGN 

The floating cup design is optimized for application in automotive drive trains. Figure 1 
shows a cross section of the design, which can be used in pumping and motoring mode. 
The rotation is predominantly in one direction. The unit can be operated up to 500 bar at 
the supply side (in motor mode) as well as on the delivery side (the pump mode). The 
maximum operating speed is 5000 rpm. The machine can deliver almost 100 kW. 
Having a weight of 9 kg, the power density is more than 11 kW/kg, about 20 times 
better than comparable modern, automotive electric motors and generators. The outer 
dimensions are about 130 mm in all three directions.  

 

 

  
Figure 1. Cross section of the 24 cc floating cup motor/pump. The details show the 

two design features that reduce the friction in the machine, the piston with the 
floating cup (upper detail) and the new hydrostatic bearing for the interface 

between the barrel and the port plate (lower detail). 
For automotive applications, low NVH (noise, vibration and harshness) is a conditio 
sine qua non. The number of pistons largely influences the NVH levels. Current piston 
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pumps and motors have 7 or 9 pistons. The floating cup principle typically has 24 
pistons, thereby reducing noise, vibration and harshness to acceptable levels for 
automotive applications. 

The high number of pistons also reduces the strong torque variation of current 
hydrostatic motors, thereby increasing the available torque at start-up conditions. The 
breakaway torque is further increased by a strong reduction of the coulomb friction 
compared to other hydrostatic principles. Other tests have already proven that the torque 
efficiency of floating cup motors is almost 100% at start-up [6]. 
There is a plethora of hydraulic hybrid transmission architectures conceivable. One of 
the principle design decisions is how to drive the wheels. In previous papers, a direct 
hydrostatic wheel drive was proposed [1…5]. The automotive industry however favours 
a mechanical transmission. Having a 1:3 transmission ratio in the diffrential, the 
hydrostatic machine can be a factor of three smaller, but it will also run at three times 
higher operating speeds.  
This puts more emphasis on increasing the efficiency at high rotational speeds, 
especially at relatively low loads. The floating cup principle almost eliminates the 
friction between the pistons and the cylinders [6]. The mirrored, multi-piston 
configuration also strongly reduces the bearing forces. At high operating speeds, the 
friction is however largely created in the sliding interface between the barrels and the 
port plates. Having two barrels and relatively large pitch diameters of the barrel ports, 
the challenge is to reduce the (viscous) friction of the interfaces between the barrels and 
the port plates. 
A new thrust bearing annex face seal (figure 2) has been designed to reduce this friction 
[7]. 

 
Figure 2. The design of the sealing lands of the barrel 

The dimensions of the sealing areas and the pockets grooves are optimized for a robust 
bearing behaviour at all operating conditions, including variations of the oil temperature 
and viscosity.  

3. EFFICIENCY MEASUREMENTS 

The machine has been tested as a pump at Eindhoven University of Technology 
according to the test procedures described in ISO4409. The sensors have been calibrated 
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before and after the test. Due to limitations of the test bed only a part of the total field of 
operation could be measured (figure 3). The pressure was limited to 350 bar, whereas 
the machine has been designed for rated pressures up to 500 bar. Also the rotational 
speed is limited to a maximum of 3000 rpm. The remaining area has been measured in a 
grid of 7x7 = 49 points. The tests have been performed at a supply pressure of 3 bar. 
Two sets of measurements have been performed at two different temperatures of the oil 
at the supply side of the pump, one at 40°C and one at 55°C. The oil used was Mobil 
DTE25 having a dynamic viscosity of 0.038 Ns/m2 and 0.021 Ns/m2 at an oil 
temperature of 55°C 

 

 
 

Figure 3. Design specifications and limited test area 
Although the test points only cover about 42% of the specified design area, the 
measurements do cover the area that is most important for the vehicle operation in terms 
of energy consumption and CO2-emission. 
The contour plots of figure 4 show the results of the efficiency measurements for pump 
operation only. There are two plots, one for an oil temperature at the supply side of 
40°C and one at 55°C, having an oil viscosity which is about half the value at 40°C. For 
both measurements the peak efficiency is 96 to 97%. The average efficiency for all test 
points is 93.5%. The temperature influence is as expected: a lower oil temperature 
reduces the volumetric losses, but increases the viscous friction. Consequently, a low oil 
temperature results in a higher efficiency at low operating speeds in combination with 
high loads. At higher oil temperatures, the reduction of the viscous losses is especially 
apparent at high operating speeds in combination with relatively low loads. 
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Figure 4. Total efficiency of the FCM24 in pump operation at two different oil 
intake temperatures (according to ISO4409) 

As a pump, the unit will be used to convert the engine power to hydraulic power, 
thereby pumping oil to the high pressure accumulator of the car. Since the internal 
combustion engine has a minimum rotational speed of 1000 rpm, the pump will not be 
operated below 1000 rpm. For performing the New European Driving Cycle or NEDC, 
all of the pump operation will be between 1000 and 2000 rpm. The limited pressure 
range of the accumulators furthermore forces the pump to be operated between 200 and 
420 bar only.  

On the secondary side, at the differential, the FCM24 is also used as a pump while 
braking, thereby regenerating the kinetic energy of the vehicle. Here, the most dominant 
mode is however motor operation for creating propulsion at the wheels. 
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4. MOTOR EFFICIENCY 

The FCM24 has not been tested as a motor. Instead, the data acquired during pump 
testing have been used to calculate the efficiency of the FCM24 used as a motor. The 
main difference is that, according to the definition of ISO4409, the compression energy 
of the high pressure flow leaving (pump mode) or entering (motor mode) the machine, 
is regarded as an energy loss for the pump efficiency and as an energy gain for the 
motor efficiency. 

 
 

Figure 5. Efficiency of the FCM24 for motor operation 
The efficiency differences between motor and pump mode are small, but nevertheless 
important. The hydraulic transmission can compete with the mechanical transmission 
because of energy recuperation. As a consequence, the hydraulic regenerative 
transmission performs well when having frequent braking operation. But while cruising 
at more or less constant speed, there is no regeneration. Even then, the Hydrid drive 
train often has a lower fuel consumption, because the engine will only be operated at or 
around the best point of efficiency. But this efficiency benefit can easily become offset 
by the losses in the hydrostatic transmission. In these modes it is of great importance to 
reduce the losses in the hydrostatic components as much as possible.  

5. ALLOCATION OF LOSSES 

In order to investigate whether a further improvement of the efficiency is possible, an 
analysis of all the losses has been made, largely based measurement data. Aside from 
the total loss, the friction of the piston-cup-interface, the bearing losses, the friction of 
the shaft seal, the churning losses and the flow losses of the house channels, have all 
been measured. The commutation losses have been calculated by means of an AmeSIM-
model of the FCM24. The most difficult loss to determine is the friction between the 
barrels and the port plates. This loss has been determined by subtracting all other 
individual losses from the total loss measured. 
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Figure 6. Most important power losses of the FTM24 relative to the total loss 
 
Figure 6 shows the most important losses of the FTM24. At low operating speed in 
combination with high loads, the efficiency is dominated by the leakage. This area is 
not used frequently in the passenger car application.  
At high power, i.e. high speeds and loads, switching from one kidney to the other (the 
commutation losses) causes about half of the losses. The barrel friction and the leakage 
together cause about 35% of the losses.  

The third area is at high rotational speeds and low loads. In this lower right corner of the 
field of operation, the barrel friction becomes a substantial part of the total losses. Also 
the flow restriction in the barrel ports, the port plates and the channels is an important 
loss factor at these operating conditions. 

47



 
 

Figure 7. Points of operation of the motor, applied in a mid-sized passenger car, 
while performing the NEDC. The size of each circle indicates the amount of 

energy spend in that operating point.  
The operation of the motor in the passenger car is visualized in figure 7. The blue 
circles indicate the amount of energy spend in various operating points, while the 
vehicle performs the NEDC duty cycle. Only the motor operation is shown, not the 
pump operation during braking. For most operating points, the total efficiency of the 
motor is 94% or higher. The average efficiency is close to 96%.  
A further improvement of the average cycle efficiency is still possible. There is one 
general remark to make, before considering the means to improve the design: the oil 
temperature in the vehicle will probably be higher than 55°C. As a result, the flow 
losses and the viscous friction of the barrels will be further reduced. Otherwise, the 
leakage will be increased and will become an important loss factor. A further design 
optimization is therefore needed to reduce the leakage. Furthermore, the commutation 
losses have become a substantial part of the loss. For most of the operating points in the 
NEDC the commutation losses already account for up to 40% of the total loss. It will be 
difficult to reduce these losses, without deteriorating the noise and vibration levels of 
the motor. 

6. CONCLUSIONS AND FURTHER OUTLOOK 

From a manufacturing point of view, hydraulic transmissions are like gear 
transmissions, having a housing, some bearings and shafts. Also the loads, tolerances 
and materials are quite similar. Unlike gear transmissions, hydrostatic transmissions 
offer much better opportunities for power management, allowing for energy 
recuperation and improved engine operation. This can result in a strong reduction of the 
fuel consumption and the CO2-emission, provided that the hydrostatic components have 
a high efficiency. 
A 24 cc constant displacement floating cup motor/pump has been designed specifically 
for this purpose. The efficiency is higher than 95% in a large area of the operating field. 
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While performing the NEDC in a passenger car application the average motor efficiency 
is close to 96%. In order to further improve the efficiency a reduction of the volumetric 
losses has to be realized.  
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ABSTRACT 

This work deals in particular with variable displacement swashplate axial piston 

pumps which play a relevant role in feeding adjustable power for hydraulic mobile 

systems. In these machines the displacement changes with the inclination of the 

swashplate and to ensure a stable displacement setting is necessary to analyze the 

moments acting on the swashplate: the relevant contributions to this moment are due to 

the forces exerted by the pistons on the swashplate through the slipper bearings, which 

mainly depend on operating conditions, valve plate geometry, pistons angular positions, 

piston-slipper assembly inertia, viscous friction and on the force of the variable 

displacement actuator. The resistant moment is never equal to zero when speaking of 

actual machine and rises with delivery pressure up to consistent values which 

compromise the operation of the variable displacement mechanism. In the case of the 

machine studied the variable displacement mechanism is manually operated by the user, 

who has found significant difficulties in the displacement setting in some operating 

conditions. 

A lumped parameter model of the machine has been created which allows to 

determine the pressure transients within the pistons, taking into account the actual 

geometry of the valve plate and allowing to compute instantaneous and average 

moments acting on the swashplate. Comparison between the numerical average moment 

acting on the swashplate and experimental measurements on the machine has been 

done. At this point the influence of operating and design parameters has been analyzed 

and in particular it was found that the valve plate design together with the timing of the 

high and low pressure flow passages strongly influence the resistant moment arising on 

the swashplate. In particular, few modifications on the flow areas can lead to significant 

reduction of the resistant moment without compromising the machine operation. 

KEYWORDS:  Axial swash-plate piston pump, swivel torque, variable displacement, 

numerical model, experimental characterization. 
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NOMENCLATURE 

A 

B 

b 

Cd  

C∞ 

 

Dp 

Dh 

Fm 

Fp 

Fsl-sw 

Fυ 

h 

L, l, le 

m 

p  

Q 

Rcp 

Re  

Rec 

Flow area 

Bulk Modulus 

Width of the lubricating gaps 

Discharge coefficient 

Discharge coefficient with fully turbulent 

efflux 

Piston Diameter 

Hydraulic diameter 

Inertia force 

Piston pressure force 

Force exterted by the slipper on the 

swashplate 

Viscous force 

Height of lubricating gaps 

Length of lubrigating gaps 

Mass 

Pressure 

Flow rate 

Piston pitch radius 

Reynolds number 

Critical Reynolds number 

Rz 

 

sp 

Tsw 

V 

V0 

 

β 

θ 

µ 

ν 

ρ 

ω 

 

cy 

ext 

int 

i 

pi 

Total force of the piston on the 

slipper 

Piston displacement 

Swivel torque 

Volume 

Dead volume 

SYMBOL 

Swashplate angle 

Piston angular position 

Dynamic viscosity of fluid 

Kinematic viscosity of fluid 

Density of fluid 

Angular velocity 

SUBSCRIPT 

Of the cylinder block 

External 

Internal 

Generic subscript 

Of the piston 

1. INTRODUCTION 

Variable displacement swashplate pumps are widely used in mobile hydraulic as 

primary source of flow to manage the translation of vehicles or the actuation of services, 

where they are particularly appreciated for the high power density ratio. Moreover, the 

capability to vary the volume displacement simply by changing the swashplate angle 

guarantees a variable hydraulic power delivery depending on the needs of the circuit.  

However, some critical aspects characterize the operation of an axial piston swash 

plate machine. For instance, the efficiency of the machine, which strongly depends on 

the lubricating gaps behaviour, varies in a fairly wide range when operating conditions 

or the displacement of the machine change. Many virtual models of this kind of 

machine able to describe the pressure transient within the machine and the exchange of 

forces and torques between the movable components have been developed at different 

levels of complexity. More recently some of these models also integrates tribological 

aspects that are essential to determine the machine efficiency, as in [1] or in [2], [3]. 

Tribological aspects have been considered through the years for example also by Hooke 

et al. [10], [11], [12], Edge et al. for example in [13] and Murrenhoff et al. in [14], [15], 

[16]. 

The dynamic behaviour of the variable displacement mechanism is another critical 

issue. In particular, this aspect, that is the object of this work, has been addressed by 
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authors in literature by means of experimental and numerical characterization, pointing 

out the relevance of the valve plate timing on the determination of the swivel torque that 

acts on the swashplate against the torque of the control system. In [3] Wicke et al. 

presented theoretical work carried out with a simulation program. Models simulating 

the dynamic behaviour of axial piston pumps have been extended to investigate piston 

forces for different valve plate timings and for different swashplate angles, but the main 

focus of the research work was here to investigate the noise emissions.  

Zeiger and Akers in [4] proposed a mathematical model able to represent the 

equation of motion of the swashplate taking into account the torque imposed on the 

plate by the pumping action of the pistons, that is typically determined by non linear 

and discontinuous relationship. The authors suggested that the average torque can be 

expressed with a linearized equation function of the operating conditions, position and 

velocity of the swashplate. In [5] Manring and Johnson derived an approximate closed-

form solution for the moments that act on the swashplate, in order to develop a formula 

easily understandable and usable in the control system design. Again the same authors 

in [7] show the application of this method for the design of a variable displacement 

open loop pump, analyzing the proper design of the actuator of the variable 

displacement and the influence of the control gain.  

In [8] again Manring analyzed the same problem with the aim to determine all the 

contributions of torques on the swashplate in three dimensions and their role on the 

control device design. The author firstly analytically showed the origin of each 

contribution, then underlined as the swivel torque is the main one and it is strongly 

dependent on the piston pressure transition, which represents the dominant contribute in 

almost all the operating conditions. At the same time this contribute is difficult to be 

determined with great accuracy, hence great attention has to be paid to the valve plate 

geometry influence and simplifying approaches are not able to describe this aspect 

accurately.  

In this work the authors present a model of an axial piston swashplate variable 

displacement pump based on a lumped parameter approach. One of the most important 

critical feature taken into account in the model is the calculation of the pressure 

transient on the pistons chambers as a function of the pump shaft angular position, 

considering the actual geometry of the valve plate equipped with grooves, enabling also 

the ability to simulate possible overlapping of the high and low pressure ports, due to 

the presence of grooves. This is performed using continuity equation applied on each 

piston chamber and considering the flow through the valve plate ports and through the 

lubricating gaps between piston and cylinder, cylinder block and valve plate, piston and 

slipper bearing, slipper bearing and swashplate. The lubricating gaps are considered 

here for simplicity as characterized by constant heights but a sensitivity analysis has 

been developed in order to point out their influence on the piston pressure determination 

and hence on the swivel torque acting on the swashplate. 

In the model, the inertial effect due to the alternating movement of the pistons and 

due to the movement of the swashplate are taken into account; for the swashplate the 

main contributions which contrast the torque of the control displacement device derive 

from the pressure transient in the cylinders, the piston inertia and viscous friction. 

Pressure transient at the discharge port, the flow at the inlet and outlet ports, the shaft 

torque and the swivel torque are output variables of the model which is developed in 

LMS Imagine.Lab AMESim environment.  

For what concern the modelling of axial piston pumps on LMS Imagine.Lab 

AMESim environment, Nervegna et al. in [8] presented a detailed virtual model of this 
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kind of machine that allows to determine pressure transient and forces exchanged 

between the components of the pump, addressing in particolar a detailed description of 

the port timing definition and introducing a parametric definition of the geometry of the 

machine.  Moreover in [9], Nervegna et al. presented the evolution of this model 

presenting in particular a methodology for co-simulation in ADAMS and LMS.Imagine 

AMESim.Lab. 

 

Figure 1. Axial Piston Swashplate Closed Circuit Pump. 

The model presented here allows the determination of the swivel torque on the 

swashplate, paying great attention on the influence of the valve plate geometry and to 

the determination of flow through it. Till now the authors haven’t had the chance to 

directly compare the numerical piston chamber pressure with experimental data, they 

only have compared the obtained swivel torque with the measured one. However, the 

model allow a good estimation of the torque and overall is able to accurately describe 

the influence of operating conditions of the pump and geometrical parameters of the 

valve plate without forcing any calibration of the model. For this reasons it can be 

profitably used during the design process of the machine and also for the analysis of its 

optimal dynamic behaviour.  

The actual closed circuit swashplate pump analyzed is used in mobile hydraulic to 

feed the hydraulic motors of a roller compactor (road roller). The variable displacement 

mechanism is manual: the command to vary the displacement comes from a lever 

controlled by the user, which forces a rotation of the swashplate against the forces given 

by the pistons; two journal bearings support the swashplate and allow its rotation, and 

hence the variation of the displacement, as shown in Figure 1. 

The standard valve plate geometry is shown in Figure 2. Starting from the bottom 

dead centre BDC, the piston moves towards the top dead centre TDC and, at the same 

time, run over the valve plate on the high pressure side. It encounters the three bean 

flow areas which allow communications with the delivery port; in particular the first 

one is equipped by an initial groove, that allows a gradual opening of the 

communication between the piston chamber and the delivery. This permits to lower 

eventual pressure peaks arising within the piston chamber when approaching the 

delivery phase and hence it lowers the fluid borne noise level and vibrations. 

Successively, another groove is positioned at the beginning of the suction phase, when 

the piston starts to move backward towards the bottom dead centre. This groove 

anticipates the communication with the suction port and it eventually reduces the risk of 

cavitation occurrence or the permanence in cavitation condition. Since the valve plate 

geometry has a great influence on the pressure distribution inside the cylinder, also it 
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strongly affects the swivel torque on the swashplate and hence the dynamic response of 

the variable displacement pump. Also the variable geometry lubricating gaps, located 

between the piston and the slippers, the slippers and the swashplate, the pistons and the 

cylinder block and finally between the cylinder block and the valve plate, contribute to 

determine the pressure transient within the cylinder.  

 

Figure 2. Valve Plate Geometry. 

2. MATHEMATICAL MODEL 

Forces and Torques. 

The aim of the mathematical model is to determine the forces and moments which 

act on the swashplate and hence its dynamic behaviour during pump operation.  

The frame of reference adopted to develop the mathematical model is presented in 

Figure 3. 

The net swivel torque on the swashplate is generated by the action of each piston-

slipper assembly and can be expressed as: 
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In equation 1 Rcp is the piston pitch radius, θi the angular position of the generic 

piston, β the swashplate angle, Fsl-sw,i the force transmitted by the slipper bearing to the 

swashplte, li the arm for the calculation of the swivel torque. The main contributes on 

the dynamic of the swashplate come from the resultant force that each piston transmits 

to the slipper bearings and the slipper bearing transmits to the swashplate. For each 

piston the following forces have been considered: the action of pressure within the 

piston chamber, Fp,i; the inertia of the piston-slipper assembly, Fm,i; the viscous friction 

that rises between the piston and the cylinder block, Fv,i. The resultant of these 

contributes, Rz,i, is applied on the piston ball-joint and directed along the piston axis; 

from that component it is then possible to express the force that the slipper bearing 

transmits to the swashplate, Fsl-sw,. directed along the slipper axis of symmetry and 

applied on the intersection between the slipper axis and the surface of the swashplate. 
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   Eq. 2 

In this work the retaining device force, which depends upon the spring rate and on 

the number of pistons, has been neglected. This contribute can be unpredictable because 

it depends on the relative position of slippers bearings and retaining plate that varies 

55



during pump operation, hence, the choice to neglect it or to consider it equally split for 

each slipper bearing represents an analogous simplification. 

 

Figure 3. Frame of reference adopted in the model. 

For the description of the kinematic of the pistons, a constant angular velocity ω of 

the machine has been considered than the displacement, velocity and acceleration can 

be easily expressed as in the following: 
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The volume variation of the piston chamber can be expressed easily as a function of 

the piston displacement sp. 

Piston Pressure. 

The piston pressure transition plays a relevant role on the swivel torque generation 

hence in the model presented a great attention has been devoted on its determination. 

During the pump operation the pressure within one generic piston chamber varies as a 

function of the shaft angular position θ; the pressure transient can be described making 

reference to the following equation:  
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In Eq. 4, p represents the pressure within the chamber, V is the piston chamber volume, 

B the fluid Bulk Modulus, Qi the flow rate through the generic flow area Ai.  

The chamber volume variation is easy to be expressed once the geometry of the 

machine is known: 
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In Eq. 5 V0 is the dead volume of the chamber, Rcp the radius of the cylinder block, β the 

swashplate angle, Dp the piston diameter. 

For what concerns the flow rates Qi two kind of flow passages are defined: oil can flow 

through the areas of the valve plate but also through the gaps between the cylinder block 

and the valve plate, the pistons and the cylinders, the pistons and the slippers bearings, 

the slipper bearings and the swashplate. Flow through the areas of the valve plate can be 

expressed as: 

( )
ρ

p
ACpsignQ d
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⋅⋅⋅∆=

2
        Eq. 6 

In Eq. 6 A is the flow area, Cd the discharge coefficient that varies as a function of the 

flow number as in Eq. 7, where Re represents the flow number, Dh is the hydraulic 

diameter of the flow area, υ the kinematic viscosity and ρ the density of the fluid and 

Rec is the value of Re at which a transition between laminar and turbulent flow can be 

supposed. Finally C∞ represents the value of the discharge coefficient when a fully 

turbulent efflux is assumed through the passage. 
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To determine the generic flow area that allows the passage of fluid to and from the 

piston chamber, it has to be considered, as shown in Figure 4, that this area is generated 

by the superimposition of the cylinder block area and the valve plate areas. In figure the 

overlapping of high pressure area and low pressure area at the dead centres are visible. 

      

Figure 4. Flow passages through the valve plate 

The flow leakeges through the different gaps of the pump have been calculated in the 

model adopting opportune semplifications; the idea of the authors was to have a virtual 

tool able to highlight the influence of the gaps geometry on the pressure transition 

determination and hence on the swivel torque, not to calculate the geometry variation of 

the gaps during pump operation. Considering a constant gap geometry, Reynolds 

equation of lubrication allows to easily express the flow leakeges as function of the 

pressure and geometry of the gap. 

Starting from the slipper bearing – swashplate gap, the flow q through the gap 

considering a constant height h (i.e. a constant the distance between the slipper bearing 

and swashplate surfaces ) can be expressed as in Eq. 8: 
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In the above equation, Rext and Rint represents the external and internal radii of the 

slipper, µ the absolute viscosity of the fluid, pint and pext the pressure values at the 

internal and external radius respectively. In a similar way, considering again an axial 

symmetric gap geometry of constant height, the leakage contribution through the gap 

between the piston and the slipper bearing at the ball joint is calculated. 

The flow leakeage between the cylinder block - valve plate gap has been expressed 

according to equation 9, where opportune equivalent dimensions l and b have been 

defined on the basis of the machine geometry; the pressure drop depends on the piston 

chamber pressure p and drain pressure pD; hcy is the distance between the valve plate 

and the cylinder block surfaces: 
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The flow q3 through the piston-cylinder gap can be calculated using Eq. 10, where 

the piston is taken as perfectly concentric with the cylinder, hpi represents the radial 

clearence and le the gap length that is variable with the position of the piston: 
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3. RESULTS 

3.1. Preliminary Results 

The pump analyzed has a maximum displacement of 14 cm
3
/rev and it is used in 

closed circuit with a low pressure of about 20 bar. 

The first results shown are the pressure transient within a piston chamber and the 

contribution of that piston to the swivel torque. In Figure 5, the swashplate angle is 

equal to 8°, that corresponds to a mid value of the displacement, and the results are 

obtained for a delivery pressure of 100 bar and a rotational speed of 1200 rpm. When 

the piston approaches the BDC the flow area at the low pressure side is closing but in 

the meantime the groove flow area positioned at the beginning of the high pressure area 

starts opening (an overlapping between the two is created): a certain backflow fills the 

piston chamber from the delivery port and allows a gradual increase of pressure towards 

the delivery value. Just after the BDC, the piston moves inwards the cylinder block and 

the groove of the delivery flow area allows in this case gradual release of flow towards 

the delivery and permits to avoid or maintain low the pressure peak. When the piston 

overcomes the TDC and moves outwards the cylinder block, the pressure decreases 

abruptly till values lower than the suction pressure and at higher rotational speed 

cavitation can occur in this transition region. The groove at the beginning of the low 

pressure port allows gradual communication between the piston chamber and the 

suction port; fluid flows from the suction to the piston chamber and pressure increases 

till the suction value. The presence of two transition regions for the pressure variation is 

the cause of a net average swivel torque on the swash plate different from zero. With an 
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ideal pressure distribution, i.e. transitions of piston chamber pressure considered as 

instantaneous at the dead centres and low and high pressure phases that last 180°, the 

average swivel torque is null. When the swashplate angle is equal to 15°, Figure 6, the 

pressure peaks and valleys at the dead centres are emphasized because of the larger 

volume and volume variation involved. This geometry of valve plate can determine an 

average swivel torque that in some operating conditions generates problems to whom 

operate the manual control device.  

 

Figure 5. Pressure and swivel torque of the generic piston as functions of the shaft 

angular position, swashplate angle equal to 8°. 

A way to reduce the swivel torque is to change the valve plate geometry in order to 

generate a more symmetric pressure distribution with respect to the dead centres.  

Figure 8 shows some numerical results on pressure and swivel torque values 

adopting the same valve plate geometry but rotating it anticlockwise (“advance” of the 

valve plate timing) with respect to the standard configuration of pump assembly of 2.5 

degrees, as shown in Figure 7. In this way the transition regions of pressure are 

positioned more symmetric with respect to the dead centres and the swivel torque is 

lower. 

 
Figure 6. Pressure and swivel torque of the generic piston as functions of the shaft 

angular position, swashplate angle equal to 15°. 

                 

Rotation in advance or delay of the valve plate  Valve plate in advance of 2.5 degrees 

Figure 7. Advance and delay of the valve plate. 
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Figure 8. Pressure and swivel torque trends for a piston at the BDC (left) and TDC 

(right), as functions of the shaft angular position. 

3.2. Average swivel torque 

The total swivel torque is generated by the sum of the single contributions of each 

piston; the parameter that is interesting from the point of view of the analysis is 

however the average swivel torque, obtained performing the average of the torque for a 

complete shaft rotation. The results reported below in Figure 9 show the average swivel 

torque fashion as a function of the swashplate angle, obtained from the simulation; 

moreover, experimental results obtained from a quasi steady state characterization of the 

swivel torque at the test rig are shown and compared with the numerical ones. It is 

evident that the average swivel torque, both the experimental and the numerical, slowly 

decays while the swashplate angle increases; this behaviour is much more emphasized 

at lower delivery pressure. High delivery pressure and higher rotational speed 

determines higher average swivel torque; while the delivery pressure acts flattening out 

the average swivel torque trend as a function of the swashplate angle, the rotational 

speed tilts more the curve.  

The discrepancy between the numerical and the experimental data is not negligible 

but it has to be noted as the trends of the average swivel torque together with the 

influences of delivery pressure and rotational speed are the same for experimental and 

numerical results. Moreover, the discrepancy between the experimental and numerical 

curves is lower at high delivery pressure and high rotational speed, i.e. when the 

operating conditions of the machine are more critical and again in this conditions the 

model overestimates the swivel torque and this can be considered on the safe side for 

the designer. The difference between the curves may depend upon different causes:  

• at lower displacement (low swashplate angle values) during the experimental 

tests performed the flow delivered by the pump is so reduced that the pressure 

relief valve used to set the delivery pressure is not able to manage the flow and 

then to regulate pressure;  

• at higher displacement some phenomena occur according to which the average 

swivel torque drastically decreases and sometimes can even change sign; in this 

case, the user has to pull the manual device in order to maintain the displacement 

of the pump at the desired value. This aspect is still under analysis but something 
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can be supposed: for example, Manring in [6] tried to explain the higher 

discrepancy between experimental and numerical data found on the average 

swivel torque at high displacement value with the occurrence of physical 

phenomenon not described by its mathematical model as localized cavitation in 

the transition grooves, barrel tipping, friction. These considerations are also 

valid for the model presented in this work; in particular the effects of friction at 

the piston-cylinder and piston-slipper interfaces, whose role is emphasized at 

higher swashplate angle, may be responsible for this behaviour. 

• for the mid values of displacement the trends of experimental and numerical data 

are the same, the values are different and generally as much the pressure is 

higher as much the error is reduced; an evaluation of the error done while 

measuring the average swivel torque has not been done yet. Constant lubricating 

gaps geometry, friction and viscous effects not accurately modelled can be again 

causes of the discrepancy. 

 

      50 bar @ 1200 rpm        100 bar @ 1200 rpm     250 bar @ 1200 rpm 

 

      50 bar @ 2700 rpm        100 bar @ 2700 rpm     250 bar @ 2700 rpm 

Figure 9. Average swivel torque for different operating conditions. 

3.3. Advance of the valve plate timing 

In this section the average swivel torque trends obtained from simulation and test at 

the test rig in the case of an advanced valve plate timing as described in the section 3.1, 

are discussed. As it can be seen in Figure 10, both the numerical and experimental 

results show again the same trends: with respect to the standard assembly of the valve 

plate a significant decrease of the average swivel torque is evident, in particular at high 

delivery pressure and rotational speed.  

It is hence possible to state that particular attention has to be paid to the valve plate 

design, both for lowering pressure peaks, noise emissions and to avoid cavitation, and 

for optimizing the behaviour of the variable displacement control mechanism. 
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At this point the authors used the numerical model to evaluate the influence of some 

modifications on the valve plate geometry; in that way it was possible to avoid a long 

and tedious work at the test rig and at the same time to obtain interesting data about the 

valve plate geometry influence, presented in the next section. 

 

50 bar @ 1200 rpm          100 bar @ 1200 rpm       250 bar @ 1200 rpm 

 

       50 bar @ 2700 rpm           100 bar @ 2700 rpm       250 bar @ 2700 rpm 

Figure 10. Average swivel torque for different operating conditions, valve plate in 

advance of 2.5 degrees. 

3.4. Influence of the groove geometry 

The valve plate was considered in the standard configuration of pump assembly, i.e. 

no advance on the valve plate timing was introduced. The valve plate geometry was 

modified as shown in Figure 11, left; both the length of the “bean” flow areas in the 

proximity of the dead centres and the length of the groove have been modified. In 

Figure 11, on the right, the results obtained in terms of average swivel torque at a 

delivery pressure of 100 bar and a rotational speed of 1200 rpm are shown. The 

swashplate angle is equal to 8°, which represents a mid value of displacement of the 

pump; this value was chosen because in this range the results of the numerical model 

have shown the same trends of the experimental data, with an acceptable discrepancy. 

The yellow arrow in figure show the value of the average swivel torque 

corresponding to the actual valve plate. If, starting from that configuration, the length of 

the “bean” flow area is increased maintaining the groove length unchanged, the swivel 

torque decreases; the same happens if the only the groove length is increased but the 

diminishing of torque is in general more reduced. The reducing of torque is due to an 

increasing of the overlapping angular interval at the dead centres, where both the 

communication with the suction and the delivery port are open; it substantially acts as 

the advance of the valve plate previously analyzed. 
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Figure 11. Actual valve plate geometry (left); average swivel torque at delivery 

pressure of 100 bar, rotational speed of 1200 rpm, swashplate angle 8°(right). 

3.5. Influence of gaps geometry 

A detailed analysis has been performed with the model in order to evidence the 

influence of leakages through the lubricating gaps; several simulations have been done 

varying the height of each of the gaps. For example, some results are collected in Figure 

12, where the average swivel torque is shown as a function of the swashplate angle for 

different gap height values of the gap between the cylinder block and the valve plate: as 

it can be seen, when the height of the gap hcy grows the average swivel torque decreases.  

 

Figure 12. Average swivel torque in different operating conditions and for different 

height hcy of the gap between cylinder block and valve plate. 

The gap between the cylinder block and the valve plate acts as a restrictor that 

allows passage of flow to and from the piston chamber; with higher hcy the leakages 

increase and the transition of pressure from the suction value to the delivery one is 

delayed while the transition of pressure from the delivery value to the suction value is 
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advanced; the net effect is a reduction of the average swivel torque in particular at high 

pressure and low speed, when the leakages through the lubricating gaps increase. 

Actually, however, the clearance adapts its height during pump operation and an 

average hcy of 0.04-0.05 mm can be considered an excessive overestimation of the gap 

height.  

4. CONCLUSIONS 

In this paper the swivel torque acting on the swashplate of a closed circuit axial piston 

pump has been studied; the aim was to evaluate the influence of the swash plate angle, 

pump operating conditions and valve plate geometry on the swivel torque.  

It has been found that, according to both experimental and numerical data, the average 

swivel torque tends to decrease when the swashplate angle increases with almost a 

linear trend. At high swashplate angle, i.e. high displacement values, the measured 

swivel torque decreases abruptly but this effect is not visible in the numerical data; this 

behaviour is probably due to the influence of the friction at both the piston-cylinder and 

piston ball joint-slipper interfaces or even to localized cavitation as some authors 

evidenced in literature. Further investigations will be developed in this regard.  

For what concern the pump operating conditions, it is evident from both experimental 

and numerical results, that higher delivery pressure increases the swivel torque value 

and flattens its trend with the variation of the swashplate angle; higher rotational speed 

again increases the swivel torque and tilts more the torque trend as function of the 

swashplate angle.  

The influence of the valve plate geometry and timing has been studied using the 

numerical model and showing that, a modification on the flow areas geometry of the 

valve plate or on its angular position with respect to the standard assembly can 

considerably reduce the swivel torque; this happens in particular when the overlapping 

angular interval between the high pressure and low pressure areas of the valve plate is 

increased and then the pressure transients from delivery pressure value to suction 

pressure value and vice versa are more symmetric with respect to the dead centres. All 

these considerations are of significant value in regard of the design of displacement 

control device and of the study of pump dynamic behaviour. 
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ABSTRACT 

Test bench measurements on a flawless pump as well as on a pump with typical faults 
were conducted to collect vibration and operating data for pattern recognition based 
fault diagnosis. Several different methods for feature extraction, feature reduction and 
classification were compared to find optimal solutions for the axial piston pump 
application. FFT and Morlet Wavelet transform produced the best features and the 
Support Vector Machine classified the data better than other classifiers. Feature 
reduction showed a lot of potential by considerably reducing the feature vector size. 

Various tests were conducted to evaluate the practical implementation of the developed 
methods. Simulated pump inspections and modifications in the hydraulic system could 
be performed without significantly impacting classification accuracy. No significant 
negative effects on classification accuracy were observed when the operating point of 
the pump was changed or when a cheaper and a more robust accelerometer was used. 

KEYWORDS: axial piston pump, fault diagnosis, condition monitoring, pattern 
recognition, support vector machine 
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1. INTRODUCTION 

Predictive maintenance has increased in popularity due to increased demand for 
machine uptime. Fault diagnosis can be used to determine the condition of a component 
at a particular point in time. A condition monitoring system can then be used to monitor 
the component condition over long periods of time. Since the pump is critical for 
successful operation of the whole hydraulic system, it was chosen to be the subject of a 
series of test bench experiments at Rexroth. Vibration measurements were taken on a 
flawless pump as well as on a pump with several typical built-in faults. Simulated 
inspections and modifications in the hydraulic system as well as changes in the 
operating point were performed to test the robustness of fault diagnosis methods. 

Most current condition monitoring systems allow signal analysis to be performed on 
measured signals. However, since the condition of an axial piston pump cannot be 
determined by a single measured value, more complex methods are required for fault 
diagnosis. Rule based methods are possible, but demand extensive user expertise during 
rule definition. To avoid these drawbacks, pattern recognition approach was chosen, 
because most of the vibrations produced by faults in an axial piston pump are not 
precisely known. 

2. AXIAL PISTON PUMP 

2.1. Swash Plate Design 

Figure 1 shows a typical variable displacement swash plate type axial piston pump. The 
function of the pump is illustrated in figure 2. Driven by the prime mover, (e.g. diesel or 
electric motor), the drive shaft (1) rotates and, via the gearing, also causes the cylinder 
(7) to rotate, taking with it the nine pistons (2). The pistons are held against the sliding 
surface of the swash plate by the slipper pads and carry out a stroke. The slipper pads 
are held against the sliding surface and guided by means of a return device. As the 
cylinder rotates, each piston moves through the lower (11) or upper (10) dead point and 
back to its starting position. A movement from one dead point to the other (where the 
direction of movement is reversed) constitutes one complete stroke during which a 
volume of hydraulic fluid, corresponding to the piston area and the stroke, is either 
sucked in or pumped out via the two control slots (12, 13) in the port plate. [6, p.13] 

 
Figure 1. Rexroth A4VSO axial piston pump 
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Figure 2. Function of a swash plate type axial piston pump [6, p.13] 

2.2. Common Faults on Axial Piston Pumps 

Before experiments could be made, a workshop was conducted to assess the most 
common faults on axial piston pumps. A typical variable displacement swash plate type 
axial piston pump used in industrial applications was chosen for the experiments and 
typical faults for this type of pump were assessed. 

Cavitation erosion on the cylinder and distributor plate as well as leaking shaft seals and 
o-rings on the pump case were found out to be the most common faults. A bit less 
common are worn pistons and slippers as well as axial piston play and bearing faults.  
[8, p.20] 

This information was used for the planning of a series of measurements. Leaking seals 
were omitted from the experiments, since the detection of leaking seals was considered 
unfeasible with the available sensors. 
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3. TEST BENCH EXPERIMENTS 

In industrial applications, an axial piston unit will have an expected lifetime of over 
20000 hours under normal operating conditions. Failures are therefore not frequently 
expected. Because of the rarity of errors in industrial applications, short term test bench 
investigations were conducted. During these tests, components with artificial and real 
faults were installed into the unit. Measurements were taken before and after installation 
of faulty components. Additional measurements were taken before and after simulated 
inspections, during which a pump was first disassembled and then assembled again. 
Furthermore, the hydraulic system was changed and measurements were taken before 
and after changes were made. System changes included modifying the length of tubes 
between the pump and user, i.e. pressure relief valve. System changes and simulated 
inspections caused large variations in the measured vibration signal. Up to +/- 50% 
differences in extracted features, e.g. piston frequencies, were observed. These 
differences posed high robustness requirements for the fault diagnosis methods. 

Vibration signals from accelerometers mounted on the pump were used for the fault 
diagnosis. Operation data such as pressure, swivel angle, rotation speed and fluid 
temperatures were measured and used as reference points for the vibration analysis. 

4. FAULT DIAGNOSIS PROCEDURES 

There is no universally accepted way of classifying fault diagnosis procedures. An 
example of various fault diagnosis procedures can be seen in figure 3. Signal analysis 
can be used for simple tasks, e.g. temperature monitoring [2]. It is not possible to 
determine the condition of an axial piston pump using a single measured feature or 
signal. Therefore more complex methods have to be implemented. Due to missing 
statistical data and lacking model quality, knowledge based procedures were chosen. 
Among these, pattern recognition with machine learning methods provides the 
possibility to classify complex data without detailed knowledge of the target process 
and minimal user input. This procedure was chosen for the fault diagnosis on axial 
piston pumps. 

 
Figure 3. Fault diagnosis procedures [7, p.18] 
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4.1. Pattern Recognition Methods 

Figure 4 illustrates a typical pattern recognition process. It begins with the acquisition 
of data. The following feature extraction generates a feature vector, which contains 
numerical values called features. These are used to represent the measured signal in a 
compact form and to highlight relevant information. Feature reduction methods can be 
implemented to reduce the feature vector size in order to further reduce required 
computational resources for classification. Before a classifier can be tested and 
implemented in an application, it has to be trained with an example data set. During 
training, parameters of the classifier are optimized to guarantee a high classification 
accuracy. The following chapters give a brief overview of the applied methods. Please 
refer to [8] for a more detailed discussion on this topic. 

 
Figure 4. Pattern Recognition Process [1, pp.1-19],[4, p.26] 

4.1.1. Feature Extraction 

Feature extraction is divided into heuristic and analytic feature extraction. Experience 
and intuition is used to define features for heuristic feature extraction. In case of rotating 
machines it is meaningful to extract features not only in the time domain, but also in the 
frequency domain after a transformation, e.g. FFT. Typical features in the frequency 
domain include piston frequencies, bearing frequencies and RMS values over wide 
frequency bands. Additionally, wavelet transforms can be used to extract features. 
These provide improved time and frequency resolution compared to a Short Time 
Fourier Transform (STFT) and can therefore be useful especially during dynamic 
operation. 

It is possible to conduct an analytic feature extraction after features have been extracted 
heuristically. Methods for analytic feature extraction include Principal Component 
Analysis and Independent Component Analysis. Please refer to [8] for an overview on 
analytic feature extraction methods. 

Feature extraction yields a feature vector, which can be optimized further with feature 
reduction methods or used directly by a classifier to classify the data. 
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4.2. Feature Reduction 

Feature reduction is used to reduce the required computational resources for 
classification and to filter out meaningless features. Feature reduction can be performed 
with a filter or a wrapper. Wrappers use the classification accuracy to evaluate feature 
subset performance. Filters use simpler metrics to evaluate performance and therefore 
require less computing power. Both methods need an optimization method, e.g. a 
genetic algorithm, for finding an optimal feature subset. In practise, a wrapper often 
outperforms a filter, but may be computationally too costly with complex classifiers. 

Figure 5 shows the reduction of the feature vector size for two feature vectors (FFT and 
Morlet Wavelet). A Wrapper (light blue) with a Naïve Bayes classifier outperforms the 
Filter method (dark blue). It is possible to reduce the feature vector size by up to 90% 
without significant loss in classification accuracy. A Wrapper with a Support Vector 
Machine classifier was not tested due to lack of available computational resources. 

 
Figure 5. Feature reduction with a Wrapper and a Filter method. The Wrapper 

(light blue bars) clearly outperforms the Filter method. [8, p.118] 
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4.3. Classification 

After a feature vector has been selected, a classifier can be trained to automatically 
classify the data. Figure 6 shows an example of the Support Vector Machine classifier. 
Training data in a 2-dimensional feature space is separated with a 1-dimensional 
hyperplane. The parameters of the hyperplane are optimized using a learning algorithm, 
which maximizes the margin between the support vectors, i.e. worst training examples, 
and the hyperplane. This enables high classification accuracy and simultaneously 
permits some variation in the test data. 

 
Figure 6. Principle of the Support Vector Machine classifier [8, p.89] 

 

The Support Vector Machine uses the Kernel Trick to transform the data into a higher 
dimensional feature space, which allows highly nonlinear datasets to be classified 
efficiently. Figure 7 illustrates the transformation of a 1-dimensional feature vector into 
a 2-dimensional feature space using a polynomial kernel function. 

 
Figure 7. Principle of the Kernel Trick. Feature vectors are transformed into a 

higher dimensional feature space for easier classification. [8, p.91] 
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5. RESULTS 

The No Free Lunch Theorem [1, pp.454-458] states that it is impossible to a priori 
select an optimal classifier for a given application. A similar theorem, the Ugly 
Duckling Theorem [1, pp.458-461], applies to feature vectors used by the classifier. 
These two theorems imply that optimal classifiers and feature extraction methods have 
to be found empirically. Therefore, a series of experiments were conducted to find 
optimal methods for the axial piston pump application. 

5.1. Software Tools 

NI LabVIEW [5] was used for data acquisition and feature extraction. The data mining 
software RapidMiner [3] with the WEKA [9] extension was used for feature reduction 
and classification. To avoid overfitting during classification a 10-fold crossvalidation 
was carried out. The classification accuracies presented in all examples below represent 
the test data set mean accuracy over all 10 validations and all pump conditions. 

5.2. Evaluation of Feature Extraction Methods 

Time domain analysis, Fast Fourier Transform and various wavelet transforms were 
used for heuristic feature extraction. Figure 8 shows the classification accuracies of a 
Naïve Bayes classifier (red) and Support Vector Machine (blue). Best results (>90% 
accuracy) for the Naïve Bayes classifier can be reached with FFT-features. The Support 
Vector Machine can reach higher accuracies and performs best with Morlet wavelet 
features. These two feature extraction methods (FFT & Morlet Wavelet) were selected 
for all further tests. 

 
Figure 8. Comparison of heuristic feature extraction methods [8, p.109] 
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5.3. Evaluation of Classifiers 

After efficient feature extraction methods were found, could these be implemented with 
a selection of classifiers. Table 1 shows the selected classifiers. A wide range of 
different classifier types were tested in order to find an optimal classifier. Typically only 
one classifier was chosen for each classifier type. Exceptions include neural networks 
with two different classifiers and linear discriminant functions with Support Vector 
Machines with several kernel functions. 

Table 1. List of implemented classifiers 

Classifier Type Classifier

Bayesian

Nonparametric

Linear Discriminant 
Functions

Neural Networks

Nonmetric Methods

Naive Bayes

K Nearest Neighbour

Support Vector Machine

1. Multilayer Perceptron
2. RBF Network

Decision Tree
 

Figure 9 shows the result of the classifier comparison. Highest classification accuracies 
were reached with Support Vector Machines (shown in blue). A Multilayer Perceptron 
(green) performs almost as accurately, but requires more computing power and has 
more parameters which have to be set manually. The k Nearest Neighbour method 
(yellow) can reach high accuracies as well, but requires more memory during the test 
phase because the training data has to be stored in order to classify test data. 

 
Figure 9. Comparison of classifiers. Highest classification accuracies were 

reached with Support Vector Machines (blue). [8, p.113] 
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5.4. Evaluation of Sensors 

Previous results were obtained using data from an expensive accelerometer designed for 
laboratory environments. This sensor is not well suited for industrial applications. 
Therefore, a more robust sensor from an automotive application was tested. 

Figure 10 shows the comparison of classification accuracies between the two sensors. 
Results show that the automotive sensor performs as well or in the case of a Naïve 
Bayes classifier significantly better than the laboratory sensor. A possible reason for this 
is that the highly nonlinear frequency response of the automotive sensor results in 
amplification of the signal in those frequencies, which best separate the pump 
conditions from one another. 

 
Figure 10. Comparison between laboratory and automotive accelerometers          

[8, p.111] 

5.5. Different Operating Point 

All previous results were obtained in zero stroke. In this operating point the pressure is 
held constant at 150 bars and the swivel angle is set to a point, where the volume flow 
only compensates for leakages. Figure 11 shows the classifier accuracies for zero and 
full stroke (i.e. 100% volume flow). As can be seen in the results, data from full stroke 
is classified more accurately. 

No significant changes in classification accuracies could be observed, when pressure 
was increased from 150 to 250 bars. [8, p.123] 

 
Figure 11. Classifier accuracies in zero and full stroke [8, p.121] 
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6. CONCLUSIONS 

The results presented in this paper show, that it is possible to detect faults in an axial 
piston pump with pattern recognition methods even when assembly and system 
variations caused high variations in the measured vibration signal. Furthermore, a 
change in the operating point did not result in significant changes in classification 
accuracy. This is a promising result and could allow accurate fault diagnosis during 
dynamic operation. It was also shown, that comprehensive evaluations of various 
feature extraction and classification methods have to be performed in order to find 
optimal methods. FFT and Morlet Wavelet transform produced the best features and the 
Support Vector Machine classified the data better than other classifiers. Feature 
reduction showed a lot of potential by considerably reducing the feature vector size. An 
accelerometer comparison revealed that a cheaper and more robust automotive sensor 
performed at least as well as the reference sensor. 

The achieved accuracy and robustness in short term test bench measurements will be 
further validated with long term measurements in industrial applications. Additionally, 
the performance of these methods during dynamic operation will be tested. 
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ABSTRACT 

This paper shows the contribution of Merkel to the BMBF project Fluitronic and will 
give further aspects of the combination of electronics and seals (Sealtronic®) in the 
heavy industry. 

Merkel has been participating at the joint research project „Fluidtronic“ for the last 3 
years. This project was funded by the Federal Ministry of Education and Research. 
Target of this project was to improve the reliability of fluid-technical/mecha-tronic 
products, especially related to presses. Main target of the research project was to 
optimise the cooperation of highly specialised small and medium sized companies in the 
field of fluidics, especially during development phases and the condition monitoring 
within the life cycle of their products. Existing software solutions have been extended 
and are now supporting the companies designing the system and forecasting its 
reliability. They enable a virtual product development in a fluid-technical/mecha-tronic 
environment.  

The paper shows the contribution of Merkel to this research project. Within this project 
Merkel focused on the following targets: 

• Improvement of the basis for the calculation of frictional forces in hydraulic 
cylinders. Cooperation – planning and performing - at trials to determine 
frictional forces. 

• Set-up of worst and best case scenarios regarding frictional force and wear & 
tear in order to limit the variance (spectrum) of seal behaviour within the 
simulation. Usage of test results to describe the characteristics of friction and 
wear & tear regarding system behaviour. 

• Analysis and determination of Merkels’ role of cooperation in the development 
process. 

The paper gives also future prospects on the general use of Sealtronic® - the 
combination of seal and electronics. 

KEYWORDS: Fluidtronic; hydraulic sealing system; development process; friction; 
wear; Sealtronic 
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1. CONCEPTUAL FORMULATION 

The project Fluidtronic [1] achieves an essential contribution to the specific targets 
enhanced by the announcement of the BMBF in the competitive field of „Improved 
reliability of mecha-tronic systems“ related to the frame concept „Research for the 
production of tomorrow“. 

This joint research project works on optimised development and simulation processes in 
order to predict the functionality of fluid-technical/mecha-tronic machines respectively 
facilities, and simultaneously to guarantee this functionality during the complete 
lifetime of the systems. Based on reference processes, which have to be developed, 
there is a focus on the synchronisation of information data in line with the product 
development stages. Centralised stored, describing data of the fluid-technical/mecha-
tronic system are a precondition for this required synchronisation. To obtain a 
preliminary forecast and validation of the systems’ reliability, conventional simulation 
methods are subject for further developments. For example, the mathematical 
descriptions of components are expanded by further factors like oil aging, wear & tear 
and friction behaviour, in order to display the real system performance, and to identify 
interactions between the components. The simulation methods are implemented in the 
development environment, and are supported by software tools. A continuous 
surveillance of the facilities (condition monitoring) assures reliability and accuracy 
within the complete lifetime cycle. 

The research project was focussed on concrete application examples and implements 
model and reference character, especially to support KMU and companies, who have 
similar requirements, such as component or system manufacturers of fluid-
technical/mecha-tronic products. 

Deriving from the political and advocated targets, aims of the joint research project can 
be formulated, based on the general approach to improve the reliability of fluid-
technical/mecha-tronic products. Main target was the cooperation between highly 
specialised KMUs within the fluid power industry during development phases, and to 
optimise the surveillance of facilities (condition monitoring) within the complete life 
time cycle. The expansion of existing software tools was initiated, and now supports 
companies to lay out their systems, to forecast system reliability, and to realise a virtual 
product development within a fluid-technical/mecha-tronic development environment. 

Based on this main target, the following sub-goals could be derivated: 

• Definition of configurable reference processes for fluid-technical/mecha-tronic 
developments. 

• Enhancement of conventional simulations to forecast and to secure fluid-
technical/mecha-tronic systems. 

• Automation of the adaption of parameters for open and closed loop control 
systems in terms of continuous status surveillance (condition monitoring). 

• Simplification of run-in procedures by interfacing the simulation model with the 
hardware of the control system. 

• Build-up of a fluid-technical/mecha-tronic development environment using a 
PLM demonstrator as an example. 

Merkel derived these sub-goals as follows: 

• Improved basis for the calculation of friction forces in hydraulic cylinders. 
Collaboration in planning and performing tests to determine friction forces. 
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• Set-up of worst and best case scenarios regarding friction forces and wear, in 
order to limit the scope of fluctuation within the simulation of sealing behaviour. 
Make use of the test results to describe the influence of friction and wear 
characteristics on the system. 

Merkel worked on this project as a partner of a consortium: 

• Promoter: Federal ministry of education and research 
• Institution: Forschungszentrum Karlsruhe (PTKA, heute KIT) 
• Consortium manager : RWTH Aachen IFAS and WZL 
• Partner: SMS Meer; Dieffenbacher; Montanhydraulik; Fuchs Schmierstoffe; 

Parker Hannifin Hydraulic Controls; Fluidon; Argo-Hytos; Eplan; RWTH 
Aachen (WZL and IFAS); Merkel Freudenberg Fluidtechnic 

2. IMAGING OF A REFERENCE PROCESS 

Starting with an analysis of the fluid-technical/mecha-tronic development environment 
of the consortium partners and their application fields, field-relevant development 
projects have been typologised, and their special requirements were identified by setting 
up a specification sheet of an integrated development environment. Based on the 
development and adjustment of methods in the fluid power, ideal and configurable 
reference development processes have been derivated. 

2.1. Analysis of the business processes 

In this range, the product development processes at the company Merkel Freudenberg 
was listed and analysed. The analysis of the current state was done by expert interviews 
on application examples in order to consider all perceptions and the conjunction 
between the involved disciplines and companies. Existing process documentation was 
used as a complementary reference. 

The analysis was done in workshops according to the target description. [2] explains 
this development process. The chameleonic applications in the heavy industry require a 
broad range of sealing technology. A product data management system supports the 
application engineering team by offering suitable seal designs and materials for a quick 
and reliable solution related to the specific inquiry. This process is supported, besides 
other aspects, by layout-programs and calculation tools. A cascaded range of different 
finite element simulations perform on demand, dependent on the depths and difficulty 
of the connected task (Figure 1). 
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Figure 1. PDM at Merkel 

2.2. Imaging of ideal reference development processes 

In cooperation with the project partners, reference processes have been compiled for the 
development of sealing systems and their integration in a fluid-technical/mecha-tronic 
development environment. The reference processes are developed inductively by 
consolidating practical know-how, and deductively by theoretical findings. The close 
coordination with the company Merkel Freudenberg assured, that the real development 
process can be completely described by the reference model. 

Based on the participation of all project partners, the coordinator of the project imaged 
the ideal reference development process in detail [1]. 

2.3. Product specific adaption of the reference process 

For practical use, the developed reference process must be specifically adapted to a 
project. To assure an ideal adaption of the reference process to all company strategies or 
projects, in this part of the essay a methodology is defined, to type-specifically 
configurate comprehensive development processes, which allow to identify the most 
suitable type of process for the specific project. The company Merkel Freudenberg 
provides the required information for the company-specific adaption, and chooses the 
most suitable reference process for their type of project. The chosen reference process 
gets slightly refined, based on special characteristics and properties of the product 
respectively project. This proceeding offers an ideal adaption of the defined process 
model to the actual, real development. 

The process used at Merkel serves as reference process representing the Merkel part 
(Figure 2). The chosen process is integrated in Merkels’ continuous improvement 
program, which is actively performing for years, and also includes the regular training 
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of employees. The process itself is described in a suitable workflow within a product 
data management system. In each step of the workflow roles have to be defined by 
responsible persons. These roles assure a clear and defined assignment of tasks, their 
traceability and their protection against violation realised by adequate entitlements and 
approvals. 

Work flow in PDM

Roles and rights per status

 
Figure 2. Inquiry work flows, roles and rights in PDM 

 

The interface between the OEM customer and the development process at Merkel 
Freudenberg is realised by a so called EIS data sheet (Engineering Information Sheet). 
In this EIS data sheet all details of the application are listed, and a risk analysis is 
integrated as well, covering different criteria, such as possible malfunction of the 
sealing system, detection prior total failure, and consequential damages related to 
services, machine, operator, environment and production loss. 

3. DEVELOPMENT OR CHOICE OF SUITABLE MODELS AND METHODS TO 
DESIGN AND LAYOUT THE DEVELOPMENT SYSTEM AS WELL AS 
VERIFICATION OF THE MODEL ON THE TEST RIG 

In the range of this chapter suitable mathematical models on influences of wear, oil 
aging, friction and filtration were chosen by the consortium in close cooperation with 
the project coordinator. These models were subject of further developments to make 
them applicable in a simulation environment. Test rigs had to be set up to verify the 
mathematical descriptions. Variations of the above mentioned parameters could be 
analysed, and it was possible to describe their effects on the system behaviour. In the 
course of the project these test rigs were also supposed to perform virtual start-up 
routines in various configurations. The assignability of the test results on the fluid-
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technical/mecha-tronic development environment was realised by suitable valuation 
methods. 

3.1. Development of new element models with wear & tear characteristic 

Since wear & tear of elements is an inherent characteristic of all types of components, it 
should be incorporated in the simulation of the system. This allows implementing rules 
for adaptation while developing the concepts for the required closed-loop control. To be 
able to do this, both, experiences in this field of Merkel Freudenberg, and a compiled 
data base on wear & tear behaviour of components were integrated in the environment 
of the simulation. Now it is possible to simulate the facilities’ condition at discrete 
lifetime stages. Most important, altering machine behaviour can be estimated and the 
parameters of the closed-loop control can be adapted to different stages of wear. The 
company Merkel Freudenberg is supporting this analysis of wear characteristics by 
offering the necessary expert knowledge. 

Merkel has evaluated two possible approaches related to the topic wear & tear 
behaviour: wear in the first run-in period due to counter surface characteristics, and 
wear caused by extrusion. 

3.1.1. Run-in wear caused by surface characteristics 

Reference [2] already describes an advanced characterisation of counter surfaces. To 
guarantee a long-term performance of a hydraulic sealing system, generally two partners 
within the system have to be set-up ideally in relation to each other: the sealing element 
made of PTFE compound, polyurethane or elastomeric material and the counter surface 
made of coated or hardened steel. Up to now, the evaluation of counter surfaces in 
contact with seals was usually based on parameters for metal-to-metal contact. But 
piston or rod seals in e. g. a hydraulic cylinder do always represent a hard-to-soft 
contact. Therefore, the results of the characterisation of the counter surface regarding 
abrasiveness, long-term behaviour and oil depots have limited information. Field 
experiences have shown that the very first contact of the sealing lip with the counter 
surface is decisive for the overall lifetime of a sealing system. This first contact 
influences both sliding partners, the soft seal as well as the hard counter surface. The 
counter surface gets smoothened during first contact, and abrasive surface peaks 
disappear. Nevertheless, the sealing edge can already be irreversibly damaged by these 
abrasive surface peaks during the first strokes. The result is a relevant loss of sealing 
functionality and lifetime. A second, new seal mounted and performing on the same, 
already smoothened counter surface generally performs without any problems. 
Therefore, one of the main reasons for a premature failure of a hydraulic sealing system 
is clearly a non-suitable structure of the counter surface. The difference between an 
unused surface and one, who has already performed, can be visually recognized. The 
part of the surface touched by the seal is considerably darker, and not as shiny as the 
virginal area (Figure 3). 

The commonly used surface parameters Ra and Rmax do not reflect these findings. In 
both cases, a newly machined cylinder rod and a used one, similar values for Ra and 
Rmax are measured with the established method of tactile scanning of surfaces (Figure 
3). Both values are far within the standard range, not even touching the required 
tolerances. Consequently, according to these findings, no action is necessary. But this is 
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a factual mistake, since these parameters are not sufficient for a reliable and 
comprehensive description of counter surfaces. And they are definitely not satisfactory 
avoiding premature failure of a sealing system. 

Use of advanced counter surfaces parameters 
enables to narrow best/worst-case-scenario for 
the simulation

First run (135 km):
• new seals
• new rods
• meas. of 4 rods

Second run (135 km):
• new seals
• same rods
• meas. of 4 rods

Second run (135 km):
• new seals
• same rods
• meas. of 4 rods

Wear

Wear

 
Figure 3. Wear & Tear at Counter Surfaces 

 

With the Merkel counter surface parameters (MCP) Merkel has launched a new and 
innovative concept, which eliminates these mistakes of the past. Based on the same 
measurement method of tactile scanning of surfaces, parameters of the Abbott Firestone 
Curve for hard-to-soft contact are derivated for the first time. The defined parameters 
there – core peak-to-valley height Rk, peak height Rpk as well as Rpkx, and groove depths 
Rvk, Rvkx make it possible to obtain a fascinatingly accurate description of surfaces as 
seal counter faces. As a result, essential properties of the surface topography can now be 
determined with accuracy in the field of sealing technology, i.e.: 

• the peaks being responsible for abrasive properties and wear potential 
• the profile core governing long-term behaviour, and 
• the recesses influencing the conveyance of media (as leaks and/or hydrodynamic 

lubricating film). 

The evaluation of a test arrangement shows the importance of the Rpkx value for the run-
in behaviour of a sealing system. The diagram offers a logarithmic, chronological 
sequence of the counter surface parameters Ra, Rk and Rpkx based on 68.000 double 
strokes. The MCP parameter Rpkx, describing the surface peaks, articulately changes 
already after 10 double strokes. 50 % of the total change of this value is already 
performed after 100 double strokes. And after 1.000 double strokes this parameter has 
almost ceased to change. This significant reaction of the MCP counter surface 
parameter Rpkx during the run-in phase of the system is clearly not depicted by the 
formerly used parameter Ra. The parameter Rpkx shows the real abrasive potential of 
surface peaks, and the defined limited values by Merkel reduce the risk of premature 
damage of new seals during first use. In other words, a seal can already be considerably 
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damaged by abrasive counter surfaces after 100 double strokes, if limited values for 
MCP counter surface parameters are not being considered while manufacturing cylinder 
housings respectively cylinder rods.  

Figure No. 3 emphasises these findings. While the parameter Ra – as mentioned above – 
describes no peculiarity in both cases, the limited values for the parameters Rk and Rpkx 
are clearly overshot, measured on a new, unused rod. Consequently, a rod offering this 
surface quality would not be suitable for a reliable performance in a cylinder. 

These results can be integrated in the parameterisation of the fluid-tronic development 
model, by offering a choice while setting the controller, either „standard surface“ or 
„optimised surface“. Based on the actual surface quality, this feature offers the 
implementation of a more realistic friction force characteristic within the closed-loop 
control algorithm. 

3.1.2. Wear caused by extrusion 

For the examination of seals regarding extrusion behaviour, a test arrangement was 
financed and set-up by Merkel. Test-runs were also performed by third parties in the 
range of this project. 

Increasing requirements related to the design of housings makes it necessary to have 
detailed knowledge of allowable limit ranges of extrusion gaps. Consequently, the 
examinations also focussed on the influence of standard materials for piston seals 
regarding extrusion gap, temperature and pressure. Figure No. 4 shows the set-up of the 
test rig in comparison to the arrangement of a testing cylinder. Generally, a seal is 
pressurised in front of a variable gap faced with changing values of temperature and 
pressure. The lengths of the so called extrusion flag is measured as a result. It is the part 
of the deformed seal, which is stuck in the gap after testing. 

Dynamic system testStatic gate test

 
Figure 4. Wear & Tear Due to Extrusion 
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Figure No. 5 shows the set-up test schedule and its related value diagrams. Temperature 
and gap dimension have major influence on the length of the extrusion flag. 

A possible model character can be extracted out of Figure 5 as well, based on the 
demonstrated behaviour in the diagrams. This modelling is used as a basis for the 
integration into the simulation. Since a correlation between extrusion and wear can only 
be derived after having finished the project (Figure 4), further data acquisition as a 
follow-up is necessary. If such an interrelationship is detected, it is possible to correlate 
a wear behaviour based on the extrusion attitude. This wear behaviour offers a further 
source for the optimisation of the simulation model. 
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Figure 5. Design of Experiment 

3.2. Development respectively adaption of mathematical friction force descriptions 

Existing simulation programmes are nowadays not able to sufficiently describe the 
influence of seal friction in cylinders, which has a dominant effect on closed-loop 
control systems. The possible approach for the improvement within the research project 
is to join expert knowledge of involved companies with up-to-date research results, in 
order to establish an improved calculation basis for friction forces in hydraulic 
cylinders. This is the reason why Merkel Freudenberg – within the joint project – offers 
their expert knowledge on sealing systems to develop a mathematical model for the 
description of friction forces. 

Based on this expert knowledge and further corresponding workshops, the project 
coordinator derived a mathematical description and layout of the friction force model. 
The internal friction force in cylinders has a major impact on the complete system 
behaviour. The extend of knowledge about these friction forces is decisive for the 
accuracy of the chosen closed-loop control. In order to considerably limit the present 
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range of possible friction in cylinders, a parameterisation of a friction force model based 
on test data should be implemented. 

The initial advisements were based on the Stribek model. This model considers the 
dynamic friction behaviour in the field of fluid friction, as well as the range of mixed 
and boundary friction [3]. 

The involved friction should derive from inherent housing parameters of cylinders and 
seals, as well as from state variables of the used oil and pressure. 

3.3. Development of cylinder models involving friction 

The mathematical models of modern simulation programmes consider friction in a 
hydraulic cylinder by parameterisation of static and dynamic friction. Consequently, 
using such a simulation programme, the real behaviour of a hydraulic cylinder can only 
be described approximately. And this is not satisfactory. For this reason, Merkel 
Freudenberg with their expert knowledge were supporting the development of cylinder 
models integrating these friction forces. 

Merkel Freudenberg Fluidtechnic supported the project coordinator by designing, 
mounting and operating a test rig for the determination of the friction force behaviour of 
seals in hydraulic cylinders of various sizes and seal types [3]. Merkel recommended 
two sealing systems typically used in presses (Figure 6). 

Conventional:
Elastomer/fabric

roof shape + wiper

Modern:
PTFE and PU
1. and 2. seal
+ double wiper

 
Figure 6. Friction Test Rig at WZL/TU Aachen 

 

• Conventional system with roof type sealing set + single wiper 
• Modern sealing system with seals made of PTFE and polyurethane + double 

wiper made of PTFE 
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The following criteria for measuring friction forces in the chosen sealing systems were 
defined in the test schedule (Figure 7): 

• Diameter: Rod =  50 mm, 100 mm and 160 mm; 
 Piston = 100 mm, 150 mm and 200 mm 
• Seal profile dependent on diameter and chosen type 
• Operating pressure:  0 up to 30 MPa 

Ø 100Ø50

Ø 150Ø100

Ø 200Ø160

�

�

� �
Speed 0 up to 0,15 m/s

 
Figure 7. Test plan 
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Figure 8. Preliminary investigation 
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In order to reduce the necessary amount of test procedures, Merkel performed 
theoretical pre-considerations by using WebFEM analysis [2]. Target was the proof that 
the specific friction force of a seal profile is independent from its diameter. Figure No. 8 
shows that this assumption can be used as a basis for further evaluations. 

The results of the measurements performed at a project partner are exemplarily shown 
in Figure 9. These findings are integrated in a more comprehensive test schedule, to be 
executed subsequently to the project on a bilateral basis together with the project 
coordinator. This work is still in progress. 

Consequently, typical distributions of friction forces are available for simulation, 
dependent on type and diameter of the seal. 

 
Figure 9. Test results during operation 

4. CONCLUSION 

The project “Fluidtronic” supported the implementation of a product data management 
system at Merkel, who had already started the development process before. The joint 
efforts optimised the work performed on processes related to customers. In regard to 
expert knowledge about sealing technology, the project launched important incentives 
on the topics wear and friction. Also on this behalf, already existing elaborations could 
be supported and deepened. The project transmitted important impulses for the future 
regarding efforts in the field of Sealtronic – a combination of electronic equipment and 
sealing systems. First steps for the structuring of this research work have been set-up, 
and functional samples for promising applications are in progress, respectively have 
already been realised [5]. As necessary as within the overall project Fluidtronic, Merkel 
initiate cooperations, internally with resources of the Freudenberg Group, as well as 

90



external institutions (e. g. universities). To spread the work, Sealtronic is also advanced 
and deepened in the constitutive project „Conseal“. 
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ABSTRACT 

This paper reports the design and control of a 50 kN hydraulic press which is made for 

experimental verification of control algorithms as well as for educational purposes. The 

press contains a servo-solenoid pressure control valve for regulating the pressure in the 

cylinder chamber and thus the force of hydraulic press. The system is equipped with a 

pressure sensor installed in the cylinder chamber for indirectly measuring the pressing 

force. At the considered press it is also possible to measure position of the upper plate 

by using a micro-pulse linear transducer. This created conditions for the realization of a 

position/force hybrid control algorithm. The control algorithms and monitoring process 

are implemented on a real-time hardware board. They are programmed in 

Matlab/Simulink environment using Real-Time Workshop tool for generating the C 

code and building an executive program. Based on the experimental results it can be 

concluded that electrically actuated control components supported by appropriate 

computer programs enable the realization of improved characteristics of systems 

required in modern industrial plants. 

KEYWORDS: hydraulic press, hybrid control algorithm, servo valve, control system 

1. INTRODUCTION 

Most hydraulic presses used in industry working in an open-loop and are usually 

operated manually or by using a control device such as programmable logic controller 

(PLC), and thereby the end positions of the ram are set via dead stops or limit switches. 

On the other hand, today’s industry is looking for flexible solutions that will be able to 

achieve some new characteristics of hydraulic systems such as the ability of controlled 

motion, the possibility of continuous control of the required values, a simple data 

transfer and signal processing, the possibility of monitoring and process visualization 

etc. The increase of micro-electronics in recent years has reduced the cost of computer 

equipment to a level acceptable for industrial applications which has enabled the 
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implementation of sophisticated control strategies in practice. Therefore, modern 

hydraulic systems suffered a great evolution towards electronics and microprocessor 

controlled electro-hydraulic components in order to achieve new control possibilities 

[1]. Commonly, due to its complexity almost every advanced controller must be 

implemented on a digital computer. Such control systems that have electrically-actuated 

valves can respond to complex demands posed by today’s technology.  

Presses are one of the most used machine tools in industry for different materials 

forming. In the past, for pressing tasks in industry, mechanical presses were more 

frequently used, but nowadays hydraulic presses take precedence due to their numerous 

advantages, such as full force through the stroke, the moving parts operate with good 

lubrication, the force can be programmed, the stroke can be fully adjustable which 

contributes to the flexibility of application, the safety features can be programmed and 

incorporated in control algorithms and they can be made for a very large force 

capacities. On the other hand, the hydraulic presses are slower than the mechanical 

presses, which are trying to overcome with the development of new valves with higher 

flow capacities, smaller response time and improved control capabilities [2]. In these 

kinds of applications the ability of force control systems to follow-up varying reference 

signals is often required for proper operation of the technological process. On the other 

side, the task of position control of hydraulic actuator is also very important. Therefore, 

a new quality and significant improvement in the functioning of press can be obtained 

with a simultaneous realization of position feedback, which is actually a hybrid control 

algorithm [3-5]. The hybrid position/force controller structure allows independent gains 

to be used for both the position and force control task, allowing the different dynamics 

of each to be adjusted. This paper describes the construction of a hydraulic press and the 

implementation of control algorithm for its hybrid position/force control. 

2. EXPERIMENTAL TEST DEVICE 

The schematic diagram of the hydraulic circuit used in this study is shown in Figure 1. 

The hydraulic cylinder (1) which is used to actuate the press is a double acting 300 mm 

stroke cylinder with 80 mm bore and 60 mm diameter rod. The control of the moving 

part of the press is accomplished using an electro-hydraulic servo valve (5) designed for 

bypass operation, manufactured by Schneider Kreuznach, model HVM 025-005-1200-0, 

with a box chopper amplifier and ±10 V analogue input signal. Since the maximum 

pressure in the system is limited by the preset value on the system pressure relief valve 

(10), the servo valve actually reduces the value of pressure in the pressure line and 

cylinder chamber. The servo valve is set to bypass, and with respect to the control signal 

enables the flow of necessary quantities of oil to the tank, in order to maintain the 

pressure in the cylinder chamber at the desired level. The hydraulic force applied to a 

rubber bumper is indirectly measured by a Siemens pressure transducer (2), type 

7MF1564, with a measuring range 0 to 250 bar and an output signal 0 to 10 V, which is 

installed in the cylinder chamber. In this system it is also possible to measure a 

displacement of the press by using a micropulse linear transducer (3), manufactured by 

Balluff, type BTL5-A11-M0300-P-S32, with an output voltage from 0 to 10 V and a 

resolution of ±2 µm. With the installation of displacement sensor in the system, the 

necessary preconditions for the realization of hybrid force/position control algorithms 

are obtained. If the shut-off valve (6) is closed then the servo valve is turned off, and 

then it can be shown working principle of the press whose motion is controlled using 
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classical solenoid 4/3 valve (4). Also, if the solenoid 2/2 valve (7) is closed, the oil flow 

is directed to a throttling valve (8), and thereby affects the change of cylinder speed. 

Since the servo valve is installed in the system, particular attention must be given to the 

cleanliness of oil, so a high pressure filter (12) and a return flow filter (13) are mounted 

in the system. Hydraulic power is provided by a gear pump (15), model KV-1P from 

ViVoil, with a volumetric displacement of the pump of 2.6 cm
3
/rev and maximum 

nominal pressure of 25 MPa. The oil pump is driven by a three-phase electrical motor 

(14), 2.2 kW at 980 rpm. The photography of the hydraulic press on which experiments 

have been carried out is shown in Figure 2.  

 

 

 

Legend: 

  1 – Cylinder  

  2 – Pressure sensor  

  3 – Micro-pulse linear transducer  

  4 – Solenoid 4/3 valve  

  5 – Servo valve  

  6 – Shut-off valve  

  7 – Solenoid 2/2 valve  

  8 – Throttling valve  

  9 – Manometer  

10 – System pressure relief valve  

11 – Ball check valve  

12 – Pressure filter  

13 – Return flow filter  

14 – Three-phase electric motor  

15 – Hydraulic pump  

16 – Electronic interface  

17 – Electric rectifier  

18 – PC with DAQ card 

Figure 1. Schematic diagram of the hydraulic press 

 

  

Figure 2. Photo of the hydraulic press, left: front view,  right: rear view 
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Data acquisition in the system is handled by a National Instruments DAQCard-6024E 

(for PCMCIA), which offers both 12-bit analogue input and analogue output. Control 

algorithms were developed in the Matlab/Simulink environment supported by Real-

Time Workshop
®

 (RTW) program for generating C code and building a real-time 

application. The control programs are implemented with a sampling period of 10 ms. 

This control technique allow continuous monitoring of process variables, data 

acquisition and software solution for real time control. The command voltage to the 

servo valves mounted on the press is generated by an analogue output and to the 

solenoid valves by digital outputs on the data acquisition board. 

Considered system is actually one of the three experimental electro-hydraulic systems 

that have been made at the Laboratory for automation and robotics (Faculty of 

Mechanical Engineering and Naval Architecture of the University of Zagreb) for 

research purposes in the field of hydraulic systems control, as well as for training 

students [6]. The other two test systems are: the module for translational motion control 

and the module for rotational motion control. The layout of the remaining systems can 

be seen on Figure 3. These modules have the characteristics of general electro-hydraulic 

systems which can be found in commonly used industrial plants.  

 

 

Figure 3. Photo of the hydraulic systems for position, force and velocity control 

3. MODELLING AND CONTROL 

The mathematical model of the hydraulic system is obtained from the model of 

hydraulic valve dynamics, then by applying the flow continuity through the orifice, then 

by analyzing the pressure behavior in the cylinder chambers, and finally, by applying 

Newton’s second law on the actuator motion. In this application a pressure control valve 

is chosen because the emphasis is given to the regulation of pressure which is actually 

equivalent to the force pressing.  

The transfer function between the spool valve position yv(s) and the input voltage u(s) is 

typically a second order term: 
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where kv is the proportional valve gain, ωv is the natural frequency and ζv is the 

damping ratio. 

The relationship between the spool valve displacement, yv, and the load flow, QL, 

assuming turbulent flow through an orifice can be given as: 

 LcvqLsvqL )sgn( pKyKppyKQ −≈−=      (2) 

where ps is the supply pressure, pL=p1–p2 is the load pressure and coefficients Kq and Kc 

represent the flow gain and flow-pressure coefficient, respectively.  

There are three effects that contribute to the required flow rate QL which are 

contributions due to the volume change QV, due to the compression of oil in the piston 

chamber Qc and due to the leakage around the piston Q1. It is assumed that these effects 

are additive, so we may use this consideration to write the following: 
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where xp is the position of the actuator, Ap is the average cross-sectional area of the 

piston, Vt is the total volume of fluid under compression in both chambers, β is the bulk 

modulus of operating oil and Ktc is the total leakage coefficient of the piston, which 

includes internal and external leakage coefficient.  

The force balance equation for the cylinder is given by: 

 psppLp xkxbxmpA ++= &&&        (4) 

where m is the effective system mass, b is the coefficient of viscous friction, ks is the 

elastic load stiffness.  

Using equations (1)-(4) the block-diagram of the process can be made. The control 

strategy, referred to as hybrid position/force control is shown in Fig. 4. In this control 

technique the errors in the position and force control loops are controlled by two 

independent controllers. The outputs from position and force controllers are summed, 

giving a control signal which is sent to the servo valve to satisfying both the position 

and force reference commands.  
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Figure 4. Hybrid position/force control system 
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Using block-diagram rules, the overall transfer functions are obtained as follows: 
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where tccce KKK +=  is the total flow-pressure coefficient. 

The control concept using an example with fixed gain PD controller for the press 

position control and PID controller with an anti-windup algorithm for the press force 

control is implemented. Eventual conflicts between the two controllers are managed by 

means of two gains Cf and Cp that can be used to determine the priority of regulation 

and contribution of each signal in the total control signal on the valve. 

4. EXPERIMENTAL RESULTS 

Experiments were first made for the regulation of force achieved with the control of the 

cylinder pressure. For the control purposes a pressure transducer installed in the 

cylinder chamber is used. The major drawback of this measuring method is that the 

friction force in a linear hydraulic actuator remains outside of the control loop. Using 

pressure feedback in control algorithm allows us to control the pressure and thus the 

force output from the hydraulic actuator by supplying the control system with a desired 

pressure (force) reference signal. A series of pressure jumps are commanded to the 

actuator in order to test the step response behavior of the press.  

The experimental results presented in Fig. 5 show a very noisy response. Signal analysis 

clearly indicates that the frequency noise is 50 Hz, which leads to the conclusion that 

the noise in measured signal is mainly caused by inadequate hardware protection when 

connecting system to the electricity network. To eliminate unwanted frequency that 

causes noise in the measured signal, a band-rejection (bandstop) filter is included in the 

control program, which passes most frequencies unaltered, but attenuates those in a 

specific range of about 50 Hz to very low levels [7]. The digital filter designed with 

discrete transfer function has the following form: 
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Figure 6 shows the pressure response for a varying step-reference signal and the valve 

control signal when the digital filter was included in the control program. It can be seen 

that the response is now much smoother. The experiment was also made for a sinusoidal 

reference signal and the results are shown in Fig. 7.  

Thereafter, the following experiment was made for the position control of the hydraulic 

press, and the results are shown in Fig. 8. It can be seen that the control system follows 

the reference trajectory with a small error. 

Once these two control schemes had been proven separately, it was then merged 

together into a comprehensive structure, to form the hybrid force/position control 
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strategy. In this structure, the force controller and position controller are realized as two 

separate controllers which enable them to be designed independently in order to 

successfully address both control problems. The force control loop uses a PID controller 

with an anti-windup algorithm, while the position control loop uses a PD controller. The 

fixed gain controllers were tuned manually to give fast and smooth responses to the 

sinusoidal inputs in both position and force control loop. Appropriate controller gains 

were determined to be Kpf = 20, Kif = 2 and Kdf = 0.5 for the force control loop and 

Kpx=120 and Kdx = 0.1 for the position control loop. The force gain is set on the amount 

of Cf = 1.7 and the position gain is Cp = 1.2, and thus determines the contribution to the 

control signal applied to the valve. The experimental results are shown in Fig. 9. 

Figure 10 shows the Simulink with Real Time Workshop (RTW) model used to obtain 

experimental results. RTW generates ANSI C code automatically and enables ‘hardware 

in the loop feature’ that has an ability to execute the Simulink model in real-time using 

an interface card. In this way it is possible to use DAQ inputs and outputs as sources 

and sinks in a Simulink model. By activating the various switches in the developed 

program, it is possible to choose the appropriate operating mode, type of reference 

signal and the form of data storage.  
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Figure 7. Pressure response for sinusoidal reference signal 
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Figure 8. Position response for sinusoidal reference signal 
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Figure 9. Hybrid pressure/position control for sinusoidal reference signal 
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Figure 10. Simulink model for hybrid pressure/position control 

5. CONCLUSION 

Hydraulic circuit and instrumentation of the hydraulic press, simplified modeling of the 

system for computer control, design and implementation of the computer program for 

hybrid position/force control has been presented. The control program has been made in 

Matlab/Simulink while C code has been generated using Real-Time Workshop program 

making possible the realization of a digital control algorithm. The tuned controllers 

derived for the independent force and position schemes have been given satisfactory 

results in terms of trajectory tracking with an acceptable level of control error. It can be 

concluded that modern hydraulic presses offer good performance, efficiency and 

reliability, they are well adapted to different requirements of pressing, which is enabled 

by using modern microprocessor technology, new fast acting valves and digital control 

theory.  
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ABSTRACT 

The goal of this paper is to study the operation of the data analysis process in a forklift 

with self-inflicted fault situations which are internal leakage of the lifting cylinder and 

valve delays. Extending and retracting strokes of lifting cylinder were chosen as 

sequences and part of them is finally used in data analysis. The individual sequences 

which are suitable for use in data analysis can be separated from the practical driving 

situations on the basis of the speed and direction information contained by the control 

signals. The Self-Organizing Map (SOM) with unsupervised learning is used to classify 

measurement data. On the first level, the so called fault-detection map is used and the 

fault detection is based on the quantization error method. The categorization method is 

used on the second level to define specific faults and their levels. The quality of the 

state recognition will be showed from both levels. Before classification feature 

extraction is performed to extract relevant and discriminating information from the 

measurement data and to reduce data dimensionality. The extracted features are then 

used for training and testing the SOM. Feature extraction methods used is wavelet 

analysis. 

KEYWORDS: Data analysis, Self-Organizing Maps, wavelet analysis, water 

hydraulics, forklift 

1. INTRODUCTION 

Chancing work sequences and operation environment makes the condition monitoring 

of mobile work machines more challenging compared with industrial systems. This sets 

special demands in regard to the analysis of the data measured from the machine during 

operation. In this study a forklift, reach stacker [1], is used as a research platform where 

the oil hydraulic components from the work hydraulics of the forklift have been 

replaced with water hydraulic ones [2, 3]. The studied data analysis methods, which 

have been previously tested in laboratory systems [4, 5], were implemented as an 
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automated process to a forklift and tested in actual use. The test platform is shown in 

Figure 1.  

 

1

2 4

3

 

Figure 1. Used research platform (forklift). Numbered items in picture: (1) control 

valves, (2) lifting cylinder, (3) control and measurement system (new), (4) 

control joysticks. 

Here the main focus in data analysis is in lifting movement. The water hydraulic 

components are not designed for this kind of mobile machine, which sets special 

requirements for the condition monitoring of such a system. The role of condition 

monitoring in general is emphasized with water hydraulic components and systems 

because of problems caused by the pressure medium. One difficulty with water 

hydraulic components is the wear and corrosion of the components if the water in the 

system is not clean, and the sticking of the valves and other components. There are only 

a few earlier studies where the possibilities of using water hydraulics in mobile 

machines have been studied [2, 3, 6, 7, 8, 9]. The research field is important because by 

using water as a pressure medium in hydraulics many benefits can be achieved with 

relation to oil hydraulics. These are, for example, cost of pressure medium, availability 

and recyclability [10]. 

2. STRUCTURE OF THE SYSTEM AND MONITORED COMPONENTS 

The operation of the studied data analysis methods is tested in the forklift with self-

inflicted fault situations. Internal leakage of the lifting cylinder, which was studied in 

[4, 5], is now studied to demonstrate the operation of the data analysis method in an 

actual work machine, which is a more challenging environment. 
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The leakage between the annulus and piston sides of the cylinder was created here by 

opening a bleed valve between the actuator ports. The leakage levels used in this study 

were determined by the maximum leakage value of the driven sequence. These levels 

were adjusted approximately to 0.5/1.0/2.0 l/min to both directions using a flow meter. 

Besides the internal leakage of the lifting cylinder, valve delays were also used to 

simulate the impaired dynamics of the valves, which can be caused, for example, by the 

valves sticking. It should still be mentioned that these delays do not inclusively describe 

the phenomenon of the valve sticking. Programmable valve delays of 100 ms, 200 ms 

and 300 ms were used. 

An axial displacement pump with maximum delivery of 34 l/min (1500 rpm) was used 

in the system and the size of the double-acting lifting cylinder was 63/40-1000. The 

studied water hydraulic cylinder was similar to that used in [4], but a bigger size. In the 

lifting movement a 4/3-on/off valve was used to choose the direction of the movement 

and a flow control valve was used to control the speed of the lifting movement. A pilot 

operated check valve was used to hold the load in place when the lifting movement is 

not operated because the 4/3-on/off valve has an open center position and the flow 

control valve is not leak-proof. The supply pressure in these tests was 90 bar. No 

additional load was used in testing, but the weight of the forks was 101 kg, and the 

sledge, which slides between the masts, was 93.5 kg. More detailed information about 

the forklift is given in [2]. The lift movement is actuated by an operator, who controls 

the work movements with potentiometer joysticks. An example of cylinder position and 

control signal from extending and retracting strokes in normal situation is shown in 

Figure 2. The control system used to control the valves has been replaced with a new 

one and the same system was also used for the measurements [11].  

Pressure sensors were used to measure the pressure, in normal and different fault 

situations, from the actuator ports A and B during the extending and retracting strokes 

of the cylinder. The hydraulic circuit of the forklift and location of the pressure sensors 

are shown in Figure 3. Other sensors shown in Figure 3 were not used here for data 

analysis. 
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Figure 2. Example of cylinder position and control signal from extending and 

retracting strokes in normal situation. 
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Figure 3. Hydraulic circuit of work hydraulics of forklift. 

108



3. MEASURED DATA FOR ANALYSIS 

In the forklift, the variables that were used in the data analysis are pressures A and B 

from the actuator ports. Data were taken from the beginning of the sequence and after 

the control signal of the lifting movement has been cut off. One training vector includes 

the values of the extracted features of pressure A and pressure B. Each time the 

sequence is driven it is decided whether the sequence is accepted for data analysis. The 

forklift was operated in normal and two fault situations in the extending and retracting 

strokes. Starting and stopping of the sequence measurements, which were used in data 

analysis, was carried out manually. Otherwise the data analysis process was automated. 

There were seven different system states to measure, namely the normal state, three 

cylinder leakage levels and three valve delay levels. The same sequence was measured 

20 times in each case. One half was used in training and the other half in testing. The 

measurement frequency is 100 Hz.  

In the choice of data to be analyzed a noteworthy point is the appearance of the effects 

of different faults at different stages of the driving sequences in the measurement data. 

On the basis of earlier research results [4, 5] it has been noticed that the biggest effects 

of different fault situations will be at the transient stages of the system in which the 

changes in the pressure and volume flows are at their biggest. After the transient stage, 

the effect of fault situations on the measurement results disappears or at least decreases 

significantly. Thus, an attempt was made to reduce the amount of data to be analyzed by 

directing the analysis only to that part of the measuring data in which the deviations can 

be detected to be the clearest. Therefore, 50 measurement points from the beginning of 

the sequence and 50 points after the control signal of the lifting movement has been cut 

off were taken into data analysis. In Figure 4 the pressure signals are composed of 50 

points of the beginning of pressure A, 50 points of pressure A after the control signal of 

the lifting movement has been cut off, 50 points of the beginning of pressure B, and 50 

points of pressure B after the control signal of the lifting movement has been cut off. 

Figure 4 shows examples of the pressure measurements in normal and fault situations. 

Here, all the measurements are shown that were used in training. As can be seen from 

the figure, there is a lot of overlap in the measurements between different states. There 

are different reasons for this, but the biggest is that there were variations in the rotation 

speed of the pump between different instances of use and this caused a lot of variations 

between different measurement times. In this development version of the research 

platform the rotation speed of the pump is not measured so that it could be used in the 

data analysis, and the magnitude of the fluctuation was not discovered until the final 

stage of the research. Otherwise it could be instrumented and used also in the data 

analysis, and in such a way that the effect of fluctuation could be eliminated. Also the 

mechanical structure of the lift, especially the sledge between the masts, has an 

influence on the measurement results, mainly because of changing friction situations, 

which also apply to water hydraulic cylinders. Besides all these, the frequency 

converters of the forklift cause intensive interference on the measurement. Taking 

everything into consideration, the data analysis of this kind of system is much more 

challenging than the test systems shown in the earlier section. 
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Figure 4. Examples of measured pressures A and B in normal and fault situations. 

N is normal and L1 to L3 are different fault levels. 

3.1. Sequence recognition 

At the training stage of the neural network it is usually easy to make predetermined 

work movements and to direct the data analysis and teaching measures only to data 

which is collected in this way. However, after the training stage the work machine will 

be run in the sequences determined by its operating situation, in which case the 

measurement data are obtained from previously undefined driving situations. It should 

be possible to separate situations which appear occasionally and correspond to the 

training data, in other words certain driving sequences that have been defined in 

advance. The definition and identification of driving sequences are important because 

the system, and the measurement data which is obtained from it, behave naturally in a 

quite different way in different driving situations, and especially when it is a question of 

separate operators. It is proposed that the individual sequences which are suitable for 

use in data analysis can be separated from the practical driving situations on the basis of 

the speed and direction information contained by the control signals. The control signals 

acceptable to the data analysis can be filtered from other data by setting certain limit 

values for the rise, decay and duration times, and the magnitude of the control signal. 

Also a certain range is defined for change in the control signal after it reaches maximum 

control signal. This way it is ensured that the data which is used for analysis is from a 

driving sequence which corresponds to the training situation with a certain accuracy. In 

this study continuous extending and retracting strokes were chosen as sequences and 

parts of them are finally used in the data analysis. The idea of the limit values of 
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sequence recognition is shown in Figure 5. Data are retrieved to analysis from the 

database where the data are recorded during the test drives and the analysis is made 

right after a sequence was driven. In the beginning of the analysis it is checked as to 

whether there are data in the database for the analysis. After this the next sequence is 

searched for from the measurement data, and if the sequence is acceptable according the 

predefined limits, then the chosen parts of this sequence is analyzed.  
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Figure 5. Idea of limit values of control signal in sequence recognition. 

Table 1 shows the chosen values for the rise, decay and duration times and the 

magnitude of the control signal. The limit values were chosen on the basis of the test 

drives, where several sequences were recorded and examined to find as tight values as 

possible for the behavior of the control signal so that it will be possible to perform the 

controls in question manually through the joysticks. In these test drives the controller 

joystick was quickly turned to its extreme position. This causes the rejection of several 

sequences in real applications, but most valuable information is achieved from these 

kinds of sequences. 

Table 1. Chosen limit values of control signal in sequence recognition. 

 
Rise time Decay time Duration Magnitude Range 

Extending stroke 200ms 200ms 1000ms 100 % 10 % 

Retracting stroke 200ms 200ms 1000ms 100 % 10 % 

4. FEATURE EXTRACTION AND SELECTION OF THE MEASUREMENT DATA 

Before classification feature extraction is performed to extract relevant and 

discriminating information from the measurement data and to reduce data 

dimensionality. The extracted features are then used for training and testing the SOM.  

Based on the results of the previous tests [4, 5], wavelet analysis was chosen as feature 

extraction method to be used in this test platform. In wavelet analysis, level 5 discrete 

wavelet transform were used in extracting approximation coefficients in the case of the 

pressure signal. In the extending and retracting strokes 9 coefficients were extracted 
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from the merged signals of pressure A and B, altogether 200 points, so 9 values form 

one training vector. 

5. CLASSIFICATION RESULTS OF THE SYSTEM STATE 

Different system states, normal and 6 fault states, were classified using extracted 

information from the pressure signals separately in the extending and retracting strokes.  

On the first level, the so called fault-detection map is used and the fault detection is 

based on the quantization error method. In the quantization error method only data from 

the normal situation of the system is used in training and the operation is based on the 

distance calculation between the best-matching unit (BMU) and input vector. Map units 

which are hit during the training are labeled after it as a normal situation. The term hit 

means that a neuron in the map has been chosen, at least once, as a BMU in the training 

phase. After this a certain threshold is set which determines the greatest distance on 

which recognition occurs. So when the network is tested the distances between sample 

vectors from the testing data and all the weight vectors of the SOM are calculated. If the 

minimum distance is bigger than the threshold value set beforehand, then this sample 

vector is treated as a new event. 

After new events have been detected and proved to be fault situations these can also be 

trained to the SOM. Then these fault situations can be identified in the future using the 

SOM as a categorizer which uses data from the normal and the fault situations in the 

training phase. Thus the categorization method is used on the second level to define 

specific faults and their levels. In this method, data is clustered to certain areas in the 

neuron layer and semantic labels can be attached to certain units of the topological map, 

after training the map, which correspond the state that has the most hits at specific 

neuron. 

On the first level, 10 sequences from the normal situation were used in the training and 

10 sequences from each system state in testing. It should also be noticed here that 10 

sequences were used in testing in each case, but not all of them passed the sequence 

recognition phase. This was because of too high rise or decay times, when there are less 

than 10 sequences in the actual data analysis. 

On the first level two different maps were trained. One was for extending strokes and 

the other for retracting strokes. The number of map units in both maps is 5 x 3. The 

thresholds in testing are 0.7 and 0.84.  Table 2 presents the quality of the state 

recognition on the first level in the case of the extending and retracting strokes. From 

the results it can be seen in general that normal state and high fault levels are detected 

quite well. Most of the smaller levels of faults are classified as normal states because the 

difference between this small fault level and normal state is so small. Exceptions are the 

sequences of leakage level 1 in the extending stroke, of which almost all are detected 

correctly. 
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Table 2. Quality of state recognition on the first level in case of extending and 

retracting strokes. N is normal, ND is not defined, L1 to L3 are different 

leakage levels of cylinder and D1 to D3 are different delay levels of valve. 

Dark grey areas are classified correctly. 

  
Detected state of the system 

  
Extending Retracting 

State N ND N ND 

N 8 1 7 3 

C
y
li

n
d
er

 
L1 2 8 8 2 

L2 0 9 5 5 

L3 0 9 1 9 

V
al

v
e D1 7 3 4 6 

D2 4 6 0 10 

D3 0 10 0 10 

 

The threshold for extending and retracting strokes is a sensitive parameter because small 

fault levels are so close to normal state that the threshold had to be defined so that 

smaller fault levels would be detected as normal states. Also deviations in the 

measurements are a partial cause of this matter. It was noticed during testing that when 

the level of the fault goes higher, the distance increases, which clearly shows the 

increase in fault level.  Figure 6 shows the distance between the BMU and the input 

vectors for the extending and retracting strokes. From Figure 6 the increase in fault level 

and deviations between different sequences can be seen. 
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Figure 6. BMU distances from extending and retracting strokes. Thresholds are in 

extending stroke 0.7 and in retracting stroke 0.84. Sequences are in order 

normal, levels 1, 2 and 3 of fault 1, and levels 1, 2 and 3 of fault 2. See Table 2. 

The second level was divided into two parts. The faults were first defined, and after that 

their levels. The sequences which minimum distance was bigger than the threshold 

value on the first level are classified on the second level as different faults and 

furthermore different fault levels. On the second level 10 sequences from each system 

state besides the normal state were used in the training. 
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In the first part on the second level, the number of map units in the extending strokes is 

8 x 5, and in the retracting stroke 11 x 4.  Table 3 presents the classification results of 

the specific fault situations. The faults were detected quite well. Normal state has also 

been shown here because some of the sequences from normal state were classified as 

not defined on the first level. Table 3 shows which sequences classified other than 

normal states on the first level were identified here as fault states. 

Table 3. Quality of state recognition on the first part of the second level in case of 

extending stroke. N is normal, ND is not defined, L1 to L3 are different 

leakage levels of cylinder and D1 to D3 are different delay levels of valve. 

Dark grey areas are correct states. 

 

Detected state of the system 

 

Extending Retracting 

State N L D ND N L D ND 

N 8 0 1 0 7 0 2 1 

L1 2 8 0 0 8 2 0 0 

L2 0 9 0 0 5 3 0 1 

L3 0 8 0 1 1 8 0 1 

D1 7 0 3 0 4 0 6 0 

D2 4 0 6 0 0 0 7 2 

D3 0 0 9 1 0 0 6 4 

 

On the second part on the second level, four different maps were used because there 

were two different faults. The number of map units in the extending strokes with levels 

of fault 1 and 4 are 5 x 2, and in the retracting stroke 3 x 3. The sizes of the maps in 

relation to the amount of training data are smaller here than on the first level and on the 

first part of the second level which defines the fault. Better results were obtained with 

these smaller maps. 

Tables 4 and 5 present the classification results of the levels of the fault situations. The 

levels of the faults are not recognized as well as the specific faults which could be 

predicted from the overlapping of the fault levels in the measurements. The biggest 

problems are in the low levels of cylinder leakage in the retracting stroke. In general, 

higher fault levels are better detected correctly, but there are also some exceptions such 

as level 1 of cylinder leakage in the extending stroke, which is better detected as levels 

2 and 3. 

Figure 7 shows the distribution of neurons according to the state. On the second part of 

the second level in the retracting stroke in the map which describes the levels of fault 1, 

none of the neurons are labeled as fault level 1. This is because level 1 and level 2 are so 

similar that hits during training are in the same neuron and the neurons are labeled 

according to the highest number of hits per state. A bigger map could be used, but when 

it was tested the quality of the state recognition with bigger levels of faults was lower. 

Due to this, level 1 is always classified as a higher level. Quite a lot of dispersion can be 

noticed from the maps, especially in the fault level maps. Also, on the first part of the 

second level fault 2 is located in three different parts. 
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Table 4. Quality of state recognition on the second part of the second level in case of 

extending stroke. N is normal, L1 to L3 are different leakage levels of cylinder 

and D1 to D3 are different delay levels of valve. NDF is not a defined fault 

and NDFL is not a defined fault level.  Dark grey areas are correct states. 

Light grey areas are correct faults but level is wrong. 

  
Detected state of the system 

  
Extending 

State N L1 L2 L3 D1 D2 D3 NDF NDFL 

N 8 0 0 0 1 0 0 0 0 

C
y
li

n
d
er

 

L1 2 7 0 1 0 0 0 0 0 

L2 0 3 2 4 0 0 0 0 0 

L3 0 2 0 6 0 0 0 1 0 

V
al

v
e D1 7 0 0 0 3 0 0 0 0 

D2 4 0 0 0 1 2 3 0 0 

D3 0 0 0 0 1 1 6 1 1 

 

Table 5. Quality of state recognition on the second part of the second level in case of 

retracting stroke. N is normal, L1 to L3 are different leakage levels of 

cylinder and D1 to D3 are different delay levels of valve. NDF is not a 

defined fault and NDFL is not a defined fault level.  Dark grey areas are 

correct states. Light grey areas are correct faults but level is wrong. 

  
Detected state of the system 

  
Retracting 

State N L1 L2 L3 D1 D2 D3 NDF NDFL 

N 7 0 0 0 2 0 0 1 0 

C
y
li

n
d
er

 

L1 8 0 0 0 0 0 0 0 2 

L2 5 0 0 3 2 0 0 1 1 

L3 1 0 1 7 0 0 0 1 0 

V
al

v
e D1 4 0 0 0 5 1 0 0 0 

D2 0 0 0 0 4 3 0 2 0 

D3 0 0 0 0 0 0 6 4 0 
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Figure 7. Distribution of neurons according to the state of the system: a) 

extending: first level, b) extending: first part of the second level, c) extending: 

second part of the second level (fault 1), d) extending: second part of the second 

level (fault 2), e) retracting: first level, f) retracting: first part of the second 

level, g) retracting: second part of the second level (fault 1), h) retracting: 

second part of the second level (fault 2). 

6. CONCLUSIONS 

The main goal if this research was study the operation of the data analysis process in an 

actual work machine. After testing the studied data analysis methods in laboratory 

systems [4, 5], these were implemented as an automated process to a forklift and tested 

in actual use. A forklift was used as a research platform to test the studied data analysis 

methods since it was doubt that this kind of environment would be more challenging in 

regard to the performance of the data analysis. This estimation was found to be true 

especially in state recognition concerning the specific faults and levels of different 

faults, but it cannot be generalized to all machine systems due to the special 

characteristics of the machine. The result of the analysis on the first level was good, 

which means that deviations from the normal state were detected well. However, there 

were some problems with small levels of faults. In practical applications this would 
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mean that a fault can be reliably detected after it exceeds a certain level, which needs to 

be determined for each case. 

The results obtained here regarding internal cylinder leakage are not as good as with test 

system in [4], but this is mainly because of a bigger cylinder. In addition, the results 

were affected by variation in the rotation speed of the pump between different instances 

of use, changing the friction behavior of the mast structure and interferences in 

measurements. However, it needs to be mentioned that the overall results regarding 

retracting strokes were substantially lower than in extending strokes. No specific reason 

for this, in addition to what is listed above, was found. The results also show that the 

dynamics of valves can also be monitored using this kind of system. However, if 

smaller delays need to be detected then the responses of the spool, etc. need to be 

monitored. To raise the level of the results, better measurements would still be needed 

but the overall performance of the data analysis methods proved to be good.     

The first level in the classification process using SOMs is the most important in the 

actual system. After that comes the first part of the second level, where a specific 

component or system part is detected. Finally, there is the second part of the second 

level, which defines the level of the fault.  The rate of change in the fault level tells how 

fast the level of the fault is increasing and how long the system can still be used.  

There are different ways to influence to the final quality of the state recognition. In this 

study the main effort was in the following areas, which were tested and manually 

optimized: 

 Number of points taken from the beginning of the sequence and after the control 

signal has been cut off 

 Size of the maps of the SOM 

 Threshold value on the first level of the SOM 

 Wavelet transform level 

Sequence recognition based on a limit of values of the control signal was proposed here 

to select appropriate sequences to be used in data analysis, which would be comparable 

to the ones that have been used in the training phase. This kind of approach was proved 

suitable for use with work machines where the working cycles change frequently, unlike 

in some industrial systems. As an alternative to this kind of approach, test sequences 

could be specified and driven, for example, in the beginning of the working day when 

the machine is started. This way the initial state of machine could be identified, and 

after the working day the same thing. In that case, the productivity of the machines 

would not decrease because of the monitoring. During work tasks these kinds of 

interruptions are not desirable. Also different repetitive work scenarios, other than 

presented in this study, can be specified for different machines. 
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ABSTRACT 

The accurate prediction of the dynamic behaviour of hydraulic components under actual 

operating conditions is of paramount importance in the design and optimization process. 

The capability of addressing the influence of the component working point on the 

response and interaction with the actuation system enables to develop the hydraulic 

system in order to obtain the best performance. Furthermore, these phenomena are 

significantly affected by the type of the working fluid. In particular, the component 

behaviour varies considerably in case the operating fluid is Newtonian or non – 

Newtonian. 

The multidimensional fluid-dynamics analysis is an important tool for investigating the 

performance of hydraulic components under transient operations and working with 

different types of fluids. Nevertheless, the fully transient CFD approaches are not yet 

well established in the analysis of fluid power systems especially when considering the 

relative motion of the components and the employment of non Newtonian fluids. 

In this paper the flow through a control directional valve is studied by means of a CFD 

analysis under transient operating conditions. The mesh motion is resolved on a time 

basis as a function of the external actuation system. In the analysis, an open source 

fluid-dynamics code is used and both cavitation and turbulence are accounted for in the 

modelling. 

Moreover, the numerical model of the working fluid is modified in order to account also 

for the non – Newtonian fluids. The effects of the shear rate on the shear stress are 

accounted for both by using experimental measurements and correlations available in 

literature, such as the Herschel – Bulkley model.  

The analysis determines the performance of the control directional valve under different 

operating conditions when using either Newtonian or non – Newtonian fluids. In 

particular, the discharge coefficient, the recirculating regions, the flow acceleration 

angle and the pressure and velocity fields are investigated. 

KEYWORDS: CFD, hydraulic valve, transient analysis, moving mesh, non-Newtonian 

fluid 
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1. INTRODUCTION 

Numerical analysis is gaining an important role in the design of hydraulic components 

and systems. The investigation of the flow through the metering section of hydraulic 

components plays a fundamental role in the design and optimization processes. In 

particular, multidimensional simulation is increasingly applied to the investigation of 

the fluid dynamics behaviour of hydraulic component in order to broaden and complete 

the experimental campaigns. Nevertheless, in order to obtain a sufficient accuracy of the 

numerical results, particular care must be devoted to the operating conditions used in 

the simulation. In fact, the flow phenomena characterizing the hydraulic components are 

highly time dependent, while in the CFD analysis the conditions are generally 

approximated to steady state. 

Many examples of CFD applications to hydraulic systems and component analysis are 

available. In [1-3] the CFD analysis was used to study the flow field and the flow-

induced forces in hydraulic valves, as well as in [4-7] theoretical approaches and 

experimental investigations have been compared to CFD predictions for the hydraulic 

valves design and optimization. 

This paper focuses on the development and the tailoring of an open source 

multidimensional CFD code to the analysis of the internal flow-field in hydraulic 

components. In this paper the metering characteristics of a control valve a load – 

sensing control system are investigated using the numerical simulation. A fully transient 

approach is used in the analysis; in particular, both the boundary conditions and the 

moving geometry are accounted for, therefore, the boundary conditions as well as the 

spool position, and thus the CFD domain grid, are function of time in the numerical 

simulations. Furthermore, two different types of fluid are considered in the analysis. 

First a standard hydraulic oil is used in the simulation and it is assumed as Newtonian 

fluid; afterward, a non-Newtonian fluid is accounted for, since the control valve can be 

used for applications to viscoelastic fluid. 

The open source OpenFOAM [8], code is applied to predict the flow through the 

metering edge of the control valve under different operating conditions. The numerical 

simulations are carried out assuming incompressible flow, and therefore physical 

phenomena such as cavitation and gas absorption are neglected. 

The hydraulic valve performance is addressed in terms of overall discharge coefficient, 

the recirculating regions, the flow acceleration angle and the pressure and velocity fields 

as well as the flow forces on the spool are investigated and confronted. 

2 NUMERICAL MODEL 

2.1 The studied control valve 

The control valve studied in this paper is included in a electro-hydraulic load-sensing 

proportional control system, usually adopted in multi-slice blocks to control parallel 

actuations of industrial, agricultural and earthmoving applications. Furthermore, the 

component can be used in industrial applications where non-Newtonian fluids are 

employed. 

Figure 1 depicts the geometry of the valve analyzed. The inlet and outlet regions are 

outlined, as well as the coordinate system used in the paper for describing the results in 

the following. 
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Figure 1: Geometry of the control valve analyzed. 

2.2 The numerical analysis 

The CFD analysis of the pressure compensator for a load – sensing system is carried out 

by means of the open source computational fluid dynamics code OpenFOAM. Bounded 

central differencing is used for the discretization of the momentum, second-order 

upwind for subgrid kinetic energy. Pressure–velocity coupling is achieved via a PISO 

(Pressure Implicit Splitting of Operator algorithm) algorithm. The second-order implicit 

method is used for time integration scheme. 

The numerical simulations are carried out assuming incompressible flow, and therefore 

physical phenomena such as cavitation and gas absorption are neglected. The effects of 

turbulence are included in the analysis by means of a two equation approach using the 

k-ω SST model. 

The CFD domain is plotted in Figure 2. Due to the symmetry of both the geometry and 

the boundary conditions it was possible to simulate only half of the real geometry using 

symmetry plane boundary conditions. 

 

Figure 2: a) Grid of the CFD domain and b) zoomed view of the metering section. 

The mesh is created using an unstructured grid made mostly of hexahedra; the average 

mesh resolution is set to 0.1 mm with local refinement down to 0.01 mm close to the 

metering edge and in the spool volume. Moreover, wall cell layers are employed in 
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order to have the proper wall cell height accordingly to the adopted turbulence model. 

The grid resolution was the best tradeoff between results’ accuracy and computational 

effort. 

In this paper the numerical analysis of the control valve was carried out by means of a 

fully transient approach. In the simulations, the valve is actually moving as a function of 

time during the calculation. In order to realize the mesh motion of the spool, the mesh 

changer libraries of the OpenFOAM code were modified to account for the linear 

motion of a portion of the geometry sliding over a second portion. The mesh motion 

was resolved by using a Generalized Grid Interface (GGI) approach [9], originally 

developed for turbomachinery applications and modified to include not only rotational 

motion of the moving grid but also the linear displacement of a valve spool. The spool 

was moved accordingly to the curves depicted in Fig. 3. Two different actuations were 

considered in the analysis. A slow actuation that moves the spool from the closed 

position to the maximum displacement, then the spool holds in the maximum opening 

position for approximately 2 s and moves back to the complete closure. The total period 

of time is 5.36 s. In the fast actuation the same displacement profile is used, but the total 

period of time elapsed during the actuation is one tenth of the slow actuation one. The 

spool trajectory simulates a PWM control applied to the spool motion. 

 

Figure 3: PWM control applied to the spool motion: a) slow actuation, b) fast 

actuation. 

The control valve was tested under several operating conditions. First, the pressure drop 

across the valve was held constant and equal to the average pressure drop measured 

experimentally. Second, the pressure drop was modified accordingly to the measured 

flow rate through the hydraulic component, see Fig. 4. In each case, the slow actuation 

and fast actuation were simulated. Finally the mentioned boundary conditions were used 

for testing the hydraulic component behaviour when operating with a non-Newtonian 

fluid. Table 1 lists the simulated cases, detailing the boundary conditions adopted in the 

simulations. In order to simulate the non-Newtonian fluid the viscosity model based on 

the Herschel-Bulkley correlation was used. In fact, this model demonstrated to have the 

best agreement with the rheological measurements carried out on the real fluid. In the 

Herschel-Bulkley correlation the following parameters were used: 

 nk   0  (1) 

 
85.0;76.0;01.10  nk
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Figure 4: Measured flow rate through the control valve. 

 

Table 1: Boundary conditions used for the different simulated cases. 

 Operating fluid Boundary conditions Actuation 

Case #1 Newtonian Constant pressure 

drop (Δp=6 bar) 

Slow 

(Fig. 3 a) 

Case #2 Newtonian Constant pressure 

drop (Δp=6 bar) 

Fast 

(Fig. 3 b) 

Case #3 Newtonian Measured flow rate 

(Fig. 4) 

Slow 

(Fig. 3 a) 

Case #4 Newtonian Measured flow rate 

(Fig. 4) 

Fast 

(Fig. 3 b) 

Case #5 Non-Newtonian Constant pressure 

drop (Δp=6 bar) 

Slow 

(Fig. 3 a) 

Case #6 Non-Newtonian Constant pressure 

drop (Δp=6 bar) 

Fast 

(Fig. 3 b) 

Case #7 Non-Newtonian Measured flow rate 

(Fig. 4) 

Slow 

(Fig. 3 a) 

Case #8 Non-Newtonian Measured flow rate 

(Fig. 4) 

Fast 

(Fig. 3 b) 

 

3 RESULTS 

The results of the numerical analysis of the control valve for a load-sensing system are 

discussed in terms of discharge coefficients, pressure and velocity fields, flow 
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acceleration angles and flow forces acting on the spool walls. In particular, a 

comparison between the effects on the hydraulic component behaviour in case of slow 

and fast actuation is carried out. Moreover, the influence of the non-Newtonian 

operating fluid on the valve performance is depicted. 

First, for all the simulated cases detailed in Table 1 a preliminary steady state analysis is 

carried out in order to initialize the flow at the first time step of the transient simulation. 

This procedure is necessary to obtained accurate results also for the initial phase of the 

moving spool calculation, otherwise the first part of the dynamic analysis would lead to 

non realistic results due to the stabilizing flow field. Fig. 5 shows the convergence of 

the flow rate at the outlet boundary for case # 1. The converged steady state flow fields 

is therefore used as initial condition for the transient simulation. 

 

Figure 5: Convergence of the preliminary steady state simulation in terms of flow rate 

at the outlet boundary (CASE # 1). 

Fig. 6 shows the results of the transient simulations in terms of discharge coefficients 

calculated on the basis of the total pressure drop across the valve. In Fig. 6 a) the results 

regarding the constant pressure drop calculations are summarized. It can be noticed that 

during the opening travel and the period of time when the spool is fully open the slow 

actuation is characterized by larger discharge coefficients. This behaviour is more 

evident for the case in which a non-Newtonian operating fluid is adopted. The 

difference in terms of permeability between the two actuation reaches values up to 25% 

just after the opening travel for case # 5 and # 6. This behaviour is due to the inertia 

effects of the flow that can be exploited in case of the slow actuation. Even though the 

metering area is not increasing due to the stand by phase of the spool motion, the inertia 

of the fluid contributes to increase the flow rate through the notch. In the fast actuation 

the stand by phase is too short for taking advantage of this phenomenon. This effect is 

more evident for high viscous flows as in cases # 5 and 6. 

a) b) 

Figure 6: Discharge coefficients as a function of the spool displacement for the 

simulations with a) constant pressure drop across the valve and b) measured 

inlet flow rate. 
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a) b) 

Figure 7: Discharge coefficients as a function of the square root of the Reynolds 

number for the simulations with constant pressure drop across the valve in case of a) 

Newtonian and b) non-Newtonian operating fluid. 

 

Figure 8: Pressure and velocity flow fields for different spool positions: a) CASE # 1 

and b) CASE # 2. 
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Fig. 7 shows the results in terms of discharge coefficients as a function of the square 

root of the Reynolds number for the constant pressure drop cases. In particular the 

behaviours obtained by the slow and fast actuation for the two considered operating 

fluids are compared. Furthermore, the Figure outlines the discharge coefficients that 

characterize the opening and closure travels. As mentioned before, the slow actuation 

enables larger discharge coefficient, in particularly during the stand by phase of the 

spool motion; similarly, during the closure travel the valve permeability demonstrated 

to be larger than during the opening travel. This behaviour is again due to the inertia 

effects that contribute to increase the flow rate during the reduction of the metering 

area, while during the opening phase the acceleration of the flow is retarded with 

respect to the increasing metering section. In fact, the difference between the opening 

and closure phases is enhanced when adopting the fast actuation. 

 

 
Figure 9: Pressure and kinematic viscosity flow fields for different spool positions: a) 

CASE # 5 and b) CASE # 6. 
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Figs. 8 and 9 shows the results in terms of pressure, velocity and viscosity flow fields 

for different spool positions in the constant pressure drop cases. The results are plotted 

on a cut section through the first and third notches and on a cut plane through the outlet 

port axis. It is interesting to notice that when comparing the slow and the fast actuation, 

the former is characterized by larger values of pressure downstream the metering 

section. This result confirms what has been evidenced in terms of discharge coefficients. 

In Fig. 9 the contour plot of the viscosity is depicted for the cases employing the non-

Newtonian fluid. The viscosity of the fluid demonstrated to decrease significantly, i.e. 

approximately by the half, through the metering area due to the flow acceleration and 

thus to the increase of the sheer stress. 

Fig. 10 a) depicts the reference coordinate system used for calculating the acceleration 

of the flow through the metering section of each notch. The reference axis is taken 

orthogonally to the metering area of each notch pointing outward from the spool. The 

efflux angle varies significantly with the distance from the notch metering area, see 

Fig. 10 b). In particular, it increases while moving far from the metering section, i.e. 

approximately by the 25%; this behaviour is likely due to effect of the edge of the outlet 

region located in front of the metering area; thus, the edge bends the flow at the spool 

exit increasing the acceleration angle. In the following, the considered efflux angles are 

referring to the reference plane at 0.5 mm from the notch exit, since the values for this 

plane are representative of the average behaviour. 

In Fig. 11 the acceleration angle for all the simulated cases are plotted as a function of 

the spool displacement. The values obtained for the four different notches are included. 

It can be seen that the efflux angle increases during the opening travel of the spool, 

fluctuates slightly during the stand by phase and decreases during the closure travel. 

Nevertheless, the efflux angles that characterize the closure phase are always slightly 

larger than the ones obtained for the opening travel. In fact, during the spool closure, the 

motion is opposing to the flow direction creating larger recirculation regions 

downstream the metering area that tend to increase the acceleration angle. 

No significant differences were outlined when comparing the efflux angles obtained for 

the slow and fast actuation in case of Newtonian fluid. Conversely, when the non-

Newtonian fluid is employed the flow acceleration angle resulted to be remarkably 

lower during the opening phase of the fast actuation, while it demonstrated to 

comparable during the closure travel. The difference is due to the kinematic viscosity 

behaviour; the value of the viscosity remains slightly larger during the opening travel of 

the fast actuation profile leading to a more evident coanda effect with respect to the 

walls in the notch outlet region. 

a) b) 

Figure 10: a) Reference coordinate system used for the efflux angle calculations and b) 

efflux angle as a function of spool displacement for the different considered planes 

(notch #1, CASE # 1). 
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a) b) 

c) d) 

e) f) 

g) h) 

Figure 11: Efflux angle as a function of the spool displacement for the different 

simulated cases: a) CASE # 1, b) CASE # 2, c) CASE # 3, d) CASE # 4, e) CASE # 5, f) 

CASE # 6, g) CASE # 7, h) CASE # 8. 

Fig. 12 details the flow forces calculated for all the simulated cases. The flow force in 

the x direction is acting parallel to the spool motion and it opposes or enhances the 

actuation accordingly to its sign (positive axial force is opposing to the spool motion). 

The radial forces are defined accordingly to the global coordinate system as depicted in 

Fig. 1. As far as the axial force is concerned, the value results to be quite similar during 

the entire spool motion; nevertheless, during the opening and closure travels small 

oscillations appear. Moreover, the difference between the slow and fast actuation in 
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terms of axial force demonstrates to be remarkably small, even though in the case  of 

the fast actuation the oscillations during the opening and closure phases are more 

evident, in particular for the closure travel. 

The radial forces, demonstrates to be definitely smaller than the axial one; nonetheless, 

the force in the z direction approaches the values of the axial force during the last part 

of the closure phase. 

a) b) 

c) d) 

Figure 12: Flow forces as a function of the spool displacement for the different 

simulated cases: a) CASE # 1 and # 2, b) CASE # 3 and # 4, c) CASE # 5 and # 6, and 

d) CASE # 7 and # 8. 

4. CONCLUSION 

In this paper the metering characteristics of a control valve for a load – sensing control 

system have been simulated by using a fully transient approach, including both the 

dynamic boundary conditions and the moving grid due to the spool motion. In the 

simulations a standard oil has been considered as operating fluid as well as the non-

Newtonian fluid. The dependency of the viscosity on the sheer stress gradient has been 

accounted for by means of the Herschel-Bulkley correlation. Furthermore, a slow and a 

fast actuation for the spool motion were simulated and compared. 

The numerical results demonstrated that during the opening travel and the period of 

time when the spool is fully open the slow actuation was characterized by larger 

discharge coefficients than the fast actuation; the difference resulted to be more 

remarkable when employing a non-Newtonian fluid. This behaviour is likely due to the 

inertia effects of the flow that can be exploited in case of the slow actuation, while in 

the fast actuation the time becomes too short to take advantage of the inertia. 

Furthermore, during the spool closure travel, the valve permeability demonstrated to be 

larger than during the opening travel. 

The efflux angle resulted to increase during the opening travel of the spool, to be quite 

stable during the stand by phase and to decrease during the closure travel. Nevertheless, 

the efflux angles that characterize the closure phase were calculated to be always 
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slightly larger than the ones obtained for the opening travel. The acceleration angle 

proved to be scarcely influenced by the actuation speed, while significant effects were 

seen when considering a Newtonian of a non-Newtonian fluid. In case of non-

Newtonian operating fluid, the efflux angle was smaller during the opening travel. 

Finally, the axial force resulted to be quite similar during the entire spool motion, even 

though small oscillations were estimated during the opening and closure travels. 

Moreover, the difference between the slow and fast actuation in terms of axial force 

demonstrated to be remarkably small, except for the more evident oscillations that 

characterized the opening and closure phases. 

5. LIST OF NOTATIONS 

n   Power law exponent      - 

k   Consistency       sPa   

s  Non-dimensional spool displacement    - 

   Yield stress       Pa  

0   Shear stress       Pa  

REFERENCES 

[1] Yang, R. . (2002). CFD Simulations of Oil Flow and Flow-Induced Forces Inside 

Hydraulic Valves. SAE 2002-01-1376. 

[2] Yang, R. . (2004). Improving Spool Valve Operating Effort Using Cfd, SAE 2004-

01-2620. 

[3] Yang, R. . (2005). Predicting Hydraulic Valve Pressure Drop Using CFD, SAE 

2005-01-3635. 

[4] Borghi, M.; Milani, M.; Paoluzzi, R. .(2000). Stationary axial flow force analysis on 

compensated spool valves,  International Journal of Fluid Power 1 No. 1 p.p. 17-25. 

[5] Del Vescovo, G.; Lippolis, A. . (2002). Flow Forces Analysis on a Four-Way Valve, 

Proceedings of the 2nd International FPNI Ph.D. Symposium on Fluid Power – 

ISBN 88-88679-00-6 – Modena, Italy. 

[6] Del Vescovo, G.; Lippolis, A. . (2003). Three Dimensional analysis of flow forces 

on directional control valves, International Journal of Fluid Power, Vol.4 Number 2. 

[7] Bottazzi, D.; Franzoni, F.; Milani, M.; Montorsi, L. . (2009). Metering 

Characteristics of a Closed Center Load – Sensing Proportional Control Valve. SAE 

2009-01-2850; Published also by “SAE International Journal of Commercial 

Vehicles”, 2(2), pp. 66 – 74, ISSN 1946-3928. 

[8] Available from http://www.openfoam.co.uk 

[9] Beaudoin, M.; Jasak, H. . (2008). Development of a Generalized Grid Interface for 

Turbomachinery simulations with OpenFOAM. Open Source CFD International 

Conference, Berlin, Germany. 

 

130

http://www.openfoam.co.uk/


The Twelfth Scandinavian International Conference on Fluid Power, May 18-20, 2011, Tampere, Finland 

 

THE DYNAMIC FORCE AND TORQUE BETWEEN THE PORT 
PLATE AND CYLINDER BLOCK IN AN AXIAL PISTON PUMP 

Yuechao Song, Bing Xu, Huayong Yang 
Zhejiang university 

State Key Laboratory of Fluid Power and Transmission Control  
310027  38 ZheDa Road   

Hangzhou Zhejiang Province. China 
Phone+86-571-87952500, Fax+86-571-87952500 

Email: bxu@zju.edu.cn 

ABSTRACT 

This paper focuses on the pressure dependent forces and torques exerted on the 
cylinder block. The forces and torques, generated by the oil film between the cylinder 
block and valve plate, and the pressing ones, generated by the instantaneous cylinder 
pressure play an important part in pump designing with the redundant squeezing force 
method. This paper aims at building a more accurate mathematical model, which the 
pressure distribution in the transition region of the valve plate was calculated, and then 
the influences of the instantaneous cylinder pressure under variable working conditions 
are obtained. By analysing the pressure dependent forces and torques, the compression 
co-efficient, residual force, and PV value under different pump discharge pressure, 
pump speed, swash-plate angle, are deserved and optimized. It provides an alternative 
method to compute the supporting and pressing forces and torques, modifies the 
mathematical model of the redundant squeezing force method and decreases the period 
of the pump designing.  

KEYWORDS:   force and torque, the redundant squeezing force method, compression 
co-efficient, valve plate 

1. INTRODUCTION 

The accurate assessment of the dynamic forces and torques of the oil film in the 
cylinder block-valve plate interface has an important influence in designing pump and 
estimating structure-borne noise, and they have been studied by many researchers. 

The oil film between the valve plate and the cylinder block makes much sense in 
supporting the cylinder block, lubricating the friction pair and sealing the gap. A 
software package CASPAR was developed by Wieczorek and Ivantysynova, the 
program allows the simultaneous solution of gap flow of all three gaps of a swash plate 
axial piston machine taking into account the instantaneous cylinder pressure and the 
time dependent change of gap heights due to oscillating forces exerted on machine parts 
[3]. The instantaneous cylinder pressure is also considered by the Noah D. Manring, the 
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expression assumed that the pressure between ports occurs linearly over the range of the 
transition part [5].  A method to simultaneous monitoring oil film thickness and 
temperature in a tilting pad thrust bearing is reported by Sergei B. Glavatskih[7].  

The cylinder pressure, contributing to the pressure distribution of the oil film in the 
transition region of the valve plate, has a close relationship with the structure of the 
relief groove in the valve plate. Edge K.A. (Bath University) built a mathematical model 
which accounts for the influence of oil momentum in the port plate region to improve 
the precision of the calculation of the cylinder pressure, and it was validated by 
experiment [8]. The smallest cross section of the valve plate opening given for each 
position of the rotating cylinder block has a significant impact on the instantaneous 
cylinder pressure, A UNIGRAPHICS based tool AVAS was developed by Monika to 
compute the cross-section area of the relief groove [10]. A simulation model, that the 
fluid behaviour inside the relief groove is carefully modelled, was developed by Paolo 
Casoli[11].  

It is known that the main factors that affect the application of the redundant 
squeezing force method is the imprecise computation of the supporting and pressing 
forces and torques. The effect of the working conditions and cylinder pressure for the 
pressure distribution is omitted by the traditional model in calculating the bearing and 
pressing forces and torques, so it is common that the valve plate is damaged or the 
leakage is overlarge because of the unsuitable compression co-efficient. 

This paper will pay much attention to the mathematical model of the oil film which 
including the dynamic variation of the cylinder pressure. The influence of the variation 
of   cylinder pressure on the oil-film forces and torques is obtained by simulation, and 
then the supporting and pressing forces with improved precision is calculated. By 
comparing the difference between the new and traditional models, the advantages of the 
new model was brought forth. By analysing the parameters of the redundant squeezing 
force method under different working conditions, the reasonable ranges of them are 
determined and a more precise method to design a pump is provided.  

2. MATHEMATICAL MODEL 

2.1. model of the oil film 

The pressure distribution on the valve plate depends on the relative position 
between the cylinder block and the valve plate, so the valve plate is divided into two 
parts: the main groove part and the transition part, as represented in figure 1a). The 
main groove part is composed of inner sealing ring and outer sealing ring, as shown in 
figure 1b). 

132



 

 

 
a)                                                     b) 

Figure 1. schematic diagram of the port plate and the supporting structure  

The pressure distribution in the main groove part is influenced mainly by the 
pressure difference between the pump discharge pressure and the shell pressure and 
pressure difference between the pump intake pressure and shell pressure. When the 
cylinder block rotates about the main axis, the cylinder is inclined towards the port plate 
and the pressure distribution is influenced. A mathematical model depicting the inclined 
cylinder block has been deduced by many researchers, and the fundamental equations 
describing the pressure distribution in the main groove part are presented as follows: 

In the inner sealing ring, the pressure distribution is calculated by [6, 12]:  
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In the outer sealing ring, the pressure distribution is calculated by: 
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The pressure distribution in the transition part is influenced by the pressure 
difference between the cylinder pressure and the shell pressure, because the cylinder 
pressure changed with the angular position of the cylinder block, the pressure 
distribution changed accordingly. When the piston is in the transition region of the 
valve plate, the oil flows out of the cylinder bore and into the relief groove and the gap 
between the cylinder block and valve plate, because of reciprocating movement of the 
piston as presented in figure 2. It is assumed that the maximal flow rate in the transition 
appears with the minimal cross section of the gap simultaneously.  
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Figure 2. The flow characteristic in the transition part 

The flow rate can be expressed as: 

2

4 pq d vπ
=

                                                       (3) 

The cross section of the gap can be expressed as: 

0hA L h= ⋅                                                            (4) 

The velocity of the flow can be expressed with the following formation: 

p
h
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A

=                                                            (5) 

The Reynolds equation is  

μ
ρ hvD

=Re                                                         (6) 

Based on the equations (3) ~ (6), the calculated Reynolds number is less than 300, 
so the flow is laminar flow. The model of pressure distribution in the transition part is 
given by the following equations. 

In the inner sealing ring, the pressure distribution is calculated by: 
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In the outer sealing ring, the pressure distribution is calculated by: 
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The pressure dependent forces and torques is represented by figure 3. 

 

Discharge port Ph Suction port Pl 

Cylinder pressure Pc 
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Figure 3. The pressure dependent force exerted on the cylinder block 

The supporting force and torques about X/Y axis can be expressed by the 
following equation: 

i j i jFz P R Rθ= ⋅ ⋅Δ ⋅Δ∑                                                   (9) 
2 sini j i jMxx P R Rθ θ= ⋅ ⋅Δ ⋅Δ ⋅∑                                            (10) 

2 cosi j i jMyy P R Rθ θ= ⋅ ⋅Δ ⋅Δ ⋅∑                                          (11) 

The pressing force and torques can be calculated with the following equation 

D iFbz A P= ⋅∑                                                           (12) 

sinD iMbxx A P θ= ⋅ ⋅∑                                                    (13) 

 cosD iMbyy A P θ= ⋅ ⋅∑                                                    (14) 

2.2. model of the instantaneous cylinder pressure 

The instantaneous cylinder pressure is influenced by many factors, such as the 
cross section of the relief groove, the compressibility of the oil, the inertia of the oil in 
the relief groove and so on. 

The instantaneous cylinder pressure is the function of the flow rate generated by 
the reciprocating movement of the piston, the flow rate generated by the inertia of the 
oil in the relief groove and the reverse flow resulted from pressure difference between 
the piston bore and the pump outlet opening and so on. The software Fluent is used to 
compute the instantaneous cylinder pressure, considering the compressibility of the oil, 
the density is calculated with the following equation [9]:  
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The sound velocity connecting with the compressibility of the oil is calculated with 
the following equation: 
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The dynamic mesh model and moving mesh model are used to simulate the motion 
of the piston.  

The combined model which considering the change of the cylinder pressure in the 
model of the oil film can be used to calculate the dynamic forces and torques, and its 
procedure to calculate the supporting and pressing forces and torques is shown in 
figure4.  

 
Figure 4. Procedure of the calculation 

3. ANALYSIS 

3.1. Analysis of the pressure distribution 

The pressure distribution of the oil film is influenced by its working conditions, the 
size of the sealing ring and the relative position of the piston and valve plate. After 
introducing the cylinder pressure into the model of the oil film, the pressure distribution 
of the oil film can be more precise compared with the traditional one, the simulation of 
pressure distribution with/without cylinder pressure is presented in figure 6. 

From the figure 6, it is not difficult to see that the cylinder pressure affects the 
pressure distribution severely. When the angular position of the cylinder block is 2oand 
18o, the pressure distribution has an apparently difference, the main reason that cause 
the difference is the instantaneous cylinder pressure changes gradually from the high 
pressure to the low pressure, or from low to high when cylinder block rotates about the 
main axis. Because of the affect of the relief groove and the working condition, the rate 
of change of cylinder pressure is different. The traditional model assumes the rate of 
change is fixed, so the pressure variation appears in Top Dead Centre (TDC) and the 
Bottom Dead Centre (BDC) of the pump. 
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Figure 5.  pressure distribution 

The instantaneous cylinder pressure is presented in figure6.  

  
Figure 6. Instantaneous cylinder pressure 

From the figure 7, it is shown that when the piston locates in TDC and BDC, the 
cylinder pressure has a pressure spike. The pressure spike in the TDC is caused by the 
backflow of the pump, it happens when the cylinder bore connect to the relief groove in 
the pump outlet opening. When the cylinder pressure is equal to the pump outlet 
pressure, because of the inertial of the oil, extra oil flow into the cylinder bore, the 
pressure spike appears. The pressure spike in the BDC is caused by the small opening of 
throttling area in the relief groove, it happens when the piston go out of the high 
pressure discharge groove, the flow driven by the piston can’t be delivered out of the 
cylinder bore, so the pressure spike appears. 

3.2. Comparison of the two models  

After introducing the cylinder pressure into the model of oil film, the pressure 
distribution is affected, the force and torque acting on the cylinder changes as well.  
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Based on figure 8, it is shown that the supporting and pressing forces with/without 
cylinder pressure are different, especially at the points when the piston locates at the 
TDC or BDC, that is because the cylinder pressure is different in this place. The peak 
value of the two forces appears almost at the same position when the piston begins to 
connect to the pump outlet opening.   

  
Figure 7. Supporting and pressing forces 

Based on the figure 9, the supporting torque Myy is almost the same, but the 
supporting torque Mxx has a lot of difference. The reason is that the instantaneous 
cylinder pressure has much difference in transition part, while the length from the 
exerting point of the force to the X axis is much larger than the one to the Y axis, so the 
torque Mxx changed a lot.  

 

 
Figure 8. The  supporting and pressing torques 

The influences generated by the instantaneous cylinder pressure on the pressing 
torques Mbxx and Mbyy are the same with the supporting ones. It is shown that the 
instantaneous cylinder pressure have more influence on pressing torques than the 
supporting ones. The supporting torque Mxx, the pressing torques Mbxx and Mbyy of 
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the two models has a distinctness when the piston rotates in the range of 0~0.1 rad , the 
reason is that when the piston locates at BDC, it is assumed by the traditional model that 
the cylinder pressure is equal to the pump discharge pressure, so these torques are only 
affected by the relative position between the cylinder block and the valve plate. But the 
fact that the cylinder pressure changes gradually when the piston is in the transition part 
has been verified by many researchers, such as Professor K.A. Edge[8] , so the 
assumption of the traditional model is not done with such conditions and the precision 
of the traditional model is inaccurate. As we all know, the instantaneous cylinder 
pressure is affected only in the transition part, so the trend of the four torques is almost 
the same between the two models in the range 0.17~0.7 rad.  

Based on the above analysis, the instantaneous cylinder pressure has an important 
influence in the peak value of the forces and the trend of the torques, so it is necessary 
to build a more accurate model considering the cylinder pressure to compute the 
supporting and pressing forces and torques. 

3.3. Analysis of the forces and torques under different working conditions 

It is well known by all of us that the forces and torques increases with the 
increasing pump discharge pressure, pump speed and so on, the result calculated by the 
modified model is consistent with the truth and those instantaneous values is 
represented in figure 10.  

 

 
Figure 9. Forces and torques under different pump discharge pressure 

The forces and torques are affected by the pump speed and swash-plate angle, but 
the influence generated by the pump speed is in the range of 0~0.5 rad, while the 
influence generated by the swash-plate angel is around the BDC and the difference 
under different swash-plate angle is very little. For the space limitation of the paper, 
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only the forces under different pump speed and swash-plate angle is represented in 
figure 11. 

 

 
Figure 10. Forces under different pump speed and swash-plate angle 

It can be concluded that the torque about Y axis generated by the oil film is mainly 
influenced by the pump discharge pressure, but there are almost no difference under 
different pump speed and swash-plate angle. The torques about X axis generated by the 
oil film is influenced by the pump speed, the main reason is that the pressure 
distribution in the transition region is influenced by the pump speed, and the distances 
of the transition region to the X axis is larger than the one to Y axis.  The pressing 
torque is affected by the pump discharge pressure and pump speed, that is because the 
torque is influenced by the cylinder pressure, while the cylinder pressure has much 
connection with the two factors.  

3.4. residual force, compression co-efficient and PV value 

The redundant squeezing force method is used by most designers in pump 
designing. The residual force, compression co-efficient and PV value are important 
parameters. Based on the above modified model, the three parameters under different 
working conditions can be calculated.  

From the figure 12, it can be shown apparently that the residual force, compression 
co-efficient and PV value have the same profile. With the increasing of the pump 
discharge pressure, pump speed and swash-plate angle, the maximum of the three 
parameters increase accordingly and the minimum of the three parameters decrease with 
the increasing pump discharge pressure. The parameters are influenced by swash plate 
at BDC, so it is necessary to determine the parameters considering the working 
conditions and the relative position between the cylinder block and the valve plate. 
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Because of the space limitation of the paper, only the compression co-efficient and PV 
value under different pump discharge pressure and pump speed are shown in figure 12.  

  

 
Figure 11. Compression co-efficient and PV value under different 

pump speed and swash-plate angle 

The maximum of the compression co-efficient is mainly influenced by the pump 
speed, and the minimum increases with the increasing pump discharge pressure. So it is 
reasonable to compute the co-efficient under the lower pump discharge pressure and the 
bigger pump operating, and the BDC is the suitable position. 

4. CONCLUSIONS 

The supporting and pressing force and torques are important in designing the pump, 
so it is necessary to calculate them exactly. By introducing the variable cylinder 
pressure into the model of the oil film between the cylinder block and the valve plate, 
the parameters under different conditions are calculated. The main conclusions of the 
study are as follows: 

It is necessary to build a more accurate model which introducing the cylinder 
pressure to calculate the dynamic forces and torques, because those are influenced by 
the working conditions and the relative position between the cylinder block and valve 
plate. 

The parameters of the redundant squeezing force method is calculated based on the 
modified model, the relationship between the parameters and the working conditions is 
got, so it is necessary to optimized the parameters considering the influence of the 
working conditions and the relative position between the cylinder block and valve plate. 
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Nomenclature 

AD     Effective piston area at the bottom (m2) 

rq      Flow rate in and out of the piston bore (L/min) 

iq       Flow rate through the relief groove (L/min) 

lq       Flow rate generated by the inertia of the oil in the relief groove (L/min) 

gq     Flow rate through the gap between piston-cylinder, cylinder block-valve plate 
and slipper-swash plate (L/min) 

1r        Internal radius of the internal land (m) 

2r        External radius of the internal land (m) 

3r        Internal radius of the external land (m) 

4r        External radius of the external land (m) 

eK      Bulk modulus (Pa) 

hP       Pump discharge pressure (MPa) 

HPP      Pump discharge pressure (MPa) 

lP        Pump intake pressure (MPa) 

LPP       Pump intake pressure (MPa) 

intP      Pressure distribution across the internal land (MPa) 

extP      Pressure distribution across the internal land (MPa) 

cP        Instantaneous cylinder pressure (MPa) 

iP        Instantaneous cylinder pressure in the ith cylinder as a function of θ (MPa) 

0h        Cylinder central height (m) 

μ        Dynamic viscosity of the fluid (Kg/ms) 

ω        Angular velocity of the cylinder block ( 1rad s−⋅ ) 

α        The cylinder block tilt angle inclined to the valve plate (rad) 

mr        Average radius between borders (m) 

θ         Angular position of the cylinder block (rad) 

d         Diameter of the piston (m) 

pv       Velocity of the piston (m) 

fV       Fluid volume enclosed in cylinder chamber (m3) 

Ah       Cross section of the gap between the cylinder block and the valve plate (m2) 

L        Effective length (m) 
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ρ       Fluid density (Kg/m3) 
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MODELING EXTERNAL GEAR MACHINES 
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ABSTRACT 

A novel approach to couple a Lumped Parameter model and a CFD model to accurately 
model External Gear machines is described in this paper. The tool described is named 
HYGESim (HYdraulic GEar machines Simulator); it enables detailed modelling of 
external gear machines, taking into account a lumped parameter fluid dynamic model to 
simulate the flow through the unit, an accurate description of the geometry of the 
components (i.e. tooth profile, design of sliding elements) and the movements of the 
gears’ axes of rotation resulting from the forces exerted on both gears. The CFD model 
developed is an automatic pre-processor and a finite volume numerical solver of the 
Reynolds Equation. This enables a calculation of the pressure distribution in the lateral 
lubricating gaps between the gears and the sliding bushings of the external gear 
machines considering full hydrodynamic lubrication. The present work details the 
procedure developed to implement the coupled approach. This combined approach 
allows a more detailed description of the effects of the lateral and radial lubricating gaps 
on the operation of the machine. Power losses arising out of the gap are also described 
considering a detailed description of the gap flow. 

NOMENCLATURE 

 Pressure [Pa]  Volume  [m3] 

 Density [kg/m3] Mass flow rate [kg/s] 

Flow Rate [m3/s] Viscosity of fluid [Pa-s] 

Area of the  
boundary 

[m2] Height of lateral gap [m] 

Angular velocity [rad/s] R Radial Gap [m] 

Boundary mesh 
resolution 

[m] F Force [N] 

Velocities in the X 
and Y directions 

[m/s] Shear stresses in XY 
plane the X and Y 
directions 

[N/m2] 

Tilt of the bearing 
block 

[ ] Angular position [°] 
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Vectors:   Radius vector [m] 

Velocity vector [m/s] Face normal [ ] 

Shear Stress Tensor [N/m2] Torque acting on gear [N-m] 

Subscripts:   leak Leakage flow  

avg Average  max Maximum  

ref Reference  min Minimum  

i ith element  j jth control volume  

g Gear  var Variable  

 

1. INTRODUCTION 

Many applications of fluid power systems implement external gear units (GUs) both as 
pumps and as motors. The main limitation of GUs is that they may not be used in 
applications requiring variable displacement. However, they remain a preferred solution 
because of their low cost and robustness. Consequently, research focused on improving 
the understanding and performance of GUs is merited and continues to have a positive 
impact on the fluid power community. 
The construction of a typical GU is shown in Fig. 1A. Standard GUs operate according 
to a basic principle. The fluid is delivered from the inlet port to the outlet port by the 
rotation of the gears and displaced by the meshing process. An excellent understanding 
of the machine operation allows for improvements in the key elements of GU design. In 
particular, the bearing blocks shown in Fig. 1B are very important to the design because 
they affect the performance of the machine in many ways including internal pressure 
peaks, cavitation, and sealings of the volumes [1]. With a proper axial balance, a good 
compromise can be found between leakages and torque dissipation due to shear 
stress[2].  

 

  
Figure 1. A) External spur gear pump, B) Bearing block detail. 

The improvement of GUs requires a deep knowledge of the physical phenomena 
involved with all aspects of the machine operation. The development of a numerical 
simulation tool named HYGESim (Hydraulic Gear machines Simulator) has been 
presented previously [1,3]. The lumped parameter approach on the basis of the model 
described in [1,3] has been combined with a CFD model to gain a better understanding 
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of the phenomena in the lateral gaps of typical GUs. An earlier version of the CFD 
model was presented in [4,5]. 

Many studies in the past (like [6,7,8]) and also recently (like [9,10]) have advanced the 
understanding of external gear machines using either analytical models or geometric 
approaches. The literature describes several models for GUs focused on the flow 
fluctuations at the external ports. Most are lumped parameter models [3,11,12], while 
several recently include more complex CFD approaches [13,14,15]. These past studies 
are based entirely on either a lumped parameter model or a CFD model. As described in 
[3,11], lumped parameter models can be accurate in describing the flow taking into 
account the gear micromotion, CFD models are necessary to describe the features of the 
flow in the lubricating gap at the gears lateral side.  

 
Figure 2. The geometry of the lubricating gap in an external gear pump. 

The bearing blocks and other main components are also shown. 
Due to the geometrical complexity and the influences of other phenomena that 
characterize the GU operation (radial gear micro-motion, features of meshing process 
etc...) there have been very few attempts to study and model the flow in the lateral gaps 
(shown in Fig. 2). Although the overall flow in GUs has been studied in great detail by 
using CFD Navier Stokes’ solvers ([14,15]), such flow solutions assume a constant 
lateral gap height. There have also been experimental studies of some detail that 
stressed on the importance of the geometry of the lateral gaps on the overall 
performance of the pump [16,17]. Previous detailed numerical modelling of the lateral 
gaps has also been performed with an assumption of a constant gap orientation/tilt [18].  
The novel lumped parameter - CFD coupled approach enables the CFD solver to have 
very accurate boundary conditions, removing assumptions that have been present in 
previous numerical work of this kind [18]. The coupled approach enables a detailed 
study of the flow in lubricating gaps, and provides new insights on the operation of the 
GU. Simulation results from the novel approach, comparisons to experimental 
measurements and relevant discussion are presented in the subsequent sections of this 
paper. 

2. SIMULATION APPROACH 

The HYGESim code structure includes the following (shown in Fig. 3B), a geometrical 
model application in C++, an object-oriented CFD model created using C++ and the 
fluid dynamic model and the evaluation of the gears’ micro-motion completed inside 
the LMS.Imagine Lab AMESim® environment using custom built component libraries 
combined with the standard libraries of the code in C language. The simulation progress 
is defined by the AMESim variable-step integrator [19].  
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The models shown in Fig. 3B are implemented together in co-simulation, with the flux 
of data between the models shown by the figure. The flow of data between the fluid 
dynamic model and the CFD model is highlighted for the purposes of this paper 

2.1. Fluid Dynamic Model and evaluation of gear radial micro-motions 

The goal of the fluid dynamic model is to characterize the flow throughout the entire 
GU. This is accomplished using a lumped parameter model. The GU is divided into 
multiple control volumes (CVs), with an important CV being the tooth space volume 
(TSV) between each tooth in both gears as shown in Fig. 3A. The connections between 
the CVs are shown in Fig. 4, where ‘1’ is used to denote the driver gear and ‘2’ for the 
driven gear. 

  
Figure 3. A) Control volumes of fluid dynamic model. B) Structure of 

combined HYGESim model. 

 
Figure 4. A)Connections between control volumes. B)Lateral flow 

connections. 
The connections managed by the Laminar flow equation (fully developed laminar flow, 
considering the relative motion between surfaces) and the orifice equation are 
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straightforward to show using Fig. 4A. The CFD code determines the net flow between 
each volume and the lateral gap using the flow field in the gap. The drain volume is also 
shown in Fig. 4A, which is directly connected to the low pressure volume in a typical 
pump. The connections are further described in Tab. 1. Figure 4B demonstrates how the 
connections in the lateral gap of the lumped fluid dynamic model presented in [1] are 
now replaced by the CFD model in the new combined approach. 

Based on the flow between adjacent CVs, mass conservation, and the fluid state 
equations; the pressure in each CV can be found as a function of time using the 
following pressure build-up equation. 

j

j

j j var,j
in,j out,j

j

d d d1 d
d d d dp p

p p

p V Vp m m
t V t t

      (1)  

The use of Eq. (1), described in [1], in particular concerns the derivative volume terms 
Vvar. These terms take into account for the additional variable volume terms at inlet and 
outlet environment that arises from the geometrical definition of each CV during the 
revolution. 
Shown in Fig. 5 is the flow between volumes centered on a generic pair of TSVs, and 
the corresponding TSVs from each gear, where i is the current TSV index. From the 
laminar flow equation, the orifice equation, and the CFD code, flow rates between the 
volumes can be calculated. 
Based on the CV pressures calculated by the fluid dynamic model, the pressure 
distribution on the surfaces of the gears in the radial directions can be found by 
carefully evaluating the surface areas of influence, as described in [1]. The pressures on 
the tooth tips are also considered as a linear trend of pressure between the adjacent 
TSVs pressure values. The system of forces also includes the contact force between the 
two gears. 

    
Figure 5. Representation of connections between CVs in the meshing zone. 

These  forces  are  applied  to  a  journal  bearing  model  on  the  shafts  of  the  gears.  These  
bearings are lubricated by the lateral leakages, with a simplified application of the 
mobility method described in [20] for the calculation of the center of the each gear axis 
including the eccentricity caused by the net force. Once the radial forces are calculated, 
the geometric model is used to calculate the intersection of the gears with the casing 
profile. By tracing the path of one tooth through a complete revolution, a new casing 
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profile can be generated as shown in Fig. 6 to simulate the breaking process that new 
pumps undergo. This then prompts the redefinition of the connection orifices (Fig. 4) by 
the geometric model due to the eccentricity of the gear shaft center. 

Table 1. Descriptions of orifice connections between volumes. 
 Description Flow rates evaluation methodology 

FG connection between the two corresponding TSVs (Fig. 5) 
(the connection is closed outside the meshing zone) 

i,j

i,j

i j i j
i,j i,j

i j

2
p p

p p

p p p p
m

p p

   

(2) 

i,jm  is the flow rate from i-th CV to j-th CV 

(the opposite if negative). In Eq. (2) i,j 
indicates the throat area characterizing the 
connection between the two CVs 

HV connection between the TSV and the HP volume through 
the gear whole depth (examples are displayed in Fig. 5) 

LV connection between the TSV and the LP volume through 
the gear whole depth (Fig. 5) 

HG connection between the TSV and the HP port through the 
recesses machined on the lateral sliding elements (Fig.5).  

LG connection between the TSV and the LP port through the 
recesses machined on the lateral sliding elements (Fig. 5).  

TLP 

TLN 

leakages between adjacent TSV due to clearances among 
tooth tip and casing. As shown in Fig. 4, TLP refers to the 
connection with the previous TSV on the same gear, 
while TLN is for the connection with the following TSV 

3

, 12 2
i j

i j

p ph um b
L

    (3)             

i,jm  is the laminar flow rate from i-th to j-th 

connected CVs (from j-th to i-th if negative).  

TTL leakage from radial gap flow into lateral gap from the 
tooth tip, subtracted from TLP and TLN (Fig. 4) 

CFD code evaluation, discussed in subsequent 

sections. Shown in Fig. 4 as separated 

connections, these flows are evaluated 

assuming a 2D flow field, as described in 

section 2.3. 

TSL leakage from TSV into lateral gap (Fig. 4) 

BPL connection between a tooth space volume and shaft 
bearing (connected to the drain line Fig. 4) 

LPL leakage from low pressure into lateral gap (Fig. 4)

HPL leakage from high pressure into lateral gap (Fig. 4) 

DL leakage from lateral gap into drain (Fig. 4) 

 

The gear’s radial movements particularly affect the geometrical features of the meshing 
process and the evaluation of the radial leakages around the tooth tips. Moreover, they 
determine the break-in process for a realistic gear pump, which is shown in Fig. 6. The 
break-in process represents the wear of the casing due to the radial movement of the 
gears that occurs during the first period of operation. This is typically completed by the 
manufacturer before delivery of the GU. 
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Figure 6. Gear penetration into the casing profile to simulate break-in 

process. 

2.2. Geometric Model 

The geometrical model operates in co-simulation by creating proper tables of data for 
interpolation used by the other modules of HYGESim. Since these are based on the 
actual CAD drawings of GUs, the geometric model, and consequently the whole 
procedure, can work for any given geometry of GUs (for example, shapes or relief 
grooves, teeth, etc). 

2.3. CFD Model 

The CFD model takes into account every detail of the dynamic geometry of the rotating 
gap domain. A finite volume solver calculates the pressures inside the lubricating gap 
considering all the terms of the Reynolds equation that have an effect on the flow field. 
The model also incorporates advanced post-processing features such as calculating the 
fluid force acting on the bearing blocks, leakages into the lubricating gap, fluid friction 
on the gear surface, etc. The CFD model has been presented previously [4,5], and 
details and novel developments of the model relevant to the CFD-lumped parameter 
coupling are presented in the following sections. 

2.3.1. Mesh Generator and Pre-Processor 

The CFD model includes a fully automatic pre-processor and mesh generator. The 
definition of the computational domain of the gap (shown in Fig. 7) has to take into 
account the rotation of the gears and the intersection of the gap with the high pressure 
and low pressure relief grooves. The gap area that is directly under the relief grooves 
has no leakage flow, and the instantaneous pressure is uniform – thus, this region is 
excluded from the gap flow computation. This is achieved by creating a dynamic mesh 
that takes into account the varying gap geometries at different angles of rotation of the 
gears. The CFD model interfaces with the fluid dynamic model at predetermined fixed 
steps/angles. For the results presented in this paper a fixed step of 1  was used for the 
solver and for dynamic mesh generation. 
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Figure 7. Showing the dynamic meshes for an angle of rotation Fig. 5  of A) 0  

and B) 15 . Average size of the dynamic mesh is ~44500 elements for the case 
considered. 

The domain of interest is discretized into a finite volume mesh comprising of 
tetrahedrons (triangles). The automatic pre-processing and dynamic mesh generation is 
performed using a C++ application developed that takes advantage of the open source 
gmsh[21] libraries. 

2.3.2. Boundary Conditions 

The CFD model interacts with the HYGESim fluid dynamic model to define the 
instantaneous pressure boundary conditions for all the gap boundaries. The setting of 
pressure is illustrated in Fig. 8, where all the boundaries of the gap domain are shown 
and marked according to the pressures that are applied to these boundaries. The figure 
essentially shows all the interfaces at which the CFD model and the fluid dynamic 
model of HYGESim interact, and 12 tooth gear geometry is used as an example. The 
indices of the boundaries follow a convention that is consistent with that followed in 
HYGESim as introduced in Fig. 4 and Tab. 1. While the pressures for the other zones 
are taken from the fluid dynamic model, the tooth tip pressures are set to be linearly 
varying between the adjacent tooth space pressures, according to a laminar flow 
assumption. Due to the complicated geometries in the meshing region a more involved 
procedure for setting the pressure is followed as described in [5].  

 
Figure 8. The lateral gap and interfaces along which the CFD and the 

HYGESim Fluid Dynamic Model interact. 
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2.3.3. Reynolds Equation Solver 

The solution of the pressure field in the gap is obtained by the Reynolds Equation 
solver. The Reynolds equation is obtained by simplifying the full Navier Stokes 
equations for fluid momentum and continuity [5] .The solver has been implemented in 
an application developed in C++ using the open source OpenFOAM [22] libraries for 
field operation and manipulation. The form of the Reynolds equation that is solved for 
the present study is  

       (4)  

The above form of the Reynolds equation has the following assumptions 

 While  the  lateral  surface  of  the  gears  may  not  have  a  uniform  surface  due  to  
machining defects etc.., these effects are not considered. The gap height h is 
solely based on the relative orientation of the gear and the bearing. 

 The only surface in sliding motion is the gear surface at velocity . 
 

It can be seen that the form of the Reynolds equation considered for this study has the 
ability to model the hydrodynamic pressure generation by both the “physical wedge” 
and “normal squeeze” mechanisms [5,22]. The pressure generation by the “normal 
squeeze” mechanism will not be illustrated by the present study, but it is an important to 
consider this for the axial balance of the bushings – an important goal in the future. 

2.3.4. Calculation of leakages for input to HYGESim 

As shown in Fig. 3B, the interaction between the CFD model and the HYGESim fluid 
dynamic model is two-way. While the CFD model receives the pressures at the 
boundaries as input, it provides the fluid dynamic model with an evaluation of leakages 
at the all the interfaces shown in Fig. 8. The calculation of leakage flow within the CFD 
model can be performed by integrating the velocity across all the boundaries (Eq.5). 
Considering a boundary element as shown in Fig. 9 leads to (Eq.6). 

 
 

                           (5) 

 

       (6) 

,  

 

Figure 9. A view of the boundary element showing the terms used in Eq.(6) 

The leakage calculation performed for all the interfaces by the CFD model is provided 
to the HYGESim fluid dynamic model. This exchange of pressure-leakage information 
is performed iteratively until a converged solution is achieved.  
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2.3.5. Calculation of axial force on the bearing block 

The CFD model also has the capability to calculate the axial thrust on the bearing block. 
This axial thrust is a summation of the forces acting due to the pressures in the relief 
grooves ( ,  the  pressures  in  the  TSV  (  and pressure in the gap from the 
Reynolds’ solution (Fig.10). 

 
Figure 10. The pressure distributions (relative to supply pressure) that 
contribute to the 3 components of axial thrust acting on the bearing block.  

 = +         (7) 

Where, the relief force is calculated using the pressures in the relief grooves and the 
tooth space force is a hydrostatic force which is calculated using the pressures in the 
TSV. Both of these are angle dependant. The final component of the axial thrust is the 
hydrostatic and hydrodynamic force from the gap, which is calculated from the solution 
of the Reynolds’ equation. 

2.3.6. Calculation of shear stresses on the gear surface 

The shear stresses due to fluid viscosity are calculated on the surface of the gears and 
represent a form of power loss from the lubricating gap for the GU. Considering the 
gears to be aligned along the XY plane with the Z axis being normal to the gear lateral 
surfaces the shear stresses on the gear surface are given by    

           (8.1)  

           (8.2)  

From the assumptions detailed in 2.3.3. the shear stresses on the surface of a gear can be 
found to be described as a function of the pressure field and the gears’ velocity. 

         (9.1) 

           (9.2) 

In the above equations  and  are two components of the velocity vector obtained 
from the angular speed of the gear. 

                (10) 
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3. RESULTS 

This section reports the results that were obtained from the novel lumped parameter – 
CFD co-simulation. All results were generated for the CASAPPA PLP20 11.2 Standard, 
12 tooth pump. All the results in the present section are considering a pressure 
differential of (Pmax/P) =1 between the high and low pressure ports, and a speed of 2000 
rpm. 

While previous works concerning HYGESim [1,3] focused on the analysis of the TSV 
pressure, the flow though the GU and the flow fluctuations at the HP port, this work 
particularly focuses on the analysis of the different internal leakage flows, 
demonstrating the novel simulation capabilities of HYGESim based on the coupled 
approach - considering the detailed lateral gap model. 

3.1. HYGESim Experimental Validation 

Experimental tests were specifically performed on GUs with the aim of validating the 
HYGESim predictions. Particularly, in [24] the experimental verification for the 
instantaneous flow pulsations is described. In [25] the validation of the instantaneous 
tooth space pressure is reported. In both mentioned studies, the pump taken as reference 
in this work was considered. 

In this section, it is reported how the latest version of the code accurately satisfies the 
experimental measurements. 

 
Figure 11. A) Comparison of experimental and simulated pressure (gear 1).             

B) Angle convention. 

The prediction of the pressure ripple and the pressure inside a typical TSV (for details 
concerning the experimental apparatus refer to [25,26]) match well between the 
experimental and simulated data (Fig. 11A). The key comparisons come from the 
magnitude of the pressure ripple, and the slope of the line as the pressure in the TSV 
rises from the low pressure to the high pressure. The small differences between the TSV 
pressures during the rise from low pressure to high pressure are attributed to small 
differences in the casing profiles after wear, which is explained in section 3.2. By 
tracing the  shown in Fig. 11, the connection between TSV1,1 and the backflow groove 
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is indicated. This connection occurs when the TSV first opens to the backflow groove 
(that connects the TSV with HP, shown in green) just before a. The high pressure from 
that point through the end of the meshing process can also be identified. The drop in 
pressure occurs when the TSV is first reconnected to the LP port, near the end of the 
revolution at 360 . The pressure generation is highly dependent on casing wear inside 
the GU. 

3.2. Discussion of Radial Gaps 

The radial gap is affected by two main things, the actual casing profile (resulting from 
the so called break-in process), and the position of the gear in the bearing. The tendency 
of an external gear pump is to wear the casing profile near the low pressure port. This is 
due to the high pressure and consequently higher force coming from the high pressure 
side. The experimental data compared to the HYGESim results for the casing profile is 
shown in Fig. 12A. The backward leakage around the tooth tip fluctuates based on the 
radial clearance shown in Fig. 12B. There is no casing and consequently no radial gap 
during the inlet, outlet, and meshing zones, and hence there is no leakage flow. 

 
Figure 12. A) Casing profile comparison. B) Radial gap and radial leakages 

for tooth 1. (gear 1 side, corresponds to the beginning of the casing, 
at LP side for both figures). 

The radial gap changes due to the adjusted casing profile (Fig. 12A) and gear position 
as  demonstrated  in  Fig.  6.  There  is  a  net  backwards  flow  in  leakage  volume  in  the  
duration of the orifice opening. The leakage initially peaks between 0° and 60° due to 
the pressure differential caused by the previous TSV connecting to the backflow 
grooves (shown in Fig. 11B). From 60° through 210°, the change in flow is proportional 
to the increasing gap height until the HP port. 

3.3. Discussion of Lateral Gap 

The results of the previous section show that the prediction of radial leakages is accurate 
while also confirming that pressures predicted are close those observed experimentally. 
The model can now be used to study what a realistic lateral gap height would be over a 
wide range of operating conditions. In the present study, lateral leakages were 
calculated using constant gap heights of 10 m and 35 m.  
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Figure 13. Pump Characterization curves for varying gap heights. 

Comparison with experimental data is also presented 

As can be from Fig. 13, with a gap height of 10 m the results for the pressure flow 
characterization were very close to the experimentally measured data. This 
demonstrates that 10 m is a more realistic gap height, as also found in previous studies 
([16,18]) for GUs similar to the one taken as reference for this work. This study 
considered also different gap heights: in Fig. 13 it is reported the 35 m case, where the 
higher leakages reflect in the results – the flow rate from the pump falls as the leakages 
increase. 

However, not only the average height of the gap but also the orientation of the gap is an 
important consideration [16,17,18]. In Fig. 14 the pressure distribution for the three 
bearing configurations are shown, with t=0, 0.5, -0.5, with an average tilt of 10 m for 
all the cases. The tilt for a particular configuration is defined by, 

         (11) 

with positive tilt being towards the delivery and negative tilt towards the suction 
groove. 

 
Figure 14. Pressure distribution in the lateral gap for a) t=0 b) t= 0.5 and c) 

t=-0.5. 

It can be seen that the direction of the bearing tilt has a large effect on the pressure 
distribution inside the gap. This is expected because when a tilt is provided to the 
bearing block there is not only a hydrostatic pressure generation from the pressures at 
the boundary but also a hydrodynamic pressure generation due to the “physical wedge” 
effect. Comparing the pressures obtained for one tooth space volume with the three 
cases discussed previously, it is seen that the variation of tilt does not significantly 
affect the flow through the considered GU.  
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Figure 15. A) Variation of pressure in one TSV using different bearing tilt. 

B) Variation of the location of axial thrust with varying tilts (inset shown). 
Figure 15A reports the TSV pressure for all three cases: values very close to the 
experimental data were found (see Fig. 11). While the variation in tilt does not affect the 
pressure predicted by very much, a variation of tilts does produce a significant variation 
in the location of the axial thrust F acting on the bearing (Fig.15B). It can be seen that 
when a bearing block tilt towards the suction is assumed, the point of application moves 
towards the suction. The same is true for a tilt towards the delivery groove.  

3.3.1. Detailed description of instantaneous lateral leakages 

Since the CFD model incorporates a detailed approach to studying the flow in the 
lubricating gaps, it has the ability to provide great insight into the instantaneous 
behaviour of the leakages in this gap. Figure 16 shows a detailed analysis of the 
leakages from a single tooth space interface TSLi for the driver gear. The instantaneous 
leakages can be broadly classified into 3 regions – “M” represents the leakages 
observed when the lubricating gap intersects with the relief grooves (including the 
meshing process; 300° to 60°).  The other very well defined region named “S” (150° to 
300°) where the high pressure is communicated directly to TSLi through the backflow 
groove. This region shows a near constant leakage into the gap. The region “T” is a 
transition region, where TSLi loses its contact with the low pressure port and comes into 
contact with the backflow groove. Leakages into the gap are influenced by two 
phenomena - first, the pressure gradient near the interface and second, the entraining 
“Couette” effect of the movement of the gear teeth. In the regions where the geometry 
of the interface TSLi is complete (“S” and “T”) the “Couette” effect is cancelled out. 
However, this effect plays a dominating role in the “M” region, where the incomplete 
geometry of the interface due to intersection with the relief grooves creates a high 
entraining flow into (observed most clearly at 30°) the gap. It is also seen that in the “S” 
region the “Couette” effect is cancelled out and due to the constant pressure gradients at 
the interface the leakage flow is nearly constant. Comparing the net leakage volumes 
from Figs. 16 and 12, it is possible to notice how the lateral leakage from one TSV is 
sensibly lower than the corresponding radial leakage. 
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Figure 16. Leakage
TSLi. Shown alon
17(h=10 m and t=0)

Since the CFD model is able to provide detailed analysis,
understanding of the net leakage
Fig. 17,  the  drain  interface  (DL)  serves  as  the  main  outle
lubricating gap. This is also an expected result, s
is exposed to the low pressure, and therefore
the gap through the drain.  

Figure 17.
Thus, a detailed study of the leakages and the axial thrust 
model  of  the  gaps  in  HYGESim.  T
particular, is expected to have a large effect on t

3.3.2. Evaluation of power losses

The CFD model can provide estimations about the tor
gears due to the shear stress on gear lateral surface (Fig. 18A 
under the hypothesis of constant gap height), accor

 
The summation is performed over every element in th

eakages and net leakage volume out of a single tooth space 
. Shown alongside is a reproduction of the pressure plot in Fig. 

m and t=0) for only the driver gear with the angles marked
the CFD model is able to provide detailed analysis, it also possible to obtain an 

understanding of the net leakage flow rates through different interfaces. As shown in 
, the drain interface (DL) serves as the main outlet for the flow into the 

lubricating gap. This is also an expected result, since the drain in the present geometry 
is exposed to the low pressure, and therefore the pressure gradient ensures flow ou

  
Figure 17. Net leakage flow to the drain (DL)  
the leakages and the axial thrust is made possible by 

model  of  the  gaps  in  HYGESim.  The variation of the location of axial thrust, in 
particular, is expected to have a large effect on the balance of the bearing block.

Evaluation of power losses due to fluid friction 

The CFD model can provide estimations about the torque opposing the motion of the 
the shear stress on gear lateral  surface (Fig.  18A reports a typical results, 

under the hypothesis of constant gap height), according to: 

       
The summation is performed over every element in the computational domain.

 
a single tooth space - 

the pressure plot in Fig. 
for only the driver gear with the angles marked. 

 it also possible to obtain an 
As shown in 

t for the flow into the 
ince the drain in the present geometry 

the pressure gradient ensures flow out of 

made possible by the CFD 
location of axial thrust, in 

he balance of the bearing block. 

que opposing the motion of the 
reports a typical results, 

 (12) 
e computational domain. 
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The estimation of the power loss due to the torque generated by fluid friction ( ) is 
represented in Fig. 18B. The effect of the gap height value and shaft speed is reported in 
the same figure. For progressively smaller gaps and especially at higher speeds the 
losses due to fluid friction rise significantly. This can be explained by a corresponding 
increase in magnitude of the second term in the right hand side of Eqs. 9.1 and 9.2 with 
smaller gap heights and higher speeds, which far outweighs the decrease in the first 
term. 

 
Figure 18. A) Vectors of shear stress on the gear surface (h=10 m and t=0) 

B) Variation of power loss due to fluid friction at varying speeds and gap 
heights at a pressure differential of Pmax/P=1. 

4. CONCLUSIONS 

The numerical tool HYGESim has been developed to achieve a strong understanding of 
the phenomena in all parts of the machine, and the most recent improvement to such 
understanding is a coupled lumped parameter - CFD model of the lateral lubricating 
gaps of typical GUs. By comparing the overall flow and pressure results for an 
experimental and simulated typical GU, the coupled HYGESim model has been shown 
to have a good correlation. As shown in the results, the HYGESim model is also able to 
properly predict the size of the radial gap, and thus the focus is shifted to predicting the 
size and shape of the lateral gap. 

In the present study, a prediction of the lateral gap height was made based on the 
comparison of the simulated pump characteristics to experimental measurements. It was 
shown that for a particular GU taken as reference, a gap height of 10 m (a value 
indicated also by previous studies) gives a good prediction of the pump performance, 
while significantly higher gap heights (the 35 m case is reported as reference) would 
not be able to achieve an acceptable matching with experimental results. It is also 
shown that the tilt of the bearing block in the lateral gap does not have a very large 
effect on the flow rate and pressure ripple of the pump for a given average gap height, 
but it does have a large effect on the point of application of the axial force on the 
bearing block. The CFD model for the lateral gaps is currently being developed to 
include a prediction of the orientation of the bearing. Many of the assumptions which 
would have precluded an accurate estimation of bearing orientation have been removed 
by  the  current  interaction  of  the  CFD  model  with  the  HYGESim  fluid  dynamic  and  
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geometric models: which enables the estimation of the hydrostatic and hydrodynamic 
forces generated and the losses arising from the lateral gap. The current lumped 
parameter – CFD coupled approach is also significant as the ideal framework for the 
prediction of the orientation of the bearing blocks. 
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ABSTRACT

In this study a hydraulically operated mast system of a reach truck is implemented with
energy  recovery  and  regeneration  system  consisting  of  pressure  accumulators  and  a
digital valve package. Energy is recovered during lowering phase of the load and during
lifting phase  it  is used  to decrease pressure difference  between  the  inlet and outlet of
system pump thus decreasing the torque and power need of  the pump. The aim of the
study  is  to  find  out  the  magnitude  of  the  savings  in  energy  consumption  that  are
achievable with this arrangement compared with a conventional truck. The comparison
is  based  on  measurements  over  a  given  work  cycle  which  is  compiled  based  on  real
truck usage data. In addition the measurement results are used in validation of a energy
regeneration system model the author has presented earlier.
The  results  manifest  that  the  total  energy  consumption  over  the  measurement  cycle
decreased by 10 percent. Simulations of this system, compensated with “idling current”,
suggested  a  13  percent  reduction  over  the  same  work  cycle,  which  indicates  some
inaccuracies in simulation model or models.

The recovery system was designed so that it will not alter operational characteristics of
the machine, and this was also achieved.

KEYWORDS:  Reach  truck,  energy  recovery,  energy  regeneration,  hydraulic
accumulator
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NOMENCLATURE

A area of orifice
Cq flow coefficient

n speed of rotation
p1   pressure at pump inlet

p2 pressure at pump outlet

∆p  pressure difference (p2  p1)

qV effective pump outlet flow
t time

T torque need of pump
Vi displacement of pump

ρ density of hydraulic fluid

DFCU Digital Flow Control Unit

1. INTRODUCTION

A work cycle of a reach truck working  in a storehouse consists of  series of  sequential
mast and drive operations. The former include following functions; lifting and lowering
of  varying  sizes  of  loads,  extracting  and  retracting  of  the  mast  and  tilting  of  the  fork
assembly.  The  latter  in  turn  includes  the  function  of  transferring  the  loads  between
loading platform and different storehouse locations. Since both of  these operations are
associated  with  large  moving  masses,  they  offer  a  possibility  to  recover  significant
amount of energy when the motion of the mass  is decelerated and  finally brought to a
halt.  In  mast operation  the only  significant  function  in  this sense  is  the  load  lowering
phase since the releasing energy connected to other functions is exiguous.

Since every energy conversion from a form to another induces losses, the economically
most advantageous way  to recover,  store  and  reuse energy  is  to keep  it  in  its  original
form. With moving masses this, however, would mean using flywheels and mechanical
gearing  which  are  less  suitable  solutions  for  reach  trucks  with  considerable  lifting
heights. Therefore the recovered kinetic or potential energy has to be stored either in the
form of the source of energy used in the truck or into some intermediate form between
this and the recovered energy.
In reach trucks operating indoors the typical source of energy is electric battery and the
power  transmissions used  in  the  truck  are  hydrostatic  transmission  for  mast  functions
and electrical  transmission  for drive  function. So the battery could be used  for storing
both  the  released  kinetic  energy  of  the  truck  and  the  released  potential  energy  of  the
load  and  mast.  This  is  reasonable  regarding  the  drive  function  but  not  regarding  the
mast functions, since it would require three back and forth energy conversions (potential
energy ↔  hydraulic  energy ↔  mechanical  energy ↔  electrical  energy)  when  the
potential energy  is  first  recovered,  stored and  then  reused  to produce potential energy
again.  Since  pressure  accumulators  offer  a  means  to  store  hydraulic  energy,  it  is
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justifiable  to  store  the  released  potential  energy  in  this  form  resulting  into  only  two
energy conversions in total between recovering and reusing.
The  recovered  hydraulic  energy  can  be  used  in  several  ways,  e.g.,  operating  the  lift
cylinders  directly,  easing  off  the  pump  by  lowering  the  pressure  difference  between
pump outlet and inlet, easing off the pump by rotating it with a hydraulic motor, etc. All
of  these  offer  improved  system  efficiency  but  also  more  complicated  mast  lowering
control compared with the traditional control that is based on a throttle valve. The use of
pressure accumulators also  requires use of  leakfree poppet  type  valves  instead of  the
slide valves traditionally used for mast operations to prevent the stored hydraulic energy
being wasted by valve leaks.
In this study hydraulically operated mast system of a reach truck  is  implemented with
energy  recovery  and  regeneration  system  consisting  of  pressure  accumulators  and  a
digital valve package including ten poppet type valves. This system replaces the throttle
valve  based  speed  control  system  that  previously  was  used  for  controlling  the  load
lowering  movement  and  did  not  involve  any  energy  regeneration.  The  recovered
potential energy of the load and mast is used for decreasing pressure difference between
the inlet and outlet of system pump during the lift phase thus decreasing the torque and
power  need  of  the  pump.  The  study  is  limited  to  examining  only  the  lift  and  lower
functions and it concentrates mainly on energy issues which are considered in constraint
of a given work cycle that  is based on real truck usage data. The control  issues are  for
the present left aside. The aim of the study is to find out the magnitude of the savings in
energy  consumption  that  are  achievable  with  this  arrangement  compared  with  a
conventional truck.

The study is compounded of measurements with a traditional truck mast hydraulics and
with an energy recovery system enhanced mast hydraulics, and also simulations of both.
The measurements of the system with energy recovery are initial, that is, some sections
of the system are not yet optimised. The models of mechanical, hydraulic and electric
components of the systems are based on general catalogue data and measurements.

2. METHODS

This  chapter  describes  the  energy  recovering,  storing  and  reusing  test  system  and  the
corresponding simulation model. In addition to this, the test cycle and its parameters are
introduced.

2.1. Energy recovery system – test setup and operation

Since the other mast functions (extracting/retracting of the mast and tilting of the fork)
are of minor importance considering energy recovery, the test system concentrates only
on the lifting and lowering functions. Circuit diagram of the system is presented in Fig.
1.  The  system  retains  the  original  truck  system’s  telescopic  three  cylinder  mast  with
hoses, pressure relief valve, tank with inclusive equipment and speed controlled electric
motor. Original slide valve and throttle valve for controlling the lowering speed of the
mast  have  been  replaced  with  twocontroledge  digital  valve  package  (Digital  Flow
Control Unit, DFCU)  for controlling  flow from  lift cylinders  to the energy recovering
pressure  accumulators  and  tank.  Check  valve  in  the  suction  line of  the  pump  enables
pressurization  of  the  line  and  the  twoway  poppet  type  valve  enables  connection
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between accumulators and suction line. The original gear type pump was replaced with
same displacement size (Vi =19 cm3/r) piston type pump/motor since the former did not
allow pressurization of suction line.

Figure 1.  Circuit diagram of test system

The pump/motor used in this study was due to practical reasons of type mainly used for
motor purposes. This,  in addition to spatial requirements of additional components and
therefore unoptimised pipe/hose lengths,  led to serious cavitation in the suction line of
the pump especially  in  high  rotational  speeds.  In order  to complete  the measurements
using also moderate and high lift speeds the system was equipped with auxiliary feeding
pump. This vanetype pump and its hydraulic system was sized and designed so that it
could match the flow of the main pump while giving a steady 0.5 bar to the main pumps
inlet. The error of  this  slight assistance of nonsystem component was cancelled  from
the result using the measured flow and the pressure in the inlet of the main pump.
Total  accumulator  capacity  is  partitioned  into  four  4  litre  piston  type  units which  are
connected via a divider  manifold. Partitioning  is  due easy  future modification of  total
accumulator capacity, which in these tests was 16 litres.

Instrumentation  of  the  system  covers pressures,  flows,  temperatures,  rotational  speed,
torque,  load  forces  and  load position.  The  instrumentation  of  original  truck  system  is
described  in  more  detail  in  [1].  The  system  depicted  in  Fig.  1  was  additionally
instrumented  with  a  flow  transducer  for  measuring  the  accumulator  flow,  and  three
pressure transducers for measuring pressures at digital valve block which was required
for controlling the flows. In addition to this, one of the accumulators was instrumented
for measuring piston position, gas chamber pressure and temperature of gas.
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Measurements were  carried  out  using  Simulink  xPC  Target  software,  which  included
also a controller for the DFCU. The controller defines which valves of the DFCU (both
control edges) are to be opened and which closed  in order to fulfil  simultaneously the
charging  of  the  accumulators  and  the  demanded  lowering  speed.  The  controller
calculates  the  flow  through control edges using data  from pressure  transducers. These
calculations are based on the orifice flow equation given with

ρ
pACq ∆⋅

⋅⋅=
2

qV (1)

where Cq  is  flow  coefficient, A  is  area  and  p  is  the  pressure  difference  of  a  given
orifice. However, since there are flow obstructions in the valve block and additionally in
the piping, this equation does not precisely depict the real proportion between flow and
pressure difference when using nominal values for parameters. In order to achieve more
accurate flow equation 1 is formulated to

zpKq ∆⋅=V (2)

and  the corresponding  values of K  and z are  individually  identified  for  each valve on
DFCU  and  adapted  to  the  controller.  The  controller  is  introduced  more  thoroughly  in
[2].

The  mast  movement  is  hydraulically  divided  into  two  stages,  a  free  lift  zone  that  is
realized with a  single plunger piston cylinder,  and a upper  lift  zone  realized with  two
parallelly  connected plunger pistons. The combined effective piston areas of  latter  are
slightly lesser compared with the former in order to confirm the right movement order
of  the  stages.  Both  stages  are  equipped  with  chain  gears  in  order  to  reach  larger
movements.

In  lifting phase  the opening speed of  the mast (rate of climb of the  load)  is controlled
through the speed of the pump operating electric motor. In lowering phase the speed is
controlled with DFCU which divides the flow from cylinders between accumulators and
tank. As long as the pressures at accumulators (precharge pressures are 60 bar in these
tests)  are  low  enough  to  maintain  required  lowering  speed  of  the  load,  the  flow  is
directed to accumulators and  the accumulators  are being charged. The combination of
opened  DFCU  valves  is  selected  on  the  grounds  of  required  speed  and  the  pressure
difference between accumulator package and cylinders. When the accumulator pressure
rises and the pressure difference over  the control edges of DFCU valves decreases the
combination of opened DFCU valves is changed to yield larger opening area. At some
point the maximum opening area is reached and after that the required lowering speed
can no longer be maintained by directing flow to accumulators. Now the valves of the
other control edge of DFCU are opened and the cylinder flow is bled to tank in order to
maintain the required speed. Since this flow (/pressurized volume) is wasted it  is to be
kept minimum, which calls for optimization of accumulator capacities and precharging
pressures in compliance with typical loads and lifting heights.

When  the  next  lift  commences  the  poppet  valve  connecting  accumulators  and  pump
inlet is opened which leads to pressurization of pump inlet. This  in turn diminishes the
pressure difference  between pump ports and  leads  to  lower  torque need at pump axle
and therefore also lesser power requirement from the electric motor.
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2.2. Energy recovery system – simulations

The simulation model of the original nonmodified system consists of hydraulic circuit
of a reach trucks lift function. In the model of original system the main components are
pump driven with frequency controlled electric 3 phase motor, proportional flow control
valve, and mast system including three lift cylinders.

The model of electric motor is simplified and it uses only static efficiency factor. This is
fairly accurate when the rotational speed and load are sufficient, as they are in this case.
The  pump  is  modelled  with  Schlösser  model  [3]. The  mast  system  includes  the
mechanical structures and mast hydraulics with piping. Flow control valve  is modelled
based on equation 1.
In  the  simulation  model  of  the  energy  recovering  system  the  flow  control  valve  is
replaced with model of  the DCFU. The DCFU model used  in this  simulation  is based
DFCU  block  used  in  other  projects  in  fluid  power  laboratory.  For  this  study  a  new
DCFU block was acquired, which leads to a small difference between the parameters of
the  simulated  and  measured  DFCU:s.  The  accumulator  is  modelled  using  real  gas
equations. Both simulation models are more thoroughly presented in [2] and [4].

2.3. Tested and simulated work cycle

The  work  cycle  was  constructed  to  represent  a  typical  usage  situation  in  storehouse
operation. The cycle consists of four lift and lower operations, depicted in Fig. 2. At the
beginning of  the cycle  the pressure accumulators are empty, and  the possible  residual
energy at the end of the cycle is calculated with:

pVEres = (3)

where p is pressure in accumulator and V is volume of pressurized fluid in accumulator.
This energy is then deducted from the measured or simulated energy consumption.

Figure 2. Work cycle

The masses, interval times and lift heights between individual work cycles are presented
in Table 1.

t1 t2 t3

h1 h2
h3 h4

Phase 1 Phase 2 Phase 4
Phase 3
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Table 1. Work cycle parameters (m = mass of the mast)

Phase 1    Phase 2    Phase 3    Phase 4

Mass M [kg] 1500 + m    m + 500    m + 1000    1000 + m
Lift height [m] 2.4 4.0 4.8 2.4

Interval t [s] 30 50 60 

Theoretically  using  a  ideal  (lossless)  system with  ideal energy  recovery  the  test cycle
would yield 8 kJ of excess energy (lifts 97 kJ, retrievable energy in lower 105 kJ).

3. RESULTS

The  study  focuses  on  overall  energy  consumption.  In Fig.  3  is  shown  the  electrical
power drawn from truck battery. It is calculated from measured values of current drawn
and battery voltage. On left is the power usage of whole cycle and on right is scaled plot
of  fourth  phase,  which  illustrates  the  effect  of  accumulator  assistance  on  power
requirement.
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Figure 3. Left: Electric power drawn from battery over measurement cycle. Right:
Scaled power consumption of phase 4.

The energy consumption is calculated with discrete integration from the electric power
data.  The  energy  consumption  on  the  test  cycle  for  both  the  original  system  and  the
regenerative system are illustrated in Fig.  4.
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Figure  4.    Measured  energy  consumption  over  test  cycle  with  original  and
modified regenerative system

Neither  the  power  requirement  (Fig.3)  nor  the  energy  consumption  of  regenerative
system, illustrated in Fig 4, is corrected with adding the energy consumption of assisting
external  pump.  The  measurements  indicated  that  this  system  performed  closely  as
designed. The assisting pressure in lift was measured to be 0.8 bars in average yielding
to an error of 2 kJ over the cycle. The figure given in Table 2 is corrected with this.

Table 2: Total energy consumption over work cycle

Original,
measured

Regenerative,
measured

Original,
simulated

Regenerative,
simulated

Energy consumption
[kJ]   275.2 248.8 231 197

Reduction compared
to corresponding

original [%]
 10  15

4. DISCUSSION

When  concerning  the  difference  between  energy  consumptions  between  measurement
and  its  simulated  counterpart  there  appears  to  be  a  relatively  significant  difference.
Major part of  this can  be  explained  by  the  “idling current”  that was not  implemented
into  the  models.  It  was  measured  to  be  roughly  3  amperes which  yields  roughly  to  a
total energy consumption of 29 kJ over  the 200  second cycle duration. This current  is
caused by auxiliary devices such as fans, electronic controllers and display.
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The tests indicated that the power consumption was reduced by 10 percent compared to
the  original  nonmodified  system,  while  the  simulations  suggested  a  reduction  of  15
percent,  and  therefore  the  test  setup  fell  short  of  this  by  5  percent  points.  However,
when the energy consumptions in simulations are compensated with the 29 kJ additional
consumption caused by idling current, the reduction suggested by simulations drops to
13  percent.  The  main  reason  for  the  residual  3  percent  point  discrepancy  between
simulations and  measurements  remains  to be unclear at  this point, but  there are many
potentially  furthering  factors  identified.  One  contributing  factor  is  that  the
measurements for this study were carried out shortly after  initial system test phase due
to  schedule  restrictions.  This  limited  the  possibilities  for  testing  and  fine  tuning  the
system.  For  example,  the  DCFU  controller  was  tuned  so  that  it  achieved  stable
operation  conditions,  but  there  was  no  optimisation  done  for  maximizing  the  flow  to
accumulators.  Another  possible  factor  is  that  the  system  was  build,  due  to  practical
reasons, outside of  the trucks  frame resulting  in  long piping and hence  larger pressure
losses.

Since  the  pump  and  also  pump  type  was  altered  when  constructing  the  energy
recovering system it was predicted prior to testing that this would have an effect on the
efficiency of the truck. Usually piston type pump, as with modified system, should have
better  efficiency  factor  than  the original gear  type pump.  Based on  the  measurements
the effect of pump replacement was found to be negligible, as observed from Fig 3 with
first to lift operations. The efficiency factors of both pumps will be revised (with data of
T, n, p1, p2 and qV) in near future.
The hydraulic power of external assistance pump was measured to be roughly 60 Watts,
hence  creating  very  minor  error  (2kJ)  in  power  and  energy  graphs  of  Figs.  3  and  4.
From  the  results  of  table  2  this  was  cancelled  out  altogether.  The  requirement  of
assisting pump could be avoided simply by using a pump/motor unit with less restrictive
inlet  port  and  by  designing  inlet  piping  and  check  valves  to  be  less  constrictive.  The
latter would however require structural changes to the truck which was not considered
to be justifiable at this stage.

The strongest advantages of  this  type of energy regeneration system are  the simplicity
and  affordability  of  the  required  additional  components.  This  setup  also  keeps  the
operational  characteristics  of  the  truck  unaltered. For  flow  control  in  lowering  phases
the  two  control  edged  DFCU  was  the  logical  choice,  however,  it  could  also  be
substituted with  two  proportional  valves  coupled  with  two  poppet  type on/offvalves.
The most prominent negative aspect of this arrangement is the systems lack of ability to
store energy efficiently in most operating situations (optimized for only one load and lift
height), as the flow that cannot be fed to the accumulators will be directed to tank and
therefore is unused for regeneration.

5. CONCLUSIONS

An energy recovering and regenerating test system for electrohydraulic reach truck was
developed. Initial measurements  indicated a 10 percent decline  in energy consumption
over  a  given  test  cycle.  Simulations  with  idling  current  compensation  suggested  a
decline of 13 percents, leaving a 3 percent point gap between the two.

In  near  future  this  system  will  be  more  thoroughly  measured  with  variety  of
accumulator  preload  pressures  and  accumulator  volumes.  Also  a  “multi  preload
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modification”  will  be  implemented.  This  system  uses  accumulators  with  at  least  two
diverging  simultaneous  preload  settings  (one  for  each  of  the  mast  lift/lower  phases).
After full analysis of this system, a more effective setup will be created.
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ABSTRACT
Mobile hydraulic systems have typically been designed with focus on functionality and
performance, with little or no focus on energy consumption. With the advancement of
Separate Meter-In, Separate Meter-Out (SMISMO) valves it may, however, be possible
to maintain performance, while at the same time reduce energy consumption. The focus
of the current paper is therefore on energy e�cient control strategies for SMISMO-valve
systems.

The paper �rst presents a general model of the system considered and a linearised model
for this. Based on the linearised model, di�erent control strategies are discussed and a
switching control strategy is presented, utilising only pressure transducers. The control
strategy utilises open loop velocity control, whereas the pressure in the non-load car-
rying chamber is kept constant. To compensate for varying operating conditions di�erent
controllers are designed, utilising a gain scheduling approach to compensate for the va-
rying operating conditions and a feedforward is utilised to improve disturbance rejection.
Finally the systems is experimentally veri�ed, where it is found that it is possible to de-
crease energy consumption signi�cantly while maintaining similar performance as that of
an emulated hydraulic reference system with a pressure compensated proportional valve.

KEYWORDS: Separate Meter-In, Separate Meter-out, Energy Consumption, Gain sche-
duling.

1. INTRODUCTION

Traditionally hydraulic systems have been designed with primary focus on functionality
and performance and with less focus on energy consumption. With the development of
robust sensors and new valve types with separate meter-in, separate meter-out control, new
control possibilities however arise. This not only opens for better dynamic performance,
but also brings increased functionality to the system and the possibility for operating
hydraulic systems more energy e�cient.

The idea of separate meter-in, separate meter-out control is not new, and several acti-
vities have been undertaken in this regard, where main focus has been on decoupling of
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control states. Lantto [1] considered SMISMO-control in relation to decoupling of actuator
velocity and pressure using a combined pump and valve control. Jansson et al. conside-
red the functionality related to separating the metering ori�ces in [2], whereas they in [3]
speci�cally considered a scheme for dynamically decoupling of velocity and pressure in a
hydraulic actuator utilising velocity feedback. The velocity feedback was here necessary to
obtain satisfactory velocity control. Decoupled control has also been considered by Elfving
et al. [4, 5, 6]. In [4] Elfving et al. presents a feedforward control scheme for decoupled
pressure control in an actuator, which is extended with closed loop pressure and velocity
control in [6]. In both cases a velocity feedback is however required. In [5] the strategy is
extended with electro-hydraulic load sensing.

Nielsen [7] considered decentralised pressure/velocity control structures, with decoupling
of velocity and pressure, and also considering strategy switching. Here it was found advan-
tageous to control the actuator velocity by the valve connected to the high pressure side
of the actuator, although additional decoupling may be required. Similarly Qingfeng et al.
[8] considered a switching strategy based on measured velocity to provide smooth accele-
rating and deceleration of large inertia loads. The primary focus of these control strategies
have however been on the control and performance, not directly considering the energy
usage. Considering energy usage, Yao et al. [9, 10, 11] considered adaptive control using
SMISMO-valves, also addressing the energy usage, but focusing on the control algorithms.
Similarly both Liang [12] and Mattila [13] has addressed SMISMO-valves in relation to
energy usage in hydraulic systems. None of these however consider switching of strategies
for saving energy.

In the current paper a control strategy is hence presented, based solely on pressure measu-
rement, and which switches operating mode depending on the operation conditions. The
paper �rst presents the considered system and an experimentally veri�ed model of this.
Based on the presented model a linearised model is derived, which is the foundation for
the discussion of di�erent control strategies handling both resistive and overrunning loads
under various operating conditions. The discussion is based on an analysis of the sys-
tem dynamics under di�erent operating conditions, which also constitute the basis for the
controller development. The controllers are developed with basis in separating the system
velocity and the pressure in the non-load carrying chamber, and di�erent measures are in
this regard discussed and implemented to improve disturbance rejection and system perfor-
mance. To compensate for the varying operation conditions a gain scheduling approach is
presented, which utilises only pressure sensors. Finally the controllers are experimentally
validated and the performance of the system is compared to that of a similar hydraulic
reference system with a traditional proportional valve, �nding that similar performance is
obtained, but with reduced energy consumption.

2. SYSTEM MODELLING

As describe in the introduction this paper focus on the energy saving possibilities arising
from using SMISMO-vlaves. The application in which the SMISMO control is tested is on
the cylinder raising and lowering the boom of a teletruck. In this paper the control strategy
development and controller design is based on the simpli�ed system model presented in
Fig. 1. The considered system consist of a di�erential cylinder actuating a varying load
where the cylinder is actuated by a SMISMO valve. The current SMISMO valve have one
spool connected to supply pressure and one connected to tank pressure, and the possibility
of connecting these to either the port A or B. The spool positions are restricted to be of
same sign, hence short-circuiting supply and tank is avoided.
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Figure 1. Simpli�ed system model

The notation follows from Fig. 1. The tank pressure is assumed constant whereas the
pump is con�gured as an ELS-system. The pressure build up in respectively the piston
and rod side chambers of the cylinder may be described by the continuity equation as:

ṗp =
βp
Vp

(Qp − ẋp ·Ap) (1)

ṗr =
βr
Vr

(ẋp ·Ar −Qr) (2)

Where the cylinder volumes are: Vp = Vp.hose + xp · Ap and Vr = Vr.hose + (L − xp) · Ar
respectively. xp is the piston position and ẋp the piston velocity. Vp.hose, Vr.hose are the
hose and dead volume for the piston and rod side cylinder chamber respectively. The �ows
Qp and Qr may by described as:

Qp =

 Cd · w · xvS ·
√

2
ρ |pS − pp| · sign(ps − pp) for xv = 0

Cd · w · xvT ·
√

2
ρ |pp − pT | · sign(pp − pT ) for xv < 0

(3)

Qr =

 Cd · w · xvT ·
√

2
ρ |pr − pT | · sign(pr − pT ) for xv = 0

Cd · w · xvS ·
√

2
ρ |pS − pr| · sign(pS − pr) for xv < 0

(4)

Where w is the area gradient of the valves. The supply and tank spool are model as two
linear second order systems:

Gv.i(s) =
xv.i(s)

xv.ref.i(s)
=

w2
nv

s2 + 2 · ζ · ωnv + ω2
nv

(5)

The force produce by the cylinder is modelled as:

Fcyl = pp ·Ap − pr ·Ar − Ffric (6)

Where:
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Ffric = B · ẋp − tanh(ẋp · c) · Fc (7)

Where B is the viscous damping coe�cient and Fc is the coulomb friction, with c being to
adjust the slope around zero velocity. The model of the mechanical system is written on
standard closed form:

M(xp)ẍp +B(xp, ẋp)ẋp +G(xp) = Fcyl (8)

WhereM(xp) is the equivalent mass inertia, G(xp) is the gravitational force and B(xp, ẋp)
contains the Coriolis and centripetal-terms. The e�ective bulk modulus βeff for the oil is
model as:

βeff (p) =
1

1
βoil

+
V%,air
βair

(9)

With the volume content of air being determined as:

V%,air =

(
p0 · V%,air,0

p

) 1
κ

(10)

With p0 being atmospheric pressure, κ = 1.4 (assuming an adiabatic process), βoil =
14000 [bar](oil bulk modulus) and βair = 1.4 · p. The e�ective bulk modulus, βeff is
limited to 8000 [bar].

2.1. Model Veri�cation

To validate the model, experiments have been performed, where the system is given a
varying input and the results compared with the simulation. The results of the validation
are seen in Fig. 2. The supply and tank spool are given the same reference seen in the
middle plot.

From the graphs it may be seen that the simulated piston position nicely follows the
experimental. The pressure of the model is seen to be fairly accurate. Though the steady
state pressure is slightly o�, the main dynamics is captured in the model. The pressure
peaks during constant spool input, around 10 seconds, are due to actuation of additional
actuators. The model derived is thus valid as basis for the controller development.

2.2. Linearised Model

To get an overview of the couplings between the di�erent states in the system, the above
model is linearised in the following. Due to the discontinuity of the �ow equations (3)
and (4) two linear models are developed, one for positive and one for negative valve spool
positions. The linear model for the positive spool position is presented in Fig. 3.

The linearisation constants for the ori�ce equations are:

kq.p = Cd · w ·
√

2

ρ
|pS − pp0| kqp.p =

Cd · w · xvS0√
2ρ|pS − pp0|

(11)
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Figure 2. Experiential and simulated Stroke and spool position.
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Figure 3. Block diagram for xv > 0

kq.r = Cd · w ·
√

2

ρ
|pr0 − pT | kqp.r =

Cd · w · xvT0√
2ρ|pr0 − pT |

(12)

The block diagram reveals that the system is considered a multiple input single output
system. The two reference signals for the spools are input and the piston velocity is the
output. From the block diagram three signi�cant �rst order systems are seen. These are
the two �rst order systems describing the chamber pressures and the mechanical system
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yielding the velocity. Considering the dynamics of the system the �rst order mechanical
system will only change with the change in mass as the linearisation point is varied. The
pressure dynamics (volumes) are, on the other hand, seen to be highly a�ected by change
in piston position and velocity. It is seen that, as the system gain decreases for the piston
side volume with increasing piston position, the system gain increases for the rod side
volume.

3. CONTROL STRATEGIES

The objective is here to present an energy light open loop velocity control, using only
pressure feedback. Hence the system output is the velocity. As describe above the system
under consideration has two inputs and one main output. The control strategy therefor
includes the choice of which states to control other than the piston velocity. In this paper
only primary �ow or pressure control is considered, i.e. each spool either controls the �ow
across it or the pressure in the cylinder chamber to which it is connected. This gives eight
possible control setups. However with a desire to control the velocity while minimising the
energy consumption, the �ow must be controlled in or out of one of the cylinder chambers,
while seeking to control the pressure level in the cylinder chambers. Hence, the main
strategy is to use one spool to control the speed, i.e. the �ow, while the other spool is
controlling one of the pressure levels in the cylinder. This gives the control strategies shown
in table 1.

Table 1. Applicable control setups

Spool Control setups

1 2 3 4

xvS Qp Qr pp pr
xvT pr pp Qr Qp

Meter-in Meter-out

The meter-in strategies are the ones used with a common pressure compensated propor-
tional valve.

As stated in the introduction, the open loop velocity control should perform satisfactory
with both positive and negative piston velocity as well as under in�uence of both resistive
and overrunning load. Hence the system will be exposed to and the control design will
address the four operation modes presented in table 2. The hatched chamber is the load
carrying chamber, i.e. the chamber balancing the load force.

Table 2. Overview of operation modes.

Operation Mode

1 2 3 4

F

v

xvS xvT

F

v

xvS xvT

F

v

xvSxvT

F

v

xvSxvT

From the illustrations in table 2 both spools are seen to be connected to the load carrying
chamber.
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3.1. Choice of Control Strategy

The choice of control strategy consist of choosing a control strategy from table 1 for each
operation mode in table 2.

If the pressure in the load carrying chamber were to be controlled, the task of determining
the pressure reference would be massive due to the varying load. Furthermore, if the
pressure is set too low the load will runaway for an overrunning load or the force available
would be too low to move the load for a resistive load.

Therefore the strategy proposed in this paper entails that the �ow in or out of the load
carrying chamber is controlled by the spool connected to this chamber. Hence the spool
not connected to the load carrying chamber is used to control the pressure level in the
cylinder, by controlling the pressure in the non-load carrying chamber. Controlling the
�ow in or out of the load carrying chamber ensures that the volume balancing the load is
directly controlled, which implies good controllability of the piston velocity. Controlling
the pressure in the non-load carrying chamber gives the possibility to set the pressure
reference arbitrary, when kept below an upper value set by the maximum working pressure.
By ensuring a low pressure reference, the back pressure force to overcome by the working
pressure is lower, hence a lower pump pressure is required.

The proposed strategy, to control �ow in or out of the load carrying chamber and pres-
sure in the other, implies that both the supply and tank spool will be used for �ow and
pressure control depending on the operation condition. Table 3 o�ers an overview of spool
and chamber connections together with control task under the four operation modes.

Table 3. Overview of control strategies and operation modes.

Operation Mode

1 2 3 4

F

v

xvS xvT

F

v

xvS xvT

F

v

xvSxvT

F

v

xvSxvT

Spool Control strategy

xvS pp Qp pr Qr
xvT Qr pr Qp pp

Meter-Out Meter-In Meter-Out Meter-In

3.2. Control system

To explain the controller design operation mode 2 is considered in the following. Here
the piston velocity is positive, hence the linear model in Fig. 3 applies. In this operation
mode the rod side pressure is to be controlled via the tank spool. Doing so and considering
the piston velocity a disturbance in the pressure loop yields the system shown in Fig. 4.
The block Gc.pr.2 is the controller. The design of the controller will be discussed in the
following. It should be noted that the strategy only work when the piston has a positive
velocity, as the pressure gradient is limited by the piston velocity for increasing pressure.
This is due to the used valve arrangement.

Considering the supply spool, the piston velocity is to be controlled in an open loop manner.
Hence the velocity error depends on the precision of the model since no feedback will correct
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kq.r

-

+

pr

Gv.T

xvT.ref xvT

 p(S)

Gc.pr.2

pr.ref

-

+ pe !

Vr0 · s + ! ·kqp.r

Ar

Figure 4. Pressure feedback control system, with displacement �ow disturbance.

the error. Fig. 5 shows the velocity subsystem where the force produced by the rod side
pressure is seen as an ideally constant disturbance.

kq.p

Ap

xvS.ref

-

+ +

+

 p

Gv.S

xvS

pr(s)·Ar

 p.ref Gc. p.2
!·Ap

Vp0 · s + ! ·kqp.p

1

Meq·s + B

Figure 5. Open loop velocity control system, with force disturbance.

The control strategy developed entails that for operation mode 2 an open loop velocity
controller and a closed loop pressure controller is to be designed. The remaining three
operation modes and the according control strategies results in a similar task of designing
an open loop velocity and a closed loop pressure controller. The systems for the remaining
operation modes will have similar structures as above, with similar kind of limitations.

4. CONTROLLER DESIGN

The proposed control strategy leaves a velocity subsystem and a pressure subsystem which
both are considered exposed to a disturbance. The design approach is here to design the
pressure loop su�ciently fast in order to suppress the displacement �ow disturbance (ẋp ·
Ar). Hereby the rod side pressure is assumed constant given a constant reference, whereby
the force disturbance (pr · Ar) on the velocity subsystem is approximately constant and
thereby negligible in the controller design. Besides the controllers Gc.ẋp.2 and Gc.pr.2 active
damping and �ow feed forward are used to shape the dynamics of the control systems. The
following two section presents the controller and compensator design for each subsystem.
Again this is presented for operation mode 2.

4.1. Velocity Control

The velocity subsystem is open loop �ow control with pressure feedback. The spool position
is determined using the inverse ori�ce equation and the pressure measurements at each side
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of the spool. Active damping is furthermore used to improve the system dynamics. The
control law is:

xvS.ref =
1

Cd · w ·
√

2
ρ(pS.meas − pp.meas)

· (Ap · ẋp.ref )−
Kpc · s

τpc · s+ 1
· pp.meas (13)

Where the �rst part is the pressure compensated �ow map of the spool times the desired
displacement �ow. The second term is the active damping, which is to damp the high
frequency pressure oscillations in the system.

4.2. Pressure Control

The pressure subsystem is a closed loop control system, utilising a classical PI-Lead feed-
back controller. The integral-part is included to compensate for the disturbance. To
improve the disturbance rejectibility the pressure subsystem uses the velocity reference
and the inverse ori�ce equation to generate a �ow feedforward. Ideally this �ow feedfor-
ward cancels out the displacement �ow disturbance on the pressure system. The pressure
system with �ow feedforward and controller is seen in Fig. 6. The controller is described
by:

Gc.pr.2(s) = kc

(
kp · s+ ki

s
+

kd · s
τ · s+ 1

)
(14)

Using a pressure compensated inverse ori�ce equation for the �ow feedforward, the damping
e�ect induced by pressure dependency of the ori�ce �ow will be cancelled. Therefor the
pressure measurement used for �ow feedforward is fed back through a �rst order low
pass �lter. Hence the low frequency pressure changes are accounted for whereas the high
frequency pressure oscillation is not accounted for in the �ow feedforward.

kq.r

+

+ pr

Gv.T

xvT.ref xvT
Gc.pr.2

pr.ref

-

+ pe  

Vr0 · s +   ·kqp.r

+ +
kq.r kqp.rAr

!p.ref 1

 · s + 1

Figure 6. Block diagram of the pressure subsystem with FF implemented.

As the system under consideration is highly non-linear the validity of the linear models
are narrow. Furthermore the controller has to be designed conservatively due to the large
parameter variations in the system to ensure su�cient stability margins in the entire wor-
king range. To address the changes in system dynamics caused by parameter variations as
illustrated in Fig. 7, a gain scheduling controller is utilised for the pressure subsystem.
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Figure 7. System dynamics, with various parameters changing. To the left

when position is changing, in the middle the pressure di�erence across the

spool is varied and to the right the various piston velocities are used. All

the varied parameters increase in the direction of the arrow.

A constant parameter controller is shown in Fig. 8 as baseline for comparison. Fig. 9 shows
the open loop pressure subsystem when controlled by the constant parameter controller.
The bode plot is made for 27 linearisation points, i.e. the bode plots are for three piston
velocities, three pressure di�erences and three piston positions. From the �gures it is seen
that there are very large variations in the dynamics, why a constant parameter controller
will not yield acceptable response.
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Figure 8. Constant parameter

controller. Figure 9. Controlled open loop sys-

tem.

To accommodate the above shown variations, a gain scheduled approach is used. The gain
scheduled controllers are varied based on the following parameters; pressure di�erence
across the spool, the piston velocity reference and the position of the piston. The latter is
included to show the in�uence of optional position feedback. To illustrated the changes in
the controller, when each of the parameters change, bode plots for the controller is shown
in Fig. 10. The �gure shows the gain scheduled controllers; to the left with di�erent piston
velocity references, in the middle with various pressure di�erences across the spool and to
the right for various piston position.
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Figure 10. Gain scheduled controller for various linearisation points. To the left

the velocity is change, in the middle the pressure di�erence across the spool is

varied and to the right the piston position is change. All the varying parameters

are increased in the direction of the arrow.

With the gain scheduling controller implemented the controlled open loop bode plot is as
seen in Fig. 11. It should be noted that the gain scheduled controller do not use position
measurements, however if position feedback were used for the gain scheduling the system
seen in Fig. 12.
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Figure 11. GS controlled open loop

system, without positions feedback.

Figure 12. GS controlled open loop

system, with positions feedback.

Comparing the bode plots in Fig. 8 and 11 of the constant parameter controller and the gain
scheduled controller respectively, it is seen how the controlled open loop system varies in
gain and phase shift for the constant controller. Whereas the open loop pressure subsystem
is seen to have a smaller change when controlled with the gain scheduling controller.

Based on the above results it is therefor expected that the system will respond within
satisfactory limits. To verify these expectations the controllers are in the following expe-
rimentally veri�ed.

5. VERIFICATION OF CONTROLLER

The controllers designed are tested on the teletruck, by imposing a velocity trajectory on
the boom cylinder. The measurements of the chamber pressures from a test are presented
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in Fig. 13. During this test the cylinder is running in operation mode 2 and 3. Hereby the
current control strategy seek to control the pressure in chamber B to be constant, where
the reference is set to 10 [bar]. Similar responses are obtained when operating in the other
operating modes.
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Figure 13. Pressure measurements from experimental controller test. Zoomed plots

of pressure peaks are seen in Fig. 14 and 15.

From the pressure measurements both the constant and the gain scheduled controller are
capable of keeping the B chamber from cavitation and holding the pressure close to the
preset 10 [bar]. It is however distinct that the gain scheduled pressure controller is superior
in keeping constant pressure in chamber B compared to the constant controller, even though
pressure peaks is seen during start and stop motions of the piston after 8 and 27 seconds.
A more smooth pressure is furthermore seen in chamber A. The small chattering in the
pressure signal is due to noise on the pressure measurements, which is only mildly �ltered.
The amplitude is however lower than 0.3 [bar].
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Figure 14. Zoom 1 of pressure mea-

surements from controller test.

Figure 15. Zoom 2 of pressure mea-

surements from controller test.

Based on these results it is therefore also found that the system is operating as expected.
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6. COMPARISON

The objective of the current paper was to investigate the energy saving potentials com-
pared to a standard con�guration consisting of a system with a pressure compensated
proportional valve (PCP-valve). Hence it is appropriate for comparison with the current
�ow controlling SMISMO valve. Although highly dependent on the duty cycle and the
loading conditions, the following results do show an indication of the potential energy sa-
vings. The PCP valve and the SMISMO valve are both tested in an ELS application. A
JCB Teletruck is recon�gured to enable ELS pump control and SMISMO valve setup for
the boom cylinder. The PCP valve is emulated with the SMISMO valve setup, with area
ratios of P → A = 1, B → T = 1, P → B = 1 and A → T = 0.36. The LS-margin is set
to 10[bar] for both the PCP valve and the SMISMO valve strategy. The boom cylinder is
given a varying velocity reference and a back pressure reference of 10[bar] for the SMISMO
strategy. The pressure measurements during the test are seen in Fig. 16.
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Figure 16. Pressure measurements during test run.

From the pressure plots it is noticed that the pressure level is slightly higher for the
SMISMO strategy while raising the boom, whereas a signi�cantly higher pressure level is
seen for the PCP strategy while lowering the boom. The higher pressure when raising is
due to the higher back pressure. The value of 10 [bar] is however set to have a reasonable
margin to avoid cavitation. In many situations it may however be possible to lower this
pressure reference. The energy usage for the two strategies is found by integrating the
power output form the pump as.

E =

ˆ
QP (t) · pP (t)dt (15)

Hereby variations and possible bene�ts/disadvantages by operating the pump under dif-
ferent operating conditions is not taken into account.
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Fig. 17 and 18 shows the energy and the power produced by the pump during the test.
From the �gure it is evident that a signi�cant reduction in hydraulic energy usage can be
achieved by choosing the proposed SMISMO strategy over the standard PCP strategy. For
the tested duty cycle this e.g. amounts up to more than 30% energy savings.
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Figure 17. Energy use, during test

run.

Figure 18. Power use, during test

run.

7. CONCLUSION

The focus of this paper has been on exploring the energy saving possibilities arising when
controlling a cylinder by use of a separate meter in separate meter out valve setup. The
paper presents an experimental veri�ed model which is linearised and used as basis for
controller development. The control strategy proposed in the current paper entails that
the �ow in or out of the load carrying chamber is controlled while the pressure in the
non-load carrying chamber is controlled to a constant low level. With the proposed control
strategy the linear model is split in two, by considering the cylinder chambers as partly
decoupled. Based on the linear models, pressure and �ow controllers were developed, in-
cluding both a classical PI-Lead controller and a gain scheduled PI-Lead controller. By
means of comparison the proposed valve setup and control strategy showed great energy
saving potential, which for the tested duty cycle amounts to more than 30% energy reduc-
tion compared to the standard pressure compensated proportional valve. The proposed
control strategy furthermore showed reasonable performance, which matched that of the
emulated pressure compensated proportional valve.
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ABSTRACT 

Increasing fuel cost and tightening of emission regulations are forcing manufactures and 
research institutes to developing energy saving concepts also for heavy working 
machines. In this work energy recovery in the heavy working machine was simulated and 
calculated. Purpose of the preliminary simulations is to study the proportion of the energy 
possible to recover to work cycle’s overall energy. The simulations indicate that energy 
recovery is possible. The simulations were made based on the measurements. The potential 
of the energy recovery both in the transmission and lifting system was demonstrated. 
Hybrid systems are considered for recovering the energy’s potential. 

Simulations of the system make possible to calculate distribution of energy flows in the 
working machine. The most significant result is that there is plenty of energy for 
recuperation. 

KEYWORDS: Energy recovery, hybrid concepts, heavy working machine, 
measuring, simulation. 

1. INTRODUCTION  

Industry and research facilities are working with hybrid technologies. Various 
technologies are presented for heavy working machines. The necessity for hybrid drives 
is not longer question. The issue is finding right and economically viable solution. The 
development costs are prospective risk, but target is covering raised expenses by the 
advantages of the hybrid systems. Those advantages are fuel consumption and pollutant 
reduction for example. 
Energy saving possibilities is based on reduction disadvantageous conditions. Despite 
the fact that the hybrid machine has multiple possibilities on design drafts, the hybrid 
machines have same basic principles: 

1. Automatic start and stop system when power demand is zero 
2. Energy recuperation and re-use 
3. Engine downsizing 
4. Engine operation point optimization. [1] 
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With hybrid technology it is possible to increase efficiency of the transmission. Also is 
possible increase mechanical efficiency of the internal combustion engine if is used 
smaller engine.[2]  

Working hydraulic efficiency improvement is an important role when is target to reduce 
working machine energy consumption.[3] Many heavy working machines use load 
sensing hydraulic system. In multiple actuator systems, load sensing hydraulic systems 
suffer from poor efficiency if in the system have different pressures and flow rates. [4] 

2. CLASSES OF HYBRID SYSTEMS 

Different criteria can be used when classifying hybrids. The first criterion is using 
assistant power, while the second is based on the structure of transmission.  

2.1. Classification based on assistant power 

The assistant power class divides hybrids in four categories i.e. micro hybrid, mild 
hybrid, parallel full hybrid and serial full hybrid. 
 

Table 1. Classification based on assistant power [5] 
 Micro 

hybrid 
Mild 
hybrid 

Full 
hybrid, 
parallel 

Full 
hybrid, 
serial 

Installed electric 
power 

3-5 
kW 

4-20 
kW 

30-120 
kW 

60-400 
kW 

Voltage 14-42 
V 

more 
than 
42V 

144-
600 V 

144-
600 V 

Fuel consumption 
reduced by 

3-5% approx. 
15 % 

15-30 
% 

15-30 
% 

Stop/Start/Generator 
function 

+ + + + 

Recuperation Partly + + + 
Boost mode  + + + 
Electric starting   + + 
Purely electric 
driving 

  + + 

2.2. Classification based on structure of transmission 

The basic structures of hybridization methods can be divided into three categories: 

1. Parallel hybrid 
2. Series hybrid 
3. Power split hybrid 
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Figure 1. 
In the serial electric hybrid, there is no mechanical connection between ICE and 

All energy is converted into electricity using generator. Electric energy can be 
used directly to the transmission or it can charge battery. This concept 

ICE and generator more freely.
components have to design for the maximum power

Figure 2.
In the power split the hybrid planetary gear connects the ICE with electric motor
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At the second option a hydraulic motor and electric generator are used (fig.5). This kind 
of structure can be retrofitted and uses as much as possible the already existing 
technology. 

 

Figure 5. The hydraulic motor and electric generator structure 
At the third option a direct pump control is used (fig.6). An electric machine works as a 
motor and as a generator. In this option has less components and those are simple. Oil 
filtering system must be organized in a different manner because of combined 
pump/motor component. 

 

Figure 6. The direct pump drive 
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3. MEASUREMENTS 

Measurements are made under actual working conditions of a heavy working machine. 
The heavy working machine is demonstration system of this research. The machine is 
driven by the regular user. It is ensured that the conditions are as authentic as possible. 
In the measurements are made different kind of work cycles. The most important of 
these are: 

 unloading a truck to stack 
 transfer stack on the feeding table 
 unloading a rail car 
 accelerating and deceleration 

In those work cycles is possible to calculate powers and energies in the lifting cylinders 
and the transmission. Measurable variables design was assessed the largest energy-
consuming items, together with the engineers who designed the machine, because all 
potential consumers of energy are not possible to measure. Measured variables are: 

 the pressures and lengths of the telescope and lifting cylinder 
 pressures from the four main pumps in the hydraulic system 
 grapple cylinder’s pressures from the controlling valve block 
 grapple cylinder’s pressures end of the hoses 
 acceleration of the machine’s frame  
 all variables provided by CAN bus controller 

The measuring equipment consists of the following components, two portable 
computers, CAN data logger, multifunction data acquisition device, data 
synchronization module and machine’s IO-module.  

 

Figure 7. Data acquisition equipment 
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25 Hz is used to measuring frequency. Various computer-monitored signals are 
synchronized by sending the synchronization pulse signal from the DAQ device to the 
CAN bus. This ensures that the file time stamps can be checked and the information 
will subsequently be transferred at the same time axis. 

4. MEASURED VARIABLES 

Figure 8 shows length of three cylinders. Cylinders are telescope  [m] and lift [m]. 

  

Figure 8. Cylinder lengths 
Figure 9 shows pressures of telescope and lift cylinder. The lift cylinder pressure in 
piston side is [bar], and rod side [bar]. The telescope cylinder pressure in piston 
side is [bar], and rod side [bar].  

 

Figure 9. Pressure of the cylinders 
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Figure 10 describes diesel engine power which is logged from the CAN bus terminal. 

 

 

Figure 10. Engine power logged from the CAN bus 

5. DETERMINATION OF THE CONSUMED AND RETURNED ENERGIES 

With help of acceleration the energy consumed by the machine in the transmission can 
be calculated. It based on formula  

amF k ,          (1) 

where F [N] is attractive force, km [kg] mass and a [m/s2] acceleration along 
longitudinal axis. Attractive force transform into attractive power can be expressed as 
follows 

vFPv           (2) 

where vP  [W] is transmission power without any efficiencies and v  [m/s] is velocity of 
the machine. Velocity is the integral of acceleration over time 

adtv           (3) 

Work cycle’s tractive power is transformed to the energy E [J]. Energy is the integral of 
power over time 

dtPE v           (4) 
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Calculation of hydraulic powers by using cylinder speeds and pressures can be carried 
out as follows. Power cylP  [W] calculation based on equation 

mcylcyl vFP  ,         (5) 

where cylF  [N] is cylinder force and mv [m/s] is velocity of the piston. cylF  [N]  is  
calculated from pressures and the cylinder areas as follows 

mvmvmmcyl ApApF ,         (6) 

where mp [Pa] is pressure in piston side of the cylinder , mA [m2] is area of the piston, 

mvp [Pa] is pressure in rod side of the cylinder and mvA  [m2] is rod side area of the 
cylinder.  

Figure 11 presents relative powers of the lifting cylinder lP  [%], telescope cylinder tP  
[%] and their total totP  [%].  

 

Figure 11. Power of the cylinders 
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Table 2 shows the consumed and possibly to restored the energies. 

Table 2. Consumed and returned energies 

  

Consumed potential 
energy in the lifting 
cylinder[MJ] 

Consumed potential 
energy in the 
telescope cylinder  
[MJ] 

Consumed kinetic 
energy in the 
transmission [MJ] 

 
Work cycle 1 
 

0.79 0.71 2.06 

Work cycle 2 
 7.22 0.78 0.80 

Work cycle 3 
 - - 11.86 

 

Returned potential 
energy in the lifting 
cylinder [MJ] 

Returned potential 
energy in the 
telescope cylinder  
[MJ] 

Returned kinetic 
energy in the 
transmission [MJ] 

Work cycle 1 
 1.46 0.17 0.70 

Work cycle 2 
 1.10 0.24 1.07 

Work cycle 3 
 - - 4.06 

6.  RESULTS AND CONCLUSION 

The paper introduces how to measurement based analysis about energy recuperation 
potential can be done. The paper outlines also the possible ways to capture currently 
wasted degree of energy. 

The power of cylinders and transmission were chosen as outputs of the simulations.  
Potential of the energy recovery both in the transmission and lifting system was 
demonstrated. The lifting motion recovered energy proportion for working cycle 1 is 
108%. Energy is returned more than 100% because the load is stored energy that is 
released in this specific working cycle. In the working cycle 2 is recovered energy 17% 
of the used energy. Work cycle 3 is only accelerating and deceleration. There recovered 
energy is 34%, but of course all of that energy cannot be returned. After data processing 
and simulation it was possible to calculate distribution of energy flows in the working 
machine. The most significant result is that there is plenty of energy for recuperation. 
The results indicate which items are the biggest consumers of energy and where it is 
possible to restore the most energy. Further studies will focus on these items 

The next steps of research are design and simulate possible concepts. Also, the 
economic viability will be studied. 
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ABSTRACT 

Displacement controlled actuation is a throttle-less actuation technology which has been 
shown to offer significant energy savings for multi-actuator hydraulic systems 
compared to traditional load sensing systems.  While the primary means of energy 
savings for displacement controlled actuators is the elimination of throttling losses, 
another major advantage of this system is that power can be recovered and shared 
between actuators.    However, this power must be used instantaneously to assist 
simultaneous working functions because there is no energy storage device.  In this paper 
two hybrid system designs (those with energy storage) for multi-actuator displacement 
controlled systems are introduced.  Aside from energy storage, another major benefit to 
hybrid system designs is that the engine load can be controlled and the rated engine 
power of the system can be reduced.  A detailed multi-body dynamic and hydraulic 
system co-simulation model has been developed for an excavator system and is used to 
simulate the performance and fuel consumption of the hybrid system designs.  For the 
hybrid designs the rated engine power of the excavator was reduced by 50% from the 
nominal system.   

KEYWORDS: hybrid, displacement control, excavator, energy, fuel 

1. INTRODUCTION 

Hybrid vehicles have been studied for many years in the transportation sector and more 
recently there has been a growing interest in the hybridization of off-highway vehicles 
such as construction, mining and agricultural machines.  This push for hybridization of 
off-highway machines is a result of both increasing fuel costs as well as more stringent 
emission regulations continuing to be placed on the industry. Much of the focus has 
been on electric hybrid systems that use batteries and/or capacitors for energy storage 
[1-5] although much research has also been conducted on purely hydraulic hybrid 
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systems using accumulators for energy storage [6-9].   The aim of this paper is to 
introduce two hydraulic hybrid system designs suitable for displacement controlled 
actuation systems and to simulate these designs for a 5 ton excavator system.     

Displacement controlled (DC) actuation is an energy efficient alternative to traditional 
valve controlled systems.  The research group of Dr. Ivantysynova has been studying 
displacement controlled actuation since it was first introduced by Rahmfeld and 
Ivantysynova in 1998 [10].  Figure 1 shows a detailed schematic of a DC actuator (note 
that this is simplified in all other figures).  The primary energy savings offered by DC 
actuators come from eliminating the metering losses in traditional valve controlled 
systems. In addition to these savings DC actuators also have the ability to recover 
energy from negative loads such as gravity assisted lowering or actuator braking. 

 
Figure 1. Displacement controlled actuator hydraulic circuit 

The energy savings promised by DC actuators has motivated a significant amount of 
research on the topic in the past decade [11, 12].  Most recently the DC actuator circuit 
has been implemented as the working hydraulics on a compact Bobcat 435 excavator 
(see Fig. 2) as part of a project funded by the Center for Compact and Efficient Fluid 
Power (CCEFP).  A detailed multi-body dynamic and hydraulic co-simulation model of 
the excavator was developed in 2008 [13] and used to aid in the design and to predict 
the general performance of the prototype machine. These simulations predicted that the 
DC machine would preserve the productivity of the standard load sense (LS) Bobcat 
435 hydraulic excavator while reducing the energy consumption of the hydraulic system 
by 45%.  To validate these findings experimental measurements taken on the standard 
LS machine were compared to measurements made on the prototype DC machine and 
50% energy savings were found and fuel savings of 40% were measured [14]. 

 
Figure 2. CCEFP prototype displacement controlled hydraulic excavator  

1. Power source (engine)

2. DC pump/motor

3. Pump control valve

4. Pump control cylinder

5. Charge pump

6. Accumulator

7. Charge pressure relief valve

8. Reservoir

9. Pilot operated check valves

10. High pressure relief valves

11. Hydraulic cylinder
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Such substantial reductions in the power consumption of the hydraulic system suggest 
that the rated power of the excavator engine could be reduced significantly if an energy 
storage device were added to the system and a control strategy was applied to level the 
engine  load  (note  that  the  accumulator  shown in  Fig.  2  serves  as  a  low pressure  flow 
source, not an energy storage device).  It was previously stated that the measured energy 
consumption of the CCEFP prototype DC excavator was 50% of that of the standard 
excavator with LS hydraulics.  This means the average power is also halved, leading to 
the hypothesis that a smaller engine having half the rated power of the original engine 
could be sufficient for the digging functions of the excavator if an energy storage device 
was added to the system.  Two hybrid system designs will be evaluated within this 
document to test the feasibility of this hypothesis.   

2. HYBRID DISPLACEMENT CONTROLLED EXCAVATOR SYSTEMS 

2.1. Parallel Hybrid System 

Perhaps the most obvious hybrid solution for a DC hydraulic system is what will be 
referred to as a parallel hybrid within this document, and has already been introduced in 
literature as a possible solution for excavators [9].  This type of hybrid makes use of a 
hydraulic accumulator to store energy and an additional variable displacement 
pump/motor to transfer power between the accumulator and the mechanical shaft which 
connects  the  engine  and  the  DC  actuator  pumps  (see  Fig.  3).   It  is  referred  to  as  a  
parallel hybrid architecture because power can be transferred to the mechanical shaft 
(connecting all of the pumps) in parallel by the engine and/or the energy storage system.   

 
Figure 3. Parallel hybrid displacement controlled hydraulic excavator 

2.2. Series-Parallel Hybrid System 

A novel hybrid system architecture for mobile machines utilizing DC actuators which 
has never been published is presented in Fig. 4.  This circuit is presented for an 
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excavator but it could be applicable for any mobile machine having both linear and 
rotary actuators.  In this design the hydrostatic transmission of the excavator swing is 
replaced by a secondary controlled swing motor.  Such a transmission for an excavator 
swing was studied by Petterson [15] with a focus on energy savings.  The pump for the 
secondary controlled swing motor can either be implemented in open circuit or in closed 
circuit  as  shown  in  Fig.  4.   The  swing  circuit  is  a  series  hybrid  because  power  is  
transferred in series from the engine to the secondary power supply (the accumulator) 
and then finally to the swing motor, and energy recovered from the swing motor must 
go back through the same path.  This series hybrid circuit operates in parallel with the 
existing boom, stick and bucket DC actuators which can still receive power from both 
the engine and/or the energy storage system in parallel.  In addition, any power 
recovered by the linear actuators can still be transferred through the mechanical shaft to 
the energy storage pump, which stores the energy in the high pressure accumulator.  

 
Figure 4. Series-parallel hybrid displacement controlled hydraulic excavator with 

open circuit swing pump (left) and closed circuit swing pump (right) 

2.3. Comparison of Systems 

The only notable advantage of the parallel hybrid system over the series-parallel hybrid 
is that it can be added on to any system having DC actuators without requiring any 
modification of the existing hydraulic system.  This is different for the series-parallel 
hybrid system which requires the DC rotary actuator to be replaced with a secondary 
controlled motor which must have variable displacement.  If the closed circuit option is 
used for the swing pump then the original pump from the swing DC actuator can be 
used, but if the open circuit option is chosen then the swing pump must be replaced by 
an open circuit pump. 
In terms of number of components, the series-parallel hybrid has the advantage.  It can 
be seen in Fig. 3 that the parallel hybrid excavator requires a fifth variable displacement 
pump to be connected to the engine shaft (which becomes more and more complicated 
to implement with increasing number of pumps) where the series-parallel system 
requires only the original four variable displacement pumps existing on the standard DC 
system design.  An additional benefit of the series-parallel system is that a single pump 
can be used for all rotary actuators of a hydraulic system.  For example, the excavator 
has two motors not shown for the tracks of the machine which could also use secondary 
control thus eliminating the need for two additional travel pumps. 
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Both hybrid system designs will actually add parasitic losses to the system.  The parallel 
hybrid adds an extra pump which is always spinning and as a result will add the turning 
losses of the pump to the power consumption of the machine.  Not only will the pump 
be spinning continuously, but it will always be connected to high pressure from the 
accumulator which will further increase the losses of the pump.  The series-parallel 
system does not add an additional pump, but it replaces the swing pump of the DC 
system, which is often at low pressures, with a high pressure pump for secondary 
control, thus increasing the power losses of the pump.   

A significant benefit offered to DC actuators by both the parallel and series-parallel 
hybrid designs is the introduction of a high pressure line to the system.  The high 
pressure accumulator could serve as a pressure and flow source for the pump control 
systems of the DC actuators.  A high pressure source would allow more compact 
designs for the swash plate regulation system and/or improved pump control dynamics.  
In addition, the low pressure relief setting could be reduced as this pressure would no 
longer be needed for pump control.  

3. SIZING OF ENERGY STORAGE COMPONENTS FOR HYBRIDS 

Figure 5 shows a plot of the power delivered to the non-hybrid DC hydraulic system 
during a portion of a simulated digging cycle.  The actuator loads and velocities for the 
simulated cycle were obtained from measurements on the prototype machine taken 
while an expert was operating the excavator.  This cycle was chosen for the sizing of the 
hybrid system because it represents an extreme working condition.  The expert operator 
was instructed to complete a truck loading cycle as fast as possible, thus maximizing the 
power output of the machine for the digging functions. 

 
Figure 5. Simulated power of DC hydraulics during a digging cycle 

When the net power at the hydraulic pump shafts becomes negative, this means that 
more power has been recovered by the DC actuators than can be used instantaneously 
by the hydraulic system, and as a result this power will be wasted if it cannot be stored.  
From the figure it can be seen that the net power only dips down to negative values for 
short time periods and in fact this negative energy which would be available for storage 
only amounts to less than 5% of the net energy consumed by the DC hydraulic system 
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during the cycle.  Recall that this is for a 5 ton excavator, but even for a 30 ton 
excavator the numbers are not much higher.  A study was recently published comparing 
a standard LS hydraulic excavator system design with a non-hybrid design using 
hydraulic transformers and a hybrid design using hydraulic transformers.  It was found 
that the non-hybrid system with hydraulic transformers consumed 75% as much energy 
as the LS machine and hybrid version reduced that to 69% of the LS system.  [16].  
Restating this in terms of the non-hybrid design with hydraulic transformers, the 
addition of the energy storage unit only reduced the total energy consumption by 8%. 

If the energy that can be recovered and stored by excavators during typical working 
cycles is in fact this low, then what is the major benefit of adding an energy storage 
device?  It is that the energy storage device can be used to regulate the engine load, 
allowing the engine to operate more efficiently while simultaneously reducing the 
maximum power demand from the engine.  Thus the energy storage system for the DC 
hybrids will not be sized to meet an energy recovery demand, but rather to meet a target 
reduction in the maximum required engine power (or rated engine power) of the system.   

3.1. Specifying Power and Energy Requirements of the Energy Storage Unit 

In the introduction it was stated that the target reduction for the excavator rated engine 
power (resulting from the hybrid designs) is 50% of the engine power of the standard 
machine.  The total power consumed by the DC hydraulic system (which is assumed to 
be the total output power of the engine) along with the maximum engine power 
(Peng,max) and the target reduction of 50% (Ptarget)  are  shown  in  Fig.  5.   Using  these  
variables, the maximum power which may be required from the pump/motor in the 
energy storage system at any given time in the cycle can be defined as:  

 ,max ,maxES eng targetP P P  (1) 

The shaded areas of Fig. 5 (E1, E2, E3 and E4) represent typical energy values for power 
intervals below and above the target power in the digging cycle.  If the engine size is to 
be reduced so that its maximum power output is Ptarget, then E1 and E3 represent energy 
available from the engine to charge the energy storage unit and E2 and E4 represent 
energy demands that the engine alone cannot supply and therefore this energy must be 
supplied by the energy storage system.  Thus, assuming E1, E2, E3, and E4 represent 
average values for the cycle, the energy storage requirement of the hydraulic 
accumulator in the energy storage system is:  

 ESE E E E,max 2 3 4  (2) 

Further, it can be assured that enough energy will be available from the engine to keep 
recharging the energy storage unit throughout the cycle if: 

 E E E E1 3 2 4  (3) 

Finally, it should be stated that these power and energy requirements neglect the 
efficiency of the energy storage system itself and are therefore the same regardless of 
what type of energy storage system is used.  However, as the efficiency was neglected, 
iterations may be necessary in the final design to ensure the requirements of the energy 
storage system are met. 
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3.2. Sizing the Pump/Motor and the Accumulator 

Both of the hybrid configurations presented in Fig. 3 and Fig. 4 consist of a hydraulic 
accumulator for energy storage and a variable displacement pump/motor for transferring 
power between the accumulator and the mechanical shaft which connects the engine and 
the hydraulic pumps.  Thus the accumulator must be sized to meet the energy 
requirement derived in Eq. 2 and the pump/motor must be sized to meet the power 
requirement derived in Eq. 1.  The variables pertaining to the sizing of the accumulator 
include the high pressure relief setting, pmax, the minimum desired accumulator 
pressure, pmin, the pre-charge pressure of the accumulator, p0, and gas volume of the 
accumulator, V0.   Assuming that the pre-charge pressure is set to 90% of pmin and that 
pmax is given, the gas volume of the accumulator can be derived using the Polytropic 
relation for ideal gas to be a function of pmin and EES,max: 

 ESN
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N

E N
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pp p
p

1
,max

0 1

min
min min

max

1
0.9  (4) 

The key variables for sizing the pump motor are the maximum pump displacement, 
Vd,max, the shaft speed of the engine, e, and the minimum desired pressure of the 
accumulator.  The required displacement of the pump/motor to meet the power 
requirement, PES,max, even at the lowest allowable accumulator pressure,  pmin,  is: 

 ES
d

e lp

P
V

p p
,max

,max
min

2
 (5) 

In the above equation plp is equal to tank pressure if an open circuit pump/motor is used 
or it is equal to the pressure of the low pressure line of the secondary controlled swing 
motor if a closed circuit pump/motor is selected. 

Using Eq. 4 and Eq. 5, the required accumulator gas volume and the required 
displacement of the pump/motor are plotted as functions of pmin in  Fig.  6.   For  these  
calculations the engine speed was assumed to be 2500 rev/min, the maximum 
accumulator pressure was set to 340 bar (due to the pressure rating of the pump to be 
used), the Polytropic index was assumed to be 1.25, the target engine power was set to 
18.5 kW (half of the engine power on the standard machine), and EES,max was 
determined to be 25 kJ from the DC simulation cycle analysis.   

  
Figure 6. Accumulator and pump sizes verses  minimum accumulator pressure 
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The prototype DC excavator uses 18 cc/rev pumps for the DC actuators.  For this reason 
it is ideal that an identical pump be used for the energy storage system in both the 
parallel hybrid and series-parallel hybrid systems.  It can be seen from Fig. 6 that 
choosing this size results in a minimum pressure of 250 bar for the accumulator (giving 
a pre-charge pressure of 225 bar) and an accumulator size of 4.3 L.  For the simulation 
study that will follow the accumulator gas volume was actually increased to 5 L as this 
is a standard size for an accumulator. 

4. EXCAVATOR SIMULATION MODELS 

4.1. DC Excavator Model 

A detailed multi-body dynamic and hydraulic co-simulation model is needed in order to 
evaluate the excavator system efficiency and performance and to have the freedom to 
study multiple design options and working cycles.  Such a model has been derived for 
the DC excavator system presented in Fig. 2.  The model was developed in Matlab 
Simulink/SimMechanics and the model structure is shown in Fig. 7.   

 
Figure 7. Structure of excavator simulation model 

4.1.1. Hydraulic System Model 
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Figure 8 shows the measured losses as well as the interpolated fit for the pump at 100 % 
displacement.  Similar curves could also be plotted for lower displacements where 
measurements were made at decreasing intervals of 20 %.   

 
Figure 8. Empirical loss model at 100% pump displacement 

The remaining hydraulic components were modeled in Simulink using standard 
equations describing their dynamic and steady-state behaviours [12, 13].   

4.1.2. Mechanical Model 

The body dynamics and kinematics of the excavator mechanical structure were modeled 
using the Matlab SimMechanics toolbox.  The mechanical model is fully coupled with 
the hydraulic model.  The mass and inertial properties of the excavator linkages were 
obtained from CAD files supplied by the manufacturer. 

4.1.3. Engine Model 

In order to accurately predict the system fuel consumption, the engine of the prototype 
DC excavator was removed and measurements of the specific fuel consumption were 
made across a range of torques and speeds by Analytical Engineering, Inc.  The 
resulting engine map can be seen in Fig. 14.  The dynamics of the engine were assumed 
to be first order and the maximum output torque of the engine was limited as a function 
of engine speed based on the maximum torque curve of the engine.  Recall that for the 
hybrid systems it was the aim of the author to see if the rated power of the engine could 
be reduced by 50%.  An engine map for an engine of half the nominal power was not 
available.  Instead, it was assumed that the speed range of the smaller engine was the 
same as that of the nominal engine and the maximum torque curve was then scaled by 
50%.  It was also assumed that efficiency characteristics of the small engine were the 
same as that of the larger engine and this can be seen by comparing Fig. 14 and Fig. 15 
in the results section. 

4.2. Parallel Hybrid Model 

Very few modifications of the baseline DC system model were required to create the 
parallel hybrid system model.  No change was necessary for the architecture or the 
control of the existing DC actuators.  A pump loss model identical to that described for 
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the DC pumps was used to model the torque and volumetric losses of the energy storage 
pump/motor.  A capacitance based model was used for the high pressure accumulator.   

 

1

line 0 0
Haccu 1

hp

N

N
N

V V pC
K N p

 (7) 

The pressure in the accumulator could then be found as a function or the effective pump 
flow and any flow lost over the relief valve.  No power losses were assumed for the 
accumulator in this study, but high efficiencies should be expected because the cycle 
time for charging and discharging the accumulator is only about 10 seconds, which 
leaves little time for energy to be lost in the form of heat. 

4.3. Series-Parallel Hybrid Model 

The pump and accumulator models for the series-parallel hybrid system are the same as 
the models used for the parallel hybrid.  The only difference is that the pressure of the 
accumulator is now not only a function of the pump flow and the flow through the high 
pressure relief valve.  The flow through the swing motor must be considered as well.  In 
this system the swing motor is assumed to be a variable displacement swash plate unit 
and therefore the same type of loss model used for the DC pumps was able to be used 
for  the  motor.  Note  that  this  same  model  was  used  for  the  motor  in  the  other  two  
systems as well, only the displacement was fixed at 100%. 

4.4. Hybrid Controls 

For the current study a rule based control method was used to control the displacement 
of the energy storage pump during the simulations.  An identical control strategy was 
used for both the parallel and the series-parallel hybrid systems.  No attempt was made 
to control the engine speed in the simulations, rather the engine was set to high idle 
(2780 rev/min)   and as a load was applied, the engine speed would drop according to 
the maximum torque curve.  This is typical of standard excavator operation.  The 
control strategy only attempts to control the load placed on the engine.  Future work 
however will involve optimizing the engine speed and load to minimize the fuel 
consumption of hybrid systems. 

The  target  load  for  the  engine  was  set  to  be  78  Nm of  torque  which  is  the  maximum 
torque of the hybrid system engine at 2500 rev/min.  This is also the point where the 
engine torque begins to roll off and is nearly the most efficient operating point of the 
engine.   Assuming all loads on the engine come from the hydraulic system, the engine 
load can be found by summing the effective torques of all the hydraulic pumps in the 
system as shown in Eq. 8.  The torques of the hydraulic pumps are easily found using 
feedback of the pump pressures and displacements and the displacement of the energy 
storage pump is used as a control element to increase or decrease the engine load torque, 
as needed to maintain the constant target value. 

 d
L s

V pM M
2

 (8) 
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There are two cases where tracking of the target engine load torque is discontinued and 
these are shown in Eq. 9. 

 max ,max

min ,max

if then 0.05

if then 0.05
hp d d

hp d d

 p p  V V

p p  V V
 (9) 

The logic behind Eq. 9 is that if the pressure in the accumulator exceeds pmax then 
power is being wasted over the relief valve and therefore the pump displacement should 
be decreased to generate only enough flow to hold the pressure in the accumulator (in 
this case 5% was assumed).  If the pressure falls below pmin then the performance of the 
hybrid machine will be hindered (especially in the case of swing control in the series-
parallel hybrid) and thus a minimum pump displacement is set to maintain pmin. 

5. SIMULATION RESULTS 

In section 3 it was explained that a digging cycle which represented an upper bound on 
the expected power demands of the hydraulic actuators was chosen for this study to 
ensure that the hybrid system was sized to meet extreme operating conditions.  This 
cycle was obtained by instructing an expert operator to perform a truck loading cycle as 
fast as possible.  Measured actuator positions on the prototype DC machine taken 
during this cycle were used as inputs to create desired actuator trajectories for the 
simulation models.  The measured pressures during the cycle were used to calculate 
external load forces for the simulation.  The length of the total cycle was nearly 200 sec 
but for most results only a representative portion of the cycle will be shown.  Three 
simulations were run: 

1. Simulation of the non-hybrid displacement control (DC) excavator 
2. Simulation of the parallel (P) hybrid excavator system (50% engine power) 
3. Simulation of the series-parallel (S-P) hybrid system (50% engine power) 

 
The results for the simulated actuator positions for all three simulations are shown in 
Fig. 9 compared to the reference signal for the simulations.  The swing actuator controls 
the cabin rotation, and the position of the linear actuators is defined such that zero 
corresponds to the actuator being fully retracted.  In the figure it can be seen that the 
tracking results for the three different systems are indistinguishable and in fact the 
calculated work done by the three different systems varies by less than 1% of the mean.   
The fact that the hybrid systems are able to track the trajectory without falling behind 
verifies than the engine power can indeed be reduced by 50% for hybrid systems 
without sacrificing the performance of the digging functions of the excavator.  Note that 
some tracking error is seen for the boom actuator but this does not affect the simulation 
results because the error was identical for all systems simulated. 
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Figure 9. Simulated actuator positions 

Figure 10 shows the total simulated power of the hydraulic systems, which is equal to 
the load powers of the engines.  Note that the power of the hybrid systems is fairly 
constant with the exception of short periods where the power drops.  These periods 
represent instances where the accumulator has been charged to its maximum pressure 
and hence the displacement of the storage pump is reduced, which in turn lowers the 
power demand from the engine.  The fact that the system powers of the hybrid systems 
are repeatedly allowed to drop below their max power during the cycle, indicates that 
engine power could actually be reduced even beyond the 50% reduction from the 
nominal engine power.  It should also be noted that the DC system repeatedly peaks 
near its rated engine power of 37 kW throughout the cycle. 

 
Figure 10. Total power entering hydraulic systems through pump shafts 

The engine speeds during the three simulations are plotted in Fig.  11.   Recall  that  the 
engine speed is only governed by the engine load.  Comparing Fig. 10 and Fig. 11 it can 
be seen for the hybrid systems that when the engine power stays nearly constant so does 
the engine speed, and when the engine power dips then the engine speed increases 
towards the high idle setting of 2780 rev/min. 
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Figure 11. Simulated engine speeds 

To verify that the pump/motor and accumulator of the energy storage systems were 
sized correctly, the accumulator pressures during the entire digging cycle for both the 
parallel and series-parallel hybrid systems are plotted in Fig. 12.  It can be seen that 
after each discharge of the accumulator, the pump/motor is able to recharge the 
accumulator to full pressure, which shows that a suitable pump motor size was selected.  
The minimum desired accumulator pressure was 250 bar and the results show that this 
target was met indicating that a 5 L accumulator was a sufficient size for this cycle. 

 
Figure 12. Parallel (P) and Series-Parallel (S-P) simulated accumulator pressures 

Figure 13 is a bar plot showing the total energy used by the three different hydraulic 
systems to complete the digging cycle and the corresponding fuel consumption of the 
engine.  It is interesting to note that the energy consumption of the hybrid hydraulic 
systems is actually about the same as the energy consumption of the non-hybrid DC 
system.  This was expected however because the power analysis showed very little 
negative power being put back on the engine shaft.  It was previously explained that 
both hybrid systems add parasitic losses to the DC system, however these losses are 
countered by the lower engine speeds seen with the hybrid systems which reduce the 
pump losses by allowing them to operate at higher displacements.  The hybrid systems 
consume less fuel than the non-hybrid DC system due to the use of smaller engines and 
engine load control which result in improved overall engine efficiency for the cycle.  
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Figure 13. Total energy and fuel consumption of the three hydraulic systems 

The improved efficiency of the engine and the resulting fuel savings can be understood 
by looking at Fig. 14 and Fig. 15 which show the operating points of the engines during 
the simulations.  Recall that the engine always operates along the maximum torque 
curve because it was assumed that the idle speed of the engine was set to 2780 rev/min.  
Because all of the operating points fall on this torque line, it is difficult to tell from a 
scatter plot at which location the engine is operating most frequently.  Therefore in the 
figures below bins spaced at 50 rev/min intervals were created and the number of 
operating points falling within a speed bin throughout the entire cycle is represented by 
the size of the dot plotted at the given speed.  Looking at the plot for the non-hybrid DC 
system it can be seen that the operating point of the engine is spread fairly evenly 
between 2500 and 2780 rev/min, but the brake specific fuel consumption of the engine 
is near its minimum at 2500 rev/min and it is near its maximum at 2780 rev/min.  For 
the hybrid simulations it can be seen that most of the time the engine is operating near 
2500 rev/min due to the controlled load and this offers significant fuel savings because 
this is the near the most efficient operating point of the engine.   

 
Figure 14. Engine operating points of DC excavator simulation (contour lines are 

bsfc in kg/kW-hr) 
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Figure 15. Engine operating points for parallel hybrid (left) and series-parallel 

hybrid (right) simulations (contour lines are bsfc in kg/kW-hr) 

6. CONCLUSIONS 

Two hydraulic hybrid system architectures for displacement controlled actuator 
hydraulic systems were presented.  These systems allow energy storage through the use 
of a hydraulic accumulator and make possible active control of the engine load.  The 
first system was a parallel hybrid which requires the addition of a pump/motor and an 
accumulator.  The second system presented was a novel system design which has never 
been published.  It has been referred to as a series-parallel hybrid system in which the 
excavator swing is a series hybrid secondary controlled drive which can deliver power 
to, or recover power from, the linear DC actuators acting in parallel to this system.  A 
method was proposed for sizing the energy storage components of the hybrid systems 
based on a sample digging cycle with high power requirements.  Logic was also 
presented for using the energy storage system to control the engine load in order to 
maintain a constant load at an efficient operating point of the engine.  Simulations of the 
non-hybrid system and the two hybrid systems showed that the rated engine power for 
the hybrids could be reduced to 50% of the rated engine power of the non-hybrid system 
without sacrificing the performance of the excavator digging functions.  In addition it 
was found that if similar engine efficiencies were assumed for the engines then the 
parallel hybrid system would reduce the fuel consumption of the non-hybrid system by 
18.5% and the series-parallel hybrid system would reduce the fuel consumption by 
20.3%.  Finally it should be stated that this study was only a preliminary study of the 
potential benefits offered by hybrid DC hydraulic systems and it should be realized that 
even higher fuel savings could be achieved through hybrid systems if optimal control 
strategies were implemented.   

7. ACKNOWLEDGEMENTS 

This research was supported by the Center for Compact and Efficient Fluid Power, a 
National Science Foundation Engineering Research Center funded under cooperative 
agreement number EEC-0540834.   

1500 2000 2500
0

20

40

60

80

Speed (rpm)

To
rq

ue
 (N

m
)

0.
270.

2 7

0.27 0.28

0.28

0.
280 .
28

0.
28

0.3

0.30.3

0.32

0.320.32

0.
32

0 .
35

0.350.35
0.

35

0.40.40.4
0.

4

0.5 0.5 0.5

1500 2000 2500
0

20

40

60

80

Speed (rpm)

To
rq

ue
 (N

m
)

0 .
270.

27

0.27 0.28
0.28

0.
280.
2 8

0.
28

0.3
0.30.3

0.32

0.320.32

0.
32

0.
3 5

0.350.35

0.
35

0.40.40.4

0.
4

0.5 0.5 0.5

231



8. NOMENCLATURE 

 pump displacement [%] 
 shaft rotational speed [rad/s] 

F force [N] 
Fext actuator external load force  [N] 
K oil bulk modulus [Pa] 
ML engine load torque [Nm] 
Ms torque losses [Nm] 
N polytropic index for ideal gas [-] 
P power [W] 
PES power of energy storage unit [W] 
V0 accumulator gas volume [m3] 
n shaft rotational speed [rev/min] 
p fluid pressure [Pa] 
p0 accumulator gas pre-charge pressure [Pa] 
p1 cylinder head side pressure [Pa] 
p2 cylinder rod side pressure [Pa] 
php high pressure accumulator pressure [Pa] 
pmax accumulator relief pressure setting [Pa] 
pmin minimum accumulator operating pressure [Pa] 
v linear velocity of hydraulic cylinder [m/s] 
x linear position of hydraulic cylinder [m] 
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ABSTRACT 

In this article a novel idea how to realize an energy efficient multi-variable control 
concept for a differential cylinder with an independent metering valve system for 
industrial applications is presented. The extension of the operating area of such a system 
by using energy regeneration and pressurization control is also discussed. The proposed 
control concept for the system is a LQR configured multivariable state-feedback 
controller with an integral extension. It is shown that the degrees of freedom in this new 
control approach can be used to control the position and the rod side pressure level and 
therefore the pressurization level of the cylinder drive at the same time. By using energy 
regeneration it is shown that a significant amount of hydraulic energy could be saved in 
most of the working areas. The main focus in this paper is the optimization and 
functionality of the multivariable controller. In addition, the principal structure of the 
logic control system that recognizes the possibility of a regenerative mode and then 
switches to the most energy efficient valve configuration is revised briefly. The 
functionality and the performance of the controlled system are shown by simulation of a 
differential cylinder drive. 

 

KEYWORDS: fluid power, independent metering, LQR, multivariable control, 
energy efficiency 

1. INTRODUCTION 

Today directional four-way control valves are the most frequently used valves for 
motion and/or force control in industrial hydraulic applications. These valves allow for 
the simple realization of robust motion or force controlled electro-hydraulic systems 
with high control performance and simple single input single output system structures. 
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A disadvantage, however, are the high power losses due to throttling of the fluid flow 
when used in constant pressure systems [9]. 

One well known possible way to increase the energy efficiency of a valve controlled 
hydraulic system using a differential cylinder is to use regeneration flow. Regeneration 
flow can be defined as pumping fluid from one cylinder chamber to the other by using 
no or minimum flow from the pump while external forces F are small during extension 
of the rod or act in direction of the motion using no or less volume flow from the pump 
[2],[11],[13].  

A known topology to realize regeneration is an independent metering valve 
configuration. A system that uses independent metering is more flexible than a 
conventional system since there are more degrees of freedom and thereby more outputs 
to control [2],[3]. With the loss of the mechanical dependency of the metering eges one 
of the main questions is how to use this new degree of freedom. Previous investigations 
in mobile hydraulics already proved the increase of energy efficiency by using such 
systems for energy regeneration [13]. In addition to energy regeneration the degrees of 
freedom in this new control approach can be used to control the position x and for 
example the rod side pressure and therefore the pressurization level of the cylinder drive 
at the same time. Exploiting this, it is possible to increase the stiffness of the cylinder 
drive and thereby its natural frequency which finally leads to a better tracking 
behaviour. Similar systems utilizing individual metering with four independent valves 
are discussed in [2], [3] and [13]. Further the functionality of special designed control 
valve pistons can be created by adjusting the control software. The main disadvantage 
of independent metering control is the increased control and sensor effort. 

The requirements for a control approach of such an independent metering system in 
industrial hydraulics are different to mobile applications. For industrial hydraulics a 
fully automated motion and/or force control for cyclical nominal values with minor 
expense of commissioning is needed [10]. Furthermore a high level of energy efficiency 
and specified system dynamics and precision are often desired.  

FL

v

pA pB

p0 pT

valve 1 valve 2

valve
3

 
Figure 1. Independent metering valve with a differential cylinder 

In this paper a novel idea how to realize a multivariable control concept for a 
differential cylinder with an independent metering valve system as shown in  Figure 1 is 
presented. The system consists of two 3/3 directional control valves which connect each 
cylinder chamber to the pump or tank. Additionally one 2/2 control valve connects both 
cylinder sides directly. This third valve is used for energy regeneration or for active 
damping of the cylinder drive. The proposed multivariable control concept is a LQR 
configured state-feedback controller with an integral extension. A similar control 
concept was also proposed in [3] to control a swing arm function using two 2/2 pressure 

236



compensated "valvistor" type valves. The presented new concept in this work uses no 
pressure compensation and also includes a feed-forward-control. The included logic 
control recognizes the possibility of using regeneration and switches to the most energy 
efficient valve configuration. The main focus in this paper is the optimization and 
functionality of the multivariable control system. The functionality and the performance 
of the control system are shown on a simulated differential cylinder drive. It is proven 
by simulation that through energy regeneration a significant amount of volume flow 
from the pump can be saved. The energy regeneration works only in specified operating 
areas. These operating areas of the independent metering device are discussed in the 
next chapter. 

2. FOUR QUADRANT OPERATION 

2.1. Comparsion of Operating Areas 

In  Figure 2 the four-quadrant operating area of a differential cylinder with a 4/3 
proportional control valve with and without adapted metering edges is compared to the 
independent metering valve configuration in  Figure 1. For the independent metering 
valve controlled cylinder only the two 3/3 valves are used for this discussion. The 
resulting operating areas when using regeneration flow will be described later in chapter 
 2.2. The metering edges of all the valves have the same characteristic values. The 
surface ratio of the cylinder is defined as α=AA/AB. The ratio of the metering edges is 
called β=QNennA/QNennB [4].  
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Figure 2. Four quadrant operation without regeneration (left and middle[4]) 

 Figure 2 shows that by adapting the metering edges of a 4/3 proportional control valve 
the operating area of the cylinder drive for extension is expended to handle bigger 
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negative forces FL. At the same time the maximum permissible positive force for 
retraction is lowered. However the achievable velocity for each FL operating point of 
the cylinder drive is lowered for both directions of motion when compared to the 
normal 4/3 control valve. The maximum achievable velocity for extraction stays the 
same for all three compared operating areas. 

When using independent metering one of the main advantages is the possibility to 
control more degrees of freedom and therefore more state and control variables in your 
system [7]. In this case the position x and the rod side pressure pB of the cylinder are 
controlled at the same time. With other words by controlling pB the pressurization level 
of the cylinder can be adjusted. In order to compare the independent metering to a 
classic 4/3 valve the left valve (y1) is 100% open for extension and -100% open for 
retraction. The shown working areas for extension and retraction are created on the 
precondition that the pressure pB is fixed. The pressure pA can be calculated for each 
operating point by the balance of forces with the actual work load FL. With the pressure 
drop over valve 1 (y1) and the assumption that this valve is 100% open the volume flow 
QA can be calculated. α then defines the volume flow QB=QA/α. The actual opening of 
valve 2 (y2) can be estimated by QB over the general flow rate equation [8].   

 Figure 2 shows, that by changing the rod side pressure the maximum and minimum 
processable work force FL for the cylinder drive can be changed and the complete four 
quadrant area of both shown 4/3 control valves can be used by shifting the operating 
areas for extension and retraction. The areas are bound by the requirements that the 
opening of valve 2 can reach a maximum of ±100% and the pressure pA or pB can not be 
lower than 0 bar. Under the assumption that the work force FL and the velocity of the 
cylinder are fixed for an operating point the required power for extension and retraction 
is the same. By changing the pressure pB and therefore the pressure drops over both 
valves the power loss due to throttling of the fluid flow can not be reduced. 

In this work the control of the rod side pressure pB is used to increase the stiffness of the 
cylinder drive and thereby its natural frequency. This finally enhances the performance 
of the controlled system. One of the challenges is how to generate this nominal pressure 
value in order to guarantee the optimal stiffness of the cylinder considering the 
protection against fluctuations of the load force FL. 

2.2. Four quadrant operation using energy regeneration 

In order to save energy during extension or retraction of the cylinder drive regeneration 
flow is used [2],[11],[13]. By using regeneration flow the working area of the cylinder 
drive is extended as shown in  Figure 3. In principal three different modes can be used 
with this valve configuration. During all regeneration modes the rod-side chamber 
pressure is controlled as well. The "normal mode" shows the independent metering 
mode with pB control using the two 3/3 valves as already shown in  Figure 2. 

The "powered extension regeneration mode" of the cylinder drive is normally used in 
order to control the cylinder in the first quadrant [2],[13]. By the control of pB through 
the third valve the drive can handle positive and also negative forces (second quadrant) 
as well. This is an advantage that can be achieved by the multi-variable control of the 
independent metering valves compared to systems like the proposed A-hybrid circuit 
valve in [11]. During this mode the required volume flow from the pump is reduced to 
Q0reg=Q0(1-1/α). The maximum positive force during extension, however, is reduced as 
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well to F/Fmax=1-1/α. The maximum achievable velocity could be increased at the same 
time depending on the valves and cylinder characteristics. In order to compare the 
working areas to "normal mode" all the valves have the same edge characteristics. The 
calculations for the boundaries of the working areas are analogue to the ones presented 
in section  2.1. 

During the "extension regeneration mode" no volume flow from the pump is needed at 
all [2],[13]. The maximum achievable velocity depends on the preload pressure of the 
tank (in this case 10% of p0). For practical use this mode is very difficult to control 
because the rod-side pressure pB is very low and pA needs to be even lower (pB>pA). 
Therefore cavitation in one of the cylinder chambers is very likely to occur [2],[13]. 

Working in the "retraction regeneration mode" the cylinder drive could also be 
positioned without the need of volume flow from the pump [2],[13]. As it is shown the 
maximum achievable velocity during this mode is theoretically higher than in normal 
mode. The rod-side pressure pB however must be lower than the piston side pressure pA. 

 
Figure 3. Four quadrant operation  using energy regeneration 

It has already been proven that by use of regeneration flow the needed energy for the 
system can be reduced significantly with four independent metering edges [2],[13]. The 
challenges for this independent metering valve system are how to control such a system 
in the different modes and how to generate nominal pressure values for the different 
modes with one multi-variable control system. Further a logic control which recognizes 
the possibility for energy regeneration is needed that switches between the different 
modes in order to save energy. In order to prove the functionality of the control system 
a simulation model of the drive is needed.  

3. MODELLING OF THE HYDRAULIC DRIVE 

For the system analysis as well as for the development of control strategies a nonlinear 
and a linear system model is derived [7],[12]. The nonlinear model of the cylinder drive 
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includes effects like saturation levels, nonlinear friction (Stribeck-curve) and internal 
and external leakage of the cylinder and valves [1],[9]. The valve flow characteristics 
are modelled according to their data sheets including the maximum velocity of the 
valve-spool. The flow characteristics are modelled including the overlap of the valves 
and nonlinear flow rate [1],[9]. The principal structure of the nonlinear model of the 
cylinder drive is shown in  Figure 4 and is implemented in AmeSim.  

The linear model is derived by linearization of the nonlinear differential equations used 
for the nonlinear model. It is used to investigate the general system behaviour and for 
controller design. The valve flow equations are linearized by a truncated Taylor 
expansion and under the assumption of zero valve overlap [4]. The cylinder chamber 
volumes are assumed to be constant. For the linearization the position x of the cylinder 
with the lowest natural frequency is used. 
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Figure 4. Model of the cylinder drive and its linearized State Space representation 

The nonlinear friction effects are neglected except for the velocity dependent friction. 
After these linearizations and assumptions the equations can be combined to the 
linearized multi-input multi-output state space model [7],[12]. 
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The state parameters of the system are the piston position x, the piston velocity , the 
pressures pA/B in the cylinder chambers (the indices A and B denote piston- and the rod-
side of the cylinder), the valve positions y1/2/3 and the valve velocities 1/2/3. Other 
parameters are the load mass m, the damping of the cylinder d, the piston- and rod-side 
area AA/B, the oil bulk modulus K'Öl and the linearized volumes VA/B of the chambers are 
represented by CHA/B=VA/B/K'Öl, the linearized volume flow gain of the valves KQy1/2/3, 
the linearized volume flow pressure gain KQpA/B, the characteristic radial frequency of 
the valves ω01/2/3, the damping of the valves D1/2/3 and the valve gain KV1,2,3. This 
linearized state space model is used in the next chapter for system analysis as well as for 
development and optimization of multivariable control strategies. 

x

y

4. CONTROLLER DESIGN 

4.1. Linear quadratic optimized control 

In chapter  2 it was shown that each control mode only functions in a specific operation 
area. The three main control modes that need to be realized are shown in  Figure 5. The 
stability and controllability of the linear system is proven with the methods proposed in 
[7] and [14]. 
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Figure 5. The three control modes  

The three control parameters are already defined by vector y in equation (1). One of the 
main challenges in every control mode is to compensate the cross couplings through the 
cylinder chambers between position x and pressure pB by an adequate damping 
feedback [3]. This approach uses a multivariable state-feedback controller to gain the 
desired damping of the cylinder drive. In order to guarantee the stationary accuracy of 
the control variables in equation (1) an integral extension is implemented [7],[12]. It 
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also includes an optional feed-forward control. The complete system is shown in  Figure 
6.  

The state controller matrix is called Kx and the integral extension control matrix is 
called Ke [12]. The controller matrices Kx and Ke are optimized to function in all three 
modes so there is no need to switch between different controller structures in the 
system. This is one of the main advantages of this control approach. The switching 
between the three modes is realized by activation and deactivation of the valves inputs 
(vector u) only.  
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Figure 6. Structure of the multi-variable control 

The parameters of the control matrices are optimized by the LQR-method [7],[12]. 
Based on the state space model (1) the control error e in a multivariable control system 
is generally defined as 

 ywe   (2) 

using the command vector w and the output vector y [12]. For the derivative of the 
state-space system and the control error applies [12] 
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0wIn case that the nominal value  is zero the velocity of the control error (3) is given 
by the equation 
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By summarization of the equations (3) and (4) an extended state space representation 
can be described as [12] 
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In order to determine the control matrices for the integral output feedback control the 
linear quadratic optimal control (LQR) is used. A quadratic quality function J is 
minimized to achieve the optimal control parameters for every state variable [12]: 

 . (6)  dt



0

~~~~ uRuxQxJ TT 

The weight matrix Q is defined as a diagonal matrix. Each parameter weighs one of the 
state variables x. The last three diagonal elements of the matrix Q weigh the control 
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error e. The diagonal matrix R weighs the actuation energy of the systems input vector 
[12].  

 *
~

~~min u)uJ( 
u

 (7) 

The minimization of the quality function results in an optimized control system that 
compromises a system with a minimum quadratic control error e and a minimum 
actuating energy [12]. By optimization of the parameters of Q and R the controller can 
be optimized. In this case the control vector u yields 
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The integration of (8) yields the final control matrices: 

   d)(eKxKu ex     with    0)0( ee   (9) 

A feed forward control for this multivariable control system is defined by using a 
prefilter 

    11  BBKACV x . (10) 

In order to use just one controller for all three control modes the weight parameters of Q 
and R have to be optimized to match the system requirements for each control mode as 
shown in  Figure 5. In each mode two or three valves are active. For the inactive valve 
the input U ( Figure 5) is zero and therefore the state variables of this particular valve y 
and  are also zero. Thus, the state space and the input vector are reduced as well as the 
system matrices. In order to control these three different state-space models with the 
same control matrices Ke and Kx, the multi-variable control loop for every system must 
be stable and must match the desired dynamic-system behaviour. Further, the stationary 
accuracy of both the position x and the pressure pB must be guaranteed. The nominal 
position value y3 is always zero independent of the actual mode. To achieve these 
requirements a second optimization of the control has to be performed. This 
optimization is based on simulation of the linearized hydraulic system.  

y

A well known method for the optimization of SISO hydraulic systems is to use quality 
functions like the ISE (integral squared error) criterion [6],[12]: 

 . (11) 
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A minimum of this function provides the "optimal" parameters for the controller based 
on a step response analysis. It could also be used for multivariable control systems by 
performing a step response analysis for every input variable. 

For the first optimization step of the Q and R matrices a global search within defined 
spaces of the weighting parameters is performed. The second Step is an optimization of 
the parameters by the Runge-Kutta method as proposed in [6]. The optimized controller 
parameters are used for the simulations in the nonlinear model of the cylinder drive in 
chapter  5. During each optimization step one of the weighted parameters in the matrices 
Q and R in equation (6) and (7) is changed which results in new control matrices. Then 
three simulations are performed on the closed control system: 
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1. step nominal position 

2. step nominal pressure pB 

3. step valve position y3 

The step responses of all three control variables are valued by ISE criteria and target 
corridors. The step response of the linear model for the position is shown in  Figure 7. 
The used criteria are marked in grey. The ISE criteria need to be minimal in order to 
compensate the cross couplings in the system and by the same time achieving a better 
system damping. The third valve is valued only by the target corridors.  
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Figure 7. First optimization step for the multivariable control 

The stability of the control system proven for the different modes by using the singular 
value decomposition method (SVD-method) [14],[15]. The robustness of the control 
concept as well as the functionality on a test bench have not been proven yet and will be 
part of continuing investigations. 

4.2. Logic control  

In order to save energy using the different modes a logic control that recognizes the 
possibility for energy regeneration, switches to the optimal control mode and sets the 
appropriate command values is needed. The principal structure of the complete system 
is shown in  Figure 8.  

The nominal value of pB is determined on the basis of the in  Figure 2 and  Figure 3 
shown operating areas of the different control modes. For every mode a 3D-lookup-
table for the nominal value of pB is created. The nominal value of pB is chosen by the 
actual activated mode, the nominal piston velocity (derived from the piston nominal 
position) and the measurement of actual load force without the stiction and acceleration 
force. The quality of the measured position signal is usually good enough to obtain the 
velocity by differentiation. The actual load force, however, is estimated by the in [5] 
proposed second order sliding mode acceleration observer and the measurement of the 
pressures pA and pB. At the same time the actual operating point of the system is 
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obtained by the logic control. The switching between the different modes is based on 
the operating areas shown in  Figure 3. 
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Figure 8. Proposed control concept 

5. SIMULATION RESULTS 

For the following simulation results the logic control is deactivated. The nominal 
pressure pB and the switching between modes is time based only. The functionality of 
these logic control functions will be shown in future papers. The results are created with 
the AmeSim model of the cylinder drive from chapter  3. The nominal position is 
predefined as a ramp. The nominal pressure level on the other hand is preset as a fixed 
constant value only being adjusted when switching between modes. 

 
Figure 9. Simulation results using normal mode with feed-forward control 
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In  Figure 9 the simulation results for the "normal positioning mode" with pressurization 
level control through pB are shown. The nominal target is denoted by "nom" and the 
actual value with "act". During positioning a constant positive force FL acts on the 
cylinder. As can be seen, the setpoint following of the nominal values for position x and 
pressure pB is very good due to the enabled feed-forward control. The position 
regulating error is nearly zero except for the accelerating and decelerating phase. During 
theses phases the pressure pB deviates a little bit from its nominal value. The 
performance of the multi-variable control for the normal mode is enhanced by the high 
pressurization level of the cylinder. If the nominal pressure pBnom is reduced the 
overshoots of the position xact are getting bigger during acceleration and stopping of the 
cylinder. 

 
Figure 10. Simulation results using energy regeneration with feed forward control 

in Quadrant I. and II  

The simulation results for the regeneration positioning mode are shown in  Figure 10. As 
can be seen, in the four-quadrant operation the cylinder drive works inside the 
regeneration mode areas. In point 2 the "normal mode" switches to the powered 
extension mode after 200 ms. The switching between modes during movement is 
possible because of the third valve that connects the cylinder chambers.  

Additionally, the switching between the different modes has nearly no effect on the 
control error of the drive position. The pressure control on the other hand needs to 
compensate the change of the valve configuration after rapidly closing and opening of 
the second or third valve. The position of the three valves during the different modes is 
also shown. To allow for switching between modes during movement possible all three 
valves need to be open directly after the switching signal. When the second valve 
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between sector (1) and sector (2) closes, the third valve already opens so that the 
volume flow in or out of one of the cylinder chambers is never zero.  

 
Figure 11. Comparing the dynamics and the used volume flow of the individual 
metering using energy regeneration to a 4/3 control valve with adapted metering 
edges (explanation of abbreviations: 43 – 4/3control valve configuration; ind – 

independent metering valve configuration) 

When comparing the independent valve configuration in regeneration mode with a 
standard 4/3 valve controlled cylinder drive as shown in  Figure 11 it becomes clear that 
the volume flow from the pump can be reduced significantly using energy regeneration. 
For the simulation a 4/3 control valve with adapted metering edges as shown in  Figure 2 
a simple P-control is used. In sector (4) no volume flow from the pump is used for the 
movement at all except for the leakage flow over the valves. By using a pressure 
controlled variable displacement pump a significant amount of energy could be saved 
with this system. 

6. CONCLUSION 

In this paper an independent metering valve system with  a LQR configured multi-
variable state-feedback controller is presented. The functionality and the performance of 
the control system are shown on simulated application results. It is proven by simulation 
that through energy regeneration a significant amount of volume flow from the pump 
can be saved. The complexity of logic and multivariable control and sensor effort on the 
other hand is high. The simulations show that through the use of the feed-forward 
control a low control error for the position and the pressurization level can be achieved. 
Nevertheless the smoothness of a 4/3 proportional valve controlled cylinder drive could 
not be matched with this independent metering concept. The functionality and 
robustness of the control concept on a test bench has not yet been proven and will be 
part of future investigations just as the development of the logic control. 
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ABSTRACT 

This paper discusses problems of the load pressure and position ∆p-cascade control 
(impedance control) of electro-hydraulic drives in the presence of unknown 
disturbances and uncertain plant parameters. In order to ensure desired robustness of the 
closed-loop behaviour, a combination of the input-output linearization technique with 
the integral sliding mode is proposed. For the compensation of friction and load forces a 
novel 2nd order sliding mode observer is used. The controller is characterised by a 
simple structure and an automated tuning method. Conducted tests confirm a very good 
and robust performance of the closed loop control. 

KEYWORDS: Electro-hydraulic, load pressure control, impedance control, sliding 
mode control (SMC), integral SMC, robust control, load-force 
observer  

1. INTRODUCTION  

The dynamical behaviour of a valve-controlled cylinder drive is determined by strong 
nonlinearities (i.e. square-root flow function, pressure and temperature dependent oil 
properties, friction, etc.). Furthermore, industrial applications are often affected by 
undetermined external disturbances and variation of system parameters (i.e. internal 
leakage flow, load mass, drops of supply pressure). In the last two decades a lot of 
innovative nonlinear control algorithms have been proposed in order to improve the 
dynamics and robustness of fluid power drives [1], [2]. Unfortunately, in practice 
usually simpler linear algorithms are favoured, while novel control strategies are still 
being rejected by most of the application engineers. Reasons for this might be too 
elaborated structures of the controllers or time-consuming tuning method, which makes 
the PLC-implementation and successful commissioning very difficult. The unsatisfied 
demand for easy-to-use, robust and precise algorithms for the electro-hydraulics is the 
main motivation for the presented research project. 
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This paper demonstrates a development of a new robust nonlinear load pressure control 
for a cylinder drive. The proposed concept is based on the input-output linearization 
method combined with a novel integral sliding mode disturbance compensator. The 
input-output linearization, enhanced by robust sliding mode, ensures optimal tracking 
properties and decoupling of a piston motion from the pressure build-up dynamics. 
Furthermore, the controller robustness against model uncertainties and external 
disturbances allows the elimination of a complicated system identification, what 
considerably shortens and simplifies the tuning phase. A very good dynamical 
behaviour of the load pressure control enables successful implementation of ∆p-cascade 
position control (impedance control). The usage of additional, novel load force observer 
based on the 2nd order SMC results in precise tracking of the position trajectory. 

The presented sliding mode structure is an efficient method for prevention of a 
chattering effect [13], [14]. In this case, the chattering is a high-frequent oscillation of 
the controlled value, occurring in the presence of parasitic (unmodelled) valve 
dynamics, when a standard SMC-switching action is used [6]. The simplest and most 
common solution for the chattering problem – usage of the ‘soft switching’– results in 
partial loss of the robustness and system accuracy [11]–[13]. Characteristic for the 
introduced integral SMC disturbance estimator is that the discontinuous switching is 
separated from the valve input and takes place only in a computation of an auxiliary 
dynamical process. The continuous compensation signal is obtained by filtering of the 
high-frequent SMC switching. The proposed method increases the robustness of the 
nominal input-output linearization controller practically with no sign of the chattering.  

During the controller development a great attention was paid to introduce not only a 
precise and robust algorithm but also one which would be easy-to-use. For this reason 
an auto-tuning method for the SMC compensator was designed. 

2. PRACTICAL MODELLING OF CYLINDER DRIVE 

Under assumption that the valve dynamics can be neglected, a differential cylinder can 
be described by following state space representation [1]: 

 ( ) ( ) ( ),hy,u xxgxfx =⋅+=&  (1) 

with 
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where: 
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Where: u is the plant input (controller output), y is the plant output (load pressure), the 
indices A and B denote piston- and the rod-side of the cylinder respectively, xcyl is the 
piston position, pA/B, denotes the pressure in respective chamber, EA/B(x3,4) is the 
pressure dependent oil bulk modulus, VA/B(x1) denotes position dependent volume of the 
respective cylinder chamber, AA/B is the piston- /rod-side area, p0 is supply pressure, pT is 
tank pressure, m denotes load mass, GL is leakage coefficient, FF(x2) and FL are friction 
and load force, BV is normalized valve flow coefficient. 

In practice, an exact estimation of many parameters of the model (3)-(4) can be very 
difficult or even impossible. Furthermore, the execution of the plant identification 
during a commissioning might be too time consuming. Figure 1 specifies some of the 
uncertain drive parameters (i.e. leakage coefficient, load mass, friction and load forces, 
bulk modulus).  

 
Figure 1. Uncertain parameters of a cylinder drive  

For a feasible controller implementation and parameterization, a few model 
simplifications need to be done. The practicable approximation of the drive dynamics is 
based on the nominal catalogue data and possibly on some very limited 'expert 
knowledge'. A strongly simplified nominal model of the load pressure dynamics is 
constructed as follows [7], [8], [15]: 

 ( ) ( ) ( ) ( ) ,py,dˆuˆˆ
L==⋅+⋅+= xhxpxgxfx&  (8) 

with  
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umax is the maximal control signal, QN and pN are the nominal flow and pressure of the 
valve respectively (given by the valve manufacturer).  

In the simplified model (8)-(11) the piston movement (piston velocity) is considered as 
a measurable disturbance d. Moreover, the model does not include unknown parameters 
like leakage and the effective bulk modulus is assumed to be constant.  

3. LOAD-PRESSURE CONTROLLER DESIGN 

The input-output linearization is a very intuitive and straightforward method, which has 
already been used in some special electro-hydraulic and servo-pneumatic applications 
[1], [3], [4], [7]-[10], [17]. The idea of the concept is to transform nonlinear dynamics 
into the linear ones and then to shape the output behaviour with a simple linear control 
technique [1], [11]. Theoretically, the input-output linearization is a relatively 
uncomplicated way to neutralize the nonlinear valve flow and to decouple the piston 
motion from the pressure build-up. Unfortunately, this control concept is highly 
sensitive to plant uncertainties, what practice considerably limits the control 
performances. As a solution for this problem a combination of the input-output 
linearization with SMC-compensator is proposed [5], [6], [15]. 

3.1. Input-Output Linearization 

The system given in (8) can be transformed into the following nonlinear normal form  

 ( ) ( ) ,uhLxhLy gp ⋅+⋅= xx 2&   (12) 

where the Lie-derivatives are calculated as 
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It can be shown that for 043 pxp ,T << , the inequality ( ) 0>xhLg  holds. 

The transformed system (12) can be exactly linearized with a control law  

 
( ) ( )

( ) ,
hL

xhLyyK
u

g

pdP

x

x 2⋅−−
=  (15) 

The resulting first order, closed loop output dynamics is 

 ( ),yyKy dP −=&  (16) 

where yd is desired output value. The output dynamics is defined by the time constant 
TPL=1/KP. The algorithm requires the measurement of the chamber pressures and the 
piston position, from which a piston velocity can be numerically derived. 
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The detailed mathematical description of the input-output linearization control 
algorithm, including the analysis of the zero-dynamics can be found in [1], [7], [8], [17]. 

3.2. Sliding Mode Disturbance Compensator 

In the presence of model inaccuracies the exact linearization cannot be fully achieved 
and an unknown, bounded dynamical error ( )x∆  appears. The actual output dynamics 
equals  

 ( ) ( ) ( ) maxdP x,xyyKy ∆<∆∆+−=& . (17) 

The influence of the parameter uncertainties (i.e. neglected internal leakage flow, valve-
offset) on the pressure control loop is analysed in [3],[4]. 

The unknown error ( )x∆  needs to be eliminated by an adequate compensation signal:  

 ( ) ( ) compdP yyKy ∆+∆+−= x&  with ( )x∆−→∆comp . (18) 

For this an external auxiliary dynamical process z&  is created [5]: 

 ( ) compSMCdP yyKz ∆+∆−−=& , (19) 

where  

 ( )ssgnLSMC ⋅−=∆ , ,L 0>  zys −= . (20) 

The computed auxiliary process (19) is a first order, virtual dynamical system controlled 
by the switching action ∆SMC. The discontinuous control (20) is designed to enforce the 
exact tracking of the system output by the computed variable z. The value of the gain L 
has to guarantee the convergence of the auxiliary process to the actual state of the plant 
(stability of the sliding mode). The analysis an appropriate Lyapunov function [5], [13], 
[14] 

 ( ) 2s
2

1
tV = , (21) 

implies following stability condition  

 ( ) ssstV,L max η−≤=→>ηη+∆≥ &&0 . (22) 

Where max∆  denotes the maximal acting disturbance (the bound of the disturbance). 

If (22) is fulfilled, the sliding mode occurs and the variable z follows the system output 

 yzs =→= 0 . (23) 

In the stable sliding mode, the system trajectory stays on the sliding plane s=0, what 
formally denotes  

 0=−= zys && . (24) 

At this point a definition of an equivalent control signal ∆eq has to be introduced. The 
equivalent control can be understood as a continuous control signal that could replace 
the switching action (20), fulfilling the conditions (23) and (24). Setting formally 0=s&  
it can be shown that the equivalent signal ∆eq matches the disturbance ∆(x),  

 ( ) ( ) ( )( ) ( )xyyKxyyK eqcompeqdPcompdP ∆−=∆→=∆+∆−−−∆+∆+− 0 . (25) 
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A close approximation eq∆̂ of the equivalent signal can be obtained by a low-pass 

filtering of the sliding mode switching [13], [14]: 

 SMCeqeq
Ts

ˆ ∆
+

=∆≈∆
1

1 . (26) 

The filter time constant T is chosen small enough not to distort the compensation signal. 
Simulation studies and experiments show that the bandwidth of the filter, chosen 
slightly lower than the bandwidth of the control valve, is a good compromise between 
the disturbance rejection and the suppression of the chattering. In practical applications 
also a higher order filter can be used. 

If the filter bandwidth covers the frequencies of acting disturbances from (25) and (26) 
we obtain  

 ( ) ( ) ( )yyKyyKy dPcompdP −≈∆+∆−−= x&  with eqcomp ∆̂=∆ . (27) 

The complete control law is constructed as  

 
( ) ( )

( )xhL

xxhLyyK
u

g

comppdP ∆+⋅−−
= 2   (28) 

3.3. Tuning of the Sliding Mode Disturbance Compensator 

The filter time constant T in (26) is fixed with respect to the valve natural frequency 
(catalogue data). The one parameter left to be tuned is the SMC-gain L. From (22) 
results that for the minimal value of L equals the upper bound of the disturbance max∆ . 
In practice, however, this value might change in time and is difficult to assess. Figure 2 
depicts a generated sliding mode switching and filtered compensation signal in the cases 
when the gain L is chosen too high, optimal and too low. It can be seen that the 
underestimation of the perturbation bound results in a loss of the sliding mode (the 
disturbance cannot be compensated). On the other hand, a large overestimation of the 
gain results in a higher control signal noise caused by finite sampling time (limited 
switching frequency).  
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Figure 2. Sliding mode switching and compensation signal. The value of the SMC 

gain L : a) too high, b) optimal c) too low 

Since the bound of the perturbation is not constant, it is necessary to adapt the gain L in 
time. As a solution, a simple and efficient adaption method is presented in [15]. The 
criterion for the adaption of the gain is the relative difference D between the switching 
amplitude L and compensation signal: 
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 ( ) %L/||LD comp 100⋅∆−=  (29) 

Four fixed limits of D-values are defined: ‘very small’, ‘small, ‘big and ‘very big’. The 
adaption algorithm consists of 3 main steps 

1. If the calculated difference D is smaller than one of the two limits - ‘small’ or 
‘very small’, the gain L is increased (with respective change rate) in each 
sampling time.  

2. If the minimal difference D, calculated in a defined time interval (part of the 
working cycle), is bigger than one of the two limits - ‘big’ or ‘very big’ the gain 
L is decreased (with respective change rate) after each time interval. 

3. If in the each of 2-3 following time intervals the gain was decreased, the 
algorithm sets the gain L to its minimal acceptable level. 

Figure 3 shows the adaption of the gain L while variable disturbance (piston movement) 
is acting on the controlled process (constant pressure control). The gain L is 
automatically tuned to a value with a necessary reserve of 30-40%, for higher, 
unpredicted disturbances. 
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Figure 3. Adaption (auto-tuning) of the SMC gain L in the presence of variable 

disturbance 

4. ∆P-CASCADE POSITION CONTROL (IMPEDANCE CONTROL) 

The ∆p-cascade control strategy, known also as the impedance control, was presented 
for the first time in [9]. Examples for its later implementations, modifications and 
mathematical analysis can be found in [1], [3], [4], [7], [8], [10], [17]. The impedance 
controller consists of two loops: the inner load-pressure control loop and the outer loop 
for the stabilisation of a mechanical load.  

The best reachable performances of the impedance control are limited by the accuracy 
and dynamics of the inner control loop. For this reason, in order to assure good tracking 
of the generated load pressure trajectory, the controllers proposed in [1], [3], [17] 
require very precise system identification (i.e. valve offset, leakage flow). The usage of 
the SMC compensator proposed in Section 3 assures a very good dynamical behaviour 
and perfect trajectory tracking without the need for elaborated plant identification. 
Figure 4 depicts a ∆p-cascade controlled mechanical structure with the hydraulic 
cylinder considered as a force actuator.  
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Figure 4. ∆p-cascade controlled mechanical structure 

4.1. Outer Loop Design  

The design of the outer loop is a standard mechanical motion control problem. In order 
to achieve a position tracking, the desired cylinder force and load pressure are chosen to 
have the following form [1]: 

 ( ) ( )
b

d
d,LLadxadvdd A

F
p,F̂xxKxxKxmF =+−+−+⋅= &&&& , (30) 

Where the indices d and a denote ‘desired value’ and ‘actual value’ respectively, LF̂  is 
the compensation of load and friction forces acting on the piston (described in 4.3.).  

The generated reference trajectory (30) describes desired impedance behaviour of the 
end-effector (i.e. the load mass reduced to the cylinder piston). The gain Kx is related to 
the defined spring stiffness and Kv to the dash-pot damping coefficient. 

4.2. Controller tuning  

A very common method is to adjust the outer and inner control loop separately from 
each other [3], [8], without considering the impact of the load-pressure dynamics on the 
impedance behaviour. The procedure is usually done in a ‘trial and error’ manner, 
which might be quite complicated, especially for inexperienced personnel.  

Better performance can be obtained by usage of a pole placement method proposed in 
[17]. It is assumed that the inner-loop dynamics is decoupled from the piston movement 
and is of a first order. A load pressure-actuated mechanical system (fig. 3) is represented 
as  
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with partial state feedback pLd defined in (30).  

As a demanded pole-eigenvalues, an overshoot-free configuration  

 2
003201 1 Dj D  s, D s   , −ω±ω=ω=  (32) 
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is selected. 

The desired damping coefficient D is selected as constant 0.7 ≤ D ≤ 1. The reachable 
closed-loop natural frequency is defined by the time constant of the inner-loop, 

 D

KP

30 =ω  (33) 

The feedback gains Kx and Kv are defined as follows 

 D

m)D(
K,

m
K vx 3

21

3
0

22
0 ω+=ω=  (34) 

For the fixed damping coefficient D, the tuning is done by adjusting the gain KP only. 

4.3. Friction and Load  Forces Compensation  

For a higher positioning accuracy and drive stiffness the load and friction forces have to 
be estimated and compensated. The structure of the acceleration observer presented in 
[5] can be easily rearranged to a load force observer. 

The motion equation of the cylinder piston is given by: 

 
m

F

m

Ap
x LBL
cyl −=&& , (35) 

where FL is some unknown load-force acting on the cylinder piston. In order to estimate 
it, the auxiliary dynamical variable az&  is constructed 

 STA
BL

a u
m

Ap
z +=&  (36) 

Where the uSTA is the output of higher order SMC structure, based on the Super 
Twisting Algorithm [18]  
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The piston velocity x&  in is estimated by a simple numerical differentiation of the piston 
position. If the gain LF in (37) is high enough a stable 2nd order sliding mode occurs on 
the defined sliding surface cylaa xzs &−= . Existence of stable second order sliding mode 

denotes 0ss aa ==&  which together with (35) and (36) results in  

 STAL
L

STA umF̂
m

F̂
u ⋅=→=  (38) 

5. EXPERIMENTAL RESULTS 

The test bench (Figure 5) used for the experiments consists of a differential cylinder 
(63/40/1200 mm) coupled with a load mass m = 1615 kg and a Bosch Rexroth servo-
valve 4WSE2ED10-55/45. The disturbance (for instance the load movement) can be 
generated by the load cylinder, controlled with HNC100 (Rexroth). The supply pressure 
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level is adjustable. The control algorithm is implemented on the dSPACE Board 
dS1104. The sampling time is TP = 1 ms.  

 
Figure 5. Differential cylinder test bench (Bosch Rexroth laboratory) 

5.1. Load Pressure Control  

The developed algorithm was compared with very common P and PI –load pressure 
controllers. The P and PI controllers were tuned to give fast and overshoot-free response 
to the change of the set point. All the controllers were adjusted for a small step change 
of demanded value (1bar). The friction force was not exceeded and the cylinder piston 
was still. During the tuning, the only acting disturbance was the internal leakage flow 
and unknown valve offset. Figure 6 depicts measured step responses of the P-controller, 
PI-controller and input output linearization with and without SMC compensation. The P 
controller and uncompensated input output linearization (without SMC) exhibit a steady 
state error. The PI control, as well as the SMC, compensate the valve offset and leakage 
flow (steady state error is not present). 
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Figure 6. Comparison of the measured step responses (1bar step) of a 

P-controller, PI-controller, input output linearization (I-O Lin) with and without 
SMC compensator 

Figure 7-8 show the response of the controllers to the velocity disturbance as seen in the 
Figure 9. During the test the controlled cylinder was pressing on the piston of the 
position controlled disturbance cylinder. The control-task was to hold the constant load-
pressure level of 50bar, despite extraction and retraction of the disturbance cylinder. 
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Figure 7. Measured response of the P controller and uncompensated input output 

linearization controller (I-O Lin) to the velocity disturbance 
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Figure 8.  Measured response of the PI controller and SMC compensated input 

output linearization controller (I-O Lin +SMC) to the velocity disturbance  
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Figure 9.  Measured piston velocity (disturbance) 

As shown in Figure 7 the P controller is very sensitive to the load movement. The 
uncompensated input-output linearization algorithm is also not able to completely 
decouple the piston movement from the pressure build up dynamics. The nonlinear 
velocity compensation term is influenced by system uncertainties – i.e. unmodeled 
valve dynamics, not ideally linear flow characteristics and the phase shift of numerically 
estimated velocity signal. As shown in Figure 8, the tuning of the PI pressure controller 
is a trade-off between the fast disturbance-rejection and the fast, overshoot-free 
response to the set-point change [16]. The PI controller with ‘good’ step response 
(Figure 6) has rather sluggish response to the disturbance. The disturbance test 
demonstrates advantage of the proposed SMC algorithm over presented standard 
controllers. The disturbance rejection is very fast and the pressure dynamics is 
decoupled from the piston movement. The developed controller assures simultaneously 
very good response to a change of the set point and to the variation of disturbances. 
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5.2. ∆p-Cascade Position Control  

The minimal natural frequency of the cylinder drive used in the experiments is only 
about 11 Hz what together with a low damping coefficient makes the position control a 
relatively difficult task. Figure 10 depicts comparison of the 5 mm step responses of a 
P-controller, linear state controller and the ∆p cascade control with SMC compensator 
(for the inner loop). The response of the P-controller with the gain of 350 V/m has 
oscillatory character (is almost marginally stable), the steady state error is about 
e=374 µm. The step response of the state controller is fast and well damped but a steady 
state error is also present (e=177 µm ). The advantage of the ∆p cascade control with 
SMC compensator is evident. A good dynamical behaviour with negligible steady state 
error (3 µm) is achieved.  
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Figure 10. Comparison of the measured step responses (5 mm step) of a P-
controller (gain: K=350 V/m), linear state controller (St. Sp Cont.) and the ∆p 

cascade control with SMC compensator 

Figure 11 shows the performance of the ∆p-cascade control with and without friction 
compensation. The lack of the friction compensation results in a higher steady state 
error. 
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Figure 11. a) Step response of ∆p-cascade control with and without friction 

compensation. b) Estimated friction force 

Figure 12 and 13 demonstrate the trajectory tracking performance (desired trajectory: 
piston stroke 300 mm, maximal velocity 100 mm/s, maximal acceleration 1000 mm/s2). 
The dynamical position error (tracking error) is compensated to a value of 15 µm, there 
is no steady state error. The hydraulic cylinder is well damped and only a negligible 
overshoot of 5 µm appears while reaching the target end-position (x = 600 mm). The 
end-position is held without appearance of limit cycles. 

a b 
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Figure 12. Position tracking performance. The target position is reached with a 

maximal overshoot of 5 µm 
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Figure 13. Measured position deviation. The steady state error is e = 0  µm, the 

dynamical error is compensated to the value of e=15 µm 

Figure 14 shows comparison of the tracking errors in the presence of the system 
pressure drops. The tested controllers are: state space controller with additional linear 
feed-forward and the cascade controller without and with SMC. All the controllers are 
tuned for the nominal pressure level of 150 bar. SMC presents high robustness against 
system variation – the tracking error is not affected by the pressure change. The robust 
∆p cascade controller does not require additional measurement of the system pressure or 
tuning after its unexpected change. 
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Figure 14. Measured tracking errors in presence of pressure drops: tate space 

controller with feed forward (St.Sp. Cont +FF), the ∆p cascade controller 
without SMC (∆p without SMC) and with SMC (∆p with SMC) 

6. CONCLUSIONS 

A novel control algorithm based on the input-output linearization and the integral 
sliding mode technique has been proposed and successfully applied to the industrial 
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electro-hydraulic drive. The conducted tests demonstrate very good dynamical 
performances. The proposed sliding mode compensator assures decoupling of load 
movement from the pressure build up dynamics and robustness against model 
inaccuracies. The SMC compensator is automatically adjusted to variable working 
conditions. The controller tuning is straightforward and does not require advanced 
knowledge of the nonlinear control theory in order to conduct an industrial 
commissioning. For the compensation of the load forces, the 2nd order SMC observer 
based on the Super Twisting Algorithm has been proposed and tested.  

The current investigations are focused on the usage of higher-order sliding mode 
algorithms. 
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ABSTRACT 

Force control systems in highly dynamic structural testing must, of necessity, be 

electrohydraulic. A linear model of such a force control system is presented which leads 

naturally to the selection of an inverse valve-actuator model and velocity feedforward 

control regime. An adapted version of the Levenberg-Marquardt non-linear least 

squares algorithm is derived that will minimise the variance from experimental data 

given in the complex plane. It is found that the method is capable of deriving 

parameters of such inverse models, including the requirement for stable models, but 

stability of the algorithm is questionable when the chosen model deviates significantly. 

A dedicated force control test rig is described and initial experimental test results are 

presented which reinforce the understanding of the benefits of both feedforward 

velocity control and link compliance in the forcing actuator connection. 

KEYWORDS: Force control, Velocity feedforward, Non Linear Least Squares, 

Complex fitting 

1. INTRODUCTON 

1.1. The force control problem 

In many industrial structural test scenarios there will be a requirement to control the 

force applied to the specimen. One such case is that found in Formula 1 testing, where 

the dynamic behaviour of the vehicle is simulated using a ‘seven post rig’. In this 

instance hydraulic actuators are placed under each wheel to provide a simulation of road 

undulations, while three additional actuators are used to pull down on the car to provide 

the downforce that would normally be experienced during a race. Due to the inherently 

fast motion and the high forces required, electrohydraulic servo-actuator systems are the 

natural choice for actuation in this case [1].  

Other applications of electro-hydraulic force control EHFC include earthquake testing 

of buildings (known as effective force testing or EFT – [2]) and aerospace control 
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system testing, where in-flight loads are simulated on control surfaces to test the 

actuation efficacy [3]. 

Hydraulic systems are generally highly stiff in nature. This is desirable in position 

control where rejection of disturbance force is required. In force control, this stiffness 

results in large forces being generated from disturbance motion and so control fidelity in 

the force control regime is more difficult to achieve. Mathematically, the dynamics of 

the specimen under test, present themselves as zeros in the force control transfer 

function, such that anti-resonant behaviour is observed and control bandwidth is poor. 

PID control strategies, typical of position control, have been found to be ineffective to 

combat this [4]. 

1.2. Inverse modelling 

The motion of the load can be measured and used to provide an additional control signal 

to the valve to allow the actuator to ‘keep up’ with the specimen. If this additional 

signal is ideal, the result is that the force control loop will operate as though the 

specimen were stationary. The added control signal must provide just the right motion 

of the actuator to match the velocity of the specimen, where the force actuator is 

connected. This may be achieved by measuring the acceleration of the specimen and 

filtering this through an inverse model of the valve and actuator to achieve the required 

signal u. Derivation of this inverse model is the subject of the present paper. 

1.3. Non Least squares fitting of complex numbers 

The requirement to tune an inverse model necessitates the fitting of a linear transfer 

function to a set of experimental data obtained from frequency response testing. This 

necessitates a dual objective fitting algorithm, where the gain and phase of the inverse 

model must closely match the data over the frequency range of interest. Previous work 

to tune such models has used either a trial and error approach to the tuning of the 

inverse model, or a linear least squares fit has been achieved by appropriate selection of 

the inverse denominator [1]. It is proposed that a methodological approach can be 

achieved using a non-linear least squares algorithm adapted for complex numbers, such 

that the gain and phase of the experimental data may be matched to a model of any 

degree, automatically. 

2. MODELLING 

2.1. Force control system linear model 

Consider the system diagram shown in figure 1. The forcing actuator is coupled to a 

specimen using a compliant link of stiffness, ck , that has been shown previously to 

improve the performance and robustness of the control system [5]. The specimen is 

shown as a second order mass-spring-damper model, to provide a simplified 

representation of what may, in reality, be a structure both with complex and unknown 

dynamics. It is robustness to changes in these dynamics that is of interest in the force 

control system synthesis. 
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Figure 1. Schematic model of a  hydraulic force control system 

A linear Laplace transformed model of the system is shown in the signal flow diagram 

in figure 2, where s  represents the Laplace differential operator. The valve spool 

dynamic response is approximated by 
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And this governs the oil flow rate achieved by the control signal )(sU , through the 

valve flow gain qc . In this instance the valve pressure coefficient has been neglected 

and it is assumed that the valve is operating close to null [7].  

The actuator force )(sFa  developed by the differential pressure may be described by 
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Where )(sQv is the valve flow and )(sQp  is the flow associated with motion of the 

actuator piston AssX s )( . Here, A is the piston area, B the fluid bulk modulus and V the 

trapped oil volume of one side on the equal area actuator. 
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Figure 2. Signal flow model, including valve, actuator and specimen dynamics 

Analysis of the signal flow model using mason’s rule, provides the force/reference 

transfer function 
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Where the specimen dynamics are modelled as  

)()()( sGsFsX ss =          (4) 

It can be seen that the appearance of these dynamics in the denominator of the transfer 

function results in the anti-resonant zeros in the force control transfer function. It is this 

that we seek to address by the velocity feedforward and inverse model. 

2.2. Feedforward control approach 

By measuring specimen acceleration, the velocity of the test structure may be calculated 

to provide a supplementary control input to encourage the actuator to ‘follow the load’. 

This control signal is seen as the positive feedback loop (loop 2) in the signal flow 

diagram, where the positive feedback term )()( sGssG si  is shown. Considering the 

force transfer function it is clear that two approaches are possible to reduce the 

unwanted effect of the specimen dynamics, either reduction in the link stiffness ck  or 

minimisation of the factor multiplying the )(sGk sc  term, i.e. 

0))()()()(( 2 ⇒−++ ssGsGcsGsAsGscsm iaqvaap      (5) 

This is achieved when the dynamic gain term in the loop 
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Which is the inverse model of the actuator and valve dynamic responses and the 

hydraulic stiffness hk is given by 

V

BA
kh

22
=           (7) 

In this model, the term ac  represents a generic damping coefficient, resulting from 

resistance to flow in the system and the piston mass is given by pm . 

2.3. Realistic inverse model requirements 

The inverse model developed above, for use in the feedforward path is not realisable 

due to the fourth order lead term which results. Noise content in the measured 

acceleration signal must be attenuated sufficiently, leading to a requirement to have a 

rational zero or higher order dynamic model in the velocity feedforward. The aim of the 

present work is to determine the gains for a lead-lag inverse model that will provide 

sufficient noise attenuation at higher frequencies, while matching the valve actuator 

dynamic response closely at lower frequencies. Such a model may take the form 
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The coefficients{ }θ , must therefore be determined, to optimise this trade-off. 

3. NON LINEAR LEAST SQUARES IN THE COMPLEX DOMAIN 

3.1. Least squares in the complex domain 

Previous work by Plummer [1] has used a linear least squares approach to derive the 

gains above for the inverse model. The aim is to minimise the variance of the model, 

compared to some experimental data representing the actuator and valve response. It 

may be shown that the ideal inverse model above is described by the inverse of the 

response of the free actuator velocity to input control signal, or 
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So the total square error of a selected inverse model, compared to experimental data (the 

model variance), is calculated from 
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With the first (quotient term) in the brackets being experimental gain and phase data of 

the actuator response, iY   and the second term being the chosen model, with unknown 

gain vector θ ,evaluated at each frequency iω  to provide iy . 

The experimental data, model and hence variance are all described in the complex 

domain and so the fitting procedure adopted must minimise square error in both 

magnitude and phase, or real and imaginary.  

The approach used for the present work adapts the Levenberg-Marquardt Non-linear 

least squares algorithm [8], for use in the complex domain, in order to provide a 

systematic methodology for optimising each of the gains of the inverse model. Previous 

work has been able only to minimise the variance for the numerator gains, by 

converting the non-linear problem into a linear system through manipulation of the 

experimental data and pre-selection of the noise attenuation filter of the inverse model. 

3.2. The need for a non-linear approach 

The linearity of a model is determined by the independence of partial derivatives taken 

with respect to each of the model parameters to be determined. In the case of a transfer 

function with both lead and lag terms, this is not the case. Consider the model 
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Where the M parameters ofθ are to be determined. We seek to minimise the variance 

described by equation (10) above and hence look for solutions to the system of 

equations 
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The partial derivative terms of the transfer function result in an inter-dependence of the 

parameters, such as  

),(
)(

)(
2

54

2

32

2

1

4

θsf
ss

ss
s

Sr =
++
++

−=
∂
∂

θθ
θθθ

θ
       (13) 

This inter-dependence means that a non-linear approach must be used. The Levenberg-

Marquardt non linear least squares fitting algorithm is well known for general single 

objective, non-complex data, but its use for data in the complex domain and its 

application for the fitting of frequency response data is much less common – [6], [9] 

and [10] being examples. The procedure must deal with both the real and imaginary 

parts of the data, evaluated at each instance of the predictor variable, in this case the test 

frequency iω . 

The variance equation for the problem is given by the sum of the squares of the 

complex vector joining the observations to the models at each instance of ω , or 
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The partial derivative equations are then 
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Making a first order Taylor expansion to linearise the equation 
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Which is substituted into equation 15, to give: 
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Rearranging and considering only the real part, it may be shown that 
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This equation structure appies to both the real and imaginary parts, which can be 

combined and written in matrix form as 
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Where R and I subscripts describe the real and imaginary content respectively.  

An initial estimate of the parameter vector θ is made and the matrix equation (19) above 

may be solved to determine the parameter adjustment ∆θ , leading to a reduction in the 

overall variance. The process is then repeated in successive iterations until sufficient 

convergence is achieved. 

3.3. Application of the Levenberg-Marqdt modifiers 

The preceding theory may be sensitive to the choice of initial parameters selected and a 

reduction in variance does not always occur when the change, θ∆ , is applied, due to the 

neglect of the higher order terms in the Taylor expansion. To combat this, the parameter 

change may be scaled or the derivative matrices Zmodified according to the 

Levenberg-Marqdt adaptation of the nonlinear least squares algorithm. In this case the 

diagonal terms of the square matrix ZZT , both real and complex, are increased such 

that the solution deviates from a least squares approach and heads towards a steepest 

descent approach, in order to seek possible solutions. This approach is described in 

detail in texts such as [8]. 
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3.4. Parametric constraint 

It is desired that the algorithm provides a stable model. The algorithm described 

however will not control the change of the parameter vector, θ∆ , to ensure this. Two 

approaches were taken to ensure stable, models were generated – transformation to 

exponential form and combined stable model selection. 

By phrasing the model in the form 
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And solving now for φ∆ , the model poles and zeros are guaranteed to be in the right 

half plane of the complex plane, providing the requisite stability. For higher order 

model fitting, the transfer function is rewritten as 
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Where the new σ vector is also then transformed using the exponential approach above, 

ensuring once again a stable model with minimum phase response. 

4. EXPERIMENTAL RIG 

4.1. Description 

A purpose built test rig has been developed for investigations into robust force control 

systems. Figure 3 shows photographs of the dynamic analysis (DYANA) rig in the 

Centre for Power Transmission and Motion Control (PTMC) labs at the University of 

Bath. 

Two actuators are mounted to provide dual inputs to a test structure. One actuator is 

used in a force control regime to provide loads to the dynamic specimen, comprising a 

rocking beam. The inertia of the beam can be varied along with the stiffness and 

damping characteristics using a specially designed spring-damper unit, variable masses 

and adjustable arm lengths on both actuators. 

The second actuator is able to provide a disturbance motion input to the specimen to test 

the efficacy of the force control system, in terms of its sensitivity to specimen motion – 

the key element of the present study. 

The smaller images in the figure show a bi-directional spring damper unit on the left, 

used to simulate specimens with low frequency dynamics and the compliant link used in 

the force axis on the right. Work continues on the optimisation of such compliant link 

elements for force control applications. 
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Figure 3. Force control test rig - DYANA - at the University of Bath Centre for 

Power Transmission and Motion Control (PTMC) 

4.2. Motion Insensitive Load Control (MILC) 

The control system used for DYANA is based on a commercial Instron controller. The 

initial tests being conducted are making use of the existing force control mode set-up of 

the Instron 8800 control system. This Model Insensitive Load Control (MILC) 

algorithm has the dynamic structure described in figure 4 below. 

 

Figure 4. 8800 MILC control structure 
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It is assumed that the high pass filters have little effect in the frequency range of interest 

(2~50Hz), as their primary purpose is to filter any DC element of the accelerometer 

signal arising due to orientation or calibration issues. The 2
nd
 order low pass filter, used 

to attenuate noise, will have the form 
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The inverse model controller structure may be written as 
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The non-linear least squares fit algorithm described in section [3] is therefore used to 

obtain the gains needed to tune the MILC gains described by this transfer function. The 

methodology requires that the calculated parameter vector θ be reduced into the 

velocity, acceleration and jerk gains 2k , 3k  and 4k respectively and the low pass filter 

terms, ζ and nω . 1k provides conversion between g and 2−ms . 

This control structure demands that the inverse model be a second order lead lag 

transfer function, which must deviate considerably from the fourth order lead model 

developed in section 2. It is intended that programmable control architecture will shortly 

come on-line for DYANA that will allow both higher order inverse model development 

and non-linear control strategies, to be presented in forthcoming work. 

5. RESULTS 

5.1. Least squares fitting 

Figure 5 shows the resulting frequency response from a transfer function parametrically 

fitted to experimental data using the procedure derived in this paper. It can be seen that 

the response is closely matched at the lower frequencies, where the majority of 

disturbance frequencies would be expected, while deviation from the experimental data 

occurs at the higher end of the frequency spectrum. This is the intended behaviour for 

the future fitting of models to the DYANA controller architecture. However, at present, 

some difficulty has been encountered in fitting models that deviate significantly from 

the measured behaviour data due to a lack of convergence on a solution. The method 

presented in section 3 of this paper is being developed further to address this. 
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Figure 5. Example output from the non-linear least squares algorithm 

5.2. Disturbance rejection performance 

Figure 6 shows the response of the system in rejection of disturbances provided by the 

displacement controlled actuator on the test rig. It may be seen that the effect of the 

inverse model MILC system (tuned iteratively in this case), is to reduce the unwanted 

effects of disturbance significantly, particularly at lower frequencies. The effect of 

compliance can be seen also to reduce the force error – in this case the compliance was 

due to the inclusion of a spring damper in the specimen.  The benefits of both aspects 

are clear from the figure and provide motivation to pursue new methodologies in the 

tuning and optimisation of such systems. 
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Figure 6. Experimental disturbance rejection frequency responses 

5.3. Force control response 

Figure 7 gives the overall force system frequency response for three cases. In each there 

was zero demand motion, to the displacement actuator. Two specimen conditions were 

tested and velocity feedforward used in the third case. 

In the first case the specimen used was ‘stiff’ and no velocity feedforward was used. 

Due to the specimen stiffness, the response shown for the first case can be considered 

close to that which would be achieved if the specimen were not to move and is hence a 

benchmark for the velocity feedforward element of the controller, which aims, 

effectively, to mimmick this.  

In the second test, the detrimental effect of specimen dynamics is clearly seen, in the 

anti-resonant behaviour of the response over a wide frequency range [2~20Hz]. The 

improvements obtained from the inclusion of the inverse model velocity feedforward 

(MILC) are clear, particularly at higher frequencies, where the bandwidth is improved 

considerably, compared with both the stiff and the ‘compliant’ specimen responses. 
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Figure 7.  Experimental force control frequency response 

6. CONCLUSION 

A linear model of an electrohydraulic control system has been presented that sets out a 

clear need for control architecture specific to force control systems, due to the unwanted 

presence of specimen dynamics. The effects of this can be mitigated by the use of 

velocity feedforward which would ideally by passed through a fourth order lead inverse 

model of the valve and actuator. Since noise attenuation must be considered, it is 

necessary to develop an inverse model that deviates from the ideal model. A non-linear 

least squares fitting algorithm, that can deal with complex data, has been proposed. It is 

seen that the algorithm may be used to solve for the unkown parameters of the inverse 

model transfer function, with little or no prior knowledge of the valve or actuator 

dynamics. Issues persist, however, with the stability of the algorithm and its ability to 

converge on a solution, particularly when the chosen model deviates significantly from 

experimental data. Work continues to develop this method in order to better optimise 

the inverse model gains selected. The dedicated test rig at Bath University has produced 

some interesting results for a force control system that have highlighted both the need 
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for velocity feedforward and the addition of compliance in the force link to the 

specimen. Future work to optimise this link and develop more sophisticated, non-linear 

control strategies is continuing. 
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ABSTRACT 

This paper deals with a model based control and trajectory design approach for the 
clamping unit of an injection moulding machine. The main focus lies on the drive-
system influenced reduction of the cycle time. Therefore the following method is 
applied: analysis of the current system and structure, derivation of the requirements and 
the implementation of improved control structures. The analysis and synthesis are 
leading to a mathematical description of the drive system where required parameters are 
derived by analytical models and experiments. Based on these models inherent system 
limitations are figured out. Hence, the approach is to consider the main limitations by a 
knowledge-based trajectory planning and a model-based feed-forward control. These 
modifications allow the reduction of the cycle time and the excitation of the plant 
significantly. The theoretical approach is verified by measurements on a prototype.  

KEYWORDS:  fluid power, electric-hydrostatic drives, model based feed-forward 
control, trajectory planning, injection moulding machine, IFD 

1. INTRODUCTION 

Plastics injection moulding machines are technically challenging and commercially 
relevant machines, which are realising a discontinuous primary shaping procedure to 
produce plastic components of a defined quality and price. Different drive systems are 
required to generate the movements for a stable operating plastics injection moulding 

279



process. Owing to the integration of modern control strategies electro-hydraulic drive 
technology is able to strengthen the position of hydraulics in this highly competitive 
market, which is driven by the increasing demand for high performance, flexible and 
energy efficient machines, producing a big variety of high quality parts. In addition to 
the improvement of the plastics injection moulding process itself, the increase in 
productivity is one major purpose developers and manufacturers are focussing on. One 
approach is to decrease the overall cycle time.  

In the past, developments and improvements of hydraulic drive systems control for 
plastics injection moulding machines in industrial application have often been realised 
by experience as well as “trial and error”. The reason for this methodology can be seen 
as the search for the correct interface between the hydraulic drive technology and the 
machine. The complexity of the drive systems structure and interaction complicates the 
identification of the main influences and its easy consideration. Hence, the limitations 
of the drive systems are incorporated in the developed “trial and error” control by 
correction factors that are dependent on input parameters, e.g. the position range, the 
reference velocity and motor speed. That causes an in situ adjusted control and 
correction scheme that is stable operating for the current process set-up. By using the 
same injection moulding machine for the production of another part, the complete “trial 
and error” procedure has to be compiled again by the cost of iteration time and 
hardware. 

This paper focuses on a systematic, model-based development approach for the 
clamping unit of a plastics injection moulding machine. A method is presented that 
allows the significant improvement of the dynamic performance by considering the 
system restrictions. The method is applicable to other hydraulic drives. On this basis the 
potential of reduced energy consumption and the usage of a drive system design that is 
relevant for the capital cost can be discussed. 

2. MODE OF OPERATION AND POTENTIAL OF IMPROVEMENTS 

An injection moulding machine as shown in Fig. 1 can be divided into two functional 
units: The clamping unit (c) and the injection unit (i). The mainly serial process is 
realised in five steps: 1. closing the mould (c), 2. exciting clamping force (c), 3. nozzle 
movement to the mould (i), 4. filling of the mould (i), 5. plasticising of raw material (i), 
6. cooling of the moulded part, 7. opening the mould (c), 8. ejection of the part (c).  

 

Figure 1. Iinjection moulding machine 
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Looking on some main properties - the high performance and flexibility - that are 
required, there is the need to identify the potential to improve the machine 
characteristics. The plastics injection moulding process is a highly automated cyclic 
process, therefore cycle times play a major role in productivity. The production cycle 
time of a plastics injection moulding machine depends on the maximum stroke and 
velocity of each single actuator which contributes to the required movements for the 
manufacturing process. Hence, a separation of the overall cycle time into process 
dependent parts (required for the plastics processing) and process independent parts 
(required to attach/detach tools and moulded parts) is essential.  

The opening and closing times of the clamping unit are the process independent times 
of particular interest. Modern standard injection moulding machines have to meet the 
demands for thin parts in order to reduce the employment of raw material and to realise 
short cycle times. The fractions of process independent times are rising in this sector. 
For high-speed applications in the packaging industry the movement of the clamping 
unit reaches fractions of about 25 per cent of cycle time. The reduction of this process 
independent times directly leads to an increased productivity and can be realised by 
activating the maximum dynamic performance of the clamping unit drive system. 

3. DRIVE SYSTEM STRUCTURE AND ANALYSIS 

The simplified structure of the clamping unit is shown in Fig. 2. By use of an electric-
hydrostatic drive system, an AC-motor is powered by a frequency inverter supplying the 
required electrical energy. The shaft of the motor is connected to a hydrostatic axial 
piston pump that provides the volume flow rate for the equal area cylinder. A toggle-
lever directly connected to the hydraulic cylinder is designed to move the moving part 
of the mould and to apply the clamping force between the fixed and the moving mould 
half. 

 

Figure 2. Structure of an electric-hydrostatic clamping unit in a closed loop 

Looking at the combination of electric, hydraulic and the mechanical parts, the 
complexity of the drive system becomes obvious. This complicates an easy-to-use 
approach to reduce the cycle time. A systematic, model based development is required. 
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Therefore, the system will be divided into subsystems with defined interfaces where a 
mathematical-technical description will be given for the relevant subsystems. This 
approach results in a method to improve the dynamic performance of the clamping unit 
based on an analysis of its characteristics. In addition it allows the design of a new 
suitable control structure for the electro-hydraulic drive system. The system is described 
in simplified linearised model structures which meet the requirements concerning the 
static and dynamic behaviour in consideration of the main nonlinearities via working-
point dependent parameters. 

3.1. Electrical subsystem 

The static and dynamic characteristics of the frequency-inverter powered ASM-motor 
can be found in [1]. A simplified vector field based description is shown in the 
following block diagram (Fig. 3). 
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Figure 3. Simplified block diagram of ASM servomotor and maximum torque 

The typical torque-speed characteristic of a servo controlled ASM-motor is shown in 
Fig. 3. The maximum torque is available in the lower speed range; due to the increase of 
speed the maximum power is limited and the speed can only be increased by field 
weakening at the cost of reduced torque. The simplification in [1] allows the derivation 
of a nonlinear second order system for the electrical motor which can be simplified 
again by comparing the time constants of the hydraulic-mechanic part of the plant and 
the time constant of the electrical plant. This results in a description shown in 
equation ( 1 ), with a speed dependent time constant of a first order transfer function 
(PT1). 

1)( +⋅
=

snT

K

U

n

ASM

ASM

in

ASM , (1) 

with the system gain ASMK  and the time constantASMT  as shown in Fig. 4. In addition 

measurement and simulations of different step responses are illustrated. The results 
show, that the assumption of PT1 behavior is sufficient.  
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Figure 4. Drive speed dependent step response. 

3.2. Hydraulic-mechanic subsystem 

The hydraulic subsystem is described by the displacement volume of the axial piston 
pump Vg, the capacity of the hydraulic circuit Ch, and the piston area A. The toggle-
lever system consists of a couple of joints which realise a highly nonlinear transmission 
ratio. The accumulated masses and friction effects are described by an equivalent, 
stroke-dependent mass meq, and a velocity-dependent damping factor deq. The reduced 
system is shown in Fig. 5 and can be described by the equations ( 2 ) – ( 5 ). 
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Figure 5.  Description of the hydraulic and mechanic system 
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3.3. Model of the toggle lever 

The nonlinear transmission of the toggle lever requires a stroke-dependent consideration 
of the moving masses. This is done by reducing the mass to the hydraulic cylinder. In 
the opened position (cylinder at minimum position) the mass of the mould and the 
moving tool plate constitute the dominant mass. Increasing the position of the cylinder 
the cylinder itself will be the dominant mass.  
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Figure 6. Toggle lever transmission ratio and reduction of mass and friction 

3.4. Simplified operating-point-dependent linear model of the clamping unit 

The physically based modelling of the clamping unit components leads to a system 
description which is shown in the block diagram in Fig.7. 
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Figure 7. Simplified working-point-dependent transfer-function of the clamping 

unit 

The simplification of the transfer function (III) (Fig. 7) leads to the following 
parameters (equations (7) – (9)). 
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The combination of these operating point dependent linear equations form the transfer-
function (equation (10) ).  
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The operating-point-dependent parameters are as follows. 
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Figure 8. Simulation and measurement of tracking error and velocity 

 

4. DEVELOPMENT OF THE CONTROL SYSTEM 

4.1. Feed-forward control 

The aim of a control structure is to minimize the error between a given value and the 
resulting output of the plant. Industrial position control loops that have to track a 
defined velocity profile are often supported by a feed-forward control scheme. The aim 
is to reduce the activity of the closed loop e.g. by PID controller. This combination 
achieves good results with a minimum knowledge about the plant structure. It is suitable 
especially for plants with lower parameter changes. Closed loop control parameters can 
be determined experimentally by defined rules, e.g. Ziegler-Nichols- or Chien-Hrones-
Reswick-method. However, there are limitations to the determination of the critical 
value (stability margin) due to the stroke limitation and the nonlinearity of the plant, e.g. 
the toggle lever. In addition, the realisable maximum velocity is bounded due to the 
limitations e.g. the maximum allowable motor torque or chamber pressure. A control 
plant tailored feed-forward control approach can provide the advantage of a theoretical 
separation of command and disturbance action of the control loop. This assumption is 
valid if an ideal linear characteristic exists; nevertheless if the linear plant characteristic 
is a good approximation the control activity will be reduced.  

The derivation of the model-based feed-forward control is achieved by using the 
developed operating point dependent linear control plant. Therefore, the 
transfer-function of the drive system G(s) (equation (10)) has to be inverted. By 
applying the desired position path of the plant, the output of the feed-forward controller 
to be used with the ideal plant is generated. However, there are strict requirements on 
the trajectory regarding the plant dynamics, for example controllability and required 
flatness [6].  
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the transformation in time domain leads to equation (13) . 
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Equation (12) illustrates very clearly that a linear quadratic trajectory is insufficient for 
this type of feed-forward control. 
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Figure 9. Model based feed-forward control of an ideal and a 
real plant with uncertainties 

In case of an ideal model (Fig. 9 , top) the clamping unit exactly moves along the given 
trajectory without the need for a closed loop controller. However, this does not apply to 
the real plant: the simplification of the plant and the model uncertainties lead to a 
position error which needs to be minimized by means of a closed loop controller. 
Comparing a standard velocity feed-forward control (mostly linear-quadratic position 
profile feed-forward by constant gain) with the approach of a model based feed-forward 
control (higher order), the error and the activity of the latter is reduced. Equation (13) 
shows the requirement of a continuously differentiable trajectory of higher order.  

4.2. Generation of motion trajectories 

The clamping unit is able to operate the maximum dynamics if it is driven along the 
inherent boundaries. The limitations are provided by the user in terms of opening stroke, 
velocity at the mould contact point as well as the clamping force and as inherent 
properties of the drive system components, like the maximum motor torque and speed. 
In addition, the jerk is one main limiting parameter because of high acceleration peaks 
that influence the machine excitation. If in each point of the motion track the plant 
meets one of the given boundaries, the shortest cycle possible can be reached. In 
industrial application the generation of motion paths is often achieved due to linear-
quadratic position profiles. To decrease the occurring jerk additional time-delay 
functions are introduced, especially at abrupt velocity changes.  

A convenient way to derive the shortest possible trajectory is to calculate the path along 
the given restrictions of motor torque, speed and jerk. Therefore the given interval of 
movement x is discretised into i equally sized steps. (equation (14)).  

dxxx ii +=+1      with     
maxi

x
dx =  ( 14 ) 
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Starting from the time t0 with ²/0;/0;3,0 smxsmxmx ==−= &&&  the time of the next 

interval dx can be derived iteratively using the maximum allowed jerk maxx&&&  as 

equation (15) illustrates. 
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The acceleration at position ix  is can be calculated using equation (16), the velocity at 

the same position using equation (17). 
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This procedure procures a data field of acceleration, velocity and position values and 
corresponding times. This data field is used for an interpolation scheme of higher order 
splines assuring a continuous differentiable motion trajectory using the systems 
limitations (Fig. 10). The comparison of the two trajectories shows that the higher order 
trajectory (ho) uses the systems restrictions and leads to a significant reduction of the 
jerk by similar acceleration maxima. This offers the opportunity to reduce the cycle-
time without changing the drive system components.  
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Figure 10. Linear quadratic trajectory of an industrial controller (lq)  

and developed higher order trajectory (ho)  

5. RESULTS 

At last the results of a typical dry-cycle (EUROMAP 6) for an injection moulding 
machine are illustrated. The combination of a tailored trajectory generation considering 
the drive system boundaries and a model based feed-forward approach shows two main 
effects: a significantly reduced tracking error as the drive systems limitations are not 
exceeded and a lower excitation of the structure. This leads to a significant reduction of 
the dry-cycle time of the clamping unit. The control concept is exemplified for a 
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prototype of an electric-hydrostatic 160 tons clamping unit of an injection moulding 
machine at the TU Dresden Institute of Fluid Power (IFD). 

Fig. 11 shows the initial state trajectories and position errors with a quadratic motion 
preset and a velocity feed-forward control in comparison to the presented approach. 

The model-based motion preset approach provides the advantages of a trajectory which 
meets the requirements of the drive system. The model-based feed-forward controller 
separates the command and disturbance action of the control loop, which can lead to a 
simplified controller or to an increased dry-cycle time. A simple P controller -which can 
be extended by a load-pressure feedback to increase the damping, is sufficient to gain 
minor position errors. 
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Figure 11. Comparison of linear-quadratic velocity and  

higher order model based feed-forward control 

6. CONCLUSION AND OUTLOOK 

Productivity plays a major role in the field of plastic injection moulding industry. Both 
machine manufacturers and users focus on decreasing cycle times. It has been illustrated 
that the use of the clamping unit dynamics can be increased by a high degree of 
utilisation of the drive system capabilities. 

The presented approach shows a method to analyse the components and the overall 
system of an electric-hydrostatic drive system. The analysis allows to improve the drive 
system dynamic properties by using the currently installed components. The principle 
can be applied to other drive systems where similar requirements have to be met, e.g. 
reduced cycle time, reduced excitation and increased tracking precision.  

The discussion of the main nonlinearities of the drive system shows that the use of a 
“trial and error” method does not necessarily lead to the desired results. An operating 
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point dependent linear model considering the main nonlinearities by parameter 
adaptation is used to illustrate the characteristics of the clamping unit. 

Furthermore the results show, that a combination of the trajectory planning along the 
given restrictions and the feed-forward control concept lead to a significant reduction of 
the control error and/or the cycle time in comparison to a commercially available 
controller and standard industrial PID-controller.  

One main challenge is to derive appropriate model parameters with a good balance of 
complexity and accuracy. Working point dependent linear models combine the 
possibility of using the laws of linear control theory with the consideration of nonlinear 
effects. 

The resulting quality of a model based approach strongly depends on the accuracy of the 
model and the model parameters. Model-uncertainties, parameter variations and 
disturbances increase the error of the derived trajectory and the feed-forward control 
signal. It is challenging is to find a convenient balance between the realisation of 
sufficient signal power of the closed loop controller without decreasing the dynamics 
significantly. 

The presented method offers the possibility to identify the bottlenecks of the drive 
system to optimise the layout of the used components. Further developments focus on 
the automatic identification of drive models and the reduction of the position error via 
adaptive and nonlinear control algorithms.  
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ABSTRACT 

Compact hydraulic units are becoming more common with marine hydraulic 
applications. Compact units have several advantages compared to traditional solutions 
i.e. higher energy efficiency and decreased need of hydraulic oil. This paper 
concentrates on cylinder driven applications which have common features such as 
occasional use, long stand still periods and rare work cycles.  

KEYWORDS: compact, modular, hydraulic unit, hydraulic drive, hydraulic cylinder 

1. INTRODUCTION 

In large plants hydraulic applications receive their hydraulic energy from central 
hydraulic unit, which creates long piping lines. Instead of using one or several central 
hydraulic units it might be sensible to use small hydraulic drive for each application. 
This unit consist from necessary hydraulic components such as oil reservoir, hydraulic 
pump, pressure relief valve, actuator, and if necessary, directional valves. This concept 
has already been taken in use with hydraulic winches [1]. 

Compact hydraulic unit is small and safe. It is a closed, so the inside is relatively safe 
from foreign particles. Unit can be placed close to actuator which reduces the number of 
connections outside the unit. Fewer connections mean less potential leakage places. 
Possible leakage within the unit doesn’t affect the environment. Shorter pipelines also 
decrease oils reduced mass. Reduced mass can be a problem on applications with long 
pipelines and slow actuator velocities [2]. 
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The unit can be assembled and tested in controlled environment, so installation is 
simple which means that extra go-between partners, such as shipyards, can be left out of 
the picture.    

Compact hydraulic unit can be designed to be expandable by oil reservoir and by 
number of valve packages, DFCUs [3]. This would bring the digital hydraulic thinking 
“one  suites  for  all”  into  hydraulic  drives.   DFCU means  a  valve  unit,  in  which  on/off  
valves are connected parallel to create desired control characteristics. Valves can be all 
same size or measured according to desired format i.e. Binary or Fibonacci -code. 
DFCUs hydraulic diagram is illustrated in figure 1. 

 
Figure 1. Hydraulic diagram of Digital Flow Control Unit DFCU [4] 

Compact hydraulic unit suites best to scattered applications which are used occasionally 
i.e. few times per day. 

2. RESEARCH TARGET 

This research was targeted to applications with load curve similar to the one in figure 2. 
This type of load curve is on i.e. lifting bridges, hatches and ramps.  
 

 

Figure 2. Load curve. 
Common to these applications is occasional use, long stand still periods and rare work 
cycles. Usually even between cycles there is stand still for few minutes. Hydraulic units 
and  power  packs  on  these  applications  are  usually  outdoors  where  temperature  range  
can be large. Hydraulics are often equip with heating system for cold weather, but in 
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practice they are usually started up cold. These applications don’t need careful 
positioning and they are often controlled manually.   
The applications are opened by lifting them into upright position by hydraulic cylinders 
and the end hinge. There are usually 2 to 4 cylinders and they are all connected to same 
load. The shape of load curve (figure 2) causes these applications to pelt towards the 
end of the cylinder stoke. It’s not recommended to let them hit the end cushioning with 
fast velocity since the loads are large. Unfortunately there are no position - velocity 
control, so slowing down is up to the user.   
Traditionally these applications have been lowered by applying pressure to cylinder 
chamber B (piston rod side) by pump. If pump is used to lower the load and no energy 
is stored to accumulators, basically it means that all the used energy is wasted. Here is 
introduced a new idea how to lower the load without a pump. The load can be lowered 
by using so called negative regenerative circuit. This connection is illustrated in figure 
3. The load is lowered by gravitation force and velocity is controlled by letting oil into 
tank. Valves connecting cylinders A and B chambers are opened, so oil can flow from 
chamber A into chamber B to fill out the chamber volume and prevent cavitation.  

 

Figure 3. Negative regenerative circuit. 

Figure 4 illustrates simulation of cylinder chamber pressures in two different cases with 
descending load. First, in “normal” lowering, oil is pumped into cylinder chamber B 
and oil from chamber A is let into tank. Pressure in chamber B is limited to 100 bars by 
pressure relief valve, since it isn’t necessary to pull the load, gravitation will bring it 
down.  In second case negative regenerative circuit is used. Pressure is nearly the same 
in both chambers since valves between them are open. In the beginning of the lowering 
movement the two curves overlap, because the negative regenerative circuit is switched 
on after a small nudge from pump, just in case the load is in stable position. This might 
happen i.e. with multi folding hatch covers.  
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Figure 4. Lowering load, chamber pressures on two cases. 

3. THEORETICAL STUDY OF HYDRAULIC OIL TEMPERATURE RISE 

Oil temperature rise in compact module was studied by simulation. In simulations was 
used cylinder size 220/160-1800 and stoke time 3 minutes. In simulated case cylinder 
made three cycles with a load that corresponds with illustrated load curve (figure 2) 
with maximum of 29 tons. One cycle means positive and negative piston stoke. Positive 
movement is created by pump and with negative movement negative regenerative 
circuit is used. The small nudge from pump before switching to negative regenerative 
circuit is not included in this simulation. When pump is not in active use, its volume 
flow is run to tank through on/off valve. Simulated circuit, illustrated in figure 5, 
includes tank, cylinder, pipes, four DFCU’s and constant pressure source.  

 
Figure 5. Simulated circuit. 
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Hydraulic oils temperature rise is determined by calculating energy loss in each 
hydraulic component. The energy loss is changed into temperature rise with equation 
one:  

                   (1) 

 
 

 
 
 

In tank hydraulic oil temperature rises constantly, because during positive movement 
heated oil is received from cylinders B chamber, mixing with the remaining oil in tank. 
During negative movement pumps unloading circuit and heated oil returning from 
cylinder chamber A heaths the oil up. 

In the figure 6 is simulated tanks oil temperature change with four different oil reservoir 
sizes.  Tank needs  to  hold  at  least  as  much oil  as  the  cylinders  piston  has  volume and  
multiply this amount with the number of cylinders. Also so some extra oil is needed. 
What  is  the  optimal  amount  of  extra  reservoir  is  a  compromise  between  size  and  oil  
temperature rise. In the simulated cases the oil reservoir is 1,5 - 3 times the amount the 
piston volume. From the figure can be seen that after three cycles the tanks temperature 
rise is less than 6° Celsius. This means that heating is not the most important parameter 
when choosing the amount of oil reservoir.  

 
Figure 6. Temperature difference in tank. 

To be able to determine oil reservoirs temperature change, it is necessary to determine 
simultaneously the oil temperature change in cylinder chambers and pipes. The next 
figure illustrates this on four separate parts: 

 from pump to chamber A (PA) 
 from chamber B to tank (BT) 
 from chamber A to chamber B (AB) 
 from chamber A to tank (AT) 
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Figure 7. Temperature difference around the system. 
Full work cycle for oil is through pump to chamber A, from chamber A to chamber B, 
and from chamber B back to tank. Since the first cycle starts at same temperature in all 
cases, difference between oil volumes start to show during second cycle. The simulation 
results show that in cylinder the oil temperature rises less than 10 degrees. This result is 
exaggerated, since the model doesn’t consider that over time heat from the oil would 
transfer to surrounding metal. 

4. DISCUSSION 

In the beginning of the project there were several issues which were hoped to be 
considered during the research. Some of these things were: 

 Shortening cylinder stoke 
 Limiting cylinder piston velocity towards the end of the stroke 
 Minimizing hydraulic piping 
 Reducing maximum power 
 Storing and re-using hydraulic energy 
 Increasing pressure level 
 Use of digital hydraulics 
 Studying hydraulic oils temperature rise in compact hydraulic unit 

Several ideas immerged, how to execute this goals. These ideas are not yet studied.  

Piston velocity can be controlled by using intelligent control. Targets opening angle can 
be measured and valve opening (DFCU or proportional) decreased on desired area. 
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Another option is to measure cylinder piston position. When velocity is controllable, 
theoretically hydraulic cylinder can be placed closer to end hinge which decreases the 
needed cylinder stoke length.  Shorter cylinder stroke needs smaller volume flow to do a 
full stroke in same amount of time. This also means less needed oil, so oil reservoir size 
can be decreased. 

Hydraulic piping can be minimized by placing hydraulic power unit as close as possible 
to actuator. Currently i.e. ships use central hydraulic unit, which can lead into having  
two kilometers of hydraulic piping onboard [5]. Minimizing hydraulic piping has 
several advantages: pressure losses and number of pipe connections decrease. Fewer 
connections mean less potential leakage places. Also oil volume decreases, so in case of 
a hose breakage, the damage is smaller.   

Maximum needed power can theoretically be decreased by placing hydraulic 
accumulator to hydraulic pumps suction line as illustrated in figure 8. The accumulator 
decreases pressure difference over the pump which, according to equation 2, decreases 
needed power.  

QpP                 (2)  

Figure 8 also illustrates two ways of charging the accumulator: by pump or by 
exploiting the potential energy from negative loads. Negative load in this case means 
lowering or closing the hatch, ramp or bridge. Use of pump-motor, or digital pump-
motor-transformer [6] is also possible. If descending -negative- load is used to charge 
the accumulator, some oil must be pumped into chamber B to prevent cavitation. Stored 
hydraulic energy, in figure 8 accumulator, can also be used as extra volume flow in 
addition to one provided by pump. In both ways fuel consumption is decreased. One 
might say,  that  efficient use of hydraulic accumulators in lifting -  lowering cycle pays 
back in form of free cycles.   

 
 

 

Figure 8. Decreasing needed power by accumulator, two ways of charging the 
accumulator. 

With marine hydraulic applications, at the moment, pressure levels are limited by the 
pressure test acquired by classification societies. The pressure test has to be done with 
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1,5 times the supply pressure [7]. It could be possible to appeal for exception of the 
pressure test for compact, closed units which would enable to use higher pressure level. 

5. CONCLUSIONS 

There are applications in which the compact, modular hydraulic unit is ideal. These 
applications have long stand still periods and rare work cycles. Since these applications 
aren’t acting continuously, their energy consumption is low. Therefore saving energy 
isn’t a key factor, but for temperature control high energy efficiency is mandatory. 
Temperature rise in a compact unit can be rapid, if energy efficiency is low.  
Compact units are small, factory tested, ready for installation modules containing all 
necessary parts. Installation time at i.e. shipyard is short. Assembly in factory, in a 
controlled environment, increases reliability. 

Compact units enable to minimize the volume of oil reservoir and piping. From a closed 
unit, a possibility of an external leakage is small which improves environmental 
friendliness.  
In this research temperature rise in compact unit was studied by simulation. Digital 
hydraulics and negative regenerative circuit was compared with traditional solution. The 
results were promising. Energy efficiency can be increased even further by using 
intelligent control and accumulators. Some of these ideas were introduced in discussion. 
In near future simulations are verified by laboratory tests, followed by prototype and 
tests on real application. 
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ABSTRACT 

The paper presents an improvement of heat-regenerative accumulators with piston and 
elastic separators aimed at expansion of the operational conditions range as well as long 
service life and durability.  

A metal compressible regenerator embedded into a piston accumulator provides nearly 
isothermal character of gas compression and expansion. This increases accumulator 
efficiency at various operational modes including long storage.  

For accumulators with elastic separators (membrane, bladder) there is a known method 
of efficiency increase by filling the gas reservoir of the accumulator with elastomeric 
foam. The paper presents a solution for foamed filler protection providing long service 
life and foam resistance to fast irregular separator movements. 

An alternative method of approaching isothermality of gas compression/expansion is 
also presented. The new method is based on forced turbulent gas heat exchange and can 
be applied to any type of accumulator.  

Presented experimental data demonstrate a noticeable increase of the energy 
recuperation efficiency in all tested regimes when using the improved accumulators.  

KEYWORDS: Energy recuperation efficiency, hydropneumatic accumulator, thermal 
losses, heat regeneration 

1. INTRODUCTION 

For fluid power recuperation applications the major losses in accumulator are caused by 
the very nature of the processes in the gas reservoir of accumulator [1]. Since gas 
compression/expansion processes are polytrophic and therefore irreversible, gas always 
returns back less energy at expansion than it was stored at compression. 

Thermal losses strongly depend on compression/expansion rate and ratio and can reach 
one-third of the stored energy at commonly used compression ratio of 2 to 3.  
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They also increase when required energy storage period is long, for example for 
hydraulic hybrid delivery or utility trucks with long load/unload stops and for hybrid 
vehicles driving in traffic jams with short start/stop impulses and long idle intervals. 

For reduction of thermal losses it was suggested [2] to place elastomeric foam into the 
gas reservoir of the accumulator, so that the foam is to perform the function of heat 
regenerator and insulator. When the gas is being compressed, the compressed 
elastomeric foam takes away some heat from the gas and reduces its heating, and, when 
the gas is being expanded, the expanded due to its intrinsic elasticity foam returns back 
heat to the gas and reduces its cooling. The small size of the foam cells (about 1 mm) 
provides decreased (compare to the ones without foam) temperature gradients in the gas 
reservoir during heat exchange between the gas and foam. Thus heat exchange 
reversibility during gas compression and expansion considerably increases. The porous 
structure of the elastomeric foam reduces convective gas flows and thus heat transfer 
from the gas to the gas reservoir walls decreasing respective thermal losses. Therefore, 
at short storage intervals, the major part of the heat transferred from the gas to the foam 
during compression is returned to the gas during expansion, while the recuperation 
efficiency increases considerably [2]. 

Major disadvantage of the described solution is low durability of elastomeric foam. At 
continuous operation, fatigue degradation of the elastomeric foam leads to deterioration 
of its elastic properties and development of residual deformation of the foam. As a 
result, the foam loses its ability to reshape and to fill the entire volume of the gas 
reservoir, while the recuperation efficiency decreases. In the experiments [3], the 
accumulated residual deformation reaches one quarter of the initial volume of the foam. 
Growing losses of the fluid power in the piston accumulator already within 36000 
cycles (400 hours) of slow (0,025 Hz) compression and expansion was observed. Foam 
degradation strengthens considerably in real hydraulic systems, in which the piston 
moves non-uniformly with jerks. Exploitation at increased or low temperatures, typical 
for mobile applications, also accelerates the processes of foam degradation. 

An improved solution for bladder accumulators is presented in [8]. There the porous 
elastic body of foamed synthetic resinous material is intimately joined to the wall of the 
bladder. 

In both described solutions the boundary layers of the foam body adjacent to the 
separator (piston or bladder) are not protected from fast separator movements, 
vibrations and jerks. With vibrating impact of the jerking separator, the boundary layer 
of the elastomeric foam adjacent to the separator is exposed to the highest load and 
destruction. Its springiness is not sufficient to transmit acceleration from the separator to 
the entire mass of the foam. If the amplitude of the separator vibration is commensurate 
with the cell size, the boundary layer is crushed and destroyed. This is followed by the 
destruction of the next layer and so on. In addition, no reliability is ensured during 
working gas charging and discharging. The cleavage stress of the existing elastomeric 
foams is low, about 0.1 – 1.0 MPa. During fast processes of gas charging and 
discharging, considerably larger local pressure drops in the foam may arise, especially 
near the gas port, where the gas flow density is the highest. This may cause foam 
destruction. The danger of the foam being entrained into the gas port of the accumulator 
during fast gas exchange processes also restricts the use of gas receivers in combination 
with the described accumulators. 
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The paper presents: a solution for elastomeric foam protection, a regenerative solution 
for thermal losses reduction in piston accumulators and a solution for all types of 
accumulator based on alternative approach to heat regeneration. 

2. FOAM SOLUTION FOR MEMBRANE AND BLADDER ACCUMULATORS 

Cheap and easy to implement solution with elastomeric foam [2] is well suitable for the 
use in membrane and bladder accumulators. To make the foamed accumulator durable 
the foam degradation problem described in [3] must be solved. 

2.1. Foam protection means 

Foam degradation can be substantially reduced by attaching the foam (porous material) 
to the separator (membrane or bladder) and the walls of the gas reservoir as described in 
[8] in combination with special means for protecting the boundary layer of the porous 
material. The protection means prevent development of local deformations exceeding 
the limit of reversible deformations of the porous material at maximum jerks of the 
separator. This limit can be specified as relative elongation at which the initial size of 
the pores of the undeformed porous material is restored. Thus the protection means 
reduce local deformations of the foam boundary layer in case of fast irregular 
movements of the separator reducing residual deformations which contribute to fatigue 
degradation and rupture of the foam boundary layer adjacent to the separator.  

2.2. Protection means embodiments for different types of accumulator 

Pneumatic and elastic protection means can be implemented alone or in combination 
with each other. Figure 1 presents different embodiments of the protection means.  
(Some elements numbered in the figures are not referred to for the sake of brevity). Left 
sketch in Figure 1 shows the pneumatic protection means for piston accumulator made 
as a set of membranes 11 inserted into the porous material 7 near the piston 6 
transversally to its movement direction. The gas permeability of these membranes along 
the piston movement is smaller than the average gas permeability of the porous 
material. As the piston movement become faster, the growing pressure drop at the 
membrane 11 provides higher acceleration of the membrane and the adjacent foam 
layers, thus reducing the load on them and decreasing their local deformations. The 
membranes 11 are made with holes 12. 

Middle and right sketches in Figure 1 present the elastic protection means made as a set 
of elastic elements 9 connecting the separator 6 (membrane and bladder 
correspondingly) with remote from the separator layers of the porous material 7. These 
elastic elements can be made as elastically extensible polymeric bands or metal springs. 
Possible is also distributed embodiment of elastic elements in the form of reinforced 
webs between the pores in the foam boundary layer wherein the springiness of the 
reinforced webs is as higher as they are closer to the separator. The bladder accumulator 
shown in Figure 1 also contains membranes 11 to protect the porous material located in 
area of maximal speed of the bladder 6 movements.  

For preventing porous material losses during gas discharging the gas port 5 is separated 
from the porous material 7 by filter 18 transmitting gas and entrapping the porous 
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material. The filter can be made in the form of a membrane with the holes of the 
average size not exceeding the average thickness of the webs between the foam pores 
and the average distance between the holes being less than the average cross dimension 
of the canals between the foam pores. For preventing porous material from damage 
during gas charging and discharging the filter reduces the gas flow through the gas port 
so as the pressure drop in case of open gas port exceeds (preferably more than 10 times) 
the maximum pressure difference between different areas of the porous material. A 
separate flow restrictor in the form of a throttle separated by a filter from the foam can 
be used as well as an integral embodiment where the filter itself restricts the gas flow as 
described above. The filter can be made for example, in the form of a three-dimensional 
solid porous structure with increased gas-dynamic resistance. 

 

   
Figure 1. Piston accumulator with pneumatic protection means (left), membrane 

accumulator with elastic protection means (middle) and bladder accumulator 
with elastic and pneumatic protection means (right) 

 

When fast gas charging/discharging is operation condition (for example in accumulator 
+ gas bottle systems) the porous material close to the gas port must be made with 
increased gas permeability exceeding the average permeability of the rest of the porous 
material. 

I this case the porous material can either have separate drainage canals or be made from 
the material with increased sections of canals between the pores near the gas port. 
Another solution is to make the porous material with increased springiness close to the 
gas port, for example, from a denser porous material but with increased pore size and 
sections of canals between them. Figure 2 presents a piston accumulator with porous 
material in its gas reservoir. In this design the plates 14 integrate two functions: heat 
regenerator and pneumatic protection means for the porous material which serves as 
additional heat regenerator between plates 14 and as a heat insulator preventing gas 
convection along the walls of the gas reservoir. 
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Figure 2. Piston accumulator with pneumatic protection means 

3. METAL COMPRESSIBLE REGENERATOR FOR PISTON ACCUMULATORS 

Substantial reduction of thermal losses in piston accumulators can be achieved by 
inserting a compressible metal regenerator (Heat Spring) into the gas reservoir of the 
accumulator. 

3.1. Operating principle 

Heat Spring is made of round metal plates located transversally to the piston motion 
direction with gaps between each other. The plates split the accumulator gas reservoir 
into intercommunicating gas layers. Figure 3 presents a version of HS with spacers 2 
providing gaps between the plates 1. The splitting of the gas reservoir into thin gas 
layers reduces the average distances to the metal heat-exchange surfaces which 
facilitates heat transfer between the gas and metal and reduces the gas temperature 
gradients. This increases the reversibility of the gas compression and expansion 
processes and, hence, the efficiency of the accumulator. The calculations of Heat Spring 
parameters, material considerations and more detailed principle of operation were 
presented in [4] and [5].  

 
Figure 3. Fragment of Heat Spring with spacers 
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3.2. Review of HS design and storage system packaging 

There are various possible versions of HS design and packaging of the piston 
accumulator with HS. Depending on application HS can have compressible or 
stretchable design [7]. Compressible design of HS with spacers might be easier to 
implement and scale to the size of accumulator. Its disadvantage is compression ratio 
limitation due to the spacers. This type of HS can not be compressed to zero gap 
between the plates, thus this design has limited application field. Stretchable design 
does not suffer from this limitation but is less reliable in joints between the plates. 
Compressible design without spacers (Figure 4) seems to be optimal solution for wide 
range of applications. With appropriate measures taken against scratching the walls of 
accumulator by the plates this design combines simplicity of manufacturing and 
assembling with wide range of operating parameters. 

 
Figure 4. Fragment of Heat Spring without spacers, sectional view 

One of the most promising solutions of the HS accumulator especially for mobile 
applications is based on piston-in-sleeve design of the accumulator [6]. Figure 5 shows 
schematic view of possible embodiment based on this design. The accumulator shell is 
made of lightweight composite material. The piston moves inside of a thin metal sleeve 
balanced relative to the pressure forces acting on its surfaces. The gas reservoir contains 
HS of any appropriate design. For prolonged service life the piston is made hollow with 
metal leaf bellows installed inside its cavity. The bellows functions both as an 
additional heat regenerator and as a pressure ripple damper. The lightweight bellows 
takes the high-frequency ripples of the flow and pressure while the more massive piston 
moves uniformly or does not move. This ensures integrity of the seals of the piston and 
high degree of ripple smoothing. 

 

 

 

 

 

Figure 5. Lightweight piston-in-sleeve accumulator with HS and pressure ripple 
damper 

For storage systems aggregated with gas bottles the same regenerative approach can be 
implemented both to the accumulator and gas bottle. The latter is easier since gas bottle 
doesn’t have movable parts inside and can contain a fixed regenerating heat exchanger 
in the form of some metal porous structure. The aggregate volume of this heat 
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exchanger material must be in the range from 10 to 50% of the internal gas bottle 
volume and the aggregate area of the heat exchange surfaces of the heat exchanger 
reduced to the aggregate internal gas bottle volume must exceed (preferably) 10 000 
cm2/liter. Thus, at gas compression or expansion in the gas bottle the heat exchange 
between the gas and the regenerating heat exchanger occurs at small average distances 
between the gas and the heat exchange surfaces and on a large heat exchange area and, 
therefore, with smaller temperature gradients, which increases reversibility of the heat 
exchange processes in the gas bottle its and recuperation efficiency. For effective heat 
exchange the heat exchanger must be made with the average pore size below 5 mm. On 
the other hand to reduce gas-dynamic resistance of the porous structure the average pore 
size must be no less than 0.05 mm. With 10 to 50% share of the gas bottle volume 
occupied by the metal of the heat exchanger the thermal capacity of the latter exceeds 
the thermal capacity of the gas in the bottle. For example, the specific thermal capacity 
of the heat exchanger made from steel will be from 400 to 2000 kJ/K/m3 while the 
thermal capacity of nitrogen at working pressures of 100 - 300 bar (and ambient 
temperature) is from 120 to 360 kJ/K/m3. The higher the gas working pressure, the 
higher the thermal capacity of the heat exchanger must be, i.e. the larger the share of the 
gas bottle volume occupied by the material of the heat exchanger. The steel or 
aluminum porous structure can be made from ready metal items to be disposed or from 
metal-working production wastes. It can also be formed from turnings or metal cuttings 
resulting from another process of metal machine work (drilling, milling cut operation, 
etc.). To increase thermal capacity and vibration resistance these metal turnings or other 
cuttings inside the bottle can be additionally compacted. To prevent penetration of 
particles of the heat exchanger from the gas bottle through its gas port the latter must be 
equipped with some blocking element. To reduce the gas-dynamic resistance the axial 
length of this blocking element must exceed 20% of the axial length of the gas bottle. 

3.3. Tested prototype of a piston accumulator with Heat Spring 

Figure 3 shows a fragment of the tested Heat Spring. The prototype was made of a 
regular piston accumulator (2 liters Hydac SK350-2/2212A6) with HS introduced into 
its gas reservoir. The HS was made of stainless steel flat round plates 1 fastened 
together by steel spacers 2 glued to the plates 1 with the angular offset of 60 degrees. 
On the other side of each plate there were also 6 spacers 2 with the same offset relative 
one another. In this case the whole configuration of the spacers 2 on one side of the 
plate was shifted relative to the configuration of the spacers on the other side of the 
same plate by 15 degrees. Thus, the configuration of the spacers in every successive gas 
layer between the plates was turned by 15 degrees relative to the previous one while the 
configurations with the similar angular position repeated with the period 4 and was 
separated by 3 gaps between the plates. The angular size of the spacers 2 was 
considerably less than 15 degrees, which allowed of HS compression with relatively 
small bending strains of the plates. At full compression the average depth of one gas 
layer was one-fourth of the spacer thickness. So this HS design provided for volumetric 
compression ratio of 4. HS itself occupied 28% of the gas reservoir volume. Its total 
mass was 4,45 kg and total heat capacity was 2,25 kJ/K that was about 12 times higher 
than total heat capacity of the gas (0,19 kJ/K) in the gas reservoir at initial pressure of 
1,05 MPa. The same non-modified Hydac accumulator was taken as the reference for 
testing. 
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4. ALTERNATIVE SOLUTION FOR ALL TYPES OF ACCUMULATOR 

Heat Spring solution based on gas heat regeneration has shown the best thermal losses 
reduction (see below). But it can be implemented into piston accumulators only. Since 
it’s not possible to introduce movable regenerator in accumulators with elastic 
separator, the idea is to circulate gas through a regenerator during compression and 
expansion. Below is described a solution for all storage system configurations based on 
any type of accumulator. 

4.1. Principle of operation 

So the alternative approach is to maximize convection flows in the gas reservoir and to 
use the walls of the reservoir as heat regenerating means with or without a special fixed 
regenerator. This forced convection can be created in the accumulator or gas bottle as 
alternative to the honeycomb structure of receiver described in [5]. 

The forced convection is provided by a gas blower and intensifies multiply heat 
exchange between the gas and the surfaces blown by the gas including the walls of the 
gas reservoirs (accumulator and/or gas bottle). Thus heat is transferred to these surfaces 
more intensively from the gas at compression and returns back to the gas more 
intensively at expansion. This in turn reduces temperature gradients in the gas and it’s 
heating and cooling in recuperation cycle. At slow and medium rate recuperation cycles 
the gas blower provides near isothermal gas compression/expansion processes at 
relatively low power being consumed by the gas blower. At fast cycles the gas blower 
can be switched off thus allowing for adiabatic processes which are more efficient at 
fast gas cycles. 

The gas blower can be driven electrically or hydraulically. In latter case the hydromotor 
driving the gas blower is convenient to supply with the same liquid flow circulating 
through the liquid reservoir of the accumulator. 

4.2. Various installations of the forced convection unit 

Figures 6, 7 present few variants of the convection unit location in a recuperation 
system (in schematic representation). Figure 6 (left sketch) presents the simplest 
embodiment with one electrically driven gas blower 7 introduced into gas reservoir 5 of 
accumulator 1. The system does not include a gas bottle. 
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Figure 6. Accumulator with internal gas blower (left), bladder accumulator with 

external gas blower and heat exchanger (middle) and system with gas bottle, 
external gas blower and heat exchanger (right) 
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Middle sketch in Figure 6 presents the embodiment with external electrically driven gas 
blower 7 installed outside of gas reservoir 5 of bladder accumulator 1. External heat 
exchanger 10 and gas blower 7 are connected to the gas reservoir 5 by gas lines 9. The 
system in the right sketch of Figure 6 includes accumulator 1, gas bottle 11, external 
electrically driven gas blower 7 and gas lines 9. Here convection flows are created both 
in gas reservoir 5 of the accumulator and in the gas bottle. One of gas lines 9 is inserted 
deeper into the gas bottle than the other one thus providing fanning of its walls. The 
system presented in the left sketch of Figure 7 includes accumulator 1, gas bottle 11 
with internal regenerative heat exchanger 10 and external hydraulically driven gas 
blower 7. Hydromotor 15 is supplied with the liquid charging the liquid reservoir 2 of 
the accumulator. Switching valve 16 provides unidirectional rotation of the gas blower 
both at charging and discharging of the accumulator. 
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Figure 7. System with gas bottle, hydraulically driven external gas blower and 

heat exchanger inside the gas bottle (left) and bladder accumulator with internal 
gas blower and regenerative heat exchanger (right) 

Right sketch in Figure 7 demonstrates bladder accumulator 1 with internal regenerative 
heat exchanger 10 and internal electrically driven gas blower 7 installed inside gas 
reservoir 5. 

4.3. Tested prototype of a membrane accumulator with forced convection unit 

Figure 8 presents the prototype of a membrane accumulator with internal gas blower 
and internal regenerative heat exchanger. The oil part 1 of a regular membrane 
accumulator (2 liters Hydac SBO250-2A6/112A6-250AK) has been used as it is. The 
gas part 2 was redesigned so that to contain the gas blower 3 and the regenerative heat 
exchanger 4. Its volume was 3 liters. A miniature high speed radial gas blower 
(Micronel U51DL-012KK-5) was used for creating forced convection. The blower was 
installed inside the aluminum heat exchanger 4 of parabolic-like form which in its turn 
was installed into the gas reservoir 5. Electric wires for the blower drive motor and a 
thermocouple were inserted into the gas reservoir through the high pressure seals. The 
mass of the heat exchanger was 3 kg which provided 2,79 kJ/K of heat capacity for 
regeneration heat of the gas. The gas blower provided 400 l/min at atmospheric 
pressure. When tested as a reference the prototype operated with the gas blower 
switched off. 
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Figure 8. Prototype of membrane accumulator with internal gas blower and 

regenerative heat exchanger 

5. POWER EFFICIENCY TEST SETUP 

5.1. Test rig for efficiency measurement 

Figure 9 presents the test rig scheme for power efficiency measurements. This circuit 
was used for testing the HS prototype at the Institute of Fluid Technology in Dresden 
(IFD) Dresden. Tested accumulator 1 is charged by pumping station 11. The fluid flow 
from the pumping station goes through proportional valve 6 to first port 3 of double 
acting cylinder 2 while its second port 4 is connected to the accumulator. The position 
of piston 5 of cylinder 2 is measured to obtain the oil (and consequently gas) volume 
variation in the accumulator. Proportional valve 6 is used as a discharge load. It 
switches the first port 3 of the cylinder 2 between the pressure line of pumping station 
11 and its return line thus providing three modes of the accumulator operation: charge, 
hold and discharge. The oil and gas pressures in the accumulator, the gas temperature 
and piston 5 position of cylinder 2 are recorded against the time by pressure transducers 
7, 8 and position transducer 9. (Some auxiliary elements of the test rig are not shown). 
Pressure relief valve 10 protects the tested accumulator from out-of-range pressure. 

The test rig for testing the membrane prototype with forced convection unit was 
equipped with an adjustable throttle used as a load. Instead of proportional valve one 
switching valve was used to direct oil flow. Since the schemes of both rigs are almost 
the same there is no need to give a picture of the second one. 
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Figure 9. Simplified test rig scheme 
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5.2. Test procedure 

For both tested piston accumulators (with and without HS) the initial gas pressure was 
105 ± 2% bar with compression ratio in the cycle of 2.1 ± 2%. The six cycles were 
chosen close to real charge-hold-discharge cycles of the accumulator as if it were 
installed on a hydraulic hybrid vehicle and tested at different driving regimes. Parts of 
the urban drive cycle (ECE-15) were taken as representative cycles for mobile 
applications. Four different cycle shapes were taken as representatives of industrial 
cycles according to Rupprecht classification: triangle, impulse, sawtooth, and rectangle 
[9]. Their shapes timing and measured efficiencies are given in Table 2. 

For the tested membrane accumulator the initial pressure was 100 ± 1% bar with 
compression ratio in the cycle of 2.03 ± 2%. Feasibility of the forced convection 
solution was demonstrated in one cycle chosen from the six used for testing HS 
solution. The temperature in the gas reservoir and the gas blower power consumption 
were measured together in addition to hydraulic parameters. The gas blower was 
powered during charge and discharge of the accumulator and switched off during 
holding period. The cycle with the gas blower switched off was taken as a reference.  

6. POWER EFFICIENCY TEST RESULTS 

6.1. Piston accumulator with the embedded compressible regenerator (HS) 

The prototype was tested for two types of applications: mobile and industrial. 

The data presented in [5] for mobile applications demonstrate significant difference 
between the reference accumulator and accumulator with Heat Spring, with at least a 
ten-fold reduction of thermal losses in the HS prototype. Table 1 (taken from [5]) gives 
the comparative test results for 3 parts of the ECE-15 cycle and 3 cycles with long 
holding time (up to 15 minutes), which correspond to hydraulic hybrid delivery truck 
operation. The efficiency values are given for the gas side and oil sides. The latter 
corresponds to the total efficiency of the accumulator. As expected the better result 
compare to the reference accumulator was obtained for long holding time where 
irreversibility of gas compression/expansion processes gives maximal contribution to 
the thermal losses. 

Table 1. Recuperation efficiency of the piston accumulator for different driving 
cycles 

Cycle shape Efficiency of accumulator, % 
charge 

time, sec 
hold time, 

sec 
discharge 
time, sec 

regular, 
gas / oil 

with HS,   
gas / oil 

Fragments of the urban drive cycle (ECE-15) 
17 24 4 80.7 / 80.5 97.3 / 96.6 
5 22 11 81.6 / 81.4 97.8 / 96.9 
11 22 24 82.8 / 82.7 98.6 / 97.8 

Delivery truck cycles with load/unload 
5 60 11 79.1 / 78.7 97.5 / 96.9 
5 180 11 78.3 / 78.2 97.1 / 96.5 
5 900 11 78.1 / 78.0 96.7 / 95.8 
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Table 2 presents the results of the test for industrial applications repeated for two cycle 
frequencies differing by one order of magnitude. The HS prototype has shown high 
efficiency for all shapes and frequencies. At the same time, the reference accumulator 
showed higher efficiency at fast steep slopes and short holding time. The dependence of 
the efficiency of the cycle on its frequency was examined using the reference 
accumulator and HS accumulator. The results of this comparative testing are presented 
in Figure 10 which indicates that better efficiency of the Heat Spring as compared to the 
reference accumulator was obtained for slower pulse fronts or longer storage time. 

 

Table 2. Recuperation efficiency for different industrial cycles 
Cycle shape 

 

 

   

Freq [Hz] Cycle in progress with time [sec] 
0.1 5-0-5-0 1-8-1-0 7-2-1-0 1-4-1-4 
0.01 50-0-50-0 1-98-1-0 70-29-1-0 1-49-1-49 

 
Power efficiency (gas)  Reference / HS [%] 

0.1 97.8 / 97.6 98.0 / 92.3 97.3 / 95.2 94.7 / 92.2 
0.01 91.0 / 99.4 97.2 / 91.8 84.8 / 95.0 78.0 / 92.1 

 

 

       
Figure 10. Frequency dependence of recuperation efficiency for triangle (left) and 

rectangle (right) cycles for the reference (dark curve 1) and HS accumulator 
(gray curve 2) 

6.2. Membrane accumulator with forced convection unit 

The P-V diagrams given in Figure 11 were recorded at the gas side of the membrane 
prototype for the chosen cycle (a part of ECE-15). The thin curve corresponds to the 
cycle for reference accumulator (with the gas blower switched off). The thick curve – to 
the cycle with forced convection. 
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Figure 11. P-V diagrams for the cycle: 11 s - charge, 22 s - hold, 24 s – discharge 

 

The loop area of the thin curve corresponds to 82.2 % of fluid power recuperation 
efficiency for the reference accumulator while the loop of the thick curve represents 
92.8 % of fluid power recuperation efficiency for the cycle with forced convection. To 
evaluate total efficiency of the prototype the power consumed by the gas blower during 
the forced convection cycle was considered. These data are given in Table 3 for several 
values of gas blower power consumption. 

 

Table 3. Total efficiency of the membrane accumulator with and without forced 
convection for the cycle: 11 s - charge, 22 s - hold, 24 s – discharge 

Power consumed by gas 
blower, J 

Recuperation efficiency of 
accumulator, % 

Total efficiency of 
accumulator, % 

0 82.2 82.2 
89 89.0 88.6 
303 91.5 90.0 
665 92.0 88.7 
938 92.8 88.3 

 

Table 3 indicates that the more power is spent on the gas blower the more intensive 
convection is and thus the higher is recuperation efficiency. However there is a range of 
the gas blower power consumption where the total efficiency of the accumulator is 
maximal. This optimal range is 20 ÷ 40 % of the maximal power applied to the gas 
blower during this series of testing.  

The used gas blower was designed for air at atmospheric pressure and obviously its 
efficiency was not optimized for the gas at 100 ÷ 200 Bar. Even though the total 
efficiency of the membrane prototype with forced convection could reach 90 % which is 
close to the results for the foamed accumulator tested at the same cycle with the same 
initial pressure [4]. 
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7. CONCLUSION 

Experimental results for the prototype of a piston accumulator with HS presented in [4] 
and [5] show that the use of HS substantially improves accumulator efficiency in 
recuperation cycles of relatively low frequency or with long hold time (efficiency ε > 
0.95 compared to ε ≈ 0.8 for the regular accumulator of the same volume). This can be 
beneficial in applications, which require prolonged hold period (like hydraulic hybrid 
vehicles). As compared to the reference accumulator, the efficiency increase reaches 
almost 17%. In high frequency cycles with fast charge/discharge and short hold 
(industrial applications); the HS accumulator has also shown increase in efficiency of 
more than 90%. The reference accumulator in high frequency cycles showed equal or 
even better performance as compared to the HS prototype. This observation agrees with 
the modeling of the HS and findings on relationship between the gap, pulse frequency, 
and storage time [5]. Since 1 mm gap between the plates was used in the tested 
prototype, better results for slower pulse fronts or longer storage time were expected. 
This means that for fast industrial applications the HS must have thinner plates and 
smaller gaps between them. It was found that the gap value is proportional to the square 
root of the compression/expansion time. For faster cycles of 0.1 - 1 Hz, the gap must be 
3 times smaller than that chosen for the tested prototype. The completed calculations 
and modeling of the Heat Spring created the basis for its design. Incorporation of the 
HS leads to unavoidable gas volume reduction (about 28% in the tested prototype) and 
thus the amount of energy that can be stored. However, the fact that the HS accumulator 
returns back more energy then the regular accumulator can store, this gas volume 
reduction can be disregarded. 

In applications where the use of a piston accumulator is inappropriate due to its 
relatively bigger mass and cost the foam solution might be applicable provided with the 
foam protection means. A durability test (not described here) has shown foam resistance 
to fast (1.2 sec) cycles of compression/expansion at ambient and 1000C temperatures. 
After about 1 000 000 cycles (50% at 1000C) the tested foam did not show any signs of 
rupture or fatigue degradation. The gas port protection measures enable creating foamed 
accumulators for fluid power recuperation systems with reasonable service life at 
regular operation conditions. Accordingly to [4] the efficiency increase for the prototype 
of a piston accumulator filled with foam ranges between that for the accumulator 
without foam and the same accumulator with described above Heat Spring. 

For wide range of applications the forced convection solution seems to be a good 
alternative. It is capable of providing recuperation efficiency close to the foam solution 
at any recuperation cycle parameters. This solution requires competent gas-dynamic 
calculations of the embedded regenerator and appropriate gas blower in order to 
maximize total power efficiency of a storage system. The forced convection solution is 
applicable to any type of accumulator and any type of a storage system assembly (with 
or without gas bottles). For slower cycles the gas blower should be on to achieve close 
to isothermal regime of gas compression/expansion. For fast cycles the blower should 
be off to leave the gas compression/expansion processes close to adiabatic regime. The 
storage system becomes versatile. Obvious disadvantages of this solution are cost 
(compare to the foam solution) and relative structural complexity. In case of electrically 
powered gas blower it requires special high pressure seals to deliver electricity inside 
the gas reservoir. 
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ABSTRACT 

Energy saving is very important in hydraulic equipment such as pump units due to the 
shortage of energy resources and the need to protect the earth’s environment. If an 
accumulator is coupled with a hydraulic pump unit, intermittent operation of the electric 
motor powering the pump drive, called idling stop operation, can be attained by using 
the pressure-holding function. The idling stop operation reduces unneeded power 
consumption.  

In this research, three types of hydraulic pump units were tested: an intermittently 
operated type coupled with an accumulator, an inverter control type and a variable 
displacement type. Experiments were performed to measure the electric power 
consumption, pump rotation speed, and output pressure during one cycle of operation. 
In addition, the efficiency and the static characteristics of each hydraulic pump unit 
were evaluated. 

KEYWORDS: Energy Saving, Oil Hydraulic Pump unit, Accumulator, Idling Stop, 
Efficiency 

1. NOMENCLATURE 

L0 Average output power   [W] 

LN Average electric power consumption [W] 

T Period of one cycle    [s] 

P0 Pump output pressure   [MPa] 

PL Required load pressure   [MPa] 

Q0  Flow rate through throttle valve  [m3/s] 

V1cycle Output flow volume for one cycle  [m3] 

η Efficiency of pump unit    
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2. INTRODUCTION 

In recent years, the shortage of energy resources such as oil and the need to protect the 
environment has led to advances in energy saving in many fields, including hydraulics 
[1]. Unneeded power consumption is reduced when an accumulator is coupled with a 
hydraulic pump unit. The pressure-holding function of the accumulator enables 
intermittent operation, called "idling stop operation," of the electric motor of the pump 
drive. In this paper, an intermittent operation hydraulic pump unit coupled with an 
accumulator (ACC pump unit) is compared with an inverter control pump unit (INV 
pump unit), and a variable displacement pump unit (VD pump unit). Evaluating the 
energy-saving effect of the ACC pump unit is the primary purpose of this paper. 

3. EXPERIMENTS USING MODELED MACHINE TOOL WITH THREE PUMP 
UNITS 

3.1. Experimental device and method 

A photograph of the experimental device used in this research is shown in Figure 1, and 
a schematic illustration of the device is shown in Figure 2. In Figure 2, 1 shows the 
working parts. It is assumed that a workpiece is gripped by a machine tool and cut using 
exchangeable cutting tools. Control is executed by a micro sequencer. The system 
requires a pressure supply of more than 2.6 MPa. The ACC pump unit (made by 
company A) is shown in 2. This unit has an accumulator and a pressure switch. The 
INV pump unit (made by company B) is shown in 3, and the VD pump unit is shown 
in 4. The working fluid is supplied to 1 by 2,3 or 4. In this figure, 1 and 2 are 
connected, and the working fluid is supplied by the ACC pump unit. The parameter 
values for each pump unit are shown in Table 1. The contents and the time required for 
one cycle of work, which are the same for all three pump units, are shown in Table 2.  

 

 

 

 
Figure 1. Experimental device 

 

318



VD pump unit 

ACC pump unit 

INV pump unit 

Accumulator Pressure Switch 

Chuck 

M 

M 

M 

1 

2 

3 

4 

C/R

Pressure Sensor

Tool Stand
 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 2. Experimental circuits for modeled machine tool 

 

Table 1. Parameter values of the pump units 
 ACC pump unit INV pump unit VD pump unit 

Displacement volume 
[cc/rev] 

8.0 (Fixed) 5.7 (Fixed) 8.0 (Maximum) 

Maximum operating 
pressure [MPa] 

4.0 4.0 4.0 

Rated output of 
electrical motor [kW] 

0.75 1.5 0.75 
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Table 2. Details of one-cycle operation 
No. Contents Operation time [s] 
1 Waiting 5.0 
2 Cylinder progress 1.0 
3 Waiting for changing work piece 5.0 
4 Cylinder regress 1.0 
5 Unclamp of Tool Stand 0.9 
6 Rotation of Tool Stand 3.4 
7 Clamp of Tool Stand 1.0 
8 Waiting for cutting 5.0 
9 Three times repetition from 5 to 8 30.9 

Total time of one cycle 53.2 

 

3.1.1. ACC pump unit 

In this experiment, a bladder-type accumulator with a capacity of 3 L is used [2]. The 
bladder is filled with nitrogen.  

If the pump output pressure exceeds 3.0 MPa, which is set as the upper pressure limit, 
the pressure switch turns the pump drive motor of the ACC pump unit OFF. If the pump 
output pressure is less than 2.6 MPa, the pump drive motor is turned ON. The working 
fluid is discharged or stored by the accumulator according to the pressure change. 

Although the ACC pump unit uses a variable displacement type pimp, its operation is 
almost the same as a fixed displacement type pump in the pressure range of 2.6-3.0 MPa, 
because the cutoff pressure is set much higher than 3.0 MPa.  

3.1.2. INV pump unit 

The pressure is kept constant by changing the frequency of electricity supplied to the 
electric motor drive, changing the pump rotation speed, and adjusting the flow rate. The 
target output pressure is 2.6 MPa, which is the minimum pressure required for this work. 

3.1.3. VD pump unit 

In the experiment of the VD pump unit, the pressure switch of the ACC pump unit is 
always set to ON. In addition, the stop valve at the accumulator inlet is shut. Therefore, 
the accumulator does not function in this experiment. The VD pump full-cutoff pressure 
is set at 3.5 MPa so that the output pressure is not less than 2.6 MPa when the working 
fluid is supplied to the tool as the load. 
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3.2. Experimental results 

3.2.1. One cycle of the ACC pump unit 

The measured results of electric power consumption, pump rotation speed, and output 
pressure in one cycle of the ACC pump unit are shown in Figure 3. The pump is driven 
when the output pressure is less than 2.6 MPa and turned OFF when the pressure 
exceeds 3.0 MPa. The working fluid is supplied from the accumulator during the OFF 
operation. The output pressure sometimes shows a spike when the oil flow changes 
instantaneously with the switch of the electromagnetic valve. The electric power is 
consumed only when the pump is rotating. 

 

 

 

 

 

 

 

 

 

Figure 3. Electric power, rotation speed and output pressure in one cycle of the 
ACC pump unit 

3.2.2. One cycle of the INV pump unit 

The measured results of electric power consumption, pump rotation speed, and pump 
output pressure for one cycle of the INV pump unit are shown in Figure 4. The pump 
output pressure is held constant at the target pressure of 2.6 MPa because both the pump 
rotation speed and the flow rate increase when the pump output pressure falls below 2.6 
MPa. Conversely, the pump rotation speed and the flow rate decrease when the pressure 
exceeds 2.6 MPa. However, the rotation speed does not decrease below 400 rpm, and 
the power consumption changes almost proportionally to the pump rotation speed. 

3.2.3. One cycle of the VD pump unit 

In the VD pump experiment, the pressure switch of the ACC pump unit remains in the 
ON state. The measured results of electric power consumption, pump rotation speed, 
and pump output pressure for one cycle of the VD pump unit are shown in Figure 5. The 
pressure rises to more than 3 MPa due to the ON state of the pressure switch. Because 
this is a variable displacement pump, the amount of pump discharge decreases when the 
output pressure exceeds the set value; thus, pressure regulation is applied in this system. 
The pump full-cutoff pressure is set at 3.8 MPa. The pump rotation speed is 
approximately 1480 rpm. The power consumption is similar to that of the INV pump 
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unit shown in Figure 4. Although this experiment differs from that of the INV pump unit 
in the method of energy saving, both pump units consume slightly more energy than is 
necessary for the work they do. When the same work is done, the change in power 
consumption becomes similar in shape, as shown in Figures 4 and 5. 

 

 

 

 

 

 

 

 

 

 

Figure 4. Electric power, rotation speed and output pressure in one cycle of the 
INV pump unit 

 

 

 

 

 

 

 

Figure 5. Electric power, rotation speed and output pressure in one cycle of the VD 
pump unit 

3.2.4. Consumed electric power and efficiency of each pump unit 

The consumed electric power for one cycle of operation for each hydraulic pump unit is 
shown in Figure 6. A reduction of approximately 63% in electric power consumption is 
achieved by the ACC pump unit in comparison with the INV pump unit.  

Next, the output power of the load side in one cycle is computed by Equation (1) to 
obtain the efficiency for one cycle of each hydraulic pump unit. 

Here, L0 [W] is the average output power to the load, PL [MPa] is the required load 
pressure, V1cycle [m3] is the output flow volume for one cycle, and T [s] is the period of 
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(1)

(2) 

one cycle.  

In this experiment, PL= 2.6 MPa, V1cycle=1.27×10-3 m3, T=53.2 s, and so L0=62.5 W.
  

T
VP

L cycleL 1
0

×
=  

From the average electric power consumption of each hydraulic pump unit, LN, and the 
average output power to the load, L0, the efficiency of each hydraulic pump unit for one 
cycle is computed by Equation (2). As shown in Figure 7, the efficiency is 45% in the 
ACC pump unit, 17% in the INV pump unit, and 13% in the VD pump unit. 

NL
L 0=η  

 

 

 

 

 

 

 

 

 

Figure 6. Consumed Electric power of the ACC, INV and VD pump units 

 

 

 

 

 

 

 

 

 

 

 

Figure 7. Efficiency of the ACC, INV and VD pump units 
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4. EXPERIMENT USING THE SIMPLIFIED LOAD MODEL 

4.1. Experimental device and method 

The energy efficiency of each hydraulic pump unit is measured under specific 
experimental conditions using the modeled machine tool. 

To clarify the general characteristics of intermittent work, the electric power 
consumption and the efficiency of each pump unit are measured when working fluid is 
supplied to the load intermittently according to the fixed cycle period and the duty ratio. 

A schematic illustration of the load is shown in Figure 8. The experimental conditions 
are shown in Table 3. 

The electromagnetic valve opens and closes according to the duty ratio, and the working 
fluid is supplied to the load intermittently by the ACC pump unit, the INV pump unit or 
the VD pump unit. 

 

 

 

 

 

 

 

 

 

 

Figure 8. Experimental circuit of the simplified load model 

 

 

Table 3. Experimental condition of the simplified load model 
Cycle period [s] 10 

Flow rate [L/min] 0 to 12 

4.2. Experimental results 

4.2.1. Measured results of each pump unit 

The measured results of electric power consumption, pump rotation speed, and output 
pressure of each pump unit are shown in Figures 9, 10, and 11, when the duty ratio is 
30% and the flow rate is 12 L/min in the ON state of the electromagnetic valve. 

 

 

Throttle valve Flow meter 

Electromagnetic valve 

Pressure sensor 
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Figure 9. Electric power, rotation speed, and output pressure of the ACC pump unit  

 

 
 

Figure 10. Electric power, rotation speed, and output pressure of the INV pump unit 

 

 

 

 

 

 

 

 

 

 

 

Figure 11. Electric power, rotation speed, and output pressure of the VD pump unit 
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4.2.2. The efficiency of each pump unit 

The average output power to the load for one cycle, L0, is computed by Equation (1). 
The efficiency of each pump unit is computed by Equation (2) and shown in Figures 12, 
13 and 14. 

The efficiency of the ACC pump unit is between 37% and 46%. The ACC pump unit 
keeps a high efficiency level throughout the wide range of the duty ratio and the flow 
rate. The range is the widest where the efficiency is more than 40%. 

In contrast, the efficiency of the INV pump unit is between 0% and 49%, and that of the 
VD pump unit is between 0% and 48%. The range of these pump units is narrow where 
the efficiency is more than 40%. The advantage of the ACC pump unit is apparent when 
the duty ratio or the flow rate is low. The efficiency of the INV and VD pump units 
becomes higher than that of the ACC pump unit when the range of the duty ratio and the 
flow rate is high. 

 

 
Figure 12. Efficiency of the ACC pump unit 

 

 
Figure 13. Efficiency of the INV pump unit 
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Figure 14. Efficiency of the VD pump unit 

 

5. MEASUREMENT OF THE STATIC CHARACTERISTICS OF THE HYDRAULIC 
PUMP UNITS 

5.1. Static characteristics of the ACC pump unit 

To measure the static characteristics of the ACC pump unit, a flow meter, a throttle 
valve, and a pressure sensor are connected to the ACC pump unit, as shown in Figure 15. 
The result also applies to that of the VD pump unit. 

The throttle valve is adjusted to change the output pressure, and then flow rate Q0 [m3/s], 
electric motor power consumption LN [W], and output pressure P0 [Pa] are measured. 
Output power L0 [W] is computed by Equation (3) using these values, and efficiency η 
is computed by Equation (2). 

 

 

 

 

 

 

 

 

 

 

 

Figure 15. Measurement circuit of the ACC pump unit 
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(3) 
ooo PQL ×=  

The measured results are shown in Figure 16. The pump rotation speed is almost 
constant. The measured flow rate begins to decrease suddenly at approximately 3.0 MPa 
and becomes 0 at 3.8 MPa. Because the ACC pump unit uses a variable displacement 
vane pump, the displacement decreases and the pump discharge changes when the 
output pressure is high. However, in this test the pump is turned OFF by the pressure 
switch when the output pressure is greater than 3.0 MPa, and it is turned ON when the 
pressure is less than 2.6 MPa. Therefore, under this operating condition, the pump unit 
can be regarded as a fixed displacement pump. The pressure at which the flow rate 
becomes 0 is called the full-cutoff pressure. The pressure at which the flow rate begins 
to decrease is called the cutoff pressure. Electric power consumption and output power 
increase proportionally when the output pressure increases until the cutoff pressure is 
reached, but decrease when the flow rate decreases after the cutoff pressure is exceeded. 
In the range of 2.6–3.0 MPa for the ACC pump unit, the efficiency is approximately 
53%. 

 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 16. Static characteristics of the ACC pump unit measured by keeping the 
pressure switch ON 

5.2. Static characteristics of the INV pump unit 

To measure the static characteristics of the INV pump unit, a flow meter, a throttle valve, 
and a pressure sensor are connected to the INV pump unit in the same way as in the 
ACC pump unit, and the characteristics are measured as shown in Figure 15. The 
measured results of the INV pump unit are shown in Figure 17. In this figure, all of the 
curves are perpendicular at 2.6 MPa. This is because the target pressure of the inverter 
controller is 2.6 MPa. The flow rate and the pump rotation speed show similar changes 
below 2.6 MPa: they decrease gently until the target pressure is reached. Electric power 
consumption, output power and efficiency show similar changes and increase slowly as 
the output pressure increases. The data are concentrated at 2.6 MPa. In Figure 18, the 
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horizontal axis is pump rotation speed and the vertical axis is flow rate, electric power 
consumption, output power, and efficiency. During the one cycle described in Section 
2.2.2, the INV pump unit is driven at a low speed of approximately 400 rpm for 30 
seconds, which is 57% of the one-cycle period. At this time, the load is on standby, as 
shown in Table 2. The actuator is in the stopped state. The rotation speed of 400 rpm is a 
substantial problem for the INV pump unit. Approximately 260 W of electric power is 
continuously consumed, and so the efficiency is 0%. This is an example of unwarranted 
power consumption. In fact, electric power is wasted for 79% of the period in one cycle. 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 17. Static characteristics of the INV pump unit, where the horizontal axis is 
output pressure 

 

 

 

 

 

 

 

 

 

 

 

Figure 18. Static characteristics of the INV pump unit, where the horizontal axis is 
rotation speed 
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6. CONCLUSION 

The relation of power consumption, pump output pressure, and pump rotation speed for 
one cycle of an ACC pump unit, a INV pump unit, and a VD pump unit is clarified by 
experiments conducted using a modeled machine tool. From a comparison of the 
electricity consumed in one cycle, it is shown that the ACC pump reduces power 
consumption by approximately 63% of that of the INV pump unit. Specifically, the 
energy efficiency is 45% for the ACC pump unit, 17% for the INV pump unit, and 13% 
for the VD pump unit. 

Next, the efficiency of each pump unit is investigated when the working fluid is 
supplied to the load intermittently with a fixed cycle period and duty ratio. The 
predominance of the ACC pump unit is apparent in a wide range of load conditions. 
Finally, the static characteristics of each hydraulic pump unit are measured and 
discussed. 
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ABSTRACT 

Digital fluid power technology has rapidly achieved the status of potential and serious 

fluid power technology. Several research branches exist each having their own strengths 

and challenges. Applications are also emerging. This paper summarizes the research 

results so far and tries to find development trends and estimate the future of digital fluid 

power.  

KEYWORDS: Digital hydraulics, digital pneumatics, digital fluid power 

1. INTRODUCTION 

In October 2010, the third workshop on digital fluid power gathered together 115 

people from seven countries, which is clear sign of growing interest on digital fluid 

power technology [1]. As the technology is new, its characteristics, benefits, challenges, 

and scope are widely unrecognized. This paper gives an overview of the technology.  

1.1. Definition of Digital Fluid Power 

The term “Digital Fluid Power” is broad and not fully defined. In general, a digital 

system has a number of discrete valued components, some examples being a 

microprocessor (transistors), a digital camera or display (pixels), a book (letters) and 

DNA (acid pairs). The essential feature of digital systems is also intelligent control, 

such as display driver or writer. A two-valued single component without any 

intelligence (e.g. flashlamp) is not considered as a digital system. However, the pulse-

width modulated single component (e.g. electrical switching regulator) is generally 

considered as a digital system. 

Fluid power includes hydraulics and pneumatics and digital fluid power could be 

defined as follows: 

“Digital Fluid Power means hydraulic and pneumatic systems having discrete 

valued component(s) actively controlling system output.” 
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Digital fluid power does not mean digital control of analogue components. Some 

borderline cases are the control of valve spool by using stepping motor or bang-bang 

positioning of actuators. 

1.2. Branches of Digital Fluid Power 

Two fundamental branches of digital fluid power are systems based on parallel 

connection and systems based on switching technologies. Both can be applied in several 

different ways. Parallel connected systems have plurality of parallel connected 

components and the output is controlled by changing the state combination of the 

components. The system has a certain number of discrete output values and no 

switchings are needed in order to maintain any of them. Switching technologies utilize 

fast and continuous switching of single or a few components and the output is adjusted 

by e.g. the pulse width ratio. The application of the approaches in different hydraulic 

functions is discussed next. Hydraulic circuit diagrams are given by using two-way 

on/off valves only because it is the most general solution. In some cases, it is possible to 

use three-way or four-way valves in order to reduce the number of components. 

Pneumatic solutions are analogous. Characteristics, benefits and challenges are 

discussed in more detail in Chapter 3. 

1.2.1. Digital Hydraulic Valves 

Figure 1 (a) presents the implementation a switching controlled two-way valve. It 

controls the average flow area by the high frequency modulation and the pulse-width 

modulation (PWM) is the most common approach. In theory, the average flow area can 

have any value, but finite valve dynamics limits the smallest and biggest possible duty 

ratio. Controllability depends also on the switching frequency. Low frequency improves 

controllability of the average flow area, but increases pressure pulsation. Careful system 

design and/or damping devices are normally needed to suppress noise. 

Figure 1 (b) shows the parallel connected implementation of the two-way valve. The 

nickname DFCU (Digital Flow Control Unit) is used for this kind of valve assembly, 

and the simplified drawing symbol is shown in Fig. 1 (c). The flow area of the DFCU is 

the sum of the flow areas of the open valves. Two factors determine the steady-state 

characteristics: The number of parallel connected valves N, and the relative flow 

capacities of the valves aka coding of valves. Binary coding is the most common 

method and the flow capacities are in ratios of 1:2:4:8 etc. Other coding methods 

include Fibonacci (1:1:2:3:5 etc.) and pulse number modulation (1:1:1:1 etc.). 

Independently on the coding, DFCU has 2
N
 opening combinations, which are called 

states of DFCU. Each state has different flow area in the binary coding while varying 

degree of redundancy exists in the other coding methods. Essential difference to the 

switching valve is that DFCU does not require any switchings to maintain any of the 

opening values. Switchings are needed only when the state changes. 
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Figure 1. PWM controlled on/off valve (a), digital flow control unit – DFCU (b) 

and the simplified drawing symbol of the DFCU (c). Orifices are used to match 

flow capacities of valves in (b). 

Figure 2 shows how to implement the digital hydraulic four-way valve. The approach is 

the same as in analogue distributed valve systems: each control edge can be controlled 

independently contrary to traditional four-way spool valves. However, the 

implementation of fast, leak free and bi-directional valves is easier in the digital world. 

 

Figure 2. Implementation of distributed four-way valve by  

PWM controlled on/off valves (a) and DFCUs (b). 

1.2.2. Digital Hydraulic Pumps 

Digital pumps can be implemented similarly as digital valves as shown in Figure 3. The 

switching version has one fixed displacement pump and its flow rate continuously 

switches between system and tank. The parallel connected digital pump has a number of 

fixed displacement pumps on the same axis and each of them can be connected to the 

system or tank independently. Again, different coding methods can be used in the 

selection of pump sizes. 
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Figure 3. Switching pump (a) and parallel connected pumps (b). 

Another way to implement digital pump is to control each piston of a piston pump 

independently by active on/off valves. An example circuits are depicted in Figure 4. The 

version (a) is pure pump and each piston can pump into the system or run in the idle 

mode. The average flow rate is controlled by the ratio of pumping and idling pistons. 

Partial pumping strokes are also possible. The version (b) is pump-motor and each 

piston can run in pump, idle or motor mode. The motor mode requires continuous 

switching of the control valves. 

 

Figure 4. Piston type digital pump (a) and pump-motor (b). 

1.2.3. Digital Hydraulic Actuators 

Hydraulic actuator is a device, which converts pressure(s) to torque or force. Figure 5 

presents implementations of digital motors, which is are mirrors of digital pumps. The 

switching version continuously switches between full and zero torque while the parallel 

connected version has several independent motors on the same axis and sizes of the 

motors can be coded according to the system requirements. The implementations of Fig. 

5 are one quadrant, and four quadrant versions are left to the exercise for interested 

readers. 
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Figure 5. Switching motor (a) and parallel connected motors (b). 

 “Switching” cylinder is similar to switching motor of Fig 5 (a) and is not presented. 

The parallel connection version has many implementation options. The simplest option 

is to connect several cylinders in parallel (Fig. 6 (a)), but more compact design can be 

achieved by the integrated multi-chamber design as shown in Fig. 6 (b) and (c). Four 

integrated chambers is the practical maximum, which results in 16 discrete force values 

depending on the state combination of the valves. Further increase in the number of 

force values can be obtained by increasing the number of supply pressures. The number 

of force values is N
M

 where N is the number of the supply pressures and M is the 

number of chambers. Similarly to other parallel connected systems, different 

characteristics can be achieved by varying the coding method, i.e. the relative piston 

areas. 

 

Figure 6. Different implementations of multi-chamber cylinders. LP = low 

pressure line, HP = high pressure line. 

1.2.4. Digital Hydraulic Transformers 

Digital hydraulics offer some interesting alternatives for the traditional hydraulic 

transformers composed of traditional pump and motor. The switching converter mimics 

the electrical switching converters. High frequency switching together with proper 

hydraulic inductances and fast check valves allows the implementation of the Buck 

converter, for example. Hydraulic Buck converter is shown in Figure 7 (a). The parallel 

connected linear transformer utilizes the multi-chamber cylinder approach and an 
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example is shown in Figure 7 (b). The third transformer type is discussed in the next 

Section. 

 

Figure 7. Switching converter (left) and  

linear converter based on parallel connection (right) [2]. 

1.2.5. Digital Hydraulic Power Management System 

Digital hydraulic power management system (DHPMS) is a new solution, which 

consists of one integrated displacement machine having a number of independent 

outlets. Pressure and flow rate (including flow direction) of each outlet can be 

controlled independently and pressure transformation happens automatically. There is 

practically no limitation for the pressure amplification, which allows the full utilization 

of accumulator energy storing capacity. A drawback of the machine is its centralized 

nature, which means long hoses in many applications. Figure 8 shows two ways to 

implement DHPMS. The piston type DHPMS is an extension of the digital pump-motor 

of Figure 4 (b). The other version uses fixed displacement pump-motors.  

 

Figure 8. Two-outlet piston type DHPMS (a) and DHPMS based on fixed 

displacement units (b).  
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2. HISTORY AND STATE OF THE ART 

This chapter shortly introduces the development and research on the field of digital fluid 

power. It is clear that the list of references is incomplete because it is hard to find 

especially the older research papers. 

2.1. Pre-Computer Time 

Parallel connection principle is very old. An example of this is the London Hydraulic 

Power Company, which started the setup of water hydraulic power distribution network 

in 1883. The typical pumping station consisted of six steam engines and the output 

power was adjusted both by the speed of engines and the number of running engines. 

The control principle was simple: when the weight of the weight-loaded accumulator 

dropped low enough, the operator started the next engine. The system was the largest 

hydraulic system ever built and had 296 km of 5.5 MPa pressure line and 7.5 billion 

liters of annual output in the 1930s. [3] 

An on/off switchable piston pump has been presented in the Aldrich‟s patent in 1920 

[4]. The pump can be enabled and disabled by the mechanism, which either allows the 

normal operation of the suction valves or keeps them open all the time. This is close to 

the digital pump of Fig. 4 (a) with the exception that pistons cannot be enabled or 

disabled independently. 

The idea of using several hydraulic valves in parallel is probably as old as the use of 

hydraulic valves. An early reference is Rickenberg‟s patent in 1930 [5] consisting of 

three solenoid valves each having different flow capacity. General four-way digital 

valve system of Fig. 2 (b) has been presented in the patent of Murphy and Weil in 1962 

[6]. Virvalo [7] used one DFCU for controlling the velocity of a hydraulic cylinder 

already in 1978. As the computer control was not available, the control logic was 

implemented by a resistance network circuit. The switching control has also been 

applied without computer control. The pulse frequency modulation control of the anti-

slip brake is an early example [8]. 

It can be concluded, that the digital fluid power was hardly used in the pre-computer 

time. Main principles were invented but wider application was difficult. Another reason 

was the invention of servo and proportional valves and variable displacement pumps 

and motors, which largely removed the need for digital fluid power at that time. 

2.2. Developments in  Automotive Industry 

The automotive industry has been a big contributor to the digital fluid power. The anti-

lock braking system and electronic fuel injection were introduced in the 1970s and 

become popular in the 1980s. They are based on switching principle and are critical 

parts of the car. Robustness, simplicity and price are the key benefits when compared to 

the traditional hydraulics. High-pressure Diesel fuel injection has become popular in the 

2000s and requirements are extreme: pressure up to 200 MPa, five valve cycles per 

combustion, wide temperature range, high vibration level and no valve faults allowed 

during the lifetime of the car. Other automotive applications are hydraulic valve trains 

and active suspension systems. Citroën has used digital hydraulic active suspension 

system in certain models from 1994, for example.  
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The automotive industry is difficult from the research point of view. Valves are 

available as spare parts only without any documentation. A wide and careful analysis of 

ABS valves has been performed by Wennmacher [9]. The active suspension valve of 

Citroën C5 was measured in [10] and the author‟s research group has also measured the 

ABS/ESR valves of 2005 Seat Leone (results not published). The experiences are that 

many times the automotive valves cannot be used as hydraulic valves. Usually they 

have coil with small ED and some strange features, such as no backpressure allowed or 

spontaneous closing. Flow rates are also small, but good feature is fast response time. 

An exception is valves developed for hydraulic valve trains, such as valves introduced 

in [11]. Their characteristics are close to hydraulic valves. 

2.3. Switching Technology 

The most widely used and also one of the first applications of the switching valve 

control are the ABS brakes of cars [8]. In the traditional hydraulics, the applications of 

switching control have been rare. One successful example is the pilot control of a 

mobile proportional valve [12]. Research publications can be found regularly from the 

mid 1990s [13, 14, 15, 16]. Another active research branch of switching technologies is 

switching converters. The promoter of this research is Prof. Scheidl‟s research group in 

Johannes Kepler University Linz. Different solutions has been studied [17, 18] and the 

state of the art is a compact device with 80 percent average efficiency and about 1 kW 

maximum output power [19]. A PWM pump has been studied in [20]. 

2.4. Parallel Connection Technology 

2.4.1. Parallel Connected Valves 

As described in Section 2.1, the use of parallel connected valves is an old idea but only 

some research publications can be found before 2000. The technology has been studied 

in the pneumatics [21, 22] and a commercial valve exists [23]. The valve in [23] has 

impressive characteristics: highly integrated structure, response time less than 1 ms and 

8 bits at maximum (256 output values). The author started the hydraulics research in 

2000 and currently the size of the research group is ten researchers. Early research 

publications introduced basic concepts [24, 25] and measurements of DFCUs build 

from commercial valves [26]. After that the focus has been in the model based control 

methods [27, 28], reduction of pressure peaks [30], fault detection and compensation 

[30, 31], implementation of different energy saving methods [32, 33], and improving 

control electronics. The use of direct operated valves with proper booster electronics has 

resulted in good controllability without any severe pressure peaks. The cutting edge 

application is the nip control of a paper machine roll, in which the digital hydraulic 

solution is superior in terms of price, size, control performance and energy efficiency 

[34, 35]. Currently, the valve research concentrates on the “second generation” 

miniaturized valve packs having hundreds of parallel connected valves [36].  

2.4.2. Parallel Connected Pumps 

Parallel connected fixed displacement pumps have not been studied much although they 

are routinely used in many applications [37, 38]. The Artemis company is the pioneer in 
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the development of the piston type digital pump-motor, which can be considered as a 

parallel connected system (see Fig. 4 (b)). The research and development started already 

in the 1980s and the first publications are from 1990 [39, 40, 41]. The current six-piston 

version can implement pump, motor and idle strokes as well as partial strokes for each 

piston independently. The author‟s group started the research some years ago and a 

three-piston pump-motor was studied in [42]. The piston type digital pump-motor 

research has also been started in the Purdue University [43, 44] 

2.4.3. Parallel Connected Actuators 

The actuator research is focused on cylinders. Resistance control of a three chamber 

cylinder has been analyzed in [45] and experimental results show 30-60 percent reduced 

losses when compared to the traditional LS system. This is significant result because 

constant supply pressure was used. Even bigger loss reduction is achieved by using 

throttless secondary control approach. This has been demonstrated with a four-chamber 

cylinder in [46]. Other applications of multi-chamber cylinders include press and 

punching machines where high speed is implemented by the small piston area and high 

force by the bigger piston area [47]. 

2.5. Digital Hydraulic Power Management System 

The digital hydraulic power management system is an extension to the digital pump-

motor technology. The technology is new and studied only by the author‟s research 

group so far. First simulation results were presented in 2009 [48, 49], and a six-piston 

and two outlet system has been implemented and measured [50].  

2.6. Combining Different Approaches 

Both the parallel connection and switching technology has their own strengths and 

challenges. The new approach is to combine these in order to gain benefits of both and 

reduce challenges.  Huova and Plöckinger [51] replaced the smallest bits of a DFCU 

with a fast switching valve and achieved very good velocity resolution of a cylinder 

drive. Pressure pulsation was also very small when compared to pure switching 

approach. 

2.7. Valve Research 

All digital fluid power solutions use on/off valves. The name switching valve is also 

used in the context of switching systems. Valve research can be divided into 

measurements and improvements of commercial valves, new valve prototypes, and 

control electronics for valves. 

The combination of the control electronics and valve determines the performance and 

thus proper control electronics is very important. Unfortunately, only few commercial 

control electronics are available [52, 53]. The features must include overvoltage for 

rapid current rise, low hold voltage for reducing energy consumption, and negative 

voltage for fast current drop. The speed up factor of three is typical when proper control 

electronics is used. The approach of the author‟s group has been to use commercial 
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valves as far as possible together with own control electronics [54]. Typical response 

time is 8-12 ms for directly operated cartridge valves and CETOP 3 spool valves, which 

is enough in most cases for the parallel connected valve systems. 

The switching technology calls for fast and continuous switching of valves. Typical 

switching frequency is 50 Hz and the implementation of 10 % duty cycle means 2 ms 

open time for the valve. Thus, response time requirement for valve is 1-2 ms and such 

valves have been available for tiny flow rates only. This is why the Prof. Sheidl‟s 

research group and Linz Center on Mechatronics have developed several different fast 

switching valve prototypes. The current spool type valve has 2 ms response time, 10 

l/min flow rate at 0.5 MPa pressure differential and integrated control electronics [52]. 

Fatigue tests have been made up to 100 million cycles.  

2.8. Number of Publications in the 2000s 

Figure 9 shows the number of digital fluid power publications in the selected fluid 

power conferences. The numbers are estimates because it is sometimes difficult to 

determine if the paper is about digital fluid power or not. The poster sessions are 

excluded. The trend is clear and practically every conference has nowadays own 

session(s) for digital fluid power. 

 

Figure 9. The number of publications related to digital fluid power in some 

conferences and workshops.  
SICFP = Scandinavian International Conference on Fluid Power (biennial, Tampere/Linköping)  

IFK = International Fluid Power Conference (biennial, Aachen/Dresden)  

PTMC = Power Transmission and Motion Control (annual, Bath)  

JFPS = JFPS International Symposium on Fluid Power (triennial, Japan) 

NCFP = National Conference on Fluid Power (triennial, USA)  

DFP = Workshop on Digital Fluid Power (annual, Tampere/Linz). 
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3. CHARACTERISTICS OF DIGITAL FLUID POWER SYSTEMS 

3.1. Introduction 

The characteristics of different branches of the digital fluid power have been discussed 

deeply in many publications and this chapter shortly presents the main characteristics 

only. Directional valve function is used as an example although the discussion applies 

for digital pumps of Fig. 3 also. Multi-chamber cylinders and digital hydraulic power 

management system are somehow unique solutions and they are discussed separately. 

For the deeper understanding of characteristics of digital fluid power, following 

publications and their references are recommended: Switching converters and 

components of switching hydraulics [55]; Characteristics of parallel connected valve 

systems [56]; Model based control of parallel connected valve systems [28]; Fault 

tolerance of parallel connected valve systems [30, 31]; Transient uncertainty and 

pressure peaks of parallel connected valve systems [29]; Energy efficiency of different 

digital hydraulic solutions [57]; Reduction of power losses by parallel connected valves 

[32, 33]; Digital pump-motors [41]; Digital hydraulic power management system [48, 

49, 58]; Linear transformer of Fig. 7 [2]. 

The complete list of publications of the Linz research group can be found in 

http://imh.jku.at/publications/index.en.php, and publications of the author‟s group by 

search from the TUT library database (http://www.tut.fi/library/dlib/bibliography.html).  

3.2. Why Digital Fluid Power? 

Strong research effort and interest on digital fluid power means that it probably has 

some benefits when compared to traditional systems. Here is a short list of the claims 

found in the publications: 

1) Robust, simple and reliable components 

2) Better performance because of faster valves 

3) Higher degree of flexibility and programmability. However, the same can be 

achieved by new analogue solutions also. 

4) Unification of hydraulic components. Control software determines the 

characteristics instead of valve spool, for example. This can also be achieved by 

distributed analogue valve systems. 

5) Higher efficiency in pump, motor and transformer functions.  

6) Completely new solutions are possible, such as switching converters and 

DHPMS. 

Of course, challenges are also remarked on: 

1) Noise and pressure pulsation 

2) Durability and life time with switching technology 

3) Physical size and price with parallel connection technology 

4) Complicated and non-conventional control 
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3.3. Characteristics of Parallel Connected Systems 

3.3.1. Quantized Output 

A fundamental characteristic of the parallel connected systems is that the output is 

quantized. If the system consist of N parallel connected components each having two 

states, the total number of state combinations is 2
N
. Each of the state combinations may 

give different output (e.g. flow rate) and thus the maximum number of output values is 

equal to the number of the state combinations. The actual number of output values 

depends on the coding method, or the relative size of components. The smallest number 

of output values is achieved by using components with the same size, and the number of 

output values is N+1. This method is known as Pulse Number Modulation (PNM 

coding). The other extreme is binary coding in which each state combination gives 

different output value.  

An important feature of the parallel connected systems is that no switching is needed in 

order to maintain any of the discrete output values. Once the state combination is 

selected and the control valves have achieved their positions, the output remains 

constant without any further actions. Some valve switchings are needed only when the 

state combination changes. 

The digital flow control unit of Fig. 1 (b) is the most famous example of the parallel 

connected system. Each valve has two states and the output is the total flow area of the 

valves. Under constant pressure difference over the DFCU, the flow rate and actuator 

velocity are directly related to the flow area. Figure 10 shows the relative output for as a 

function of valves for different number of valves and for binary and PNM coding. The 

resolution improves exponentially when binary coding is used, which allows in theory 

very accurate control with relatively few valves. The limiting factor is the minimum 

orifice size allowed for the smallest valve. The PNM system has poor resolution but 

some interesting benefits, which are discussed later. 

 

Figure 10. Relative DFCU output with binary and  

PNM coding for 3, 5 and 7 valves. 

DFCU is almost like quantized version of the traditional two-way proportional valve. 

The purpose is to control flow area and control principle is throttling control. The output 
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controlled is the flow rate of the DFCU and thus the piston velocity. Discrete-valued 

output means that velocity cannot be adjusted exactly on the target value. This results in 

velocity behaviour shown in Figure 11 in the closed loop control. Target velocity cannot 

be achieved exactly and the controller switches now and then between two states. 

  

Figure 11. Simulation result of a single acting cylinder driven by a 5-bit DFCU and 

I-type velocity controller (gain = 100, sampling time = 10 ms).  

Hydraulic losses are 1.09 kJ. 

3.3.2. Fast and Amplitude-Independent Response Time 

The components of the parallel connected systems work independently on each other. 

This means that arbitrary changes in the output are possible. It is possible to switch a 

DFCU directly from 0 to 100 % opening; it simply means that all parallel connected 

valves are opened simultaneously. The response time depends only on the response time 

of individual components and not the amplitude at all. The state of the art valves have 

switching time about 2 ms, which means 2 ms full amplitude response time for DFCU 

or digital hydraulic four way valve. The fast response time is important especially in the 

energy efficient cylinder control in which the switching-on-the-fly between inflow-

outflow and differential control mode is needed [32]. Fast and amplitude-independent 

response time is true also for parallel connected pump of Fig. 3 (b) and DHPMS of fig. 

8 (b). The full amplitude response time of 3 ms is only a dream for traditional pump 

technology but is not a challenge for the digital parallel connection approach. 
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3.3.3. Fault Tolerance 

Fault tolerance is inherent and unique feature of parallel connected systems. In the most 

cases, the system can run with slightly reduced performance even if one of components 

does not work. This requires fault detection and compensation by software. The fault 

tolerance depends strongly on the coding method. The binary coding is the most 

vulnerable while PNM coded system with sufficiently many components can work 

almost perfectly even if the fault is not detected. Figure 12 depicts the fault tolerance of 

a 5-bit binary coded DFCU and 31-bit PNM coded DFCU against “valve does not 

open” type fault. The “valve does not close” is more difficult situation but can also be 

compensated up to some degree. 

 

Figure 12. The effect of some valve faults on the 5-bit binary coded DFCU  

(first row) and 31-bit PNM coded DFCU (second row). 

3.3.4. Transient Uncertainty 

The transient uncertainty is the most important source of pressure peaks and noise in the 

parallel connected systems. The transition from a state combination to another may 

require simultaneous switching of some components off and others on. If the timing of 

these switchings is not exact, the output is unpredictable for a moment. This uncertainty 

region starts when the first component starts to operate and finishes when the last 

component has been settled. The worst state transition is when the biggest component is 

switched on and the others are switched off or vice versa. The duration of the 

uncertainty region can be reduced by using components with small uncertainty in the 

switching time, and the coding method has also a strong effect on the size of the 

transient uncertainty. Figure 13 shows the transient uncertainty for a binary coded and 

PNM coded DFCU. The problem is the biggest in the binary coding while the 

phenomenon does not exist at all in the PNM coded system.  
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Figure 13. Transient uncertainty of the 4-bit binary coded (left) and 15-bit PNM 

coded DFCU when the output increases linearly. Infinitely fast valves with 

uncertain delay are assumed. 

3.3.5. Large Number of Components, Harmonization, Mass Production 

The implementation of a good four-way valve functionality requires 4 5 valves when 

binary coding is used and about 4 30 valves when PNM coding is used. Thus the 

number of components seems to be large when compared to the traditional solutions, 

but it is important to consider whole system. A mobile proportional valve consists of 

pressure compensator, main spool, two pilot valves, pilot pressure circuitry, and a 

number of springs and damping orifices. It also requires counterbalance valve in order 

to work properly with overrunning loads. The digital solution has 20-120 identical zero-

leak valves with simple control electronics and the control code implements all the 

functionality.  

An important benefit of the digital approach is that only some different components are 

needed. Almost all valve applications could be implemented if there were 2 ms valves 

available for flow rates 2, 16 and 128 l/min (for example), because the other sizes can 

be implemented by adding the orifice disc after the valve. This means large number of 

similar components and mass production can be applied, which reduces the price per 

valve. 

3.4. Switching Systems 

3.4.1. Dynamic behaviour 

Consider a switching control system of Fig. 14. The system is similar to the system of 

Fig. 11 but the DFCU is replaced with a single on/off valve and an ideal check valve. 

When the valve is open, pressure rises quickly close to the supply pressure and the load 

mass accelerates. When the valve closes, pressure starts to decrease. The mean velocity 

is achieved by fast switching and adjustment of the ratio between on and off time of the 

valve. This results in velocity and position behaviour shown in Fig. 14. Velocity ripple 

is significant and the main reason for too small inertia of the system for the control 
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approach. Thus, some kind of damping device should be used in this system. Hydraulic 

losses are now 0.70 kJ and thus significantly smaller than 1.09 kJ in the resistance 

control system of Fig. 11. The reason is that the system utilizes suction from the 

pressurized tank line. 

 

 

Figure 14. A simple switching control system and its simulated response. I-type 

velocity controller is used (gain = 100, sampling time = 0.1 ms). The PWM 

frequency is 50 Hz and minimum duty is 5 %. Hydraulic losses are 0.70 kJ. 

3.4.2. Lower Number of Components 

Switching systems need fewer valves than parallel connected systems because single 

valve is used instead of DFCU. However, energy efficient implementations require 

additional check valves, pipes, and hydraulic capacitances for good control 

characteristics. 

3.4.3. Lossless Control 

The most important benefit of switching control is that it is lossless, at least in theory. 

The same principles are used as in electric switching power supplies and inverters. The 

efficiency of these electric systems is very good and output ripple is also at acceptable 

level. The fundamental difference to electric systems is that significant parasitic 

capacitances exist, which causes that the efficiency of hydraulic switching systems is 

not so good. Measured efficiencies of properly designed switching converter are 70-85 

% [19]. 
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3.4.4. Continuous Switching, Wear and Noise 

The fundamental characteristic of switching systems is that only few output values are 

available and the mean output is adjusted by continuous switching. This results from the 

fact that only some binary components are used and the maximum number of output 

values is equal to 2
N
. This results in jerky movement as seen in Fig. 14. The amplitude 

of the velocity ripple can be reduced by increasing switching frequency, increasing the 

system inertia and/or introducing damping elements. 

Continuous switching causes noise, which can be reduced by the careful design. 

Another implication is huge number of valve switchings. Typical switching frequency is 

50 Hz, which implies 180000 switchings per hour, 130 million switchings per month 

and 1.6 billion cycles per year. Thus, the technology is not yet suitable for systems 

where continuous movement is needed.  

3.5. Multi-Chamber Cylinders 

Consider the multi-chamber cylinder of Fig. 6 (c). If the control valves are large on/off 

valves – as in the figure – the system can generate 16 different forces. Sufficient inertia 

is needed for proper controllability and the system can be seen as secondary controlled 

cylinder without any losses. In practice, small compressibility and flow losses occur, but 

according to the author‟s knowledge, this approach is the most energy efficient way to 

control hydraulic cylinder from the constant pressure lines. The weak point is that 

continuous switching between control modes is required in order to obtain quasi-steady 

velocity. The situation is not so demanding as in the switching systems because there 

are much more force values available. 

If the on/off valves are replaced by directional valves, such as two-way proportional 

valves or DFCUs, the result is the extended version of the normal cylinder plus 

distributed valve system with pressurized tank. Losses are much smaller than in 

traditional systems because the pressure losses can be optimized by selecting the correct 

control mode on the fly [45]. This approach combines good performance of the valve 

control and small losses, but the control code – especially the mode switching logic – 

becomes very complicated. 

3.6. Digital Hydraulic Power Management System 

The general functionality of the Digital Hydraulic Power Management System 

(DHPMS) is interesting: One machine having number of independent outlets each 

behaving like digital pump-motor. The pressures and flow directions at outlets are 

arbitrary and have practically no effect on losses. This means for example that hydraulic 

power from the load lowering can be recovered to the accumulator even if accumulator 

pressure is higher than load pressure. Thus, the whole energy storing capacity of the 

accumulator can be utilized. Figure 10 presents some possible power flows of the 

DHPSM with three outlets. 
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Figure 15. Some possible power flow of the DHPMS.  

Simplified drawing symbol is used. 

There are two possible ways to implement DHPMS as show in Fig. 8. Both have similar 

controllability: each outlet has only certain smooth flow values and the output is thus 

quantized. The number of output values depends on the number of pistons or fixed 

displacement units, and also on the coding method in the case of the DHPMS based on 

fixed displacement units. Possible flow rates are symmetric around zero and relative 

flow rates could be 0, 20%, 40%, 60%, 80% and 100% of maximum flow. The 

controllability is explained in detail in [58]. 

The piston type DHPMS is closer to switching systems because continuous valve 

switching is needed. Thus, the durability and energy consumption of valves are 

challenges. The control bandwidth is also limited because the controller must wait until 

the next piston is at the correct phase in order to change the output value. On the other 

hand, this kind of machine can have very good efficiency (over 95 %) at wide operation 

range [41]. The reasons are the small idling losses of pistons and the fact that the energy 

stored in the oil compressibility can be recovered. 

The DHPMS based on fixed displacement units is the true parallel connected system 

and no valve switchings are needed in order to maintain any flow combination of the 

outlets. Response is fast because it is equal to the response time of the control valves. 

The efficiency is unclear as no research results are available. 

4. DEVELOPMENT TRENDS 

The most important development trend of the digital fluid power seems to be new 

energy efficient solutions. The main approaches are: 

1) Digital pump-motors. The Artemis Intelligent Power Ltd. is a pioneer in this 

area. The main application area is hydrostatic transmission. 

2) Transformers. Two research lines are switching converters (Linz) and linear 

transformers (Digital Hydraulics LLC). 
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3) Multi-Chamber Cylinders. The research started at the Tampere University of 

Technology and has been continued by Norrhydro Ltd. 

4) DHPMS. The research is in early phase and has been made in the Tampere 

University of Technology only.  

All these have very good theoretical efficiency but lot of experimental validation is 

needed. Analogue versions exist only for pump-motor and transformers. 

Another trend is valve development. Several good prototypes have been demonstrated 

by the research institutes but commercial solutions are few. One possible approach is 

the strong increase of the number of valves because it yields perfect controllability and 

fault tolerance. The main challenge of this approach is the price of the components.  

Recent approach is to combine different approaches. The combination of traditional 

DFCU with few bits and small switching valve(s) is a promising approach, for example. 

5. CONCLUSIONS 

This paper shows that digital fluid power is broad research field and several research 

institutes and companies contribute the research. The technology offers several new 

ways to implement highly efficient hydraulic systems. Interesting feature is that systems 

are not complicated; they may have several components but they all are the same type. 

Digital fluid power means big harmonization of hydraulics because all functions can be 

implemented by simple on/off valves and fixed displacement units. The side effect is 

that control code becomes complicated because it implements all the functionality. 

The biggest obstacle of the application of digital fluid power is the lack of commercial 

valves. There is an urgent need for good valves, valve packages and control electronics 

all integrated in a nice package. The implementation of all functionality required, proper 

user interfaces and compatibility with traditional systems need to be solved as well. 

One surprising fact is that digital principles are not studied lot in pneumatics where it 

should offer similar advantages. Availability of components is much better and noise 

and pressure peaks problems should be much smaller. 
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ABSTRACT 

Growing awareness of environmental issues has led to tightening legislation of 
emissions also on mobile machinery. Together with rising price of fuel, it is clearly 
essential to continue work on improving efficiency of mobile hydraulic machines. 
Typical approach to feed power to a hydraulic system of mobile cranes is to use a load 
sensing one outlet pump for multiple actuators. Supply pressure is adjusted but only for 
actuator demanding the highest pressure while other actuators may work with extremely 
low efficiency. In order to adjust pressure for all actuators simultaneously one needs 
either multiple pumps or transformers or a Digital Hydraulic Power Management 
System (DHPMS). With DHPMS it is possible to use just one pump but still feed 
optimal pressure to multiple supply lines by routing power to desired power line from 
any pump piston. DHPMS is also capable of motoring power from any supply line even 
while pumping to the other. This option was not possible to use in this case because of 
valve type used, which was traditional pressure compensated mobile proportional valve. 
Differences between traditional and digital hydraulic power supply units supplying 
mobile crane are studied on this paper by simulations. Results indicate that by replacing 
a traditional LS-pump with DHPMS and sophisticated control algorithms it is possible 
to achieve major energy savings. 

KEYWORDS: Digital hydraulics, Digital Hydraulic Power Management System, 
Energy efficiency 

1. INTRODUCTION 

Hydraulic booms are widely used in various mobile machines for practical reasons, 
even though the energy efficiency of hydraulic systems is often poor. The key benefits, 
why hydraulics is used in mobile machines, are high power/weight ratio and flexibility 
of installation of the systems. However, in commonly used hydraulic booms with load 
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sensing hydraulics, efficiency can be extremely low, e.g. only 4% [1]. This, together 
with the facts, that hydraulic machines are typically high power and many of them are 
driven even in three shifts, makes total waste of energy to be huge. As the prize of 
energy continues increasing, the reduction of the losses becomes economically more 
and more important. Also demanding consumers are aware of environmental issues and 
improving efficiencies of the machines is also beneficial in the market.  
In a typical and widely used load sensing (LS) systems, the supply pressure is adjusted 
normally to be 1.5 - 3.0 MPa over the highest load pressure and therefore the pressure 
difference over the control valve may be kept at somewhat approvable level, but only 
over the valve controlling the highest load.  Pressure differential of other valves is not 
adjusted and therefore major losses may occur. The worst example of this case occurs, 
when one actuator requires high force, while the other requires low force and is moving 
fast. In that case, supply pressure must be set by the demand of highest force, which 
then causes huge losses in the pressure compensator of the fast moving low force 
demanding actuator. Also the parasitic back pressure at the from-actuator-to-tank 
control notch in a typical single spool control valve exist and it is especially high, if 
good controllability has to be  maintained in case of strongly overrunning loads.  

Ways  to  improve  technology  to  more  efficient  level  are  recently  studied  widely.  One  
way is to use a separate pump to feed the optimal pressure and flow for each actuator. 
Pack of pumps capable to do this is described e.g. in patent of Artemis Intelligent Power 
Ldt [2]. Generation of optimal pressure level to each actuator can also be done by using 
hydraulic switching converters [3] or hydraulic transformers. Transformers could be 
either rotary [4] or linear [5] versions of the same principle. A simulation study of effect 
of transformers in multi actuator systems has been done e.g. by [6] and their simulation 
results predict major decrease of losses. Losses caused by the parasitic backpressure can 
be minimized by using separate-meter-in-separate-meter-out (SMISMO) control. A case 
study of multi-actuator proportional SMISMO-control with quite simple control 
algorithm, has been carried out in case of mid size power tractor [7] and 17% energy 
savings were presented. Even more energy savings, 33-63%, were presented in case of a 
multi-actuator system controlled with digital hydraulic valves and intelligent online 
optimization [8].  

In this paper, a simulation study is carried out to reveal the feasibility of usage of a 
recently developed prototype of DigitalHydraulicPowerManagementSystem, the 
DHPMS (previously published as “DigitalPumpMotorWithIndependentOutlets” in [9]), 
instead of LS-pump to improve efficiency of a multi-actuator hydraulic boom controlled 
with proportional valves. Papers of the basic features of a pump with independently 
controlled piston valves [10] and the control methods of the machine [11], has been 
previously published. Also laboratory measurements of the six piston DHPMS in a test 
bench conditions has been presented [12]. More ideas to use the concept of the DHPMS 
to improve efficiency of hydraulic systems are presented in [13] and [14].  
Closed loop trajectories for the tip of the machine are used in simulations and the same 
trajectory is driven at different load masses and at different speeds. Energy 
consumptions of the systems consisting LS-pump and the DHPMS are compared.  
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2. DIGITAL HYDRAULIC POWER MANAGEMENT SYSTEM - THE DHPMS 

2.1. Principle of the machine 

Origin of the DHPMS is the idea of the ideal sink/source of hydraulic power, capable 
independently feeding or draining power, to or from any actuator line at any pressure. 
Two outlet version of this kind of machine can, at some accuracy, be realized by 
modifying a valve plate of a piston pump, so that each piston can individually be 
connected to either port-A, port-B or tank-line. This enables each piston individually to 
either pump to or motor from any port. Modes of pumping, motoring and transforming 
are done by actively switching the on/off-valves in correct order and timing. Pumping 
and motoring modes are modes of individual piston elements and their working 
principle is straightforward. Transformer function requires many piston elements and it 
can be done by e.g. motoring from port A with four piston elements while pumping to 
port B with two piston elements. Power transfer could be used in case of certain suitable 
load conditions but also to increase energy capacity of an accumulator, by making it 
possible to use in wider pressure range than typical way, where accumulator is directly 
connected to a pressure line [14]. However regeneration or transforming is not possible 
if the valves controlling the actuators are not capable to rout power to all required 
directions. Hydraulic diagram of the simulated system is in figure 1. 

 
Figure 1. Hydraulic diagram of a DHPMS supplying two cylinder system 

controlled with proportional valves. Constant volumes of 5 liters have been 
attached to supply lines to dampen pressure ripple 
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2.2. The control method of the DHPMS 

The control of the DHPMS aims at keeping the actuator supply line pressures in the 
reference window, which is set according to load pressures of each cylinder. The 
controller consists of three main parts: 1) the angle measurement, 2) the operation mode 
selection and 3) the valve timing control [11]. In a studied boxer-pump unit, six mode 
decision instants occur during one pump revolution and at each of them the pumping 
mode  is  selected  for  one  piston  and  the  suction  mode  for  the  other.  It  is  evident  that  
pistons in pumping phase and suction phase can be connected to either one of the 
actuator supply lines or to the tank line. The best combination is selected to keep 
actuator supply line pressures within user given threshold values as shown in figure 2 
[12]. The PD-controller is used in pressure control and figure 2 shows the case where 
the D-gain is set to zero and the P-gain is one. This means that the controller reacts not 
until the pressure error is bigger than the threshold value. Adding the D-term, the 
controller responds more swiftly to changes in the pressure error which means faster 
response to actuators flow rate changes and more accurate pressure control. However, 
the D-term must be small compared to the P-term because of pressure fluctuations in the 
supply lines caused by the machine itself. Therefore, the measured pressures have to be 
low pass filtered. 

 
Figure 2. Mode choice logic if control gains are P-gain = 1, D-gain = 0. 

3. SIMULATION MODELS 

The  hydraulics  of  the  system  are  modeled  with  MATLAB/Simulink  as  well  was  the  
detailed model of the DHPMS and its model based controller. Also the highest level 
closed loop position controller is made of Simulink blocks. MATLAB\SimMechanics is 
used to model the mechanism. Parts of the model are explained in next subchapters. 
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3.1. The mechanical model 

The mechanism of the machine is modeled by MATLAB/Simulink SimMechanics 
toolbox and the modeled machine was Backhoe 220 tool from Avant Tecno Oy [15]. 
The  CAD-image  of  the  machine  is  presented  in  figure  3.  Only  the  lift  and  the  tilt  
functions were modeled and desired load mass was modeled to be in the tip of machine 
instead of the bucket for sake of simplicity. Inertias of machine consist following parts 
(figure  4):  The  root  part  is  modeled  to  be  the  base  of  the  machine.  The  lift  boom  is  
modeled as two separate parts and connected to each other with a weld-joint (0-DOF) 
because of its angled geometry. The tilt-boom is modeled as a rod and the load mass is 
ball shaped body. Hydraulic cylinders have not been modeled in mechanism as parts, 
but their connection points are, whose positions and velocities can be measured with 
body-sensor-blocks. Position and velocity vectors are needed, because joint torqueses 
have been analytically solved from cylinder forces, calculated in hydraulic models. 

 
Figure 3. The CAD image of the modeled machine.  

 
Figure 4. Inertia ellipsoids from SimMechanics. The lift boom is modeled as two 

parts because of the shape of the part. Cylinders are not modeled in mechanical 
model but their connection points are. Cylinder piston positions, velocities and 

generated torques are analytically calculated. 
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3.2. Hydraulic models 

3.2.1. The proportional valve model 

The proportional valves were modeled as four orifices between cylinder chambers and 
supply and tank line. Openings of the orifices are linked together to achieve behavior of 
a common single spool proportional valve. Pressure compensator is modeled by 
saturating the supply pressure of the valve 1.5 MPa over the load pressure. Load sensing 
function of the system is modeled by feeding the maximum of the low pass filtered load 
pressures of actuators to the pump model. 2.5 MPa pressure difference is added to 
achieve reference for the supply pressure. Supply side flow capacity of the proportional 
valves is sized to match the valves going to be installed in a real machine in the future, 
which will be Bosch Rexroth M4 mobile proportional valves. Tank side flow capacities 
are reduced until the pressures in cylinder chambers stay above cavitation pressure in 
case of highest load mass. This of course causes relatively high back pressure losses in 
case of lower weight loads, but this is also the case in real machines. Anticavitation or 
load holding functions were not included in the model. Valve dynamics were modeled 
as first order model with delay. Characteristic curve of the model is linear without any 
dead zones or hysteresis.  Dynamics and nonlinearities of real  valves were not point of 
interest but more likely calculation of throttling losses correctly. Similar models were 
also used in reference [8]. 

3.2.2. The cylinder model 

Cylinders are modeled as two volumes linked together so that volumes of the chambers 
of the cylinder work as they do in reality. Equation of volume model is  

=  
(1) 

where first time derivative of pressure is calculated from effective bulk modulus Beff, 
volume V (related  to  cylinder  position),  net  flow to  or  from the  volume Q (related to 
valve throughput) and first time derivative of the volume (related to cylinder velocity). 
Cylinder ends are modeled by hard springs but driving cylinders to ends was avoided 
during final simulations. The friction model was based on tanh-function: 

= tanh( ) ( ) +  
(2) 

where K is a tuning parameter (¥ would lead to sign-function based friction model),  is 
the cylinder velocity, Fc the Coulomb friction,  Fs the is static friction, vs is the velocity 
of Coulomb’s friction and b is the viscous friction coefficient. Equation was 
parameterized against nature of reality so that static and coulombian frictions were 
equal in order to avoid regional negative damping which is unpleasant phenomenon in 
simulation models. This was possible in this study because model was not supposed to 
be accurate model of existing system but rather to allow the comparison of two different 
supply systems. 
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3.2.3. The LS-Pump model 

The load sensing pump was modeled as 2nd-order transfer function with limited 
maximum pressure and pressure change rate. Damping and natural frequency of the 
system were optimistic approximations from certain measurements from system close to 
simulated  system.  In  case  of  this  paper,  the  optimistic  LS-pump  model  is  suitable  
because the goal is to compare the new system against generally available technology. 
Blocks of the LS-pump model are presented in figure 5.  

 
Figure 5. Simple 2nd-order LS-pump model for pressure generation 

3.3. DHPMS and supply lines models 

The digital hydraulic power management system is founded on volumes which change 
according to a crank shaft angle, and orifices which connect the chambers to one of the 
actuator supply lines or to the tank line. When the trajectory of a piston is sinusoidal the 
position of the piston can be solved from the equation 

( ) =
2

sin( + ) +
2

 (3) 

where  is angular velocity,  the  phase  shift  and  s the  stroke  of  the  piston.  
Instantaneous pressure of each cylinder chamber can be integrated from the equation 1. 
Thus the chamber pressure depends upon effective bulk modulus Beff, cylinders 
instantaneous overall volume V, the first derivative of the volume dV/dt and the sum 
flow to the chamber Q. The overall volume is conditional on the piston area A, the 
piston position x and the dead volume V0.  The  first  derivative  of  the  volume  was  
calculated as the product of area of the piston and the first time derivative the piston 
position 
On/off-valves connecting the tank and the pressure lines to the pump piston chambers, 
were modeled with the empirical equation of turbulent orifice:  

= sgn( ) | | (5) 

where u is the relative opening (0…1) and p the pressure difference over the orifice. 
The flow coefficient of a valve Kv can be determined from nominal values of the flow 
and the pressure difference. The relative opening depends on the state transition of the 
valve - after a change in a control signal follows a delay and then the valve spool moves 
to its reference position with constant acceleration. Figure 6 shows the link between a 
piston chamber and valves.  
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Figure 6. Connections between the on/off-valves and the chamber in one piston 

unit of the pump model. 

 
The DHPMS is modeled by combining six piston units in parallel which have the phase 
shift of sixty degrees. Supply lines A and B are modeled as static volumes overall of 6.6 
dm3 and have DHPMS flows and actuator flows as inputs. The rigid volume of 5 dm3 is 
considered in the supply lines to achieve more linear pressure control [11] and the 
volume  of  hoses  (1.6  dm3) is also included in the overall volume. The effective bulk 
modulus of supply lines is calculated considering the bulk modulus of oil and the hoses. 
System  flow  rate  demand  based  on  reference  trajectories,  were  set  so  that  flow  
saturations should not exist with real DHPMS. 

3.4. The position controller 

The  reference  trajectory  of  the  tip  of  the  machine  is  generated  from  tables  which  
consisted Cartesian coordinate values for tip of the machine at function of time. From 
those values, via inverse-kinematic equations, required joint angles are calculated from 
which, with the law-of-cosines, reference values for cylinder lengths are solved. 
Cylinder lengths are measured from the mechanical model by using BodySensor blocks. 
Controller type is discrete time PT1-controller (filtered P-control) with velocity 
feedforward. The feedforward gain is tabulated inverse of the system from-valve-
opening-to-cylinder-velocity. The reference velocity is numerical derivative of cylinder 
position reference. The cut-off frequency of the filter is set to be half of systems lowest 
natural frequency to get robustly stable controller. The P-gain is calculated with 
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analytical methods to give damping factor 0.6 by using equations given in reference 
[16]. 

 
Figure 7. Controller block diagram. Inverse tables are separated before the 

summing element because they are likely nonlinear in real system. 

4. SIMULATIONS 

4.1. Test cases 

The circular reference trajectory was driven with three different loads and three 
different velocities, and totally nine combinations were simulated with both the LS-
system and the DHPMS-system. Fastest  trajectory was set  to be so that the maximum 
flow demand could be fulfilled with the real six-piston DHPMS-prototype. At the 
slowest trajectory, about double time was spent in the motion. Simulated load masses 
were 0, 100 and 200 kg.  

4.2. Results 

Simulation results of 10 seconds trajectory and 200 kg load are shown in following 
figures. In figure NN the Cartesian reference is shown in top figure, the cylinder 
position control results are presented in the middle and position errors are shown in the 
third  sub-figure.  The  result  shown  are  from  simulations  of  DHMPS-system  and  no  
problems in controllability of the systems can be detected. There was no difference in 
control performance between the LS and the DHMPS systems and therefore only 
DHMPS responses are shown in figure 8 and in subfigure 1 of figure 9. 
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Figure 8. Position control of DHPMS powered system 

In the figure 9 the origin of energy savings are explained with 6 sub-figures. In the first 
one, cylinder piston velocities are presented. Next one shows lift-cylinder chamber 
pressures and the pressure of the LS-supply line. The third one is same as previous but 
in case of DHPMS-system. Next two figures show same things for tilt-cylinder. In case 
of the LS-system, the supply pressure is same for both actuators. The DHPMS creates 
supply pressures for actuators separately and therefore any of supply pressures is not 
unnecessary high as it occasionally is in case of LS-system. Pressure pulsation caused 
by DHPMS is clearly visible but the amplitude is less than 1 MPa. In sub-figure 6 of the 
figure 9 power consumptions of actuators, calculated from “flow trough”, times 
“pressure differential over the valve”, are shown in case of both systems. As the big 
picture,  it  can  be  verified  that  unnecessarily  high  supply  pressure  together  with  fast  
moving lower pressure demanding actuator, cause energy to be wasted, as was 
predicted. 
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Figure 9.  Origin of power needed by actuators with DHPMS compared to 

LS-system 

 
Amount of consumed energy of the LS-system and the DHPMS-system are in the table 
1 and percentage differences between the systems in the table 2. It is worth keeping in 
mind  that  losses  of  the  LS-pump  or  of  the  DHPMS  were  not  modeled.  Therefore  the  
differences between energy consumptions in case of different velocity trajectories are 
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caused only by effects of boom and load inertia and friction model, not by different 
efficiencies  of  pumps  at  different  operation  points.  Results  only  show  reduction  of  
throttling losses in pressure compensators by using DHMPS instead of LS-pump. Mean 
reduction of energy consumptions of simulated cases is 22%. 

Table 1. Energy consumptions of LS- and DHPMS-systems [kJ] 

Trajectory 
time  

0 kg 100 kg 200 kg 

LS DHMPS LS DHPMS LS DHMPS 

7.5 s 19.7 15.0 19.6 15.8 19.6 16.1 

10 s 19.5 14.7 19.5 15.7 19.4 16.1 

15 s 21.0  14.8 21.0 15.8 20.9 16.3 

Table 2. Percentage difference 
Time \ Load 0 kg 100 kg 200 kg 

7.5 s 23.9 % 19.6 % 17.6 % 

10 s 24.9 % 19.5 % 17.0 % 

15 s 29.2 % 24.5 % 21.9 % 

5. DISCUSSION AND CONCLUSION 

DHPMS, hydraulics and 2dof-boom and their controllers were modeled. These models 
were used together for few reasons: 1) to pre-evaluate usability of DHPMS to work as 
two separate ELS-lines, 2) pre-tune all of the controllers for real system and 3) get 
simulation results for scientific purposes and pre-evaluate the feasibility and 
performance of this new technology as a part of a real application. Even though the 
pressure in supply lines, generated by DHPMS, is quite pulsating, it seemed not to cause 
any visible negative effect position control. However, the pressure compensator 
dynamics were not modeled so in the future measurements with the real system, this can 
be different if compensators start to oscillate badly.  

Using this new technology can, based on simulations, lead to major energy savings. 
Efficiency improvements are originated from DHPMS ability to create different supply 
pressure to each actuator and therefore unnecessarily high pressure differences over the 
pressure compensators of the control valves doesn’t ever exist. Challenging in the new 
technology is that the control code is a lot more complicated. Compared to traditional 
LS-circuit the DHPMS requires more intelligence and instrumentation; pressure 
transducers for each piston chamber unit and actuator ports, sophisticated software and 
enough computational power to run the model based control code in real time.  

Reduction of losses, about 22 % in simulated cases, is a good motivation to continue 
research of this topic. In the future, simulated results shall be verified by the 
measurements but later also with digital hydraulic SMISMO-valves, which allow 
energy recovery from actuators during overrunning load and deceleration of high 
inertia. Also routing power between actuators will be tested. 
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ABSTRACT 

In the article, a process of designing and testing hydraulic units made of plastics has 

been presented. The procedure has been applied in development of the gerotor pump 

featuring plastic cycloidal gears. Developed has been a design of the pump and a 

cycloidal gear system. POM is the plastic used in the design, on which the strength   

analysis has been carried out. The strength analysis of the cycloidal gears by means of 

FEM has been made, the result of which was has been determination of the final design 

of the gears and the range of their loadability. Using a specially designed injection 

mould, a prototype POM gear system has been made. The system was integrated with 

the gerotor pump and then subjected to experimental research. As a result of the 

research it has been concluded that the gerotor pump of the displacement q=10 cm
3
/rev, 

featuring POM gears can work on the hydraulic oil at working pressure p=6 MPa, 

rotational speed n=1500 rpm, and temperature T=50 
o
C, maintaining its volumetric 

efficiency ηv=80 %. 

KEYWORDS: gerotor pump, cycloidal gears, plastic, strength analysis 
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1. INTRODUCTION 

Typical hydraulic units such as pumps, motors, cylinders or valves are predominantly 

made of metal. Plastics are used for designing the units to a rather limited extent - in 

sealings, for example. The Fluid Power Research Group from Wrocław University of 

Technology conducts research work aimed at a wider than so far offered range of 

applications of  plastics in manufacture of the hydraulic elements. It is assumed that 

plastics will be used for making the fundamental parts of the hydraulic units such as 

pump bodies, gears, or valve elements. Application of plastics can be beneficial in 

numerous ways: 

• design (reduction of weight of the units, as well as vibration and noise generated 

in their operation; possibility of using water in the system), 

• technological (possibility of making sophisticated profiles of elements and 

systems by means of the injection mould method), 

• economic (application of cheap materials and manufacture methods resulting in 

lowering of the production costs) 

Simultaneously, it can be expected that the application of plastics will be also 

disadvantageous. The basic problem in this respect is lower strength and higher 

deformability of plastics in comparison to metals. It causes the necessity of reducing 

working pressure as well as the occurrence of greater internal clearances in the units, 

and consequently, efficiency decrease. 

In this situation, it has been assumed that the aim of the work is to analyze the 

possibilities of using plastics for building a particular hydraulic unit. The unit is a 

gerotor pump, and specifically its internal cycloidal toothing gear system. The plastic 

gear system should replace the so far used steel gear system. In order to achieve the 

aim, the research and development work has been done according to the following 

procedure: 

• analysis of design and operation of the gerotor pump, 

• development of the gear system design, 

• selection and strength anaysis of the plastic, 

• strenght analysis of the gear system by means of FEM, 

• making models of the plastic gears, 

• experimental research on the pump featuring the plastic gears. 

2. GEROTOR PUMP / GEAR SYSTEM DESIGN  

The design of the gerotor pump, following [1, 2], has been shown in Figure 1. The body 

of the pump consists of three plates: the front plate (1), the central plate (2), and the 

back plate (3). In the central plate (2) the gear set (4), (5) is placed and revolved by the 

shaft (7). The operation of the gerotor pump is as following. Between the gears the 

intertooth displacement chambers (T) are made. In the back plate on the inlet, the 

cylindrical inlet channel (CLI) and the kidney-shaped inlet chamber (CRI) are formed, 

whereas on the outlet, the outlet channel (CRO) and the outlet chamber (CLO) of the 
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same shape are formed. The inlet and the outlet chambers are separated by the bridges 

(BI) and (BO). 

The operation principle of the pump is as follows. The working fluid gets into the pump 

through the inlet channel (CLI) and charges the inlet chambers (CRI). At the same time, 

along the chamber, the intertooth displacement chambers (T) are moving. The chambers 

increase their volume and suck in the working fluid. Next, the chambers (T) move 

successively on to the inlet bridge (BI), where the suction process ends and the delivery 

process begins. The other chambers (T) move along the inlet chamber (CRI), decrease 

their volume and deliver the working fluid. The working fluid flows out of the pump 

through the outlet chamber (CRO) and the outlet channel (CLO). Finally, the intertooth 

chambers move on to the outlet bridge (BO) where the delivery process ends and the 

suction process begins. 

 

Figure 1. Design and operation principle of the gerotor pump 

1, 2, 3 – plates of the body, 4, 5 – cycloidal gears, 6 – bearing, 7– shaft,  

8 – shaft key 

In the delivery process, the working fluid remains under pressure p. It flows out also 

onto the front area within the axial clearance ha.  
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As shown in Figure 1, four characteristic zones through which the displacement 

chamber (T) moves can be distinguished in the pump: 

• the low pressure zone (ϕI), determined by the inlet chamber (CRI), with the inlet 

pressure pI, 

• the pressure increase zone (ϕIO) determined by the inlet bridge (BI), where the 

pressure rises from pI up to po, 

• the high pressure zone (ϕO) determined by the outlet chamber (CRO), with 

pressure po, 

• the pressure decrease zone (ϕOI) determined by the bridge (BO), where the 

pressure falls from po down to pI.  

The basic unit of the gerotor pump is a system of internal toothing cycloidal gears of the 

tooth difference z2-z1=1. The internal toothing gear profile, which makes a part of the 

system, is formed as an equidistance to the shortened epicycloid. According to [3], the 

equidistance equations are:  
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where: 

m – modulus, 

z – number of teeth, 

λ – tooth depth ratio,  

v – equidistance shift ratio, 

η – epicycloid angle. 

Respectively, the internal toothing gear making the second element of the gear system 

has teeth created by the arches of the wheel of radius ρ⋅== vgr . All teeth of both 

gears simultaneously get into contact, thus making tight intertooth displacement 

chambers (T) which, as it has been mentioned above, help deliver the working fluid 

from the inlet on to the outlet. Providing the tightness is crucial in this situation. Lack of 

the tightness of the intertooth displacement chambers results in the occurrence of 

uncontrollable flows in the pump, as well as in the decrease of the volumetric efficiency 

and working pressure. 

From the description presented above it can be concluded that the gerotor pump gear set 

remains under the total mechanical and hydraulic load. 

The mechanical load is induced by torque M which causes the revolution of the gear set. 

The hydraulic load results from pressure p of the working fluid in the intertooth 

displacement chambers (T), and from pressure p working on the front areas of the 

mating gears. The dependence between pressure p and torque M is describe by the 

following equation: 

 p
2

q
M ∆⋅

π
=  (2) 
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where: 

q – pump's displacement per one revolution of the shaft, 

∆p – pressure difference. 

The summary hydraulic and mechanical load causes strains and deformations in the 

mating gears, the effect of which are internal clearances. Fig.1 shows that those are 

intertooth radial clearances hr and axial clearance ha created between the front surfaces 

of the gear system and the body of the pump. In order to minimize the clearances, the 

gears must be made of a material which is as strong and undeformable as possible. At 

the same time, the design of the gears needs to be developed so as to ensure even 

transmission of the load throughout the system. For instance, what needs to be 

considered is the possibility to apply the connection of the shaft with the gear system by 

means of three keys, and not, as it has been done so far, one key, which would provide  

more even transmission of torque M. In spite of that fact, the internal clearances in the 

cycloidal gear system will occur. It has been proven in paper [4] in reference to the 

gerotor pumps, and in [5] in reference to the orbital motors. Eventually, on the basis of 

[3] it has been decided that the acceptable axial clearance hamax and radial clearance 

hrmax being the effect of the gears' deformation should not exceed 0,15 mm. Clearances 

of the value ought not to seriously decrease tightness of the intertooth displacement 

chambers (T) of the pump.  

3. SELECTION AND STRENGTH ANALYSIS OF THE PLASTIC 

Following [6], pure polyoxymethylene (POM) has been selected as a material for 

manufacturing the gears of the gerotor pump. It is a popular plastic which is cheap and 

which can be easily shaped by means of the injection mould method. The specific 

technical parameters of the plastic, according to the information provided by its 

producer, have been presented in Table 1. 

Table 1. Technical parameters of polyoxymethylene (POM) 

No Parameter Symbol Value 

1. Plasticity limit Re 60 MPa 

2. Young's modulus E 3000 MPa 

3. Max working temperature T 100 
o
C 

4. Friction factor POM/POM µ 0,32 

5. Contraction  0,0285  

6. Linear extension coefficient  0,00010 cm/
o
K 

7. Water absorption coefficient  0,7 % 

Analysing the operation of the gear system (fig.1) it can be observed that it is worked on 

by complex loads being the effect of compressing, extending, and also partly of 

bending. Hence, it is necessary to determine what kind of strains must be assumed as 

the acceptable strains for the examined gear system, and to define the acceptable value 

of the strains. Research on POM subjected to compressing and extending has been done. 

The findings of the research have been presented in fig.2. The figure shows the 

extension curve which lies under the compression curve, which means that POM is less 

enduring to extension. Hence, as the acceptable strains, extension strains σr are 
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assumed. Analysing the extension curve it is observed that within the range of 

deformations ε=0÷0,15 % extension strains σr increase linearly. For bigger 

deformations, namely ε>0,15 % extension strains σr increase parabolically. Therefore, it 

has been assumed that deformation ε=0,15 % separates the elastic and the plastic zones, 

and the strain corresponding to them creates plasticity limit Re=60 MPa for POM. 

Consequently, it has been decided that for further analysis, extension strain σrmax=Re=60 

MPa is the acceptable strain for POM, and the determined by means of FEM calculation 

strains σ increasing in s – way will be comparable to it. Simultaneously, which is 

depicted in fig. 2, strains σrmax for POM are a number of times smaller than the same 

strains in steel. 

 

Figure 2. Strain stress diagram for POM and steel 

4. GEAR SYSTEM STRENGTH ANALYSIS CONDUCTED BY MEANS OF FEM 

4.1. The geometric model, loads, fixings. 

By means of the construction diagram of the gerotor pump shown in Figure 1 and [7] 

the geometric model of the cycloidal gear set was prepared and shown in Figure 3.  The 

tooth profiles of both gears have been defined on the basis of formulas (1). The size of 

the gear set has been depicted in Figure 3a. 

The mechanical load of the model stems from the transmission of torque M by the drive 

shaft with the diameter d1=25 mm on to the key connecting it with the external toothing 

gear, and on to the internal toothing gear. The hydraulic load of the model results from 

the impact of pressure p of the working fluid in the intertooth displacement chambers of 

the gear set. The gear set remains in the state of balance, because according to formula 

(2), torque M put on the shaft will be equal to the torque induced by pressure p.  

The mechanical load of the model stems from the transmission of torque M by the drive 

shaft with the diameter d1=25 mm on to the key connecting it with the external toothing 

gear, and on to the internal toothing gear. The hydraulic load of the model results from 

the impact of pressure p of the working fluid in the intertooth displacement chambers of 

the gear set. The gear set remains in the state of balance, because according to formula 

(2), torque M put on the shaft will be equal to the torque induced by pressure p.  
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a) b) 

  

Figure 3. Model of the cycloidal gear set: 

a) load distribution, b) finite element grid 

The model needs to be fixed, and the way of the fixing also stems from the operation 

principle of the gerotor pump shown in Figure 1. It is to see in the figure, that the 

external toothing gear is fixed on the shaft (7) and can move only around axis O1. 

Respectively, in the model presented in Figure 3a, the gear is fixed radially on the shaft 

diameter d1=25 mm, and can revolve around axis Z. The internal toothing gear depicted 

in Figure 1 is fixed in the port of the central body (2) and can revolve around axis O2. 

Respectively, in the model illustrated in Figure 3a, the gear is fixed radially on the shaft 

with diameter d2=75 mm, but can revolve around axis Z. 

As shown in Figure 1, the gear set is loaded with pressure p of the working fluid in axial 

clearance ha made between the elements of the body (2) and (3). In this situation, the 

gear set is pressed to the body (1). Hence, in the model presented in Figure 3a, the front 

area of the gear set is loaded with pressure p, whereas the opposite area is fixed. 

4.2. The finite element grid 

The numerical model of the cycloidal gear set has been made by means of ABAQUS 

system version 6.7-5. The license number 05UWROCLAW of the program was leased 

by Wrocławskie Centrum Sieciowo-Superkomputerowe at Wrocław University of 

Technology, Poland. 

The finite element grid shown in Figure 3b was made by means of eight-node HEXA 

solid elements, typically used for creating solid models.  

The finite element grid for the gear set was made from ca. 500 000 elements. Those 

elements made the profile of the gear set on plane XY. In order to model the thickness 

of the gear set, 15 layers of HEXA elements were built. The layers were arranged ca. 

every 0,7 mm along axis OZ until the thickness of the gear set of b=10,4 mm was 

achieved (see Figure 3a). The HEXA element is an eight-node cube. The number of 

nodes indicates that it is the first order element. Each node of the HEXA element has 

three degrees of freedom, and they are shifted in relation to axes X, Y and Z. In the 

anticipated loci, the grid refinements were made, which can be clearly seen in Figure 

3b. The loci of the refinements are tooth contacts of the mating gears at the suction side 

(the left side of the model in Figure 3b) and the area of the splineway in the active gear. 

Smaller refinements were made in the corners of the tooth bearing of the passive gear. 
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The grid of the external toothing active gear consists of a greater number of elements 

because the authors hold a view that it is more strenuous. 

The system enabled modelling of the surface contact by means of a special algorithm 

characteristic of the ABAQUS system. The contact was located in the area of the tooth 

contact at the suction side of the gear set (the left side of Figure 3a and Figure 3b). 

Friction factor µ was selected considering the plastic type and the conditions present in 

the area of the contact (e.g. high pressure). The value of factor was determined on the 

basis of the research results. 

The numerical model allowed a very precise determination of stresses and deformations 

for the gear set, and the discrete action error level does not exceed 0.02 % for the 

deformations, and ca. 1.3 % for the stresses. 

4.3. Research program 

According to the design assumptions given in point 2, it is necessary to examine two 

kinds of cycloidal gear systems made of plastic, namely the system driven by one key 

and the system driven by three keys.  

The research on the stresses and deformations in every gear set was carried out for two 

characteristic load states which result from the operation principle of the machine (see 

Figure 1) as well as from the assumed model (see Figure 3a). And those are: 

• the state of the total mechanical and hydraulic load, where torque M works on 

the mesh, and pressure p works on the intertooth displacement chambers, 

• the state of the partial hydraulic load, where pressure p works on the face end of 

the gear set. 

In both load states, the research on the stresses and deformations was conducted for the 

characteristic central position of the gears for which a prior theoretical analysis of 

kinematics (see Figure 1) and load distribution (see Figure 3) had been carried out. 

In the research process, the model was loaded successively with torque M=7,16; 14,32; 

21,48 Nm derived from formula (2) and pressure p=4;8;10;12 MPa.  The assumed 

displacement of the gerotor pump was q=11,24 cm
3
/rev. 

4.4. Results of the strength analysis 

Following the rules given in [8], strength analysis of the cycloidal gear systems models 

has been carried out. The analysis' results have been presented in Fig.4 and in Table 2. 

Respectively, fig.4a and b represent results which refer to the gear system driven by one 

key. Fig.4a shows that loading the gear system with working pressure p and torque M 

causes strains in the keyseat and in the contact points of mating teeth 1’-1”, 2’-2”. The 

strains in the keyseat are of a higher value than the ones in the tooth contact points. It is 

caused by the concentrated activity of one key. Whereas the lower value intertooth 

strains result from the pressure that is distributed on two pairs of teeth. Analysing Table 

2, it is observed that maximum strains σ grow together with the increase of working 

pressure p. Due to the strains, the gear system can be loaded with pressure p=8 MPa. At 

this pressure, the maximum strains in the gear amount to σ=52 MPa and are lower than 

acceptable strains σrmax=60 MPa assumed according to fig.2. Respectively, fig.4a and b 
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represent results which refer to the gear system driven by one key. Fig.4a shows that 

loading the gear system with working pressure p and torque M causes strains in the 

keyseat and in the contact points of mating teeth 1’-1”, 2’-2”. The strains in the keyseat 

are of a higher value than the ones in the tooth contact points. It is caused by the 

concentrated activity of one key. Whereas the lower value intertooth strains result from 

the pressure that is distributed on two pairs of teeth. 

Strain Deformation 

a) b) 

  

c) d) 

  

Figure 4. Strain and deformation values displacement for models of the cycloidal 

gear systems loaded with torque M=7,16 Nm and pressure p=4 MPa 

a), b) – gear system driven by 1 key, 

c), d) – gear system driven by 3 keys. 

Analysing Table 2, it is observed that maximum strains σ grow together with the 

increase of working pressure p. Due to the strains, the gear system can be loaded with 

pressure p=8 MPa. At this pressure, the maximum strains in the gear amount to σ=52 

MPa and are lower than acceptable strains σrmax=60 MPa assumed according to fig.2. 

Fig.4b shows that loading the gears with pressure p and torque M causes deformations 

of the gear system. The outline of the deformed gears is depicted in the figure against 

the background of the outline of the undeformed gears, which has been marked with a 

black solid line. Comparison of the two outlines shows that the external toothing gear is 

deformed leftwards, to the low pressure zone, whereas the internal toothing gear is 

deformed rightwards, to the high pressure zone. As a result of the deformations, 
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between the teeth of the mating gears, radial clearances hr are formed, which causes the 

internal tightness loss of the pump. The biggest clearance is made between teeth 4’-4”. 

The effect of pressure p working on the system are transverse deformations and 

occurrence of axial clearance ha, which is presented in fig.1. 

Table 2. Results of the strength analysis of the cycloidal gear systems' models, carried 

out by means of FEM 

Gear system driven by one key Gear system driven by three keys 

No. 

Working 

pressure 

p 

[MPa] 

σmax 

[MPa] 

hr 

[mm] 

ha 

[mm] 

σmax 

[MPa] 

hr 

[mm] 

ha 

[mm] 

1. 4 26 0,082 0,018 21 0,059 0,018 

2. 8 52 0,164 0,036 41 0,120 0,036 

3. 10 65 0,204 0,046 51 0,150 0,046 

4. 12 78 0,246 0,055 62 0,180 0,055 

 

Analysing Table 2 it is also observed that both radial clearance hr and axial clearance ha 

grow along with the increase of working pressure p. Both due to the strains and to the 

deformations, the gear system can  be loaded with pressure p=8 MPa. At this pressure, 

maximum radial clearance hr=0,164 mm only slightly exceeds the acceptable value 

which is hrmax=0,15 mm. It is not a considerable difference, though. At the same time, 

axial clearance ha=0,038 mm is smaller than acceptable clearance hamax=0,15 mm. 

Fig.4c and d present the results of the strength analysis concerning the gear system 

driven by three keys. Fig.4c shows that loading with pressure p and torque M causes, as 

it was observed previously, strains in the keyseats and in the contact points of the 

mating teeth. Simultaneously, the strains displacement in the keyseats is more even, and 

their values are lower than in the case of the one key joint. The number of mating tooth 

pairs is bigger than in the case of the one key joint because it refers to pairs 1’-1”, 2’-2” 

and 3’-3”, and hence, the intertooth strain displacement is also more even. The 

intertooth strains assume higher values than those in the keyseats. On the basis of Table 

2, it is stated that from the viewpoint of the strains, the gear system can be loaded with 

pressure p=10 MPa at which maximum strains σ=51 MPa are lower than acceptable 

strains σrmax=60 MPa assumed according to Fig.2. Fig.4d shows that the deformation of 

the gear system driven by three keys is similar to the deformation of the gear system 

driven by one key. Maximum radial clearance hr is made also between teeth 4’-4”. The 

gears also undergo the transverse deformation and axial clearance ha occurs. Values of 

the clearance are the same as in the case of the gear system driven by one key. As it 

stems from Table 2, the clearances grow along with the increase of working pressure p. 

Both due to the strains and to the deformations, the gear system can be loaded with 

working pressure p=10 MPa. At this pressure, the radial clearance assumes the value of 

hr=0,15 mm and it is equal to the acceptable value of hrmax=0,15 mm, and the axial 

clearance assumes the value of ha=0,046 mm, which is lower than acceptable hamax=0,15 

mm. 

 

 

378



The Twelfth Scandinavian International Conference on Fluid Power, May 18-20, 2011, Tampere, Finland 

 

4.5. Conclusions from the strength analysis 

From the carried out strength analysis, the following conclusions can be drawn: 

• POM can be applied in making the gear system of the gerotor pump, the 

acceptable extension strains for POM have been specified as σrmax=60 MPa, 

whereas the acceptable deformations within the range of which the elastic 

deformation of the plastic is observed has been assumed as ε=0,15 %, 

• the deformation and strain analysis conducted by means of FEM proves that as 

far as the design is concern, a better solution is the gear system driven by three 

keys, because it features more even distribution of strains in the keyseats and of 

the intertooth strains. Simultaneously, deformations of the gears are smaller, and 

in particular, smaller is intertooth radial clearance hr, 

• research carried out by means of FEM has shown that the gear system driven by 

three keys can be loaded with working pressure p=10 MPa, at which the strains 

and deformations in the gears are smaller than the acceptable. 

5. MAKING MODELS OF PLASTIC GEARS 

According to the conclusions given in 4.5 it has been decided that in the gerotor pump, 

the gear system driven by three keys will be applied. It has been assumed that the gears 

will be made of pure POM by means of the injection mould method.  For that, the 

injection mould has been designed and manufactured, which is presented in [9]. 

Examples of gears made of POM by means of the method are depicted in fig.5.  

a) b) 

  

c) 

 

Figure 5. System of cycloidal gears 

a) driving wheel, b) driven wheel, c) gear system 
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The real profile of the toothing achieved (fig.5a) corresponds with the theoretical profile 

drawn from equations (1). The toothing surfaces of both gears are smooth and clear. 

After the assembly of the gears and making a system (shown in fig.5b) it was observed 

that there were no intertooth radial clearances hr resulting from their manufacture and 

assembly. In other words, after assembling the gears and making the system, radial 

clearances hr were equal to zero. It proved the design and the technological process to 

be correct. 

6. EXPERIMENTAL RESEARCH ON THE GEROTOR PUMP WITH THE 

PLASTIC GEARS 

Fig.5b presents the gear system made of POM which has been installed in the gerotor 

pump shown in fig.6, has been manufactured by PZL-Wrocław Company. The pump 

has been produced in accordance with fig.1 and with the assumptions presented in point 

2. The pump has been assembled with axial clearance ha=0,05 mm, made between the 

side of the gear system and the front surface of the front or  back body (see fig.1). The 

clearance has been assumed in order to prevent the pump seizure while in operation. 

a) 

 

b) c) 

  

Figure 6. Experimental gerotor pump featuring the POM gears 

a) view of the pump, b) view of the gears on the background of the front body,  

c) view of the back body 

The research results of the volumetric efficiency in relation to working pressure ηv=f(p) 

has been depicted in fig.7, where the working fluid was the hydraulic oil in temperature 

T=25 
o
C (ν=150 cSt) and T=50 

o
C (ν=45 cSt). The characteristics show that the pump 

can work at the rotational speeds of n=750÷2000 rpm, but the pump works more stably 
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at higher rotational speeds, namely n=1500÷2000 rpm. Maximum working pressure p=6 

MPa has been gained at the higher rotational speeds n=1500 2000 rpm. For this pressure 

and speed, the highest volumetric efficiency ηv=60÷80 % has been achieved. The 

diagram illustrates that increasing the oil temperature from T=25 
o
C to T=50 

o
C causes 

the increase of the volumetric efficiency in the pump throughout the reasearch. Under 

the influence of the rising temperature, the linear dimensions of the gears grow, and the 

material (POM) additionally absorbs water dissolved in the oil (see data presented in 

Table 1). As a result of that, axial clearance ha and radial clearance hr, get smaller, the 

pump gets internally tight, which eventually diminishes the internal leakage. 

 

Figure 7. The volumetric efficiency diagram of the gerotor pump with the plastic 

gears 

 

As a result of the experimental research, technical parameters of the gerotor pump with 

POM gears have been defined, and presented in Table 3.  

Table 3. Technical parameters of the gerotor pump with POM gears 

No. Parameter Symbol Value 

1. Displacement per revolution q 10 cm
3 

2. Nominal speed nnom 1500 rpm 

3. Speed range nmin÷nmax 750÷2000 rpm 

4. Max pressure (for nnom) p 6 MPa 

5. Working fluid hydraulic oil ν=150÷45 cSt 

6. Working fluid temperature T 25÷50 
o
C 

7. 

Volumetric efficiency for: 

nnom=1500 rpm 

pmax=6 MPa  

T=50 
o
C 

ηV 80 % 

The maximum pressure at which, during the research, the gear system was working 

properly was p=6 MPa. The pressure is lower than p=10 MPa which had been assumed 

by means of FEM as the maximum acceptable pressure that can load the gear system. 
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Rotational speed range n, working fluid temperature T, and volumetric efficiency ηv are 

characteristic for the gerotor pump without the axial clearance compensation. 

7. SUMMARY AND CONCLUSIONS 

In the paper, the design and research process on the hydraulic units made of plastic has 

been presented. The procedure includes: 

• development of the unit's design, 

• selection and strength analysis of the plastic, 

• conducting the strength analysis of the hydraulic unit made of plastic by means 

of FEM, 

• development of the technological process and manufacture of the plastic 

hydraulic unit, 

• carrying out the experimental research on the unit made of plastic. 

The result of conducting the process is a gerotor pump featuring the cycloidal gear 

system made of POM, presented in fig.6. The pump performed successfully in the 

experimental research and achieved the technical parameters shown in fig.7 and in table 

3. Therefore, it can be stated that the objective of the work aiming at the application of 

plastic for the manufacture of the particular hydraulic unit has been achieved. While 

carrying out the design and research process on the plastic gear gerotor pump, a number 

of specific conclusions have been drawn, which has been presented below. 

At the design stage, it is crucial to pay attention to the proper shaping of the elements 

and systems of the hydraulic unit in terms of strength, namely achieving in them low 

strains and small deformations. POM can be applied in making hydraulic units. On its 

base, some other, stronger plastics can be developed. As the maximum acceptable strain 

characterizing the strength of a particular plastic, the extension strains must be 

considered. The maximum acceptable extension strain must be determined on the basis 

of experimental research.. The plastic used for making elements and systems of 

hydraulic units should also show little thermal expansion and low water absorption. The 

strength analysis conducted by means of FEM enables the initial possibility of 

analyzing of the unit's work and its strains and deformations. When analyzing the 

research findings, it is necessary to simultaneously consider the strains and 

deformations. As a criterion of the acceptable load on the hydraulic unit, such a value of 

the working pressure must be assumed that does not cause the exceeding both the 

acceptable strains and acceptable deformations (internal clearances h). This can be 

described as: 

maxp σ≤σ→  

maxhhp ≤→  

While developing the technological process, and in particular, while designing the 

injection mould, the contraction of the plastic by an appropriate dimension correction 

must be taken into account. 
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In the process of experimental research, the plastic unit is finally verified in real 

working conditions, loadability limit and determination of the technical parameters. The 

real loadability limit can be lower than the one determined as a result of FEM analysis. 

It can be caused by faults of either manufacture or assembly of the unit, deformability 

of the plastic exposed to temperature, as well as water absorption by the material. It 

leads to a change of dimensions, diminishing of the real clearances, and as a result, 

bigger loads and deformations of the unit's elements, which were not anticipated in 

FEM analysis. 

Taking all the above into account, it has been concluded that the gerotor pump featuring 

the POM cycloidal gears could in reality work within the range of working pressures 

p=0÷6 MPa, and not as it was previously assumed, within the range of p=0÷10 MPa. 
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ABSTRACT 

Semi-active dampers have proven to be effective in applications where isolation from 
high frequency vibration is important but that also need to be able to stabilize fast after 
high force impacts. This can be achieved if damping value of the system can be 
controlled effectively. Examples of semi-active damping can be found from suspension 
systems of certain vehicles. 

Problem with using conventional hydraulic cylinders as controllable dampers is that 
they have number of seals which produce uncontrollable forces to the system and 
especially stick-slip friction can be very high. McKibben type pneumatic muscles can 
provide a solution to this problem. They have no moving seals and are practically stick-
slip free. This allows them to have smaller minimum force-displacement hysteresis than 
conventional cylinders. 

Two different MR muscle damper setups are introduced in this paper. Muscle damping 
characteristics are measured and aspects of modelling the damper are discussed. This 
study shows that magnetorheological (MR) muscle can be used for controllable 
damping but there are many factors involved that makes accurate control of the 
damping force challenging.  

KEYWORDS: Fluidic muscle, Magnetorheological damper, Semi-active damper, 
Pneumatic muscle, Skyhook control. 
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1. INTRODUCTION 

Vibration isolated mechanical systems usually rely on low damping to minimize force 
transfer from vibrating component to the rest of the system. If system is receiving 
impact forces or vibration excitation frequencies change during start up or shut down, 
damping is needed to prevent nominal frequency oscillation of the system to occur. 

It is possible to connect and disconnect dampers and also control the damping value. 
One way of achieving this is to use hydraulic cylinder and dissipate energy from the 
fluid flow between the chambers. This can be done with adjustable throttle valve or 
other means including the use of magnetorheological (MR) dampers (Figure 3 and 
Figure 4). MR-dampers can regulate pressure difference between cylinder chambers by 
changing MR-fluid yield stress with a magnetic field [1]. 

 
Figure 1. Typical MR-damper (LORD) [2] 

 
Figure 2. MR-damper using symmetric cylinder [1] 

When using conventional hydraulic cylinders in vibration isolating systems is that they 
have a number of seals with relatively high friction and especially stick-slip friction is 
usually high. This means that even if the damper is set to its minimum it will cause 
force transmission due to these seal frictions. 

Fluidic muscle actuators have no seals and are practically stick-slip free. This makes 
them interesting option for conventional cylinders. They are normally used with 
compressed air but can also be operated with liquid medium. When operating muscles 
with compressed air, there is a lot of flexibility in the system due to small bulk modulus 
of gas. Small volume changes in of the muscle won’t produce significant pressure 
changes and semi-active control of the muscle pressure is not very effective. By filling 
the muscle with liquid medium instead of gas we can achieve higher maximum stiffness 
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and therefore wider range of semi-actively controllable force. Disadvantage is that 
muscle pressure and force limits can easily be exceeded thus damaging the muscle. By 
forcing the muscle to contract its internal pressure can go below surrounding pressure 
and muscle will collapse. For this reason internal pressure of the muscle should always 
be held above ambient pressure. Both of these problems can be solved with proper use 
of hydraulic accumulator connected to the system. 

Magnetorheological fluid and valve were selected to control the muscle pressure. 
Reason for this was that MR-valve has very fast response time to control signal [1]. MR 
valve has a constant size flow channel and only the fluid yield strength is controlled by 
magnetic field thus controlling the pressure in the muscle and it has no moving parts. 
This gives us a very fast and robust method to control the force generated by the 
muscle. It also aligns with the philosophy of having as few moving parts as possible in 
the damping system. 

2. MAGNETORHEOLOGICAL MUSCLE DAMPER 

Ideal semi-active dampers can change damping value fast and has minimal 
uncontrollable damping forces like frictions. Damper must also be able to withstand 
high enough forces and have long enough stroke length. Damping should also be simple 
to control. Target was to design a construction that fulfils these requirements. This 
damper was not designed for any particular application. 

MR-muscle damper can pass most of these requirements if it is designed and configured 
correctly. Fluidic muscle can produce force only when contracting. This means that for 
the damper to work in both directions it needs two muscles that pull against each other. 
System also needs a method that keeps muscles pressurized above ambient pressure at 
all times, otherwise they will collapse. This can be done with hydraulic accumulators 
that feed the muscles with MR fluid through a check valve when muscle is contracting 
and its volume is increasing. Accumulators also work as tanks when muscle volume is 
decreasing. Accumulators need to have enough volume that they can store all of the MR 
fluid displaced by the muscle without increasing minimum system pressure too much. 
Then again they need to have high enough starting pressure so that sufficient oil flow in 
to the muscle can be achieved. This configuration is demonstrated in Figure 3. 

 

 
Figure 3. Two valve damping system that was modeled with data from single 

muscle measurements 

 

There are also mechanical design parameters involved that need to be considered when 
designing a muscle damper. Muscle length is the main parameter that affects the 
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maximum movement length of the damper. Maximum effective contraction of the 
muscle is about 20 %. This limits the maximum movement of the damper also to 20 % 
of muscle nominal length. If smaller percentage of muscle contraction is used, system 
can be tuned for specific characteristics. If muscles are attached so that they work near 
muscle nominal length, system is stiffer and it can generate more damping force. 
However this causes some uncontrollable damping because of viscoelastic properties of 
muscle material. If muscles are set to work at high contraction rate system can generate 
less force but should have smaller uncontrollable damping caused by muscle stretching.  

Muscle nominal diameter and number of parallel muscles affects the maximum force 
that can be generated by the damper. Large forces and long stroke length requires also a 
lot of MR fluid because muscle volumes increases accordingly. 

MR-muscle damper can also work with only one accumulator and valve as shown in 
Figure 4. In this configuration muscle volumes are combined and part of the MR fluid 
flow is directed from one muscle to the other through the MR valve. Accumulator 
compensates for the combined muscle volume changes during displacements. Reason 
for this is that with a high bulk modulus fluid system pressure would increase 
significantly with even small total volume changes. This configuration is more practical 
because it needs only one valve and control electronics for it. It also requires less MR-
fluid and smaller accumulator. This concept is fully theoretical and has not been tested 
in practise yet. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 4. Improved hydraulic connection using single valve and accumulator with 
four check valves. 

3. MODELLING  MAGNETORHEOLOGICAL MUSCLE DAMPER 

It is important to have working models of the muscle so that damped systems could be 
simulated and optimized. Good model of the muscle force generation is also important 
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for efficient control systems. Building a general model of a muscle damper is very 
challenging because there are many nonlinear subsystems involved. Most reliable way 
at the moment is to measure and identify every muscle separately. This is not very 
efficient and muscle model should be improved for usage high bulk modulus fluids.  

3.1. Volume model 

Most used volume equation for the muscle is derived from the fibre angles inside the 
muscle as shown in Equation 1. [3] 

where 

D  muscle inside diameter, 
L  muscle length, 
b  fibre length, 
n  number of fibre rounds going around the muscle, 
θ  fibre angle. 

 

Model assumes that fibre angles are constant throughout the muscle at certain 
contraction (length). This model is not very accurate description of the volume because 
muscle ends tend to round when muscle is contracted. Model is more inaccurate at high 
contractions and with short muscles where rounded ends of the muscle have bigger 
effect to total volume of the muscle. Muscle elasticity is also needed to take into 
considering when calculating precise volume. Only accurate method of evaluating 
contraction and pressure effects to muscle volume at the moment seems to be measuring 
muscle volume in different contractions and pressures. 

Small volume differences are not so significant when calculating pressure changes of 
the muscle which is operated with compressed air but when using muscle with MR fluid 
that has high bulk modulus volume error becomes significant. 

Volume models used in this study are simple constant angle models and they were used 
to select right size for accumulator and measure approximate volume changes of the 
system, not to model muscle pressure change. This volume model still gives us a good 
idea of total volume change when comparing single muscle and combined muscle 
volumes of two different hydraulic configurations of the damper introduced before. 

3.2. Pressure model 

 
∆

∆ ·
, 

where 

∆p pressure change, 
 

 
Bn bulk moduls. 

1
4 4 sin cos ,  (1) 

(2) 

V volume of the muscle,
∆V volume change, 
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From E t with high bulk modulus fluid an error in volume 
change r in pressure. 

re (< 3 MPa) all the gases dissolved and 

uscle force a “virtual work” argument can be used. This model is 
[3] and it says that force produced with the muscle can be described 

d
d

quation 3 it can be seen tha
 will cause significant erro

It should be noted that bulk modulus of MR fluid can not be considered as a constant 
value. When liquids are used under small pressu
mixed in them makes them more compressible than fluids under high pressure. In 
muscle damper pressure changes will have a significant effect to the bulk modulus of 
the liquid and this should be taken in to account when modelling this system. Different 
kind of bulk modulus models are discussed in a paper by Kajaste and Ellman [4]. 
However there is no research done what is the affect of bulk modulus compared to 
muscle material elasticity. 

3.3. Force model 

When considering m
explained by Chou 
by equation 4. 

 
, 

(3) 

here 

F muscle force, 
P’ relative pressure in muscle 

volume change of the muscle 
uscle length  

s m y losses inside the muscle. Volume change is often 
le geometry. This method can give inaccurate 

odelling section and will also have an effect to 

Non-commercial high speed magnetorheological valve with rectangular flow gap was 
lling MR valve is not discussed here but a 

n be found in a paper from Kostamo, J [1]. 

One often studied control strategy for semi active damping is so called skyhook 
dea of a skyhook damper is that a 
e mass mb to an imaginary hook in 

w

dV 
dL is axial change in m

Thi odel does not consider energ
approximated by muscle braid ang
approximations as explained in volume m
force models. Even this approximate force model would be efficient enough for most 
simulating purposes but it will need accurate pressure model to work.  

3.4. Magnetorheological valve model 

used in controlling the damping system. Mode
detailed model for this kind of valves ca

4. CONTROL STRATEGIES FOR MR MUSCLE 

damping introduced by Crosby and Karnopp [5]. I
passive damper could somehow be attached from th
the sky as shown in Figure 5 (hence the name skyhook). This way the direction of the 
force produced by the damper is always trying to prevent fast displacements of the mass 
no matter what kind of displacement is on the track. 
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This behaviour can be du tor and right kind of 
ontrol logic. Damping force can be controlled proportionally for example by a valve. 
igure 6 shows a single degree of freedom system where controlled velocity dependent 

 
Figure 6. [7] 

With semi-active adjustable dam of the ideal skyhook 
damper funct ic can be 
seen in Figure mass and 

 
Figure 7.  is absolute velocity of the 

 [7] 

Figure 5. Skyhook damping system[6] 

plicated with censors, fast linear actua
c
F
damping force is indicated by cs. 

Schematic of single dof base-exited system model

per it is not possible to have all 
ionality but it is still very effective strategy. Basic control log
 7. To work the controller needs absolute velocity of the sprung 

relative velocity between sprung mass and base. There are many different control 
variations of skyhook strategy that have been studied [6][7][8]. 

Skyhook damping force illustration where V1
sprung mass and V12 is relative velocity across the suspension
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This control strategy was used by Mehdi et al. in a very similar application as intended 
for MR muscle damper [7]. In their study a conventional LORD MR damper was used 
instead of muscle damper, but same principles should apply here. Challenge of using 
MR muscle damper is that it has spring like characteristics, non-linear force production 
depending of the position of the sprung mass and also non linear volume change in 
respect to length change of the muscle. This means that the control law will be more 
difficult to design if accurate damping force required. Skyhook control needs a sensor to 
measure relative velocity across suspension. Muscle force model needs pressure and 
position to calculate generated force. This same velocity sensor could be used to 
measure muscle contraction so no additional sensors are necessarily needed for 
controller to calculate approximate muscle force. 

5. M

amper measurements were made with one Festo DMSP-20-150N fluidic muscle that 

EASUREMENT SYSTEM 

D
was filled with LORD MR fluid. Muscle dimensions and properties can be seen from 
Table 1. 

Table 1. DMSP-20-150N muscle specifications [9] 

Nominal length 150 mm

Nominal inner diameter 20 mm 

Max. force 1500 N 

Max. pressure 600 kPa

Max. contraction 25 % 
 

Muscle was attached to a frame from top and connected to a hydraulic servo cylinder 
om. When muscle is pulled with the cylinder it extends 

aller. This forces MR fluid through the MR vale into 

cumulator has a volume of 0.32 l and is pressurized to ~200 kPa with nitrogen 
to ensure that mu ent arrangement 
is shown in Figure 8 and a ement sy hown in Figure 9. 

with a force sensor from the bott
and volume of the muscle gets sm
the accumulator. Magnetic field and threshold pressure of the valve can be adjusted with 
controllable current. When servo cylinder piston moves up it forces the muscle to 
contract and hydraulic accumulator forces fluid back to the muscle through a check 
valve. Ac

scle can contract properly. Diagram of this measurem
picture of measur stem is s
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Figure 8. lled with hydraulic 

servo cylinder. 

 
Figure 9. Measureme tached from servo 

cylinder. 

 

Excitation frequencies made with the cylinder were 0.1 and 0.2 Hz. Amplitude was 5 
mm (from 144 mm muscle length to 149 mm). Relative contraction was between 4 % 
and 0.7 % of nominal muscle length (150 mm). Reason for not measuring larger 

 it 
was contracted more. 

pecial non-commercial MR valve was used to control muscle pressure [1]. Muscle 

Measurement setup principle. One muscle contro

Muscle 
Accumulator 

nt system. In this picture muscle is de

contractions was that there was not enough MR fluid available to fill the muscle when

S
force was measured as a function of muscle contraction with different valve control 
voltages to find out whether muscle damping could be changed significantly. 

MR valve 

Force sensor 

Servo cylinder 
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Measurement data was then processed in Matlab to simulate the two muscle system 
described in Figure 3. This was done by shifting the position phase of measured muscle 
force by 180 degrees and reducing this force from original muscle force. 

ubfigures were 
measured by moving the muscle with 5 mm amplitude sinusoidal movement. Left 
subfigure shows response in 0.2 Hz frequency and right in 0.1 Hz frequency. Black 

steresis of a system where valve is controlled with 1.8 V and gray curve 
hile valve is fully opened. Lower left subfigure is measured with four 

 

are moved so that their contraction changes between 0 % and 20 % of nominal length. 
Volume model described by Equation 1 was used in the simulations.  

6. RESULTS 

Figure 10 shows force-displacement graphs of two muscle damping system that was 
calculated by measuring behaviour of one muscle and MR-valve. Upper s

curve shows hy
is measured w
different control voltages from zero to 1.8 V. Lower right subfigure is measured with 
low amplitude of 1 mm and 0.1 Hz operating frequency. Black curve shows forces 
while valve is fully closed by 10 V control voltage and gray while valve is fully open. 

Figure 10. Measured hysteresis diagrams of damper.  

Figure 11 shows simulated relative volume change of individual muscles (dash lines) 
and combined muscle volume change of two antagonistic muscles (solid line). Muscles 
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7. DISCUSSION 

In Figure 10 e om the area of the 
hysteresis loop. From the graph it can clearly be seen that it is possible to control MR 
with this method. From the same figure it can also be seen that centre of the loop can 

amping value with zero control. Reason for this is that forces in this 
contraction area don’t stretch the viscoelastic material of the muscle that causes 

re 
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Figure 11. Simulated muscle volume changes 

nergy dissipation caused by the damper can be seen fr

achieve smallest d

uncontrollable damping. This higher uncontrollable damping effect can be seen at the 
top and bottom ends of the zero control loop. This phenomenon can be best seen in 
lower right subfigure in Figure 10 where muscle is contracted near its nominal length. 
Muscle has a large hysteresis loop in both cases, when valve is fully open and when 
valve is closed (no flow trough valve). This means that most of the dissipation is caused 
by muscle materials and this can’t be controlled. When designing muscle dampers it is 
advisable to keep the muscles contracted more than 2 % at all times if possible. In 
normal working conditions maximum force of the damper should also be limited to half 
of muscle nominal force or less. This way uncontrollable damping can be minimized. 

Other phenomenon that can be observed from Figure 10 is that system stiffness 
increases with higher valve control voltage. This is a characteristic of McKibben type 
muscle and caused by the fact that muscle produces force as a function of both 
contraction and pressure. This means that it works as a spring even if pressure is kept 
constant inside the muscle. Muscle stiffness can be affected by changing the pressu
level of the system. In other words, MR muscle damper is not a pure damper but it also 
has a spring component build into it. This means that if muscle damper pressure level 
changes it can significantly change total system stiffness and will also affect the 
nominal frequency of the system. 

Maximum frequency is very limited in this particular setup and operating frequency 
could only be tested up to 0.2 Hz. Reason for this is that neither the valve nor piping 
between valve and muscle were optimized for high flow volumes. This caused a large 
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pressure loss with higher frequencies. Valve can easily be modified to have a higher 
flow gap and be attached closer to the muscle to improve damper dynamics.  

ases 40 %. 

o model 

r concludes that fluidic muscles filled with MR fluid can be used as semi-
active dampers. Muscle dampers provide stick-slip free force production but also have 
many challenges. They have limited pressure and force endurance and long strokes 

muscles compared to conventional hydraulic cylinders. Current 
dels proved to be inaccurate and volume modelling needs to be 

e very short response time. First actual damper will also be using 

scle damper is another promising application for fluidic muscles. It could be 

From volume simulation in Figure 11 can be seen that combined muscle volume (one 
valve configuration in Figure 4) is largest when damper is at centre position. 
Simulations give relative volume change of about 8 % when system is displaced 10 % 
from centre position. Single muscle volume increases about 25 % when it contracts 10 
% from centre position. When it is stretched to nominal length, volume decre
Volume simulations show that volume changes in system are higher when using 
separate muscles with individual valves. This means that when using combined muscle 
volume, instead two relatively large accumulators only one smaller is needed.  

Calculated single muscle volume change over whole 25 % movement for 0.150 m 
muscle with 0.020 m diameter is 0.059 l calculated with Equation 1. Actual volume 
change of the muscle in zero strain water tank test proved to be closer to 0.04 l. This 
shows that there is a significant error in currently used volume models, especially when 
modelling short muscles. With such high volume error it is not possible t
damper pressures and forces. Better volume characteristics are needed for modelling the 
system.  

8. CONCLUSION 

This pape

require very long 
muscle volume mo
improved before damper can be accurately modelled. This can be first done by 
measuring muscle volume in different pressures and contractions and it will be the next 
step in our work. 

Current muscle damper provides enough force so it can be tested for example in driver 
seat isolating system in automotive application. Muscle dynamics should be improved 
first by modifying MR valve to have bigger flow gap and bringing valve closer to the 
muscles. MR valve is very fast and if flow dynamics can be improved enough muscle 
damper could hav
combined muscle volume because of the benefits of that configuration described in this 
paper.  

Skyhook control and optimization of damper parameters are also in our future focus. 
This requires more accurate models of the system and that still needs to be developed. 
Effect of changing damper stiffness to total system dynamics is another area of interest 
that should be studied with simulations. 

MR mu
used in human comfort related vibration control applications where critical frequencies 
are low and maximum forces are limited. 
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ABSTRACT 

Mobile hydraulic valves are used in a large variety of different machines and appli-
cations. Therefore the requirements concerning the valves vary significantly, especially 
concerning the valve dynamics but also handling negative pressure caused by 
overrunning loads. Necessary test series in target applications are often expensive and in 
some cases hardly realizable. An approach for testing valves in an early stage of 
development is Hardware-in-the-Loop (HiL) simulation. The prototype of the new valve 
and the dedicated hydraulic power supply are built up on the test bench. The hydraulic 
load, which will be driven by the prototype, is simulated by a software model. To 
control the hydraulic states, given by the simulated hydraulic load, an additional 
hydraulic power supply is provided. The pressure values at the working ports of the 
prototype are controlled by electro-hydraulic servo-valves. In order to achieve negative 
pressure, a separate negative pressure source is necessary as well as additional and 
appropriate control valves. By changing the virtual load, it is easily possible to test the 
prototype within a large variety of realistic application scenarios. This article presents 
one possible realization of an HiL-simulation and an extension for simulating negative 
pressure. 

KEYWORDS: hardware-in-the-loop (hil), mobile valves, negative pressure, hydraulic 
state control, overrunning loads, virtual hydraulic load, valve test 

1. INTRODUCTION 

Mobile hydraulic valves are designed for a wide range of applications with diverse 
dynamic and static requirements for the valves. This large number of requirements has 
to be taken into account already during the process of development. Unfortunately it is 
difficult to predict the interaction of the mobile hydraulic valve with its later 
application, which may consist of different hydraulic, mechanical and electronic parts. 
As a result, a lot of different extensive and expensive field tests have to be done in order 
to satisfy the requirements. In order to fasten the design process and lower the 
development expenses, the concept of Hardware-in-the-Loop (HiL) simulation is used. 
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The fundamental approach of this concept is to replace the target application by a 
simulation model. By simply changing the simulation model, the valve can thus be 
tested in different scenarios. Field measurements can also be readjusted with suitable 
simulation models to figure out difficulties in hydraulic systems using the improved 
possibilities of investigation at a test bench. The method of HiL-simulation has been 
proven to be an effective tool in testing new devices during the process of development. 
It is a widely used tool in the automotive sector [1] and is increasingly used for the 
development of hydraulic applications [2, 3]. Some introductory and general work about 
HiL-Simulation is given by Gomez [4] and Ledin [5]. An HiL-simulation consists of 
two basic components: the real hardware and a real time processing unit for simulating 
the load. Due to the interdisciplinary utilization, a variety of different real-time 
processing units is commercially available [6-8]. The hardware is usually designed by 
the developing department. It consists of the test item in combination with a specific 
interface to connect it to the simulation. The segmentation and different possibilities of 
designing an HiL-simulation for testing hydraulic valves are discussed in section  2. The 
realization of an HiL-simulation for testing hydraulic valves at positive pressure, 
including the control algorithm, the simulation model and results, is presented in section 
 3. Pressure can be measured in an absolute scale or relative to atmospheric pressure. 
 Figure 1 shows both scales next to each other for an atmospheric pressure of patm = 0.1 
MPa. For hydraulic systems usually the notation of gauge pressure is used, as motion 
results from the pressure difference to atmospheric pressure. Although undesired, 
pressure below atmospheric pressure may also occur in hydraulic systems. This is 
caused by overrunning loads which expand the oil due to their mass and inertia. The 
expression negative pressure is a notation of relative pressure and denotes pressure 
values below atmospheric pressure. It is an explicit term for pressure below atmospheric 
pressure and considers the change of direction in resulting forces. It is therefore used 
throughout this work. 

 
Figure 1. Absolute and gauge pressure for patm = 0.1MPa absolute. 

The fluid properties of negative pressure are affected by negative pressure significantly. 
At atmospheric pressure, dissolved air is released by the pressure drop and the bulk 
modulus is lowered through the higher compressibility of now undissolved air. 
Entrapped air can cause mechanical damages in valves due to missing hydraulic 
damping. Consequently, it is essential to test hydraulic valves for their handling of 
negative pressure or mechanisms to avoid negative pressure. Section  4 provides 
examples for negative pressure in hydraulic systems and the design of a negative 
pressure supply is proposed. Section  5 offers a conclusion of the presented method. 

2. DESIGN OF HIL-SYSTEMS 

The main idea of this HiL-simulation is to easily exchange the driven load by only 
changing the simulation parameters. Therefore, a simulation model and an interface to 
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the test valve have to be established in order to replace the real system. The left design 
of  Figure 2 shows a hydraulic valve with a hydraulic load. 

 
Figure 2. Left side: Test valve in combination with a hydraulic load.   

 Right side: Test valve in an equivalent HiL-system. 

On the right side of  Figure 2 the design of the equivalent HiL-system is shown. It is 
divided into the simulation part and the hydraulic interface and is the virtual 
representation of the hydraulic load, namely the virtual load. The hydraulic interface has 
to be capable of sensing the hydraulic states and pretending to be the desired load. The 
reaction of the driven load is computed by the simulation model in dependence on the 
test valve’s behaviour. In return, the influence of the load on the test valve has to be 
assigned to the working ports of the test valve by the hydraulic interface, thus, closing 
the loop. For exchanging information between simulation model and hydraulic 
hardware the two hydraulic states ‘pressure’ and ‘volume flow’ are used. Both need to 
be measured, while one is used as input and the other one as output of the simulation 
model. Therefore, there are two possible combinations, resulting in either a volume flow 
or a pressure control for the hydraulic interface. The software realization has to contain 
an appropriate simulation model and needs to be run in real-time, with reaction times 
similar to the real application. As this is a general task in HiL-simulations there are 
several platforms providing the interfaces and processor power. For the approach 
described in this paper the dSPACE real-time environment has been used. How to 
reasonably design the hydraulic interface is presented and discussed in the next section. 

2.1. Comparison of different hydraulic interfaces 

Basically there are three different approaches of realizing the described hydraulic 
interface. In each case a separate pressure source is needed in order to provide the 
necessary power supply for running the simulated load. One approach is to realize the 
simulated load by hydraulic cylinders as it has been proposed, for example, by Helduser 
et al [9] for the design of a tilt technology in rail vehicles. The advantages are high 
dynamics and an accurate control while even negative pressure can be reproduced with 
an appropriate control of the cylinder. Although this is of high benefit when simulating 
translation loads, it is not possible to simulate rotational loads as the traverse paths of 
the cylinders are restricted. Another possibility, as proposed by Driscoll [10], is using a 
combination of a hydraulic pump and a motor. This approach is well suited for 
simulating rotational loads and it is also possible to simulate translational loads and, 
under certain constraints, negative pressure values. Its main disadvantage is that the 
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hydraulic pump-motor combination has to overcome its own inertia and so the dynamic 
behaviour of the simulated load is restricted. Probably the most relevant work to create 
a general purpose HiL-Simulator for testing hydraulic valves has been done by Ramden 
et al [11, 12]. To control the hydraulic states they used servo valves. As the cut-off 
frequency of servo valves is relatively high, fast dynamics as well as rotational and 
translational loads can be reproduced. Therefore, as can be seen in  Figure 3, each 
working port of the test valve is connected to a control valve. The pressure and the 
volume flow at the working ports of the test valve are measured. The volume flow is 
used to compute the system’s behaviour of the simulated load. The computed desired 
pressure values of the simulation model are now adjusted to the working ports of the 
test valve by the control valves. However it is not possible to realize negative pressures 
within this setup as there is only a positive pressure source. The aim of this work is to 
extend the proposed principle so that negative pressure can be reached and simulated 
via a Hardware-in-the-Loop Simulation.   

 
Figure 3. HiL-System with control valves 

3. HIL-SIMULATION AT POSITIVE PRESSURE 

An HiL-System has been developed which follows mainly the principle depicted in 
 Figure 3. For the information exchange between the simulation and the real system, the 
volume flow is measured by a gear type flow meter and fed to the simulation model, 
returning the desired pressure value. This measurement technique is very precise but 
causes a constant pressure drop to the system. Additionally, it is restricted to dynamics 
below 100 Hz, which is nevertheless sufficient for most applications. Another possible 
solution is to measure the differential pressure across the control edges and the spool 
opening rate of the control valve. In combination with a beforehand measured look-up 
table the volume flow can be deduced. Though the accuracy of this method decreases 
through small volume flows and pressure drops. In the following the used pressure 
control, the simulation model, and the HiL-simulation are presented. 
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3.1. Control Algorithm 

To control the pressure at the two working ports of the test valve as shown in  Figure 3, 
a pressure controller has to be designed, which is used for both ports. This section is 
meant to provide a short introduction to the basic controller concept. Therefore, an 
extensive derivation cannot be taken into account. The controller consists of a feed-
forward and a feedback control, following the principle of system inversion. Each pipe 
to the working port of the test valve is modeled as a hydraulic capacity in equation (1), 
and the control valves spool dynamics as a first order lag element in equation (2). 

    tQpsC tvcv 
V
K 

dt
dp  (1) 

 su 
T
1 

dt
ds  (2) 

 

The used physical parameters are: 
p  Pressure in pipe.  

K  Effective bulk modulus. 

V  Volume of the pipe. 

)(sCcv  Flow coefficient in dependence on  (bilinear function). s

s  Normalized spool position of control valve. 

p  Pressure drop across control valve. 

 tQtv  Volume flow through test valve. 

T  Time constant for spool dynamic of control valve. 

u  Normalized input to control valve, desired spool position. 

None of the information about the test valve itself can be used, as it has to be 
exchangeable and, thus, the control has to be robust concerning test valve changes. The 
volume flow through the control valve in equation (1) is modeled as an orifice and the 
flow through the test valve is measured. The system’s output and the variable to be 
controlled is the pressure p, where the actuating variable is the control valve’s input u. 
The system is a so called flat system, first defined by Fliess et al [13]. This means that 
with z = p the equations (1) and (2) can be reformulated and u can be expressed in 
dependence on z and its derivatives: 

 zzzu ff ,,  (3) 

which is used to design a flatness based feed-forward control as proposed in 
Hagenmeyer and Zeitz [14], with z being the desired pressure value. The feedback 
controller is a linear PID-controller, multiplied by a state dependent factor to provide 
linear access for the controller to the system. Thus, the controller adds the feed-forward 
controller uff  and the feedback controller ufb, resulting in: 

fbff uuu   (4) 
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3.2. Simulation Model 

For the HiL-simulation a blower driven by a hydraulic motor is modeled. Several 
measurements of the test valve load combination as shown in  Figure 2 have been taken 
and the physical parameters have been identified with a least-square method. The model 
consists of an inlet and an outlet pipe, modeled as hydraulic capacities and the blower 
inertia damped by hydraulic and air friction. Please refer to, for example, Jelali et al [15] 
for the derivation of the basic equations. A sketch of the simulation model is shown in 
 Figure 4 and the simulation model can be written in the following way: 

 motin
in

in QQ
V

K
p   (5) 

 outmot
out

out QQ
V

K
p   (6) 

 21  dC
I

  (7) 
Figure 4. Simulation 

model. 
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And the used parameters are: 

outin pp ,  Pressure at in- and outlet pipe. 

outin VV ,  Volume of in- and outlet pipe. 

outin QQ ,  Volume flow into inlet pipe and out of outlet pipe. 

motQ  Motor inlet flow rate. 

K  Effective bulk modulus. 

  Rotational speed of blower. 

I  Inertia of the blower. 

  Torque of the hydraulic motor. 

dC,  Kinetic friction and drag friction coefficients. 

LC  Leakage laminar flow coefficient. 

motV  Displacement volume of hydraulic motor. 

In equation (5) the inlet pipe is modeled as a hydraulic capacity with inlet and outlet 
volume flow, which is the same as the flow rate of the motor. The flow rate of the motor 
is formulated in equation (8). It is determined by the motor displacement with the 
rotational speed and some laminar leakage flow. The outlet pipe is described by 
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equation (6), which is modeled similarly to the inlet pipe. If the outlet of the motor is 
directly connected to the return line, the outlet pressure can be assumed to be constant 
and therefore equation (6) can be omitted. Equation (7) describes the rotational speed of 
the hydraulic motor and the blower. It is driven by the motor torque described in 
equation (9) and damped by rotational speed dependent mechanical friction μ and air 
resistance Cd.  

3.3. HiL-simulation 

An HiL-simulation has been performed with the introduced controller and the identified 
simulation model. At t = 0s the test valve is actuated and its volume flow is set to 18 
l/min.  Figure 5 shows a depiction of the rotational speed of the blower, in which the 
measurement of the real system and the simulated rotational speed are depicted. 
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Figure 5. Rotational speed of blower in reality and as HiL-simulation. 

The rotational speed of the real blower has been measured by an incremental sensor, 
introducing a phase shift to the measurement. Therefore, the real rotational speed lies 
before the depicted, bringing the measurement and the simulation even closer together. 
Further the rotational speed of the HiL-simulation lies a bit above the actual measured 
data, but still, the frequency of the oscillating blower fits. The oscillations in the 
rotational speed are correlated to pressure oscillations, which can be seen in  Figure 6. 
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Figure 6. Pressure of blower in reality and as HiL-simulation. 

During the start-up phase the HiL-simulation pressure data is unsettled. The test valve 
contains check valves which are usually inactive, but close if the system pressure is 
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higher than the supply pressure in order to avoid backflow. For the real blower the 
system pressure is constrained by the supply pressure. Therefore, the check valves are 
inactive. For the HiL-simulation, which has a separate pressure supply, higher system 
pressure can easily be achieved. Thus the check valve opens and closes at this working 
point, resulting in a sensitive pressure response. 

4. NEGATIVE PRESSURE SIMULATION 

4.1. Negative pressure in hydraulic applications 

In the following, two examples for overrunning loads will be given in order to motivate 
the development of an HiL-System with negative pressure simulation and to outline the 
necessary performance. In  Figure 7 the time response of a blower driven by a hydraulic 
motor is depicted. At t = 5.5s the volume flow is reduced from 40 l/min to 20 l/min. Due 
to its inertia the blower works as a pump until the rotational speed drops and the blower 
stabilizes. During this time the pressure in the inlet pipe drops below the atmospheric 
pressure. When increasing the volume flow, the oil has to overcome the blower’s inertia 
(t = 13.5s), resulting in a back pressure. Therefore the blower is overdriven and acts 
again as a pump, resulting in a negative pressure until it stabilizes. It can be seen that 
negative pressure occurs at relatively high volume flows even though the time period is 
short.  
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Figure 7. Negative Pressure caused by rotating blower for varying volume flow. 

Another example for negative pressure in hydraulic applications is a tractor front hitch. 
The hitch is loaded with a mass m = 1500 kg resting at its upper end position and is 
lowered at t = 0s. It is controlled by a valve connected to the cylinder’s piston side A, 
and the rod side B. The lowering of the hitch is done for three different volume flows, 
which are 2 l/min, 4 l/min and 8 l/min, controlling the movement speed. The oil on the 
A-side of the cylinder is displaced through the masses’ weight, while on the B-side the 
pressure drops due to the positive change of volume and an insufficient feed flow. The 
time response of the pressure on the B-side of the cylinder is shown in  Figure 8. The 
time period during which negative pressure is maintained in the system depends on the 
movement speed of the load. For a volume flow of 2 l/min the negative pressure lasts 
for 45s. The pressure rises to positive values when the driving mass of the front hitch 
reaches the ground and the feed flow increases pressure. 
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Figure 8. Negative pressure in cylinder at port B caused by moving mass for 

different feed flows. 

4.2. Concept of the negative pressure supply 

In order to implement negative pressure in an HiL-simulation two basic objects have to 
be realized, the generation of negative pressure and an interface to apply the negative 
pressure to the test valve. The negative pressure source can be seen in  Figure 9 (blue 
box). An accumulator with a volume of 150 l is used in combination with two pumps, a 
vacuum pump and a hydraulic screw pump in order to create and maintain a negative 
pressure. The accumulator works as a reservoir for negative pressure. The vacuum 
pump evacuates the air in the accumulator, resulting in negative pressure. The screw 
pump evacuates any oil that enters the accumulator. The level of oil in the accumulator 
is supervised by a sensor and controlled through the screw pump. Fluctuations in the 
volume flow can be compensated due to the large volume of the accumulator. An extra 
access has to be created to apply the negative pressure to the system despite of high 
volume flows. Thus, two pre-fill valves ( Figure 9, orange box) are attached to each port. 
They provide an almost unresisted flow and work like check valves but can be 
hydraulically unlocked by two pilot valves ( Figure 9, green box). As the pressure in the 
accumulator is always smaller than the system pressure, the pre-fill valves are closed in 
steady state and the system works as usual. To open the pre-fill valves the pilot valves 
have to be enabled. Because of internal area ratio of the pre-fill valves, the system 
pressure has to be four times smaller than the pilot pressure. After opening the pre-fill 
valves, the working ports of the test valve are evacuated and the pressure drops to 
negative values. 
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Figure 9. Negative pressure supply. 

4.3. Specification of the negative pressure supply 

In this section, experimental data and the specifications of the designed negative 
pressure supply are presented. Constant negative pressure values of down to -0.095 
MPa relative can be reached (not shown). In  Figure 10 the turn-on characteristics of the 
newly designed negative pressure supply is shown. The graph shows five different time 
responses which differ in the initial pressure value. At t = 0s the electrical signal to the 
pilot valve is sent and the control valve is set to a static return flow position. 
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Figure 10. Turn-on characteristics of negative pressure supply for different initial 

pressure values. 
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The pressure is released through the control valves and drops to negative pressure when 
the pre-fill valves open at approximately t = 0.12s; as can be seen in the enlarged 
depiction. The time until the pre-fill valves open and negative pressure appears is 
almost independent of the initial system pressure as it can be degraded fast by the 
control valves. The opening time of the pre-fill valve is composed of the response time 
of the pilot valve and the time until the pilot flow shifts the pre-fill valve to open 
position.  The closing of the pre-fill valves also takes approximately 0.12s (not shown). 
Naturally, the time until the pressure rises to positive pressure depends only on the 
volume flow into the pipe segment. The pressure drop across the pre-fill valves at 100 
l/min is smaller than 0.02 MPa and, therefore, the design is well suited to reach negative 
pressure despite of high volume flows.  

5. CONCLUSION 

In this paper the capabilities of HiL-simulation to test mobile hydraulic valves in an 
early stage of development have been presented. An extension of the existing principle 
to realize negative pressure has been proposed. The combination of an accumulator and 
pumps is capable to reach negative pressure in a stable way, despite of existing feed 
volume flows. Through the storage volume of the accumulator also high volume flows 
can be absorbed. The proposed negative pressure supply is therefore capable of 
simulating overrunning loads of translational and rotational character. The switching 
time of the used pre-fill valves, with 120ms, is sufficient for many applications. 
However, for some applications pressure may drop even faster. The switching time of 
the pre-fill valves consists mainly of a dead time whereas the gradient of the pressure 
drop is steep. As a consequence, a look-ahead function may be realized to shorten the 
time delay. The current research involves the adaptation of the pressure control in a way 
that enables the controlling of the transition from positive to negative pressure and vice 
versa. For controlling the pressure at low pressure two actuators are now available. 
Hence, the existing control has to be extended in a way that both actuators cooperate 
effectively. Furthermore, the effect of undissolved air to the bulk modulus will be 
considered for the simulation models. The aim of this research will be the realization of 
HiL-simulations for overrunning loads, including negative pressure. 
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ABSTRACT 

This paper presents a method to compensate unknown dead zone on a proportional 
mobile control valve. A dead zone usually appears over a range of small input values 
around  a  zero  point  for  which  a  valve’s  output  does  not  respond.  Typically,  the  dead  
zone is not constant and many factors have an effect to the dead zone which means that 
the dead zone tends to vary over time. Therefore it is difficult to find such a set of fixed 
parameters that compensates the dead zone over the operation conditions. Adaptive 
dead zone inverse is needed to monitor and compensate dead zone on a changing 
operating conditions.  

KEYWORDS: adaptive, dead zone, compensation, mobile valve, hydraulics 

1. INTRODUCTION 

Control systems have often actuator uncertainties and nonlinearities such as dead zone, 
backlash, hysteresis, or some other characteristics which can limit system performance. 
This paper has focus on dead zone and dead zone compensation. Dead zone 
characteristics are encountered in many physical components of control systems. They 
are particularly common in actuators, such as hydraulic proportional valves. In 
proportional valves, dead zone is used for safety reasons and it also reduces leakages 
over the spool which increases efficiency of the valve. A dead zone usually appears 
over a range of small input values around a zero point for which a valve’s output does 
not respond [1]. Dead zone characteristics are usually poorly known and may vary with 
time. A common method to compensate dead zone nonlinearities is to identify dead 
zone characteristics offline and use identified constant parameters to cancel dead zone 
effects [2]. This method efficiently compensate the dead zone nonlinearities if the dead 
zone parameters are constant, which they usually aren’t. 

Mobile machines are typically controlled manually with mobile directional control 
valves without closed loop controller [7]. In these mobile valves dead zone is used to 
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prevent unwanted movements of actuators. Nevertheless, nowadays it is becoming more 
common to control mobile machines in closed loop with a controller. Usually control 
application needs a servo valve without dead zone to achieve the desired accuracy. 
However, efficiency of servo valves is lower than with mobile valves, which is the 
reason why servo valves are not suitable for mobile machines. Therefore, we need a 
method to improve the characteristics of mobile valve to be used in control application. 
In order to achieve good accuracy the dead zone must be compensated. In this paper the 
focus is on adaptive dead zone compensator together with a basic closed loop controller 
which makes it possible to use proportional mobile valves in control applications.  

The most common way to describe a dead zone in hydraulics is where dead zone and 
dead zone inverse is described with four parameters [6]. These parameters are break 
points, or system input values between which the system does not respond at all, and 
slopes of the system’s response outside of the break points. These four parameters are 
adaptively updated to improve the performance of the proportional valve. An alternative 
method to describe the dead zone is multi-segment piecewise-linear method [4]. In this 
method, the dead zone is divided into multiple segments and each segment has its own 
slope gain. When the dead zone inverse is constituted this way the dead zone can be 
cancelled more precisely.  
Simulations carried out in this paper predicted quite good system tracking for both 
methods, even though the initial dead zone parameters were set away from the true 
parameters. At the beginning of the simulations there is a notable tracking error but after 
a short transient period, tracking error converges between some boundaries. 
Performance of the adaptive dead zone inverse was tested in a single axis mock-up with 
proportional mobile valve and double acting hydraulic cylinder. Dead zone inverse were 
added in to the control loop between closed loop controller and the proportional mobile 
valve. Results shows that even small inaccuracies in dead zone parameters can lead to a 
significant tracking error on steady state which cannot be decreased by tuning the closed 
loop controller. Adaptive dead zone compensation allows using smaller closed loop 
controller gains and therefore improves stability and accuracy of the controller. 

2. PROBLEM STATEMENT 

Consider the plant with a linear part ( ) and a dead zone nonlinearity, denoted as 
( ), at its input, as shown in Figure 1. The plant and the nonlinearity input-output 

relationship can be expressed as follows [3], 
 ( ) = ( )[ ]( ), ( ) = ( ( )) (2.1) 

where ( ) is the accessible input and ( ) is the measured output and ( ) = ( )
( )

 
with ( ) and ( ) being monic polynomials in : [ ]( ) = ( + 1) and  is a 
constant gain. 

2.1. Piecewise-linear dead zone 

Piecewise-linear dead zone characteristic [6] ( ) is described as 
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( ) = ( ) =

( ( ) ),   ( ) ,
0,                  < ( ) < ,

( ( ) ),   ( ) ,
 (2.2) 

where > 0, 0, > 0, and 0 are unknown parameters. 

 
 

Figure 1. Plant model with piecewise-linear dead zone nonlinearity. 

2.2. Multi-segment piecewise-linear dead zone 

Multi-segment piecewise-linear dead zone (Figure 2) characteristic [5] ( ) is 
described as 

( ) = ( ) = 
( ),                                                                          0 ( )

( ( ) ) + ,                                       < ( )
( ( ) ) + ( ) + ,     < ( )

…                                                                                     …                                  
( ) ( ) + ( ) ,  ( ) > ( )    

( ),                                                                           ( ) < 0    
( ( ) ) + ,                                          ( ) <  
( ( ) ) + ( ) + ,         ( ) <  …                                                                                      …                                 

( ) ( ) + ( ) ,  ( ) < ( )      

  
(2.3) 

where > 0, for = 1, … ,  and > 0, and > 0, for = 1, … ,  and > 0, are 
unknown constant parameters for multi-segment piecewise-linear dead zone and , 
for = 1, … , 1, and , for = 1, … , 1, are known break points. 

 
Figure 2. Plant model with multi-segment piecewise-linear dead zone nonlinearity, 

where = 4, and = 4.
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3. INVERSE DESIGN 

In control scheme, an inverse ( ) is to be used to compensate the nonlinearity ( ) : 
( ) = ( ( )), which is parameterized by a parameter vector  and where ( ) 

is a reference control signal. The inverse is later used in an adaptive scheme to cancel 
the nonlinearity. In this paper we will introduce two different inverse schemes, one for 
piecewise-linear dead zone and one for multi-segment piecewise-linear dead zone. 

3.1. Multi-segment piecewise-linear dead zone inverse 

Multi-segment piecewise-linear dead zone inverse can be described as follows [4],  

( ) = ( )  

=

( ) ,  0 ( )
( ) + ,  < ( )

( ) ( ) + ,  < ( )
… …

( ) ( ) + ( ),  ( ) > ( )

( ) ,  ( ) < 0
( ) + ,  ( ) <

( ) ( ) + ,  ( ) <
… …

( ) ( ) + ( ),  ( ) < ( )

  
   (3.1) 

where = ( ) + , and = ( ) +
 and which cancels the dead zone effect, that is 

 ( ) = ( ( ) = ( ). (3.2) 

The dead zone parameter vector =  is defined as 
 = ( , , … , , , , … , )  . (3.3) 

In order to parameterize the dead zone inverse control error ( ) ( ), we define the 
regressor vector  
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( ) =  

( ) +

( ( ) ) + ( )

( ( ) ) + ( )

( ( ) ( ))

( ) +

( ( ) ) + ( )

( ( ) ) + ( )

( ( ) ( ))

 (3.4) 

with indicator functions 

 = 1, 0 ( )
0, ,  (3.5) 

 =
1, ( ) < ( )
0, ,

 (3.6) 

 =
1, ( ) > ( )
0, ,

 (3.7) 

 = 1, ( ) < 0
0, ,  (3.8) 

 =
1, ( ) < ( )
0, ,

 (3.9) 

 =
1, ( ) < ( )
0, ,

 (3.10) 

where = 2, … ,  and = 2, … , . 

With the inverse ( ) defined in    (3.1), the control error is 
 ( ) ( ) = ( ( ) ) ( ) + ( ), (3.11) 

where ( ) is bounded and ( ) = 0 if = . For parameter adaptation the 
adaptive inverse can be expressed as 

 ( ) = ( ) ( ). (3.12) 

3.2.  Piecewise-linear dead zone inverse 

Piecewise-linear dead zone inverse characteristic ( ) is described as [6], 
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which satisfied (3.2) so that ( ) = ( ). The dead zone parameter vector is defined as 
 = ( , , , ) . (3.14) 

Now we need to define a regressor vector, so that we can parameterize the control error, 

 ( ) = ( ( ) ( ), ( ), ( ) ( ), ( ) , (3.15) 

with indicator functions 
 ( ) = 1, ( ) ,

0, otherwise,

( ) = 1, ( ) ,
0, otherwise.

 (3.16) 

Then, the control error is (3.11) and the adaptive inverse can be expressed as (3.12). 

4. ADAPTIVE UPDATE LAW 

To develop an adaptive update law for dead zone parameters ( ) [6], we need an 
error model for parameter error. For the desired output ( ), we introduce the tracking 
error 

 ( ) = ( ) ( ), (4.1) 

and tracking error equation is 

 ( ) = ( ) ( ) + ( ), (4.2) 

where ( ) = ( )  and ( ) = ( )[ ]( ). Because the parameter error in the 
tracking error equation appears at the input of the plant model, it makes it difficult to 
minimize the tracking error equation (4.2). Therefore, we need to define the estimation 
error [6] with respect to the parameter estimate ( ), 
 ( ) = ( ) + (t), (4.3) 

where  
 ( ) = ( ) ( ) ( ) ( ), (4.4) 

 ( ) = ( )[ ]( ), (4.5) 

as widely used in an adaptive control of plants with nonlinearities. In order to apply 
gradient method [6], we need to define the cost function 

 ( ) =
1
2 , (4.6) 

and then the gradient method adaptive update law for ( ) is [6] 
 

( + 1) = ( )
( )

( )
, (4.7) 

 

( ) = ( ) =

( ) ,   ( ) > 0,

0,                   ( ) = 0,
( ) ,    ( ) < 0,

 (3.13) 
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where  is an adaptation gain chosen as 

 = , … , , , … , , (4.8) 

with 0 < < 2, for = 1, … ,  and 0 < < 2, for = 1, … , . In equation (4.7), 
( ) is a design signal to ensure that parameter update ( + 1) ( ) is bounded. It 

can be derived from the equation (4.6) that 
 

= , (4.9) 

and for the design signal, one can choose 

 ( ) = 1 + ( ) ( ). (4.10) 

Above described method for adaptive update for dead zone inverse parameters apply to 
either one adaptive inverse schemes, multi-segment piecewise-linear method and 
piecewise-linear method. 

4.1.  Parameter projection 

For parameter projection, the dead zone inverse parameter boundaries are 
 , and , (4.11) 

where = 1, … ,  and = 1, … , . This constraint condition, as dead zone parameters in 
(3.3), is 
 [ , ], (4.12) 

where = 1, … , ( + ) and 
 

=
,         

( ),   > , and =
,        

( ), >  (4.13) 

To construct a gradient-projection algorithm for dead zone parameters update, we 
modify the adaptive law (4.7) for ( ) 

 ( + 1) = ( ) + ( ) + ( ). (4.14) 

Here, 

 
( ) =

( )

( )
= ( (t), … , (t)) , (4.15) 

with , / , and ( ) in (4.8) - (4.10), and the th component of the modification 
term ( ) is 

 
( ) =

0,                                         ( ) + ( ) , ,
( ) ( ),       ( ) + ( ) > ,
( ) ( ),       ( ) + ( ) < ,

 (4.16) 

for = 1, … , ( + ). 
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5. TEST BENCH AND MEASUREMENT RESULTS 

The hydraulic actuator upon which all tests are conducted is shown in Figure 3. 
Powered by a hydraulic pump, the actuating system operates with the fluid pressure of 
21 MPa. The movement of the Hydoring HD 6020 hydraulic cylinder (63/36-500) is 
controlled by a Parker L90LS mobile directional control valve with the flow capacity of 
max 90 l/min. The valve accepts analog control commands from Parker PWD00A-400 
electronic control module which converts the analog voltage commands to currents, 
from control PC equipped with a dSPACE DS1103 PPC controller board. The 
displacement of the actuator is measured with a rotary incremental encoder (3338 
puls/mm) and the chamber pressures and supply pressure are measured by Druck PTX 
1400 pressure transmitter sensors located at each side of the cylinder. 

 
Figure 3. Hydraulic test station on which all experiments were performed. 

 

In order to study the performance of the adaptive dead zone inverse, we consider the 
above mentioned test station with unknown dead zone at the input of the control valve. 
The reference model ( ) for an adaptive dead zone inverse were conventional second 
order system with flow gain , 

 ( ) = , (5.1) 

where  is natural frequency of the test system and  is natural damping of the test 
system. 

5.1. Dead zone parameter identification 

For the parameter identification, the known break points for the multi-segment 
piecewise-linear adaptive dead zone inverse were, 
 = (0,05; 0,10; 0,20; 0,30; 0,35; 0,40; 0,45; 0,50; 0,55) ,

= (0,05; 0,10; 0,20; 0,30; 0,35; 0,40; 0,45; 0,50; 0,55) ,
 (5.2) 
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and the number of segments is ten for both sides, positive and negative. 

The input control signal for each measurement was 
 ( ) = 0,12 sin( ). (5.3) 

From  Figure  4  we  can  see  that  the  velocity  tracking  error  will  convert  inside  some  
boundaries with both adaptive schemes. Measured results indicate that the convergence 
speed is much faster with piecewise-linear adaptive dead zone compensation than with 
multi-segment piecewise-linear adaptive dead zone compensation.   

 
Figure 4. Velocity tracking error ( ) ( ), for multi-segment piecewise-linear 

and piecewise-linear dead zone compensation for ( ) given by (5.3). 
 

Adaptive dead zone inverses were also examined in the case of a spool offset changed 
of the control valve. The initial values of the dead zone compensation parameters were 
from former tests. The tests were run with the same sinusoidal signal, as in other tests. 
During the tests,  the offset  was added to the spool control signal.  Measurements show 
that the adaptive dead zone compensation can undo the offset change of the spool.  

 
Figure 5. Velocity tracking error ( ) ( ), for multi-segment piecewise-linear 

dead zone compensation for ( ) given by (5.3) with rapid offset change in a 
spool position of the valve. 
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Figure 6. Velocity tracking error ( ) ( ), for piecewise-linear dead zone 

compensation for ( ) given by (5.3) with rapid offset change in a spool 
position of the valve. 

 
Figure 5 and Figure 6 shows the measurement results for both adaptive compensation 
schemes. Figures show that the multi-segment piecewise-linear algorithm is slower but 
more  accurate  and  simpler  algorithm  is  in  turn  faster,  but  not  so  accurate.

5.2. Performance of the dead zone inverses 

In control applications, dead zone compensation is very important in order to improve 
accuracy. Therefore, the dead zone compensation was also tested in closed loop control 
with  Pt1  position  controller.  In  these  tests,  dead  zone  parameters  were  not  adaptively  
searched, but the parameters were from separate measurements. For all measurements, 
controller parameters are held constant then the results do not show controller 
parameters influence to the positioning accuracy. Excitation signal for the 
measurements was a step signal.  

 
Figure 7. Step response from 0.1m to 0.25m. 
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Figure 8. Step response from 0.25m to 0.1m. 

Figure 7 and Figure 8 shows measurements of step responses. Figures clearly show that 
the dynamic behaviour of both compensation schemes was somewhat similar, but there 
is huge difference in steady state behaviour. Piecewise-linear compensation will 
oscillate around a desired position, but multi-segment piecewise-linear compensation 
does not oscillate. 

6. CONCLUSION 

The purpose was to improve the low-cost mobile directional control valve operation so 
that the valve could be used for precision control applications, instead of expensive 
servo valves. General features of mobile valves are a large dead zone and the non-
linearity outside the dead zone break points. This study examined two different adaptive 
methods for compensating the dead zone. Parameters for compensator were adaptively 
updated which does not need any prior knowledge of the parameters. Experiments 
shows, that the multi-segment piecewise-linear adaptive dead zone inverse works better 
than piecewise-linear adaptive dead zone compensation. This is because of the mobile 
valve non-linearity, which can be compensated better with multi-segment piecewise-
linear compensator. In summary, the dead zone compensation can be used to improve 
operations of low-cost mobile directional control valve significantly, which allows the 
use of valve in control applications. 
In our future work the research will continue to improve the robustness and 
performance of adaptive dead zone compensator and to extend the number of degrees of 
freedom to obtain practical hydraulically actuated multi-body mechanism suitable for 
mobile work machines such as the one needed in forest machine industry or mining 
industry.  
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ABSTRACT 

Hydraulics forms part of the most important tool sets of a working machine, such as a 

tractor, and defines to a high degree the efficiency, the reliability and the comfort of use. 

Modern highly sophisticated engines are equipped with electro hydraulic components 

controlled via PWM, and more recently and frequently via CAN –Bus. The control of 

these components is mainly carried out with pilot valves including electromagnetic 

solenoids or switching valves. An alternative to this dominant design is direct actuation 

where an electrical motor directly moves the spool of the valve without hydraulic 

amplification. For many years, this concept has been applied with Open Loop 

Controlled Stepper Motors on tractors of leading manufacturers. Some benefits are the 

intrinsic high stiffness, step response without overshoot, a hysteresis close to zero and 

the high immunity against pressure variations, as the actuator is completely decoupled 

from the hydraulic circuit. A new development allows realizing Sensorless Closed Loop 

Motor Control, where the position and torque/force sensors have been replaced by a 

mathematic algorithm without adding additional hardware.  
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1. ELECTRIC DIRECT VALVE ACTUATION 

The dominant design of actuators for hydraulic proportional valves is the electro-

hydraulic pilot valve. It usually consists of a proportional magnet actuating the pilot 

valve (force amplifier) or switching valves, a position-measuring sensor (e.g. LVDT) 

and the control electronics. These designs are so far approved and well introduced in the 

hydraulic market. 

An alternative approach is to use motor-based solutions which directly actuate the 

valves main spool without hydraulic amplification. Such Electric Direct Valve 

Actuators consists of an appropriate motor, normally with a gear train, and an element 

which transforms the rotary movement of the motor into a linear one (e.g. a rack and a 

pinion) for the valve spool.  

Direct electric valve actuation separates the valve system into a pure electric pilot part 

and a pure hydraulic power part. The electric pilot actuators are not sensitive to pressure 

variations in the hydraulic circuit, which helps avoiding non-desired oscillations and 

achieving good system stability. Another benefit is the possibility to eliminate the 

separate hydraulic pilot circuit with its requirements for a reduced pressure and a better 

oil filtering.  

One challenge in Electric Direct Actuation is the fail safe functionality. In switching off 

the valve actuator, it must be guaranteed that the valve spool returns back to its neutral 

position driven only by the force of the centring spring of the valve. This means that the 

residual force of the electric actuator must be as low as possible when the power supply 

is switched off.  

The mechanical power to move e.g. a spool of a classic directional valve for an 

agricultural machine is about 20W. Many motor types like DC-Motors reach this power 

only at relatively high speed; therefore they require gear trains with high gear ratios. 

Since the residual force of an actuator increases with the square of the gear ratio, such 

motors are not really appropriate for this application. A direct drive is rather needed, for 

instance a Brushless Motor like a Hybrid Stepper Motor [i], with a high torque at low 

speed and sufficient low residual force.  

The stepper motor does not need position feedback sensors, and compared with 

proportional magnets, it has the advantage of a very high intrinsic stiffness and a 

hysteresis close to zero. The high electrical step resolution makes the hydraulic 

movements very smooth and precise. 

Stepper Motor controlled Valve Actuators have been introduced already in the early 

1990’s by John Deere on its Hitch control of the tractor series 6000 (Figure 1). Since the 

year 2000, similar Actuators with integrated CAN-Electronics (Figure 2) are applied 

also on the E-SCV Electric Selective Control Valves. Other manufacturers of 

agricultural machines have discovered the advantages of Stepper Motor solutions for 

other applications. After almost 20 years experience, we can state that Electric Direct 

Valve Actuators with Stepper Motors have found their rightful position in mobile 

hydraulics. 

 

424



 

Figure 1: Actuator on Hitch and E-SCV with integrated CAN-Electronics

  
 

Figure 2: Electric Direct Valve Actuators E-SCV  
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2. SENSORLESS CLOSED LOOP CONTROL 

As mentioned above Stepper Motor based systems run normally in open loop control. In 

order to guarantee a 100% reliable function under all circumstances in a mobile 

hydraulic application with extreme environmental requirements, a force safety margin 

of factor 2 is necessary [ii]. This may lead to a motor size which is partially oversized 

for normal conditions. A closed loop system can guarantee reliable functionality with 

less safety margin and a smaller motor size. The integration of a position measuring 

system is one solution, but this would result in higher hardware complexity and 

sensitivity and in a cost increase as well.  

Sensorless Closed Loop Control of motors now has been known in industry for several 

decades. Nevertheless the practical application in embedded control systems did not 

really take place because of the high computational power necessary to perform 

complex calculation in real time. Due to the increasing performance of modern 

microcontrollers, it is now possible to implement more complex software algorithms 

into compact Mechatronic Systems. Thanks to this, the Sensorless Closed Loop Control 

becomes affordable for an Electric Valve Actuator. Sensorless Closed Loop Control or 

Self Sensing Control basically measures the Back-EMF of the motor. The motor acts 

therefore simultaneously as actuator and as sensor. The art is to extract in real time the 

right information out of the spectrum of the Back-EMF signals. Figure 3 shows the 

mathematical motor equation of a Brushless Hybrid Stepper Motor containing the 

position [θ] and force [F] information, which will be extracted by the equation solving 

software of an Electric Smart Actuator.   

 

 

Figure 3:  Position and force information can be extracted from the motor equations  
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Sensorless Closed Loop Control is established without increasing the hardware 

complexity with additional Sensors. The only required sensors are electronic standard 

components to measure current and voltage of the Back-EMF signals. 

Since the dynamic position and load of the motor is known at any time, we are able to 

run the motor more efficiently. In case of an abnormal load, e.g. due to blocking 

particles inside the valve, the controller will automatically increase the current or reduce 

speed, in order to overcome the sticking point. Overload situation will be detected and 

transmitted to a high level ECU via appropriate OBD-Functions (On Board 

Diagnostics). This allows reducing the proposed safety margin of factor 2 without 

compromising safety. The disadvantage of the Stepper motor [iii] of its larger size is 

eliminated, as viewed in Figure 4. Thus the size of the actuator becomes smaller which 

increases the freedom of building a compact valve block.  

 

 

Figure 4: Reduced size of Smart Actuator 

 

Once the position and the force of the valves actuating the organ are known, this 

information is used to regulate almost hysteresis free the valve. Besides that, potential 

risks like wear and sticking effects will be continuously monitored and used for OBD 

purposes.  
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3. DEAD ZONE COMPENSATION 

A positive side effect of the Sensorless Closed Loop Control is the electronic 

compensation of the dead zone of the valve. All mechanical play in the Smart Actuator 

itself can be measured at each power up of the machine, thus compensating for any 

future mechanical play due to wear. The total overlap of the spool and the flow 

characteristics are determined during calibration of the valve and stored in the Smart 

Actuator. By compensating for this known mechanical play (including the valve 

characteristics) a virtually linear valve characteristic curve can be achieved. (Figure 5) 

 

 

Figure 5: Virtual linear valve characteristic curve 
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4. OUTLOOK 

The computation power of modern microcontrollers used in Mechatronic Smart 

Actuators for hydraulic valves is much higher than the one used on-board the Apollo 11 

for its moon landing mission. This allows performing rather complex algorithms in real 

time, as they are necessary for Sensorless Closed Loop Control of Electric Direct 

Actuators. Fortunately the cost of such computer performance is no longer a major 

issue, and cost effective solutions with many advantageous features can be realized. 

This new technology simplifies the hydraulic circuits for the manufacturer of hydraulic 

systems and machines, and improves both stability and reliability. Moreover extended 

On Board Diagnostics for the valves correct function will help increasing the comfort 

and the efficiency of the whole machine. 

The application of high performing Smart Actuators designed for harsh environments is 

naturally not limited to hydraulics. For instance different valves for emission control on 

diesel engines also require precise and reliable control under extreme conditions. Smart 

Actuators, as the example of Figure 6, can also contribute to fulfil the reduced exhaust 

requirements of manufacturers of Off-Highway Vehicles, like for example agricultural 

machines.  

 

 

Figure 6: Smart Actuator for Diesel Engine Management 
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ABSTRACT 

 

 

Future research and development will depend on high-speed simulations, especially for 

large and complex systems. Rapid prototyping, optimization and real-time simulations 

require simulation tools that can take full advantage of computer hardware. Recent 

developments in the computer market indicate a change in focus from increasing the 

speed of processor cores towards increasing the number of cores in each processor. 

HOPSAN is a simulation tool for fluid power and mechatronics, developed at Linköping 

University. It is based upon the transmission line modeling (TLM) technique. This 

method is very suitable for taking advantage of multi-core processors. This paper 

presents the implementation of multi-core support in the next generation of HOPSAN. 

The concept is to divide the model into equally sized groups of independent 

components, to make it possible to simulate them in separate threads. Reducing 

overhead costs and finding an effective sorting algorithm constitute critical steps for 

maximizing the benefits. Experimental results show a significant reduction in 

simulation time. Improvement of algorithms in combination with a continuous increase 

in the number of processor cores can potentially lead to further increases in simulation 

performance.  

KEYWORDS: Simulation, Multi-core, High-Speed, Hopsan 

1. INTRODUCTION 

The usefulness of computer simulations is often limited by time requirements and 

computer performance. For example, optimization of large complex models can be very 

time-consuming, and the model often has to be simplified, reducing the accuracy of the 

results. This problem is even more significant in real time applications, where the 

simulation must be faster than reality to avoid time delays. This problem can be solved 

by using larger time steps, but this can cause numerical problems and inaccurate output 
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signals. If simulation performance can be increased, it would be possible to simulate 

large scale models in real time without making these tradeoffs. This in turn makes it 

possible to use the same simulation model throughout the entire product development 

process, which is often desirable. Previously it was possible to rely on increasing 

processor speed, but in recent years the focus has changed from making processors 

faster to increasing the number of processor cores. This puts new demands on software 

developers, as programs have to take advantage of the multi-core technology. While this 

is indeed possible for many simulation algorithms, it is especially suitable for 

transmission line modeling (TLM) [1]. Attempts to parallelize TLM simulations using 

distributed computers has previously been conducted as described in [2], and 

subsequently by using transputer technology (an early microprocessor designed 

specifically for parallel execution), see [3]. 

2. TRANSMISSION LINE MODELING 

The transmission line element method originates from the method of characteristics, 

which was first used in a simulation tool called HYTRAN [4], and from transmission line 

element modeling as described in [5]. It is based upon another distributed modeling 

method called PQ-modeling, where components use either pressure to calculate flow, or 

flow to calculate pressure. This was used in the very first version of HOPSAN. By 

introducing the characteristic impedance it is possible to achieve very accurate models 

of wave propagation in fluid systems. In HOPSAN, this method is implemented by 

creating components of either C-type or Q-type. C-type components use the impedance 

to calculate wave characteristics from flow and pressure, while Q-type components in 

turn use the wave characteristics to calculate flow and pressure.    

Apart from accurate wave propagation modeling, this method also provides high 

potential for parallelized simulations. C- and Q-components are separated not only in 

the block diagram but also by a physically motivated time delay. This means that a 

component must never be simulated simultaneously with any of the components it is 

dependent on. This is important when running multi-threaded simulations due to thread 

safety, which means that two parts of a computer program must not use the same 

function or variable at the same time.  

2.1. HOPSAN 

HOPSAN is a simulation package for system design and optimization of fluid and 

mechatronic systems, developed at Linköping University in the late 1970s. The first 

version was written in FORTRAN and has been used in product development and 

research for almost 30 years. Due to lack of flexibility, inadequate support and 

advancements in computer technology it has however become out-dated and no longer 

meets requirements regarding a modern simulation tool.  

For this purpose a new version has been developed, called HOPSAN NG [6]. It is an 

object-oriented cross-platform application written in C++. It is focused on high 

simulation performance, good compatibility and simple model generation. Models are 

saved in the XML-standard and scripting is supported by using the Python language. The 

program consists of two parts; a pre-compiled simulation core containing components 

and algorithms and a graphical interface (see Figure 1) where users can build models 
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and analyze simulation results [7]. An important aspect is that the core can be executed 

as a stand-alone application without the graphical interface. By writing a simple 

wrapper file it can be used either directly from a terminal window or by importing it to 

other simulation environments. 

 

Figure 1. The new generation of HOPSAN is object-oriented and focused on 

compatibility, model generation and high-speed simulations. This figure shows 

the graphical user interface. 

3. MULTI-THREADING  AND MULTI-CORE PROCESSORS  

In computer systems, threads are used as a means to execute different segments of code, 

assigned to one thread each, in parallel. Even when only one code processing unit 

(single-core processor) is available, the use of multiple threads makes the code 

seemingly run in parallel. This is often referred to as multi-tasking, where the 

processing resources of the processing unit are shared among the threads. In most cases 

a scheduler keeps track of the running threads and frequently switches between them in 

order to ensure that they are all given an opportunity to run [8].   

If a computer is equipped with multiple processing units, (a multi-core processor or 

multiple processors), it is able to run several threads in parallel, without having to 

switch between them. This is an advantage when parallel simulations are run. The 

primary reason for performing parallel simulations is to decrease the total simulation 

time. If parallel simulations were run on a single-core processor, all the work would still 

be done by one processing unit and extra time would also be added to the simulation 

because of the thread switching overhead. That is, the parallel simulation would most 

likely take longer to complete than a purely sequential simulation. When multiple 

processing units are available the workload of the time-consuming simulation 

calculations can be shared and the simulation time can thereby be shortened. 

One limiting factor when running multi-threaded, parallel simulations is that the multi-

threading itself introduces overhead in the form of thread creation and thread 
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synchronization operations. For the parallelism to be meaningful the overhead time 

should be low compared to the time needed for the actual simulation calculation. This 

means that parallel execution may not be beneficial for simulation of small and simple 

models where the actual computational work is small compared to the overhead. 

In general it can be assumed that the more processing units (or processor cores) that are 

available, the higher the simulation performance will be. The maximum performance is 

however limited by the number of code segments that can be run in parallel. Usually 

this will not be a problem on desktop computers as they rarely have more than eight 

processor cores.  

In recent years the use of GPUs (Graphics Processing Unit) for general purpose 

programming tasks has increased. GPUs that are usually found in graphics cards are 

built to handle thousands of parallel threads in hardware simultaneously. For simulation 

tasks that are inherently parallel and contain a massive amount of identical model 

elements, GPUs can give a tremendous speed gain. For simulation of systems 

containing relatively few model elements that are different from each other this is 

however not the case. The reason is that GPUs are basically built around a SIMD 

(single instruction multiple data) architecture. That is, they are very good at running the 

same code on thousands of different data at the same time. When the model contains 

many different types of components the massive parallelism capabilities of the GPU 

cannot be utilized. In these cases processing units built around an architecture that can 

handle multiple instruction sets at the same time (like a common CPU) are more 

suitable. A good overview of GPU architecture, programming and possibilities can be 

found in [9].  

4. IMPLEMENTATION 

The easiest way to make use of multi-core hardware is to subdivide the program into 

several software threads and then execute these in parallel. Although there is no 

guarantee that these will be run on different processor cores, a decent operating system 

will do its best to distribute these evenly over the cores. In order to maximize the 

benefits it is important to avoid running any other demanding programs on the same 

computer during simulation. Different operating systems require different programming 

approaches for creating and executing threads. To make these tasks platform 

independent, an open-source package called Threading Building Blocks (TBB) from 

Intel [10] was used. TBB wraps the multi-threading code for all common operating 

systems, so that the same code can be used regardless of the target environment.  

Unless the user specifies otherwise, the program asks the operating system how many 

cores the computer has and then automatically creates an equivalent number of threads. 

This will theoretically maximize the benefits from parallel execution. The components 

are then distributed over these threads. It is crucial that the total simulation time for the 

components in each thread is of as uniform a size as possible. The reason for this is that 

the total simulation time will always be limited by the slowest thread. The time 

requirements for each component are measured by simulating one time step in a single 

thread before engaging the multi-threaded code. The results are used to sort the 

components, and then an algorithm attempts to distribute them as fairly as possible over 

the threads. This procedure is known as load balancing. 
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Two different approaches were implemented and tested. The first was to assign new 

threads for each component type in each time step, see Figure 2. This means that each 

time step begins by simulating all signal components in parallel. When this is done, all 

C-components are simulated, and finally the Q-components. Then the data logging is 

performed and the next time step begins. Each thread receives the current time and the 

time step as input parameters at every time step. This is a simple solution due to the fact 

that no synchronization between the threads is required. On the other hand, it may 

reduce the benefits by inducing unnecessary overhead costs, because all threads need to 

be recreated several times at each time step. 

 

Figure 2. With the first implementation attempt the thread synchronization and 

data logging were handled externally using single-core. 

To increase benefits further, a second approach was implemented, see Figure 3. The 

idea is to only create the threads once, that is at the beginning of the simulation. The 

threads are provided with start time and time step at the beginning and then they keep 

track of the simulation time on their own. Each thread is then provided with a group of 

signal components, C-components and Q-components, and also a part of the data 

logging work. When these threads are executed they will run without interruption from 

the beginning of the simulation to the end. A requirement for this to work is that the 

threads are synchronized. One thread must not begin with the next type of components 

before all other threads are finished with the previous type. This is achieved by creating 

so-called barriers. When a thread reaches a barrier, it is not allowed to proceed before 

all other threads arrive. Practically, this is accomplished by letting all threads report to 

the first thread (the “master” thread) when they reach the barrier. When the master 

thread counts that all the other threads (“slave” threads) have reported, it unlocks them 

so that all threads continue simultaneously. The reporting procedure is made thread-safe 

by using so-called atomic variables, which guarantee that more than one thread cannot 

write to it simultaneously. A possible drawback with this method is that the task 

functions cannot use so-called const operators, unlike with the previous method. These 

tell the compiler that the operators will never change and can potentially increase the 

performance of the compiled code. However, it is not possible when the threads must 

keep track of the simulation time on their own. 
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Figure 3. In the second approach the thread synchronization was handled by 

thread one, the master simulation thread. 

5. EXPERIMENTAL RESULTS 

To examine the impact on the performance from the multi-threaded algorithms, a series 

of tests were conducted. The two most important factors to investigate were the effect 

from the number of processor cores, and the effect of the size of the system. The latter 

was important because overhead costs are unlikely to increase linearly with the size of 

the system, which can make multi-core simulations non-beneficial on small systems. At 

an early stage it was found that the number of components and connections had a 

negligible effect on simulation time, while the total computational load (measured in 

floating point operations per second) appeared to be the only important factor. For this 

reason, the effect of varying the number of components has not been thoroughly 

studied. In most actual simulation cases it is not very easy to adjust the number of 

components anyway. Another factor that was not investigated was the effect from the 

number of iterations simulated. This was not considered important because all iterations 

will theoretically require the same time to simulate. The sorting algorithm used at the 

beginning may make multi-threading less beneficial for extremely short simulations, but 

then again, in such simulations time is hardly an issue. 

A special example model was created for the purpose of investigating the performance 

increase due to multi-threaded simulations, see Figure 4. The model consists of special 

components that simply calculate the faculty of the input signal they receive. This 

makes them ideal for simulation performance experiments because the number of 

floating point operations will be directly proportional to the input value, making it 

possible to control the computational load of the model directly. Even though these 

experiments had no connection with reality, the results were qualitatively confirmed by 

running some tests on models of actual hydraulic systems. The abstract test models 

were preferable in this case because they provide more comparable results. 
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Figure 4. A test model consisting of special components with adjustable 

computation times was used. 

The experiment was conducted by simulating the example model with different 

computational loads and measuring the total simulation time. To achieve good accuracy, 

an average value from ten test runs was used for each data point. The computational 

load was varied in nine steps to imitate very small to very large models. The model size 

was measured by the number of floating point operations (flops) per iteration. 

At first it was necessary to test the two implementation methods (see section [4]), to 

determine which one had the highest potential. This was done by simulating the test 

model on a quad core system and comparing the simulation time for one threads, four 

threads with the first method and four threads with the second method. The results are 

shown in Figure 5 and Figure 6. 

 

Figure 5. When tasks are synchronized by breaking and recreating threads, a 

speed increase of approximately 40% was achieved using four cores. 
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Figure 6. When tasks are synchronized by using thread barriers, a speed increase 

of approximately 50% was achieved using four cores. 

As can be seen in the results, the second method using task synchronization gives 

noticeably better results. For this reason it was decided to discard the first method and 

use the second one. A more thoroughgoing experiment was then conducted. Two 

computers were used for testing, one Linux system with a quad core processor and one 

Windows system with two quad core processors. The computers were also tested using 

fewer cores than their maximum, which can be done by setting the processor affinity 

option for a certain process. It was thereby possible to test dual core and quad core 

simulation even though the system had a total of eight cores. The test model was then 

simulated. The results are shown in Figures 7-10. 

 

Figure 7. The test model was simulated on a Linux based system using one, two 

and four threads. The plot shows simulation time against computational load. 
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Figure 8. On a Linux based system, the simulation time with four threads was 

approximately 75% lower than with one core. 

 

Figure 9. The test model was simulated on a Windows system using one, two, four 

and eight threads. The plot shows simulation time against computational load. 

 

Figure 10. On a Windows system, the simulation time with eight threads was 

approximately 75% lower than with one core. For four cores, the simulation 

time was approximately 55% lower. 

439



As can be seen from the results, there is a significant decrease in simulation time when 

using multiple threads. On the Linux based system, simulation time for large systems 

decreases by 75% when using four cores. For the Windows system, time decreases by 

approximately 55% with four cores and 75% with eight cores. Overhead costs affect 

small systems and for really small systems there is even a time increase, making multi-

core simulations slower. There are also some overhead costs that increase proportionally 

with simulation time, reducing the constant speed gain for large systems. This appears 

to have a greater impact on the Windows system.  

For verification purposes the multi-threading simulation algorithms was tested on a 

model representing an actual hydraulic system. The model used consists of two 

load-sensing systems with four actuators each, see Figure 11. This system was 

simulated for 10 seconds with a time step of 0.1 milliseconds on two quad core 

machines, one with Linux and one with Windows. The results are shown in Figure 12. 

Simulations with two threads now perform better than those with four threads, which is 

probably due to increased overhead costs when using all four processor cores. 

 

Figure 11. For validation purposes the multi-threaded simulation algorithms were 

tested on a model of a load-sensing system with four actuators. On dual core, a 

reduction in simulation time of approximately 40% was achieved. 
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Figure 12. The example model is approximately 40% faster with two threads on a 

quad core machine. Four threads take longer due to higher overhead costs. 
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6. ANALYSIS 

In general, the results fulfill the expectations from the experiments. In all experiments, 

simulation time is reduced when using multiple parallel threads. On the first system the 

speed increase seems to be almost proportional to the number of threads (which is 

limited to the number of cores). On the Windows system however, results are not as 

great but still promising. However, the system is nowhere near eight times faster with 

eight cores. One reason for this can be that the cores are divided over two different 

processors, which have to communicate with each other without a shared cache 

memory. On the other hand it is obvious that the Windows system is less beneficial than 

the Linux system even with fewer threads.  

As can be seen from the results from the verification model, using more threads is not 

always better. Simulations with two threads actually perform better than those with four 

threads. In this case, this is probably due to the processor architecture. The cores on 

each processor share a part of the local cache memory in pairs. This means that 

executing a process on cores 1 and 2 or on 3 and 4 will be faster than on cores 1 and 3 

or on 2 and 4, assuming the size of the temporary data is not larger than this cache. 

It is also worth mentioning that the simulation will be faster with multi-threading if the 

number of components in the model is equal to an even multiple of the number of 

threads. Theoretically, a model with five components and a model with eight 

components will take the same time to simulate on a quad core system. The reason for 

this is that the simulation speed will be limited by the slowest thread. In this example, 

one thread will have two components while the other three will only have one each. 

This is however of minor interest in actual systems, where the required simulation time 

for each component can vary significantly. 

7. CONCLUSIONS 

The results confirm that transmission line modeling is very suitable for increasing 

simulation performance by taking advantage of multi-core architecture. The simulation 

time was decreased four times on a Linux system with a quad core processor. 

Experiments also showed the importance of creating efficient multi-threading 

algorithms, which minimizes the overhead time costs. Furthermore, it was also found 

that the benefits from parallel execution can differ noticeably between different 

operating systems. 

8. FURTHER WORK 

One interesting continuation is to explore the different results from different operating 

systems and possible measures to maximize the benefits on all systems. It would also be 

interesting to investigate how to take advantage of multi-threading in embedded 

systems. It may not always be possible to rely on the operating system to handle the 

multi-threading, in which case completely different solutions would be required. 

Another interesting use of multi-core would be model-based optimization, where the 

same system needs to be simulated for many iterations to find the optimal solution. 

Putting an entire simulation in each thread rather than parts of a simulation would 
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probably decrease overhead costs. Optimization is also one of the most time-consuming 

uses for simulation, which would make an attempt to increase speed especially 

interesting. 

Even if the use of GPUs is unsuitable for simulating the contents of individual systems 

in parallel, they may be useful in optimization problems where an entire system is to 

simulate in the same way with many different parameter sets. These cases can be seen 

as multiple instances of a single threaded simulation. What benefits the use of GPUs or 

other hardware that can run thousands of parallel simulation would have should also be 

investigated. 
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ABSTRACT 

This paper is a part of Semogen project. The goal of the research is to define tool chains 
starting from the machine system engineering documents to the end-users applications. 
Nowadays most of the user manuals, simulation models, educational materials and other 
applications are gathered from the original engineering documents by human. We 
believe that all these end-user applications could be generated at least semi-
automatically, if the original engineering documents are done differently. This paper 
defines how to overcome the problems in one tool chain from a hydraulic diagram to a 
simulation model of hydraulic system. It goes deeply into the key issues which 
information is required and where to find it. 

KEYWORDS: Simulation, engineering data, semantic data, learning environment 

1. INTRODUCTION 

Today the deployment of learning environment for hydraulic and mechanic systems 
developed in TUT recent years requires plenty of manual labor and special skills. The 
learning environment includes; learning functions, real-time simulation, real-world 
measurements, fixing faulty components, 2D and 3D visualizations [1] [2]. It is a 
worksome task to build a learning environment for a new machine system. Therefore it 
would be more convenient, if the processes were semi-automatic. This paper discusses 
how to develop simulation models more rapidly. The requirements for the source data to 
generate simulation models of hydraulic systems are discussed. The most difficult task 
is to define the quantity and quality of the source data. Furthermore, mapping the 
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information based on the well-defined design documents is challenging. In this paper, 
the required information to generate simulation models for hydraulic systems is studied. 
It is proved, that it is possible to generate simulation models semi-automatically based 
on the information attached to design documents during the design processes by 
hydraulic engineer. 

At the present moment, two major steps are needed to build a simulation model. In the 
first step, the simulation model designer has to take into consideration the complete 
system construction, the exact purposes of the hydraulic and electronic components in 
the system and all parameters for each component. This information is mainly gathered 
manually from the original hydraulic system design documents. However, there is often 
undocumented information. It has to find by interviews of the hydraulic designers or in 
the worst case make a conjecture based on the documented information. The second 
step is to input all the gathered design information of the system to the simulation model 
manually.  
We noticed that the hydraulic engineers have done the same processes already during 
the original design project. The double processing of the engineering data occurs, 
because the hydraulic engineer has not documented all the original information at all, 
accurately enough or not using universal technologies and standards. This is not only 
the problem in conducting simulation models, but also in managing the design 
information. There are obvious needs to smoother the design process. The Semogen 
project uses a concept of semantic information processing pipeline to present the 
information flow in the process. Each step of the process pipeline must provide 
information for the next steps inside the semantic pipeline. Today the process has caps 
and the information flow in the pipeline is not fluent for even semi-automatic data 
processing [3]. 

Figure 1 represents the idea behind the Semogen project. The study base on the fact that 
reuse of information earns financial savings. The time to regenerate manually material 
for end-user applications is saved even the original material is changed. However 
everything has to be done manually in the first case. For example, simulation models for 
each component have to be ready, but once it is done those can be reused again.  

 
Figure 1. Management of source data for end-user applications. 
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In Figure 1 a well-defined library of the component documents is attached to the PDM 
of the machine system. The documents for each component are provided by 
manufacturer, third party or self-made. The information in documents is usable to 
generate other documents, if the documents are machine-readable and sufficient 
additional metadata is provided. We must define which information is required to 
generate simulation models for hydraulic systems and not to forget other possible end-
user application to use the same information. The information of hydraulic system must 
also be mapped to other engineering data to generate simulation models for whole 
hydro-mechatronic systems. Since the main end-user application is a learning 
environment, we also need to explore possibilities to control the simulation and 
visualize the simulation results in the learning environment. Other engineering data are 
also closely related to the creating simulation models for larger systems, therefore we 
also commit on some key issues in creating simulation models for hydro-mechatronics 
systems. 

2. THE SOURCE INFORMATION IN ENGINEERING DOCUMENTS 

2.1. Application to design hydraulic diagrams 

Microsoft Visio, Vertex HD, HyDraw and Automation Studio are examples of 
applications to draw hydraulic diagrams. These applications have some varying 
features. Microsoft Visio is a very classical diagram drawing application, which is able 
to save drawings in several formats including an XML-based format. In the early 
attempts to generate simulation models we used Visio diagrams, which proved to be 
ideal for simulation models generation [4]. In Vertex HD it is also possible to save 
diagrams in an XML-based format. The application is also capable of mapping and 
saving other engineering data to the drawings. Thus, Vertex HD is an obvious successor 
as a test application to provide the source information for the generation. 

HyDraw is comparable to Vertex HD, but unlike Vertex HD, HyDraw uses Microsoft  
Visio to draw a diagram and adds to the basic drawing semantic and engineering data. 
HyDraw has also access to a component database which includes components from 
major component manufacturers. This provides already very good information for fluid 
power industry. It is clearly rationalizing the design and work of flow methodologies. 
The fourth application, Automation Studio, has gone even further. It can not only be 
used to drawing diagrams and adding engineering data, but also for simulation of the 
circuit and to visualizing the simulation results. 

2.2. Present state of engineering data 

In our research we were able to inspect a real engineering data given. The material 
included hydraulic diagrams, component specifications in PDF (Portable Document 
Format) files, 3D drawings and a CAN (Controller Area Network) system model for an 
underground mobile mining machine. The hydraulic diagrams of the system were 
delivered both in PDF and Vertex HD formats. 

A PDF document is good format to exchange hydraulic diagrams between humans and 
to create a simulation model for this system, but not suitable as an exchange format 
between design applications. The documents in Vertex HD format are better, since those 
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can be opened using Vertex HD and resaved in different formats, in this case as SVG 
(Scalable  Vector  Graphics)  files.  However  this  did  not  solve  all  the  difficulties.  Even  
though the diagrams appear to be correctly modeled, having closer look components are 
grouped to huge assemblies and assemblies are floating on the diagram. For instance 
hydraulic pipelines were only visually connected to various ports in components. 

Another issue is the identification of components. The solenoids, pipelines and 
hydraulic connection to other sheets have unique codes and are used to map them to 
other documentation. Single hydraulic components in assemblies have no unique 
identification. The name for one assembly is not unique in the entire engineering data, 
as the language varies and synonyms are used. A huge problem is also that not all of the 
existing identifications have been physically connected to the related symbol in the 
diagram.  
At the present moment the information is not semantically mapped and the data are 
encoded  in  a  broad  range  of  formats  for  storage  in  a  PDM  system  (Product  Data  
Management). The component manufacturers provide normally only PDF files and web 
based documentations for their components. The next bottle neck on the semantic 
information processing pipeline is machine system manufacturers.  At present moment 
many  of  the  engineering  applications  use  their  own  formats  and  the  exchange  of  this  
information is not possible or insufficient. Altogether, this means that in many cases the 
required information must be gathered manually from engineering documents.  
We were  not  able  directly  to  use  the  given  design  data,  since  it  was  not  semantically  
well-defined. This is common problem, since the documents and diagrams are usually 
designed only for manufacturing purpose. Even though an engineer can visually 
perceive the components, their text descriptions and connection correctly, this 
information is not accessible by a computer. Since the language used is not a problem in 
manufacturing and unique codes for each singular component are not required, those 
have not been used in the hydraulic diagrams. This information is possibly given in 
other system for different needs. We are obligated to solve these problems in naming, 
identification and mapping of the information in hydraulic diagrams. To test the ideas 
we must create our own hydraulic diagrams with sufficient, semantic data encoded into 
them. The enriched engineering data must be semantically fully defined and machine-
readable. In addition, we should not add, but instead optimally reduce the work needed 
for the design of hydraulic diagrams, as in comparison to the current approach. 

2.3. Future of engineering data  

2.3.1. Data formats and providers 

We recognize tree basic requirements for the source data. Firstly the documents have to 
contain all the required data. Secondly all of the data must be well- defined and mapped. 
Thirdly the stored data must be application- and platform-independent.  
From  the  first  requirement  arise  three  questions;  what  is  all  the  required  data,  who  is  
obligated to provide it and where it should be stored. The requirements of information 
varies a lot depending on the end-user application, thus it is difficult to define exactly 
the required information. It also cost efforts to input enormous amount of data and even 
then some of the key data can be left out by human error. It is important to divide the 
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tasks to produce the information clearly. These questions are discussed detailed in 
Chapter 3. 
The second requirement is challenging, since the information and source of information 
can vary a notably. The topic is researched and use of ontology based engineering 
databases is suggested as a solution [5]. The units, naming and identifiers must match in 
information provide by even multiple operators. Ideal situation is that the units, names 
and identifiers of parameters and components are standardized and universal or the 
computers could identify the data even if minor naming issues exist. However this 
seems unlikely to happen in the near future. Thus, to map the information from multiple 
sources manual engineering work is still required. To solve the problem it is suggested 
add a role for a knowledge engineer to map the data [3]. It is important to notice that the 
mapping  of  the  information  has  to  be  made  in  early  stage.  The  PDM  system  and  the  
chief of machine system designers are responsible to categorize and map the 
information from various sources. As the documentation in a PDM system is valid and 
consistent, it is not required to touch to the data afterwards.  

The third requirement is also difficult. To achieve machine-readability of the 
documentation, the information should be possible to save in standard and open format 
that is easily accessible using any editor. If the data is saved in an XML-based format or 
even in applications own ASCII format, exchange of information is effortless. The 
benefits to use ASCII formats are platform independence and editability by numerous 
editors. In addition to ASCIII XML-based formats offer numerous advantages for 
extraction, validation and modification of information with free tools and editors. XML 
is also based on a well-known, open standard [6, 7]. 

Component manufacturers provide already information of their products, thus they 
should remain the main source for crucial information about components. The 
manufacturers should provide the data correctly, according to the component setups 
delivered to the machine system. In an ideal case, the machine system designer is 
required  to  and  responsible  of  modifying  the  component  data  only  to  test  the  system  
with different setups. Problems occur, since all the component manufacturers do not 
give enough detailed information of their  components.  In these situations the end user 
of information must input the required data. The end user can be the machine system 
designer to complete the manufacturing process or third party member for example 
responsible persons to generate a user manual or a learning environment. The 
simulation model sketch can also made by a third party. The company, which builds the 
simulation model sketch for the component should provide required information of the 
sketch. 

2.3.2. Methods distribute data and information 

Another issue is how to distribute the crucial component data. We have found three 
solutions to distribute the engineering data from the component manufacturers to the 
machine system manufacturer and finally to the learning environment (Table 1). The 
advantages and disadvantages of the solutions are also listed in the table. 

The  first  method (row 1)  is  to  save  all  the  information  to  the  hydraulic  symbol  of  the  
component. Mapping the information in large scale is not required. Difficulty in this 
method is that for example every differently-sized cylinder requires separate drawing 
symbol as the parameter information differs. Another issue is that the specially designed 
symbols are often application specific. 
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Table 1. Solutions to distribute engineering information 
Solution Advantages Disadvantages 

Save all required 
information to 
hydraulic diagram 
using enriched 
symbols 

All the information for 
simulation model is encoded 
to one document 

Information is difficult to 
distribute to other applications  
Different symbol is required 
for each component 

Visualization is build in to 
symbols 

Engineering application must 
support new symbols 
Requires new semantic 
symbols 

Save visualization to 
enriched symbols and 
semantic information 
and parameters to 
XML document 

All diagram application are 
suitable, if other requirements 
are fulfilled 

Requires an application to edit 
semantic information in XML 

Same symbol with different 
identifier to XML 

Engineering application must 
support new symbols 

Easy access to information 
and centralized management 

Requires an application to edit 
semantic information in XML 

Visualization is build in to 
symbols 

Using normal 
symbols to design 
hydraulic diagram and 
save semantic 
information and 
parameters to XML 
document  

All diagram application are 
suitable, if other requirements 
are fulfilled 

Engineering application must 
have a link to external 
documents 

Same symbol with different 
component identifier 

Requires an application to edit 
semantic information in XML 

Easy access to information 
and centralized management 

Visualization needs to 
generate separately 

 

 
Figure 2. Sources and mapping of information  

In the second method (row 2) the component information is saved to an XML-file and 
the symbols are specially designed only to provide interactive hydraulic diagram for a 
learning environment. The same symbols can be reused just like reusing generic 
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simulation model sketches, since component parameters are separated from the symbols 
and simulation sketches. The problem is again like in the first solution that the symbols 
are application specific. This method is similar to the methods used in simulation 
applications for instance SimulationX and Automation Studio.  
The third method (row 3 and Figure 2) is to use normal hydraulic symbols to draw the 
hydraulic diagram. The parameters are saved to XML-files and visualization library is 
done using graphics application. This is the best solution, since every library sources is 
autonomous source on the data processing pipeline. All the required information is 
saved from different sources and all the information is required to map to each other. 
This  is  also  the  most  difficult  solution,  since  each  of  the  sources  must  exist  and  the  
source material must be consistent.  

3. SIMULATION MODEL LIBRARY 

3.1. Simulation model sketches 

It is not achievable to create simulation models from scratch, thus sketches of 
simulation models must be created manually. All the required components are modeled 
as generic simulation model sketches. Thus, for example the model of hydraulic 
cylinder can be reused unlimited times and sized according to the source material. The 
information required to parameterize the sketches must document to an XML-based 
description file of the sketch. It is also required to provide enough metadata to achieve 
machine-understandable documentation. The modeling language and the level of 
modeling details are also required to include to a description of a sketch.  

The level of modeling sketches has to be defined exactly, since it also defines how 
detailed the generated models are. In this application the required accuracy depends of 
the educational requirements. The learning environment requires far less accurate 
simulations than product development, but the simulation must run in real-time. Some 
parts are required to be modeled accurately, while other part of the model can be 
modeled more inaccurately. Simple transfer functions and linear models are suitable to 
demonstrate functionalities of the components. And to simulate the system dynamics 
detailed models are required. Still the required information amount is huge and special 
information is required to build a simulation model. Important features are visualizing 
the simulation results by many means, to modify component settings and virtually break 
and fix the components on real-time simulation [1]. 
The requirement for modeling language of sketches is easy formability. The modeling 
language and level of details can vary and one component could require multiple 
simulation models for each purpose. Matlab/Simulink and ScicosLab are two examples 
of suitable modeling languages. Simulink uses an extension .mdl to save created 
models, which is simple ASCII based text format and suitable for generation [4, 8, 9]. 
Methods  to  generate  Simulink  models  are  also  studied  base  on  UML  and  SysML  
languages [10]. Also ScicosLab use ASCII format to save models. Furthermore in 
ScicosLab has been possible to save models in XML-based format since version 4.3. 
Use of XML-standard is also researched to present Modelica models and the language is 
named as ModelicaXML [11]. An open source version of Modelica is OpenModelica, 
which also supports exporting models to an XML-based format. These XML-based 
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formats have created great opportunities to modify and generate ScicosLab, 
OpenModelica and ModelicaXML models using XML-editors. 
The modeled sketches must use the same topology to connect them to a simulation 
model of machine system. We recognize three possible topologies for simulation 
models in Simulink. The first option is SimHydraulic topology. In this topology, the 
blocks are connected each other using two-way signal connections and pressure and 
flow are both included in the signal. This topology is very much like the topology in 
hydraulic diagrams. Between two components is one signal connection in the simulation 
model related to pipeline in hydraulic diagram. The second option is a loop topology. 
When the sketches are modeled using normal Simulink blocks, the sketches are 
connected to each other with two one-way signals. Another signal is for flow and 
another for pressure and this makes loop structure to the model. This method was used 
in earlier attempts to generate Simulink models [4]. The third option is a bus topology 
presented in Figure 3. The topology is clearer as all the signals are included in a bus 
signal, which goes through all the components. The blocks can include sub-blocks and 
for example all the valves can be sub-blocks under block called valves. The first and 
second  methods  are  easier  to  apply  to  the  generation,  but  advantages  of  the  third  
topology are significant. Using this topology, the models are clear to read and modular. 
Simulink buses are also used in studies to transform Modelica models into Simulink [8, 
9]. 

 
Figure 3. A example of bus type simulation model topology 

3.2. Required information and parameters to generate simulation model using sketches 

The generation of simulation models requires information of component relationships, 
component parameters and information of simulation model sketches. Table 2 shows 
why the information is required and what the possible source documentation in each 
case  is.  Two  first  requirements  (rows  1-2)  are  basic  engineering  data  that  is  always  
required to design a hydraulic system. Component relationships are described in 
hydraulic diagrams and most of the required parameters are written into engineering 
documents and in bigger companies to a PDM system. Rest of the information belongs 
to the documentation of simulation model sketches and as a rule it does not exist. 
Network connections and simulations settings are not traditionally included to the 
engineering data, since it is not usable information in manufacturing. Information of 
network connections is only required generating simulation models and other systems to 
use and provide the information for simulations. Thus, this information should come 
with the simulation model of components. Each simulated component has always a 
specific number of possible network connections going in and out. Simulation settings 
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like the step time are easy to modify or use before saved basic default settings in begin 
of the generation phase. Besides of these learning environments require information to 
build visualizations and learning tools like measurement devices, tools to fix damaged 
systems, possibilities to changes parameters.  

Table 2. Required information and source documentation 
Requirement Reason Source 

Hydraulic component 
relationships 

To build simulation model Hydraulic diagram and 
model documentation 

Connection to control 
and diagnostic systems 

To build simulation model Control and diagnostic 
documentation 

Component parameters Parameterize model Component documentation 

Network connections Simulation model 
communication 

Simulation model sketch 
documentation 

Simulation settings Execute model Simulation model sketch 
documentation 

Modeling language and 
level of modeling 

To build the simulation 
model using correct sketches 

Simulation model sketch 
documentation 

 
In the appendix A is listed detailed required parameters and information for a double 
acting hydraulic cylinder. It illustrates the amount of required data and how the different 
simulation models require different parameters. List contains also example identifiers 
for parameters and desired units. The identifiers are unique only in the component level 
and it is required to combine the parameter identifier and component identifier to 
achieve unique identifiers for parameters on the machine system level. 

4. USAGE EXAMPLE OF WELL-DEFINED AND ENRICHED ENGINEERING 
DATA 

4.1. Creating special macros and exporting drawings into SVG 

Hydraulic symbols in Vertex HD are called macros, which are stored into a macro 
library. A macro can be a single symbol or an assembly of basic symbols like manifold 
valves. The users and component manufactures are able to create own macros using a 
macro editor. Figure 4 presents SVG exported symbol of semantically fully defined 
macro for an over CAN controlled 4-way directional control valve.  

 
Figure 4. Vertex HD macro of 4-way directional control valve 
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All  four  hydraulic  ports  are  called  in  Vertex  HD  connection  IO-points.  The  CAN  
connection is also a connection IO-point. A device label IO-point is in the upper right 
corner in Figure 4. The symbol is labeled 4_3_Controlvalve. Four hydraulic ports and a 
CAN-bus connection are named using unique names within the symbol. The solenoids 
are colored for visualization purposes. The width of the colored box can be changed 
during simulation using valve control signal as parameter.  
When macros are created, it is possible to add additional component information to 
common attributes in macros. Common attributes are key value pairs that are possible to 
write for a macro in the macro or the drawing editor. The key value pairs can be 
imported from external source or write directly in Vertex HD. This is one method 
providing parameters and other key information to generate simulation models. 

All information seen on Figures 4 and written into common attributes is exported to a 
SVG-file using the Vertex HD’s SVG-export feature. In Vertex HD is also possible to 
map the common attributes from an external database, but in our version of Vertex HD 
this function was disabled. If the external database is PDM system and the format base 
on XML formats, this function supports our second solution to distribute simulation 
parameters for simulation model discussed in Chapter 4.3.  

4.2. Modeled component sketches 

In this case the modeled components are a variable displacement pump, 4/3 direction 
control valve, double action cylinder, pressure relief valve, return filter and hoses. The 
simulation model sketches are modeled in Matlab 2009b/Simulink and base on topology 
two presented in Chapter 3. The models are simple, but include learning functions like 
faults, leaks and setting values. In Figure 5 is an illustration of the sketch of the 4-way 
valve. It has the same hydraulic ports as the Vertex macro in Figure 4. The ports Bus_in 
and Bus_out are linking the model to the learning environment. The CAN-control and 
failure signals are included to the Bus_in port. The Bus_out port includes component 
state and visualization information. The ports in Figure 5 and component parameters are 
written into a description file of the sketch. As said, this helps in the generation phase to 
identify the port numbers and functions of the sketch.  

 
Figure 5. A simulation sketch of 4-way direction control valve 

4.3. Mapping the information 

The SVG-export feature of Vertex HD is still developing, but the current situation 
seems positive. It has made easy to export a designed hydraulic diagram to SVG format. 
The exported SVG file includes naming of the components, the links between the 
components as they are linked in Vertex HD and also common attributes. The result of 
export is a SVG file (Figure 6). It holds base of the required information to generate a 

452



simulation model for the system. The hydraulic components, connection to other 
systems and the connections between the components are saved in the exported file.  

 
Figure 6. A simplified hydraulic system 

The format is not yet fully compatible to provide directly fully semantic engineering 
data. We were not able to change the behavior of Vertex HD or the export functionality, 
thus we were forced to solve deficiencies of Vertex HD. We decided to create our own 
fully semantic component library. As mentioned in Chapter 2, we found three solutions 
to create the component library. In the first solution all required component information 
is held and modified within special designed macros of Vertex HD. In the second 
solution the parameter information is stored outside Vertex HD to a separate XML file, 
but the macros are still specially designed to fill the requirements of visualization. In the 
third (Figure 7) and the best solution normal hydraulic symbols found from Vertex HD 
symbol library are used. The parameters are stored to a separate XML file and 
visualization symbols are made with Inkscape, a general-purpose SVG editor. 

 
Figure 7. Distributing and mapping of information 
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The third solution (Figure 7) is more flexible than first two solutions, since the 
application to provide engineering data is not locked to any software house. The 
exported SVG file of hydraulic diagram is only used to store information of the 
components and their relations. This information is possible to collect also from other 
diagram drawings like Microsoft Visio drawings. In addition, this approach enables 
mapping the data to other engineering application, since the identifier for each 
component or component assembly is given only in one single place, in the PDM-
system. All the files are saved to PDM-system that handles the identifier mapping 
between data. The unique identifiers are essential to map components to information in 
the PDM system and to simulation model sketches. Vertex HD could also use the same 
identifier to link the information and enable the modification of parameters in Vertex 
HD. 
Each of the items in the component library has a unique component identifier 
(componentID) and for each component there is one instance in the data library. Vertex 
HD symbols, SVG symbols and simulation models sketches are parameterizable and 
thus reusable. All Vertex HD symbols have a unique symbol identifier (symbolID). 
Since the same symbol is possible to use more than ones within one hydraulic diagram, 
each instance on the hydraulic diagram has additionally a unique macro identifier 
(macroID). The unique component identifier in PDM must be link to the component’s 
macro identifier in Vertex HD to enable the parameter mapping later. The symbol 
identifier is mapping the correct sketch of simulation model for each component. The 
component and macro identifies the components and parameters in the generated 
simulation model uniquely even the same sketch is used multiple times. 

The  tool  chain  to  map  the  data  and  generate  simulation  models  would  be  done  using  
small scripts, which are a part of bigger information processing pipeline in the project as 
described by Nykänen et al. The first short script would combine the information from 
the SVG-image and parameter files into an exchange format. The second script would 
generate a Simulink mdl-file and an m-file according to the information in the exchange 
format. [3] 

5. DISCUSSION 

At the moment the required information must gather manually, since the documents are 
meant only for manufacturing. Studies show that the engineering data should be more 
accessible than today to achieve machine understandable documentation. This means 
that the data formats must be application independent and data is described by means of 
sufficient meta-data. However, the documentation does not overcome all the problems 
of simulation model generation. The automatic generation of the simulation model is a 
complex task, even if the documentation is done perfectly. Manual work is most likely 
still required to finalize and verify the generated models. 
We believe that XML has a key role, solving the problem of information exchange 
between engineering applications and in creation of a tool chain from the hydraulic 
engineering documents to simulation models. In addition, the value added by semantic 
modeling formats, such as RDF, could be further investigated. However, generating 
only simulation models for the learning environment is not practical and could take 
even more time than traditional methods. Thus it is important that also other material 

454



required in the learning environment is generated base on the source material. This 
means for instance 2D dynamic hydraulic diagrams and bill of materials. 
In the future the original component information is valuable to save in XML-based 
formats. Other engineering design documents like CAN, electrical wiring and 
mechanical design, should also be created based on the same principles. Then it is not 
only possible to generate simulation models for hydraulics, but also for other systems. It 
also makes possible to generate other material for instance user manuals and 
documentation for a machine system. As the component information is written into an 
XML file, it is possible to convert the data to other XML-based formats. For instance 
web based documentation or traditional documentation like PDF documents.  
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Appendix A: Simulation parameters for cylinders in a SimHydraulics model and a specially for learning 
environments designed model 

Description Identifier Possible source files SimHyd- 
raulics 

Special 
purpose 
model 

Unit 

  Component parameters  
Piston area A areaA PDM, hydraulic 

diagram, 3D-drawing 
x x [m2] 

Piston area B areaB PDM, hydraulic 
diagram, 3D-drawing 

x x [m2] 

Piston diameter diameterA PDM, hydraulic 
diagram, 3D-drawing 

o o [m] 

Piston rod diameter diameterB PDM, hydraulic 
diagram, 3D-drawing 

o o [m] 

Piston stroke stroke PDM, hydraulic 
diagram, 3D-drawing 

x /o x / o [m] 

Piston initial position initial_position PDM, hydraulic 
diagram, 3D-drawing 

x x [m] 

Dead volume A v0_A PDM, hydraulic 
diagram 

x x [m3] 

Dead volume B v0_B PDM, hydraulic 
diagram 

x x [m3] 

Specific heat ratio heat_ratio Not normally given x  - 

Contact stiffness contact_stiffness Not normally given x x [N/m] 

Contact damping contact_damping Not normally given x x [N/(m/s)] 

Friction parameters F_S, F_C, v_s, 
b… 

Not normally given  x - 

Cylinder orientation orientation Not normally given x  [text] 
Required information to connect sketches to each other and to other systems 

Position of 
mechanical joint A 

jointA 3D-drawing x x (x, y, z,) 
[m] 

Position of 
mechanical joint B 

jointB 3D-drawing x x (x, y, z,) 
[m] 

Mechanical joint type 
A 

joint_typeA PDM  x [text] 

Mechanical joint type 
B 

joint_typeB PDM  x [text] 
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Connection of flow 
port A 

flow_portA Hydraulic diagram x x [text] 

Connection of flow 
port B 

flow_portB Hydraulic diagram x x [text] 

Leakage flows flow_leakage Calculated in the 
simulation 

 x [m3/s] 

Flow in port A flowA Calculated in the 
simulation 

x x [m3/s] 

Flow in port B flowB Calculated in the 
simulation 

x x [m3/s] 

Acting force force Calculated in the 
simulation 

x x [N] 

Pressure in chamber A pressureA Calculated in the 
simulation 

x x [Pa] 

Pressure in chamber B pressureB Calculated in the 
simulation 

x x [Pa] 

Piston position position Calculated in the 
simulation 

x x [m] 

Piston velocity velocity Calculated in the 
simulation 

x x [m/s] 

Additional information for learning environment 
Leakage signal - A to 

B chamber 
leak_A_B Simulation model 

sketch documentation 
 x [bool] 

Leakage signal - A 
chamber to outside 

leak_A_out Simulation model 
sketch documentation 

 x [bool] 

Leakage signal - B 
chamber to outside 

leak_B_out Simulation model 
sketch documentation 

 x [bool] 

Mechanically broken 
piston signal 

broken_piston Simulation model 
sketch documentation 

 x [bool] 

x required to give for model, o traditionally found in component documentation 
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ABSTRACT 

This paper reports on the preparatory work that has been undertaking by LMS 
International  to  investigate  active  rotor  blades  for  helicopters  in  the  framework  of  the  
European  project  JTI  Clean  Sky  -  Green  Rotorcraft.  To  be  able  to  evaluate  the  
performance of such rotor blades, an integrated modelling and simulation approach is 
required of the rotor blade dynamics and the embedded active systems. Because the 
dynamic behaviour of a helicopter main rotor is highly complex, specialised software 
tools have been used to analyse helicopter rotors. However these bespoke tools have 
very limited capabilities to interface with other analysis tools. As a result, the analyses 
of  the  helicopter  structure  or  systems  often  require  an  iterative  process  of  performing  
separate analyses with different specialised software tools. Therefore, the modelling and 
analysis of a rotor in generic simulation platform with open interfaces to other 
simulation  tools  could  facilitate  the  integrated  simulation  of  a  rotor  dynamics  and  
helicopter systems. To this purpose, a simulation model of an articulated rotor with 
swash plate was created in LMS Virtual.Lab Motion which is a general-purpose multi-
body solver built on the CATIA v5 architecture. Secondly, a model of conceptual 
hydraulic actuation and control system for the rotor swash plate was created in the LMS 
Imagine.Lab AMESim. The latter is a generic simulation environment for multi-physics 
systems. Consequently, coupled simulations can be performed by linking the forces, 
displacements and velocities of the actuators in the system simulation to the swash plate 
in the multi-body simulation.  The aim of the simulation is to validate the dynamic 
behaviour of the rotor model with reference data from project partners while 
demonstrating the coupled simulation between a multi-body model and a system model 
in context of the helicopter rotor. The preliminary results show that a generic multi-
body simulation tool can be used to simulate the dynamic behaviour of a helicopter 
rotor  while  it  can  be  coupled  with  the  simulation  of  actuation  and  control  systems  to  
predict accurately their behaviour. 

1. INTRODUCTION 

Because the behaviour of a helicopter main rotor is complex, specialised flight 
mechanics software tools, such as CAMRAD©, are used to analyse a helicopter rotor. 
These tools determine the rotor performance and can used to identify the loading from 
the rotor in the helicopter structure and systems. However these bespoke tools have very 
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limited capabilities to interface with other analysis tools. As a result, the analyses of the 
helicopter structure or system that are linked the main rotor often require an iterative 
process of performing separate analyses with different specialised software tools. 
Consequently, the design process is slow and cumbersome and results in a sub-optimal 
design.  

Modelling and simulation of a rotor in generic simulation platform with open interfaces 
to other simulation tools could facilitate system-level analyses of helicopters. And 
consequently, reduce the time-to-market phase of new and better products. In particular, 
it would facilitate the analysis and optimisation of the interaction between a helicopter 
rotor and other systems. To this purpose, a simulation model of an articulated rotor with 
flexible blades was created in the general-purpose multi-body simulation environment 
LMS Virtual.Lab Motion.  
To demonstrate and evaluate the dynamic interaction simulation of the rotor with 
another system, a conceptual model of a hydraulic flight control system was modelled 
in the LMS Imagine.Lab system simulation environment. The interaction between the 
rotor and actuation was investigated in a co-simulation process.   
Also the interaction with other systems and structures can be analysed. For instance a 
model of a mechanical control mechanism can be included to evaluate stick forces in 
different flight conditions. Additionally, the rotor model can be used to identify loads in 
the rotor mast which then are used to analyse the rotor gearbox and the helicopter 
structure. Also FE models of rotor components can be added to perform detailed stress 
or durability analyses.  
This work has been carried out as part of research activities in the European project JTI 
Clean Sky. In this project,  LMS international is  a partner in the Green Rotorcraft  sub-
project. In this sub-project, one of the objectives is to develop smart rotor blades. The 
contributions of LMS aim to provide an integrated simulation environment that can be 
used to study the interaction of the active flow control system and the rotor.  

The next three sections will briefly introduce multi-body simulation and system 
simulation followed by the explanation of the coupled simulation. In Section 5, the rotor 
multi-body model is described. In the following section, a case study is presented of a 
co-simulation of the rotor model with the conceptual hydraulic flight control system. 
Finally, the conclusions are drawn and future work and development are sketched out. 
This paper finishes with acknowledgements and references. 

2. MULTI-BODY SIMULATION 

A multibody system is used to model the dynamic behaviour of a mechanical system 
which can be composed of interconnected rigid or flexible bodies, each of which may 
undergo large translational and rotational displacements. The motion of bodies is 
described by its kinematics behaviour. The dynamic behaviour results due to the 
equilibrium of applied forces and the rate of change in the momentum and the 
introduction of kinematic constraints. Nowadays, the term multibody system is related 
to a large number of engineering fields of research, especially in robotics and vehicle 
dynamics.  As  an  important  feature,  multibody  system  formalisms  usually  offer  an  
algorithmic, computer-aided way to model, analyze, simulate and optimize the arbitrary 
motion of possibly thousands of interconnected bodies 
The concept is that a body is considered to be a rigid or flexible part of a mechanical 
system. It has six independent kinematical possibilities to move in the case of general 
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spatial motion, referred to as degrees of freedom which include three translational 
degrees of freedom and three rotational degrees of freedom. Links between the bodies 
are defined to constrain their motion in order to obtain the required behaviour of the 
mechanical system. A constraint condition implies a restriction in the kinematical 
degrees  of  freedom  of  one  or  more  bodies.  The  classical  constraint  is  usually  an  
algebraic equation that defines the relative translation or rotation between two bodies. 
Constraints usually represent physical joints.  

An important consideration that serves to classify mechanical systems concerns the 
source of forces that act on the system. Typical external forces can be the gravitational 
force or aerodynamic loads while internal forces are introduced by specified stiffness or 
damping between bodies or using flexible bodies. The effect of forces is particularly 
important in modern mechanical systems in which some form of control is exerted. 
Force effects due to electrical and hydraulic feedback control subsystems play a crucial 
role in the dynamics of modern mechanical systems. The scope of mechanical system 
dynamics is, therefore, heavily dependent on the classes of force systems that act on the 
system.  
Consequently, the mechanical system can be characterised based on the algebraic 
equations of constraint and differential equations of motion. As a result, a set of 
Differential-Algebraic Equations can be derived as follows (Newton-Euler’s Form): 

 

Where: 

equationson accelerati of derivative Second
onsacceleratiq

sMultiplier LaGrange
matrix mass  M

etc.)actuators, dampers, springs,(Bushings,  cesAppliedForQ
Jacobain  Constraint

a

q

 

Several time integration methods exist to solve the DAEs. These can be explicit or 
implicit and single step or multistep. 

Virtual.Lab Motion (Figure 1) is part of the Virtual.Lab 3D simulation environment of 
LMS International. It is a mature parametric multibody simulation environment with an 
open architecture based on CATIA v5. It can do full kinematic and dynamic simulations 
of mechanisms with a mix of rigid and flexible components to identify forces, 
displacements, velocities, and accelerations. Besides a multi-body simulation, Motion, 
LMS Virtual.Lab also includes fatigue, NVH, acoustic and optimisation simulation 
capabilities. Therefore, results from multi-body simulations can be used to define time 
varying stress, durability fatigue-life, and even acoustic radiation from surfaces. 
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Figure 1. LMS Virtual.Lab GUI 

3. SYSTEM SIMULATION 

System simulation aims to simulate and analyse the dynamic behaviour of technical 
systems. Advanced simulation environments can combine multiple domains or physics. 
A system model is composed of components which represent physical parts of the 
required system. These components are described by analytical or tabulated models 
representing the physical behaviour of the system. Based on physics, analytical models 
use a set of equations, mainly Ordinary Differential Equations (Figure 2), that are used 
to qualify the dynamics of the component. Each component exchanges information in 
both direction using flux and effort variables to satisfy energy conservation. 
Additionally, a component is parametric and can be defined before a simulation 

 
Figure 2. Alternative representations of different systems 

Assembly of the model generates a complete non-linear space state function that can be 
automatically solved. Advanced solvers can even make their algorithm choices as a 
function  of  the  numerical  stiffness  of  the  system  modelled.  This  approach  enables  to  
simulate the behaviour of systems long before detailed CAD geometry is available. 
Hence, it is also often referred to as 1D simulation as opposed to 3D simulation based 
on CAD geometry. 

LMS Imagine.Lab AMESim (Figure 3) is a platform for system simulation. A physics-
based model of the system is created by assembling pre-defined validated components 
from libraries using a graphical representation of the components. It enables building 
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multi-physics models using a library of validated components, including Modelica 
models, from different technical domains, including mechanics, hydraulics, electrics 
and thermal. 

 
Figure 3. LMS Imagine.Lab AMESim GUI 

4. CO-SIMULATION 

Co-Simulation is a methodology to simulate the overall behaviour of integrated systems 
while using different simulation tools simultaneously for individual sub-systems or for 
different levels of detail. Consequently, the integrated systems can be simulated while 
using the most suitable software tools and solvers for the different sub-systems. For 
example, co-simulation can be performed between a 1D system simulation environment 
in order to analyse the behaviour of the system and a 3D FEM or CFD simulation 
environment to take into account detailed results of critical sub-systems. Another 
example is co-simulation between a system simulation tool to identify the physical 
phenomena and a dedicated control simulation tool to provide a feedback loop.  

There are different types of co-simulation. What sometimes is referred to as coupled 
simulation embeds state equations with a description of the system in one environment 
(e.g. MBS or 1-D model) into these of another environment (e.g the control model). 
This means that each solver calculates its derivatives or state variables and makes them 
available to one global system simulator, which in turn does the numerical integration. 
The use of a single solver has many advantages in that there is no artificial delay 
between various subsystem components, as all state equations are solved 
simultaneously. 

Alternatively, a combined simulation can be done where each simulator is run 
separately and their inputs and outputs are communicated to the other subsystems at a 
discrete time interval. A master controller coordinates the time stepping of the different 
subsystems  and  their  exchange  of  information.  The  power  of  this  approach  is  that  
widely varied subsystems can be connected and their own solvers (which have been 
tuned for a specific application) can be used. 

A coupled simulation can be performed between Virtual.Lab Motion and Imagine.Lab 
AMESim. Simulations can be performed using detailed 3D models of mechanisms in 
Motion  together  with  accurate  systems,  e.g.  hydraulics,  in  AMESim.  The  results  are  
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available in their respective environment. However, since Virtual.Lab is driven the 
simulation, it can also modify design variables and monitoring parameters of the system 
simulation. 

5. ROTOR MODEL 

The objective was to establish the modelling procedure of a helicopter rotor with 
flexible blades in Virtual.Lab Motion that can be integrated with other systems or 
structure of a helicopter. The dynamic behaviour of blade model will be validated for 
the baseline blade defined for the Clean Sky GRC1.1 working package by 
AgustaWestland in [4]. Therefore, a multi-body model of the rotor was developed that 
is composed of fully articulated flexible blades.  
The software package Virtual.Lab Motion is capable to include flexible bodies through 
their modal representation derived from a separate finite element analysis that needs to 
be  performed  before  the  multi-body  simulation.  At  this  blade  design  stage,  the  
information about the structural properties of the sections is available only as lumped 
parameters defined in some sections along the radius. Therefore, instead of building a 
complex FE model, it has been decided to use a simpler approach that has also the 
benefit  of  speeding  up  the  computational  time.  The  blades  are  discretised  in  rigid  
sections which are interconnected with ‘Beam’ elements. The ‘Beam’ element is a 1D 
force element and is described by a stiffness matrix (Equation 2) and damping and has 
to be connected to two rigid bodies that can be used to model the inertia properties 
along the beam. 

 

The creation of the blade is started from the definition of the rigid bodies. Each of them 
is characterized by a profile, an aerodynamic twist angle, the location of the centre of 
gravity and the orientation of the inertia principal axis system. The x-axis of each body 
corresponds to the feathering axis of the blade while the y-axis is defined on the profile 
section towards the leading edge. Due to specified aerodynamic twist of the blade, each 
blade section has a specific rotation around its aerodynamic centre which is the quarter 
chord. The geometry of the profile is here used only for visualisation properties since 
the inertial characteristics are specified for each blade section. 

The complete discretised blade model is shown in Figure 4. It shows that the feathering 
axis is swept backwards at the blade tip. Also, blades sections near the hub without 
aerodynamic profile have been modelled with circular cross-sections. The first blade 
section is connected to the hub which is connected to the ground with a revolute joint 
which one rotational DOF. Finally, the pitch, flap and lead-lag hinges can be included 
as joints adjacent blade sections. In this case, the hinges coincide, two of the initial 
blade sections are connected through a spherical joint. Additionally, a bushing element 
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is associated with the joints and is used to limit the maximum rotation in each of the 
rotational DOF, hence acting effectively as end-stops.  

 
Figure 4. Isometric and lateral view of flexible blade model 

Finally, a rotor model was created composed of four blade models. The sub-structuring 
functionality in Virtual.Lab Motion was used to include four times the same blade. This 
means that only one blade model is used in the rotor model. This ensures that the 
simulation is computational efficient and in case a change is made in the blade model, it 
is reflected automatically in all four blades. Furthermore, the rotor model includes a 
conceptual representation of a swash plate together with the push rods and pitch horns 
in order to control the collective and cyclic pitch of the blades. The swash plate is 
composed of an inner and outer ring. The inner ring does not rotate but can move 
vertically and can tilt longitudinal and lateral. The position of this ring is controlled by 
the flight control system. The outer ring is connected to the push rods and hence rotates 
together with the blades. Inner and outer rings are linked with a revolute joint. The push 
rods are modelled as spring elements to take into account their stiffness. The coupling 
between the flap and pitch of the blades is achieved to due the geometrical definition of 
the pitch horn.  

 
Figure 5. Multi-body rotor model in Virtual.Lab Motion 

Finally, the modelling process for this rotor model was automated by using the scripting 
capabilities of Virtual.Lab. This included the creation of a bespoke user interface where 
the elastic and inertia properties can be specified or loaded from the predefined 
spreadsheet together with the hinge properties and simulation settings. Consequently, a 
rotor model can be rapidly generated. 
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To simulate the rotor motor, a rotational velocity driver is applied to the hub. This 
allows a prescribed rotational speed profile. In practice, this means that the speed is 
gradually increased until its nominal speed and subsequently kept constant until the 
transitional effects have decayed. At the end of the time simulation, the rotor should be 
in steady-state. Figure 6 shows the vertical tip displacement over time for different 
nominal rotor speeds.  

 
Figure 6. Blade tip vertical displacement at different rotation speeds 

In order to validate the dynamic behaviour of the rotor model, a modal analysis can be 
performed to assess its natural frequencies at different rotational regimes and compared 
with the data provided on reference blade in the Clean Sky GRC project. To determine 
the natural frequencies of the blades, a linearization can be performed at every time step 
during the multi-body simulation. Consequently, at every time step, the eigenvalues and 
eigenvectors of the blade are obtained. Once the blade is in steady-state, the eigenvalues 
should remain constant.  

 
Figure 7. Example of evolution of the natural frequency of a mode at different 

rotation speeds 
Figure 7 depicts the eigenvalue of a blade mode as a function of time for different of 
nominal rotation speeds. It can be seen that the eigenvalues stabiliser at higher values 
for higher rotation speeds as can be expected due to the blade stiffening effect. These 
results for the main modes are usually represented in a Campbell diagram.  
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6. CASE STUDY 

In  order  to  demonstrate  and  evaluate  coupled  simulation  functionalities,  a  model  of  
conceptual hydraulic actuation and control system was created in the LMS Imagine.Lab 
AMESim. This system is depicted in Figure 8. 

 
Figure 8. Conceptual hydraulic actuation and control system for helicopter swash 

plate 
It is composed of three hydraulic actuators which are supplied to a communal ideal 
hydraulic pressure source. Each actuator is operated by a 3-position servo-valve with 4 
ports. This means that each actuator can be extended or retracted independently. The 
servo-valves that operate the actuators are controlled with a signal that can vary 
between -1 and +1. The rod of each piston is connected to a convertor which converts 
linear mechanic motion into a signal and back. In this way, the forces of actuators are 
measured and subsequently passed to the interface block with LMS Virtual.Lab Motion. 
These forces are subsequently applied at three interface nodes in the multi-body model. 
These interface nodes are spaced evenly on the static plate of the swash plate as shown 
in Figure 9. The resulting displacements and velocities at the same interface nodes, are 
fed back to the interface block in AMESim and subsequently to the convertor that is 
connected the actuator rod. 

 
Figure 9. Swash plate model with interface points for actuators 

The required position of the swash plate is defined with 3 independent time-variable 
input signals which are respectively the collective pitch, the lateral and longitudinal 
cyclic pitch. This means the required collective and cyclic pitch can be defined over the 
duration of the simulation as input to the system. Using mathematical operators, these 
required pitch settings are subsequently converted in the required displacements for 

Interface nodes 
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each of the interface nodes on the swash plate. The measured displacements obtained 
from the interface block are subtracted from the required displacements. The differences 
are then used by PID control units to operate the servo-valves. As a result, a controller 
with feed-back loop is obtained.  
The green line in Figure 10 shows required displacements for the three interface nodes 
based on the required pitch settings while the red line depicts the actual displacements. 

 
Figure 10. Required and obtained displacement at the interface nodes 

Figure 11 depicts the forces in the three interface nodes. These forces can be obtained in 
the model of the hydraulic system as well as in the multibody model of the rotor. This 
figure shows an initial transient period during which the rotor speed increased. After the 
rotor speed has stabilised, also the forces attain a cyclic occurrence. This cyclic 
occurrence is changed every time the pitch settings are changed. Again, it should be 
noted that no aerodynamic forces on the blade were taken into account in this 
simulation. 

 
Figure 11. Forces at the interface nodes 

7. CONCLUSIONS 

A model of helicopter rotor with flexible blades has been developed in the generic 
multi-body simulation environment LMS Virtual.Lab Motion. The aim is that once the 
rotor model is created and validated, it can be integrated or coupled with other analyses. 
To demonstrate this, a multi-physics model of the conceptual hydraulic control system 
was created in LMS Imagine.Lab AMESim. This model was subsequently coupled with 
the multi-body rotor model. 
This can have many applications, including the design of flight controls systems and 
load identification in components of the rotor head. Additionally, the rotor blade will be 
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used in context of the Clean Sky Green Rotorcraft research programme to simulate the 
control and actuation systems embedded in the blades for active flow control. 
The future work will extend the rotor model with aerodynamic schemes in order to 
account for the aerodynamic forces that act on the blades. Furthermore, the functionality 
of Virtual.Lab will be extended to improve to support for modelling helicopter rotors, 
including automation routines and bespoke processing capabilities such as Campbell 
diagrams. 
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ABSTRACT 

Recent European studies identify compressed air systems as one of the major consumers 
of energy in the transnational system. The widespread use of compressed air justifies 
efforts to reduce losses within its infrastructure. Project EnEffAH1 was created in 2009 
to search for solutions to the compressed air energy efficiency problem; this paper 
presents our progress as part of EnEffAH, where the current focus is on model-based 
analysis of pneumatic networks. Models for pneumatic network components with 
different level of abstraction are presented and combined to an overall network model. 
Accounting for each single component in the network, leads to models of high 
complexity. A known approach to simplify the resultant system is applied and the 
model is validated with experimental data. The model and its dynamics are studied with 
respect to parameter sensitivity and operating point accuracy. Furthermore, an 
exemplary observer-based analysis is implemented and validated. The challenges for the 
implementation of system theory approaches in real manufacturing networks are shown. 
They focus particularly on the problem of sensor placement, data capturing and 
measurement accuracy. 

KEYWORDS: Pneumatic networks, model-based analysis, modeling, observer 
design, sensor placement, data capturing. 

1. INTRODUCTION AND OVERVIEW 

The efficient usage of energy resources in production processes is nowadays one of the 
primary business goals in modern companies. Globalisation and competition in 
industrial production areas enforce the reduction of manufacturing costs and tightened 
the reduction of energy losses during manufacturing processes. Reference [1] states that 
                                                            
1 EnEffAH – Energieeffizienz in der Produktion im Bereich der Antriebs- und Handhabungstechnik (engl.: energy efficiency in 
manufacturing and handling systems), aided by Bundesministerium für Wirtschaft und Technologie, (http://www.eneffah.de). 
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a considerable percentage of the total European electrical energy consumption goes to 
the production of compressed air. Therefore, novel engineering concepts are required to 
enhance the efficiency of the infrastructure and reduce losses during generation, 
transmission and use. Recent audits [2] show which part of the compressed air 
infrastructure offers best practical saving potential: it is estimated to be 16% in 
generation, 18% in transport and 2% in usage. Project EnEffAH was created in 2009 
including several industrial and academic partners. They search for solutions for 
enhancing compressed air energy efficiency both studying techno-economic evaluation 
approaches [3] and applying well-known and novel engineering concepts. As the 
importance of compressed air energy efficiency grows for companies and government 
regulators, so does the need for theoretical analysis [4]. By applying system theory 
approaches the behaviour of the system is analysed, studied in detailed and possible 
saving potentials are located. In Fig.1, three main research areas of EnEffAH are listed. 
The project wants not only to minimize the consumption by optimizing the application 
or reducing leakage losses and pressure drops (top-down) but also to make the 
generation and distribution of the compressed air more efficient (bottom-up).  

Generation of compressed air
Saving potential ~16%

Main loss during process of compressing air

Distribution of compressed air
Saving potential ~18%

Leckage losses, pressure drops

Application
Saving potential ~ 2%

 
Figure 1. Research areas of the project EnEffAH: generation, distribution and 

application with their individual saving potential regarding energy losses 

This paper presents our progress as part of EnEffAH, where the focus is on the model-
based analysis of pneumatic networks covering the generation and the distribution of 
compressed air up to aggregated consumers. Currently, the modeling process focuses on 
the detailed mathematical description of pneumatic drive components (valves, cylinders, 
storages) [5]. While this approach is suitable for machine design and small network 
layouts, it is inadequate for large industrial-grade networks. By implementing different 
model-based analysis approaches, the challenges and prospects of system theory within 
the framework of efficiency improvements are studied. The focus is here on the 
reduction of leakage losses, the optimisation of the generation unit and the development 
of monitoring concepts for compressed air network.  

The paper is structured as follows: Section 2 summarizes the main modeling approaches 
for pneumatic network components with differing levels of abstraction. Simplified 
models for the distribution, generation and consumption are then combined into a 
network model. In Section 3, the abstract network model is shown and analysed based 
on system theory approaches such as parameter sensitivity, operating point accuracy and 
dynamic behaviour of its states. The simulated states of the model are validated with 
measurements from an industrial installation. By implementing an extended Kalman 
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filter for the shown system, a leakage within the network is detected when developing. 
While implementing and performing this strategy, some challenges came up regarding 
sensor placement, data capturing and measurement accuracy. They are shown and 
discussed in Section 4.  Finally, Section 5 summarizes the contents of the paper. 

2. SYSTEM COMPONENT MODELING 

In this section, the main infrastructure installations from generation to the application 
(not the application itself) are shown and modeled by algebraic and ordinary differential 
equations. Differing levels of abstraction are chosen for changing simulation 
requirements.  The choice of simulation software is mainly divided into object-oriented 
(Dymola, AMESim) and signal flow (Matlab/Simulink) oriented programs. As will be 
shown now, each has advantages and disadvantages in terms of flexibility, accessibility 
of the dynamic equations and resemblance to real systems. Technical systems work 
naturally with interactions between its elements, referenced to as potential and flow 
variables. In pneumatic systems, the potential variable is represented by the pressure p 
and the flow variable by the mass flow . In object/block-oriented software the 
interactions between two elements (e.g 

m
1 2=end startp p  and between 

element 1 and 2) is considered explicitly by algebraic equations and special differential-
algebraic solvers are applied [6]. The blocks can be easily connected, similar to real life. 
Compared to that, signal flow oriented simulation programs need feedback loops that 
complicate the simulation plan and increase challenges for numerical well-conditioned 
models. For the implementation of system theory concepts such as model-based fault 
diagnosis and isolation (FDI) techniques [7], the use of the program Matlab/Simulink is 
chosen where debugging, flexible programming and insights in the model equations 
available [8, 9]. In the following, the main system components of a pneumatic network 
(generation, distribution and application) are described and represented by simplified 
models. 

1 2= −end startm m

2.1. Generation models 

Generation models include the modeling of one or several compressors, the air 
treatment unit and the central storage. The goal of the generation unit in a compressed 
air network is a) to deliver the consumed air instantly and b) to keep the pressure level 
constant. Previous work within the EnEffAH project dealt with the derivation of a 
dynamic model for oil-flooded screw compressors (please refer to [10, 11]).  This model 
is currently used for a detailed study of loss sources within one compressor block and 
the optimization of the compressor station itself (design and operational strategy). 
Simpler models consider the fact that most compressors are running in on/off strategy 
[12]. Nowadays, compressor stations consists of a mix of several compressor types that 
are able to deliver as much mass flow as needed within a reasonable time delay 
dependent on the overall control. This can then be either represented simply by an 
unlimited mass flow model or by a PI-controller for the pressure within the storage 
whose input is the pressure in the storage and its output is a limited mass flow as shown 
in Fig. 2.  

The air treatment unit is not considered in the following but can be split into two 
models: filters cause a pressure drop in the system; dryers mainly cause a loss of air 
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flow. They can be modelled as a resistance and a consumer within the network, 
respectively. Storages are placed after the compressors and air treatment unit to a) 
buffer high-dynamic pressure changes in the network and b) to keep some reservoir in 
case of a failure of the production system. Storage models can be either modelled with a 
constant temperature or an additional differential equation for the temperature. 
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Figure 2. Simulation of a modern compressor station with a simple PI controller 

for a storage container (limited mass flow constraint active). 

As the dynamics of the storage are very slow and the pressure range limited, the 
temperature TS is normally assumed to be constant. The complete dynamic equations for 
the pressure pS and temperature TS look as follows 

( ) ( ), ( ) S S S
S prod prod cons cons S prod prod cons cons

S S

nRT T TnRp t T m T m T t T m T m
V p n

⎛ ⎞⎛ ⎞ ⎛ ⎞= − = − − −⎜ ⎟⎜ ⎟ ⎜ ⎟
⎝ ⎠ ⎝ ⎠⎝ ⎠n

T

   (1) 

with R as general gas constant,  as consumed mass flow, as produced mass 
flow, n as polytropic coefficient and as temperature of mass flow rates (with 

for most applications). 

consm prodm

/cons prodT

cons ST =

2.2. Distribution models 

Distribution models include the modeling of fluidic transmission pipes of varying sizes 
(from small tubes within drive application with a diameter of down to 4mm to big pipes 
of a diameter up to 120mm) and lengths. Additionally, the pipes are connected by 
armatures (bends, elbows, T-pieces, ball valves). Pipes are approximately modelled as 
simple pneumatic resistances (similar to valves) with a sonic conductance C and a 
critical pressure ratio b according to [13]. There exist several formulas that compute the 
C,b-values dependent on the length L and the diameter D of a pipe [14] (see Fig. 3).  
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Figure 3. Simplified model for pneumatic transmission lines based on C,b-values 

and throttle-similar flow characteristics 
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The model shown above covers one of the four characteristics of a transmission line, 
namely the pressure drop dependent on the flow rate. Further characteristics as the dead 
volume of the pipe, the limited speed of the pressure waves and the reflection of the 
pressure waves inside the pipe are neglected. A numerically stable model for signal flow 
oriented simulation programs based on the exact partial differential equations [15] has 
been implemented. It uses the vertical line method to solve the equations and is applied 
for the detailed simulation of pneumatic applications. The model is of low order but still 
not applicable for network models. The results can be seen in [16].  

The usage of the C,b-values makes it easy to connect several elements of a network 
together by either series or parallel connection of those, e.g. Cges = C1 +…+ Cn for 
series connection. Armatures are not characterized by a C,b-value and pressure ratio 
dependent flow function but by a friction factor ζ according 22p wς ρΔ =  with w as 
flow velocity and ρ  as density [17]. The C,b-values and ζ can not be combined 
mathematically. Hence, it is difficult to represent armatures and pipes by one aggregated 
conductance value. It is possible to add those elements to simulation programs but it is 
neglected here as the complexity of the systems rises dramatically.  

The shape of the flow function is often difficult to handle for differential equation 
solvers. In pneumatic networks, the pressure ratio is normally close to one where the 
derivative of the flow function goes to infinity. To enhance the speed of the simulation, 
the flow function was better conditioned in terms of numerical simulation methods.  
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Figure 4. Plot of flow function and two different approximations of function 

behaviour close to q=1: linear approximation and polynomial approximation. 

In Fig. 4 the original and adapted flow function is shown. For pressure ratios less than 
0.999 the flow function was approximated by a polynomial of order two and three 
parameters. The linear approximation is often used but lacks compared to the 
polynomial function the missing smoothness. 

2.3. Consumer models 

There exist a variety of different consumers of compressed air. The ones that are related 
to pneumatic drives are typically pneumatic cylinders and valves. Their modeling is 
often complex and should not be integrated into a network model with often more than 
one hundred consumers. Consumers such as blow pistols can be easily added as a 
pneumatic throttle with a certain C,b-value. For the validation of network models either 
a good and simple model of the consumer is known or the network model is added by a 
block with measurement data from the mass flow profile. For general studies of the 
network, simple stochastic volume flow profiles are simulated (see Fig. 5). 
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Figure 5. Three different consumption profiles representing typical compressed air 

consumers (blow pistols and cylinders with varying consumption). The sum of 
the three profiles represents a typical network volume profile. 

3. NETWORK MODELING AND OBSEVER-BASED ANALYSIS 

In the previous section, the main elements of the pneumatic infrastructure are shown. 
With those components large network models (considering all pipes, armatures, 
consumers and the generation unit) can be built up. The easiest way to do that is in an 
object-orientated simulation software such as Dymola. An example network has been 
chosen and modeled in Dymola.  
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Figure 6. Network plan of the real pneumatic test network and a graphical sketch 

of the abstract model chosen for a certain path through the network. 

The number and types of elements in the network are listed with the following 
definition: type 1 with outer diameter Da = 28mm, type 2 with Da = 42mm and type 3 
with Da = 54mm, lengths of pipes vary between 0.5...6m): pipes (5x type 1, 28x type 2, 
5x type 3), bends 90° (3x type 1, 16x type 2, 5 type 3), bend 120° (5x type 2). There are 
additionally some dead volume branches not listed here. The network plan is shown in 
Fig. 6 accordingly with the chosen measurement path in thick black lines. The 
implementation in Dymola leads to approximately 2000 equations that are automatically 
simplified by the DASSL solver. The pure dynamic equations are not accessible. A 
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nonlinear model of order 2000 cannot be used for model-based approaches due to 
complexity. As the states should be still related to physical values such as pressure and 
mass flow, model reduction algorithm are hard to apply. The idea is to represent the 
dynamics of the system by only volume and throttle elements. Therefore, 8 volumes and 
8 throttles are connect to each other. For a validation of the model, measurements are 
captured from a nearby industrial installation shown roughly in Fig. 6. Pressure was 
measured at three positions marked in the model graphics by dashed circles. 

3.1. Abstract network model  

The above shown network model is now represented by differential equations for the 
pressure in the volume elements dependent on the mass flow through the throttles 
(according to Eq. (1) and Fig. 3). The system has 8 states. The input variables are 
measured values for the pressure pin and the consumed mass flow . The output 
variables are the measured values for p4,5,7. The model is thus represented by the 
following equations  with the initial conditions 

consm

( , ,in consp f p p m= ) 0 0( )p t p=  
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The system’s equations (2) are now simulated in Matlab/Simulink. Simulation results 
can be seen in the next section where a validation of the model is performed. 

3.2. Validation of model with experimental data 

For a validation for the model, real measurements are captured in the industrial 
installation. The only consumer is represented by a throttle valve whose opening area is 
changeable to re-enact changing consumers. Both the pressure poil and the consumed 
mass flow are taken as input to the system. The main flow path through the network is 
given in Fig. 6. The missing parameters that have to be determined for the model are the 
volumes and the conductance for each throttle. The critical pressure ratio b for each 
throttle is set constant with a value of 0.3. The volumes are determined by adding the 
inner volumes of all pipes and bends that are represented by one volume. The throttle 
values are chosen such that the steady-state behaviour of the model fits to the 
measurements.  

There are two questions that have to be answered first: a) Are the chosen conductance 
values valid for several operating points of the system? and b) How sensitive is the 
system to wrongly estimated parameter values? The answer to the validity of the model 
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for several operating points is given by the plot in Fig 7. It can be seen that one set of 
conductance values is not valid for several set-points. That implies for further studies 
that either the given (non-)accuracy is acceptable for the planned analysis or the model 
cannot be used. The reason for this inaccuracy is the same as mentioned earlier: by 
aggregating several pipes and armature together with their nonlinear system behaviour, 
one throttle C,b-value model cannot model all those effects.  
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Figure 7. Validation of model applying several operating points by changing the 

value of the consumed mass flow. The left graph shows the measured (index m) 
and simulated (index s) pressure 4 and 7. The right plot shows the deviation. 

Under the assumption of an adequate set of parameters, equation (3) is studied for its 
sensitivity: how much do the states change if one parameter is wrongly estimated? A 
full sensitivity analysis dp dθ  for the parameters ( )1 8 1 8,C Vθ =

… …
 is not given here 

[18]. Instead, the steady-state (called ss) of the system is determined given fixed input 
values. The change in the parameters is then approximated by  

( ) ( ), , , ,ss in cons ss i i in consp p p m p e p mθ θ θΔ = − +    (4) 

where ei is the i-th unit vector. The parameter C4 is changed by 5% of its original value. 
The states change immediately by 0.04 bar. This means that the system is highly 
sensitive to parameter changes.  

A short summary so far concerning the derived model: 

• Pneumatic systems are highly nonlinear due to the characteristics of pneumatic 
resistances. The dynamics of the system is called stiff as it covers both high 
dynamic and slow dynamic parts. The stiffness can be examined by computing 
the eigenvalues of the linearized system at certain operating points. 

• The aggregation of several components to one throttle model leads to operating 
point dependent deviations from measurements. 

In the next section, an observer-based analysis is implemented to test the prospects of 
model-based approaches for pneumatic networks based on the simplified model. The 
observer is implemented within the framework for fault detection and isolation 
strategies. For that, a nominal model is needed, where no error occurs. By comparing 
the simulated system to measurements, deviations are interpreted as certain errors, e.g. 
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parameter offsets or leakage effects.  The idea is here to implement leakage detection 
for the network. There are two possible places where leakage could be enforced in the 
industrial network (see Fig. 6, volume 3 and 7). The ansatz is to detect the leakage 
based on a nominal model. The implementation is shown in the next section. 

3.3. Implementation and results of observer-based analysis 

With the mathematical formulation of an observer for the system from Eqs. (2), leakage 
detection for the network is implemented. Reference [19] shows the derivation of an 
extended Kalman Filter approach for nonlinear systems.  
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Figure 8. Results of extended Kalman filter used to detect leakage (estimated 

leakage is shown in plot at the bottom). 

The idea of an observer is the reconstruction of the states by knowing the inputs and 
measuring some or a combination of system’s states. If the right combination of states 
for the measurements is chosen, the system will be called observable. The possible 
leakage is added to the system as an additional state whose value has to be estimated 
changing over time. The dynamic equations are updated as follows (not shown state 
equations stay unchanged): 

( )( )1
3 3 5 6 3, L

L
dmp RTV m p p m
dt

−= − 0.=     (4) 

The new state represents a leakage at  that is constant in each time step . The 
system is observable with the measured pressures. Fig. 8 shows the results of the 

Lm 3V dt
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implemented Kalman filter. The system starts in a nominal operating point with a good 
choice of parameters. At two time steps leakage is applied by opening an exhaust valve. 
The observer estimates the deviations from the simulated states into the leakage state. 
Fig. 8 shows that a leakage is detected but that there is also an offset in the nominal 
state. The reasons are a) the chosen parameter set is valid but not 100% accurate such 
that all model errors are estimated into the additional state and b) in the real network 
there were small leakages that couldn’t be erased totally before the testing. The strategy 
still works if there are two leaks in the systems as the system is still observable. 

4. SENSOR PLACEMENT AND MEASUREMENT ACCURACY  

There are several challenges when applying system theory approaches in practice to 
pneumatic networks. They are discussed in this section. 

The pressure sensors have a limited accuracy. The network examined above had pipes 
of small diameters. Pipes within huge industrial networks are up to 120mm in outer 
diameter. Thus, the pressure drops decrease. Standard industrial sensors are not too 
expensive but suffer from a lack of accuracy.  
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Figure 9. Experiment to determine pressure accuracy of standard sensors by 

measuring pressure at beginning and end of pipe with varying flows. 

In a simple experiment, the real accuracy of pressure sensors was tested: the pressure in 
before and after a pipe element was measured for varying mass flow rates. The sensor 
data was filtered and the pressure drop calculated. It can be seen that with standard flow 
sensors (either Siemens P62 or Festo SDET), pressure drops around 1000 Pa can be 
captured. Fig. 9 shows the results of that experiment.  

Access points for pressure sensors are normally equally distributed over an existing 
network. To apply above shown strategies, mass flow sensors measuring the 
consumption are obligatory. The system has to be split into smaller network parts; 
otherwise the system’s accuracy is too low. Mass flow sensors are either very expensive 
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or difficult to install. Without knowing the mass flow of the consumers, leakage 
detection strategies are infeasible due to the lack of good and simple nominal models. 
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Figure 10. Recalculation of volume flow through pipe based on pressure 

measurements at beginning/end of pipe; validation with measured volume flow. 

The pressure drops in big network pipes are considerably small. If the network is new, 
the pressure drops can be calculated from data sheets for hydraulic smooth pipe 
conditions. Considering a typical pipe element of Da = 50mm, L = 11mm, the ideal 
pressure drop is 550 Pa for a flow rate of QN = 5 m³/min and 1000 Pa for a flow rate of 
QN = 7 m³/min. Fig. 10 shows an experiment based on the measurement data from Fig. 
9. With the equations from Sec. 2.2, the mass flow was recalculated for a defined pipe 
from measured pressure drops over the pipe. It can be seen that the recalculation is quite 
exact.  Thus, if there are good pressure measurements, the mass flow sensors could be 
replaced by the above shown evaluation method. 

The sensor placement is also important for model-based analysis. The implementation 
of a model-based observer requires a good choice of measurements spread over the 
network. There exist rating numbers [20] that determine the rate of observability to 
determine where the pressure sensor should be placed. 

During audits, pressures are monitored automatically every 10 seconds to 1 minute. As 
the dynamics of the pneumatic systems is very stiff, model-based approaches require a 
sampling rate of at least less than 100 Hz. The resolution of the data capturing system 
has to be high as well to not loose detail. Furthermore, the pressure sensors are 
widespread within the network. Thus, a special measurement system based on Phoenix 
Contact hardware (Axioline components) and Bluetooth wireless transmission was 
installed for the leakage detection. The data is sampled with 30ms and a data conversion 
of 12bit, which is sufficient to capture the data rapidly and accurately. 

5. SUMMARY OF RESULTS  

The reduction energy losses within the pneumatic infrastructure are a highly-motivated 
research area. This work focuses on the application of model-based approaches such as 
the implementation of an extended Kalman filter to pneumatic networks. The goal is to 
develop novel engineering concepts which lead to a better understanding of the loss 
sources and possible improvement strategies. After giving an introduction into modeling 
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techniques for compressed air components, an abstract network model based on 
volumes and pneumatic resistance elements was derived. By using this approach it was 
possible to derive a model of low order with which further analysis strategies could be 
implemented. Pneumatic models are shown to be highly nonlinear to parameter 
changes. The stiffness of the system enforces tightened requirements to the usage of 
simulation programs and ODE solvers. The results based on the implemented observer 
showed that FDI strategies could be implemented successfully. But, the amount of 
information coming from the results was mainly dependent on the sensor accuracy and 
the fluctuation of operating points during the diagnosis process as both complicate the 
interpretability. The modeling of pneumatic networks leads always to a trade-off 
between accuracy (modeling of each component, high complexity) and coverage 
(modeling the overall dynamic behaviour, low accuracy).  

In this paper we have demonstrated a practical way to simulate compressed air network 
behaviour. Using these results for the design of realistic system analysis strategies is 
non trivial, as shown in the paper, but it was demonstrated that model-based analysis 
strategies such as observers can be designed. They were evaluated through simulation 
and validated with measurements, enabling in future new theory-based analysis 
techniques to be implemented economically and helping save energy in large scales. 
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ABSTRACT 

In pneumatic systems the consumption of electrical energy depends almost linearly on 

the production of compressed air. Hence, the operation of the pneumatic line in any 

application plant has an enormous effect on the overall energy efficiency. [1] 

During the last few years, several new innovations on pneumatic  systems have been 

implemented. The main feature of these systems is the balancing of the production of 

compressed air.  One of the most recent innovations is based on the idea of circulation 

of compressed air. The Closed Pneumatic  System (CPS), (System for Producing and 

Distributing Compressed Air, Eur. patent application  02700295.5-2425) [2] is based on 

the idea of recycling. The consumed air is gathered into the return pipe and circulated 

for reuse purposes. 

In closed systems the need of the energy in compressors can be reduced by various 

means.  When  CPS is implemented  the system becomes simpler and the need of 

maintenance becomes minor. For example, in some applications of the CPS there is no 

need for the after treatment and  thus the pressure losses (typically 0.3 – 1 bar) are 

eliminated making the system more efficient.   

For the time being, CPS is in pilot use in two woodworking industrial plants in Finland.  

Measurement data from these plants is available to compare CPS with traditional 

compressed air systems.  These measurements typically include pressure, active power 

and active energy of the compressor system. The sampling frequency  is typically high 

(interval 1-5 seconds) making measurements comprehensive and reliable.  

KEYWORDS: compressor, energy efficiency, dynamic model, optimization, Closed 

Pneumatic System 
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1. INTRODUCTION 

1.1. Energy Savings 

During the last few years, the energy efficiency issue in compressed air systems has 

become increasingly important. For example, in the Report for European Commission 

[3] The Energy Research Institute gives recommendations for efficient compressed air 

distribution, compressed air treatment, compressed air monitoring  and auditing. Similar 

suggestions are also made in Fraunhofer Institute report [4]. However, relatively few of 

these suggestions focus on the development of CA  systems with structural means.   

1.2. New innovations 

During last few years, some new innovations to balancing the production of compressed 

air have been developed. The setting of the pressure difference, the optimal minimum 

and maximum values of two point compressor is often a challenging task for 

compressor users.  Since the consumption of the compressed air is dependent on the 

pressure, the pressure level typically rises higher than the needed minimum pressure. 

New structural innovations are mainly based on the idea of balancing the pressure. For 

example, a CA system may be a distributed system[1]. Some compressors are used for 

base load while other compressors  are used to fill the air receiver. The receiver 

regulates the consumption at peak points of the consumption profile. The pressure in the 

system then becomes more balanced. 

1.2.1. Closed Pneumatic System (CPS)[2,5] 

The Closed Pneumatic System is based on the idea of circulation of compressed air. 

One of the most important advantages of the CPS system is the savings in consumption 

of electric energy. When CPS is in use, the leaks in piping can be detected more easily, 

even in real time.  

Depending on the case, the unit of compressed air produced by CPS is about 50% 

cheaper compared to open systems. In conventional open systems energy costs form the 

great majority of the operating costs, being about 70-80%. In CPS the energy need can 

be about half of that in conventional open systems. The after treatment system needs 

service, maintenance and replacement parts. This increases annual operating costs in 

open pneumatic systems. 

Fixed costs do not increase in CPS. After treatment system forms about 30% of fixed 

costs in open systems. This is not needed in closed systems, but there is a need of 

collecting system and return pipe, which is about the same cost as that of after treatment 

system. 
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1.3. Basic model of a two point compressor system [6] 

Based on the analogies of distinct physical system and Boyle’s law for isothermal 

processes, the following first order differential equation for pressure can be derived for 

the pressure  t  (bars) 

 

 
 1 1 0

d t
t

dt


                 (1) 

Where 1  is a time-constant in loading operation of the compressor and   is a 

pressure ratio. 

Correspondingly, during unloading operation   the equation can be written in form 

 
 0 0 0

d t
t

dt


               (2) 

Where 0  is a time-constant in loading operation of the compressor and   is a 

pressure ratio. 

The constants 0 1,   andare system-specific and they depend on the total 

volume of the piping network, pressure dependence factor, the minimum value of the 

adjustable pressure, the proportion of the consumed air and proportion of pressure-

dependent consumption.  

Solutions of equations 1-2 are piecewise exponential curves, discontinuities appearing 

at the moments when consumption is switched on or off.  

2. MEASUREMENTS 

2.1. Measurements in Kalajoki plant 

The pilot version of CPS was installed in sawmill plant in Kalajoki in 2009.  Pressure 

measurements for a period of two weeks were carried out in winter 2010.  The 

measurements were repeated for both open system and CPS.  The location of the 

measurement point was at the point of consumption. The length of the distribution 

network in Kalajoki is about 100 meters. 

2.1.1. Pressure measurements 

The quantity of the measurement is pressure in bars. The sampling frequency in 

pressure measurements is typically 1Hz.   The most essential figures of the system are 

the minimum, maximum and average values of pressure. The length of the time cycle, 

especially the rise time proportion of total cycle time also plays an important role. 

[Table 1] 
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Table 1Key figures (bars) of open and closed system in Kalajoki plant 

 

 

  
  

Figure 1. Pressure curve of open system in bars(15 minutes) 

From the curve of open system, a periodical behaviour between minimum and 

maximum values can be observed. Similarities for the model derived in Section 1.3 

appear. Pressure-dependent consumption makes the rise time exponential and longer 

than descending time. 

 

 

Figure 2. Pressure curve of CPS in bars(15 minutes) 

When CPS is in use, the length of the time cycle   is typically shorter than in an open 

system.   Also the shape of the curve is different in the case of open system rise time 

being relatively shorter than in open system. Note that pressure level is higher when 

CPS is in use because the pressure losses in after treatment system are avoided. 
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Figure 3. Pressure curve of CPS in bars (24 hours) 

The daily pressure curve (Fig.3) is also periodical. Short breaks (lunch, stoppage in 

production) are characteristic for daily profile. 

2.2. Measurements in Hankasalmi and Lieksa plants 

 

During summer 2010 various measurements have been carried out in two woodworking 

industrial plants in Hankasalmi and Lieksa.  These CA systems are traditional open 

systems; the measurements were carried out to investigate the energy savings potential 

by structural means, possibly CPS  in these plants.  The measurements cover a period of 

two or three days of production in Hankasalmi and Lieksa respectively. 

2.2.1. Pressure measurements 

The pressure measurements were carried out in similar fashion as in Kalajoki case.  The 

measurement results in Hankasalmi and Lieksa plants differ considerably from each other (Figs. 

4-5). 

 

Figure 4. Pressure curve in bars (Lieksa plant, 5 minutes) 
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In Lieksa plant, the pressure difference is about 0.6 bars. The curve is smooth, nearly 

ideal case of pressure-dependent consumption. 

 

Figure 5. Pressure curve in bars (Hankasalmi plant, 5 minutes) 
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In Hankasalmi plant the CA system is also two point controlled, the pressure difference 

being about 0.2 bars. Pressure varies between minimum and maximum values, but there 

is no clear distinguishable period.  

2.2.2. Power and energy measurements 

Simultaneously with pressure measurements in Lieksa and Hankasalmi, power 

measurements were carried on. The quantities to be measured include minimum, 

maximum and average values of three-phase current, voltage, frequency, active power, 

apparent power, active energy for three phases and in total. However, only the 

minimum, maximum and average values for active power and active energy are relevant 

from the viewpoint of energy efficiency.   In figure 6, time series of active power is 

presented. 

 

 

Figure 6. Power consumption [W]  (Hankasalmi 7-9.6.2010)  

 

 

From figure 6 and measurements, it is found out that the average power consumption is 

120kW.  Similar conclusions can be made from figure 7, time series of active total 

energy consumption. The slope of the cumulative energy consumption curve indicates 

the power consumption. 
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Figure 7. Cumulative energy consumption [J] (Hankasalmi 7-9.6.2010)  

 

Since the sampling frequency of power/energy measurements was considerably lower 

than that of pressure measurements, the measurements are not strictly commensurate. 

However, power/energy measurements give exact information about the energy 

efficiency of current systems, and energy savings of CPS can be easily obtained by 

repeating the measurements after the eventual installation of CPS.  

Annual energy savings for the plant can be approximated, when price of electricity, 

average power consumption and utilization rate (% of time) is known. For example, 

assuming the price of 10cents/kwH in Hankasalmi plant  (utilization rate about 8000 

hours annually) the total  costs for compressed air can be computed to be 170000€.  The 

CPS in use the savings in maintenance costs are 10% and in energy costs 50%, making 

total savings of 72000€. 

3. INTERPRETATION OF MEASUREMENTS  

3.1. General properties of the time series 

From the measurements, different periodical behaviours can be obtained. The 

compressors in Kalajoki, Hankasalmi and Lieksa plants are two point controlled and the 

pressure varies periodically between minimum and maximum values. The length of the 

time cycle is typically tens of seconds, depending on the pressure difference of the two 

point compressor.  

There is also a long-term periodic behaviour based on daily routines. Typically during 

the lunch break, the compressors are switched off for a time period of half an hour. The 

working hours may be in one, two or three shifts depending on plant.   In addition 

malfunctions or blockages in production may cause halts in production line.   

Another seasonal trend is on weekly basis. On working days, two or three shifts are 

usually performed while on weekends there is only one shift or stoppage in production. 

On yearly basis, there is also periodic behaviour based on holidays. Typically the pause 

in production takes one month and is in summertime. Shorter pauses may take place 

during holidays e.g. Christmas. 
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Since measurement signals are periodic and regular in shape, advanced methods for 

time series [7] can be applied. Certain statistical properties of signals can be obtained. 

Usually, statistical properties of CA systems are time-invariant. For example, in the case 

of Hankasalmi plant (Fig.5), the signal is noisy. However its statistical key figures 

(minimum, maximum, average values) can be used to determine energy efficiency. 

3.2. Multivariate method viewpoint [8,9] 

One of the most common methods in analysing signal dynamics of time series is 

singular spectrum analysis. The SSA method is based on the idea of capturing the 

dynamics of the system.  The time signal is windowed and principal component analysis 

is applied to the windowed signal. In many systems there is some “memory” in the 

system, which creates correlation between the past and present measurements. 

The pressure signals typically consist of non-stationary components, that slowly vary 

during the whole time period and oscillations, especially a time cycle of two point 

controlled compressor. 

With SSA, it is possible to separate both short periods (time cycle) and seasonal (daily, 

weekly, yearly) components.  The SSA method is especially useful, when the pressure 

curve is relatively smooth. 

4. SIMULATIONS  

All essential features of a CA system can in principle be modelled with simulations. The 

basic mathematical model for the pressure of CA system in a pressure-dependent case 

[Eq.1-2] can be emulated with parameter values of 1   t  and  .  An ideal model of 

two point controlled compressor in pressure-dependent case is presented in Fig.8. The 

pressure curve typically consists of exponential rising and descendent parts between the 

minimum  and maximum pressures. In this example the pressure difference is 1 bar , 

minimum value 5 bars and maximum value 6 bars. 

 

Figure 8. A simulated model of a two point compressor: ideal model  
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In the figure 9 typical features of a CA system like  transport delay, random 

consumption  and leaks have been added to the original signal. Especially leaks have a 

considerable effect on the rise time making time cycle much longer.  

 

Figure 9. A simulated model of a two point compressor: realistic  model 

 

 

5. CONCLUSIONS 

Every CA system is unique, and both analytic approaches and measurements are needed 

to analyse their energy efficiency. 

From the key figures (table 1) it can be concluded that the pressure level is higher in 

CPS , since when CPS in use, there are no pressure losses between the compressor and 

measurement point. This means also savings in energy.  The  rising time is also longer 

(68%) in open system compared with the CPS(45%). Since energy efficiency  of  CA 

systems strongly depends on the utilization level of the compressor, the CPS seems to 

be more energy efficient than open system.   

It is also obvious, that the consumption of compressed air is smaller in CPS than in open 

CA system since the after treatment system is often left out. 

Pressure in suction pipe reduces energy consumption considerably. Concluded from pV-

diagrams and thermodynamics [10] the needed energy to compress a gas over constant 

pressure difference is lower when starting pressure is higher.  For example, if the 

pressure difference between suction and compressors outlet is 6.3 bar (actual case in 

Hankasalmi), the  power savings for values of suction pressures (1, 2 and 2,8 bars) are 

the  following in table 2: 
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Table 2 Power savings for different values of suction pressure when CPS in use 

   

suction pressure (bar) Power savings(kW) Power savings(%) 

 1    44    37   

 2    59    50   

 2,8    73    61   

 

 

With simulations, realistic models of CA systems can be emulated from the viewpoint 

of energy efficiency. Since pressure and energy of CA systems depend almost linearly 

from each other, simulation models help to find beneficial solutions. 

Multivariate and stochastic methods support to distinguish the features of the system. 

The multivariate method (SSA) is adaptable when the signal is relatively smooth and 

there are slowly-varying  trends and periodic oscillations.  

The most crucial parameter of every two point controlled CA system is adjustable 

pressure difference.  Lieksa and Hankasalmi cases are typical examples of larger and 

smaller pressure differences. The drawback of the former case may be long loading 

periods without unloading (fig.9). Further investigations on the energy efficiency of 

CPS will be carried on later.   
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DIAGNOSIS OF A PNEUMATIC SUBSYSTEM 

M. Sc. Pawel Langwald, Institute of Automatic Control and Robotics, 

Faculty of Mechatronics, Warsaw University of Technology, 

Sw. A. Boboli 8, 02-525 Warsaw, Poland 

LIMITS OF ROBOTIZATION ARE MOVING FURTHER MAKING US 

DEPENDENT FROM THE RELIABILITY OF ITS COMPONENTS. DUE TO THAT 

FACT, DIAGNOSIS FORMS OF FINDING A MALFUNCTION OF ACTUATORS 

ARE NECESSITY. IF SUCH AN APPLICATION COULD AVOID OR PREDICT AN 

UPCOMING FAILURE, IT WOULD ADDITIONALLY BENEFIT THE 

ROBOTIZATION PROCESS. AUTHOR, IN HIS PAPER, SHOWS THE ABILITIES 

OF ON-LINE DIAGNOSIS BASED ON A PNEUMATIC SUBSYSTEM (SINGLE 3 

WAY VALVE WORKING WITH AN ACTUATOR) MOST COMMONLY USED IN 

TYPICAL PICK AND PLACE APPLICATIONS IN VARIOUS KINDS OF 

PRODUCTION INDUSTRY. APART FROM THE ALGORITHMIC SIDE, WHICH 

IS DONE ON A PC WITH I/O CARD, AUTHOR USES TYPICAL CATALOGUE 

COMPONENTS DESIGNED FOR INDUSTRIAL USE (SENSORS OF LOWER 

QUALITY ETC.). FURTHERMORE AUTHOR TRIES TO LOCATE THE LIMITS 

OF DIAGNOSIS (HOW MUCH CAN BE FOUND USING A REASONABLE 

AMOUNT OF SENSORS, AND HOW MUCH USING MINIMUM OF THEM) AND 

LIMITS OF MODELLING (IS IT WORTH COMPARING REAL SIGNALS EG. 

POSITION, PRESSURE WITH SIGNALS FROM THE MODEL). RESULTS ARE 

MORE THAN SATISFACTORY. APART FROM DETERMINING THE TYPE OF 

FAULT (VALVE AND/OR PISTON MALFUNCTION) DESCRIBED 

APPLICATION HAS AN ABILITY OF DETECTING LEAKAGE OF A SIZE 

BELOW 2% OF AIR CONSUMPTION FOR THAT PARTICULAR SUBSYSTEM. 

KEYWORDS: pneumatics, diagnosis, control 

1. INTRODUCTION TO PNEUMATICS AND ITS DIAGNOSIS 

Our dependence on robotics and automation is constantly growing higher, therefore any 

activity that could enhance to maintain those systems working is highly eligible. Among 

mentioned systems pneumatics plays an important role, as the best solution for simple 

as well as sophisticated large scale systems.  

The most popular application for pneumatics is “pick and place”, where movement of a 

single actuator could be represented by this sequence: wait – move – wait – move - 

wait. Movement is usually done between two extreme positions (from leftmost to 

rightmost and back again) and waiting is necessary for other technological process 

(perhaps movement of another pneumatic actuator) to accomplish. Even very 
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technologically complicated process can be represented as a collection of “pick and 

place” elements. 

Online diagnosis gives the ability to constantly monitor critical process parameters 

which gives it the ability to locate damage. Furthermore it may inform about the 

condition of pneumatic elements allowing to repair or replace them before failure. For 

many years diagnosis was too expensive to be used in many automated systems. Reason 

for that were costs of sensors (flow, pressure) as well as insufficient capabilities of 

industrial processors (mainly PLC). Lately however both obstacles have been 

overcome. 

2. LABORATORY STAND CONSTRUCTION 

Majority of industrial applications requires typical pick and place solutions, therefore 

using conventional binary valves is appropriate. For that reason such a valve, 3/5 way, 

has been mounted in the laboratory stand. Two actuators were tested, both with 200 

millimetres of stroke, but different diameters, accordingly 12 and 16 millimetre.  

Having determined typical pneumatic actuator malfunctions i.e.: actuator rod jamming, 

valve jamming, leakages, author decided to cope only with the last one as the most 

common in manufacturing industry. Thus for the use of simulating leakages appropriate 

one-way flow valves were used. Other malfunctions mentioned above would be 

relatively easy to detect (valve jamming – no piston movement due to control signal 

change, no change of flow signal) or would have similar symptoms as leakage. The 

laboratory stand has also the ability to simulate leakages between both chambers of the 

cylinder. 

Table 1. List of selected Festo elements 

 Element Model 

1 Valve CPE14-M1BH-5J-QS-6 

2 Actuator DSNU-16-200-P-A 

3 Actuator DSNU-12-200-P-A 

4 Pressure sensor SDET-22T (P1-4) 

5 Flow sensor SFE1 (F1) 

6 Flow sensor SFET-F (F2-6, FL, FR) 

7 One – way flow valve GR-QS-6 

 

Keeping in mind, that the diagnosis solution should be an easy one to implement in a 

manufacturing plant, all pneumatic components used in the construction of the stand 

were standard industrial ones. List of the elements is presented in Table 1 and the 

pneumatic diagram is shown on Figure 1. For signal acquisition a National Instruments 

PCI-6259 I/O card was used, along with LabView software. 
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Figure 1. Pneumatic diagram of the lab stand 

All elements where mounted on a metal plate and attached to steel base, as shown on 

Figure 2. 

 

Figure 2. Visualisation of the pneumatic lab stand 

 

499



3. DATA ANALYSYS  

After acquiring data most important thing was to determine time dependencies between 

following events: 

 I/O card command to change valve position, 

 valve position has changed, 

 piston is beginning its movement, 

 piston has ended its movement. 

Finding out the correct moment of valve position change was based on two conditions:  

 pressure P4 should start to decrease, 

 is should be no sooner than 30 ms after I/O card command (relay plus valve coil 

response time). 

Having done that, all of those characteristic moments have been marked on all sensor 

characteristics. Time recognition is done automatically by appropriate, self made 

software procedures. Once achieved that, programme also calculates the quantity of air 

used by the pneumatic system by solving the integrals of the flow in those characteristic 

periods of time. Whole process was repeated many time, however each time changing 

the place of simulated leakage as well as its size. 

 

Figure 3. Time varying flow characteristics during the complete piston cycle 

 

 

Figure 4. Time varying pressure characteristics during the complete piston cycle 
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4. DIAGNOSTICS 

For the diagnostic process only six sensors are used: position sensors indicating leftmost 

(A) and rightmost (B) placement of the piston, flow sensors F1 and F6 as well as 

pressure sensors P1 and P4, according to Figure 5. All four one-way flow valves 

remained as they were. Simulating leakages is done by opening one way flow valves 

from their rightmost position (valve closed, no leakage) to rightmost position (valve 

opened, leakage). According to the Festo GR-QS-6 valve data sheet, dependence 

between flow and the number of number of complete turns of the valve knob, within the 

range from 0 (valve closed) to approximately 10 (valve opened in 2/3), is close to linear. 

Diagnosis was based on constant online comparison between parameters i.e.: time of 

movement, integral of flow, or characteristics i.e.: output flow, input pressure with its 

equivalent registered without any simulated malfunctions. 

 

Figure 5. Pneumatic diagram of the laboratory stand for the diagnosis process 

4.1. Time analysis results 

This method was to check the quality of diagnosis based only on time dependencies. 

Apart from calculating the time of I/O card signals (in conclusion, valve position 

change signals) only actuator position sensors were used.  

Unfortunately this method of diagnosis does not give satisfactory results, as shown of 

Figure 6 and 7 by giving visible, if any, results only for the maximum knob opening. 

Both left and right leakages (accordingly LL and LR) are rather unpredictable, 
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sometimes even having the same time of movement for two different knob positions 

reaching the maximum time differences of around 10%. This may be effected by 

relatively low air consumption (small diameter and length) of the actuator in 

comparison to the size of the leakage and the amount of air in the system. While using a 

larger actuator one might expect noticeable changes of time needed for the piston 

movement. However leakages between cylinder chambers did have a greater effect on 

that time, but surprisingly, different in both actuators. The 12 mm diameter one had 

greater time difference (maximum of over 20%) while moving from its leftmost to 

rightmost position (LCL), whereas the 16 mm one revealed a response of similar size 

while moving from its rightmost to leftmost position (LCR). 

 

Figure 6. Influence of leakage on 12mm actuator 

 

Figure 7. Influence of leakage on 16mm actuator 
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4.2. Pressure analysis results 

While no movement to the piston is done, size of the pressure should not be influenced 

by the type of the actuator used. Thus figures below carry information about actuators 

of both 12 mm and 16 mm in diameter. 

Unlike time, pressure analysis gives quite precise information about leakage. Leakages 

LR and LCL strongly influence the pressure P4 supplying the control valve before piston 

movement from leftmost to rightmost position (Figure 8), whereas LL and LCR has 

impact on the same pressure but in the opposite piston position (Figure 9). What is also 

important, such results have been achieved using industrial pressure sensors, not high 

class laboratory equipment.  

It is also possible do easy to determine whether one is dealing with outside leakage or 

leakage between cylinder chambers, just by comparing results from supplying pressure 

with ones from vent pressure P1. While piston is not moving, P1 pressure indicates 

leakage between chambers of the actuator i.e.: LCR on Figure 10. 

However such a method of diagnosis may be difficult to implement in large scale 

systems, where, due to high air consumption, supply pressure changes without any 

leakages. 

 

Figure 8. Influence of leakage on P4 pressure before piston movement from its 

leftmost to rightmost position 

503



 

Figure 9. Influence of leakage on P4 pressure before piston movement from 

rightmost to leftmost position 

 

 

Figure 10. Influence of leakage on P1 pressure before piston movement from 

rightmost to leftmost position 

4.3. Flow analysis results 

Similar to pressure analysis, flow sensor used on the intake (F6) and vent (F1) of the 

control valve, by describing the air consumption, indicate the exact leakage type. 

However, diagnosis based on flow sensors seems more promising due to its  immunity 
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to changes in supplying. Both this and ability to cope with larger scale systems with 

actuators working asynchronously will be the object of future studies. 

 

Figure 11. Influence of leakage on F6 flow before piston movement from leftmost to 

rightmost position 

 

 

Figure 12. Influence of leakage on F1 flow before piston movement from leftmost to 

rightmost position 
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Figure 13. Influence of leakage on F6 flow before piston movement from rightmost 

to leftmost position 

 

 

Figure 14. Influence of leakage on F1 flow before piston movement from its 

rightmost to leftmost position 
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The Twelfth Scandinavian International Conference on Fluid Power, May 18-20, 2011, Tampere, Finland 

PREFACE 

The first international conference on fluid power in Tampere was held in 1987. That 
was the start of the series of Scandinavian fluid power conferences. In 1993 it was 
decided  that  the  name  of  the  conference  is  Scandinavian  International  Conference  on  
Fluid Power. At the same time it was also decided that SICFP will be held every second 
year alternately in Tampere and Linköping. So we have already over 20 years’ tradition. 
This conference is organized by Department of Intelligent Hydraulics and Automation 
(IHA) at Tampere University of Technology (TUT) together with network of Fluid 
Power Centres in Europe (FPCE). 

This twelfth conference includes various traditional themes like mobile hydraulics, 
water hydraulics and industrial hydraulics. However, in addition this time there are 
many more new areas included like digital hydraulics, intelligent mobile machines and 
teleoperation. Special attention in the program is given for energy efficiency, renewable 
energy  production  and  energy  recovery.  They  are  reflecting  well  the  situation,  where  
environmental issues and energy saving are increasingly important issues. 

We received about 145 interesting and high-level abstract proposals. This is the record 
number in the history of the conference. In addition to four invited speakers, about 110 
papers were selected for the final programme. This year for the first time in the SICFP 
conference also poster presentations are included into the program. We believe that the 
conference will give the participants fine opportunities to listen interesting 
presentations, to exchange opinions and strengthen of old contacts and to establish new 
ones. 
This time the conference proceeding will be published as a printed book and also as a 
USB memory stick. We hope that this proceedings will serve you well during the 
conference but also far in the future as a source of reference. 

We would like to express our sincere appreciation to everybody who has contributed to 
the success of the conference. 

 
 

 
 

 
Tampere, 17th April, 2011 

 
 

Kari T. Koskinen, Professor    Harri Sairiala, M.Sc. 
Conference Chairman, SICFP’11   Conference Manager, SICFP’11 
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ABSTRACT 

In a world of sustainable development and energy efficiency companies have to manage 
their efforts efficiently to satisfy the rising customer needs by providing better solutions for 
a given problem. The solutions provided should deliver value to the customer through an 
appealing offering. 

In this paper the appealing offering is a redesigned gate valve for a hydraulic impact 
hammer, a part system of hydraulic piling machinery designed and manufactured by 
Junttan. The gate valve discussed throughout the paper is a critical component in the 
hydraulic impact hammer, since it directs the flow of the fluid for the cylinder that raises or 
lowers the ram weight. The main goals of the project were to reduce the hydraulic losses 
through the gate valve and improve the overall efficiency of the pile driving machine in 
terms of productivity. 

The project was carried out by the department of mechanical engineering of Savonia 
University of Applied Sciences, funding for the research project was provided by 
Digibranch project. 

KEYWORDS: Pile driving, hydraulic losses, gate valve 

1. JUNTTAN 

Junttan is a company providing many kinds of solutions for foundation engineering. The 
company was established in 1979 and it is specialized in designing, manufacturing and 
selling of hydraulic pile driving machinery. The product range goes from piling machines, 
hydraulic impact hammers and deep-stabilization machines to process handling systems. 
Values of Junttan include reliability, continuous research and development, versatility and 
tight cooperation with the stakeholders. The company operates in every continent of the 
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world in over 45 countries and the headquarters are located at Kuopio, Finland. Junttan´s 
  [1] 

1.2 Reducing hydraulic losses in a pile driving valve 

The department of Intelligent Hydraulics and Automation of Tampere University of 
Technology, TUT, executed a research project for Junttan between October 2008 and 

n and 
professor Jari Rinkinen from TUT. 

A set of pressure measurements were carried out during the project between TUT and 
Junttan, where a MATLAB based Simulink model was structured to simulate the operations 
of a hydraulic impact hammer. The simulation variables can be changed, thus changing the 
results for a set of different initial conditions. 

Junttan has been using its own effort in designing the gate valve. The gate valve is a critical 
component in the hydraulic impact hammer. The valve selects the direction of the fluid 
flow by changing the position of the slide. The slide opens or closes flow apertures for 
lifting or lowering the ram weight. The slide is controlled by directing the fluid flow 
properly to the shoulders of the slide. Figure 1 shows a simple presentation of a similar 
design gate valve. 

 
Figure 1. Common design of a gate valve [2]. 

The gate valve has two functions, directing the fluid flow under the cylinder shoulder or 
above it, thus lifting or lowering the ram weight respectively. The cylinder rod can be in 
free-fall or it can be accelerated before the impact. The cylinder rod is connected to the ram 
weight at the lower end. 

During the lift phase of the ram block the fluid flow in the gate valve is directed to the tank 
line. The pressure measurements proposed that the pressure loss was 0,7 MPa at 0,0116 
m3s-1 volume flow during the lift phase and 0,07 MPa respectively in the pressure line. 

This finding indicated that there was a problem in the gate valve that was soon to be 
recognized. Taking a closer look at the gate valve design revealed the problem. There was a 
problem with the actuator of the gate valve, the slide, since it covered partially the flow 
apertures to the tank line. Also the aperture sizes to the tank line were roughly one thirds of 
the sizes to the pressure line. 
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The revealing of the problems in the design of the gate valve was the starting point for the 

a thesis for Bachelor´s degree in the field of mechanical engineering. The project was 
carried out at Savonia University of Applied Sciences and the research effort continued 
throughout the summer of year 2010. The whole project was funded by Digibranch project. 

2. IMPLEMENTATION 

Project began by selecting the appropriate method for solving the problem. Since the 
problem has variables like pressure differences, different flow conditions, geometry and so 
on, fluid flow simulation software is needed to solve the complex problem.  

The software chosen for solving the problem was SolidWorks Flow Simulation 2009, a 
subprogram running alongside SolidWorks products. Decision to use this software was 
done by the ease of use, but also that Junttan and Savonia University of Applied Sciences 
use SolidWorks products. 

2.1 Methods used 

Designing the geometry and the fluid flow simulations were implemented by using 
SolidWorks products. The parts were designed by using SolidWorks and the flow 
simulations were done by using SolidWorks subprogram Flow Simulation. The software is 
used to produce analytical 3-dimensional representational models of the actual parts. In this 
project the models were used in fluid flow simulations. 

Fluid flow simulations basically need a set of attributes to solve to problem defined. The 
attributes that are needed are the geometry, fluid parameters, flow conditions and the 
resolution of the simulation. 

The geometry to this project was the previous design of the gate valve. Since Junttan uses 
Solidworks products, the 3D-models only needed to be changed suitable for the flow 
simulation. Fluid parameters were derived from the datasheets provided by the hydraulic oil 
producer Neste Oil.  

The resolution of the simulation was set to respond to previous measurement results with 
some limitations. A set of limitations were set to speed up the simulation process. For 
example the accumulator line and the flow conditions of it were deleted from the flow 
simulation model. This would have just made the simulation time longer since a time 
dependent simulation would have been needed. The filling of the accumulator generates 
insignificant power loss compared to the overall situation. By making these justified 
limitations to the model, only a steady state simulation was needed. The simulation stops 
when the results of the simulation are converging in to a limit set. 

Since Solidworks Flow Simulation version released in 2009 does not allow moving parts in 
the assembly, it was recognized that the slide movement could not be simulated [3]. This 
generated a new obstacle for the design of the head cushioning option. It was originally 
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supposed to be developed using the software provided. Thus the head cushioning was 
developed using theories presented in related material. 

The flow conditions were derived from previous measurements conducted by Junttan and 
TUT. The flow conditions consisted of parameters such as temperature, volume flow and 
pressure difference between two points. The measured flow conditions were used in the 
simulations and the measuring tolerances were used to define the accuracy of the 
simulations. 

2.2 Structural design 

The structural design of the gate valve was implemented keeping modular design and 
design for assembly methodologies in mind. These methodologies basically shorten the 
time consumed on production and assembly. 

In modular design the parts are designed that the functions are in modules that can be 
combined into subsequent designs. This is done by revising and redesigning parts or 
assemblies, where already proven concept or function is. The benefits of modular design 
are that less engineering effort is needed, more common design among models to simplify 
supply chains and more flexible operations, better efficiency and reliability. [4] 

Design for assembly, DFA, is a methodology where parts or assemblies are designed for 
ease of assembly. The number of the parts in a product and the ease of handling, inserting 
and fastening of the part or parts are considered to be attributes that define the DFA index 
for comparing different assemblies. Basically having assembly with minimum amount of 
parts that are easy to handle and insert has good DFA index. Having good DFA index 
might impose problems in manufacturing stages. [5] 

Setting tolerances in a critical component is an issue that needs to be addressed. The 
manufacturing costs of a single component might be tenfold if tolerances are set too high; if 
the tolerances are set too low the component might not work as supposed [4]. Tolerances 
should meet the criteria for functioning, in this case lubrication and head cushioning option. 

The developed gate valve is a modular design. It is based on the previous design and by 
redesigning and refining the model in principles of modular design. It can be installed to 
any Junttan machinery using the previous gate valve design. Modular design in this case 
delivers value to the customer in terms of better overall efficiency and productivity by only 
changing a minor, but a critical part in the system. 

Tolerances were revised from the previous design where they could be justified in the new 
design. Some areas, such as the slide head cushioning option by having extra shoulder on 
the slide had to be redesigned and the tolerances had to be reselected carefully for 
cushioning. 

By taking as many key methodologies into account as possible, an apparent solution will 
appear eventually. The main concern on this project was on efficiency, but 
manufacturability and the ease assembly were also important attributes for the new design, 
since it serves all of the stakeholders. 
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2.3 Problem definition 

As mentioned earlier, the problem was defined to be the slide and the apertures of the gate 
valve. When the ram block was in a lift phase, the slide covered half of the fluid flow 
apertures to the tank line. Also the size differences between the apertures of the tank line 
and the pressure line was significant. This finding automatically indicated the location for 
the major problem. 

If the great, about 8,2 kW power loss, could be even cut in half, the output would 
drastically enhance the overall productivity. By redesigning the gate valve for better 
efficiency there would be a rise in the impact frequency as well when using the same 
volume flow rates. Also the viscosity drop would not be so high, since the system would 
not be heated as much as before. 

Since  one  of  Junttan´s  aim is  to  make  the  hydraulic  impact  hammer  quieter,  a  part  of  the  
research project was used to examine the possibility of designing head cushioning, without 
adding any new parts, in to the gate valve design. This would partially lower the noise level 
created during piling activities. The adding of new parts scheme was eliminated, since the 
modularity of the design would be lost if head cushioning was to be pursued this way. The 
original geometry is designed in a way that it is hard to add any parts without sacrificing 
another one. 

A set of other problems arose as the project started. First the previous measurement data 
had to be leveled with the simulation results. This was the way of auditing the results to be 
correct or accurate enough for further simulations. Defining the model attributes and 
finding the source of error in the model variables were minor problems always when the 
simulation and measurement results did not respond to each other. 

3. REDUCTION 

Using the original 3D models in fluid flow simulations were considered to be too heavy for 
the solving computer, but it also imposed new problems for the actual simulation. The 
simulation models need to be sealed, not having any points of leak. Thus the original 3D-
model was not considered to be used in this task. A new, easily modifiable one solid part 
simulation model was structured to best suit the purpose. It was roughly half of the actual 
valve design, consisting of only the problem area. The accumulator line was not added, 
because it lengthens computational time and it was not relevant to this study. 

Fluid attributes, mainly the temperature functions of density and dynamic viscosity were 
adjusted with the datasheet provided by the manufacturer Neste Oil. The fluid used in the 
flow simulations is based on the parameters of Neste Hydrauli VG46 hydraulic oil. Proper 
values for dynamic viscosity, heat capacity, density and conductivity were set. Values of 
these attributes are temperature dependent. 

The mesh accuracy and density of the simulation model was decided upon the previous 
flow simulation computations conducted at Junttan. The mesh was set to get enough 
accurate results without having too long computational time. Solidworks Flow Simulation 
builds up a rectangular shaped box around the internal flow space where the fluid cells are 
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located. Flow Simulation program excludes the cells outside the flow region. The mesh 
density was set between 1 to 1,5 million fluid cells. When excluding the regions outside the 
flow region, the mesh accuracy ended up being around 325000 fluid cells and around 
50000 partial cells.  

Calculation control options were set so, that the calculation ends after some number of 
iterations or when the results converge. The number of iterations was selected to a 
maximum of 1000 iterations. The refinement of cells was set to level 3. After iterations the 
fluid and partial cells are refined with some accuracy. With this refinement level and mesh 
accuracy, one iteration took around 15 seconds, thus calculation times for one simulation 
were between one to four hours. Longer computational time did not suit the purpose, since 
the results converged to enough accurate level after 1000 iterations. 

Boundary conditions, mainly inlet volume flow and pressure at pressure opening were set 
to respond real life conditions. Inlet volume flow was set between 0,0025 and 0,0116 m3s-1 
and system pressure level was set between 6,6 and 10,5 MPa depending on the situation 
respectively.  

The goal, pressure difference, was extracted from the surfaces of pressure opening and 
volume flow inlet. The pressure difference between these two faces corresponds to 
hydraulic pressure loss, which was studied. 

 
Figure 2. Comparison of measurement and simulation results on the original gate valve. 
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Figure 3. Comparison of measurement and simulation results on the developed gate valve. 

The turbulence parameters, turbulence intensity and length, are possibly the greatest 
reasons for this difference between simulation and measurement results. With higher 
volume flow rates greater turbulence results in higher pressure losses. Some other reasons 
for this difference might be the inaccuracy of the fluid parameters or inlet flow uniformity. 
The flow at inlet is considered to be uniform and normal against the flow face. 

Initially the simulation results on the original gate valve had to be leveled with the actual 
pressure difference measurements. Figure 2 represents the comparison of simulation and 
measurement results on the original gate valve design. The results begin to differ from each 
other as the volume flow rate heightens. The accuracy of the pressure measurements on the 
original gate valve was ±0,015 MPa. 

Figure 3 represents the comparison of simulation and measurement results on the developed 
gate valve design. The fluctuation of the results is caused by the measuring accuracy. The 
measuring accuracy was ±0,13 MPa. Since the simulation and measurement results did not 
differ significantly on the original gate valve, it was assumed that the accuracy of this 
simulation was precise enough. 

In best case scenario, where the measuring accuracy of the volume flow rate and the 
pressure difference had been on the lower limit, the power loss is only 5,5 %, representing 
0,43 kW; from the original value. In the worst case scenario the power loss is 50 %, 
representing 3,6 kW; from the original value. 

3.2 Impact frequency 

The difference in impact frequency gain by using the developed gate valve can be 
calculated by using simple equations of potential energy and work. Since the power losses 
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are known for the original and developed gate valve, the difference between these results is 
assumed to increase the impact frequency. 

The measurements conducted by researcher Elo and Junttan proposed that the power loss 
through the original gate valve at high volume flows is about 8,2 kW. The simulations 
proposed that the power losses through the original gate valve is about 6,2 kW, being 24% 
smaller than the measurement results. With the developed gate valve the results were 2,0 
kW and 1,9 kW respectively. As a reminder, the measurements were fairly inaccurate when 
measuring the developed gate valve, thus the power loss of the developed gate valve with 
high volume flow is between 0,43 and 3,6 kW. 

The ram weight is 5000 kg and stroke 1200 mm. These result in 58860 Nm of energy 
consumed on raising the ram weight once. If one impact with lift phase takes time 60/40 
seconds with ram block weight of 5000 kg and stroke of 1200 mm, then one cycle takes 1,5 
seconds. If the weight is in freefall and is not accelerated, it takes approximately 0,5 
seconds to fall, thus the time consumed on lifting is approximately 1,0 second. Thus the 
power need for one lift is approximately 58,9 kW.  

If the power loss in the original gate valve with high volume flow and certain pressure level 
was 8,2 kW; and with the developed gate valve the upper limit is 3,6 kW; we can assume 
that the power loss is now at least 4,6 kW smaller. If the impact frequency is 40 impacts per 
minute, then the energy lost in a minute is 184 kNm. If one lift phase consumes 58,9 kNm 
of energy; 3,12 impacts were lost every minute with the original gate valve. 

If the power loss in the developed gate valve is between 0,43 and 3,6 kW with high volume 
flow and pressure difference, the impact frequency is 7,8 to 13,2% higher with the 
developed gate valve at long stroke values.  

 
Figure 4. The difference between impact frequencies. 
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Figure 4 represents the difference between impact frequencies on original and developed 
gate valve when ram weight is 5000 kg. The curves are exponential representations of 
actual impact frequency measurements. The impact frequency is higher when using the 
developed gate valve rather than the original design. 

Note that the hydraulic pressure and power levels were not measured from the power unit, 
only the rotational speed of the engine was set to the same level. This implies more 
inaccuracy to the impact frequency difference between the original and the developed gate 
valve. More measurements should be conducted to get the absolute value of the heightening 
to impact frequency by changing only the gate valve design. 

3.3 Head cushioning on the developed gate valve 

The head cushioning option has two different main tasks, lowering the noise level on duty 
and enhancing the reliability of the valve by having smoother and more reliable work cycle. 
By having a quiet impact hammer, pile driving could be done in urban areas not having too 
much of noise pollution to the surroundings. 

Since the relative size of the gate valve is small, a one way valve could not be added to the 
design to slow down the motion of the slide when needed. Thus an extra shoulder was 
designed to the slide and an extra chamber for it. When the shoulder enters the chamber it 
starts to control the flow out from the chamber, thus slowing down the motion. Basically by 
having a small tolerance between the shoulder and chamber the motion would slow down 
rapidly when the shoulder enters the chamber. This is an ideal situation, but this imposes 
new problem. Since the impact frequency of the hydraulic impact hammer can be high as 
240 1/min with small stroke values, the shoulder might not exit the chamber as fast as 
needed if the tolerances are too tight. 

As mentioned earlier, SolidWorks Flow Simulation 2009 was supposed to be used in 
solving the issue on head cushioning by having time dependent simulation with interacting 
moving parts. This could not be done, because the software allows only doing parametric 
study, where an imaginary wall is created to represent the movement of the slide. This does 
not suit the purpose, since one should already have data about the wall movement what 
needs to be studied. 

Head cushioning option was thus studied through the theories provided in slowing down 
the motion by inserting a cylinder into a fluid filled cylindrical hole, when viscosity, 
tolerances and the initial velocity of the cylinder is known. These calculations result in the 
pressure difference between two chambers. The theory used was a work balance equation 
and an equation for volume flow exiting through a small gap. 

By knowing the pressure difference between two chambers and the fluid viscosity and 
tolerances, the time consumed on forcing the fluid out of the cushioning chamber could be 
calculated. When the fluid volume exit velocity from the cushioning chamber is known, the 
impact velocity of the slide can be calculated. The minimum time consumed on changing 
the position of the slide of the old design from lift to lowering or vice versa functioned as a 
reference value. This is when the velocity of the slide is at its maximum of 2,70 ms-1, for 
head cushioning the value has to be smaller. 
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Figure 5. Effects of flow gap size on exit time and enter velocity for the slide. 

The y-axis on figure 5 represents the exit time from the chamber and impact velocity for the 
slide to the chamber, and x-axis represents the tolerance between the shoulder and chamber. 
Since the maximum impact frequency is high as 240 1/min, the maximum allowed time on 
changing the slide position is 125 ms. The changing of the position takes time between 10 
and 50 ms, thus it was decided that the maximum time spent in exiting the chamber is 100 
ms. 

The blue line represents the effect on exit velocity from the chamber as a function of the 
tolerance. The red dotted line represents the impact velocity of the slide to the chamber as a 
function of the tolerance. 

The  reference  value  is  2,70  ms-1 returns  a  gap  size  value  of  0,025  mm and  having  65  ms  
exit time from the chamber. If the exit time is set to its maximum, 100 ms, then the gap size 
is 0,020 mm and the maximum enter velocity is 1,30 ms-1. 

This is the theoretical minimum gap size for this design. If this gap size does not create 
head cushioning, other options need to be observed. The selected gap size and the head 
cushioning it generates have to be measured to validate the results. 

4. DISCUSSION 

The heightening of productivity by about 10 % just by replacing few parts in a critical 
subsystem is adding value for the stakeholders in the business. This is appealing for the 
manufacturing company, but also to the customer and all of the stakeholders. 

SolidWorks Flow Simulation 2009 software was the correct choice for solving this kind of 
an issue. The software solved the problem in all of it aspects, except the moving part 
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dilemma concerning the head cushioning. The accuracy and the speed of the simulation was 
fairly accurate, basically the simulation and measurement results differed only in the upper 
end. The error for this might be in the turbulence parameters of the fluid and in the 
uniformity of the flow at inlet. 

Cutting the power loss at a certain volume flow and pressure level to half is enormous 
compared to the changes that were eventually took place in the design. The problem stated 
was basically a choking of the flow aperture. This could have been solved without any use 
of computational fluid dynamics software by just designing the flow apertures as big as 
possible. This was not the case, the case was about what are the benefits of doing such 
thing having only analytical models. Since the analytical models were promising, the parts 
were manufactured and the simulation results were audited. 

The impact frequency gain was expected to be approximately 10 % when stroke is at 
maximum value. When benchmarking with ram weight of 5000 kg at 1200 mm stroke the 
initial results verified the 10 % positive change in impact frequency. Before this, the power 
loss went on generating excess heat to the system imposing even more power losses 
through leaks due to the change in viscosity. Also the cooling area needed to be greater for 
the previous design. 
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ABSTRACT 

This paper covers typical applications and possible solutions for seals in the paper industry.  

In the pulp and paper production process, a large variety of seals are used. Static and dynamic 
seals; rotary and translatory seals. The main area of sealing technology in the pulp production 
process is the process material itself, the pulp. The subsequent process of paper manufacturing 
requires seals for ensuring the proper functioning of the process equipment. Here, the sealing 
applications are largely in the area of bearings and, to a lesser extent, in hydraulic cylinders. 

In the following, the authors describe the sealing applications in the order of manufacturing line 
components and offer descriptions of sealing requirements and solutions. 

KEYWORDS: Radial shaft seal; Paper industry; Shoe press; Drying cylinders 

1. OVERVIEW PULP AND PAPER 

A basic understanding of the pulp and paper manufacturing process is essential when discussing 
required sealing elements in the corresponding machinery. In [1] a simple description of this 
process is given. The process of pulp production is prior to paper manufacturing. In the pulp 
production process, cellulose fibre is won out of wood and the end product are pulp bales. This 
process is chemical and mechanical and highly concentrated base and acid liquids are used. 
Chemical resistance is thus the key criteria for the selection of sealing elements. The main 
material for elastomeric seals is EPDM. In this paper the main focus is on sealing elements used 
in the paper manufacturing process rather than on those in pulp production. 

Paper production is a mechanic and thermal process. Figure 1 offers a simple description of the 
paper production process. The major components of paper production line are stock feeding 
system, stock preparation, head box, wire section, press section, drying section, and reeling. 
Depending on the final product a refining section might be integrated between drying and 
reeling. Such refining elements are such as coating, calendaring or cutting. In this paper, no 
further attention is given to these refining stages. Paper production is a continuous process with 
a nearly even speed of the paper flow over the entire line. The line speed currently reaches up to 
40m/s. Besides mechanical constraints to every higher speed, the fact that the efficiency of 
drying decreases as line speed goes up limits the maximum possible speed. 
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Figure 1. Overview Process Paper 

 

In general, paper machine operators expect seals to last 2 to 5 years. To ensure high utilisation 
rates of as much as 95% unplanned stops of the line must be avoided whenever possible. For 
this reason operators inspect the line and its components regularly in terms of 6 to 12 months – 
including the sealing elements. 

Every 4 to 6 weeks the paper making process is interrupted mainly to clean the wire section. 
This activity typically lasts less than one day. Besides this intervention there is a regular major 
overhaul that takes place once per year for about one week. 

Already in [2] the relation between energy saving and seals was discussed.  

The share of energy consumed by sealing systems in the heavy industry during operation is 
quite low compared to the necessary energy to run the facility. The focus on sealing systems as 
originators of energy loss only during operation distracts the view from potentially much severe 
energy dissipation: unplanned downtimes caused by complete failures of sealing systems. If a 
sealing system fails, value facilitating energy consumption is prevented and therefore can be 
seen as energy dissipation. The manufacturer of seals already considers an optimised energy 
consumption during the design process in order to realise a long lifetime of the sealing system. 
Reduction of friction by using the right material in combination with the appropriate seal design 
is the main motivation. But also the operator can contribute to energy saving of the facility: This 
is by reducing unnecessary downtimes that with regards to the seals are mainly realised through 
the right choice of consultancy and through sealing systems from an appropriate seal supplier 
that match the corresponding application. 

2. SEALS IN HEADBOX UND FORMING SECTION 

The paper production process begins with stock preparation and a system that feeds the head 
box. The stock feeding system continuously refills the head box. The latter spreads the water-
pulp slurry on a kind of conveyor belt (figure 2) that is continuously revolved. Already this 
section determines the width of the paper; the largest machines are up to 11 metres wide. 
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Figure 2. Head box and Forming Section 

 

The following wire section (forming section) drains the pulp-water slurry which results in the 
forming of an endless web. Before the forming section the suspension contains ca. 90% water. 
In this area some rollers are driven as indicated in the picture. 

The biggest share in all seals have rotary seals that seal roller bearings. Figure 3 illustrates the 
typical specifications of sealing application at the rollers. The diameters range from 500mm to 
1000m. The perimeter velocity at the sealing lip reaches up to 30m/s, which is 75% of the paper 
production speed. The bearing of the rollers are fixed/floating combinations. 

Possible sealing systems can be rotary shaft seals protected either by an additional water 
deflector (figure 3) or by a mechanical splash metal shield. Commonly used are self-retaining 
radial seals with a cover plate for additional fixation. Usually an additional O-ring between the 
metal back of the seal and the housing of the roller is installed to reach complete tightness. For 
this reason, figure 3 also shows a solution with an elastomeric coated metal ring. The correct 
choice of elastomeric material is probably in most applications FKM and HNBR. 

The comparison of energy consumption of a standard radial shaft seal versus a special sealing 
solution for high circumferential velocities shows a difference of 20% up to 40%. If the 
performance of this special solution was on the level of the standard version, premature failure 
would be the result. Exclusively an energy saving design in combination with the appropriate 
choice of materials facilitates high circumferential speeds. 
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Requirements at seal: 0,01-0,02 MPa; 50°C up to 90°C 
at shaft; sliding speed 30m/s

Simmerring Radiamatic ® R 35
Radial Shaft Seal 

Dimensions from 200mm up to 2150mm
Material NBR, HNBR and FKM
Product advantages:
-Lasting radial contact pressure
-Highly wear resistant

-Also split seals for open installation with 
Merkel Bonding Set RK15

Simmerring Radiamatic ® RHS 51
self retaining radial shaft seal 

Dimensions from 200mm up to 2000mm
Material NBR, HNBR and FKM
Product advantages:
-High permissible shaft offset
-Long lasting tight and self retaining fit
-Lasting radial contact pressure
-Highly wear resistant
-Easy mounting

NOK SBR Seal
radial shaft seal 

Dimensions from 200mm up to 1100mm
Material NBR, FKM
Product advantages:
-High permissible shaft offset
-Housing similar to market standard
-Secure self retaining fit
-High sealing performance for long lifetime

Picture copyright and courtesy by

 
Figure 3. Form Section – Radial shaft seals 

 

The counter surfaces of radial shaft seals can have a total offset of +/- 3 mm and even more, 
depending on the type of application. These fluctuations of the shaft lead to a deformation of the 
sealing profile. Different radial loads of the sealing lip towards the shaft are the result. Besides 
the negative effect on the sealing behaviour, alternating friction can be observed as well. If an 
adequate seal design is used, friction peaks stay moderate and consequently energy dissipation 
can be avoided. An example for a radial shaft seal optimised for high circumferential velocities 
is the profile of a radial shaft seal with a double spring that is used to spread the necessary radial 
force more equally. 

Besides the design, also the chosen material of a seal plays an important role regarding expected 
lifetime. Depending on the choice of material, a local hardening of the material can be observed 
during operation. On an appropriate level this hardening of the material is beneficial for the 
performance of the seal, and therefore a desired feature, since this local hardening reduces 
friction and impedes wear & tear. In steel works for example, sometimes pre-run and pre-
hardened seals are used in high speed stands after they have performed in low speed rollers. As 
a result of these findings, materials for seals should always be chosen according to the applied 
load. If the applied load is too low, a continuous wear & tear of the seal can be observed, since 
the local hardening process at the sealing lip has not been activated. Consequently, the right 
material for the right applied load leads to reduced friction and contributes to the target of 
saving energy during operation. 

Besides the up to 10 sealing application at the roller there are seal and guiding elements in the 
suspension cylinders (figure 4). These cylinders are mostly standard differential cylinders that 
are used to control the position of rollers that ensure suspension of revolving belts and the paper 
web. Accordingly these cylinders do not execute long strokes but are rather exposed to constant 
vibrations. The latter increase as production speeds rise; this leads to a growing number of 
premature cylinder seal failures. The short oscillating strokes represent extraordinary conditions 
for seal geometry and material selection. Fluid-mechanical dynamics within the sealing system 
can cause pressure build-up between the individual elements of the systems. Usually new 
sealing elements that prevent pressure such build-up need to be fitted into existing groves. [3] 
already describes the properties using pressure relieved hydraulic sealing systems. There, a 
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pressure relieving bore in the primary seal prevents overpressure in the space between the 
primary and the secondary seal, due to unfavourable operating parameters. This overpressure 
would normally harm the secondary seal prematurely by excessive friction. Only the limitation 
of pressure build-up and therefore the reduction of friction ensures a longer life time of the 
sealing system. 

In order to simplify logistics and spare part handling in the plant, sealing kits that contain all 
needed parts are preferred for the maintenance of cylinders. 

Requirements at seal: 12MPa; 50°C; strokes up to 
500mm; few full strokes – mostly vibrations strokes;
Hydraulic fluid

Merkel Hydraulic Cylinder Sealing Kit
piston and rod seals and guides 

Dimension from 20mm up to 1450mm

Product advantages:
-High quality total sealing concept
-Security by pressure release function
-Mounting equipment for quick and easy changing

Picture copyright and courtesy by

 
Figure 4. Form Section et al.–Hydraulic cylinders 

3. SEALS IN THE PRESS SECTION 

The press section (figure 5) reduces the water content that remains after the forming section to 
as much as 50%. Core of the press section are the shoe presses. A shoe press is a pair of rollers 
and there can be two such shoe presses in a press section. Besides these, in figure 5 drainage 
rollers and drive rollers are marked 

Also in the press section rotary seals are the main seals (figure 6). Specifications for radial seals 
are mainly identical to those in the forming section (figure 3). 
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Figure 5. Press Section 

Requirements at seal: 0,01-0,02 MPa; 50°C up to 90°C 
at shaft; sliding speed 30m/s

Picture copyright and courtesy by

Simmerring Radiamatic ® R 35
Radial Shaft Seal 

Dimensions from 200mm up to 2150mm
Material NBR, HNBR and FKM
Product advantages:
-Lasting radial contact pressure
-Highly wear resistant

-Also split seals for open installation with 
Merkel Bonding Set RK15

Simmerring Radiamatic ® RHS 51
self retaining radial shaft seal 

Dimensions from 200mm up to 2000mm
Material NBR, HNBR and FKM
Product advantages:
-High permissible shaft offset
-Long lasting tight and self retaining fit
-Lasting radial contact pressure
-Highly wear resistant
-Easy mounting

NOK SBR Seal
radial shaft seal 

Dimensions from 200mm up to 1100mm
Material NBR, FKM
Product advantages:
-High permissible shaft offset
-Housing similar to market standard
-Secure self retaining fit
-High sealing performance for long lifetime

 
Figure 6. Press Section – Radial shaft seals 

 

Besides radial seals there are also cylinder sealing applications in this section. Here too, one 
application area are differential cylinders that control location and tension of the rollers. 
Another area is a high number of shoe press cylinders (plunger cylinders) that control the 
pressure gap in the shoe press (figure 7). A polyurethane belt slides over the shoe press rollers. 
Over the entire length of the roller there are plunger cylinder systems located at a distance of ¼ 
metre between each other. The plunger sealing system is subject to oscillating strokes. As a 
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sealing system PTFE piston seal kits (compact seal with a pressurising O-ring) combined with 
laminated fabric guide bands are a possible solution. 

Requirements at seal: 12 MPa; 50°C; mostly vibrations 
strokes; hydraulic fluid

Merkel Shoe Press Sealing Kit
Kit for shoe press cylinder

Dimension from 80mm up to 200 mm

Product advantages:

-Security  by Pressure Release function
-Simple and fast snap-in assembly of guides

Pictures copyright and courtesy by

 
Figure 7. Press Section – Shoe Press Cylinder  

Environment:

� Dust

� Up to 180°C

Pictures copyright and courtesy by

 
Figure 8. Drying Section 
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4. SEALS IN THE DRYING SECTION 

The drying section (figure 8) dehumidifies the paper web to residual moisture of 10% by 
heating. Up to 60 steam-heated rollers in a row apply heat to the paper web. Such a drying 
section represents the longest element of a paper production line. In this section temperatures 
reach up to 180°C. Around 1/3 of the rollers are driven. The paper is being guided on a 
continuously revolving drying belt. The high operative temperatures lead to significant material 
expansion and contraction on the floating side of the roller bearing during start-up and shut-
down. 

Due to the high temperature only metal labyrinth seals can be used so seal the roller bearings in 
this section. However, these labyrinth seals are constantly exposed to filaments and paper 
particles that are result of the drying cycle. For this application (figure 9) special deflector offers 
double security. The bearing and the labyrinth seal are protected against water, filaments and 
paper particles. This avoids the emergence of lubricant-filament mix that otherwise can lead to 
significant waste of lubricant, contamination of the production area and staining of the paper 
web. The temperatures during the drying process reach approximately 180°C, thus the material 
PTFE/ Carbon compound can be used unobjectionably. 

Merkel Paperguard
Labyrinth and bearing protection 

Dimension from 300 up to 1000mm
Material PTFE / carbon
Product advantages:

Protection of labyrinth seals: All inner parts are 
shielded against paper particles. At the same time 
the emersion of lubricants and the contamination 
of the environment will be avoided

Picture copyright and courtesy by

 
Figure 9. Drying Section – Labyrinth-Seal 

5. CONCLUSION 

The predominant factor for operating a paper production is the high utilisation rate of up to 
95%. This requires reliable components as for example seals. Planned machinery stops are rare 
and short. Already short unplanned stops risk the economic efficiency of the entire plant. 
Therefore, seals should ideally be reliable an easy and fast to replace. Currently the entire roller 
has to be removed to replace a radial shaft seal. Changing a roller can take as much as 10 hrs 
and is usually only possible during the annual week of revision. Similar conditions can be found 
in other industries as steel production, wind energy turbines and ocean vessels. For such 
applications many radial shaft seals are available in a split version that allows open installation 
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of the seal on a closed shaft. Bonding of the seal is done with specially profiled brackets that are 
made by rapid prototyping (figure 10). 

Bonding Set

Installation steps

Merkel Bonding Set RK15 for R 35
Tool for radial shaft seal bonding on site

Product advantages:

-Robust synthetic material device for multiple use  

-Matched to product and application

-Easy handling at any location of the shaft

 
Figure 10. Bonding Set for Radiamatic R 35  

 

The requirements for hydraulic cylinder repair are similar. Operators ask for pre-assembled kits 
that contain all seals, wipers and guides needed for a certain cylinder. 

Overall specifications for seals in paper production increase. As done in the past for other 
industries [4], Helsinki University of Technology designed and realised a special test 
programme for applications in paper production for radial shaft seals of different manufacturers 
and for different designs [5]. The motivation is to learn more about functionality and the 
reliability of sealing systems. The setup and conditions for a radial shaft seal test related to 
automotive applications are well described in DIN 3761, part 10. Manufacturers and users of 
radial shaft seals take this template, do the testing on radial shaft seals, and then transfer the 
results to other fields of applications, e.g. the heavy industry. The demands on radial shaft seals 
used in the heavy industry – e.g. steel mills or paper mills – differ strongly from the ones found 
in automotive applications. Operating times and dimensions can hardly be simulated on a one-
to-one test rig. Today there is a focus on customised testing procedures. With the support of 
Finite Element Analysis the customer agrees on a simulated downsizing regarding operating 
times and dimensions. Thus, similar applications at different customers with different sealing 
designs can hardly be compared. The requirements for seals in applications of one industry are 
similar and can be clustered. A possible standard test is a powerful tool to improve the 
development and the selection of the right sealing design and material - especially with the 
growing range of fluids [4]. 

However, not only functionality and reliability related requirements increase. Also the process 
of selecting and manufacturing seals becomes faster. A paper machine often consists of 
components of different technology generations. Especially seal diameters can vary 
significantly. A fast and reliable process for the selection and manufacturing of seals is needed. 
[6] describes the set-up and use of layout programmes for the design and manufacturing of 
seals. In the process of product development of seals for the heavy industry, not the single seal 
itself but the guidelines for this specific type are designed. The wide diameter and profile range 
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of single seals would hinder the process of development in advance. However, customers expect 
a fast response to their enquiries and layout programmes help to perform accordingly. The 
design guidelines establish, through an algorithm, the relationship between the given diameter, 
the profile length and the height. Finite Element Analysis is used to optimise the functional 
metrics in this relationship. Therefore various calculations are performed to simulate the 
influence of shaft misalignment or fluid pressure. The final relationship between functional and 
given metrics is fixed in a layout programme. 

Based on the enquiry, the application engineer selects a suitable seal and the appropriate 
material. This information is entered into the layout programme as well as the given metrics of 
the application such as diameter, profile height and profile length. The result of the programme 
is a geometric proposal. Out of a parametric drawing a CAD-programme-macro creates a 
technical drawing of the geometric proposal. 
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ABSTRACT 

This paper will show typical applications of seals in wind turbines, ways to test, design 
and to produce large size seals. 

Already at the VII. Sealing Colloquium in Hamburg, Merkel Freudenberg Fluidtechnic 
introduced a standard test for radial shaft seals. The testing procedures are based on the 
requirements to seal work rollers of feed-conveyors in steel works. 

In this paper a further major application for radial shaft seals is introduced in 
comparison to the steel standard type: the sealing system of a rotor bearing used in the 
wind industry. The comparison shows that this standard test for seals related to steel 
mill applications can be perfectly transferred to the requirements of wind turbines. With 
this standard test advanced options for the development of radial shaft seals for rotor 
bearings can be realised. The combination of testing, calculation and automated layout 
programs together with a suitable production technology for a diameter range between 
500 and 10.000 mm are the sound basis for tailor-made solutions. For both, 
manufacturers of wind mills and seal suppliers, this combined tool offers a concerted 
platform to discuss and solve problems while developing new rotor bearings. Besides 
the analysis of materials in general, geometry and lubricants, further aspects like surface 
parameters related to material, performance and manufacturing process can be 
considered and compared. Merkel-Counter-Surface-Parameters (MCP) have proved 
their relevance for hydraulic cylinders. Assets can be used as an explanatory model for 
rotary motion as well. MCP are based on standard testing routines and define surface 
specifications, in order to avoid premature failure. 

KEYWORDS: Radial shaft seal; Wind industry 

1. SEALS IN WIND TURBINES 

Figure 1 schematically shows a typical housing of a wind turbine. In this scheme sealing 
systems and relevant aggregates are demonstrated, which represent challenging 
solutions regarding seal and vibration control components. Basically, looking at the 
sealing systems, we talk about radial shaft seals for rotary and pivoting motion used for 
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bearings, and hydraulic seals mounted in pitch and brake cylinders. This paper focuses 
on sealing systems for the main bearing of wind turbines. 

Pitch bearing

Yaw bearing

Main bearing

Brake cylinder

Brake cylinder Damper

Generator

Accumulator

Gear box

 
Figure 1. Overview of Seals in Wind Turbines 

 

Compared to various types of seals for industrial applications, the circumferential 
speeds and the working pressures for radial shaft seals used in wind turbines are quite 
moderate. A comparison of different radial shaft seal applications is shown in Figure 2. 
In the diagram, running distances of the sealing edge in contact with the shaft are listed, 
and related to industrial applications in the steel, ship, wind and automotive industry. 
The values are based on the end-users’ expectations regarding maximum operating time. 
For automotive applications e. g., 5000 hours of operation are the target. The values for 
the other industrial applications include established intervals for the regular change of 
the seals, as well as commonly accepted operating cycles. Based on the circumferential 
speeds, the running distances of the sealing edges can be evaluated. There is a 
distinctive difference between automotive and heavy industry applications. While 
200.000 km are the upper level for automotive applications, seals in steel mills for 
example have to cope with up to 900.000 km running distance. Users of wind turbines 
nowadays expect lifetimes of 20 years. This equals almost 800.000 km running distance 
for the seals used there. These expectations on the lifetime of seals in wind turbines 
require sealing solutions, which are equally complex as needed in other industrial 
applications. 
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Figure 2. Applications and Running Distances  

Conventional shaft bearing:
� close to 80% market share

� 500 kW - 5 MW

� Lubrication system: Grease

� 1 or 2 bearings (Spherical-/ 
Taper- roller bearing)

� Shaft diameter 500 up to 
1000 mm 

Hub bearing:
� close to 20 % market share

� 500 kW - 6 MW

� Lubrication system: Grease

� 1 or 2 bearings (Spherical-/ 
Taper- roller bearing)

� Shaft diameter 500 up to 
1000 mm

Single bearing:
� 3% market share

� 750 kW - 5 MW

� Lubrication system: Grease 
or oil

� 1 main bearing 
(rotor torque bearing)

� Shaft diameter 1500 up to 
2500 mm

 
Figure 3. Main Bearing Concepts 

 

In the course of developing wind turbines, 3 concepts have turned to be widely accepted 
at manufacturers and in the market. Figure 3 offers an overview. The conventional type 
with a main shaft and two bearings is by far the most commonly used one. The main 
shaft, directly connected to the rotor, powers the gear box, and the fast rotating output 
shaft then operates the generator. Based on the principle of fixed and floating bearings, 
designs are used with up to 4 sealing points, if the bearings are sealed on both sides 
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each. The second concept uses no gear box but operates a ring generator directly. Also 
with this concept, the main shaft is stabilized by two bearings with up to 4 sealing 
points. The latest concept banishes the traditional main shaft and uses just one main 
bearing. This new development is driven by the main target to reduce the weight of the 
gondola. The rotor is stabilised by a torque-bearing, which can be directly connected to 
the gear box. This type of taper roller bearing is sealed both-sided. Therefore, this 
concept comprises 2 sealing points. 

For these different concepts for wind turbines, various types of sealing systems are 
available. Figure 4 offers an overview of sealing variants with touching sealing 
elements. The 3 major concepts for wind turbines are allocated accordingly. The 
different sealing systems consist of one or several sealing elements. If an axial seal is 
used, it is either combined with radial shaft seals, or most often also with a non-touch 
mechanical seal. Radial shaft seals can be used as a single sealing solution as well, 
either originally designed, or alternatively equipped with an integrated dust lip. For 
highest demands it has shown to be necessary to mount two radial shaft seals in a row 
and to fill the space between the seals with grease. Dependent on the housing and the 
available space for the sealing system, an additional secondary seal might be feasible. 

Philosophy of manufacturer/design office, based on experience and / or customer requirement rules

 
Figure 4. Main Bearing Concepts and Sealing Systems 

 

Wind turbines are generally projected by the manufacturers themselves, or alternatively 
by service providers with development teams. Which variant of the sealing system is 
used for the chosen concept depends on the experience and the preference of both 
parties, who do the projecting. Already today the housing space for the sealing system is 
extremely limited, which automatically often leads to the choice of grease lubricated 
bearings. Bearings with circulatory oil lubrication considerably increase the lifetime, but 
the necessary design of an appropriate sealing system needs additional attention in 
return. Usually, in this case, the system requires more than one seal. Going along with 
high expectations regarding lifetime, and a steady increase of requirements related to 

34



functional reliability and service, a slowly but steady trend has been originated to 
prematurely involve the manufacturer of seals in the development process of the wind 
turbines. 

Despite the variety of wind turbine concepts and the growing expectations, the 
manufacturer of seals often has to present the most suitable sealing solution within a 
short time frame. 

2. APPLICATION ENGINEERING FOR SEALS IN WIND TURBINES 

Reference [1] already describes the set-up and use of layout programmes for the design 
and manufacturing of seals. In the process of product development of seals for the 
heavy industry, not the single seal itself but the guidelines for this specific type are 
designed. The wide diameter and profile range of single seals would hinder the process 
of development in advance. However, customers expect a fast response to their enquiry. 
Layout programmes help to perform on demand. The design guidelines establish the 
relationship in a mathematical function by the given diameter, profile length and 
heights. Finite element analysis is used to optimise the functional metrics in this 
relationship. Therefore various calculations are performed to investigate the influence of 
shaft misalignment or fluid pressure. The final relationship between functional and 
given metrics is fixed in a layout programme. 

Based on the enquiry, the application engineer selects a suitable seal and the appropriate 
material. This information is entered into the layout programme as well as the given 
metrics of the application such as diameter, profile height and profile length. The result 
of the programme is a geometric proposal. Out of a parametric drawing a CAD-
programme-macro creates a technical drawing of the geometric proposal. 

Various designs Layout programs Tests plus FEA
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Figure 5. Application Engineering of Sealing Systems 
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All layout programmes are based on finite element analysis and test rig results (Figure 
5). Simrit have defined a 3-step strategy for the finite element analysis, imaged and 
combined by a concertedly used data base for testing results/parameters and FEA 
material parameter sets. Test room experiments must follow standards, which reflect the 
requirements of the applications. As for steel works [2], broad experiences with 
standard testing procedures already exist. Figure 6 compares the requirements of wind 
turbine applications as a first approach to establish a suitable standard test set-up with 
the setting of a DIN test procedure and the approved standard test for single seals in 
steel mill applications. Both standard test procedures – for steel mill and wind turbine 
applications – are essentially distinguished by the circumferential velocity of each 
application. In addition, a decision has to be made, either to use the single seal test 
variant, or to focus on the complete sealing system (Figure 7). Using the system seal test 
allows the customer to evaluate the behaviour of the system regarding the application. 
The single seal test helps the seal manufacturer to evaluate the chosen design and 
material. 

Speed up to [m/s] and cycle

Diameter [mm]

Lubrication - type
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Figure 6. Requirements of Wind Turbine Applications 
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System Test

� Basis for customer decision to 
select the most suitable sealing 
system

� Influences among the seals

Single Seal Test

� Basis for seal designer to select 
material and type of seal

� Reproducible condition for the 
single seal

 
Figure 7. Wind Turbine Standard Test: System vs Single Seal 

 

Complementary to the findings for the set-up of standard tests, also experiences 
regarding sealing counter surfaces have been obtained. 

Reference [3] already explains the effects of counter surfaces on hydraulic seals 
regarding lifetime. The specific surface structures of rods may cause an early failure of 
hydraulic sealing systems. Reference [3] describes the surface structure of rods with 
commonly used and additional surface parameters. The investigation of historical cases 
and the use of a full set of available parameters led to the selection of the Rk group. 
Contrary to Ra, the Rk group describes differences between used and unused surfaces. 
The experiences from the field have shown visual differences and a lack of Ra to 
highlight this (Figure 8). Besides the visual differences of used and unused surfaces, a 
functional difference can be observed. In case of an unexpected low performance of the 
first seal used on the test rig, a second seal replacing the first one performed 
considerably better. Thus, using the parameters out of the Rk group, visual and 
functional differences now can be identified. 
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Visual 
difference

NO difference
in Ra; Rmax

Significant 
difference
in Rk; Rpkx

Machined and used surface Machined and unused surface

 
Figure 8. Experiences Concerning Hydraulic Counter Surfaces 

 

Rpkx has proven to be a strong indicator for wear & tear and lifetime of a hydraulic 
sealing system. Merkel Counter Surface Parameters (MCP) with a set of parameters 
from the Rk group have been established and refer to hardened steel surfaces. MCP 
increase the performance of sealing systems und can prevent unplanned downtimes with 
the related energy losses. 

Merkel Counter Surface Parameters (MCP) offer a conception for an enduring 
evaluation of sliding surfaces on behalf of hydraulic seals for reciprocating motion. 
There, the seal passes a defined area of the rod when the rod is moving, whereas having 
rotary motion, the sealing edge stays at a defined track. Nevertheless, the approach for 
reciprocating motion can be transferred to the evaluation of rotary applications as well. 

A configuration and a layout for the parameters of a standard test for wind turbine 
applications have been established. For a deeper understanding of the challenges of such 
specific applications, layout programmes are used. Supplemental to the theoretic 
findings, Simrit are able to produce high quality seals up to 10.000 mm diameter. These 
seals are either manufactured as endless seals by injection moulding, by segmental 
respectively all-in-one compression moulding, or in a joint version, connected by a 
gluing or compression moulding bonding system. If it is necessary to split and mount 
the seals on site, special bonding systems for the MRO market are available as well 
(Figure 9 and 10). 
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Technology Technology Joining

Endless ring out of CM-tool

Endless ring produced in an open 
CM-tool, segment by segment

Ring joint by 2-component glue under 
temperature fixed by profiled clamps

None

None

 
Figure 9. Technology of Production 1/2 

 

Technology Technology Joining

Ring joint by injection moulding (IM) 
device, while being fixed by profiled 
clamps

Ring joint by compression moulding 
(CM) vulcanization without adhesive film 
while being fixed by profiled clamps

Bonding set RK15 to join rings on site 
(MRO) by gluing under temperature and 
being fixed by profiled clamps.

 
Figure 10. Technology of Production 2/2 
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ABSTRACT

A fault simulator for a quarter turn intelligent pneumatic control valve is introduced in
order to explore fault impacts to control valve performance in the flow controlling loop.
The simulator consists of the following models: an intelligent valve controller, a
pneumatic spring return cylinder actuator, a segment type process control valve, the
flow in the process pipe and the flow control loop. The models are from first principals
but fitted with nonlinear fitting parameters such as position related spring coefficients.
The impacts of some faults to control valve and flow control loop performance are
introduced to illustrate the functioning of the simulator. The presented fault simulator
will enable research and development of control valve fault diagnosing methods.

KEYWORDS: Fault simulator, control valve, nozzle – flapper, spool valve, pneumatic
actuator

1. INTRODUCTION

Predictive maintenance is one of the tools to increase productivity in the process
industry by decreasing unwanted shutdowns and loss of product quality. A control valve
as the most usual final control element in the control loop has huge potential to support
predictive maintenance. For this it has to have fault detection and diagnosis capabilities.
Currently intelligent valve controllers can detect some symptoms or faults, but not
diagnose them. Thus there is need to research methods to detect and diagnose specified
control valve faults. The control valve fault simulator presented in this paper enables
that research. Different fault cases can be simulated and consequences analysed.
The simulator simulates operation of a quarter turn intelligent pneumatic control valve.
It consists of an intelligent valve controller (nozzle – flapper and spool valve), a
pneumatic spring return cylinder actuator and a segment type process control valve,
Figure 1.
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Figure 1. Control valve operational variables.

2. FAULT SIMULATOR

The simulator consists of the following models: an intelligent valve controller (nozzle –
flapper and spool valve), a pneumatic spring return cylinder actuator, a segment type
process control valve, medium flow in the process pipe and the flow control loop
(Figure 2). The models are from first principals but fitted with nonlinear fitting
parameters such as position related spring coefficients. A physics based model scheme
was chosen to make fault modelling and location possible. Some relevant faults for each
component are modeled to make fault impact simulations possible.

Figure 2. Intelligent control valve in flow control loop and faults.

2.1. Control valve model

All the modules of a quarter turn control valve have been modeled to varying degrees in
literature. Most of the activities have been in the field of pneumatic actuator models. A
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thermodynamic process including heat exchange (e. g. [1],[2],[3]) and friction (e.g.
[4],[5],[6]) have been the main topics. There are only few valve controller models
available (e.g. [7]), but models of pneumatic pre and output stage components (nozzle –
flapper ([8],[9],[10]) and spool ([11],[12],[13],[14]) of valve controllers are available.
Process control valve modelling is concentrated mainly on globe valves with linear
actuators, as opposed to quarter turn designs which are the object of this study. The only
model of a quarter turn pneumatic control valve is introduced in [15]. A globe valve
model can be found from reference [7]. A detailed valve controller model is introduced
in this paper.

2.1.1. Nozzle-flapper model

First, an equation of motion for a flapper (1) is derived from Figure 3.

+ F + F = 0 (1)

Figure 3. Nozzle - flapper schematics.
Where mf is the effective mass of the flapper [kg], Fv the viscous damping force [N], Fc
the coil force [N], F  the flapper spring force [N] and Fp the pressure force [N]. Fc is a
force linearly related to coil input voltage and is produced by a voice coil attached to the
flapper. Fp is caused by the effect of the prestage pressure PPre [Pa] through the nozzle
and the flow adjacent to the flapper. Ps [Pa] denotes the supply pressure in Figure 3.
Equations (2) and (3) are used to model mass flows through the fixed restrictor (Apre)
and the nozzle (Anozzle) (Figure 3). These equations are based on an adiabatic process,
ideal gas and zero upstream velocity.

m C (2)

Where  is the mass flow [kg/s], A the flow area [m2], R the gas constant 287 J/kgK, p1
the inlet pressure [Pa], T1 the inlet flow temperature [K],  the flow function and Cd the
discharge coefficient.  is given by equation (3) depending on pressure ratio p2/p1.
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,  > ,   

,  ,

(3)

Where p2 is the outlet pressure [Pa] and the polytrophic constant (for an adiabatic
process with air  = 1.4).

The net mass flow to the prestage volume builds up pressure PPre (Figure 3). Equation
(4) is used to model pressure PPre. Also in this equation an adiabatic process and ideal
gas are assumed.

= ( ) (4)

Where p is the pressure [Pa], V the volume [m3], Ac the surface area of the volume
change [m2] and v the velocity [m/s] of Ac.

2.1.2. Spool valve model

An equation of motion (5) for the spool is derived from Figure 4.

+  = 0 (5)

Figure 4. Spool valve schematics.

Where ms is the mass of the spool [kg], F  the spool spring force [N], Fco the control
pressure force [N], Fsp the supply pressure force [N], Fd the diaphragm spring force [N]
and Ffs the friction force [N]. Flow forces are not considered in this model. They are
significantly lower than the forces listed above due to the low density of the medium (as
opposed to hydraulic valves) and the largely radial direction of the flow.

The friction model is an extended Karnopp model (6). In the original Karnopp model
[16] parameters are common for both directions of movements. The extended model
applied in the present work uses separate parameters for both directions of movement.

=
=

=
min( )

max
| | , 0

0

(6)

Where F  is the friction force [N], v is the spool valve velocity [m/s], ZV is the zero
velocity region [m/s], F  is the friction force [N] when v  0, F  is the friction
force [N] when v = 0. F  is the Coulomb friction force [N] when v > 0. F is the
viscous friction coefficient when v > 0, F  is the stiction force [N] when v > 0. F ,
F , F  are the corresponding forces for negative spool velocity. F  is the external
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resultant force [N] driving the spool valve. Inside the ZV region the velocity is assumed
to be zero and the friction force holds the spool valve in position until breakaway
friction is overtaken.

Mass flow through the spool valve is modeled with the same mass flow equations (2)
and (3) as with the nozzle – flapper. Leakage flow over the spool is not modeled.

2.1.3. Pneumatic spring return cylinder actuator model

The equation of motion (7) for the actuator piston is derived from Figure 5.

+ = 0 (7)

Figure 5. Actuator.

Where ms is the effective total mass of the piston and other moving parts [kg], F  the
spring force [N], Ffa the friction force [N], Fap the actuator pressure force [N] and Fl the
load force [N]. The friction force model is the same extended Karnopp model (6) as
used with the spool valve. The actuator pressure Pac producing Fap is modeled with the
same equation (4) as the nozzle – flapper.

2.2. Segment process control valve model

A process valve is fitted to the actuator (Figure 1) with its shaft attached to the actuator
hub. Consequently a separate equation of motion for the valve is not implemented. Only
the moment of inertia and friction are considered in the valve model. The friction model
is the same extended Karnopp model (6) as with the spool and with the actuator.

2.2.1. Controller models

A cascade control scheme was implemented in the valve controller model. The outer
loop controls the process valve position and the inner loop the spool position. The
process valve position feedback control was implemented as proportional control while
the inner slave loop was implemented as PID control.

2.3. Medium flow in process pipe model

Flow through the process valve is modeled with equation (8).

= 0.865 (8)
Where Q is volumetric flow [m3/s], C  is the capacity coefficient and dp the pressure
difference over the valve [bar]. dp is obtained from equation (9) [17]. This equation
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models the pump and pipe characteristic by approximating both the characteristic of a
centrifugal pump and the pressure drop in a pipe due to turbulent flow.

(9)

Where dp  is the pressure difference [bar] over the valve when the valve is closed and
DP  the pressure difference [bar] over the valve when it is fully open.

2.4. Flow control loop model

The flow controller (Figure 2) is modeled as a PI feedback controller. In a real
application the setpoint to this controller would come from the process control system.

2.5. Faults

Nine typical control valve faults (Table 1) were modeled in the flow control loop model
(Figure 2).

Table 1. Faults.
Module Fault

Nozzle -Flapper Obstruction in fixed
restrictor

Obstruction in
nozzle

Leakage

Spool valve Friction change

Actuator Friction change Leakage Mechanism backlash

Valve Friction change

Control valve Backlash

An obstruction in the fixed restrictor reduces flow through the restrictor.
An obstruction in the nozzle reduces flow through the nozzle.
A nozzle – flapper leakage fault causes a decrease of the net mass flow to the
prestage volume.
A spool valve friction change fault causes an increase of Coulomb, viscous
and/or stiction friction.
An actuator friction change fault causes an increase of Coulomb, viscous and/or
stiction friction.
An actuator leakage fault causes a decrease of the net mass flow to the actuator.
An actuator mechanism backlash fault affects the actuator mechanism
transferring linear piston movement to rotary valve movement.
A valve friction change fault increases Coulomb, viscous and/or stiction friction
in the valve.
A control valve backlash fault affects the valve position feedback of the valve
controller.
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3. PARAMETER ESIMATIONS AND MODEL VERIFICATION

The models mentioned above were implemented in the Simulink™ environment and
solved with numerical methods. Most of the parameters were fixed but some were
chosen as a fitting parameters. The fitting parameters were estimated for one model
module (e.g. flapper equation of motion) at a time. With this approach also possible
nonlinearities of the fixed parameters will be included in the fitting parameter. Slow
ramps as excitation signals were used to estimate the module's static properties in the
input/output domain (transfer function) (Figure 6). Dynamic properties were estimated
in the time domain with step-like excitation signals (Figure 6).

Figure 6. Flapper input/output domain (left) and time domain (right).

The control valve was instrumented (Figure 7) to measure the operational variables
(Figure 1) in order to get data for parameter estimations. All operational variables
except the net mass flow to the prestage volume were available through the dSPACE™
environment.

Figure 7. Test bench.

3.1. Nozzle-flapper

The first estimation parameter in the flapper model equation (1) was the flapper spring
constant. A lookup table was estimated by driving the flapper without supply pressure.
The simulated flapper spring force is seen in Figure 8. Any nonlinearities of the voice
coil force (Fc in (1)) are included in this fitting parameter.

The second estimation parameter in the flapper model was the pressure force
coefficient. This lookup table (Figure 8) is used to multiply pressure PPre (Figure 3). One
dimension of the lookup table is supply pressure based on estimations done in three
different supply pressures. However, the result represents rather measurement variation
than correlation with supply pressure, while the correlation with flapper position is
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obvious. Due to flow between flapper and nozzle end (Figure 9), the effective area of
the pressure force widens over the inner diameter of the nozzle. The effective area
diameter was fitted to make the pressure force coefficient equal to one when the flapper
is close to the nozzle. The pressure effect area diameter was estimated to be Nozzle ID
+ 0.44*(Nozzle OD - Nozzle ID).

Figure 8. Flapper spring force (left) and pressure force coefficient (right).
The estimation parameter in the mass flow ((2),(3)) model was discharge coefficient Cd.
For the fixed restrictor it was estimated with data captured from the test setup seen in
Figure 9. The device under test (DUT) was just the fixed restrictor, not the total flapper
– nozzle assembly.

Figure 9. Nozzle – flapper (left) and fixed restrictor test setup (right).

Figure 10 shows one of the estimation data sets and the discharge coefficient lookup
table estimated with 3, 5 and 7 bar supply pressures. The critical pressure ratio p2/p1 for
choked flow was fixed to the ideal value 0.528. In this case this agrees well with the
measurements, as seen from Figure 10.

Figure 10. Mass flow estimation data (left) and fixed restrictor discharge
coefficient.

The nozzle – flapper model equations ((2),(3) and (4)) were fitted with the nozzle
discharge coefficient lookup table (Figure 11). Pressure difference over the nozzle is
estimated to be the dominant variable in this table as seen in Figure 11. One of the static
properties estimation data sets is shown in Figure 11.
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Figure 11. Nozzle discharge coefficient (left) and prestage pressure (right).

3.2. Spool valve

The spool valve model equation (5) was fitted with friction and diaphragm forces.
Diaphragm spring forces were measured by driving unpressurized diaphragms through a
force sensor (Figure 12).

Figure 12. Diaphragm spring forces.

Diaphragm models are linear spring models defined in specific spool movement ranges
and in both spool valve movement directions to achieve measured hysteresis (Figure
12). This elastomer-based hysteresis can also be seen in Figure 13 and completely
explains the measured hysteresis in spool movement.

Figure 13. Spool static (left) and dynamic (right) estimation data.
The dynamic properties of the spool valve model were fitted with spool valve friction
force parameters. One of the estimation data sets is seen in Figure 13. All friction model
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parameters were used as estimation parameters. Friction forces were found to be
negligible compared to other forces affecting spool movement.
The mass flow model ((2),(3)) through the spool valve was fitted with discharge
coefficients.
The mass flow filling the actuator cylinder was measured with a mass flow sensor with
the test setup seen in Figure 11. One of the estimation data sets and the estimated fill in
discharge coefficient is seen in Figure 14.

Figure 14. Fill in mass flow estimation data (left) and flow coefficient (right).
The fixed value of 0.528 for the critical pressure ratio p2/p1 was again used. This is an
acceptable assumption as seen in Figure 14 although agreement is not as good as with
the fixed restrictor. This is expected as the true flow geometry includes secondary
pressure losses due to the device housing, actuator piping and connectors. The lookup
table shows that spool position and pressure ratio p2/p1 are equally important factors in
defining the discharge coefficient. The relatively low flow coefficients for the cylinder
flow are probably due to the secondary pressure losses in addition to the flow restriction
presented by the spool valve.
The discharge mass flow from the cylinder was measured with a mass flow sensor as in
Figure 15.

Figure 15. Cylinder discharge mass flow test setup.
One of the estimation data sets and the estimated discharge coefficient is seen in Figure
16. In the lookup table the cylinder pressure is the determining factor for the discharge
flow coefficient while the effect of spool position is minor. This indicates that the flow
geometry of the spool valve has been successfully modeled as a function of spool
position.
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Figure 16. Discharge mass flow and discharge coefficient.

3.3. Actuator

The actuator model equation (7) is fitted with friction force (6) parameters, especially
with estimated Coulomb friction force parameters seen in Figure 17.

Figure 17. Actuator Coulomb friction forces: for positive velocity (left) and for
negative velocity.

As seen from Figure 17, the Coulomb friction forces are notably different. That was the
main reason to adapt the Karnopp friction model and add separate parameters for both
directions of movement. An example of static and dynamic properties estimation data
sets is shown in Figure 18.

Figure 18. Actuator static and dynamic estimation data.

3.4. Process valve

The process valve part of the model was fitted with friction parameters. The primary
estimated parameters were the Coulomb friction coefficients (Figure 19). These
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represent the Coulomb friction coefficients in the valve seal – closing element contact
and are multiplied with the sealing force to obtain the Coulomb friction forces. The
sealing force is a load force where the seal is pushing against the closing element.
During the estimation test runs the valve seal was loaded through a force sensor to
determine seal load correlation to the Coulomb friction force.

Figure 19. Valve Coulomb friction coefficients.

3.5. Control valve model validation

All the model modules were connected to form the complete control valve model. The
control valve model was validated first without the valve controller module with step
series and ramps. Validation results are seen as control valve internal transfer function
plots in figures: Figure 20, Figure 21 and Figure 22. They show sufficient agreement of
the simulated operational variables with the measured results. That confirms that the
model is capable to describe all main nonlinearities and causalities of the modeled
system and that it can be used for fault simulation purposes.

Figure 20. Open loop validation transfer functions: Flapper position (left) and
Prestage pressure (right)

Figure 21. Open loop validation transfer functions: Spool position (left) and Spool
mass flow (right)
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Figure 22. Open loop validation transfer functions: Cylinder pressure (left) and
Valve position (right)

Then the control valve model was validated with the controller module in place. Some
closed loop set point signals and the valve position responses are seen in Figure 23.

Figure 23. Closed loop set points and responses.

4. FAULT SIMULATIONS

Three different fault simulation schemes were run with all faults: open loop simulations
without any controllers (spool, valve or flow controller), control valve simulations and
flow control loop simulations. Examples of analyzed variables related to fault impacts
are listed below:

flow control loop operational variables in the time domain (Figure 24)
flow control loop internal transfer functions (Figure 27)
controller error signal performance indicator (Figure 27)

o Integrated absolute error, IAE
o Integrated square error, ISE

These were analyzed to research how different faults affect the operational variables and
control performance. As examples some of the results of fault simulations are presented.
First open loop simulations where the control signal was a series of steps were run, see
Figure 24.
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Figure 24. Open loop actuator leakage fault simulations.

In the open loop case, faults impact only the operational variables located after the fault
in the operational chain. This is illustrated by Figure 25. The bars are representing
averages of operational variables during simulations with different quantities of actuator
leakage. Averages are scaled to no fault test run averages, i.e. zero corresponds to the no
fault situation.

Figure 25. Open loop actuator leakage fault operating points. The variables in
figure are (from left to right) control, flapper position, net mass flow to prestage

volume, prestage pressure, spool position, net mass flow to cylinder, cylinder
pressure, actuator torque, valve position.

When feedback control is utilized fault impacts also operation points of operational
measures located before fault in operational measures chain (Figure 26).

Figure 26. Operation points of flow control loop simulations. The variables in
figure are (from left to right) valve setpoint, spool setpoint, control, flapper

position, net mass flow to prestage volume, prestage pressure, spool position,
net mass flow to cylinder, cylinder pressure, actuator torque, valve position,

differential pressure over valve and valve flow.
This illustrates that in a feedback control scheme the controllers are trying to
compensate for the fault. In the actuator leakage case the control performance is poor
regarding controlled variables located after the fault in the operational chain, see Figure
27. Valve and flow controller ISE performance indicators are presented scaled to no
fault performance.
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Figure 27. Flow control loop controller performances (left) and internal transfer
function (right). The variables in the diagram on the left are: spool valve

controller ISE, valve controller ISE and flow controller ISE.

5. CONCLUSIONS

It has been possible to model intelligent control valve dynamics despite its inherent
nonlinearities. These nonlinearities of the system have been identified and estimated
through selected parameters. The most significant nonlinear parameters are the pressure
force and nozzle discharge coefficients in the nozzle- flapper model, the diaphragm
spring and discharge coefficients in the spool valve model and the Coulomb friction
parameters in the actuator and valve models. The derived models have been verified
with measurements and the modeling error is found to be acceptable for fault
simulations. Some typical faults have been simulated and impacts to flow control loop
operational variables and control performance analyzed. The present fault simulator can
be used for fault detection and diagnosis as well as robust control research.
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ABSTRACT 

This paper, relying on and extending previous publications in the field, introduces a 
generic state estimator-based method that could be used in online detection and 
isolation of leakage faults in a hydraulic system. Moreover, the idea is that the method 
is independent of the loading condition of the hydraulic system and the mechanism that 
the hydraulic system is connected to. The method is tested experimentally in the 
detection and isolation of leakage faults using random control signals to a test bed 
called the Single Axis Mock-up. 

KEYWORDS: Unscented Kalman Filter, reduced-order, online, leakages, fault 
detection, fault isolation, hydraulics 

1. INTRODUCTION 

In condition monitoring, a model-based scheme [1, p. 62] is commonly used. The idea 
of it is to use a nominal, fault-free model of the system that is fed the same control 
signal u(k) as the real system. This creates a model output ŷ(k), and then by subtracting 
the model output from actual measurements y(k) a residual r(k) is created. This is called 
residual generation, as marked in Figure 1. Based on the residuals, decisions can be 
made about the health of the system. If the model is ideal, the residuals remain at zero 
or near zero when the system is operating correctly. But when a fault is introduced, the 
residuals change to indicate the faulty condition. The decision whether a fault is present 
or not is done constantly. It is called fault detection. Then if a fault is detected, the fault 
is located, i.e. isolated. The scheme as a whole is called Fault Detection and Isolation 
(FDI), or because it is based on the residuals, residual evaluation. 

In practice, perfect plant models are not possible. There will always be some 
discrepancy between measured and model data. This is especially true for nonlinear 
models where the system dynamics are dependent on the operating point. Therefore, 
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state estimators, which can consider the modeling errors and utilize measurements to 
correct model predictions, are commonly used in condition monitoring [2-3]. We will 
use an Unscented Kalman Filter (UKF) which is a Kalman-type filter designed for 
nonlinear systems. The model-based state observer scheme with UKF is presented in 
Figure 1. 

 
Figure 1. The model-based fault detection and isolation scheme. 

In recent years, advances have been made in the field of condition monitoring in 
hydraulic systems. The direction has been towards the use of state estimators (filtering 
capable Kalman filters) that are suitable for nonlinear state estimation tasks, and thus 
are also applicable for nonlinear hydraulic systems. For instance, An & Sepehri [1] 
proposed a method using a fault-free Extended Kalman Filter (EKF) to detect leakages 
with actuators under unknown external loading. They used the EKF to estimate the 
unknown external force and other state variables and showed that external leakages out 
of the system and internal leakages across cylinder chambers as small as 0.25 L/min 
could be detected and isolated using residuals between measurements and state 
estimates. Their approach worked well for structural, sinusoidal inputs, and fairly well 
for pseudorandom inputs. 

More recently, Sepasi & Sassani [3] applied an UKF to detect leakages and load 
changes from a hydraulic system. Their test system had a constant external force which 
was not estimated with UKF. Using the same principles as An & Sepehri [1] they could 
detect and isolate leakage faults, as well as load changes. However, results were 
provided only for sinusoidal inputs. 

Motivated by previous studies, we propose a scheme using a reduced-order UKF. As 
opposed to [3] we have a good enough position measurement from which we 
differentiate velocity, which eliminates the need to estimate them. Also, we do not need 
to know the external force or the load mass, as the information of the mechanism is 
included in the position and velocity measurement. Therefore, this scheme is more 
viable in hydraulic systems where the load can vary during operation. The paper also 
presents a threshold that adapts to loading conditions, so that the method is more 
extendable to generic hydraulic systems. Experimental results are given with random 
control signals that are more plausible than for example sinusoidal inputs. Although 
faults can occur in all parts of the system: in the actuators (e.g. leakages in hydraulic 
cylinders, motors, valves), in the process (e.g. deformation of a boom) or in the sensors 
(e.g. offset faults in pressure transmitters, linear or rotary encoders etc.), the paper 
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focuses on actuator leakage faults. 

The paper is organized as follows. In Section 2, the test bed configuration is described, 
and then in Section 3 the UKF algorithm is introduced and the reduced-order UKF 
estimator is applied to the test bed. In Section 4, the capability of the UKF estimator and 
the adaptive threshold scheme are experimentally tested in detecting and isolating 
leakage faults. 

2. TEST BED CONFIGURATION 

The test bed is a hydraulic boom with one degree of freedom. Load masses can be 
placed on either side of the boom. In our configuration, we had a load mass of 497 kg 
on the left side and no load mass on the right side. Figure 2 shows an illustration of the 
test bed with distances and angles that are needed in converting boom angle and angular 
velocity measurements into piston position and velocity. 

 
Figure 2. An illustration of the test bed. 

The distances and angles from Figure 2 are given in Table 1. The angles  and  are not 
necessary in the measurement conversion process. They were used in torque 
calculations for building a simulation model for the system. 

Table 1. Distances and angles from Figure 2. 
Measurement Value 

a 0.30 m 

b 1.04 m 

c 0.84 m 

 0.728 rad 

Using the law of cosines, piston position x is obtained from boom angle  as follows: 

 ( ) =  + − 2 ( + ) −  (1) 

Then piston velocity ̇  is solved from (1) by differentiating it respect to time: 

b
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 ̇( ) =  ̇ ( ) = ̇ ( + )
+ − 2 ( + )

 (2) 

where ̇  is the angular velocity of the boom and ( ) is the moment arm of the 
cylinder. 

The hydraulic natural frequency of the test bed as a function of boom angle was 
determined from measurements, and it is shown in Figure 3. The maximum natural 
frequency is almost 4.5 Hz, roughly in the middle of the boom trajectory. 

 
Figure 3. Hydraulic natural frequency of the test bed. 

We used the test bed to emulate external and internal leakages. For that purpose, the test 
bed was fitted with three restrictor valves, as shown in Figure 4. The restrictors labelled 
‘External leakage A’ and ‘External leakage B’ emulate external leakages that may occur 
when a hose or a pipe breaks, or a coupling fails. Internal leakage in the cylinder is 
emulated with a restrictor valve that connects the cylinder chambers. It is labelled as 
‘Internal leakage’. Adjusting the opening of the restrictors we can introduce and control 
the amount of leakage faults. 
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Figure 4. The hydraulic diagram of the test bed. 

The cylinder holding the load mass has dimensions ∅80/45-545, and the 4/3-directional 
valve is a servo solenoid valve with a nominal flow rate of 24 dm3/min at 3.5 MPa 
nominal pressure difference per notch. The restrictors are needle valves with a 
maximum flow rate of 30 dm3/min at 40 MPa pressure difference. The boom angle is 
measured with a rotary incremental encoder and the pressures with pressure transmitters 
having a 0-25 MPa operating range. 

3. UNSCENTED KALMAN FILTER 

The UKF is a Kalman-type state estimator for nonlinear systems which was presented in 
1995 by Julier, Uhlmann & Durrant-Whyte [4]. In publications [3-5] it is shown that the 
UKF approximates system states much more accurately than previous solutions for 
nonlinear systems, for example the EKF. As with EKF, when the states, treated as 
Random Variables (RVs) because of their noise, are fed into nonlinear equations, the 
challenge is to estimate the true mean and covariance of the RVs after the 
transformation. The UKF uses a technique called Unscented Transformation (UT) to 
accomplish good approximations for these statistics. It relies on approximating the 
distribution of the states rather than linearizing the nonlinear equations. It has been 
shown that when the states are normally distributed, UT captures the mean and 
covariance accurately for third-order in the Taylor series expansion of the mean and 
covariance. If they are not, the statistics are still captured at least to the second-order in 
the Taylor series. For instance, the EKF only achieves first-order accuracy for the mean 
and second-order accuracy for the covariance. 

Besides the accuracy advantage of UKF over EKF, the UKF also does not need 
derivatives like the EKF which uses them to linearize the nonlinear functions around 
previously estimated states. This can be useful because linearization causes 
approximation errors, and calculating and writing long derivatives can also be error-
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prone. The given advantages motivate the choice of UKF over EKF. [4-6] 

3.1. Discrete nonlinear system 

We have a discrete nonlinear process f and a measurement model h with noise vectors 
w and v, respectively: 

 
= ( , , ) +  

= ( , ) +  
(3) 

where x is the N x 1 state vector in which N is the number of states, u is  the  U  x  1  
control vector in which U is the number of controls, t is the time, w is the N x 1 process 
noise vector, y is the M x 1 measurement vector in which M is the number of 
measurements, v is the M x 1 measurement noise vector and the subscript k refers to the 
previous time instant. The process noise  and measurement noise  are assumed 
to be white (uncorrelated) and additive with zero mean and covariances  and . 

We wish to design a state estimator for the nonlinear system in equation (3). A suitable 
estimator is: 

 
= ( , , ) + ( − ) 

= ( , ) 
(4) 

The states are estimated with a linear combination between model prediction (the first 
term) and the correction term (the second term). The correction gain , which is 
updated at each time step, is chosen so that it minimizes state error covariance. For 
deriving of the optimal gain, refer to [7, pp. 318-320]. 

3.2. General Unscented Kalman Filter algorithm 

Using the prerequisites and notation given before, the recursive UKF algorithm can be 
described in a step by step manner as follows [6]: 

1. Initialize the filter 
2. Estimate the a priori state vector  (the prediction) 

a. Generate sigma points around the previous estimate 
b. Propagate the sigma points through the nonlinear functions 
c. Calculate the state mean 

3. Calculate the a priori state error covariance  
4. Estimate the a posteriori state vector  

a. Unscented transformation for measurements (mean and covariance) 
b. Calculate the cross-covariance between state and measurement 

predictions 
c. Calculate the Kalman gain 
d. Update state estimate 

5. Calculate the a posterior state error covariance  
6. Return to step 2 

Step 1 is executed only once and steps 2-6 are repeated. Steps 2 and 3 constitute the first 
unscented transformation, and step 4a the second. The steps correspond to the following 
equations: 
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1. 
= 0 

= ( ) 
= [( − )( − ) ] 

(5) 

2a. 

( ) =  
( ) = + ( ),                    i = 1,2,3, … ,2N 
( ) = ( + ) ,       i = 1,2,3, … , N 
( ) = −( ( + ) ) ,     i = N + 1, … ,2N 

(6) 

2b. ( ) = ( ), ,  (7) 

2c. 

( )
( ) =

+
 

( )
( ) =

1
2( + ) ,             i = 1,2,3, … ,2N 

= ( )
( ) ( )  

(8) 

3. 

( )
( ) =

+
+ (1 − + ) 

( )
( ) =

1
2( + ) ,                i = 1,2,3, … ,2N 

= ( )
( ) ( ) − ( ) − +  

(9) 

4a. 

( ) = ( ) , ,  

= ( )
( ) ( )  

= ( )
( ) ( ) − ( ) − +  

(10) 

4b. = ( )
( ) ( ) − ( ) −  (11) 

4c. =  (12) 

4d. = + ( − ) (13) 

5. = −  =  −   (14) 

In the equations (5) through (14), E is the expectation operator,  is a weight multiplier, 
L is the dimension of the state vector, i.e. the number of states, and  is a scaling 
parameter, satisfying = ( + ) − . The parameter  is a tuning factor which 
determines the spread of the sigma points. A typical value is 10-3, with 10-4 ≤  ≤ 1. The 
constant  is a secondary tuning parameter. Usually it is chosen as zero. The constant  
affects the weight of the first error covariance term. An optimal value is = 2 for 
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normally distributed states. The matrix square root in step 2a should be calculated with 
Cholesky decomposition for best computational efficiency. [6] 

If the measurement equations in function h are linear, the presented algorithm can be 
partially simplified. The simplification affects steps 4a and 4b. The equations in step 4a 
can be reduced to: 

 =  
= +  (15) 

Then step 4b reduces to: 

 =  (16) 

where H is a measurement matrix of size M x N. Note that equations (15) and (16) are 
identical to the ones in a Kalman filter [8]. The benefit of the reduction is decreased 
computational cost. 

3.3. Unscented Kalman Filter scheme for the test bed 

The varying, unknown loading condition (external force and load mass) poses a 
problem for fault detection. One could be inclined to think that a suitable solution might 
be the online estimation of the unknown external force and load mass. However, as 
appealing as it might sound, it gives poor results in practice because in a faulty situation 
the UKF tries to compensate the changing residuals by giving wrong estimates for the 
external force and load mass. Therefore it would be difficult to detect a fault. 

The most viable solution to the problem seems to be the inclusion of the “perfect” 
position and velocity measurements to the control vector u. They could also be included 
to the state vector for filtering if they were very noisy. This was not necessary with our 
measurements. The control vector then becomes: 

 = [ , ̇ , , ] = [ , , , ] (17) 

where  is piston position, ̇  is the piston velocity,  is the valve control signal and  
is the supply pressure, which also did not require filtering and therefore was not 
included in the state vector. 

We did not measure piston position directly, but instead boom angle was measured and 
converted to piston position using equation (1). Piston velocity was then differentiated 
from piston position. The differentiation produced a satisfactory velocity signal with 
little noise. The feasibility of differentiation for demanding servo applications has been 
studied in detail in [9] were it was shown to be a fairly good compromise, especially 
when the position needs to be differentiated only once. 

3.3.1. Unscented Kalman Filter process model 

As the piston position and velocity are included in the control vector, the task of the 
UKF is to estimate chamber pressures  and , and valve spool position  and valve 
spool velocity ̇ . The reduced-order state vector is thus: 

 = [ , , , ̇ ] = [ , , , ]  (18) 

The states are integrated from time step k to the next at k+1 within the UKF algorithm 
using Euler’s forward method, also known as rectangular integration. The states are 
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transformed with the following discrete equations: 

 

( + 1)
( + 1)
( + 1)
( + 1)

=

( )
( )
( )
( )

+

⎣
⎢
⎢
⎢
⎢
⎢
⎡ ( ) +

( − ( ) )

( − ( )) +
( + ( ) )

( )
( ) − 2 ( ) − ( ) ⎦

⎥
⎥
⎥
⎥
⎥
⎤

 (19) 

where  is the effective bulk modulus in chamber A,  is the effective bulk 
modulus in chamber B,  is the piston area,  is the area in the cylinder rod side,  
is a small dead volume in chamber A,  is a small dead volume in chamber B,  is 
the cylinder stroke,  is the flow rate to and from chamber A,  is the flow rate to 
and from chamber B,  is the gain from control signal to spool position,  is the 
natural frequency of the spool,  is the damping ratio, and T is the sampling time, 
which was 1 millisecond. 

The effective bulk moduli in equation (19) were found to be heavily dependent on 
piston position. In particular,  was quite small when the piston was completely 
retracted but gradually grew as the piston extended. This happened because the system 
has flexible hoses. The following equations, which take the flexible volume of the hoses 
into consideration, gave a good approximation for the effective bulk moduli: 

 
=

( ( ) + )
( ( ) + ) +

 

=
( ( − ( )) + )

( ( − ( )) + ) +
 

(20) 

where  is the bulk modulus of oil,  is the bulk modulus of the hose and  is the 
volume of the hose. 

The flow rates of the servo solenoid 4/3-directional valve in equation (19) are defined as 
follows: 

 

=
( ) ( ) | ( ) − ( )| ( ) − ( ) , ( ) > 0

− ( ( ))(− ( )) | ( )| ( ) ,                                ( ) < 0
,                                                                                        abs( ( )) < 0.01 

 

=
− ( ( )) ( ) | ( )| ( ) ,                                      ( ) > 0

( ( ))(− ( )) | ( ) − ( )| ( ) − ( ) , ( ) < 0
,                                                                                      abs( ( )) < 0.01  

 

(21) 

where ( ( )), ( ( )), ( ( )) and ( ( )) are flow coefficients 
in notches PA, AT, BT and PB, respectively. The flow coefficients are nonlinear 
functions of valve spool position. To improve modeling accuracy each flow coefficient 
was fitted to a third-order polynomial of form, as in [10]: 

 ( ) = + + +  (22) 

The flow coefficient polynomials were determined offline using nonlinear parameter 
estimation techniques on various step responses of the valve in order to obtain several 
flow coefficient sample points, and then the third-order polynomial was fitted to the 
sample points. 
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In reality, the flow coefficients are also dependent on oil temperature. Modeling the 
temperature dependency would be crucial for some hydraulic applications because due 
to disturbances caused by the outside temperature, the oil temperature can fluctuate a 
lot. However, for this indoor test bed this modeling was omitted as unnecessary. 

The terms  and  in (21) are small laminar leakages that are approximated to 
be present when the spool position is between -0.01 (-1 %) and 0.01 (1 %). The 
leakages are written as follows: 

 = , ( ) − ( ) − , ( ) 
= , ( ( ) − ( )) − , ( ) 

(23) 

where ,  is the leakage flow coefficient in notch X. 

3.3.2. Unscented Kalman Filter initialization 

The UKF algorithm is initialized with the following parameters: 

 

= [0,0,0,0]  
= diag([1 ∗ 10 , 1 ∗ 10 , 1 ∗ 10 , 1 ∗ 10  ]) 
= diag([1 ∗ 10 , 1 ∗ 10 ]) 
= diag([1 ∗ 10 , 1 ∗ 10 , 1 ∗ 10 , 1 ∗ 10 ]) 
= 0.001 
= 2 
= 0 

(24) 

where  is the initial state,  is the initial, diagonal state error covariance matrix, R is 
the diagonal measurement noise covariance matrix and Q is the diagonal process noise 
covariance matrix. 

The tuning parameters ,  and , when within reasonable bounds, were found to have 
little influence on the estimation result. The parameters R and Q on the other hand are 
crucial for the performance of the algorithm. R is chosen so that it represents 
measurement inaccuracies, i.e. measurement noise. The standard deviation of the 
pressure sensor reading is roughly 1*105 Pa. Hence, its variance, which is a diagonal 
value in the covariance matrix, is 1*1010 Pa2. The accuracy of both pressure sensors is 
estimated to be the same as they are of the same model. 

The process noise covariance matrix Q represents modeling errors. Each diagonal value 
in Q denotes the amount of trust that is placed on the corresponding equation in (19). 
The process noise of the valve spool equations is 1*10-10. Hence, they are trusted. The 
pressure equations are trusted less as their process noise is 1*108 Pa2, but still 
considerably more than pressure measurements. 

The measurement equations are linear, so the algorithm can be reduced according to 
equations (15) and (16). Because we measure  and , the measurement matrix H 
becomes: 

 = 1 0 0 0
0 1 0 0  (25) 

The parameters that are used in the equations described in Section 3.3 are gathered to 
Table 2. 
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Table 2. Test bed parameters. 
Bo 1000 MPa AA 503*10-5 m2 

Bh 400 MPa AB 344*10-5 m2 

Vh 1.85*10-4 m3 KvPA,leak 1.9*10-12 
m3/(s*Pa) 

V0A 1*10-4 m3 KvPB,leak 1.0*10-12 
m3/(s*Pa) 

V0B 1*10-4 m3 KvAT,leak 1.0*10-12 
m3/(s*Pa) 

KvPA (-5.121*10-8x3 + 1.556*10-7x2 - 1.377*10-7x + 
2.256*10-7)*m3/(s*Pa0.5) 

KvBT,leak 1.7*10-12 
m3/(s*Pa) 

KvPB (9.003*10-8x3 + 2.242*10-7x2 + 1.73*10-7x + 
2.291*10-7)*m3/(s*Pa0.5) 

K 0.1 V-1 

KvAT (1.031*10-7x3 + 2.118*10-7x2 + 1.423*10-7x + 
1.986*10-7)*m3/(s*Pa0.5) 

ωn 2 *20 rad/s 

KvBT (-2.371*10-8x3  + 7.573*10-8x2 - 6.588*10-8x + 
1.91*10-7)*m3/(s*Pa0.5) 

dr 1 

Valve spool position is marked as x in the table. 

4. FAULT DETECTION AND ISOLATION 

We calculate a chamber pressure A and B residual for fault detection and isolation 
purposes. The residual is simply a difference between measured and estimated pressure: 

 = −  (26) 

where  is the measured pressure,  is the estimated pressure and k denotes the 
current time instant. The residuals are averaged with a moving 5-second window to 
eliminate the effect of some brief estimation errors on the detection process. Equation 
(27) is applied to calculate the moving averages of pressure residuals. 

When the system is fault-free, the residuals stay within some positive and negative 
threshold. When one or both residuals cross a threshold, the system has a fault and it is 
detected. After detection, the residuals are tested against some patterns to isolate the 
fault. 

4.1. Adaptive threshold 

As our experimental results will show, the residuals are much larger in chamber A than 
in B, even in a faultless situation. The reason for this is the load, which is directed 
downwards, causing a high A chamber pressure.  

We can reason that the magnitude of the residuals is dependent on pressure, so a natural 
choice is to create a pressure dependent threshold. In order to obtain a smooth threshold, 
both chamber pressures are averaged within a moving 5-second window. The sampling 
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time was 1 millisecond, so there will be a total of 5000 samples. A recursive formula for 
the windowed average is [11]: 

 = ( − 1) +
1

( ( ) − ( − )) (27) 

where  is a pressure value, N is the sample size, and k denotes the current time instant. 
The recursive formula is computationally efficient, although it requires that N samples 
are constantly stored in memory. 

A second-order polynomial was found to best represent the relationship between a 
positive threshold and an averaged pressure: 

 = 0.012 + 4 ∗ 10  (28) 

The unit of the threshold is MPa. The first term guarantees that the positive threshold at 
no point is less than 0.012 MPa. The magnitude of the first term should be based on the 
accuracy of the model. The second term ensures that the threshold increases at a suitable 
rate as the average pressure increases. The negative threshold is simply =
− . 

4.2. Residual tests 

When a fault is detected, the residuals are tested against some predetermined rules in 
order to isolate the fault. The rule table is: 

Table 3. The rule table for isolating faults. 
Fault ↑  ↓  ↑ ↓ pA > pB 

External leakage A 0 1 0 0 0 or 1 

External leakage B 0 0 0 1 0 or 1 

Internal leakage AàB 0 1 1 0 1 

Internal leakage BàA 1 0 0 1 0 

where ↑ denotes the crossing of the positive threshold and ↓ the crossing of the negative 
threshold. For example, an external leakage in chamber A is recognized from other 
faults that it causes the pressure A residual to cross the negative threshold, and the other 
threshold remains uncrossed. Taking into account the direction of the residual (positive 
or negative) we can distinguish simultaneous external leakage in chambers A and B 
from internal leakage, as will be presented with experimental results in Sections 4.3.3 
and 4.3.4. The test whether pA is larger than pB is unnecessary for leakage isolation. It 
would be needed for isolating some valve faults from internal leakage. The discussion 
of valve faults is omitted. 

4.3. Experimental results 

Experimental results are provided for external leakage A, external leakage B, external 
leakage A and B at the same time and for internal leakage. In each figure the vertical 
line presents the time when the fault was added to the system, the solid red line the 
residuals, and the dashed black lines the thresholds. In the experiments, the system was 
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controlled with fairly random, but entirely reasonable control signals to the valve.  

 
Figure 5. The valve control signal during an example run. 

Figure 5 shows an example of the valve control signal during an experiment (the 
external leakage B). 

4.3.1. External leakage A 

The external leakage in chamber A is added to the test bed at around the 35th second, as 
presented in Figure 6. The fault is detectable only two seconds later when the pressure 
A crosses the negative threshold. 

 
Figure 6. Pressure residuals with an external leakage in chamber A. 
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As we can see, only the pressure A residual crosses a threshold, a negative one at -0.04 
MPa. Therefore, according to the rules in Table 3, the fault is correctly isolated as 
external leakage in chamber A. The magnitude of the fault can be seen from the 
magnitude of the residual. The residual is quite large, so the leakage is also large. The 
flow characteristics of the needle valve were measured to find out how big the leakage 
actually is at any given pressure difference. According to those measurements, the 
external leakage in chamber A was approximately 0.40 L/min when it was detected. 

Figure 6 shows that once the external leakage in chamber A has been isolated, the 
residuals decrease momentarily to zero. The residuals were set to zero on purpose, 
because there were some non-fault related discrepancies between measurements and 
UKF estimates when the pressure B was less than zero (it was cavitating) or the boom 
angle was zero. Excluding these situations, the scheme worked fine. The residuals had 
to be momentarily set to zero also in the experiment in Section 4.3.3. 

4.3.2. External leakage B 

The external leakage in chamber B is added to the test bed at around the 30th second. 
The fault is detectable a few seconds later when the negative threshold in chamber B is 
crossed, as illustrated in Figure 7. 

 
Figure 7. Pressure residuals with an external leakage in chamber B. 

Again, according to the predetermined rules in Table 3, the fault can be correctly 
isolated as external leakage in chamber B. As the pressure in chamber B is at all times 
smaller than in chamber A, the thresholds for B chamber residuals can be considerably 
smaller allowing for a smaller leakage to be detected. In this case, at the time of 
detection, the residual was only -0.015 MPa and the leakage was approximately 0.17 
L/min, much smaller than the detectable leakage from chamber A. It must be noted that 
if the magnitudes of the pressure levels in chambers A and B were the other way 
around, then the smallest detectable leakage from chamber A would be smaller than 
from chamber B. The conclusion is, however, that the loading condition has a major 
effect on the smallest detectable leakage. 

The behaviour of the adaptive threshold is of particular interest and very visible in this 
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leakage fault case. When the residuals, for instance in chamber A, approaches the 
threshold, the threshold increases, proving that the thresholds are indeed pressure 
dependent and so the proposed adaptive threshold works rather well. Also, it should be 
noted that as the fault is introduced to chamber B, the negative threshold of chamber B 
is moving towards the residual, and so they cross sooner than if the threshold would 
simply be a constant. The conclusion is that the adaptive threshold can decrease the 
fault-to-detection time, at least in some cases. However, the fault-to-detection time 
depends on the magnitude of the fault. A more severe fault can be detected faster. 

4.3.3. Simultaneous external leakage A and B 

Now, an external leakage in chambers A and B are simultaneously introduced to the test 
bed at the 18th second, as presented in Figure 8. The external leakage from chamber A is 
detectable only a second later, but the external leakage in chamber B takes over 30 
seconds to detect. The reason for the slow detection of external leakage B is the 
decreased pressure A that decreases pressure B so much that the leakage is actually very 
small, until the 51th second, when the leakage reaches the detection minimum of 0.17 
L/min. 

 
Figure 8. Pressure residuals with an external leakage in chambers A & B. 

The external leakage in chamber A can isolated first, as a decrease in pressure A 
residual is detected first. The isolation follows the same principle as in Section 4.3.1: 
the chamber A pressure residual crosses the minus threshold. Then when the pressure 
residual of chamber B eventually crosses the minus threshold as well, the external 
leakage in chamber B can be isolated. Again, like in Section 4.3.1, for the same reasons, 
the residuals are forced to zero when the boom angle is zero, or B chamber is cavitating. 

4.3.4. Internal leakage 

The internal leakage is added to the test bed at the 30th second as we can see from 
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Figure 9. The positive threshold of pressure B residual is crossed slightly sooner than 
the negative of pressure A. Hence, the moment when the pressure A threshold is crossed 
determines the time-to-detection, which is roughly three seconds. 

 
Figure 9. Pressure residuals with an internal leakage. 

The isolation of the fault is straight-forward following Table 3. We can see that the fault 
is an internal leakage in the cylinder as a minus and a plus threshold is crossed, and also 
that the direction of the leakage is from chamber A to B. The information on the 
direction is not very important, but it would be for the isolation of certain valve faults 
from internal leakage, as mentioned. 

5. CONCLUSIONS 

The paper has presented a method using a reduced-order Unscented Kalman Filter 
(UKF) for detecting leakages in hydraulic systems. The method works under any 
loading condition, and there is no need to estimate the external force or the load mass. 
However, the method requires a good, noiseless piston position or angle measurement. 
Also, the process model in the UKF algorithm has to be fairly accurate. Good ways to 
improve the model were given, such as the polynomial approximation of the flow 
coefficients as a function of valve spool position. 

The method was experimentally tested in the detection and isolation of external leakage 
in chamber A, external leakage in chamber B, simultaneous external leakage in 
chambers A and B and internal leakage. The results show that all these faults can be 
detected and isolated even when the system was controlled with random control signals 
that resemble actual control movements via a joystick. 

The experiments showed also that the residuals are dependent on the chamber pressure. 
Therefore an adaptive threshold that is also dependent on pressure was proposed. 

All in all, the smallest detectable leakage was approximately as small as 0.17 L/min, but 

72



as the thresholds had to be pressure-dependent, in some cases the detectable leakage 
was 0.40 L/min, considerably higher. 
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ABSTRACT 

This paper presents a new empirical leakage model to estimate the leakage through 
valve in hydraulic servo system. Estimating leakage is an important part of the design of 
certain control systems. An overestimate of leakage can contribute to inefficiencies and 
excessive pipeline wear, while an underestimate can lead to blocked pipelines and 
severely reduced solid flowrates through the valve. In this article the Markov chain 
Monte Carlo approach is applied to modelling the nonlinear dynamic systems with 
noise-corrupted physical data. The leakage models are studied and compared. The fitted 
models are also verified by other two independent situations. Results show that the 
system model with the proposed leakage formula describes the system dynamics more 
properly and matches the real responses better.  

Keywords: Servo hydraulic system, Modelling, Leakage model, Markov chain Monte 
Carlo, Parameter estimation 

1. INTRODUCTION 

Experiments indicate that the leakage flow between the valve spool and body is 
significant at small servovalve spool displacements. In a precision positioning 
application, where the servovalve operates within the null region, this flow severely 
affects the performance of a conventional servovalve. For an ideal servovalve: geometry 
is perfect; leakage flows are zero; the theoretical orifice equation holds over the whole 
range of spool travel: pxkQ ∆= ideal , where ∆p is the pressure drop across the orifice, x 
the orifice opening, and kideal the servovalve gain. For actual servovalves, this relation 
only holds outside the null region.  
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Models of leakage flow in servovalves have been studied [1, 2, 3]. In this paper, the 
leakage flows between a servovalve spool and valve body is under study. A 
mathematically convenient nonlinear servovalve leakage model is developed. The 
leakage behaviour is modelled as laminar flow with a function denoting the flow area 
and the wear-out of edges on spool and sleeves. The leakage form is used to build the 
model of whole hydraulic system. The model only assumes the servovalve with 
symmetrical and matched construction. The parameters of system model are estimated 
using the Markov chain Monte Carlo (MCMC) algorithm. In the recent years, the 
MCMC methods have emerged as a tool for statistical analysis of nonlinear models [4, 
5]. The main benefit of the approaches is that ‘all’ solutions are found that statistically 
fit the data equally well, within the limits of measurement error. The reliability of the 
estimated model parameters and the model predictions are quantified as probability 
distributions. In this study, leakage models are studied using the MCMC approach. The 
method is presented in Section 2, results in Section 3, and conclusion in Section 4.  

2. METHOD 

2.1. Modelling of external leakage flow 

The external leakage flow is influenced by two factors. The first one is pressure, which 
implies that the leakage of laminar flow type is related to the pressure drop. The second 
factor is the valve orifice area [3]. The orifice area can be represented as a function of 
spool position (or the relative spool position), since the external leakage flow has the 
following features: (i) it is most significant at the spool’s neutral position; (ii) the 
leakage flow and its derivative get smaller when the spool moves away from the neutral 
position; and (iii) the leakage flow and its derivative will be very small or zero when the 
spool shifts a large displacement or the relative spool position is large. 

2.1.1 One known model 

The external leakage flow was modelled as follows [6]: 
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         (1) 

2.1.2 Proposed empirical leakage model 

The central leakage for a new valve (Fig. 1a) at the neutral position can be defined as: 

pCwQ rc ∆⋅⋅
⋅
⋅

= 2

32 µ
π ,         (2) 

where w is the area gradient of orifice (m2/m), Cr radial clearance between spool and 
sleeve, μ the dynamic viscosity, ∆p the pressure drop, and Qc the central leakage flow. 

For a new valve (Fig. 1a), the central leakage is laminar. When spool moves away from 
the neutral position, leakage reduces drastically (Fig. 1b). After the same valve has been 
in use, the leakage flow is still laminar, having the leakage flow curve similar to that of 
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the new valve; but the central leakage flow becomes slightly bigger than that of the 
brand new valve, and the cause of the change is the wear-out at the edges of spool and 
sleeves (Fig. 1c). In order to take account of this shape change, the leakage flow can be 
characterized with an experimental function. Based on experimental results [3], a new 
leakage model considering both the pressure and the valve orifice area is proposed. 

Firstly, based on the knowledge in [3], the central leakage flow can be defined as:  
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where xs is the spool shift and r(xs) the gap between spool and sleeve. Term r(xs) is a 
high order function of xs, and represents the shape change on the edges, which cannot 
easily be measured.  

       

(a)                                       (b)                                   (c) 
Figure 1. (a) New valve; (b) typical leakage curve; (c) old valve. 

Subsequently, the shape change is taken into account in the leakage flow as follows:  

pxflQ sll ∆⋅⋅= )( ,         (4) 

where Ql is the leakage flow(m3/s); constant l is not related to either the valve shift or 
pressure; function fl represents the leakage factor caused by the shape change of edges, 
being 0≥lf  and 1)max( =lf . This formula should satisfy the following conditions: 

1. When cls QQx ==   ,0 ; 
2. When 0  , =≥ lsis Qxx , where xsi is the spool shift at which leakage disappears; 
3. Flow Ql changes smoothly at points 0=sx  and sis xx  = .  

A third order polynomial function is one suitable solution for fl. With the assumption 
that the spool’s position displacement is positive, the function, signifying the shape 
change on edges, is then obtained: 








≤≤








⋅+








⋅+⋅+

=

otherwise.   ,0

,0   ,),(

3

3

2

210 sis
si

s

si

s

si

s

sisl
uu

u
ub

u
ub

u
ubbuuf    (5) 

Here us is the signal of spool movement [5], and usi the value of us at the maximum 
leakage opening. When 0=su , spool is at the neutral position, i.e., 0=sx . The defined 
curve passes through points (0,1) and (1,0), and satisfies the following features (Fig. 2): 
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The constants obtained are [ ] [ ]2  3  0  1   4321 −=bbbb . 

If the spool shift is negative, function fl has the following form: 
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Figure 2. Leakage factor by the shape change versus valve opening 

With function fl defined in Eqs. (5) and (7), the model of the external leakage flows is 
constructed in the following form (Fig. 3): 

   

(a)      (b) 
Figure 3. Block scheme of pressures and flows. (a) 0>su ; (b) 0<su . 
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2.2. Parameter estimation 

The modelled servo hydraulic system can be represented as follows: 
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Because of the two different leakage formula, the studied system actually have two 
different models, which share some estimated parameters (Table 1), namely a1 a2, a3, cs, 
k, vs, Fc, Fs, Fv, Li, ζ, σ0, σ1. In addition, parameter l1 and l2 are included in the system 
model when using the leakage form Eq. (1), while parameters l1, l2, l3, l4, us1, us2, us3, 
and us4 are added to the system model when using the leakage representation in Eq. (8). 

 
Table 1. Notations and units for model parameters, data variables, and constants 

Emax 1.8×109 Pa 
Ff friction force (N) 
FC Coulomb friction level (N) 
Fs static friction force level (N) 
Fv viscous friction coefficient (Ns/m) 
L 1m (the maximum stroke of the piston) 
Li internal leakage flow coefficient (m3/sPa) 
Qi volumetric flowrate through orifice (m3/s) 
QLei, QLi external leakage flow (m3/s) 
Vi chamber volumes (m3) 
ai constant (no unit)  
cs flow constant (m3/sVPa1/2) 
m mass weight (kg) 
k gain (no physical unit) 
li, lei laminar leakage flow coefficient (m3/sPa) 
p1, p2 input and output line pressures (Pa) (pressures at valve ports 1 and 2) 
ps, pt pump and tank pressures (Pa) 
pmax 2.8×107 Pa 
u input voltage to valve (V) 
us voltage corresponding to spool position displacement (V) 
usi input voltage for the maximum leakage opening (V) 
v0i pipeline volumes (m3) at ports  
vS Stribeck velocity (m/s) 
xp displacement of piston (m) 
z internal state 
βei effective bulk modules (Pa) between piston and the valve ports 
σ0 flexibility coefficient (N/m) 
σ1 damping coefficient (Ns/m) 
ζ damping ratio (no physical unit) 
ωn natural angular frequency (rad/s) 

 

The model parameters are optimized by the least square fitting using the software 
package modest [7]. The uninformative prior is used for each parameter. After fitting by 
the MCMC algorithm, a chain, which is a matrix of samples from the posterior 
distribution of the unknown parameters, is obtained. Any model-derived values, such as 
predictive posterior distributions, are given by calculating the respective values using 
parameter samples from the chain.  
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In order to study the whole servo hydraulic system, independent physical experiments 
were carried out, and they are different from each other by the valve input, while the 
mass load and the supply pressure also vary. In each experiment, an input signal was fed 
to the valve. The observations, clearly xp, p1, p2, us, and control variables, explicitly u, 
ps, pt, were directly collected along with time in each experiment. One set was used for 
fitting the two models of the servo hydraulic system, and the other two sets were used 
for verification. 

3. RESULTS AND ANALYSIS  

3.1. System with leakage model by [6] 

 When external leakage flow model only takes into account the pressure drop factor [6], 
the effects of the missing leakage factor, the valve opening, can be revealed by the 
demonstration of the results from fitting the servo hydraulic system model (Fig. 4a-c). 

   

(a)                                                                         (b) 

   

(c)                                                                   (d) 
Figure 4. Plots of fitting and uncertainties. (a) Valve input; (b) model response 

curve section magnified and legends of figures c-d; (c) pressure p1 using leakage 
model in Eq. (1); (d) p1 using leakage model in Eq. (8)  

• The model response: the solid curve, which is formed by the most probable 
response curve simulated with the sampled parameters. 
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• A 95% confidence interval of the fitted model due to the parameter 
uncertainties: the dark-gray-coloured area, which is formed at certain points in 
axis x. This dark gray area shows where the model prediction curve lies with this 
probability. 

• A 95% confidence interval of the predicted observations: the lighter-gray-
coloured area, which is formed at certain points in the x-axis. This lighter gray 
area indicates where the observations (current and forthcoming) can be found 
with this probability.  

• Seen from the 95% predictive intervals of the fitted models and the 95% 
predictive limits for the observations, the fitted model gives good agreement to 
the voltage output us and the piston displacement xp, but the model responses and 
the predictions of two pressures p1 and p2 can not be attested by the observations, 
especially around the spool’s neutral position as clarified in Fig. 4.  

3.2. System with new leakage model 

This hydraulic system with the newly proposed leakage model was fitted with the same 
physical data set (input in Fig. 4a). This fitted model gives better agreement with the 
observations, compared to the results demonstrated in Section 3.1, as the used data with 
the model predicted responses for p1 shown in Fig. 4d. Seen from the 95% predictive 
intervals of the fitted models and the 95% predictive limits for predicting new 
observations (Figs. 4c-4d), this model’s responses are in agreement with the 
observations while the other model does not. 

3.3. Model verification 

The robustness of the identified system model can be further studied by predicting the 
behaviour of the system in new situations that were not used for model identification.  

Two independent new situations are used in verification. With each model parameter 
assigned the most “likely” value, the model responses were simulated and demonstrated 
along with the observed responses (Fig. 5-6). It can be seen from the figures that the 
system model, having the newly proposed leakage model, matches the observations 
better in each case. 

4. CONCLUSION 

In this study, two different empirical leakage models have been studied. The Bayesian 
approach and the MCMC methods were applied to the estimation and analysis of 
modelling of the servo hydraulic system. The analysis and predictions took into account 
all the uncertainties in the models and data; and the uncertainties were quantified using 
a full statistical approach. New situations were also taken for verification. The results 
have indicated that the proposed leakage model fits the experimental data well and the 
associated system model has excellent agreement between the measured and simulated 
results. The obtained results have demonstrated the outcome of the study. 

82



 

(a) 

   

(b)    (c)    (d) 

   

(e)    (f)    (g) 
Figure 5. Verification of the two fitted models with case one. (a) Valve input; (b-d) 

the model responses, xp, p1, p2, using external leakage model in Eq. (1); (e-g) the 
model responses, xp, p1, p2, using the leakage model in Eq. (8) ( — —: 

simulation; −∙−∙: real) 
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(e)    (f)    (g) 
Figure 6. Verification of the fitted two models with case two. (a) Valve input; (b-d) 

the model responses, xp, p1, p2, using external leakage model in Eq. (1); (e-g) the 
model responses, xp, p1, p2, using the leakage model in Eq. (8) ( — —: 

simulation; −∙−∙: real) 
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ABSTRACT 

This paper focuses on the development of a CAE tool for the prediction of the steady 

state and transient behavior of orbit annular machines. Based on a lumped and 

distributed parameter approach, the model is capable of addressing both roller and 

gerotor architectures, without restrictions in the machines operating mode; thus, the 

orbit unit is allowed to function either as a pump or a motor, as a consequence of the 

fluid-dynamic and mechanical boundary conditions. 

The fluid dynamic behavior of each single vane of the machine is detailed, accounting 

for the interaction between the vane and the suction and discharge pressure ports, as 

well as the machine axial balancing and the vane to vane interaction. Each vane is 

properly phased with respect to the valve plate timing, and particular care is devoted to 

leakages description. 

The CAE tool predictive capabilities are evaluated by simulating the reference case of a 

roller motor, simulated in the complete machine operating map. 

Finally, numerical results are compared to measurements and a good agreement 

between experimental values and numerical predictions is found, in terms of exerted 

torque, angular speed and delivery pressure. 

KEYWORDS: Orbit annular machines, gerotor, lumped and distributed parameter, 

hydraulic 

1. INTRODUCTION 

As well know, in both pump and motor configurations the gerotor is a planar 

mechanism consisting of two coupled surfaces, whose relative motion can be described 

by the kinematics of orbiting pitch closed curves. As well depicted by Colbourne in [1], 

the best family of curves to be adopted to describe the gerotor or orbit geometry is the 

trochoid family of curves, together with their envelopes. As shown in [1], the machine 

design comes from eight conjugate envelopes for each trochoid, combined with 

inner/outer envelope with equal/different trochoid eccentricity.  
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The closed form of these curves were shown by Shung and Pennock [2], that also added 

one more conjugate envelope to the trochoid. 

In another paper [3], Shung and Pennock studied the contact forces in this kind of 

machines, derived on the basis of the force balance at each contact point.  

Typically, the gerotor surfaces are prismatic with axes of rotation parallel to ruled 

surfaces. For a given position, the generated cross section of the mechanism in the plane 

of motion is independent of the section location along the axis of rotation. Adams and 

Beard [4] presented a mathematical derivation for designing gerotors with non-prismatic 

surfaces, in particular mechanisms with conical surfaces relative to the rotor axis, and 

mechanisms with helical surfaces are investigated. 

Tong et al. [5] outlined a complete theory to design non-circular pitch based gerotors 

and their conjugate rotors, suggesting a general method applying the deviation-function 

approach. In this theory, the gerotor architecture is a cycloidal gear drives, such as 

cycloidal speed reducer, and Hwang and Hseih [6] described a mathematical model 

simulating both gerotor pumps and cycloidal speed reducer through simpler 

dimensionless equations.  

In this paper, a lumped and distributed parameters numerical model of an orbit annular 

machine is developed. The model accounting for the fluid-dynamics and mechanical 

behaviour of the machine, with particular care to the balance of the axial forces and to 

their influence on the operating conditions. Both gerotor and roller architectures are 

considered.  

The numerical model here presented is based on the analytical model developed by 

Colbourne [1], once the simplified approach for the calculation of the contact line 

discussed in [7, 8] is introduced. Particular care is devoted to analyzed the axial forces 

balance in the machine, and pressure forces are directly used to determine both the 

equivalent springs and the dumpers conditioning  the balance position of the machine 

moving parts. Then the model is used to describe the machine behaviour on different 

operating point of roller motor. Finally, the model reliability is assessed through a 

numerical vs. experimental comparison interesting different point of the motor 

operating map.  

2. MACHINE LAYOUT 

The annular gear pump, also called gerotor, is composed of an internal gear and a 

pinion, with the internally toothed annular gear having one tooth more than the pinion. 

As described above, the trochoidal shape of the line of contact ensures the sealing 

between the annular gear and the externally toothed pinion. [9, 10]. Due to the touching 

of the teeth at the contact points the individual displacement chambers are sealed 

against each other. During one revolution of the pinion the teeth of the externally 

toothed pinion alternately go down and up into the tooth spaces of the annular gear, thus 

the vane chamber is decreased and increased. This basically operating principle could 

be applied to design both pump or motor architectures. 

In this work, a lumped and distributed parameter model of a roller motor (Fig. 1) is 

presented. As depicted in the part D of Fig. 1, the rollers used in the internal gear assure 

a valuable reduction of friction between the rotor and the annular gear. In fact, the roller 

configuration differs from the gerotor only for the use of rollers in the internal gear, 
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instead of teeth, as depicted in the part D of the Figure 1. The rollers are used to reduce 

friction forces between rotor and annular gear. 

 

Figure 1. The main parts of the roller motor 

As show, the pinion has 6 external teeth, while the annular gear has 7 internal teeth; 

meaning, that the volume of 42 tooth spaces is delivered per shaft revolution and a large 

displacement is obtained with small dimensions. The manifold, C, presents the 

connecting between vanes and the valve plate, B. The sealing ring, A, ensures the axial 

balance of the system, thank to two springs positioned between the ring and the machine 

case, where oil works as a dumper. The oil flows to the dumper, as the leakage from 

high pressure, through flow areas depending on the axial position of the ring. On the 

basis of this analysis, a mass-spring-dumper model is successively proposed to 

described this part of the machine.  

3. MODELLING THE VANE 

In order to obtain a numerical model capable to describe motors or pumps with different 

number of vanes, modularity is accounted for. The reference unit for modular modeling 

includes a vane and both the valve disk and the manifold sectors facing the vane itself 

(Fig. 2a). 

a)      b)  

Figure 2. a) CAD and numerical basely unit b) Fixed and mobile reference axes used 

for a gerotor analysis 
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The lumped and distributed parameters model was constructed using the LMS 

Imagine.LAB. AMESim
®
 code [11]. More in details, a new library of components 

useful to simulate gerotor fluid-dynamic and mechanical behavior was created by means 

of the LMS Imagine.LAB. AMESet
®
 tool [12].  

To simulated the fluid-dynamic and mechanical behaviour of the vane, the 

instantaneous volume of the chamber bounded by the two contact points between two 

successive teeth, respect the vane, and the rollers (Fig. 2b), must be accurately 

estimated. The positions of each contact between the teeth of the rotor and the rollers, 

were found by Colbourne [1]. The location of the contact points and the gear geometry, 

is based on a mathematical analysis which derivates to a quadratic equation and it 

requires a complex resolution. Thus, Nervegna et al. [7, 8] introduced the simplified 

methodology to estimate the line of contact and gear geometry adopted in this work, 

which uses the reference axes shown in Figure 2b. On the basis of this approach, the 

instantaneous volume variation dVi is calculated by means of Equation 1: 
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                              (1) 

where srot is the rotor thickness, P the instantaneous center of rotation of the pinion and 

B the contact point between a tooth of the rotor and a roller; αP is the angle tracked by 

the segment that connects P and B, while the considered tooth of the pinion rotates from 

the contact point Bj with the roller, to the contact point Bj+1 with the following roller. 

Applying the backward differencing method, the actual value of the volume of the vane 

(Vi_t) is calculated adding the instantaneous volume variation to the previous value (Vi_t-

1). To accurately evaluate pressure variations, the actual value of the pressure (pi_t) is 

obtained applying the continuity equation [9, 10, 13] to a volume Vv, (Fig. 3a) that 

accounted for the actual value of the vane volume and the volume of the hole in the 

manifold (Vman), that connects the vane to the valve plate, as expressed by Equation 2. 

In this relation, β is the isothermal bulks modulus of the fluid, Qinlet_man is the volumetric 

flow rate at the inlet of the manifold hole and Qoutlet_man is the volumetric flow rate at the 

outlet of the manifold hole.  
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                (2) 

To complete the fluid-dynamic behaviour of the vane, the following various leakage 

paths are considered: 

 between the roller seat and the roller; 

 along the lateral surfaces of the roller; 

 between the tooth and the roller at the contact point, considering a fluid film 

between the two surfaces; 

 along the lateral surfaces of the tooth; 

 along the lateral surfaces of the rotor. 

Each leakage path is described on the basis of the fluid-dynamic and mechanical 

behaviour of bearings and pads, as well explained in [14]. 

The hydraulic power relative to the single vane is calculated considering the actual 

value of pressure and the volumetric flow rate due to the instantaneous volume 

variation. The torque instantaneous valve Ti_t comes from: 
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where e is the eccentricity between the rotor and the annular gear, nvane is the number of 

the vanes and rprim_rot is the primitive radius of the pinion. Afterwards, the torque 

effective valve is calculated subtracting some contributions due to viscous friction in 

various part of the machine, in particular: 

 at the contact point; 

 along the lateral surfaces of the rotor; 

 the shaft joined to the load; 

 the valve plate (calculated in the relative model); 

 the sealing ring (calculated in the relative model). 

 

When the vanes are connected together, each actual value of exerted torque are added to 

calculate the actual value of total exerted torque by the system T_t. Finally, the rotational 

speed ω_t is estimate accounting for the total inertia of the system, Jsystem, and the load 

apply to the motor, Tload, on the basis of D'Alembert's principle: 

_

_ _ 1

t load

t t

system

T T
dt

J
  


                            (4) 

Each vane is alternately connected by the valve plate to the high pressure line while the 

vane volume is increasing, and to the discharge line when the vane volume is decreasing 

(Fig. 3a and 3b). By means of this approach, both the functional condition where the 

connecting areas are ideally phased, Figure 3b, and the one where areas are overlapped 

or underlapped can be considered. 

a)  b)  

Figure 3. a) Instantaneous percentage volume of a vane during a shaft revolution b) 

Percentage connecting area to the suction (red continuos line) and to the discharge 

(dashed blue line) during a revolution 

By means of the Bernoulli's Equation adopted to viscous flows (the well-known 

turbulent efflux equation) [9, 10, 13] the volumetric flow rate at the manifold inlet hole, 

Qinlet_man, and the volumetric flow rate at the outlet of the manifold hole, Qoutlet_man, are 

calculated. 

Moreover, the valve plate model accounts for the following leakage paths: 

 from the suction to the discharge, through two following areas (3c in Figure 4a); 

 between the connecting areas and the shaft (3a in Figure 4a); 

 from the connecting areas to the discharge line, through the clearance between 

the case and the lateral external surface of the valve plate (3b in Figure 4a). 

89



Each leakage causes a viscous friction torque that is accounted for in the valve plate, 

where these values are added to obtain total viscous friction torque regarding this 

component. Successively this value is used by the vane model to estimate the exerted 

torque, as previously said. Both leakage and relative torque are described on the basis of 

the fluid-dynamic and mechanical behaviour of bearings and pads, as well depicted in 

[14].  

This analogy is used to obtain also axial forces due to pressure distribution on the valve 

plate surfaces, and in particular for surfaces: 

 between two connecting areas (3c in Figure 4a); 

 between a connecting area and the shaft (3a in Figure 4a); 

 between a connecting area and the external surface of the plate (3b in Figure 4a); 

 behind the shaft seat (the center of the valve plate). 

Afterwards, these information about force are used for the axial forces balance in the 

sealing ring model. Thus, on the basis of this balance, the position of the valve plate and 

of the sealing ring are updated, causing a variation in the efflux areas accounted for the 

calculation of the various leakage paths in the machine. 

4. BALANCING AXIAL FORCES 

The sealing ring is the main component involved in the axial force balance of the 

system. On the side of the ring interfaced with the case of the machine, there are two 

springs, and the floating position of the ring relative to the case causes the variation of 

the leakage path dimensions, as depicted in Figure 4a. 

a)  

b)  

Figure 4. a) Front and back view of the valve plate (right), the sealing ring (middle), the 

assembly layout of the two parts inside the case (left) b) Mass-spring-dumper and 

hydraulic equivalent schemes of the axial forces balancing system 

The annular area 1a represent the leakage path from the suction zone (the central duct, 

also defined port A of the machine) to the volume where the springs are positioned. A 

second annular area, 1b, connects this volume to the discharge (port B). On the other 

side of the sealing ring, the two ducts 1d host leakages between the shaft seat and the 

annular volume in the ring, which is connected to the high pressure line by means of the 
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duct 2a,t, and to the discharge line by means of the duct 2b,t. To complete the hydraulic 

scheme of the axial balancing system (Figure 4b), also the leakage paths regarding the 

valve plate (3a, 3b, 3c) are accounted for. The leakage flows are evaluated adopting the 

Pouseuille's model for laminar flow in ducts and between moving parallel surfaces [14]. 

This way, the pressure distribution (pz), on the various surfaces (Az), is determined and 

used to calculate both viscous friction torques and the hydraulic axial forces acting on 

the machine:  

0eq eq z z

z

m x k x F p A                                 (5) 

To determine the instantaneous axial working position of the machine, a mass-spring-

dumper model is applied (Figure 4b). The preload F0 and the elastic constant keq are 

used to account for the elastic behaviour of the overall system, including the two 

balancing springs.  

5. MODEL VALIDATION 

The model reliability has been outlined through a numerical vs. experimental data 

comparison involving the main operating parameters of a 7 vanes roller motor (Fig. 5). 

 

Figure 5. Numerical model of the analyzed roller motor 

First of all, adopting the complete model of the motor sketched in Figure 5, a sensitivity 

analysis about machine tolerances and coupling has been done to set the initial 

minimum value for the distance between the sealing ring and the valve plate and the 

distance between a rotor tooth and a roller. Then, various operating points are 

considered, in order to obtain a significant functional map of the machine. In the 

following, the roller motor functional map (ω, T) is expressed in terms of non 

dimensional percent values, once the machine maximum performance is assumed as 
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reference. For example, in Figure 6 the red continuous lines refer to numerical results 

obtained at constant flow rate (Q1<Q2<Q3<Q4), while the red dashed lines, regard the 

numerical values obtainable at constant inlet pressure (p1<p2<p3<p4). The black points 

are experimental data, as detailed by the actual roller and referred to actual operating 

conditions. 

 

Figure 6. Operating map of the roller motor, obtained with fixed contact parameters 

As shown, the hypothesis used about the minimum distances between the valve plate 

and the sealing ring and between the rotor tooth and the roller, don't allow the model to 

described correctly all the operating conditions. In particular, the model reliability is 

assumed only in the field of medium-low power, losing its predictive capabilities as the 

operating pressure increases. 

 

Figure 7. Operating map of the motor, obtained with variable contact parameters 
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On the basis of these considerations, a set of contact parameters are used to simulate the 

roller motor, regarding the different operating conditions. Once the axial distances 

between the valve plate and the sealing ring, and between the rotor tooth and the roller 

are free to vary from their minimum value, the numerical vs. experimental data 

comparison becomes very satisfying, as depicted in Figure 7 and Figure 8. More in 

details, Figure 7 shows the percent error in determining for each of the operating point 

considered, both the shaft speed and the motor pressure drop. 

 

Figure 8. The values of the contact parameters indicated on the operating map  

Figure 8, indeed, reports the values assumed by the leakage paths heights, which 

variation with the motor operating point is consequent to the machine axial balance. As 

shown, the distance between the sealing ring and the valve plate (in red), in low 

pressure drop conditions, is larger than the value used in average and high pressure drop 

operating points, where the parameter is close to the minimum. The distance between a 

rotor tooth and a roller, when they are in contact position (in blue) in low power 

conditions (high pressure drop and low speed or low pressure drop and high speed) is 

larger than the value applied for high power cases.  

To complete the analysis of the operating performance of the roller motor, the 

instantaneous behaviour of the torque, shaft angular velocity and motor pressure drop 

can be considered. Figures from 9 to 11, for example, collect these information for three 

different operating points. The first, (p1,Q1), is an operating point characterized by low 

pressure and low speed, strongly influenced by the stick and slip phenomenon; the 

second point, (p2,Q2), shows average value of pressure and speed, while the last point, 

(p3,Q4), presents high operating parameters and the motor works in a field in which the 

influence of the rotor teeth deformation is not negligible.  

Each operating curve is shown as a function of the angular position, in an angular 

interval of 120 degrees. It is possible to observe 14 peaks, as a consequence of the 42 

vane volume variations during a complete rotation of the pinion. In Table 1, 2, 3, the 

instantaneous maximum, mean and minimum values of rotational speed, pressure drop 

and torque obtained for each of the points considered are summarized. Moreover, in 
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Tables the non-uniformity grade is also indicated, as obtained referring the peak-to-peak 

distance to the mean value. 

a)   

c)  

b)  

Table 1.(p1,Q1) 

 Speed Pressure Torque 

Mean value 6.41% 7.34% 7.37% 

Max.  value 6.87% 7.53% 7.48% 

Min. value  5.90% 7.23% 7.27% 

Non-unif. grade 15.02% 4.11% 2.88% 

Figure 9. (p1,Q1) - Curves of the a) Non-dimensional exerted torque b) Non-

dimensional drop pressure c) Non-dimensional rotational speed 

a)   

c)  

b)  

Table 2.(p2,Q2) 

 Speed Pressure Torque 

Mean value 38.68% 6.99% 47.37% 

Max.  value 42.04% 7.60% 47.80% 

Min. value 36.73% 6.63% 47.06% 

Non-unif. grade 13.73% 13.81% 1.57% 

Figure 10. (p2,Q2) - Curves of the a) Non-dimensional exerted torque b) Non-

dimensional drop pressure c) Non-dimensional rotational speed
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a)   

c)  

b)  

Table 3.(p3,Q4) 

 Speed Pressure Torque 

Mean value 93.61% 83.33% 84.21% 

Max.  value 104.87% 86.65% 86.13% 

Min. value 90.01% 81.57% 82.83% 

Non-unif. grade 15.88% 6.11% 3.92% 

 

Figure 11. (p3,Q4) - Curves of the a) Non-dimensional exerted torque b) Non-

dimensional drop pressure c) Non-dimensional rotational speed

Comparing Figure 9a, 10a and 11a, it is possible to observe that the peak-to-peak 

distance increases as well as the requested mechanical power is getting higher. 

Obviously, the same trends are found concerning the pressure drop, that are directly 

related to the exerted torque. Also Figure 9c, 10c and 11c depict the same trends 

regarding the rotational speed, but the peak-to-peak distances are larger. 

6. CONCLUSIONS 

In this work, a CAE tool for the prediction of the steady state and transient behavior of 

an orbit annular machine is developed. The numerical model, based on a lumped and 

distributed parameters approach, is capable of describe both roller and gerotor 

architectures. On the basis of the fluid-dynamic and mechanical boundary conditions 

applied to the model, it is possible to obtain the operating map of a pump or a motor. 

The model of a single vane of the machine is detailed, accounting for the interaction 

between the vane and the high pressure and discharge pressure ports, as well as the vane 

to vane interaction and timing. Particular care is devoted to the analysis of the axial 

balance and of its influence on the fluid-dynamics behavior of the machine. The CAE 

tool predictive capabilities are evaluated by simulating the reference case of a roller 

motor, studied in the complete machine operating map. The most important parameters 

for the description of the machine fluid-dynamics and mechanical behavior are detailed 

and a set of these parameters are found, in order to accurately simulate the complete 

operating map of the roller motor. Finally, numerical results are compared to 

measurements and a good agreement between experimental values and numerical 

predictions is found, in terms of exerted torque and angular speed and delivery pressure. 
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7. LIST OF NOTATIONS 

Av Instantaneous value of the connecting area of a manifold hole m
2
 

Avmax Maximum value of the connecting area of a manifold hole m
2
 

Az Area of the z surface where axial force is calculated m
2
 

B Contact point between a tooth of the rotor and a roller  

dAi  Instantaneous variation of the lateral area of a vane m
2
 

dr Instantaneous variation of the distance from P to B  m 

dVi  Instantaneous volume variation of a vane m
3
 

e Eccentricity between the rotor and the annular gear m 

F0 Equivalent elastic preload of the machine N 

Jsystem Equivalent total inertia of the system Kgm
2
 

keq Equivalent elastic constant of the machine N/m 

meq Equivalent mass of the system kg 

nvane Number of the vanes of the machine  

P Instantaneous center of rotation of the rotor  

jrollerPB  Value of the distance from P to B referred to the  j roller m 

1jrollerPB


 

Value of the distance from P to B referred to the  j+1 roller m 

pi_t

 

Actual value of pressure in the vane Pa 

pi_t-1 Previous value of pressure in the vane Pa 

pz Value of pressure on the z surface Pa 

r Distance from P to B m 

rprim_rot Primitive radius of the rotor m 

Qinlet_man Volumetric flow rate at the inlet of the manifold hole m
3
/s 

Qoutlet_man Volumetric flow rate at the outlet of the manifold hole m
3
/s 

srot Rotor thickness m 

T Actual value of mean total exerted torque Nm 

T_t Actual value of total exerted torque Nm 

Ti_t Actual value of ideal torque per each vane Nm 

Tload Load torque applied to the machine Nm 

Tmax Maximum value of mean total exerted torque Nm 

Vi_t Actual value of the vane volume m
3
 

Vi_t-1 Previous value of the vane volume m
3
 

Vman Volume of a hole in the manifold m
3
 

Vv Instantaneous value of volume of a vane plus Vman m
3
 

Vvmax Maximum value of  volume of a vane plus Vman m
3
 

x Displacement of the of the equivalent mass of the system m 

ẍ Acceleration of the of the equivalent mass of the system m/s
2
 

αP Angle tracked while a tooth of the pinion rotates from Bj to Bj+1    ° 

β Isothermal bulks modulus of the fluid Pa 

p Actual value of mean pressure drop across the machine Pa 
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pmax Maximum value of mean pressure drop across the machine Pa 

ω Actual value of mean rotational speed rad/s 

ω_t Actual value of rotational speed rad/s 

ω_t-1 Previous value of rotational speed rad/s 

ωmax Maximum value of mean rotational speed rad/s 
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ABSTRACT 

A new Thermo-Pneumo-Hydraulic Conversion (TPHC) system, based on the inter-
accumulator gas transfer through heat-exchangers and capable of converting a part of 
the external heat to the fluid power is introduced. Optimized heat-exchangers for 
efficient heat exchange with gas at high pressures, with low internal volume, and low 
pressure losses are described and tested. Liquid thermal-insulating buffers capable of 
eliminating heat losses via hydraulic liquid flows are described and tested. Test rigs and 
experimental procedures for testing thermodynamic efficiency of the gas part, pressure 
losses on the inter-accumulator gas transfer via heat-exchangers and heat preservation 
efficiency of the liquid thermal-insulating buffer, are described. Estimations of the 
hydromechanical losses and total conversion efficiency are described. Optimized 
hydrosystems including hydraulic transformers are suggested. 

Presented experimental data and calculations demonstrate efficient conversion of the 
external heat into fluid power. Thermodynamic efficiency of conversion is essentially 
higher than for the TEC (Thermo-Electric Conversion systems) and comparable to the 
ORC (Organic Rankine Cycle systems) at the same temperatures.  

1. INTRODUCTION 

A huge amount of low-grade heat is wasted during fuel combustion. In 2007, total 
worldwide energy consumption was 5.2×1020 J (or 4.9×1017 Btu) [1] with 80 to 90 
percent derived from the combustion of fossil fuels. This is equivalent to an average 
power consumption rate of about 15 terawatts (1.5×1013 W). A big part of the heat 
energy released from fuel combustion is wasted. Available amount of geothermal heat 
energy or solar energy capable of converting into heat is much higher. For instance, 
only domestic geothermal resources of the United States are estimated to be equivalent 
to a 30.000-year energy supply at current rate for the US [2].  Total rate of solar energy 
received by the planet that reaches the Earth's surface is estimated to exceed 8000 times 
the whole world primary energy supply [3]. 
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A lot of efforts have been done in developments of thermoelectric generators, Rankine 
cycle systems (water, mixed or organic) and Stirling engines for the low-grade heat 
conversion into electrical or mechanical power. 

Thermoelectric conversion (TEC) is a good choice for low power applications due to its 
compactness and ability to utilize temperature differences in very wide range [6]. 
However, there are principal efficiency constraints arising from the very nature of the 
thermoelectric effect: good converter material should have high electric conductivity 
along with low thermal conductivity. So efficiency of common materials like Bi-Te 
does not exceed 4-7% in conversion of the exhaust gases heat [7, 8]. High material costs 
also depreciate the benefits of this technology. 

Water Rankine Cycle require steam superheating and reheating (over 4500C to prevent 
droplets formation in expander) and high pressure as well as high expansion ratio (e.g. 
from 50-100 bar to 0,05-0,1 bar) for good efficiency [9, 10] that is suitable rather for big 
stationary power plants. Mixed water-ammonia cycle (Kalina cycle) allows increasing 
efficiency and reducing Tmax, but the system complexity further grows [11]. 

Organic Rankine Cycle (ORC) is fast-growing technology for low-grade heat 
conversion. Proper choice of the working fluid according to working temperatures 
allows reducing expansion ratio and system dimensions and cost [12]. Heat-to-
electricity conversion efficiencies of 15÷24% at Tmax 250÷3200C have been reported 
for systems of 6 kW ÷ 5 MW [12, 13]. However chosen working fluid and 
corresponding expander design are optimal for relatively narrow ranges of the heating 
and cooling temperatures. Working pressures of the most common working fluids are in 
the range of 0,1÷20 bar for subcritical systems and are increasing up to 40 bar for 
supercritical modes [4]  that result in relatively low power density. 

Stirling engines are capable to utilize low-grade heat and can achieve good thermal 
efficiencies if heat is being regenerated between gas cycle stages [14, 9]. However, huge 
pressure differences on the piston sealing result in increased mechanical losses, fast seal 
wearing and gas leakages. 

Pneumohydraulic systems are more reliable at high gas pressures. The low losses on 
separator movement in the accumulator and on fluid displacement in the fluid power 
system allow of getting considerable yield even at relatively low compression ratio. 
High power density inherent to hydraulics can be expected. Attempts were made to 
create thermo-pneumo-hydraulic converters. Hydraulic accumulator-based pneumo-
hydraulic systems [5] implement Organic Rankine Cycle. Organic working fluid is 
injected into a gas part of a hot accumulator, where it evaporates and expands displacing 
hydraulic liquid into the hydrosystem. However such systems have the same limitations 
of ORC like limited temperature range for chosen working organic fluid and relatively 
low power density. It is also difficult to provide high expansion ratios in 
pneumohydraulic devices. Another system realizing pure gas cycles and aimed for the 
ICE exhaust gases heat utilization was proposed in [15]. Compressed gas from the 
accumulator was forced out into the cooled receiver; it was then heated in the receiver 
and expanded forcing the fluid out into the hydraulic system. However, the major part 
of the heat was lost on the thermocycling of the massive receiver walls and heat 
exchangers. 
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2. THERMO-PNEUMO-HYDRAULIC CONVERSION 

2.1. Working principle and general introduction to the gas part of the TPHC system 

The core of the Thermo-Pneumo-Hydraulic Conversion (TPHC) system for converting 
heat into fluid power is an accumulator-based gas heat engine which contains hot and 
cold hydraulic accumulators; hot and cold gas heat exchangers, valves for switching the 
gas flows between hot and cold accumulators and a hydrosystem for pumping oil into 
accumulators and intaking oil from them. 

In simplest embodiment (Figure 1) heat delivered to gas via heating heat-exchanger 
(+dQ) is utilized by this gas heat engine. The cooling heat exchanger (–dQ) remove 
remaining heat from the gas to the coolant (like water or ambient air). 

COLD HOT

+dQ

-dQ

Hydrosystem   

COLD HOT

+dQ

-dQ

Hydrosystem   

COLD HOT

+dQ

-dQ

Hydrosystem   

COLD HOT

+dQ

-dQ

Hydrosystem  
Figure 1. Simplified functional diagram of TPHC system at 4 stages of gas cycle 

Conversion of heat is conducted as Ericsson-type gas cycle of the heat engine including 
the 4 following stages (Fig.2): 

1st - Compression of the gas in the COLD accumulator; 

2nd - Transferring the gas from the COLD accumulator through the hot heat exchanger 
(+dQ) into the HOT accumulator with heating and isobaric expansion of the gas; 

3rd - Expansion of the gas in the HOT accumulator; 

4th - Transferring the gas from the hot accumulator through the cold hot heat exchanger 
(-dQ) into the COLD accumulator with cooling and isobaric compression of the gas. 

Figure 2. PV- diagram of the TPHC gas cycle 

Figures 1 and 2 present the gas and liquid flows (indicated by arrows in Fig.1) and PV-
diagram for all stages of the gas cycle. In the 1st stage the gas reservoir volume of the 
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HOT accumulator is zero (almost) and the gas is compressed in the COLD accumulator 
by pumping working liquid into its liquid reservoir. The liquid reservoir of the HOT 
accumulator is locked by the hydrosystem. The hydrosystem applies energy into the gas 
heat engine. Once the gas pressure reaches a preset higher value the liquid port of the 
HOT accumulator unlocks allowing liquid coming out. The 2nd stage begins. The 
hydrosystem pumps liquid into the COLD accumulator and intake liquid from the HOT 
accumulator maintaining almost equal pressures at the liquid ports of both accumulators 
thus providing gas transferring from the COLD into the HOT accumulator via hot heat 
exchanger (+dQ) with isobaric gas heating and expansion. The heat from the heat 
source is applied to the gas and the hydrosystem receives back more energy from the 
HOT accumulator than applies to the COLD one. Once all gas is displaced from the 
COLD accumulator stage 3 begins. The gas in the HOT accumulator keeps expanding 
displacing liquid from its liquid reservoir to the hydrosystem which continues receiving 
energy from the heat engine. Stage 3 ends when the gas pressure reaches a preset lower 
value. Stage 4 returns the system to its initial state (the one before stage 1). For that the 
hydrosystem pumps liquid into the HOT accumulator and receives liquid from the 
COLD one maintaining the same pressures at the liquid ports of both accumulators. 
Transferring the gas from the HOT into the COLD accumulator via the cold heat 
exchanger (-dQ) with isobaric gas cooling and compression is carried out. The 
hydrosystem applies to the heat engine more energy than receives from it. Once all gas 
from the HOT accumulator is displaced to the COLD one the system is ready for the 
next conversion cycle. Thus during each conversion cycle the hydrosystem spends 
energy on driving the gas heat engine in stages 1 and 4 and receives energy back from 
the gas heat engine in stages 2 and 3. The heat from the heat source applied to the gas in 
stage 2 and 3 is converted into fluid power thus producing useful work. 

Increase in the thermodynamic efficiency is provided by means of: 

• Maintaining all massive elements at stable (low or high) temperatures while the 
gas temperature is changed by gas transferring between accumulators through 
heat exchangers. Thus thermal losses on thermocycling of these elements are 
eliminated. 

• Maintaining hot accumulator temperature close to the temperature of the hot 
heat exchanger. It prevents cooling the gas interacting with accumulator walls. 

The gas cycle efficiency can be further increased by means of the gas heat regeneration, 
i.e. if a part of the heat withdrawn from the gas to the gas heat regenerator at the 
isobaric cooling is returned from it to the gas at the isobaric heating. This regenerative 
cycle is described below. 

2.2. General introduction to the hydrosystem and to the whole TPHC system 

To increase hydromechanical efficiency of the conversion system: 

• Hydrosystem includes two pressure lines corresponding to the high and low 
pressures of the gas cycle with direct fluid exchange between the accumulators and 
pressure lines at the isobaric stages (via check valves and ITHT in Fig. 2). 

• No sliding seals under full high pressure are used during conversion cycle. Only 
hydraulic transformers are used for fluid transport between the accumulators (ITHT, 
Fig. 6) and between them and the pressure lines 6 and 7 (hydraulic transformer HT2, 
position 13, Fig.3). 
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A possible embodiment of the complete system is presented in details in Fig. 3. The gas 
cycle system (GCS) contains the hot and cold accumulators; hot and cold gas heat 
exchangers (HGHE and CGHE) with the check valves providing unidirectional gas flow 
through the heat exchangers and gas heat regenerator (GHR). The GCS also contains a 
liquid flow heat exchanger (LFHE), a liquid thermal-insulating buffer (LTIB) and an 
inter-accumulator transferring hydraulic transformer (ITHT). The working liquid 
directed into the hot accumulator is passed through the heated LFHE maintaining the 
walls of said accumulator hot. The GCS includes. The LTIB includes a hot reservoir, 
connected with liquid reservoir of the hot accumulator, a cold reservoir, connected with 
ITHT, and an intermediate thermal-insulating chamber. The LTIB provides efficient 
thermal insulation of the hot working liquid from the cold one along with transferring 
pressure and flow rate of liquid from and into the hot accumulator. The ITHT and 
valves 4, 5 are used for splitting/merging liquid flows with low pressure differences 
(less than 1 bar) during gas transfer between accumulators. The variable hydraulic 
transformer HT2 (position 13, Fig.2) provides a variable pressure at its port 15 during 
compression the gas in the cold accumulator or expansion the gas in the hot one. 
Pressures in the accumulators 8, 9 and in the lines 6, 7 are maintained at a high level 
(dozens or hundreds bar), with the pressure in the line 7 higher than that in the line 6. 
The replenishment pump 10 and valves 11, 12 set the system to its initial state and 
compensate leakages. 
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Figure 3. Schematic diagram of the complete system (possible embodiment) 

At the 1st stage of the conversion cycle the gas is compressed in the cold accumulator 
from the pressure below the pressure in the line 6 to the pressure above the pressure in 
the line 7 by pumping working liquid by means of the variable hydraulic transformer 13 
(HT2). Then the valves 4 and 5 are switched over to the 2nd stage of the gas transfer 
from the cold accumulator into the hot accumulator. The hot working liquid from the 
hot accumulator flows to the hot reservoir of the LTIB and displaces the cold working 
liquid from the cold reservoir of the LTIB to the ITHT, which creates two flows of the 
working liquid: one - the line 7, another - to the cold accumulator. At that the gas is 
displaced from the cold accumulator into the hot accumulator through the GHR and 
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HGHE. Heat is supplied to the gas from the GHR and HGHE with isobaric expansion of 
the gas. At the 3-rd stage the gas expands in the hot accumulator down to the pressure 
below the pressure in the line 6 by displacing the hot working liquid from the hot 
accumulator to the hot reservoir of the LTIB. So the cold working fluid is displaced 
from the cold reservoir of the LTIB to the line 6 through the variable hydraulic 
transformer HT2 (position 13) actuating it and creating the working liquid flow from it 
to the line 7. Then the valves 4 and 5 are switched over to the 4th stage of the gas 
transfer from the hot accumulator into the cold accumulator. The working liquid flows 
from the line 6 and from the cold accumulator merges by the ITHT into the working 
liquid flow to the cold reservoir of the LTIB displacing the hot working liquid from its 
hot reservoir  to the hot accumulator. Hence, gas is displaced from the hot accumulator 
into the cold accumulator through the GHR and CGHE. Heat is removed from the gas to 
the GHR and HGHE with isobaric cooling and compression of the gas. As a result of 
every conversion cycle some part of the working liquid is transferred from the line 6 to 
the line 7 with higher pressure. 

The sliding seals of hydraulic transformers ITHT and HT2 operate at differential 
pressures rather than at full ones, which reduce losses on leakages and friction and 
increase the hydromechanical efficiency of the conversion. 

The hydrosystem can also include a hydraulic transformer 19 (HT3) which maintains 
pressures in the output lines 24, 25 different from the pressures in the lines 6, 7. Thus, 
the pressures are isolated optimizing the efficiency of the gas cycle by the choice of the 
pressures in the lines 6, 7 according to the optimal compression ratio of the gas cycle 
and optimizing the load conditions by the choice of the pressures in the lines 24, 25. 

3. PROTOTYPE DESCRIPTION 

Figure 4 presents the prototype and test rig schematic (without data acquisition and 
some auxiliary elements). The experiments were made using a simple system including 
two 2,5 liter piston accumulators (“COLD” and “HOT”). Their gas reservoirs were 
interconnected via flow heat exchangers 13 and 14 and check valves.  Heat was 
supplied by heat exchanger 13 with the external nickel-chromium heating coil (+dQ). 
Heat was withdrawn via heat exchanger 14 chilled by tap water (-dQ), Tin = 150 C, flow 
rate 0,5 l/sec. The calculated aggregate gas volume was 5380 cm³. 
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Figure 4. Prototype and test rig schematic 

The primary task was the creation of high pressure heat exchanger for efficient heat 
delivery to the flowing gas at small internal gas volume, low gas-dynamic resistance 
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and the ability of withstanding 250 bar pressure. Created for these purposes a laminar 
gas heat exchanger (Figure 5) has 36 radial slot channels 2 (cross section 25*0,5 mm) in 
the 200 mm long cylindrical metal body. These channels are connected to the input and 
output parts of the axial channel 3 whose central part is blocked by the cylindrical plug 
4. Flanges (not shown) connect the heat exchanger with the gas lines. Heat exchanger 
has small internal volume (100 cm3), large surface area (3600 cm³), large open flow 
area (4,5 cm²) and safety factor of 2 at 250 bar. 

 
Figure 5. Flow-through heat-exchanger (central part only) 

To avoid heat losses caused by intensive convection at the hot gas entering to the 
“HOT” accumulator we maintained its walls at 1000 C (limited by the piston seals and 
the type of oil used) by electric heater. For experiments with higher gas temperatures 
the gas reservoir 15 of the “HOT” accumulator was equipped with a thermal shielding 
means. These included telescopic cylindrical shields together with flat shields installed 
on the piston and end cover. The aggregate thermal capacity of stainless shields was 230 
J/K, which required several cycles to achieve equilibrium temperature. 

   

hot

water
cold

water

LTIBHLR CLR

 
Figure 6. Liquid Thermal-Insulating Buffer (LTIB): cross-section (left) and test rig 

for its efficiency testing (right) 

The second task was to create means preventing heat losses with oil displaced from the 
HOT accumulator. For this purpose a dedicated Liquid Thermal-Insulated Buffer 
(LTIB, Fig.6) was designed, built and tested. LTIB was built from a membrane 
accumulator HYDAC SBO250-2A6/112A6-250AK. Two membranes 1,2 and an 
intermediate shell insertion 3 form a buffer chamber 4. The shell insertion 3 is made of 
stainless steel. The axial length of the buffer chamber 4 is 17 cm. The buffer chamber 4 
provides thermal insulation between two liquid reservoirs of variable volume 5,6 along 
with transferring pressure and flow rate between them. To prevent convective heat 
exchange in the buffer chamber 4 it comprises a telescopic assembly 7 made of coaxial 
polypropylene tubes, sliding relative to each other with small friction. All residual 
volumes of the buffer chamber are filled with vaseline oil. Eliminated convection 
together with low heat conductivity of polypropylene (0.12W/m/K) and vaseline oil 
(0.18W/m/K) result in good thermal insulation between liquid reservoirs 5,6. 
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4. TESTING THE PROTOTYPE 

The test rig and the test program for measuring gas cycles parameters were described in 
details in [16,17]. For the gas compression and isobaric heating the cylinder 3 connects 
to the pressure relief valve 7 while the cylinder 4 is connected with the pumping circuit. 
While the fluid pressure is lower than the valve 7 actuation threshold, the stage of 
polytropic gas compression is performed with the fluid being pumped into the “COLD” 
accumulator. As soon as the fluid pressure reaches the pressure relief valve 7 threshold 
the valve opens and the stage of isobaric discharge of the fluid from the “HOT” 
accumulator starts with the gas transfer through the hot heat exchanger 13. The gas is 
heated and expands isobarically.  The rate of volumetric gas expansion at the isobaric 
stage is used to determine the average gas temperature at the end of this stage. 

Experiments on the gas cycle parameters were conducted for two average (temperatures 
of the heat exchanger parts differ) temperatures THE of the heat exchanger 13, namely: 
THE=105±100C and THE=300±300C. These experiments are called further as “100oC” 
and a “300oC” experiments respectively. 

In the “100oC” experiment the flow rate of the gas transfer through the HOT heat-
exchanger was 6.7l/min. In the “300oC” experiment the flow rate of the gas transfer 
through the HOT heat-exchanger was 12.5l/min. 

To determine the losses at the inter-accumulator transfer stages the pressure differences 
between the liquid ports of the accumulators at forward (“COLD” to “HOT”) and 
backward (“HOT” to “COLD”) gas transfer were measured at different gas flow rate 
from 3 to 18 l/min and pressure of 170 bar, at room temperature (200C) of the whole 
system. To separate the piston friction losses from the heat exchanger gas-dynamic 
losses the measurements have been made with and without heat exchangers between the 
accumulators. 

The Liquid Thermal-Insulating Buffer (LTIB) efficiency was tested on another test rig 
(Figure 6, right). Hot and cold water was by turn pumped into hot liquid reservoir 
(HLR) and cold liquid reservoir (CLR) of the LTIB and displaced to the sink. Hot water 
was pumped from the electrical water heater. Temperatures of hot and cold water at 
pumping and displacement stages were measured as well as temperatures of walls of hot 
and cold reservoirs of the LTIB. When temperatures of said walls became stable 
measured differences in temperature of pumped and displaced water were used for 
calculation of thermal losses through LTIB. 

5. TEST RESULTS 

The gas cycles realized in experiments were presented in [16, 17]. The final gas 
temperatures after isobaric transfer were calculated as: 

 1/31/31 PPVVTT3 ××=     (1) 

were 100±20 C and 185±40 C. So in the second case thermal shielding did not provide 
proper thermal insulation and the gas lost part of its heat coming to accumulator. In the 
first case the temperatures of the hot heat exchanger and hot accumulator were equal 
and the average gas temperature reached practically the same value. 

Measured relative pressure losses at the inter-accumulator transfer determined as 
described above showed liner dependence on the gas flow rate (see details in [17]). So 
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at these flow rates the gas flow through the heat exchanger is laminar. Relative pressure 
losses are quite low, namely, 0.11% and 0.23% for the flow rates of 6.7 l/min (“100oC” 
experiment) and 12.5 l/min (“300oC” experiment) respectively. 

Temperatures of hot and cold water flows (Th and Tc) at alternated flow directions are 
presented in the Table 1. At the flow direction 1 hot water is directed into the hot 
reservoir of the LTIB while cold water is displaced out of the cold reservoir of the 
LTIB. At the flow direction 2 cold water is directed into the cold reservoir of the LTIB 
while hot water is displaced. Tac_h and Tac_c are the external temperatures of walls of 
the hot and cold reservoirs of the LTIB. Relative heat losses via LTIB were calculated 
as the increment of the cold water temperature relative to the difference between hot and 
cold water: 

water
1 2 1 20

( ) / ( )c c h cW T T T Tδ = − −   (2) 

Table 1. Temperatures of hot and hot water flows (Th and Tc), temperatures of the 
LTIB walls (Tac_h and Tac_c) and relative water heat losses Wδ on the LTIB 

Flow 
direction 

Th Tc Tac_h Tac_c 
water

0
Wδ  

1 84 14 73 13 
2 79 11 73 12 

4,1% 
 

1 82 14 72 13 
2 78 11 72 12 

4,2% 
 

1 78 14 71 13 
2 76 11 71 12 

4,5% 
 

6. FORECAST FOR ACHIEVABLE EFFICIENCY 

6.1. Thermodynamic efficiency of the gas cycles 

Thermodynamic efficiency calculations for the experimental gas cycles were described 
in details in [16, 17].Polytropic constants n were calculated for the best approximation 
to the experimental compression curves:  n1=1,42 and n2=1,53 for the “1000 C” and 
“3000 C” experiments. For the thermodynamic efficiency estimation we postulated these 
polytropic stages to be adiabatic. These calculated thermodynamic efficiencies for the 
“1000 C” and “3000 C” experiments and for approximated working cycles at the same 
temperatures were much higher than the known thermoelectric conversion efficiency at 
the same temperatures and were comparable to the ORC systems efficiency. 

In real gas cycles gas compression and expansion processes are accompanied with the 
heat exchange with accumulator walls and separators. These processes are neither 
adiabatic nor isothermal but intermediate between these two ideal approximations. Thus 
thermodynamic efficiencies of real gas cycles are also intermediate between those of 
gas cycles with adiabatic and isothermal compression/expansion. So we calculated the 
thermodynamic efficiencies for both these ideal types of gas cycles considering them as 
the upper and the lower limits for the real gas cycle efficiency. 

Thermodynamic efficiency for working cycles with adiabatic compression and 
expansion and with isobaric gas heating and cooling was calculated as: 
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4 1 4 2

3 2 4 2

( ( ))
( ( ))1AD

GAS
T T T T
T T T T

γ
γη = −

− − × −
− − × −      (3) 

Where 1T  is the temperature at the beginning of the 1st stage, 2T  is the temperature at 
the end of the 1st stage, 3T  is the temperature at the end of the 2nd stage, 4T  is the 
temperature at the end of the 3rd stage. 

γ  is the heat regeneration rate (the regenerated part of the whole heat capable of 
regeneration), 

n  is the gas adiabatic constant (for these efficiency calculations adiabatic constants 
were assumed to be equal to aforesaid polytropic constants, namely, 1.4 and 1.53 for the 
“1000 C” and “3000 C” respectively). 

Calculated efficiency for said working cycle and other THPC cycles at 1000  C are 
shown in Figure 7, left in comparison with ORC cycle efficiency [12, 13] and efficiency 
limits for TEC based on the Bi-Te material (figure of merit ZT – from 1 to 1,25 [6]). 

The use of high-temperature working fluid (e.g. ParathermHR [18])  instead of heat 
shielding and operation at increased temperatures of the hot accumulator with high-
temperature piston seals (e.g. OmniSeal [19])  allows for raising Tgas max up to 3000C and 
higher. 

Calculated efficiency for different THPC cycles at 3000 C are shown in Figure 7, right. 
Types of the TPHC cycles and references for ORC and TEC are shown in Table2. 

Table 2. TPHC parameters and references for TEC and ORC shown in Figure 7 
 Type n Tmax(Tmin),C Pmax/Pmin  Reference

TPHC1 adiabatic 1,4 100 (15) 1,3 TEC1  [8] 
TPHC2 isothermal  100 (15) 2 TEC1  [8] 
TPHC3 adiabatic 1,4 300 (15) 2 ORC1  [12] 
TPHC4 isothermal  300 (15) 3 ORC2  [12] 
TPHC5 adiabatic 1,5 100 (15) 1,5 ORC3  [13] 
TPHC6 isothermal  100 (15) 6 ORC4  [13] 
TPHC7 adiabatic 1,5 300 (15) 3   
TPHC8 isothermal   300 (15) 6   

For gas cycles with isothermal gas compression/expansion (TPHC2, 6, 4, 8 on Fig.7) 
the thermodynamic efficiency was calculated as: 

2 1 1 2

2 1 2 2 1

1 ) /
1 /

( ) ( ln( )
(( ) ln( ) (1 ) ( ))

IT
GAS

V
V

T T V
T V T T
n

n n γη =
− × − ×

− × × + × − × −  (4) ,  where 1T  is the temperature of 

the isothermal gas compression in the COLD accumulator (1st stage), 2T  is the 
temperature of the isothermal gas expansion in the HOT accumulator (3rd stage).  

Figure 7 demonstrates that thermodynamic efficiency of TPHC is substantially higher 
than that of TEC and comparable to that of ORC. At high rate of the heat regeneration 
efficiency of TPHC is even higher than that of ORC, so the gas heat regenerator (GHR, 
Fig.3) with low internal volume, low gas-dynamic resistance and high heat-regeneration 
capability should be designed and tested.  

Thermodynamic efficiency of ORC systems decreases substantially when the absolute 
temperature of the condenser increases. Thermodynamic efficiency of the proposed 
TPHC systems depends on the difference between the upper and lower temperatures of 
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the gas cycle rather than on their absolute values (see formulae (3), (4)). Thus, TPHC 
systems can operate in a very broad range of temperatures. 

       Figure of merit ZT (for TEC)
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Figure 7. Thermodynamic efficiency limits at at Tmax=1000C, Tmin=150C (left) 

and Tmax=3000C, Tmin=150C (right) for TPHC, ORC and TE conversion 
systems 

6.2. Thermo-insulating efficiency of the LTIB 

For further total efficiency calculating we define thermal -insulating efficiency of the 
LTIB as a coefficient determining the decrease of the total efficiency due to heat losses 
on LTIB. Said LTIB efficiency was calculated for water and two other working fluids 
(an average hydraulic oil and an average thermal oil) for two levels of minimal gas 
pressure in the gas cycle (100 and 200 bar) and for 4 different cycle times (from 4 to 45 
sec) on the base of measured heat losses on LTIB with water flows (Table 1). 

Relative heat losses for depending on the total cycle time cyclet  were calculated as: 

water water
/

0cyclet cycle oW W t tδ δ= ×    (5) 

Where ot is total measurement cycle time of the water heat losses on the LTIB (Table 1) 

Relative heat losses for oils were calculated as: 
water

/ /
cycle cycle
oil oil water water oil

t tW W C Cδ δ λ λ= × ×   (6)  

Where waterλ is the heat conductivity of water (0.6W/m/K), oilλ  is the heat 
conductivity of oil (0.15W/m/K for average hydraulic oil, 0.1W/m/K for average 
thermal oil), waterC  is the volumetric heat capacity of water (4.2kJ/K/l), oilC  is the 
volumetric heat capacity of oil (1.7kJ/K/l for average hydraulic oil, 2kJ/K/l for average 
thermal oil). 

Thermal insulating efficiency of the LTIB was calculated as: 
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/ ( )GAS GAS LIQ LIQ
LTIB p p cycletC C C Wδη + ×=   (7) 

Where 
GAS
pC is the volumetric heat capacity of the gas at given constant pressure (i.e. 

0.12kJ/K/l and 0.12kJ/K/l for nitrogen at 100 bar and 200 bar respectively), 
LIQC  is the 

heat capacity of liquid (water or oil). 

Calculated efficiencies are shown on Figure 8. Thus, if thermal oil is used (which is 
necessarily for temperatures above 100-150oC) and cycles are shorter than 30 sec, the 
thermal -insulating efficiency of the LTIB is higher than 90%. 
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Figure 8. Thermal-insulating efficiency of the LTIB (Liquid Thermal-Insulating 

Buffer) 

6.3. Hydromechanicl efficiency estimations 

Hydromechanical losses at the inter-accumulator transfer stages were estimated as: 

 )1/(1 −×Δ×Δ=Δ αVPWhm ,    (8) 
Where: 

minmax VVV −=Δ  is the absolute  value of the gas volume change at the isobaric 
expansion/compression stage, 

minmax/VV=α  is the relative gas volume change at the isobaric 
expansion/compression stage and 

ΔP – pressure losses on piston friction, heat-exchanger resistance and friction in ITHT.  

Relative cycle losses caused by these pressure losses can be estimated as: 

max min max min1 / ( 1) (1 / ) / ( / 1)hm P P P P Pδ α= Δ × − × + −   (9) 

Table 3 contains hydromechanical losses ITdW  on the inter-accumulator transfer 
(relatively to the gas cycle work) calculated for TPHC cycles with adiabatic (TPHC1, 3) 
and near-isothermal (TPHC 2, 4) compression/expansion and ΔP/P from 0,5% to 5%. 

Efficiency of 95% and seals start pressure of 0,1 bar were taken for calculation of 
hydromechanical losses 2HTdW on the hydraulic transformer HT2 (position 13 on Fig.6). 
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Table 3. Hydromechanical losses ITdW and 2HTdW  
 Tmax(Tmin)0C Pmax/Pmin Α     

ΔP/P %       0,5% 1% 2% 5% 
  transfer losses dWIT d

W
H

T
2 

TPHC1 100 (15) 1,3 1,18 21% 42% 85% 213% 6% 
TPHC2 100 (15) 2 1,29 5,2% 10% 20% 52% 12% 
TPHC3 300 (15) 2 1,64 2,3% 4,7% 9,4% 23% 5% 
TPHC4 300 (15) 3 2 1,0% 2,0% 4,0% 10% 7% 

 

If α is close to 1 (both TPHC at Tmax=1000 C) and Pmax/Pmin is close to 1 (TPHC1 with 
adiabatic compression/expansion) reduction of these pressure losses is the key task. So 
the hydraulic transformer (ITHT, Fig.6-10) of linear type like [20] or rotary type like 
[21, 22] capable to transfer working fluid at small pressure differences with extremely 
low friction losses is absolutely necessary. However the linear hydraulic transformers, 
like those of [20], provided that they are made with small tolerances  between sliding 
surfaces and without elastic seals, can be capable of inter-accumulator oil transferring 
with low losses under such small pressure differences (about 1 bar). Cycles with near-
isothermal compression/expansion are less sensitive to the transfer pressure losses than 
the cycles with adiabatic stages because of higher values of α and Pmax/Pmin. It is also 
clear that for small Tmax (about 1000 C) elastic separators (membrane or bladder) are 
preferable because of no friction. 

Heat exchanger pressure losses in our experiments were less than 0,25%. We assumed 
zero friction losses for elastic separator accumulators. We also assumed that pressure 
losses at the direct exchange between accumulators and pressure lines plus pressure 
losses on the ITHT will add not more than other 0,25% to these pressure losses. So we 
have taken ΔP/P=0,5% column for the hydraulic losses ITdW  (Table 3) used for the 
hydromechanical efficiency calculations as: 

2 3(1 )HM IT HT HTdW dWη η= − − ×    (10), where 3HTη  is the 
hydromechanical efficiency of the output hydraulic transformer HT3 (Fig.3, position 
19). We assumed that 3HTη =90% for calculations of the HMη  (Table 4). 

6.4. Total TPHC efficiency estimations 

The expected total efficiency of the Thermo-Pneumo-Hydraulic Conversion (TPHC) 
was calculated as:  Total GAS HM LTIBη η η η× ×=  (11)  

Table 4. Total efficiency of TPHC (calculated) and of ORC and TEC (references) 
Type Tmax(Tmin) C Pmax/Pmin ηGAS ηHM ηLTIB ηtotal 

TPHC1 100 (15) 1,3 13% 66% 95% 8,4% 
TPHC2 100 (15) 2 20% 76% 95% 14,6% 
TEC 100 (15)         2,6% 
ORC 120 (20)   13%     10,0% 
TPHC3 300 (15) 2 30% 85% 95% 24,4% 
TPHC4 300 (15) 3 40% 84% 95% 32,1% 
TEC 300 (15)         7,8% 
TEC 300 (30)   25%    20,0% 
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The GASη  in (11) is the thermodynamic efficiency of the gas cycle; efficiencies of the 
idealized cycles with adiabatic compression/expansion (TPHC 1 and 3) and those with 
isothermal processes (TPHC 2 and 4) were taken as upper and lower limits for 
estimation. For these processes gas cycle efficiency was taken corresponding to the gas 
heat regeneration rate γ=80% (see Fig.7).  Thermal gradients on the heat exchangers 
were not taken into account because these comparative data of TEC and ORC are given 
without accounting these thermal gradients as well. 

HMη  is the hydromechanical efficiency, calculated according to (10). 

LTIBη  is the thermal-insulating efficiency of the LTIB. Value of 95% was taken, 
according to attainable values with thermal oil (see Fig.8). 

Thus the expected total efficiency of TPHC is much higher than that of TEC and 
comparable to that of ORC at the same temperature differences. 

7. CONCLUSION 

Thermo-Pneumo-Hydraulic Conversion (TPHC) based on the inter-accumulator gas 
transfer has demonstrated its capability to convert low-grade heat to the Fluid Power.  

Dedicated laminar flow-through heat exchangers have proved their capability to deliver 
heat to gas and withdraw heat from gas with quite low thermal losses and small pressure 
losses. Thermodynamic efficiency of conversion is essentially higher than that for the 
TEC and comparable to the ORC and Stirling cycles at the same temperatures. Thermal 
liquid buffer based on the two-membrane accumulator with intermediate thermal-
insulating compartment have demonstrated low thermal losses on working liquid flows.  

Efficient dedicated hydrosystem based on hydraulic transformers (HT) for inter-
accumulator oil transfer allows reducing hydromechanical losses and achieve high 
hydromechanical efficiency.  

Proposed TPHC systems are expected to be efficient from gas temperature differences 
from 60-80oC and higher. Using high-temperature oils in the hot part of the 
hydrosystem and high-temperature seals of the accumulator piston allows achieve 
maximal gas temperatures of 300-350oC. In this case total conversion efficiency of 
about 30% is expected. 

Gas heat regenerator with small internal volume and low gas-dynamic resistance as well 
as hydraulic transformer with low friction at low pressure differences (about 1 bar) 
should be designed and tested. 
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ABSTRACT 

In the industry, electrical fire occurs frequently. It has some characteristics, such as 

bad injury, great losses and the space is confined mostly. This paper focuses on the fire 

suppression performance of water mist extinguishing the electrical fires. From the 

experiment, water mist can extinguish wire fire and electrical components fire 

effectively, while the working performance of the components is affected by the water 

mist, and the influence degree is different in nozzles of different droplet diameter and 

different flow rate. For place where forming barrier fire is possible, water mist nozzles 

should be set by the means of full coverage. 

KEYWORDS:  Water Mist, Electrical Fire, Enclosed Space 

1. INTRODUCTION 

The electrical power equipment such as electrical wire, electrical components, 

electronic equipment with failure will cause much heat, if it meet the combustion 

condition, the body and other inflammable matter will on fire. In the industry site, the 

electrical fire is the great one of the fires, while some places is enclosed relatively, for 

example, the control room, engine room 
[1][2][3]

. Electrical fires have some features, such 

as difficult to detect, spread quickly, high losses of life and property and so on, so the 

study on the electrical fire has great significance. 

Water mist have been recognized the best replacement for the Halon, because it 

have some advantages, such as non-toxic, non-corrosive, low loss of water stained, high 

safety, capacity of extinguishing multiple fires. The mechanism of water mist 

extinguishing is summarize by some scholar
[1][4][8]

, it contains: cooling, heat attenuation, 

asphyxytion and  impacting. The main mechanism is different for diverse fire. In this 

paper, the performance of water mist extinguish electrical fire is studied. The 

experiments contain two parts: 1) water mist extinguish the cable fire; 2) assessment of 

safety performance on the electrical elements and electronic equipment
[5][9][10]

.
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2. EXPERIMENT EQUIPMENT 

The space is built to simulate the real enclosed space. Its size is 2m×2m×2m.  As 

shown in Figure 1.There are some sensors set in the space to measure some parameters 

such as carbon monoxide, carbon dioxide, ambient pressure, temperature of 

environment and fire, humidity. The nozzle position divide into three ways: the top, the 

side and the top-side installation. The enclosed space has opened a door for easy 

implementation inspection. Two different types of nozzles FD-0 and FD-3 are selected 

in the test, their performance are shown in the table 1
[9][10]

. 

 

 

Table 1. The performance of the nozzles 

 

 

 

 

 

3. EXPERIMENTAL STUDY ON THE WTAER MIST TO EXTINGUISHING THE 

ELECTRICAL WIRE FIRE 

Nozzle FD-0 FD-3 

Pressure (MPa) 8 8 

Flow  (L/min) 0.28 1.10 

SMD (μm) 44.8 58.15 

DV0.99 (μm) 53.9 81.3 

1,2,3 K-thermocouple，4,8 temperature sensor， 

5 CO sensor6  CO2 sensor， 

7 O2 sensor 9 pressure sensor 

10 humidity sensor，11 nozzle 

Figure 1. The structure of the enclosed space 
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The experiment focuses on analysis and contrast of the effect using nozzles in 

various location types as well as different flow rate. Further discussion the mechanism 

and validity of water mist.  

In the experiment, the fire was caused by the high current generator. The tested 

cable was 1mm2, 2.5mm2 respectively 
[6][7]

. According to the thermal property of the 

material, the pyrolysis will be discovered on the surface of the insulating layer when the 

temperature was rose to 100℃. Firstly, the test current was loaded to 1
2mm PVC cable 

of 10A、15A、20A and 25A, according to rising state, the test current was determined to 

20A. Secondly, the test current was loaded to 1
2mm  PVC cable of 10A、15A、20A and 

25A, according to rising state, the test current was determined to 40A. 

During the test, join the tested wire of 1.2m to the output terminal of high current 

generator, then regulate the high current generator to test current and sustain working, 

monitor the changes of parameters such as gas composition,  fire temperature, 

environment temperature and atmospheric pressure. While the insulation layer’s surface 

temperature rises to 100 ℃, open the water mist, and monitor the changes of system 

parameters. After this series of experiments, replace nozzle or change the nozzle’s 

install location to another experiment. 

There are 15 series of experiments aiming at the two types of cables. In accordance 

with nozzle and network situation, install the nozzle 1.8m high away from the tested 

level. When the side installation is selected, the nozzle is 0.4m high away from the level, 

horizontal distance of about 0.3 m. As to the limitation of space, the barrier could only 

be installed for the top way. 

 

 

 

 

 
Figure 2. FD-0 extinguish 1 2mm wire fire 

The temperature changes of 1 2mm wire fire extinguished by FD-0 nozzle is 

showed in fig 2, and fig 3 displays the temperature changes of 1 2mm wire fire 

extinguished by FD-3 nozzle. 

FD-0 Side  

FD-0 Top  

FD-0 Top-Side 
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Figure 3. FD-3 extingusihs1/mm

2
wire 

It can be seen that three location ways of FD-0 nozzle can cooled the cable 

insulation temperature about 40 ℃ about 30sec, and the balance. FD-3 nozzles installed 

in three ways, can make the insulation layer temperature cooled to 30 ℃ about 20sec, 

and the balance. We can conclude that water mist can suppress a cables fire effectively.  

Throughout the experiment, the enclosed space gas composition remained 

unchanged. And we can see that the time is nearly equal with the different installation 

methods and different flux of water mist extinguish the fire, which is due to the low 

temperature of fire in the late combustion, and slow evaporation of water mist. 

The fire temperature changes by the nozzle FD-3 and FD-0 are shown in figure4. 

Regardless of cooling rate from the insulating layer, and the final stable temperature, 

FD-3 nozzle was significantly better than FD-0 nozzle. But The FD-3’s drop diameter is 

much bigger, and its flow is about 4.2 times of FD-0 nozzle. Water stain is easy formed 

because of high water consumption. Tested cable insulation temperature dropped to 

50 ℃ from 100 ℃, the use of FD-3 nozzle takes about 10 seconds, while for FD-0 

nozzle requires about 25 seconds. Suppress fire in the same size, with the smaller 

diameter drop, FD-0 nozzle consume much less water than the FD-3 nozzle. 

 

 

 

 

 

 

 

 

 

FD-3 Side  

FD-3 Top 
 

FD-3 Top-Side 
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Figure 4. Different nozzles extinguish 1 2mm wire 

The fire temperature changes of 2.5 2mm  by the nozzle FD-0 and FD-3 are shown 

in figure 5, the nozzle is in the top location. It can be seen, when the water mist 

generated by the two different nozzles, the tested insulation layer temperature from 

100 ℃ have been reduced to about 50 seconds f, but the latter is about the final 

equilibrium temperature of 28 ℃, lower than the former equilibrium temperature 

38 ℃. From the cooling rate, the nozzle FD-3 is better than using FD-0 nozzle. 

 

 
Figure 5. Different nozzles extinguish 2.5 2mm wire fire 

 

  FD-3 Top  FD- 0 Top 
 

FD-0 Top  FD-3 Top 
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Figure 6. FD-3 extinguish 2.5 2mm  wire fire 

In the barrier fire experiment, the nozzle is selected in the top installation, as 

shown in Fig7. The barrier set in the middle of the nozzle and cable. From the 

experiment results, the extinguishing time increased significantly about 125 seconds to 

reach equilibrium temperature. Tested cable insulation layer equilibrium temperature is 

about 50 ℃, significantly higher than the state of 28 ℃ of non-barrier state. 

Replacement of FD-0 nozzle, drop particles can’t act on the surface of cable insulation 

layer, the cable fire can’t be extinguished effectively.  So, in practice, the nozzle 

arrangement should be reasonable, The fire ignition site should under the direct 

protection as far as possible, in order to achieve better fire-fighting efficiency. 

 
Figure 7. Barrier equipment 

 

FD-3 Top 
 

FD-3 Top(barrier)  
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4. ASSESSMENT OF SAFETY PERFORMANCE ON THE ELECTRICAL 

ELEMENTS AND ELECTRONIC EQUIPMENTS 

In the process of extinguishing the electrical fire, insulating property of the 

electrical elements and electronic equipment is the significant parameter to assess the 

safety of water mist
[11][12]

. 

4.1. Research on the safety of insulating cable in the water mist field 

In the experiment, the safety of water mist to insulating cable assessed by the mean 

of surveying the insulation value between copper conductor and insulating layer. The 

insulation value of tested cable is about 50~60MΩ normally. On the effect of the water 

mist, the pyrolytic reaction of tested cable is suppressed, no pyrolysis is discovered. The 

insulation value is more than 50MΩ. We can see that water mist have little influence on 

the cable, when its insulating layer is not damaged
[13][14]

. 

4.2. Research on the safety of typical electronic components and equipments in the 

water mist field 

The tested master is the circuit board. The safety of electrical elements and 

equipment in the water mist field is assessed by the means of surveying the insulation 

value between the tested circuit board and welding contact point. The insulation value 

of tested cable is about 20~30MΩ normally. When the nozzle FD-0 is selected, there is 

no water stain on the surface of the circuit board, because the diameter of water mist 

drop is much little, and the insulation value is more than 20MΩ. When the nozzle FD-3 

is in the working, water stain is discovered about 10sec, the insulation value is fall down 

to about 3MΩ. About 10~15sec after closing the water mist, the water stain on the 

surface of circuit evaporated, the insulation value return normal. 

The other tested matter is computer displays. The displays is set in the enclosed 

space, then turn on the water mist. It is discovered that the displays black outs about 

10sec, and it works normally after drying in the air. 

We can conclude that water mist have little influence on the electrical elements and 

equipment, while the water stain affect the insulation performance. 

And it is suitable for choosing the nozzle with low diameter drop, because it evaporates 

faster. 

4.3. Research on the safety of typical electrical elements in the water mist field 

The tested elements such as electrical relay, air circuit breaker, contactor lay below 

the nozzle 1.8m, using the wire connect the element body, the different connecting 

terminal to the outside of enclosed space, then energizing the tested element. Detect the 

insulation value. 
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Figure 8. The electrical relay in the water mist field 

The nozzle FD-0 is selected, because the nozzle FD-3 has much bigger drop 

diameter. The result is shown in table 2. As shown in Fig 8. 

Table 2. The result of electrical relay 

 

 

 

 

 

 

 

 

 

 

From the table 2, we can see that electrical relay work normally in the whole 

experiment. But as the rise of water mist working time, the electrical relay is saturated, 

and the water stain is discovered, the insulating value is influenced, while the capacity 

of make-and-break is not affected. Then change the nozzle FD-3, as its much bigger 

drop, the insulating value of electrical relay is go down faster, but it can work normally. 

The experiment results of air circuit breaker and contactor is the same as the electrical 

relay. 

In the whole experiment, we discover that, there is no obvious changes in the gas 

content, the generated exotic gas such as carbon monoxide is much less. Nozzle acting 

on the space a certain amount of time, space humidity did not increase obviously. And 

the max humidity of different nozzles are equal nearly, the time to get the max humidity 

are same almost. It is the base for the further research on the Post-processing after the 

acting of water mist in the enclosed space, which is the content we will focus on
[15]

. 

5. CONCLUSIONS 

Some conclusions are formed from the experiment of Electrical fire extinguished by 

No Element Time Insulation valve
 

Working  

1 electrical relay 30sec ＞30MΩ Normal 

2 electrical relay 1min ＞10MΩ Normal 

3 electrical relay 2min 5~10 MΩ Normal 

4 electrical relay 3min 2~5 MΩ Normal 

5 electrical relay 5min ＜2MΩ Normal 

6 electrical relay 10min ＜0.5MΩ Normal 
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water mist: 

a. Water mist can suppress the cable fire effectively, the smaller the droplets 

diameter of nozzle, the extinguishing time less. 

b. Nozzles should be arrange multiple perspective, all-round layout, if water mist is 

used in the barrier condition;  

c. From the experiment of circuit board, monitors, electrical components 

(contactors, circuit breakers and relays), the electrical components can work in 

the water mist field in a short time. Insulation valve of electrical components 

reduced with nozzles working, the larger droplet of the nozzle, the electrical 

components go down faster. 
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ABSTRACT 

Due to the influences of the rod elastic deformation, internal force and load, the actual 
magnification of the flexure hinge amplification mechanism in the piezoelectric driven 
low-pressure water hydraulic throttle valve is smaller than the theoretical value. The 
piezoelectric stack actuator can only sustain the press stress. So the pre-stressed 
adjusting mechanism is designed to compensate the displacement loss caused by the 
amplification mechanism, and to ensure that the piezoelectric stack actuator can bear the 
tension. The model of the pre-stressed piezoelectric stack actuator is built in AMESim, 
and the performance test of the pre-stressed piezoelectric stack actuator is designed. The 
displacement compensation and performance of the piezoelectric stack actuator at the 
pre-stressed state are investigated. The conclusions show that when the range of the 
preloaded force is 360～400N, the output displacement increases and the largest growth 
rate is 9.73%. The hysteresis degree decreases. Analysis indicates that the crystal 
structure of the piezoelectric changes and the converse piezoelectric effect enhances 
because of the preloaded force, leading to the above results when electric field is 
applied [2]. 

KEYWORDS: Piezoelectric driven; Low-pressure water hydraulic throttle valve; 
Piezoelectric stack actuator; Simulation model; Preloaded force; 
hysteresis degree; 

1. INTRODUCTION 

Water hydraulic technology has become a new development trend in the field of the 
fluid power transmission and control. The advantages of it are environmental 
compatibility, extensive source, low management and maintenance costs, fire resistance, 
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cleaning and high safety [1]. The low-pressure water hydraulic systems and components 
have been studied, because the price of high pressure water hydraulic system and 
components are higher. The low-pressure water hydraulic system is mainly used in the 
family, health care, food processing, civil engineering, and semiconductor packaging, 
etc. In this paper, the throttle valve which driven by a piezoelectric stack actuator is a 
kind of low-pressure water hydraulic valve. The pressure rate and flow rate of the 
throttle valve are respectively 4MPa and 14L/min. The internal structure of the throttle 
valve is shown in figure 1, and the exterior figure is shown in figure 2. It has the 
advantages of fast response, high frequency, high precision, low power consumption, 
etc, compared with the water hydraulic valve driven by traditional electromagnetic 
actuator. 

The piezoelectric stack actuator converts electric parameter into mechanical parameter 
with converse piezoelectric effect. But the output displacement of the piezoelectric stack 
actuator is too small to open the valve port. So the flexure hinge amplification 
mechanism is designed to meet the design requirements. As well, the displacement loss 
of the flexure hinge amplification mechanism can not be ignored. So the pre-stressed 
adjusting mechanism is designed to compensate the displacement loss caused by the 
amplification mechanism, and to ensure that the piezoelectric stack actuator can 
withstand the tension. In this paper, we investigated the displacement compensation and 
the effect about the piezoelectric stack actuator by simulation analysis and experiments. 

 
Figure1. The internal structure of the low-pressure water hydraulic throttle valve 

with piezoelectric stack actuator  
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Figure 2. The exterior figure of low-pressure water hydraulic throttle valve 

with piezoelectric stack actuator 

2. THE PIEZOELECTRIC STACK ACTUATOR 

The type of piezoelectric stack actuator in the paper is MTp200/10×10/60. It is bonded 
of 600 pieces of piezoelectric patches with the series connection in the mechanical 
aspect and the parallel connection in the electric aspect. The proportion of each piece of 
piezoelectric is 10mm×10mm and the thickness is 0.1mm. The structure of the 
piezoelectric stack actuator is shown in figure 3. Piezoelectric ceramics have the 
positive and converse piezoelectric effect. The latter effect is used in the valve that it 
can convert electric parameter into mechanical parameter. Ignore the influence of the 
edge effect of electric and leakage current, we get the following equation in static 
electric field: 

 

Figure 3. The structure of the piezoelectric stack actuator [3]   

  3 3 33 33 3 ES T c d E         （1） 

  3 33 3 33 3
TD d T E           （2） 
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equation：T3—axial stress of piezoelectric stack 
S3—strain components of piezoelectric stack 
D3—electric displacement of piezoelectric stack 
E3—electrical-field intensity components of piezoelectric stack 
d33—strain coefficient of piezoelectric stack 

Ec33 —complex modulus of piezoelectric stack without external electric 

field 
E
33 —dielectric constant of piezoelectric stack in free state 

The structure of the valve actuator is shown in figure 4. The pre-stressed adjusting 
mechanism of piezoelectric stack actuator is designed. The piezoelectric stack actuator 
is preloaded by adjusting the force-adjusting bolt (2) to preload the spring washer (6), so 
that the piezoelectric stack actuator is pressed as it works. The preloaded force could be 
change by adjusting bolt (2). The work performance about the piezoelectric stack 
actuator was investigated by simulation analysis and experiments in the following part. 

 
1—End Closure; 2—Force-adjusting Bolt; 3—Enclosure  

4—Piezoelectric Stack Actuator; 5—Push Rod; 6—Spring Washer 

Figure 4. The structure of the valve actuator 

3. SIMULATION AND ANALYSIS 

We can select component model from AMESim component libraries, also can use the 
model from the HCD libraries when we build the simulation model in AMESim[4]. 
According to the structure of the pre-stressed adjusting mechanism of piezoelectric 
stack actuator in the front, the model of the pre-stressed piezoelectric stack actuator is 
built in AMESim (see figure 5). The parameters of the model are set in table 1. 
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Figure 5. The simulation model established in AMESim  

Table 1. The parameters of the simulation model 

Model parameter Value 

Electromechanical coupling coefficient 33k  0.72 

Dielectric constant of piezoelectric stack 
T
33  4150 

Strain coefficient of piezoelectric stack 33d (C/N) 800 

Driving voltage （V） 150 

Total quality（kg） 1.5 

3.1 The relationship of the preloaded force versus maximum output displacement 

The driving voltage of the piezoelectric stack actuator is always kept in DC150V in the 
process of simulation. Different preloaded forces are existed in turn, and the range of 
the preloaded forces are 0～500N. The relation curve of the preloaded force versus 
maximum output displacement is shown in figure 6. 

The output displacement of the piezoelectric stack actuator without preloaded force is 
60.12μm. When the piezoelectric stack actuator is preloaded, the output displacement 
significantly increases. The maximum output displacement, with the value of 65.2μm, 
appears when preloaded force reaches 380N, and the increase rate is 8.4%. The output 
displacement will decrease when the preloaded force is greater than 380N, but it is still 
larger than the output displacement without preloaded force. 
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Figure 6. The relation curve of preloaded force versus 

     the maximum output displacement 

3.2 The relationship of preloaded force versus hysteresis degree 

The hysteresis of the piezoelectric stack actuator is the main factor of affecting the 
output precision. The hysteresis characteristic means that the lift and return do not 
coincide due to the voltage-displacement curve. It also means that the same voltage 
corresponding with different output displacement values, and each of the hysteresis loop 
is not identical in different range of voltage. The hysteresis of the piezoelectric stack 
actuator is analyzed by Chen etc. [5] In their viewpoints, under electric field effect, the 
electric dipole arrange to the closest to the field lines in the crystal, and the crystal 
polarity changes; When removing the electric field, the electric dipole doesn’t 
immediately turn to its original position, and the material will retain a certain amount of 
residual polarization. All of these lead to the emergence of hysteresis characteristic. This 
hysteresis characteristic makes the voltage-displacement relationship of the 
piezoelectric stack actuator is nonlinear, poor repeatability, limiting the practical 
application of piezoelectric materials. The voltage-displacement relationship of the 
piezoelectric stack actuator is shown in figure 7. The hysteresis degree is defined as: 

  The maximum difference between the lift 

and return of the voltage-displacement curve 
Hysteresis degree

The maximum displacement in the same voltage
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Figure 7. The voltage-displacement curve 

The piezoelectric stack actuator was preloaded of the different forces, and the driving 
power was changed continuously from 0 to DC150 V and return from DC150 V to 0 in 
the process of simulation. The maximum different values of the voltage-displacement 
curve were recorded, and the hysteresis degree of the piezoelectric stack actuator 
corresponding to the different preloaded forces was calculated. The relation curve of 
preloaded force versus hysteresis degree is shown in figure 8. The hysteresis degree is 
12.23% without the preloaded force. The maximum hysteresis degree appears when the 
preloaded force is 200N, and its value is 12.85%. The hysteresis degree decreases 
gradually along with the increase of the preloaded force when the preloaded force is 
greater than 200N. The hysteresis degree is less than the situation without the action of 
the preloaded force when the preloaded force reaches 360N. 

 
Figure 8. The relation curve of preloaded force versus hysteresis degree 

4. EXPERIMENT AND SIMULATION COMPARATIVE ANALYSIS 

4.1 Experiment method and device 

The performance experiment system of the pre-stressed piezoelectric stack actuator was 
designed to investigate the displacement compensation and the performance of the 
piezoelectric stack actuator at the pre-stressed state and verify the correctness of the 
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simulation results. The principle of the performance experiment system is shown in 
figure 9. The preloaded force pressing on the piezoelectric stack actuator (10) could be 
changed by the loading cylinder (6) which is adjusted by the pneumatic pressure 
reducing valve (5) in the process of the experiment. The value of the preloaded force 
can be shown on industrial PC (Personal Computer 1) screen, and the signals from the 
pull pressure sensor (7) are collected by the acquisition card (3). The output 
displacement of the piezoelectric stack actuator corresponding to the different action of 
preloaded forces could be shown and stored in the industrial PC from the micro 
displacement sensor (8). The photo of the performance experiment system is shown in 
figure (10).  

 

1—Industrial PC; 2—Terminal Board; 3—Data Acquisition Card  

4—Terminal Block; 5—Pressure Reducing Valve; 6—Loading Cylinder 

7—Micro Displacement Sensor; 8—Pull Pressure Sensor 

9—Driving Power; 10—Piezoelectric Stack Actuator 

Figure 9. The principle of the performance experiment system 
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Figure 10. The photo of the performance experiment system 

The pressure sensor used in the experiment is a pull pressure sensor, with measuring 
range of 0-100Kgf and standard output range of 0 ~ 10V. The micro displacement 
sensor is divided into three grades: 10μm, 100μm, 1000μm, as shown in table 2. The 
micro displacement sensor has a inner voltage amplifier device, the output analog signal 
range of -5～5V, therefore it has a dynamic displacement output function. We choose 
the 100μm file and use its analog signal output channel to measure in this experiment. 
The analog signal output channel of the displacement sensor is shown in figure 11. The 
drive power chosen in this experiment is the single polarity, and the maximum output 
voltage is DC 200V, and it has manual output mode, analog output mode, spontaneous 
waveforms output model function. 

Table 2. The performance index of the micro displacement sensor 
gears Measuring range（μm） resolution（μm） 
10μm ±10 0.01 
100μm ±100 0.1 
1000μm ±1000 1 

 

  

Figure 11. The analog signal output channel of the micro displacement sensor 
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4.2 Experiment results 

4.2.1 Experiment of static characteristics of the piezoelectric stack actuator 

This experiment was designed to investigate the relation of preloaded force and 
maximum output displacement of the piezoelectric stack actuator. In the experiment, the 
piezoelectric ceramic drive power was set in manual output mode. The selection is 
shown in figure 12. The drive power was fixed in DC 150V by adjusting the knob, and 
the preloaded force was changed by adjusting the pneumatic pressure reducing valve. 
And then observed and recorded the maximum output displacement of the piezoelectric 
stack actuator corresponding to different preloaded forces. 

 

Figure 12. The manual output mode of drive power 

The contrast of simulation and experiment results of the relation of preloaded force 
versus maximum output displacement is shown in figure 13. In the experimental results, 
the maximum output displacement increases along with the preloaded force increases 
when the preloaded force is less than 360N. The increment of output displacement turn 
less following the preloaded force increases when the preloaded force is greater than 
360N, but it is still larger than the output displacement without preloaded force. This 
change process is similar with the simulation results, but there is a certain offset 
between the experimental curve and simulation curve. The reasons are: 1) The 
parameters of the simulation model are probably more ideal; 2) There exist error caused 
by mechanical factors in the experiment, which make the output displacement decrease. 

 
Figure 13. The curve of preloaded force versus the maximum output displacement 

Through the analysis, the piezoelectric coefficient increases along with the increase of 
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the preloaded force, which make the output displacement increase. This is the main 
reason of the preloaded force influence on the maximum output displacement. In the 
physical change process of the piezoelectric stack actuator. When the preloaded force is 
less than 360N, the conversion among the internal various electric domains of the 
piezoelectric stack actuator is dominant, the conversion motion strengthen along with 
the preloaded force increases, which make the output displacement increases. When the 
preloaded force is greater than 360N, this conversion isn’t dominant. The excessive 
preloaded force make the piezoelectric stack actuator is approximate for a great of 
elastic component, so that the part of the output force of the piezoelectric stack actuator 
with the action of drive power has to overcome the elastic deformation that lead by 
preloaded force. All of these make the output displacement reduce. 

4.2.2 Experiment of dynamic characteristics of the piezoelectric stack actuator 

In the dynamic experiment, the driven power should choose the triangle wave output in 
spontaneous waveforms, and its peak-peak value is set to DC 150V. The set of the 
triangle wave output mode is shown in figure 14. In the experiment, change the drive 
power from 0 to DC 150V and return from DC 150V to 0 periodically corresponding to 
the different preloaded forces. The output displacement corresponding to the different 
preloaded forces is observed, recorded and saved. According to the definition of 
hysteresis degree to deal with data and calculate the hysteresis degree. The contrast of 
simulation and experiment results of the relation of preloaded force versus hysteresis 
degree is shown in figure 15. 

 
Figure 14. The set of the triangle wave output mode of drive power 

 
Figure 15. The curve of preloaded force versus hysteresis degree 
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Both in simulation and experiment results, the hysteresis degree reaches max when the 
preloaded force is 200N. The max hysteresis degree is 13.12%. Following the increase 
of the preloaded force, the hysteresis degree increases when the preloaded force is less 
than 200N. The hysteresis degree reduces along with the preloaded force increases 
when the preloaded force is greater than 200N. The reason is that following increases of 
the preloaded force, the piezoelectric coefficient increases rapidly and dynamic 
capacitance changes that lead to hysteresis degree increase before 200N. The variations 
gradually decrease after 200N. And the internal electric domains of the piezoelectric 
stack actuator move faster by the effect of the preloaded force. All these lead to 
hysteresis degree reduce. The hysteresis degree is smaller than the situation without the 
preloaded force when the preloaded force reaches 400N. 

5. CONCLUSIONS 

(1)When the piezoelectric stack actuator is preloaded under a certain force, the output 
displacement is 9.73% larger than the situation without preloaded force. The 
displacement loss of the piezoelectric stack actuator can be compensated. The variation 
of the internal electric domains of the piezoelectric stack actuator at the action of 
preloaded force, and the influence on the electric domains wall motion could explain the 
results above. 

(2)The hysteresis characteristic is an inherent attribute of the piezoelectric material, but 
it can be improved by exerting preloaded force on it. With the experiment results, the 
hysteresis is 1.7% less than the situation without the action of preloaded force when the 
preloaded force reaches 400N.  

(3)In order to guarantee the performance of the piezoelectric stack actuator, the 
piezoelectric stack actuator should be preloaded with the force of the range of 360N～

400N. 
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ABSTRACT 

Single piston hydraulic free piston engine (SPHFPE) equipped with a four-stroke two-
cylinder diesel engine is proposed to achieve efficient energy conversion and supply 
hydraulic energy. The introduction of a cushion chamber in the other side of the pump 
piston can shorten the rebounding displacement of the free piston assembly (FPA) while 
it is settled at the right dead centre (RDC) working in pulse pause modulation (PPM) 
mode and reduce the fluctuation of the pump flow. A high speed control valve 
connected to the cushion chamber can change the compression time according to the 
requirement. Unique factures of this power system are presented and their effects on the 
performance are discussed. The compression ratio can be improved through increasing 
the pressure of the compression accumulator and decreasing the pressure of the load 
accumulator. Also the compression ratio and the operation frequency of the engine can 
be improved by shortening the switch time of the control valve and prolonging the open 
time.  

KEYWORDS: Hydraulic free piston engine, diesel engine, pulse pause modulation, 
compression ratio, operation frequency 

1. INTRODUCTION 

Hydraulic free piston engine (HFPE) is one of the newly developed technologies to 
solve the fuel shortage and environmental protection. It has a simple structure and fewer 
components through eliminating the crank shaft of the diesel engine and the gear box 
between the engine and the hydraulic pump. The piston of the diesel engine is 
connected directly to the hydraulic pump and moves linearly and “freely”. It has the 
variable compression ratio and can combust a few variable fuels. Thus hydraulic free 
piston engine attracts the interests of some institutes and scholars [1-4].  
In one operation cycle, hydraulic free piston engine has two strokes—suck stroke and 
pump stroke for the pump to supply the high pressured oil. And a two-stroke internal 
combustion engine is employed to drive the hydraulic free piston engine because it also 
has two strokes in one cycle—compression stroke and expansion/work stroke. Though 
the two-stroke internal combustion engine has a higher output and more balance than a 
same size four-stroke internal combustion engine, it has a lower scavenge efficiency and 
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cmore serious heat burthen. Bad inspiration and exhaust lead to bad combustion and 
serious emission. It is more severe for hydraulic free piston engine than the crank shaft 
engines due to the shorter duration at the top dead centre [4-6]. A two-cylinder four-
stroke diesel engine is employed to drive the pump to improve the poor scavenge and 
reduce the emission. 

2. OPERATION PRINCIPLES 

The single piston hydraulic free piston engine has two combustion chambers and one 
hydraulic chamber and needs another devoice to execute the compression stroke, 
illustrated in Figure 1. The basic operation process is: The valves keep in the position 
shown in Figure 1. When the controller gives the working signal, the control valve 10 
moves left and the pressured fluid in the compression accumulator 7 flows into the 
compression chamber 12 and impels the free piston assembly (FPA) (13, 18, 20) to left. 
In the process of the FPA moving leftwards, the hydraulic oil in the cushion chamber 19 
is pushed to the load accumulator 4 and the low pressure oil is sucked from the supply 
accumulator 15 to the hydraulic pump chamber 17. Also the fresh air in the combustion 
chamber 1 is compressed. When the FPA arrives near the left dead centre, the injector 
sprays the fuel into the combustion chamber 1 and the energy released by the burning 
fuel drives the FPA move to right. In the same time, the hydraulic oil in the pump 
chamber 17 is pressured out and parts of the pressured fluid flows to the load 
accumulator 4 and the others flows to the cushion chamber 19. And the fluid in the 
compression chamber 12 flows back to the compression accumulator 7. The FPA fulfils 
a cycle when the FPA moves back to the right dead centre. The FPA stays at the right 
dead centre until the working signal of the next cycle. 

 
1- combustion chamber; 2- switch valve; 3- check valve; 4- load accumulator; 5-protection valve 

group for accumulator; 6- switch valve; 7- compression accumulator; 8- switch valve; 9- protection 
valve group for accumulator; 10- control valve; 11- check valve; 12- compression chamber; 13- 

compression piston; 14- check valve; 15-supply accumulator; 16- check valve; 17-pump chamber; 
18- pump piston; 19-cushion chamber; 20-combustion piston; ①- connected ports 

Figure 1. Schematics of single piston hydraulic free piston engine 

The structure of the single piston hydraulic free piston engine shown in Figure 1 has a 
hydraulic pump chamber 17 and a cushion chamber 19. In the compression stroke, the 
cushion chamber 19 pressures oil to the load accumulator 4 and the load. While in the 
expansion stroke, the oil in the pump chamber 17 is pressed not only to the load 
accumulator 4 and load, but also to the cushion chamber 19. Namely, the pressured oil 
is output during the whole cycle. Though this structure adds the resistance of the 
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moving FPA in the compression stroke to some extent, it can decrease the fluctuation of 
the pump flow and the rebounding displacement of the FPA at the right dead centre. 

3. SIMULATION RESULTS AND ANALYSES 

3.1. Simulation model 

AMESim, which is developed by IMAGINE Company to simulate the engineering 
systems, is introduced to model the hydraulic free piston engine. Libraries of 
mechanical, control, hydraulic, hydraulic components design, IFP engines are mainly 
used. The most component——diesel engine, uses the submodels in the IFP engine 
library. The combustion heat release model is BARBA [7] which represents a 
combustion model in a thermal-pneumatic model chamber with a variable volume, 
pressure dynamics and wall heat exchange. The fuel is gas injected into the combustion 
chamber and three mixing gases in the chamber are considered-air, fuel and burned 
gases. Cylinder wall heat exchange model is Annand and the model has one intake 
valve and one exhaust valve for each combustion cylinder. A trapezoidal mass flow rate 
profile submodel is used to model the engine fuel injector. 

 
Figure 2. Simulation model built in AMESim 

Table 1. Parameters used in simulation 
Parameter Value Unit 

Diameter of combustion chamber 105 mm 
Diameter of pump chamber 25 mm 

Diameter of cushion chamber 25 mm 
Diameter of rod in compression chamber 23 mm 

Diameter of rod in pump chamber 18 mm 
Diameter of rod in cushion chamber 22 mm 

Stroke 105 mm 
Mass of free piston assembly 6 kg 

Compression ratio 17  
Pressure in compression accumulator 25 MPa 

Pressure in load accumulator  23 MPa 
Pressure in supply accumulator 0.5 MPa 

Injection duration 4 ms 
Maximum mass flow rate of injected fuel 3 g 

Injection timing 3 mm 
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Figure 2 is the model built in AMESim based on the sketch of Figure 1. The parameters 
used in the model are based on the design of the sample and are shown in Table 1. 

3.2. Kinematic characteristic 

Figure 3 to Figure 8 is the kinematic characteristic of the single piston hydraulic free 
piston engine driven by the 4-stroke 2-cylinder diesel engine.  
Figure 3 displays the displacement of the free piston assembly (FPA) with time. It 
shows that the engine can work stably and follows the basic law of the single piston 
hydraulic free piston engine, namely, the compression time is longer than the expansion 
time and the displacement of the free piston assembly is asymmetry about the top dead 
centre (near the 0mm in the curve). 
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Figure 4.   Velocity vs. time 

Figure 4 is the velocity of the free piston assembly with time. The maximum value of 
the velocity of the compression stroke which is negative is nearly the same while that of 
the expansion stroke which is positive is changed cycle by cycle. And the maximum 
velocity in the expansion stroke caused by one combustion chamber is always larger 
than that caused by another combustion chamber. But the maximum velocity keeps the 
same when the expansion occurs in the same combustion chamber. The different 
parameters set for the two combustion chambers in the AMESim model results in the 
difference. 
Figure 5 is the acceleration of the free piston engine with time. The maximum 
acceleration is about 4 times in the expansion stroke than that in the compression stroke.  
The maximum value of the negative acceleration is variational cycle by cycle due to the 
variational velocity illustrated in Figure 4. 
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Figure 5. Acceleration vs. time 

Figure 6 is the velocity changing with the displacement in one cycle. It’s clear that the 
velocity is not asymmetry. The curve is clockwise. When the free piston assembly move 
from the right dead centre (105mm) to the left dead centre (0mm), the maximum value 
of the velocity is occurs very near the left dead centre. While the free piston assembly 
moves from the left dead centre (0mm) to the right dead centre (105mm), the velocity is 
very flat in most of the stroke and keeps high. This leads to a fast move of the free 
piston assembly and the velocity drops to zero suddenly and begins another cycle. 
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Figure 6. Velocity vs. displacement 

Figure 7 is the acceleration changed with the displacement. In compression stroke, the 
free piston assembly move from the right dead centre (105mm) to left dead centre 
(0mm), the acceleration keeps in a low level in the first part of the stroke and then rises 
sharply near the left dead centre. The acceleration keeps higher in the expansion stroke 
than that in the compression stroke in the same position in the first part of the stroke and 
when the exhaust valve open, the acceleration rises reversely. In a whole cycle, the 
acceleration is much higher at the left dead centre than that at the right dead centre 
because at the left dead centre the fuel is injected into the combustion chamber and 
releases large energy to drive the free piston assembly move to right. 
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Figure 8 is the acceleration changed with velocity. The curve is clockwise also. It 
illustrates that the velocity and acceleration of the free piston assembly are asymmetry 
due to the structure and operation principle of the hydraulic free piston engine. 
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Figure 8. Acceleration vs. velocity 

3.3. Parameters influence on engine performance 

Figure 9 to Figure 16 illustrate the parameters influence on the compression ratio and 
operation frequency of the engine. 
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Figure 9. Compression ratio vs. pressure in compression accumulator (CA) 

Figure 9 is the influence of the pressure level in the compression accumulator (CA) on 
the compression ratio and Figure 10 is the position of the free piston assembly driven by 
the different pressure level in CA. The pressure level range in CA is [12 16 21 25 30 33 
37] MPa which is corresponding to the curve 1 to 7 in Figure 10 respectively. When the 
pressure level in CA is low, the free piston assembly can not move to the appropriate 
position to get the appropriate compression ratio and the hydraulic free piston engine 
can  not work normally, illustrated as curve 1 and curve 2 in Figure 10. 
Compression ratio rises quickly with the increase of the pressure level in CA at first. 
But after some point (there is 33MPa), the increase of the pressure level in CA can only 
bring a little increase of the compression ratio, shown in Figure 9. 

 
Figure 10. Pressure level in CA vs. position of free piston assembly 
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Figure 11 is the influence of the pressure level in the load accumulator (LA) on the 
compression ratio. The pressure level range in LA is [11 15 20 23 28 31 34] MPa. With 
the increase of the pressure level in LA, the compression ratio decreases because the 
pressure in the LA provides a resistance to the moving of the free piston assembly both 
in the compression stroke and the expansion stroke. The larger the pressure level in LA, 
the larger resistance on the free piston assembly, the lower the compression ratio can get. 
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Figure 11. Compression ratio vs. pressure in load accumulator (LA) 

Figure 12 is the influence of the pressure level in the supply accumulator (SA) on the 
compression ratio. The pressure level range in SA is [0.25 0.3 0.4 0.5 0.6 0.7 0.8] MPa. 
The compression ratio increase slightly with the increase of the pressure level in SA. So 
a pressure level in SA is chosen to avoid cavitation. 
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Figure 12. Compression ratio vs. pressure in supply accumulator (SA) 

Figure 13 is the influence of the frequency of the control valve on the compression ratio. 
The frequency range is [15 18 20 23 25 28 30] Hz. With the increase of the frequency of 
the control valve, the compression ratio increases slightly. When the other parameters 
keep unchanged, the higher frequency of the control valve can shorten the open time of 
the control valve and allow the fluid in the CA flow into the compression chamber 
rapidly, but this can not influence the flow rate flowing into the compression chamber 
and thus give a little influence on the compression ratio. 
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Figure 13. Compression ratio vs. frequency of the control valve 
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Figure 14 is the influence of the maximum flow rate of the control valve on the 
compression ratio. The flow rate range is [150 180 200 230 250 280 300] L/min. 
Keeping the other parameters unchanged, just increasing the maximum flow rate, the 
velocity of the free piston assembly increased accordingly and get more energy to 
achieve a higher compression ratio, illustrated in Figure 14. 
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Figure 14. Compression ratio vs. flow of the control valve 

Figure15 is the influence of the frequency of the control valve on the operation 
frequency of the free piston engine. The frequency range is [15 18 20 23 25 28 30] Hz. 
Keeping the other parameters unchanged, increasing the frequency of the control valve 
can shorten the time of the fluid flow into the compression chamber and thus shorten the 
whole compression time and improve the operation frequency of the free piston engine, 
illustrated in Figure 15. 
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Figure 15. Operation frequency vs. frequency of the control valve 

Figure16 is the influence of the flow of the control valve on the operation frequency of 
the free piston engine. The flow range is [150 180 200 230 250 280 300] L/min. 
Keeping the other parameters unchanged, increasing the flow, the velocity of the free 
piston assembly increased accordingly and the compression time shortened. Thus the 
operation frequency can be improved, illustrated in Figure 16. 
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Figure 16. Operation frequency vs. flow of the control valve 
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3.4. Pulse of flow rate 

In a stable and continuous working mode, if the cushion chamber illustrated in Figure 1 
is connected to tank, the output flow is like the solid curve shown in Figure 17. The 
engine supplies the output flow only in expansion stroke and the output flow has a large 
fluctuation. While connecting the cushion chamber to the load accumulator, illustrated 
in Figure 1 and reference [1], the output flow is like the dash dot curve shown in Figure 
17. This time the engine output the flow both in compression stroke and expansion 
stroke. Thus the fluctuation of the second curve is much lower than that of the first one. 
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Figure 17.  Influence on the pulse of flow rate 

4. SUMMARY 

The introduce of the four-stroke two-cylinder diesel engine to drive the hydraulic free 
piston engine is feasible and also follows the operation principle of the single piston 
hydraulic free piston engine. The parameters which influence the compression ratio are 
mainly depending on the compression pressure, load pressure and maximum flow rate 
of the control valve. The supply pressure and the frequency of the control valve have 
little influence on the compression ratio. So to adjust the compression ratio during the 
work, the up three parameters can be used to achieve the appropriate compression ratio. 
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ABSTRACT 

For applications which use an artificial pneumatic muscle it is important to know the 

parameters of the system and know how to describe the system and muscle by 

mathematic formulas. For our research it was important to know the details of the 

geometrical properties, especially the volume of the muscle. We did a comparison 

between the muscle volume models and measurement depending on length or pressure, 

and can accurately describe the volume of a muscle by well-known equations. Three 

methods of measurement were used for this research, submersion of the muscle and two 

methods of image processing. 

 

KEYWORDS: Image processing, Comparison models, Artificial Pneumatic Muscle 
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1. INTRODUCTION 

Precise position and force control of McKibben artificial fluidic muscles depends 

heavily on the ability of the computer model to describe the characteristics of the 

muscle. Several models are known to describe both internal and external volume of the 

muscle. Some are more inaccurate than others. Volume error in a model is caused by 

inaccurate description of muscle shape, bladder thickness and muscle elasticity. 

For real-life application it is necessary to know the volume of the muscle in order to 

have an accurate pressure model. This is even more important if we want to use muscles 

with liquid medium instead of gas, e.g. combining magneto rheological technology with 

the muscle. Pressure and contraction rate of the muscle must be given for controlling 

force during movement of the muscle. Currently several methods are known for 

describing volume of a muscle (internal or external volume of muscle). Nevertheless, 

we still don´t have a comparison between the models and real measured data. 

In this paper the volume and shape of the muscle are determined visually utilizing an 

image processing method. Several tests are made and analyzed to view how the volume 

depends on increasing pressure. For the optical method, it is necessary to validate 

results with other methods and minimize measurement error. For this reason volume is 

also determined by submerging the sample muscle in a known volume of liquid. 

2. METHODS 

Three methods were used for determining the volume of the muscles. 

The first method was to submerge the muscle into water. We then measured the 

displaced water to find the volume of the muscle.  

 

Figure 1. Submersion of the muscle into water 

 

The second method was analysis of photographs in AutoCad. In this method we 

measured the curvature of the muscle under varying pressures. This method was used 

only on one of our muscles (MAS-20-605N-AA-MC-O-ER-BG). The reasons why we 
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applied this method only on the first muscle is due to difficulty of the work. Due to this 

difficulty it was impossible to analyze the whole muscle and so we analyzed only part 

of the muscle with the biggest deformation, which was approximately the first 50mm. A 

net was made on the first 50mm with parallel lines and the diameter was measured as a 

cross section between curvature and lines. For the middle part we supposed that the 

diameter was without any major changes. The main delay was made by the scale 

reading in AutoCad. In the second step of this method we used this curvature for 

creating a 3D model in ProEngineer and the volume was determined from our 3D 

model.  

The third method used Image Processing Toolbox in MATLAB
®

 [1] for the 

photographic processing. The second and third methods are very similar because both 

methods used photographs for determining the volume of the muscle, and both methods 

supposed that the muscle is perfectly round. The third method which used Image 

Processing Toolbox in MATLAB
®
 did the analysis in two steps which was to find a 

boundary and transform the photographs into a binary image. For proper results with 

this method it is important to have a stark contrast between the muscle and the 

background. Using a drastically different color of background, for example white, and 

more light will result in more precise data. An error margin of roughly 5% of nominal 

volume is possible due to the inaccurate calculation of the muscle edge. 

After these two first steps we have the curvature of the muscle and from this curvature it 

was not difficult to quantify the volume of the muscle. The muscle volume 

determination procedure was a series of cycles which summarized small rounded parts 

created from pixels of the photographs. 

For each method a graph for visualization of the shape of the muscle under varying 

pressures was made. The data obtained from the first and the third measuring methods 

was compared to well-known theoretical equations. Before we started the comparison of 

our measurement with theory, we qualified which theoretical model would be used. We 

used the Chou [2] equation for determination of muscle volume with thickness than the 

Tsagarakis models [3]. The Tsagarakis model seemed to be better because he tried to 

account for very deformed parts of the muscle, but his model could not be verified. 

The theoretical formulas which, we used, are derived from equation (1) and (2), with the 

assumption that the shell threads have a low extensibility (as required by Chou), so 

muscle volume depends solely on its length. Additionally, the central portion of the 

muscle is modelled as a perfect cylinder with zero-wall-thickness (as per Chou). 
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Theoretical volume is derived from  

 

     (1) 

 

,     (2) 

where 

b  is thread length, 

θ is angle between the muscle axis and braid thread, 

n is number of thread turns, 

D is diameter of the muscle, 

L is nominal length of the muscle. 

 

Volume of the muscle with thickness: 

     (3) 

 

Volume of muscle without thickness: 

.    (4) 

where 

tk is thickness of the shall. 

 

In this series equation (3), which determines volume of the muscle with the thickness of 

the muscle, was used. 

For the mathematical model it is important to know the parameters of the muscle: b 

thread length, θ angle between the muscle axis and braid thread and n number of thread 

turns. These values were based on previous research [4] for the muscle (MAS-20-605N-

AA-MC-O-ER-BG). For the muscle (DMSP-20-150N-RM-RM) we assumed the same 

value of θ angle between the muscle axis and braid thread but did not directly measure 

it. 

3. RESULTS 

In the previous section we discussed methods, which were used for analysis of the 

artificial pneumatic muscle volume. Table 1 was created using the first method with 

data from two types of muscle. In the table we can see delta volume under varying 

pressures, which were used to create Figure 5. Note that in this method we measured 

real volume of the muscle without any assumption about ideal muscle roundness, as we 

must use for image processing. 

 

152



Table 1. Volume of the muscles measured by submerging into water 

 Volume[dm^3] 

Pressure[bar] 
MAS-20-605N-AA 

-MC-O-ER-BG 
DMSP-20-150N-RM-RM 

0 0 0 

0,5 0,0181 0,0050 

1 0,0630 0,0130 

1,5 0,1250 0,0270 

2 0,1686 0,0370 

2,5 0,2029 0,0430 

3 0,2200 0,0465 

3,5 0,2285 0,0485 

4 0,2285 0,0505 

 

The results from the second method used for muscle curvature analysis are in Figure 2. 

In this figure we can see the first 50mm of the muscle, which was analysed in AutoCad 

expanded the most in the first three bars of pressure. The volume of the muscle is shown 

in Figure 5 and correlates to the diameter expansion. 

 

 

Figure 2. Curvature of the muscle as analyzed in AutoCad 
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Figure 3. Curvature of the muscle MAS-20-605N-AA-MC-O-ER-BG analysis by 

image processing in MATLAB® 

 

 

Figure 4. Curvature of the muscle DMSP-20-150N-RM-RM analysis by image 

processing in MATLAB® 
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 for this method. We can see in Figure 3 that the main curvature change was 
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in the first 50mm of the muscle and the middle part remained relatively linear. Figure 4 

shows that there was some muscle deformation at zero bars of pressure due to the 

inherent shape of the muscle. 

 

Figure 5. Comparison between muscle volume models with measurements on the 

left being muscle MAS-20-605N-AA-MC-O-ER-BG and DMSP-20-150N-RM-

RM on the right 

 

Figure 6. Dependence delta length on the pressure 

 

Figure 5 was created by our program with leveraging equation (3) and shows that the 

volume of the muscle is expressed as a nonlinear function under varying pressure. The 

second series of graphs in Figure 5, where we qualify delta volume depending on the 

delta length, shows that both curves are nonlinear. 
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4. DISCUSSION 

This research gives us a preview of the muscle volume and also demonstrates the 

general precision of the theoretical equation, which is commonly used. 

From the first method we have a very precise view of the muscle volume and all our 

research was compared with that. Based on known accuracy of that method (submersion 

in water) we suppose that this data is highly accurate. The data from this measuring is 

depicted in Table 1 for other researchers. 

Before we started with image processing, specifically, the third method, we did 

photographs analysis in AutoCad. Figure 2 shows that the second method is not a viable 

solution, because in the second method we analyzed only the beginning of the muscle. 

We only assumed that the middle section is parallel and this creates a possibility for a 

wide margin of error. Therefore it was determined to include the data from this analysis 

to demonstrate its inaccuracy while also demonstrating the accuracy of the third 

method. 

Due to the fact that we did not directly measure the shape of the muscle walls in the 

central section, we could not accurately calculate the volume created by any 

deformation of the muscle in that area. Therefore it was determined that this method 

was not viable and we discontinued its development. 

 For the third method, which is also based on Image processing, we prepared a program 

in MATLAB
®
. This method for analyzing photography of the muscle is shown to be 

much better than the photography analysis using AutoCad (method 2), because this 

method assumed that the muscle is perfectly round whereas, the third method analyzed 

the whole muscle allowing for analysis of small differences of pressure, giving a more 

accurate picture of the muscle volume. This method has shown very similar results for 

muscle volume as submerging it into water. However, in order to be sure of the results 

the analysis will be repeated and the data will be analyzed against the first set of results. 

This is due to the fact that it was the first attempt at using this specific analysis method. 

After the three methods of analysis, comparison of measured data with the theoretical 

model was done. For this comparison we made a program in MATLAB
®
 which 

connected theoretical with measured data. Figure 5 was created by our program and 

shows that the volume of the muscle is expressed as a nonlinear function under varying 

pressure. Figure 5 shows differences between theoretical data for 4bar and measuring in 

water for the muscle MAS-20-605N-AA-MC-O-ER-BG is around 40% and for the 

muscle DMSP-20-150N-RM-RM is around 47%, the error is in volume change and not 

actual volume of the muscle. 

The graphs in Figure 6 show delta length under varying pressure with the same 

conclusion as in the two previous series of graphs, there is a nonlinear dependence. 
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5. CONCLUSION 

Measurements presented in this work were made on two types of muscle with the same 

diameter and different length. The muscles have one end fixed and the other end was 

not secured in any way. This style of clamping represents muscles, which move with 

their subjects. We presented three methods for muscle volume analysis: submerging in 

water, photo analysis in AutoCad and Image processing in MATLAB
®
. Regarding this 

work we now have good experience with the Image processing and solving of problems 

with projection in space. 

The main contribution of this paper is the comparing of theory with the measuring of 

two muscles with the same diameter but with different lengths. This measuring has 

shown that further exploration of the theoretical equation is viable. Now we can imagine 

how large of an error margin can be introduced with the theoretical equations without 

optimization. The negative aspect of this work is that we did only one series of 

measurements for each muscle and in order to prove the precision of the results we 

should do several more series and a statistic comparison of the results. 

Due to this experience we can now use our knowledge of muscle volume model error in 

practical use. One of them is combining magnetorheological technology with the 

artificial muscle in semi-active damping purposes. When muscle is used with high bulk 

modulus fluid i.e. magnetorheological fluid, muscle volume model becomes very 

important. This is because even a small error in volume model will cause large pressure 

error and make flow modelling impossible. Calculated force becomes also flawed due to 

wrong pressure assumption. Without precise volume models or identification of muscle 

volume it is impossible to simulate dynamic behaviour of muscle damper system 

properly. 

The next experiment will be focused on the derivative of the muscle volume for a 

muscle with both ends fixed. This way we can define the effect of both pressure and 

contraction to the muscle volume. This method will take in account muscle deformation 

under pressure and results can be used in pressure and flow modelling of the muscle 

valve systems. 
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ABSTRACT 

This paper analysizes the rupture failure of the exhaust valve spindle using 
metallographic analysis, SEM, metal flown line analysis etc. It shows that the valve 
aspect material fits the requirement of 4Cr9Si2's steel chemical composition. The 
superficial hardness HRC28, of valve pole is identical with the standard hardness of this 
material. The valve pole splits and splits for fatigue, and companion has corruption 
oxidation action in splitting the course. The valve pole splits, and to expand the effect 
uneven to oxide layer base on serving as the valve pole cylinder surface of course, and 
the most firstly forms the shallow ditch shape and cracks on the valve pole surface , and 
developing gradually into the deeper crack , final fatigue that leads to the valve pole is 
split. The splitting method of material is corroded tiredly for high temperature, the 
requirement that the operating mode is corroded for the resentful sufficient exhaust 
valve high temperature of tired capability of high temperature corruption of material to 
the cause split.  

KEYWORDS: Exhaust valve spindle, rupture, high temperature corruption, fatigue 

1. THE EXHAUST VALVE AND RUPTURE CHARACTERISTIC 

 The sent exhaust valve total length is 1000 mm, and the valve dish diameter is 
160 mm. The valve pole diameter is about for 32 mm. All of 2 valves were 
ruptured in 100 mm from valve dish. The valve pole diameter of breakpoint is 30 
mm, see as the Fig1. Fracture on two exhaust valve dishes that splits has 
energetically been acted on and becomes deformed completely and damages by 
the mechanical colliding completely, and can not do zone of fracture analysis. 
Still  there  is  the  a  few position  to  be  collided  though fracture  also  damages  on  
the valve pole. 
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 In order to contrast analysis, the exhaust valve makes an appointment with the 
100 mm place to incise following with the valve dish, and cut out a sample from 
incised valve and the length is 20 mm, and see as the Fig 2. To check up 
carefully samples surface including ruptured valve and not be ruptured valve, 
and finds the black brown and has oxide skin partly. This exhaust valve is made 
for 4Cr9Si2. 

Figure 1.  One of the ruptured exhaust valve, valve dish breakpoint and whole 
valve dish to be collided 

 In order to contrast analysis, the exhaust valve makes an appointment with the 
100 mm place to incise following with the valve dish, and cut out a sample from 
incised valve and the length is 20 mm, and see as the Fig 2. To check up 
carefully samples surface including ruptured valve and not be ruptured valve, 
and finds the black brown and has oxide skin partly. This exhaust valve is made 
for 4Cr9Si2. 

 
Figure 2.  The not be ruptured valve 

2. METAL FLOWN LINE AND BREAKPOINT ANALYSIS OF VALVE 

 Checking up the metal flown line directly, see as Fig 3 and 4, and finds forging 
flown line is normal and does not also find that other disfigurement. 

 After rinsing the breakpoint and observing under the scanning electricity looking 
glass, and can see not suffering the mechanical position that collides having the 
clear  tired  striation  ,  and  see  as  the  (a)  and  (b)  of  Fig.5.  What  that  this  is  
explained valve pole ruptured belong to tired rupture. 
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Figure 3.  Metal flown line of not be ruptured valve is normal 
Figure 4. Metal flown line of ruptured valve is norma 

 After rinsing the breakpoint and observing under the scanning electricity looking 
glass, and can see not suffering the mechanical position that collides having the 
clear  tired  striation  ,  and  see  as  the  (a)  and  (b)  of  Fig.5.  What  that  this  is  
explained valve pole ruptured belong to tired rupture. 

(a)× 300                                    (b) × 1500 
Figure 5. The exhaust valve is collided the tired striation of position on pole 

fracture, and the lower left corner is for colliding position 

3. ANALYSIS OF VALVE 

 From apart from fracture section makes an appointment with perpendicular 
valve pole of 15 mm place axis is cut down metallurgical structure sample, and 
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checks up that nearby metallurgical structure who reaches the surperficial 
vicinity of valve pole cylinder of splitting face organizes. The characteristic that 
few oxide place center of valve pole cylinder who the does not drop shallow 
ditch mould of development cracks is gone up in the surface of 30 mm of valve 
pole diameter that it is to observe when the not erosion. Shallow ditch and crack 
characteristic  is  corroding  by  the  shallow ditch  development.  By the  Fig.6  it  is  
thus clear that this crack is in order to tilt surperficial direction center 
development, the degree of depth is made an appointment with 0.3 mm. The 
crack is nearby narrower on the surface, and the hub go-ahead development 
trend change of the times is got widelyer, and reaching in the development 
course  has  the  tee-offs  appearance  at  the  pointed  end  place,  and  possesses  the  
stress etching characteristic. In addition, is in the vicinity left the corruption 
outgrowth in the place at the pointed end. The above characteristic explanation 
exhaust valve splits, and the course interrupt is split the position once in oxide or 
corrosiveness  medium.  The  Fig.6  is  nearby  another  the  longer  cracks  (  SEM's  
image ) of preceding one crack. The Fig.7 is actually panorama and energy 
spectroscopy seats at preceding one crack. It is base metallurgical structure of 
splitting face vicinity organizes, and his organisation characteristic demands that 
family clan's aspect reaches and leaves the carbide for banding a quenchs 
tempering of direction, but the size of middle carbide anything small and 
roundish of whole organisations is than slightly, the carbide also comparatively 
scatters, this kind of organisation is owing to the use temperature of valve pole 
surpasses the tempering temperature and is caused by. The Fig.8 is not breaking 
not that same position metallurgical structure of valve pole organizes, can make 
out, and his organisation characteristic and splits the valve pole affinity, but the 
carbide size is smaller, and the valve pole explaind his use temperature briefly 
hangs down than splits. 

Figure 6. SEM's photograph of one crack vicinity characteristic of the crack×60 

 Above metallurgical structure organizes analysing and proves:  
1. During the valve pole splitting was in high temperature degree and the 

corrosiveness once and the oxide temper atmosphere.  
2. Splitting to begin , the base that the surperficial oxide skin of valve pole causes 

cracks.  
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3. The course split is accompanied the oxide or is corroded the effect. 

Figure 7.  The nearby base cluster of valve pole splitting face×700 

Figure 8. The metallurgical structure of valve corresponding position of pole not 
reaking splits the valve pole 

4. THE HARDNESS ANALYSIS 

 Mentioned above metallurgical structure survey to such an extent that splits that 
the  nearby  hardness  of  valve  pole  splitting  face  is  the  HRC28,  not  to  split  the  
hardness of valve pole and serve as the HRC27 on the sample. 

 It is often not not different from inside the hardness scope qualified after 
4Cr9Si2's steel accent nature. The above result explanation is split, and the room 
temperature mechanical performance of valve pole is in the normal value. 

5. ENERGY SPECTROSCOPY 

 To split in order confirming and not to split, valve pole surface and before states 
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the corruption left inside crack outgrowth essence, and has been in progress 
energy spectroscopy in scanning under the electricity looking glass to the thing 
leaving in valve pole cylinder surface and the crack. 

 Ordinary more straight grain direction going of photograph and valve pole axial 
are of equal rank, and  horizontal, namelys with the surface in the valve pole 
axial vertical orientation there are some thread ditches and a concave trace, Si, 
Ca and S etc that surperficially does that his primary component is the ferric 
oxide is seen that to the energy spectroscopy result to these two kinds and a few 
during the thing leaving doing energy spectroscopy to preceding stated inside the 
pointed ends of 13 cracks in the photograph, also for ferric oxide and a few other 
impurity is seen that to his result , and the oxide is that to corrode the course and 
the development course of crack is synchronously or time is longer. Fig.9 is 
valve pole the splitting face surperficial scanning electricity looking glass image 
of nearby valve pole splits. Shallow ditch, shallow hole and valve pole axial are 
perpendicular to long-shaped grain direction and valve pole flat direction of 
axial. 

Figure 9. The energy spectroscopy analysis 

6. THE VALVE POLE SPLITS THE CAUSE ANALYSIS 

 According to above reaching not to split the result of all quota analyses of valve 
pole to splitting, the valve pole splits, and following valve pole of cause analysis 
splits that the position was in in the operating course of exhaust valve in than the 
high temperature degree reaching corruptions and the oxide surrounding feeling 
once, this moment at surperficial some the oxide skins of formation of valve 
pole since the most most detail bit namely splits at the position, the unit area 
receives power big, at the same time owing to the effect of oxide is even to the 
base development course, the base subcutaneous in the oxide develops 
comparatively quick the position forms some shallow shapes crack, hereafter 
few shallowly cracks develops comparatively quick, forms the crack, the biggest 
crack  subsequent  development  creates  final   splits.  Owing  to  what  the  exhaust  
valve suffered is handing over becoming load, therefore the crack is expanding 
with the tired method. Companion has the oxide course to occur from beginning 
to end in this course 
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7. CONCLUSION 

 The valve aspect material fits the requirement of 4Cr9Si2's steel chemical 
composition.Send the forging to check up the exhaust valve aspect and process 
technology reasonably, and not find that the raw material has the metallurgy 
defect. 

 The valve pole splits, and the position is in the valve pole cross-section area 
minimal, and namely the unit area is received the biggest position of power. 

 Splitting, the surperficial hardness HRC28, of valve pole is identical with the 
standard hardness of this material, and indicate that the histology of material 
does not  change in the middle of the use, and does not occur the temperature 
superstandard in the middle of the diesel engine operating. 

 The valve pole splits and splits for fatigue, and companion has corruption 
oxidation action in splitting the course. 

 The valve pole splits, and to expand the effect uneven to oxide layer base on 
serving as the valve pole cylinder surface of course, and  the most firstly forms 
the shallow ditch shape and cracks on the valve pole surface , and developing 
gradually into the deeper crack , final fatigue that leads to the valve pole is split.  

  The splitting method of material is corroded tiredly for high temperature, the 
requirement that the operating mode is corroded for the resentful sufficient 
exhaust valve high temperature of tired capability of high temperature corruption 
of material to the cause split. 

 According to ISO683-15: The classification of 1992 ( E ) " internal-combustion 
engine valve with the steel ", the martensite steel, if 4Cr9Si2 is chiefly served as 
the valve pole part of internal-combustion engine inlet valve as well as exhaust 
valve. And sending checks up the exhaust valve main body to serve as 4Cr9Si2's 
overall structure. To excellingging in a year internal-combustion engine, because 
of the exhaust valve work environment is odious, this material is indisposedly 
done the exhaust valve under this operating mode together. 
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ABSTRACT 

The paper describes the activity performed within the frame of the research “Innovative 
solution for power saving in hydraulic circuits of agricultural tractors” Italian National 
Research Program (PRIN). It aims of showing a new paradigm in the study of the 
agricultural machine energy saving solutions by means of an agricultural tractor global 
simulation model developed at IMAMOTER-C.N.R.  

The development procedure of the global simulation model is described in the paper. 
The transmission system, the handling and loading system, and the auxiliary actuation 
sub-systems were modelled using a traditional specialized simulation program and then 
integrated in the tractor dynamic model. The integration of the detail models into the 
tractor dynamic model made possible a direct comparison between the different 
simulation environments, under a prescribed, yet flexible, mission profile. 

KEYWORDS: power saving, hydraulic actuation, load sensing system, transmission 
system, optimization 

1. INTODUCTION 

The agricultural machineries, and especially the agricultural tractors, are multi-
functional devices which help the farmers in their daily works. The power availabilities, 
and the ability of these machineries to respond to the farmer’s demands, are broad: from 
less than 40 kW, for the smallest one, to more than 250 kW.  

The agricultural tractors fuel consumption and efficiency are, year by year, becoming 
really important for the users and, consequently, the producers have spent a lot of efforts 
to improve their products. It becomes necessary that machinery manufacturers focus 
their efforts in particular on the technological innovation of their products, especially as 
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far as energy conversion efficiency in the hydraulic system devoted to movement 
actuation and control is concerned, reducing power losses and minimizing prime 
movers power requirements. 

The way of efficiency dynamics could be analyzed in two mainly directions: the 
singular element improvement and the global system improvement. In the first area, the 
main targets achieved by the mobile application designers are focused on the operating 
performances optimization, with particular care devoted to the metering and the 
modulation of the hydraulic power addressed to the actuators. But, a singular element 
optimization could solve only partially the efficiency problems of a complex machine 
like an agricultural tractor. 

In these machineries the hydraulic systems absorbs a significant amount of mechanical 
energy supplied by an internal combustion engine, because there are many 
interconnected circuits for several functions, i.e. traction, load handling and auxiliary 
system actuation, braking, steering, suspension control. Regarding the hydraulic 
systems design, the greater efforts in order to reduce power dissipation are to be focused 
on the circuits portions listed below: transmission system, loads holding, lifting circuit 
and auxiliary equipments actuation circuit.  

The simulation software are useful devices to better know the mechanism’s behaviour 
and to improve their efficiency. A lot of examples of singular element analysis are 
present in the scientific literature. The most commons concern the study of machinery 
singular element, like pumps, motors, valves or their cluster: suspension system, 
auxiliary, braking and actuation control [1-4], also in an energetic point of view [5-8]. 
Quite all studies are performed in a singular simulation environment [1-9] and this 
involves an essential simplification of some physical phenomena. Thank to this a 
relative reduction of computation time could be obtained. 

But only a simultaneous integration within a simulation environment, able to catch the 
relevant characters of vehicle dynamics and load cycle will make a complete 
optimization possible. Many efforts in this direction have been made [10-13] and some 
examples of this simultaneous integration are now available. One of these new 
paradigms will be showed in this paper which takes his main aims from a research 
project based both on performances optimisation, of standard and well-known design 
solutions, and on the theoretic, numeric and experimental analysis of new suitable 
solution. 

The research program deals with the analysis and design of the main hydraulic circuits 
of an agricultural tractors, with the aim of determining those conceptual innovations and 
design developments needed to improve their global efficiency and to allow a large 
scale power saving. The research activities were developed by four different research 
units made up of three Italian University (which have followed the AMESim 
subsystems development) and an Institute of the Italian National Research Council 
(which have merged the different AMESim subsystem, have developed all the multi-
body models and have developed the complete agricultural tractor model). 

The agricultural tractor was divided in three different sub-systems, to better analyse the 
singular performance: 

1. the transmission system; 

2. the handling and loading system; 

3. the auxiliary actuations system; 
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Everyone of them were modelled, as first stage, in a 1-D simulation environment (LMS-
AMESim) and submitted to some typical operating cycles, in order to state the influence 
of main design and operating parameters on their behaviour and energy dissipations. 

In a second stage a 3-D software (LMS-Virtual.Lab Motion) was used to model the 
corresponding multi-body models and to put attention on all that inertial parameters 
(weight, cinematic constrains, damping, etc.) which are neglected, or not well 
considered, in a 1-D simulation environment. The multy-body environment was 
interfaced with AMESim by means of the LMS Virtual.Lab Motion-AMESim interface, 
which allows you to perform coupled simulation between 3D mechanical system 
modelled in V.L. Motion and 1D electrical, hydraulic or mechanical systems modelled 
in AMESim. 

The same cycles performed in the stand alone (AMESim) environment are submitted in 
the coupled (AMESim-Motion) simulations, in this way it was possible to compare the 
1-D vs. 3-D simulation answer’s differences, should they are present.  

In a final step a complete models integration was performed and an entire agricultural 
tractor model was developed and studied. 

2. THE SUBSYSTEMS DEVELOPMENT 

As written upon the model construction followed a multi-step stage. The agricultural 
tractor was divided in three different sub-systems: the transmission system; the handling 
and loading system; the auxiliary actuations system. 

 
Figure 1: example of handling and loading AMESim model 

The study of the transmission system was divided in two parts: the first part involved 
the power split transmission; this part was focused on the study of a hydrostatic hybrid 
transmission system made by a combination of a hydrostatic unit and a planetary gear. 
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The second part of the study involved the full power shift transmission; it dealt with the 
optimisation of electro-hydraulically controlled multiple clutches. 

The study of the handling and loading hydraulic circuit involved multiple linear 
actuators circuits. Some architectures of handling and loading systems were defined, 
with particular attention to the analysis of the widely diffused load-sensing solutions; in 
particular, in order to overcome the limit actually imposed by the load-sensing 
architecture, the attention were focused on the independent control of each cylinder by 
dedicated hydraulic circuits, and to the development of design solutions achieving the 
efficiency increasing through the recovery of the hydraulic power associated to the 
dissipative phases. 

The innovative aspect of the study presented in these pages could be found looking the 
different approach which concerns the 1-D simulation program and the 3-D one. The 
multi-body software gives the possibility to “re-build” the real world in a virtual 3-D 
environment, with the possibility to consider the dynamic system’s answer during a 
control system or a fluid power circuit development. From the different analysis type 
which is possible to perform it was decided to apply the coupled simulation. In this way 
a set of control forces from the 1-D simulation environment is applied on the 
mechanism bodies in the multi-body one.  

A complex dynamic system, like that presented in this study, could show different 
behaviour if it is studied in a 1-D domain or in a multi-body one. Showing all developed 
models and performed simulations in a single paper it’s quite difficult and could draw 
only a partial and incomplete activities’ picture, so here we can go in a more detailed 
description on two different sub-systems, which better represent the entire project’s 
working scheme: the rear hitch system and the CVT transmission. 

3. THE HITCH SYSTEM 

 
Figure 2: rear hitch geometrical scheme  

Centre of Gravity

Weight Force  
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The rear hitch system is used to handle many types of devices, used to do the different 
working phases of a field processing. To better make a multi-approach model it was 
decided to maintain parameterizable his main dimensions. In this way it’s possible to 
rapidly apply the model to the different manufacturers’ possible configurations. The 
main dimensions of the case proposed here are reported in the following table 1. 

Table 1 

Upper harm length (a) 453 mm

Lower harm (b1) 973 mm

Third attachment point (b2) 800 mm

Hinge point (L2) 611 mm

Tie rod (L1) 900 mm

 

 
Figure 3: rear hitch control valve AMESim model 

During the rear hitch model construction, all the constrains’ positions and functions 
were respected to better join the multi-body model to the real system. 

The rear hitch model was realized in LMS V.L. by means of a two-body plant output 
element, which measure the distance and velocity between two reference system (one 
on each body) and send the measurements to AMESim, which read them as hydraulic 
displacement and velocity input. 

The force output was obtained by mean of a two-body plant input element, which gives 
the possibility to read, in the 3-D software, the forces calculated in the 1-D one. In this 
phase it was important to choose the correct reference system to avoid to invert the 
actuator’s movements, or to apply the forces in a wrong direction. It’s also important to 

AMESim-Motion 
interface element
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convert the force and displacement unit measure to have the same unit in both the 
software: for example Motion measure the rotation velocity in turn/min, but AMESim 
import it as rad/s. 

 
Figure 4: rear hitch multy-body model  

The, stand alone, AMESim analysis did not show any solution problem, but when was 
tried to compute the coupled simulation an abrupt event happened and the solution was 
stopped. No other information were given by the solution file so, once tested the 
interface correctness and the model efficacy, it was decided to build again (step by step) 
a simpler model trying to find the abrupt stop reason.  

The simplified model coupled simulation solution showed that a resonance occur in the 
hydraulic jack. The system did not show the same behaviour in a stand-alone AMESim 
simulation. This could be done to the different solution approach between stand alone 
and coupled simulation: in the first case all the equation are solved on the inside of a 
singular solver, in the other case the 1-D software send, as output, the force to the multi-
body one, which send to the first velocity and displacement.  

This aspect gives us the opportunity to underline the importance to not overlook the 
new perspective, which is advisable to be owned by everyone who want to perform 
multy-body simulation: the design achievement is only one step in the model 
construction, all the systems’ “functional aspects” should be studied and integrated in 
the model: for example friction and damping. 

 
Figure 5: TSDA element and pressure in the hydraulic jack chamber 

This increased sensibility to the model dynamic and friction parameter give the 
possibility to work with a more customizable model, in order to emphasize those real 
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aspect which are underestimate using only 1-D program. In the case under study, the 
solution was found using a TSDA (Translational Spring Damper Actuator) element 
which combine stiffness, damping and actuation force on a translation element. This 
element gave the possibility to smooth the mechanical system answer to the hydraulic 
load-sensing stimulus; which could be easily demonstrated to be “naturally” instable. 

4.  THE CVT TRANSMISSION  

The same approach was followed in the CVT transmission study.  In the LMS V.L. 
model, a two-body plant output element was also used to send the transmission’s 
rotational velocity from the 3-D software to the fluid circuit simulation environment. In 
this case it is important the two (fixed and mobile) reference systems Z axis’ alignment.  

 

 
Figure 6: CVT transmission AMESim model 

The torque, obtained as AMESim transmission simulation output was sent to the 3-D 
model by mean of a Joint plant Input element.  

A complete testing cycle, able to simulate a typical working cycle, was made. It was 
divided into four phases: a starting stage; a constant acceleration stage; a braking stage 
followed by a constant velocity stage; another braking stage followed by a working 
stage. The entire cycle lasts 180 seconds, is showed in figure 8.  

 

Hydrostatic Unit  Control 

Minimum and Torque Control

Rear axis

CVT Unit 
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Figure 7: particular of Hydrostatic Control Unit AMESim model 

 

 
Figure 8: working cycle 

The reduced momentum of inertia was used to compare the 1-D software solution with 
the LMS-Motion’s once. Using a RSDA (Rotational Spring Damper Actuator) motion 
element(which can be used to generate torque or friction either bi-directionally, or only 
in one direction)it’s possible to optimize the 3-D model behavior and to have the 
possibility to consider important simulation parameter like a road slope, for example. 
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Figure 9: output torque comparison between stand-alone (green) and coupled 

simulation (red) 

In this way it was possible to obtain interesting results, as showed in the figure 9: from 
which is clear that, taking into account the global answer behaviour to the same working 
condition, the real vehicle dynamics introduction make visible some oscillatory 
problems and mitigate some other, most of all of impulsive nature. 

The phases in which a little deviation between the results obtained into the two different 
simulation environments were expected, had showed a negligible difference: a practical 
results curves overlapping is possible. That confirms the used parameter accuracy. 

5. THE AGRICULTURAL TRACTOR COMPLETE MODEL 

The final step was focused on the different models integration in a global agricultural 
tractor model.  

 
Figure 10: agricultural tractor global model with rear hitch 
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This was done by merging, both in the AMESim and LMS-Motion environment, every 
previously made sub-model (rear hitch system, remote control valves, etc.) in two 
global tractor models, a schematic example of which is showed in the figure 10, 
distinguished only for the transmission type: CVT or Power-Shift. The singular 
actuation circuits modelling, often with a high specialization level, are a common 
practise inside the scientific and technical environment. Really different is the coupled 
simulation point of view. The cinematic and dynamic integration give the possibility to 
emphasize some problems (stick-slip, oscillations, fulcrum point positions, pitching) 
which are difficult to take into account, most of the time by mean of drastic 
simplifications, performing only a 1-D fluid power circuit simulation. 

The complete agricultural tractor’s main characteristics are: 

 Rear hitch system interface connections completely parameterizable; 

 Weight, dimension and inertial masses positions fully coherent with the real 
model; 

 Easy integration with different interface variables ; 

 

 
Figure 11: example of complete agricultural tractor AMESim model 

During the different simulations it was possible to verify the functional parameter 
(cinematic chains’ inertia, dumping parameter, etc.) influence on the simulation results 
and, it was also possible to evaluate how individual simulation, regarding only one part 
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or subsystem, could not give as much accurate information as that obtained studying the 
complete agricultural tractor system, as reported in the following figure 13. It shows a 
1-D vs. 3-D simulation transmission torque output comparison. The AMESim 
simulation result (green line) is much smoother than the LMS V.L. one (red line), this is 
done to the drastic simplification which is implicit in the 1-D simulation environment: it 
does not consider the transient and inertial phenomena which, on the contrary, are clear 
in the red line. The cyclic oscillations present in the red line are due to the agricultural 
tractor pitching during the progress, clearly impossible to appreciate in a 1-D simulation 
environment. 

 
Figure 12: particular of CVT transmission AMESim model 

This is only one of the really useful information which is possible to obtain using the 
integrated simulation environment developed by IMAMOTER-C.N.R to study an 
agricultural tractor. The final aim of this work will concern the consumption and 
efficiency comparison between the CVT and the Power-Shift transmission and will be 
presented in a future work. 

 

 
Figure 13: 1-D (green line) vs. 3-D (red line) torque comparison 
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6.CONCLUSIONS  

The development procedure of an agricultural tractor’s global simulation model was 
described. 

The transmission system, the handling and loading system, as well the auxiliary 
actuation sub-systems were modelled using a traditional specialized simulation program 
and a multy-body simulation environment. 

The integration of the detailed models into the tractor dynamic model made a direct 
comparison possible, under a prescribed, yet flexible, mission profile. 

The main met problems were reported and the solution options were presented.  

The low-cost complete machineries’ virtual qualification practicability was showed. 

The work, under development, is now focused on the transmission efficiency 
comparison to assist the global optimization of parameters, using as objective functions 
general indicators of the global machine productivity.  
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ABSTRACT 

This paper deals with improvement of the filtration speed of charge injection type of 
electrostatic oil filter proposed by Yanada and his coworkers. The filter consists of 
emitter electrode(s) with sharp projections, collector electrode(s) with smooth surfaces 
and of metallic filter elements. In order to develop a charge injection type of 
electrostatic oil filter with a faster filtration speed, the effects of the configurations of 
electrodes and filter elements on the filtration speed are investigated using several types 
of filter model with different configurations. The filtration speed is experimentally 
investigated using oils artificially contaminated by conductive or non-conductive 
particles. In addition, in order to discuss the results of the filtration experiment, ion drag 
flow patterns are measured using two-dimensional filter models and three-dimensional 
electrostatic field is numerically simulated. It is shown that the filtration speed depends 
on the filter configuration and the electrical property of contaminants, conductive or 
non-conductive. A better filter configuration is proposed. 

 

KEYWORDS: Electrostatic filter, Charge injection, Lubricating oil, Oil saving, Ion 
drag 

1. INTRODUCTION 

An electrostatic oil filter can remove submicrometer-sized contaminants such as the 
oxidation products of additives from oils. By virtue of this characteristic, it has 
contributed to lengthening the lives of lubricating oils and to decreasing waste oil as 
well as failures of machines including hydraulic systems [1]. However, the filtration 
speed of electrostatic oil filters is slow and it usually takes a long time for a 
contaminated oil to be purified.  
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Yanada and his coworkers [2-4] have proposed a new type of electrostatic oil filter, 
named charge injection type of electrostatic oil filter. The new filter uses one or more 
set(s) of an emitter electrode with many sharp projections and a smooth collector 
electrode. The application of a high DC voltage between the emitter and smooth 
collector electrodes enables electric charges with the same polarity as that of the emitter 
electrode to be injected from the tips of the sharp projections into oils. The electric 
charges on contaminants can be augmented by the injected charges being adsorbed on 
the contaminants; the magnitude of Coulomb force exerted on them becomes larger; 
therefore, the contaminants may be easily removed from oils.  

It has been demonstrated that the filtration speed can be increased by injecting electric 
charges and that the degree of the increase in the filtration speed largely depends on the 
type of oil [2, 3]. Chemical analyses of the oil into which electric charges were injected 
for a long time have confirmed that the charge injection has no bad influence on the oil 
[3]. It is believed that the latter result shows that no corona discharge takes place at least 
under the electric field strengths used in [2, 3]. The charge injection yields a positive 
effect on the filtration speed increase but, at the same time, it may also yield a negative 
effect due to the detachment of part of the contaminant particles captured on the 
collector electrode by the ion drag flow generated by the injected charges [4].  

The filtration experiments have been conducted so far using a simple filter model 
consisting of electrodes only and using non-conductive particles, which can be captured 
on the electrode surfaces, to examine the effect of charge injection. In order to capture 
conductive contaminants, filter element(s) has to be inserted between the electrodes 
because the conductive contaminants cannot be captured on the electrodes. There may 
be many configurations of the electrodes and filter elements but the effect of their 
configuration has not been investigated yet.  

In this paper, aiming at finding out a better configuration of the electrodes and filter 
elements, several filter models with different configurations are proposed and their filter 
performance is experimentally investigated. In addition, in order to discuss the results of 
the filtration experiment, the electrostatic field strength in each filter is numerically 
analyzed and the ion drag flows generated from the emitter electrode in the filters are 
observed using two-dimensional models.  

2. EXPERIMENTAL APPARATUS AND METHOD 

2.1. Filter models 

Figures 1 to 3 show schematics of three types of filter models used. In order to re-use 
the filter elements, not only the electrodes but also the filter elements are made of 
stainless steel plates. The thickness of the emitter electrode, collector electrode and filter 
element is 0.3 mm, 0.5 mm, 0.5 mm, respectively. Their length and breadth are 100 
mm×100 mm.  Isosceles triangular projections are machined on the emitter electrode by 
laser beam; the length of the base and the height of the projections are 2 mm and 6 mm, 
respectively. The averaged radius of curvature of the tips of the projections is about 7 
µm. In Figures 1(a), 2(a) and 3(a), the polarities of the charges induced on the surfaces 
of the filter elements are shown for the case where the polarity of the emitter electrode 
is positive. 
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For Type 1 filter, the emitter electrode is placed at the middle of two smooth collector 
electrodes. There are 78 projections on the emitter electrode and the projections are bent 
at right angles to either side at every longitudinal row as shown in Figure 1(b). The 
collector electrodes are solid plates. Two filter elements are placed just in front of the 
emitter projections and have circular holes 5 mm in diameter that were machined at 
fixed pitches in the longitudinal and lateral directions, respectively, as shown in Figure 
1(c). The center of each hole of the filter element corresponds to the tip of each 
projection of the emitter electrode. For Type 1 filter, as described in [4], ion drag flows 
are generated from the projection tips due to the effect of the Coulomb force acting on 
the injected charges as schematically shown in Figure 1(a). The flows hit the collector 
electrodes and part of the contaminant particles may be detached from the collector 
electrodes. In addition, for the structure of Type 1 filter, only the contaminants flowing 
in the space between the filter element and the collector electrode (collector-side space) 
can add to their electric charges. Conductive contaminants can be captured only on the 
filter element surface facing with the emitter electrode. It seems that the charge injection 
cannot contribute to increasing the filtration speed of oils in which conductive 
contaminants occupy the majority of the contaminants.  

Type 2 filter (Figure 2) has a configuration slightly different from Type 1 filter. The 
positions of the emitter and collector electrodes are reversed in Type 2. The triangular 
projections of the emitter electrodes are bent in one direction (Figure 2(b)) and there are 
72 projections in total. Almost the same filter elements as those used in Type 1 filter are 
placed between the emitter and collector electrodes (Figure 2(c)). The shape of the 
collector electrode is almost the same as that of the filter element except for the 
diameter of the holes. There are circular holes 3mm in diameter on the collector 
electrode and the center of each hole is in alignment with its facing projection tip. If an 
ion drag flow generated from a projection tip of an emitter electrode can reach the space 
between another emitter electrode and its nearer filter element (remote emitter-side 
space) as schematically shown in Figure 2(a), contaminant particles including 
conductive ones with augmented charges can reach the remote emitter-side space and 
the conductive contaminants may be captured on the filter element facing with the 
remote emitter electrode.  

Type 3 filter (Figure 3) has a configuration quite different from Types 1 and 2. The 
relative positions of the electrodes are the same as those in Type 2. The oil flow passage 
is completely divided into two by the collector electrode that has no holes and is 
situated at the middle. The collector electrode (Figure 3(b)) has rectangular fins 100mm 
long and 7mm high on its both sides.  The fins were attached to induce charges on the 
filter elements as shown in Figure 3(a). The emitter electrodes are almost the same as 
those of Type 2, but the number of the projections is larger than that of Type 2 and is 80. 
Filter elements consist of rectangular plates 6mm wide and the plates are fixed at their 
tops and bottoms by plastic bars. A line of triangular projections on an emitter electrode 
is put between a pair of two plates as shown in Figure 3(a). For Type 3 filter, a rough 
estimate of the ion drag flow pattern is shown in Figure 3(a). Part of the contaminants 
on the collector electrode may be detached as in Type 1 but the detached particles may 
be re-captured on the surface of the filter element on which negative charges are 
induced. Similarly, conductive contaminants having augmented charges may be 
captured on the negative surface of the filter element. 
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2.2. Test oils 

Four types of artificially contaminated hydraulic fluids and multipurpose oils were used 
for filtration experiments. Two types of particle were used as contaminants; one is non-
conductive and another is conductive. The non-conductive particle is Kanto loam (JIS 
1st kind, class 11, median diameter=1.6-2.3 µm) [5]; the conductive particle is 
aluminium and its size is smaller than the grid of 350 mesh. One of the two types of  
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Figure 1. Type 1 filter: (a) Arrangement of electrodes and filter elements (not to scale), 
(b) Emitter electrode, (c) Filter element 
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Figure 2. Type 2 filter: (a) Arrangement of electrodes and filter elements (not to scale), 
(b) Emitter electrode, (c) Filter element 
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Figure 3. Type 3 filter: (a) Arrangement of electrodes and filter elements (not to scale), 
(b) Collector electrode, (c) Filter element 
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particle was mixed into the oils at a concentration of 1 g/L. The volume of test oil was 
1.5 L.  

In Table 1, the values of the conductivity and viscosity of the test oils at a temperature 
of 313K (40oC) are shown. Oils 1 to 4 were used for filtration experiment and Oil 5 was 
used only for the visualization of ion drag flow. The “polarity” written in Table 1 means 
the electrification polarity of the particles mixed in the oils. The particles were charged 
positive in all the test oils except for a small part of Kanto loam particle in Oil 3, which 
was charged negative. 

 

Table1 Physical properties of test oils at 313K 

Polarity 
Oil no. Viscosity 

(Pa･s) 
Conductivity 
(S/m) Kanto loam Aluminum 

1 0.0194 1.35×10-10 + + 
2 0.0394 1.24×10-10 + + 
3 0.0271 4.71×10-13 +/- + 
4 0.0282 9.54×10-13 + + 
5 0.0365 2.48×10-9   

2.3. Filtration experiment 

A schematic of the experimental apparatus used is shown in Figure 4. Contaminated oil 
in reservoir (1) is fed into the filter model (5) by a gear pump (3) and then returns to the 
reservoir. The oil in the reservoir is stirred by a magnetic stirrer (2) to avoid the 
gravitational sedimentation of the particles. A DC voltage is applied by a high DC 
power supply (6). The magnitude of the applied voltage is kept at +10 kV. The flow rate 
is adjusted to 3.0×10-6 m3/s by an inverter (4). The temperature of the oil is kept at 40oC 
during the experiment by using a heater (7) and a thermoregulator (8). About 20×10-6 
m3 of oil is sampled from the reservoir at specified times during the filtration 

 

 
Figure 4. Schematic of experimental apparatus 
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experiment to evaluate the variation of the concentration of the particles in oil with time. 
The mass concentration of the particles included in the sampled oil is measured by 
filtering it together with enough volume of hexan, a solvent, using membrane filters 
having a pore size of 0.8 µm [6]. 

An experiment was conducted just after 20 hours had elapsed since the particles were 
mixed into a test oil, because the adsorption condition of ions onto the particles is varied 
with time. Preliminary experiments showed that particles reach the adsorption 
equilibrium after about 20 hours since the mixing of the particles into oil and the 
adsorption condition is not varied much after 20 hours. 

2.4. Observation of ion drag flow 

In order to measure the ion drag flow field, approximately two-dimensional filter 
models corresponding to the three types of filter model were made. Schematics of the 
filter models used for flow visualization are shown in Fig.5. Taking the symmetry of the 
structure into account, only a half space of the filter was modelled for visualization for 
Types 1 and 3 filters. The emitter electrodes with rectangular projections were made of 
stainless steel.  

For Type 1 filter model (Figure 5(a)), a transparent electrode made of glass of which 
surface is coated by tin dioxide (SnO2) was used as the collector electrode in order for a 
light sheet to be penetrated into the filter model. The filter element was made of a 
transparent plastic so that the motion of oil in the space between the emitter electrode 
and the filter element can be observed.  

For Type 2 filter model (Figure 5(b)), the emitter electrodes were made by combining a 
transparent electrode and stainless steel projections. The collector electrode was made 
of stainless steel plate and, therefore, the light cannot reach the left half space of the 
model (only the right half space of the model is shown in Figure 5(b)). However, the ion 
drag flows that are caused in and run into the right half space can be observed. 

For Type 3 filter model (Figure 5(c)), the collector electrode was made using a stainless 
steel fins and a transparent electrode in the same way as Type 2 model.  

To visualize the ion drag flow, a particle image velocimetry (PIV) technique was used.  
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Figure 5. Schematics of two-dimensional models for flow visualization (not to scale): 

(a) Type 1, (b) Type 2, (c) Type 3 
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Plastic particles (DIAION CHP20P, KANOMAX JAPAN INC.) of which specific 
gravity is 1.02 and of which diameter ranges from 75 to 150 µm were mixed in the test 
oil. As known well, solid particles are usually charged in liquid [8]. In Oils 1 to 4 used 
for the filtration experiment, the plastic particles were charged to some degree and, 
therefore, real flow fields could not be observed by the PIV technique. Oil 5 was used 
for flow visualization because the plastic particles were hardly charged in Oil 5. The 
quantity of the charges injected depends on the type of oil [4, 7] and, therefore, the ion 
drag flow observed in Oil 5 does not necessarily represent flow generated in Oils 1 to 4. 
However, the effect of the filter type on the ion drag flow field can be examined. 

The motions of the particles were observed by a charge-coupled device (CCD) camera 
(DITECT Corp., HAS-220R) and the flow field was analyzed by a PIV software 
(DITECT Corp., DIPP-FLOW). A light sheet was supplied from a metal halide lamp 
source through a slit. The thickness of the light sheet was about 3 mm. 

Before the measurement of flow pattern, the test oil was circulated from a reservoir 
through the filter model to the reservoir until the oil temperature became 40oC.  When 
measuring the ion drag flow pattern, the oil circulation was stopped.  

3. NUMERICAL SIMULATION OF ELECTROSTATIC FIELD 

In order to compare the electric field strength among the three filters, three-dimensional 
numerical simulations of electrostatic field are conducted. In practice, charges are 
injected from the emitter electrode, drift in oil and are convected between the emitter 
and collector electrodes. Therefore, the field is never static. However, the comparison of 
the relative magnitude of the electric field strength among the three types of filter can be 
done by electrostatic numerical simulation.  

Figure 6 shows a schematic of the geometric model used for the numerical simulation of 
Type 1 filter. The electrostatic field was computed by applying the periodical boundary 
condition to the four planes of the geometric model. The radius of curvature (7 µm) of 
the projection tip was taken into account in the simulation. The geometric models for 
numerical simulation were made also for Types 2 and 3 in the same way as that for 
Type 1. The simulation was done using ANSYS software. 
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4. RESULTS AND DISCUSSION 

4.1. Filtration experiment 

The results of the filtration experiment are shown in Figures 7 and 8. Each experiment 
was conducted two or three times and the average values are shown. The reproducibility 
of the experiment was relatively high. Figure 7 shows the results obtained when using 
the non-conductive particles. As can be seen from Figure 7, the filtration speed is 
strongly affected by the type of filter and the effect of the filter type depends on the type 
of oil. The fastest filtration speed was attained by Type 1 filter for Oils 1 and 2 and by 
Type 3 filter for Oils 3 and 4. The difference in the filtration speed between Types 1 and 
3 is very small for Oil 4. 

Figure 8 shows the experimental results obtained when using conductive particles. No 
significant difference in the filtration speed between the three types of filter is seen for 
Oil 1. The fastest filtration speed was attained by Type 3 filter for Oil 2 and by Type 1 
filter for Oil 3. 

Taking the results shown in Figures 7 and 8 into consideration, it may be concluded that 
Type 2 filter is not of a good structure on the whole, that Type 1 or 3 is better for the 
oils in which non-conductive contaminants occupy the majority of the contaminants, 
and that Type 3 is better for the oils in which conductive contaminants occupy the 
majority of the contaminants. 
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Figure 7. Effect of filter type on filtration speed (non-conductive particle): (a) Oil 1, (b) 

Oil 2, (c) Oil 3, (d) Oil 4 
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Figure 8. Effect of filter type on filtration speed (conductive particle): (a) Oil 1, (b) Oil 
2, (c) Oil 3 

4.2. Ion drag flow 

Ion drag flow patterns for the three types of filter are shown in Figure 9. The magnitude 
of the ion drag flow is affected by the filter configuration; the maximum velocity 
observed on the line of the projection tip is 40 mm/s for Type 1, 19 mm/s for Type 2 
and 32 mm/s for Type 3. As shown in Figure 9(a), the ion drag flow is confined in the 
collector-side space for Type 1 filter. For Type 2 filter (Figure 9(b)), the flow generated 
from a projection of the left emitter (not shown) is retarded in the space between the 
collector electrode and the filter element and is hard to enter the right emitter-side space. 
When the ion drag flow is relatively large, e.g., by virtue of increased applied voltage, 
part of the flow entered the right emitter-side space. Such observation results mean that 
the conductive particles with augmented charges by charge injection cannot be captured 
on the surface of the filter element facing with the remote emitter (the right emitter 
shown in Figure 9(b)) of Type 2 filter. In addition, the collector electrode has circular 
holes on the line of the projections to pass the ion drag flows. However, the circular 
areas of which centers are on the lines of the projections are the areas on which non-
conductive particles are most efficiently captured. It is considered that these two facts 
should be the principal reasons that the performance of Type 2 filter is the worst of the 
three filters. 

The ion drag flow caused in Type 3 filter (Figure 9(c)) is confined in the space between 
the two rectangular plates of the filter element between which emitter's projections exist. 
Such a flow patter is hardly changed under increased applied voltages, though the 
magnitude of the flow is increased. Such a flow pattern as shown in Figure 9(c) is 

(a) (b)

(c) 
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advantageous to the capture of both conductive and non-conductive particles on the 
surfaces of the two plates, on which the polarity is opposite to that of the particles. Such 
a flow patter as shown in Figure 9(c) may be one of the principal reasons that Type 3 is 
most favorable for capturing conductive particles. 

The flow pattern caused in Type 1 may not be favorable for capturing conductive 
particles. This is because the conductive particles with augmented charges cannot be 
captured on the surface of the filter element facing with the emitter electrode, which is 
the only surface on which conductive particles can be captured, and because conductive 
particles flowing in the emitter-side space do not add to the charges. Such 
characteristics may be the reasons that Type 1 filter is to some degree inferior to Type 3 
for capturing conductive particles. 
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Figure 9. Ion drag flow patterns (not to scale): (a) Type 1 (maximum velocity=40 mm/s), 
(b)Type 2  (maximum velocity=19 mm/s), (c)Type 3  (maximum velocity=32 mm/s) 

4.3. Numerical simulation of electric field 

Numerical simulation results of the electrostatic field strength are shown in Figure 10. 
Figure 10(a) shows the electric field strength distribution along the projection tip from 
the middle to the edge of the tip. It can be seen from Figure 10(a) that the electric field 
strength is slightly larger for Type 1 than for Types 2 and 3 and that Type 1 filter may 
inject slightly larger quantity of electric charges than the others. The computed electric 
field strength at the tip is significantly high because of electrostatic field computation. 
In practice, the electric field strength at the tip is drastically decreased from that shown 
in Figure 10(a) due to the effect of the charges injected from the tip [7].  

(a) (b)

(c) 
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Figure10. Comparisons of electrostatic field strength distributions among three types of 

filter: (a) Along projection tip, (b) Along line connecting projection tips on collector 
electrode, (c) Along line connecting centers of two holes (Type 1, 2) or along line on 

filter element (Type 3) 

The electric field strength distribution on the collector electrodes is shown in Figure 
10(b). The electric field strength distribution is almost uniform on the collector 
electrode surface for Type 1 and is almost uniform except for the vicinities of the holes 
on the collector electrode for Type 2. On the other hand, the electric field strength 
distribution is much different for Type 3 from that for Type 1 or Type 2; the electric 
field strength of Type 3 is higher than that of Types 1 and 2 in the area near the 
projection but is significantly decreased toward the root (z2=9.75 mm) of the fin 
attached to the collector electrode. The electric field is low on the fin on the whole but is 
high near the tip of the fin (not shown in Figure 10(b)).  

Figure 10(c) shows the electric field strength distribution along the line connecting the 
centers of neighboring two holes of the filter elements for Types 1 and 2, and that along 
a transverse line on a rectangular plate of the filter element of Type 3. The electric field 
strength becomes high near the edge of the hole for Types 1 and 2 and the differences in 
the magnitude and distribution between the two types are very small, while for Type 3, 
the electric field strength is very high near the edges of the rectangular plate but is very 
low except for the vicinities of the edges. Such a distribution for Type 3 is hardly varied 
in the longitudinal direction. 

It is not easy to compare the effect of the electric field distributions on the collector 
electrode and on the filter element between Types 1, 2 and Type 3. For Type 3, the total 
area of the triangular projections facing with the filter element is very small and, 
therefore, the quantity of the electric charges induced on the element surface may be 
small. A modification to the configuration of the emitter electrode may be needed. 
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5. CONCLUSION 

The filtration speed of the three types of filter was compared using oils artificially 
contaminated by non-conductive or conductive particles. It has been shown that the 
filtration speed depends on the filter configuration and the electrical property of 
contaminants, conductive or non-conductive. Type 1 is the best for purifying the oils in 
which non-conductive contaminants occupy the majority of the contaminants, while 
Type 3 is the best for purifying the oils contaminated mainly by conductive particles. It 
seems that the difference in the filtration speed among the three types results mainly 
from the difference in the ion drag flow pattern. Type 3 filter shows a relatively good 
performance for the oils contaminated by non-conductive particles and should be the 
most promising filter configuration of the three. Further investigation is necessary to 
attain a better performance. 
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DEVELOPMENT OF LOW SPEED HIGH TORQUE GEROTOR 

MOTOR FOR HYDRAULIC GONDOLR WINCH DRIVE 

Young-Bog Ham, Dae-Myoung Kim, Ji-Suk Gu, Se-Hyeong Jeon, Chang-Dae Park, 

Byung-Zoo Lim and Sung-Dong Kim 

ABSTRACT 

This paper presents the characteristic analysis and the profile design to develop a gerotor which can 

produce a high torque at low speed to drive a gondola winch system. The gerotor motor is suitable for the 

weight transfer system, winch system and conveyor system, and also for the wheel and angular drivers. 

To define the rotor profile, the logic of the inner-rotor and the outer-rotor was clarified. Being calculated 

theoretically to validate the output torque of the gerotor profile design methodology for the experiments 

was confirmed. 

KEYWORDS: Hydraulic gondola winch, Gerotor motor, Rotor profile, Volumetric 

displacement 

 

1. Introduction 

 

A gerotor which is a positive displacement pumping unit is mostly used in low speed 

and high torque hydraulic motor and sometimes small hydraulic pumps. In general, the 

gerotor consisting of an inner and outer rotor rotates in condition of the inter-contact 

between two rotors. A outer rotor functioning as the annular gear uses the circular arc as 

the tooth profile for the design and processing convenience
[1‐3]

. The shape of the internal 

rotor is designed in accordance with the tooth profile of the outer rotor and referred with 

a trochoid curve of that. 
All the teeth of the outer rotor contact with the inner rotor in all meshes and the space 

between the tooth contacts is closed. If the processed inner rotor referring from the 

theoretical curve is no gap, the appropriate rotation of rotors is almost impossible. 

Therefore, Sung-Chul Lee et al.
[4]

 used the method of allocating the appropriate gaps to 

solve the problems. The basic shape design connects the area of increasing volume to 

the suction port and that of the reducing volume to the discharge port in a gerotor 

hydraulic pump and connects the former to the supply side and latter to the return side 

in a hydraulic motor
[4]

.  
Yun-Joo Nam et al.

[5]
 performed the theoretical analysis of pressure ripples by applying 

the studies about the relief groove of the piston pump and the notch of the vane pump 

installed in the side plate port to remove the unnecessary pressure ripples, and studied 
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an effect on the pressure ripples from the design variables of the side plate and the 

operating environment variables of pump
[5]

. 
Jae-Hun Kim et al.

[6]
 performed the geometric and kinetic analysis with consideration to 

the design variables and constraints of the outer rotor with circular lobe shape. Through 

the above analysis, they studied the geometric design constraints with no cusp and loop, 

and the pressure angle between the rotors on contacting and sliding factor related to 

friction within the design constraints. Furthermore, they obtained the optimum design 

variables by fixing the number of rover teeth and calculating the flux and fluid ripples
[6]

. 
In this paper, we theoretically investigated the various design methods of tooth 

dimension presented by other researchers to develop a low speed, high torque gerotor 

using in a gondola winch system. 

 

2. Profile Design 

 

Of the previous studies of profile design methods, the method to obtain the shape of the 

inner rotor from the curve family envelop is used to define the trochoid curve movement 

and determine the dimension of the circular arc. 

 

2.1 Driving of the gerotor 

 

The driving forms of the inner and outer rotors are assumed to be one of 2 forms as 

shown in Fig. 1, and the curve of each movement form is defined. 
 

 
   (a) Movement form                            (b) Movement form 2 

Fig. 1 Driving principle of the gerotor pump 

 

(a) Movement form 1 
‐ Inner rotor: rotation upon the fixed axis(E) 
‐ Outer rotor: rotation upon the fixed axis(ο)  
‐      (rotation) =     (rotation) 

 

where    is radius of inner rotor,    is radius of outer rotor,    is angle of initial status, 

   is rotational angle 

196



(b) Movement form 2 
‐ Inner rotor: rotation + revolution upon the fixed axis(ε) 
‐ Outer rotor: rotation upon the fixed axis(ο) 
‐      (rotation) =     (revolution) 
 

2.2 Trochoid Curve 
 

The tooth dimension of the inner rotor is defined by the trochoid curve according to the 

movement forms 1 and 2 in the previous section. 
 

 
       (a) Inner rotor trochoidal curve              (b) Designed inner rotor profile 

Fig. 2 Profile of the inner-rotor 
 

The formation of an inner rotor is defined by the locus circle of a certain radius from the 

trochoid locus curve, or the equidistance curve at a certain distance from the locus curve 

as the envelope when drawing a circular arc from the outside. 
 

2.3 Inner Rotor Design 

 

        

Fig. 3 Definition of the inner-rotor 

 

The inner rotor was designed using the inner rotor design method proposed by S.H. Lee 

et al.
[4] 

as shown in Fig. 3. 
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(a) Number of Gears 
Since the number of inner rotor teeth, m, is always 1 less than the number of outer rotor 

teeth, n, it can be defined as follows: 

 

                                                                 
 

 
                                                               (1) 

    
 

 
                                                                 (2) 

 

where    is base circle of the radius,    is locus circle of the radius,    is the distance 

between base circle and rolling circle, n is number of outer rotor gears,  m is number of 

inner rotor gears (n= m+1) 
 

(b) Locus of Center Point T of Circular Arc Tooth  

 

The trochoid curve is described by a fixed point as rolling circle rolls along the basic 

circle. Under the condition that the locus of point T must be closed, the radii of the basic 

circle and rolling circle can be determined as follows: 

 

                                                                                             (3) 

 

where   is revolving angle of rolling circle, e is eccentricity, i is a unit vector of x-axis 

direction,  j is a unit vector of y-axis direction. 
 

Summation of rotational angle and revolving angle of rolling circle is 

   

                                                                                                                         (4) 

 

(c) Circle of Radius with Center on T Point Locus 
 

                                                                                                                                     (5) 

                              

                                                                                                                (6) 

 

where   is angle of rolling circle in initial status 

 

According to the above equations, the tooth shape of an inner rotor can be obtained 

from envelop curve of the family of curve in equation (5). Since the tooth point is 

formed at the perpendicular angle of the line contacting the circle whose center is the 

center of circular lobe of outer rotor, the equation can be expanded as follows: 

 

                                                                                                  
   

  
   

   

  
                                                          (7) 
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Therefore, the tooth function of the inner rotor will be represented by the following 

equation. 
                                                                                                                            (8) 

 

With equation (6), 
 

                                                                               

                
                                    (9) 

 

2.4 Outer Rotor Design 
 

 

  Fig. 4 Definition of the outer‐rotor 
 

The following the design method was proposed by Sung-Chul Lee et al.
[4]

, An outer 

rotor     is defined by the curve that arranges n circles of radius     in isometric angles 

 
  

 
  on the circumference of a circle with radius. 

 

2.5 Pitch Point, Contact Point and Volumetric Displacement 
 

Since the tooth profile of the inner rotor is generated by that of the outer rotor, it is 

assumed to be the annual gear that satisfies the locking principle of the gear and has the 

special tooth profile. Using the gear design equation, the radius of the pitch circle is 

calculated as follows: 
 

   : radius of inner rotor pitch circle = me 

                                        : radius of outer rotor pitch circle = ne                         (10) 
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Assuming that displacement by rotation at point E and displacement by revolution at 

point E are the same when the outer rotor is fixed,  

 

          (revolution) 

          (revolution) 
                                     ∴  (revolution)=                                                     (11) 
  

where    is the center displacement angle of the inner rotor 

 

The center point E         of the inner rotor can be defined as follows: 

 

               

                                                                                                                       (12) 

 

The pitch point P         is defined to be located on the line passing through the 

centers of the outer rotor and inner rotor. 

 

                

                                                                                                                      (13) 
 

The contact point of the inner rotor and the outer rotor is defined as the point at which a 

line meets the circular arc tooth profile when a line is drawn between the center point 

(           ) of each circular arc tooth profile to the pitch point. 
The inner and outer rotors are formed according to the above equations, and the result is 

shown as followings. 
 

3. Design Result 

 

The formation of a pitch point is determined by the lines connecting the center points of 

four circles forming a curve on the outer rotor. In other word, it is defined by the 

connecting lines perpendicular to the contact line at the center points as shown in Fig. 5. 
Fig. 6 shows the profiles of the inner and the outer rotors generated by the methods 

proposed by the previous researchers. The key design parameters of the motor are 

summarized in Table 1. 
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   Fig. 5 Formation of a Pitch point 

 

 

(a) Inner rotor                 (b) Outer rotor                    (c)Assembly 
                               Fig. 6 Drawing of rotor profile 

 

Table 1 Design parameters. 
No. of inner rotors 3 

No. of outer robes 4 

Rotor tip clearance 0.01 mm 

Rotor thickness 1.5 mm 

Eccentricity 2.5 mm 

Volumetric displacement 3.5 cc/rev 

 

Fig. 7 shows the inner and the outer rotors fabricated with the parameters depicted in 

Table 1. 

 

             

(a) Inner rotor                      (b) Outer rotor 

Fig. 7 Prototype of inner rotor and outer rotor 
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The methods of calculating the volumetric displacement proposed in previous studies 

need to be redefined since they are too complex and unclear. As it is difficult to inspect 

the processed items due to the insufficient resolution of CAM and lack of measuring 

tools, a tool dedicated to measuring the trochoid curve profile is needed. 

 

4. Conclusion 

 

This study defines the method of creating the profiles of the inner and outer rotors of the 

gerotor and generated the profile in the manners proposed by the previous studies to 

fabricate the rotors. 
In order to increase the completeness of the profile, the machine tools capable of 

processing the high resolution CAM data as well as the tools to measure the rotor 

profile are needed. 
For the future, verifying the feasibility of the profile through tests would be needed. 
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ABSTRACT 

The dynamic models of control chamber and motion parts of a nozzle flapper 
electro-hydraulic servovalve of aircraft in centrifugal field are obtained. The 
relationship of the null bias and the centrifugal acceleration are discussed. The nozzle 
pressure is 20% to 100% of the supply pressure of the nozzle flapper servovalve 
according to the design rules. While at null, two nozzles pressures are both 50% of the 
supply pressure. The null bias of servovalve is related to the centrifugal acceleration, the 
slide element mass, the fluid mass in nozzle volume, and the mass of armature flapper 
assembly, and that is linear to the centrifugal acceleration. The calculating result is 
consistent to the test. The method proposed in this paper will benefit to analysis 
electro-hydraulic servomechanism for accurate control in centrifugal condition. 

KEYWORDS: Hydraulics, electro-hydraulic servovalve, nozzle flapper, pressure vs 
displacement characteristics, null bias, centrifuge condition 

1. INTRODUCTTION 

Electro-hydraulic servovalves originated electro-hydraulic servomechanisms for 
surface control of aircraft during the second world war[1]. As a kind of accurately 
controlled elements combined of mechanics, electronics and hydraulics technologies, 
electro-hydraulic servovalves are characterized by small volume, light weight, high 
accuracy, quick response and etc. These valves apply widely in aviation, aerospace and 
other modern industries[2]. How these servovalves working on complicated operating 
conditions of aircrafts, and whether they operating normally are important pressure 
problems for the performance and safety analyses of aircrafts electro-hydraulic 
servo-mechanisms[2, 3]. 
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Spacecrafts orbit stably. When they pitch, yaw or roll in space, the systems are 
operating in centrifugal conditions. The mechanics model of hydraulic pipeline 
characteristics in centrifugal field [3] and the characteristics of a electro-hydraulic servo 
system in centrifugal field [4[-[6] are analyzed. An electro-hydraulic servovalve is the 
heart of a hydraulic servo system. The valve operating performance influences the 
system stability and reliability directly in aircrafts centrifugal states. The nozzle flapper 
pressure properties of the servo valve [7]-[9] are discussed. Differential pressure of the 
nozzle flapper prestage act on two faces of the valve element and drive it. The 
differential pressure of the valve element is very small comparing to the pressure in the 
control volume of the nozzle flapper. Researches on mechanisms of fluid centrifugal 
force acted on nozzle flapper volume and valve element, how centrifugal forces and 
other factors effect on the null bias of a servovalve are seldom reported. Consequently, 
this paper analyzes minutely the mechanics models of fluid control volumes and main 
motion elements of the electro-hydraulic valve in centrifugal operating conditions, and 
deduces the calculating method of the null bias value in this situation.  

2. THE STATIC PRESSURE CHARACTERISTICS OF THE NOZZLE FLAPPER  

The null bias of electro-hydraulic servovalve is the required input current situated 
the valve in null, usually presented by percentage of the valve rated current. The 
structure of a servovalve is symmetrical ideally, the null bias is zero. However, this 
situation will change when the valve acts by centrifugal force, and result nonzero null 
bias. Fig.1 shows the model of an electro-hydraulic servovalve acted by the correcting 
current in centrifugal condition. Here a is the centrifugal acceleration, θ is the deflection 
angle of armature baffle, r  is the distance between the nuzzle center and spring tube 
rotating center, rg  is the distance between armature flapper assembly centroid and 
spring tube rotating center, b is the distance between the feedback lever ball center and 
the nuzzle center, d0 is the diameter of the fixed orifice, dn is the diameter of nozzle, Q1, 
Q3 are the flow rates of two fixed orifices respectively, Q2, Q4 are the flow rates of two 
nozzle orifices respectively, ps is the system pressure, p1, p2 are pressures of two control 
chambers respectively, p0 is the outlet pressure, pA, pB are the load port pressures of 
cylinder respectively. 

The flow rate equations of the right side fixed orifice and nozzle of the servovalve 
shown in figure 1 respectively are 

)(2
1001 ppACQ sd −

ρ
=                      (1) 

102
2)( pxxdCQ ffndf ρ

−π=                    (2) 

Here, cd0 is the flow rate coefficient of the fixed orifice; 42
00 dA π=  is the area of the 

fixed orifice; cdf is the flow rate coefficient of the variable orifice; xf0 is the initial 
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clearance of the nozzle flapper; ρ is the oil density; xf is the displacement of flapper. 
The flow rate equation of the slide valve right face is 

)(22)( 1001012 ppACpxxdCQQQ sdffndfLV −
ρ

−
ρ

−π=−=      (3) 
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Figure 1 The structure of an electro-hydraulic servovalve 

 
By the same rule, the flow rate equations of the left side are 

)(2
2003 ppACQ sd −

ρ
=                       (4) 

204
2)( pxxdCQ ffndf ρ

+π=                      (5) 

2020043
2)()(2

pxxdCppACQQQ ffndfsdLV ρ
+π+−

ρ
=−=       (6) 

When the servovalve is working at null and stable, usually it is 

04312 =−=−= QQQQQLV                      (7) 

Then, it yields out the equations of the electro-hydraulic servovalve static 
characteristics from equation (1) to (7). 
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It yields out the control pressure of two faces of the main spool from equation (8) 
and (9) as 
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Suppose the dimensionless pressure ratios are sppp /11 = , sppp /22 = , 

sppp /11 = , sssLVLV ppppppp /// 21 −== . The displacement ratio of nozzle 

flapper is 0/ fff xxx = , and 0.10.1 ≤≤− fx . Then the dimensionless equations of (8), 

(9) and (10) are respectively 
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Figure 2 shows the relationship of null pressure and the area ratio of the nozzle to 
the fixed orifice. The null pressure of nozzle flapper is related to the ratio of nozzle area 
to fixed orifice affected area, and its value is from 20% to 100% of the supply pressure. 
While the ratio of nozzle area to fixed orifice affected area is 1:1, the null pressure ratio 
is 0.5; the area ratio varies to 1:2, the null pressure ratio increase to 0.8; the area ratio 
varies to 2:1, the null pressure ratio decrease to 0.2. It can be considered to apply 
various throttle area ratios controlling null pressure to match the nozzle flapper and 
dissymmetrical slide element or cylinder. 

Equations (8) and (9) discover the control pressure of main spool of two stages 
nozzle flapper servovalve is the function of the nozzle flapper displacement and the oil 
supply pressure, and also has relations to the initial nozzle flapper clearance, the flapper 
displacement and the ratio of fixed orifice area to nozzle area, but is independent of the 
spool opening. Normally, nozzle flapper valves take control pressure p10=p20=0.5ps at 
null as design rule [1]. According to this rule, it requires the ratio of fixed orifice area 
and nozzle opening satisfied the following equation 
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In general, if design rule of equation (14) is satisfied, the static pressure of the 
nozzle flapper chambers and the control pressure of main spool are respectively as 
follows from equation (12) and (13). 
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Figure 2 The relationship of null pressure and the area ratio of nozzle and fixed orifice 
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Figure 3 The relationship of the pressures of nozzle, control pressure of main spool and 

the flapper displacement 
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Figure 3 is the relationship of the pressures of nozzle, control pressure of main 
spool and the flapper displacement yielding out from equation (15) and (16). While the 
nozzle flapper is at the maximum opening (xf0 =xf), the pressures are p1=ps, p2=0.2ps, and 
the control pressure of the main spool becomes maximum, pLV=0.8ps; the nozzle 
pressures are 50% of oil supply at null, and the control pressure of the main spool is 
zero. 

3. NULL BIAS CHARACTERISTICS OF SERVOVALVE UNDER CENTRIFUGAL 
CONDITIONS 

When the corrected current acts on the electro-hydraulic servovalve, the position of 
armature flapper assembly deflects, and forces acting on main spool are composed of 
driving force, centrifugal force and counterforce of the feedback lever. The back flow 
pressure is ignored. While the main spool is null position, the force balance equation is 

( )brKamAp fxvvLV +θ+=                       (17) 

Here, pLV is the differential pressure of two chambers of slide element; Av is the face 
area of slide element; mv is the equivalent mass of slide element suit; Kf is the stiffness 
of feedback lever. 

It is approximately considered as xf=rθ since the flapper deflection angle is very 

small. The nozzle flapper valve works at null in normal and 4
fx  is neglected in (16) 

yielding out fLV xp ≤ . Substitute it into equation (17), the deflected angle of armature 

and flapper is 
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Figure 4 is the force diagram of double nozzle flapper. Research on the fluid 
between cross sections of nozzle 1 and 2, ignore the friction loss of the nozzle nose and 
the wall, neglect the influence of geopotential and flapper thickness, consider 
centrifugal field action on the fluid, the energy balance equation is deduced by Bernoulli 
equation as  
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Here, v1 is the fluid velocity at the nozzle; An is the nozzle area; p1e is the fluid pressure 
acted on the flapper. 
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Figure 4 The force diagram of double nozzle flapper 
 
While the centrifugal force is considered, from equations (19) and (20), the fluid 

force acted on flapper right side and fluid velocity at nozzle are elicited as 
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As the same reason, the fluid force acted on flapper left side and fluid velocity at 
nozzle are as 
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It is approximately taken pressures p1=p2=0.5ps while the nozzle flapper operating 
at null position. The net force acted on flapper from equation (20) to (23) is  

00
2222

0
2

21 2844 fnxsffdfLVfdfLVfdfnLV xAapxxcpxcpxcApFF ρ−π−π+π+=−   (24) 

Nozzle flapper valves design usually meets the term xf0/dn＜1/16, then item 2 
compared with item 1 in equation (24) is ignored in the above equation. And there is 
also xf＜xf0, it means item 3 smaller than item 2 in equation (24). Consequently, 
equation (24) is simplified to equation as 

00
2

21 28 fnxsffdfnLP xAapxxcApFF ρ−π−=−                   (25) 

Centrifugal force is taken into account in equation (25). Compare to the similar 
situation in references [7, 8], equation (25) adds the centrifugal acceleration item in it, 
that is -2ρaxAnxf0. 

The input torque of the torque motor is  
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θ+Δ= mtd KiKT                            (26) 

Here, Kt is the electromagnetic torque coefficient of the motor; Km is the magnet 
elasticity coefficient of the torque motor. 

The feedback lever torque is 

( )2brKT fs +θ=                            (27) 

While the armature flapper assembly is balanced, the torque is  

( ) gxaasmtd ramrFFKTKiKT +−+θ+=θ+Δ= 21            (28) 

Here Ka is the spring tube stiffness; ma is the equivalent mass of the armature flapper 
assembly suit. 

Synthesizing equation (16), (18), (25), (27) and (28), the correcting current of 
electro-hydraulic servovalve affected on centrifugal force is calculated by the following 
equation 
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(29) 
The first item of right side in the equation (29) is the main spool mass effect on 

null bias of valve in centrifugal condition; the second item is the null bias caused by 
differential pressure at flapper in centrifugal field; the third item is the null bias induced 
by centrifugal force acted on armature flapper assembly. It is thus evident that the null 
bias of servovalve is linear to the value of centrifugal acceleration and the 
electromagnetic torque coefficient, and also related to the main spool mass, the fluid 
mass in nozzle volume, and the mass of armature flapper assembly. Yet the null bias is 
influent by the distance of the armature flapper assembly centric to rotating center, the 
angle of centrifugal force and slide element, etc. 

4. EXAMPLE AND EXPERIMENT ANALYSIS 

The null bias value of the servovalve in centrifugal condition based on the 
parameters (in Table 1) of certain type electro-hydraulic servovalve is calculating and 
analyzed as follows according to the models discussed above. 

The null bias value can be obtained by equation (29). The values of three items in 

the right side blanket of the equation are respectively as 7107.2 −× , 111044.4 −×− , 

5102.5 −× . The first item is the null bias value caused by main spool mass in centrifugal 

field; the second item is the null bias value caused by flapper differential pressure in 
centrifugal field; the third item is the null bias value caused by armature flapper 
assembly in centrifugal field, this value has a maximum order of magnitude. Therefore 
equation (29) approximately can be simplified to 

210



The Twelfth Scandinavian International Conference on Fluid Power, May 18-20, 2011, Tampere, Finland 

xtga aKrmi 1−=Δ                         (30) 

Obviously, factors affected on null bias value in centrifugal condition are: 
centrifugal force acted on armature flapper assembly; the angle of the centrifugal force 
direction and the main spool axis; the electromagnetic torque coefficient of the torque 
motor. The armature flapper assembly structure symmetrically, the suit mass is small, 
the centroid is located on the symmetrical axis and between the armature center and 
rotating center. The null bias value can be decreased by optimize the armature flapper 
assembly structure, mass and mass distribution in centrifugal condition. It can downsize 
the null bias value influenced by centrifugal force by increasing the angle of centrifugal 
force and slide element axis, and by optimizing the servovalve mounting type. 
Increasing the electro-magnetic torque coefficient of the motor the null bias value can 
also reaches minus.  

Table 1 The main parameters of electro-hydraulic servovalve 

Parameter Value Parameter Value 
The electromagnetic 

torque coefficient 
Kt(N•m/A) 

2.77 The magnet elasticity 
coefficient Km(N•m/rad) 6.86 

Distance between 
Nozzle center and 

rotating center r(m) 
8.05×10-3

Distance between Nozzle 
center and feedback 

spring ball b(m) 
1.4×10-2 

Stiffness of feedback 
spring Kf(N/m) 3700 Fixed orifice diameter 

d0(m) 2×10-4 

Area of slide end Av(m2) 1.662×10-5 Nozzle diameter df(m) 3.5×10-4 
Initial clearance of 

variable orifice xf0(m) 3.37×10-5 Flow coefficient of the 
variable orifice cdf 

0.62 

Stiffness of spring tube 
Ka(N•m/rad) 10.18 Main spool mass mv(Kg) 2.5×10-3 

Armature-flapper 
assembly massma(Kg) 1.3×10-2 

Distance between 
armature-flapper 

assembly center and 
rotating center rg(m) 

4×10-3 

Hydraulic oil density ρ 
(kg/m3) 850 Supply pressure ps(Pa) 2.1×107 

Rated current i(A) 0.01 Length of nozzle l(m) 4×104 
 

The control pressure pLP of the main spool is proportional to the rotated angle θ of 
armature flapper assembly. And the rotated angle θ of armature flapper assembly is also 
proportional to centrifugal acceleration ax.  

Figure 5 is the schematic diagram of centrifugal test for certain type 
electro-hydraulic servo mechanism. The pump and reservoir are mounted on the ground. 
The static pipes and rotating pipes are joined by swivel connections. A counter weight 

211



The Twelfth Scandinavian International Conference on Fluid Power, May 18-20, 2011, Tampere, Finland 

keeps the machine arm in balance. The driving axis rotates at an angular velocity ω in 
the x and y plane. The servovalve and cylinder are mounted at the end of the arm, 
rotating with the driving axis. The servovalve and cylinder are pressed to centrifugal 
force, including centrifugal force along x axis[4].  

Figure 6 displays the testing and calculating results of the relationship of null bias 
and centrifugal acceleration[6]. The values in figure 6 are calculated by equation (29) on 
the conditions of 1) the main spool axis of the servovalve is along x direction; 2) the 
mass of armature flapper assembly ma is 3.45×10-3Kg; 3) the distance from armature 
flapper assembly centroid to spring tube rotating center rg is 1.627×10-3m; 4) the motor 
electromagnetic torque coefficient Kt is 2.55Nm/A. The calculating value and the 
experimental value are well agreed apparently and the null bias is proportional to the 
centrifugal acceleration. 

 
Figure 5 Centrifugal experimental apparatus for electro-hydraulic servo mechanism 
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Figure 6 The experimental results and calculating results of the relationship of null bias 
and centrifugal acceleration 
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5. CONCLUSIONS 

(1) The null pressure in nozzle of the nozzle flapper valve is related to the ratio of 
the nozzle area and fixed orifice area, and the null pressure is 20% to 100% of the 
supply oil pressure. 

(2) The nozzle pressure is 20% to 100% of the supply pressure of the nozzle 
flapper servovalve according to the design rule. While the flapper opening is the 
maximum, one nozzle pressure is equal to the supply pressure; another nozzle pressure 
is 20% of the supply pressure. The control pressure of the mail spool reaches to the 
maximum value of 80% supply pressure. While the nozzle is at null, the control 
pressure is zero and the two nozzles pressures are both 50% supply pressure. 

(3) The calculating results and experimental results are well agreed and show that 
the servovalve null bias value is linear to the centrifugal acceleration. And that the 
armature flapper assembly mass, the arm of force, the slide element mass, the fluid mass 
in nozzle volume and etc. will influence the null bias. The null bias value is most 
depended on armature flapper assembly mass, the force arm and the centrifugal 
acceleration. 

(4) Optimizing the armature flapper assembly, the mounting type of servovalve and 
the electromagnetic torque coefficient of the motor can decrease the influence on null 
bias in centrifugal condition effectively. Applying centrifugal acceleration detection 
sensor and feedback the signal to adjust the servovalve can achieve accurate and smooth 
control for the hydraulic system in centrifugal condition based on the analysis proposed 
in this paper. 
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AN ANALYSIS OF THE VOLUMETRIC DISPLACEMENT OF AN 

HYDRAULIC GEROTOR MOTOR 

Young-Bog Ham, Dae-Myoung Kim, Ji-Suk Gu, Se-Hyeong Jeon, Sung-Dong Kim 

ABSTRACT 

A calculation method of volumetric displacement of a gerotor motor is suggested in this work, which is 

based on energy conservation and torque equilibrium. The torque equilibrium equation is derived from 

the interior rotor and the exterior rotor under the assumption that the hydraulic power supplied to the 

motor is equaled as the output mechanical power. And with this, simply suggested the method of how to 

calculate the volumetric displacement of the gerotor motor. A CAD software was utilized to verify the 

credibility of the proposed calculation of the motor volumetric displacement.  

KEYWORDS: Volumetric displacement, Energy conservation, Torque equilibrium, 

 Gerotor hydraulic motor 

 

1. Introduction 

 

The output torque of a hydraulic gerotor motor is proportional to its volumetric 

displacement. To calculate the theoretical output torque, the theoretical volumetric 

displacement must be calculated. Since the geometrical dimensions of the cam profile of 

the gerotor motor is not standardized, calculating the volume in geometrical means is 

very difficult. 

Sung-Chul Lee et al. [1‐2] proposed a method of directly calculating the volume 

between the contact points of the inner rotor and the outer rotor. However, it is difficult 

to reflect it in design because the calculating equations are very complex. Chul Kim et 

al. [3‐5] proposed a calculation method using the length from the rotational center to the 

contact point of the inner rotor and the outer rotor. However, it only introduced the 

concept of calculation and omitted the process of deducing the resulting formula. The 

final formula also contained a partial error. 

In this paper, we propose a simple way of calculating the motor volumetric 

displacement using the torque equilibrium and the energy conservation principle 

between the hydraulic energy input to the motor and the mechanical energy of the motor. 

A CAD software was utilized to verify the credibility of the proposed calculation. Since 

the contact points between the inner rotor and outer rotor must be deduced to calculate 

the volumetric displacement, the process of calculating the contact points is also 

introduced. 
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The scope of this paper is limited to the case of the inner rotor being in rotation and 

planetary revolution while the outer rotor is fixed. 

The scope of this paper is limited to the case of the inner rotor being in rotation or 

revolution while the outer rotor is fixed. 

 

2. Volumetric Displacement Theory 

 

2.1 Energy Conservation Principle 

 

The energy conservation between the mechanical output energy and hydraulic input 

energy conservation is considered under assumption of the high pressure of P and low 

pressure of 0 with 100% efficiency in an ideal case. A mechanical device is assumed to 

be used between inner rotor and the motor output shaft so that the output motion is pure 

rotation of the inner rotor. 

The rotation     of the motor shaft is represented by the following equation: 

 

                                                                                                                (1) 

 

Here,    means the load torque allocated to all motor axes,    is the volumetric fluid 

supply and,     is angular rotation of the motor shaft. 

 

2.2 Torque Equilibrium 

 

In equation (1), the torque     an be obtained as a function of the pressure, P, from the 

torque equilibrium equation of the free body diagram as shown in Fig. 1.    means the 

force applied to the contact point,    of the inner rotor from outer rotor,    means the 

force applied by the pressure, P. 

 

 

Fig.1 Free Body Diagram of acting force 
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Since the outer rotor is fixed and is in equilibrium with itself, no additional information 

can be obtained. In the free body diagram shown in Fig. 1, the inner rotor is in rotation 

or revolution and there is no support bearing. Only the load torque      hydrodynamic 

force,     and contact force applied to the axis exist. If the contact friction force, 

    between the inner and outer rotors is ignored, the contact force passes through the 

pitch point, P. 

 

                                                                                                                             (2) 

                                                                  
                                         (3) 

 

Here,     means the distance between    and    the two adjacent contract points while b 

is the thickness of the inner and outer rotors. 

Since all the forces    applied to the contacts points of the inner and outer rotors are 

directed toward the pitch point, there is no momentum to the pitch point. The moment 

equilibrium equation centered on the pitch point, P is given below. 

 

                                                          
 
                                                              (4) 

                                           
     

 
             

     

 
                  (5)  

 

Here,    means the torque generated by the hydrodynamic force,    while h represents 

the number of high pressure champers of high pressure, P. 

 

2.3 Motor Volume and Flow rate 

 

Substituting equation (5) in equations (4) and (1), the volume change    of the flux per 

rotation     can be obtained. 

 

                                    
     

 
             

     

 
        

 
         (6) 

 

Volumetric displacement      per rotation is obtained by the following equation: 

 

                            
     

 
             

     

 
       

 
   

  

 
          (7) 

 

Instantaneous flow Q(t) is obtained by the following equation:  

 

              
  

  
            

     

 
             

     

 
       

 
       (8) 
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Here,    is the rotational angular speed of the inner rotor, and the average flow Qavg is 

obtained by the following equation: 

 

                                                                    
    

  
                                                          (9) 

 

3. Contact Points of Inner and Outer Rotors 

 

In Fig 2, the outer rotor is fixed and has no motion. The inner rotor rotates on its own 

axis and revolves around the center of the outer rotor. That is, the inner rotor performs 

the rotational motion and planetary revolution motion simultaneously. The displacement 

of the inner rotor center point, O1 from the rotational movement to the instantaneous 

center of the pitch point matches the planetary displacement of the center point O1 to 

the outer rotor center, O2. 

 

 

Fig.2 Initial Status:    , Rotational Angle      

 

                                                                 (10) 

 

Here,    is the rotational angular displacement,    is the revolving angular displacement. 

   is the distance between the inner rotor center point and the pitch point while e is the 

eccentricity between O1 and O2. The following equation is formed between    and e.  

 

                                                              (11) 

 

Here, m means the number of lobes of the outer rotor. From equations (10) and (11), the 

following equation is formed between the rotational angular displacement    and the 

revolving angular displacement    . 

 

   
 

   
                                                           (12) 
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The coordinate    of the center of the circular part of the outer rotor is fixed and can be 

represented as below: 

 

                                                          
  

 
         

  

 
                                           (13) 

 

Here, k = 0, 1, 2, ...,m‐1, and       mean the unit vector of direction    axis direction and 

   axis direction in the fixed coordination system       .    means the distance 

between the fixed center point of the outer rotor, O2, and the center coordinate of the 

circular part,       .    represents the radius of the circular part of the outer rotor. The pitch 

point coordinate,    , is in planetary revolution and can be represented in the following 

equation: 

 

                                                                                                           (14) 

 

Here,    is in means the range,   
 

 
    

 

 
. 

 

 

Fig.3 Rotational Angle    and Revolving Angle  

           

 

The linear equation,     connecting the pitch point,        and the center coordinate of the 

circular part of the outer rotor is shown below: 

 

                             
     

  

 
         

     
   

 
        

                                           (15) 

 

The round equation    of outer rotor is shown below:   

 

                                     
   

 
 
 
          

   

 
     

                                  (16) 
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The crossing point of equations (15) and (16) becomes the contact point,   . 

 

4. Verification  

 

4.1 Calculation of the Volumetric Displacement Using the Volume between Contact Points 

 

The same number of contract points as the number of outer rotor lobes between the 

inner rotor and outer rotor are created, and the average volumetric displacement      per 

rotation can be obtained by the following equations using the volumetric change 

between the contact points. 

The following equations show the case of driving the outer rotor and inner rotor, 

respectively. 

 

                                                                                                           (17) 

                                                                      (18) 

 

Here,               mean the maximum volume and minimum volume, respectively, of 

the chamber created between the contact points of the outer and inner rotors.  

The following equation shows the case of driving the inner rotor rotation while the outer 

rotor is fixed: 

 

                                                                                                      (19) 

 

The chamber volume between two contact points can be quantified if the dimensions 

and contact points of the inner and outer points are provided by CAD data. The method 

of analytically calculating the volume of a gerotor motor is given in Chapter 2 and 

Chapter 3. The method can be verified using a CAD software. 

 

 
Fig. 4 Chamber Volume 
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5. Conclusion 

 

This paper presents an analytical method to calculate the volumetric displacement and 

flow rate of a gerotor motor using the energy conservation principle and torque 

equilibrium. The suggested method was verified through comparing it with a numetrical 

result which was obtained from a CAD technique. For the future, the process of 

verifying the feasibility of the proposed volumetric displacement calculation through 

the quantitative analysis and gerotor motor property experiment will be needed. 
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ABSTRACT

Axial piston pump is one of the positive displacement pumps. Each of its pistons
produces, in principle, a sinusoidal flow output when the pump is rotated at a constant
speed. The common output of several pistons also contains ripple which is considered
being the most common reason of acoustic noise in hydraulic systems. There are
different studies which suggest modifications in the hydraulic system. The objective of
this article is to study possibilities of reducing the flow ripple by adjusting the speed of
the pump by utilizing the fast torque control of the electric motor. This paper begins by
considering theoretically that the flow apparently has a relation with the torque acting
on the input shaft of the pump. The analysis starts by deriving the equation of the flow
of the pump as a function of the average torque and the number of pistons. The results
support the analysis and show that a proper control method of the electric drive reduces
the flow ripple in a hydraulic system; thereby open-loop control of the hydraulic system
is possible.

KEYWORDS: Flow ripple, acoustic noise, axial piston pump, hydraulics, drive,
permanent magnet synchronous motor drive

1. INTRODUCTION

Pulsation is typical for all positive displacement pumps [1]. These pumps can not
provide absolutely constant flow at constant speed. Small pulsations in the flow speed
are called flow ripple. The flow ripple and consequently also, pressure ripple, generated
by an axial piston pump are relatively large compared to the rest of positive-
displacement pumps as it can be seen in Figure 1. This figure shows the range of
positive displacement pump designs and their relative noise characteristics. When
operating at constant speed the axial piston pump is inevitably the noisiest of the pumps
which of course is a drawback of this energy efficient pump type.
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There are a few types of pulsations created in hydraulic systems. Kinematic pulsation or
so called air-borne noise (ABN) is a result of the volume flow pulsation created by the
geometrical characteristics of the pump. The simplest way to reduce the kinematic
pulsation is increasing the number of displacement chambers. In practice, 5 or 7 pistons
are usually used and it should be expensive to increase the amount of pistons further.

Kinetic pulsation, naturally, exists only in valve-controlled displacement devices.
Mechanical elements of valves can generate oscillation effects, and as a result, flow
pulsation. This kind of noise is called as structure-borne noise (SBN). Compression
pulsation is pulsation caused by the compression when enclosed fluid in the
displacement chamber switches between high and low pressure chambers. It is also
called as fluid-borne noise (FBN). In hydraulic piston machines compression pulsation
can be more important compared to kinematic pulsation.

Leakage pulsation is created by leakage flow in the pump from high to low pressure
side. Leakage pulsation begins to influence the total pressure pulsation when the system
pressure is increased; also fluid viscosity, temperature, and fluid compression affect
leakage pulsation. It is equally difficult to estimated leakage and compression pulsation.

The  theory  of  pressure  pulsation  is  relatively  complex.  Pressure  pulsation  depends  on
the type of hydrostatic machine, working pressure level and in general the pump design.
Generally, the ripple causes noise as it makes the hydraulic hoses and pipes vibrate at
the ripple frequency. Normally the hydraulic system constructions are filter-damped so
that no ripple in the actuator speed can be observed. But for some applications the most
important requirement is the pressure level and the volume flow.
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Figure 1. Range of positive displacement pump designs and relative noise
characteristics (Watton, 2007).

This paper describes a theoretical investigation of speed control mechanism aimed at
reducing and compensating system flow ripple and noise created by an axial piston
pump.

224



2. COMPENSATION OF FLOW RIPPLE IN AXIAL PISTON PUMP

2.1. Axial piston pump delivery flow ripple

Flow pulsation ∆q or flow ripple, is the difference between repetitive maxima and
minima  of  the  flow  as  a  function  of  time.  Pulsation  occurs  at  a  frequency  that  is
dependent on the filling and emptying of the pump displacement chambers. Volume
flow ripple changes the local pressure respectively, if the discharge cross section is
constant. Because of the almost incompressible fluid, the pressure pulsation will create
noise in the system as the hoses swell and shrink according to the pressure changes.
There are also other possible sources of noise for instance created by mechanical parts:
inaccurate toothing in gears [2], housing and bearing defect. There are also different
forms of pulsation: kinematic, kinetic, compression and leakage pulsation. The basic
frequency of the flow pulsation is the product of the number of gear teeth (for an
external gear pump) or the amount of pistons (for an axial piston pump) and the rotating
speed of the pump shaft.

The pressure pulsation similarly as the flow pulsation, is the difference between
maximum and minimum values of the pressure level. There is also a per unit variable p,
the pressure pulsation grade, which can be used for describing the level of the pressure
pulsation:

p = ps/ps , (2.1)

where ps is a pressure pulsation and ps is a static pressure level. The pressure pulsation,
however, in not directly related to the pump but the system which the pump is feeding.
This makes things complicated. The pump is working analogously to a current source;
the pressure in the hydraulic circuit is, similarly as the voltage in a current source fed
electric circuit, determined by the circuit impedance.

A piston pump with a single piston has a sinusoidal delivery curve as one input and one
output pulse during one complete rotation. Figure 2 shows the principal delivery pattern
of a piston pump with five pistons.

Pump rotation

90 º 180 º 270 º 360 º
0

Fl
ow

Figure 2. Piston pump delivery pattern with five pistons with shaft constant speed.
Positive values describe the displacement and the top curve the sum output of

the pump. Negative values describe the pump intake flow [3]
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With several pistons the delivery schedule of the pump does not remain as simple as it
is for a single piston. For instance, a piston pump that has an even number of pistons
produces a volume flow which has an even number of symmetrical half waves in one
revolution. If a pump has an odd number of pistons, the output curves are characterised
by an increasing amount of half waves and lower magnitude of pulsation [4]. Figure 3
shows that with increasing amount of pistons the flow ripple decreases. However, this
implies increasing price.
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Figure 3. Principal ripple magnitudes for axial piston pumps equipped with
different amounts of pistons. It is favourable to use odd numbers to reduce the

ripple.

2.2. Anti-noise methods

The first methods to reduce FBN were introduced over 30 years ago and were based on
high-frequency flow fluctuation by using a fast-response servo-valve and auxiliary
valve. During the following decades designers were concentrating to find a mechanical
solution for reducing the pulsation and noise. Harrison and Edge [5] introduced in their
paper a heavily damped check valve (HDVC) which was supposed to “prevent rapid
switching action, but retain the self-tuning characteristic necessary for a reduction in
flow ripple”. Of course there are other ways to reduce the ripple and the noise. Casoli in
his research offers a new optimized design of an external gear pump [6], Johasson
offered a change cross angle for reducing noise and vibration in piston pumps [7].
Active control method for FBN was proposed in the dissertation work by L. Wang [8].
Quite a popular and cheap method is to use a throttled hydraulic accumulator together
with flexible hoses as an “RC”-filter effective at the lowest practical pump speeds. An
elegant  but  expensive  way to  reduce  kinematic  pulsation  in  to  increase  the  number  of
displacement chambers and to use odd piston numbers as it  was shown above. Due to
this fact there are a lot of other techniques for flow ripples and noise reduction. We can
conclude that most of them are based on mechanical systems where multiple pistons and
a combination of servo-valves and hydraulic accumulators are used as filters. In
addition to the noise problem it was shown by Mehta [9] that the acting torque on the
input shaft of the hydraulic pump correlates with the noise. This torque ripple results
from discrete piston locations within the pump. It is a reason for created oscillating
torques on the shaft [10].
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An alternative way is using a digital motor-pump which is described by Linjama [11].
This digital pump consists of several reciprocating pistons connected to the same
mechanical axes, see Figure 4. Each piston has two active on-off valves. Depending on
the  state  of  the  valves  and  the  direction  of  the  movement  of  the  piston,  machine  can
work as a hydraulic motor or hydraulic pump. Important difference, according to the
author, between digital and traditional pump technologies is the possibility to program
the pumping process [11].

Figure 4. Hydraulic circuit diagram of a three-piston digital in-line pump-motor
with a camshaft pushing the pistons [11]

2.3. Compensation of pump flow ripple by motor speed

We  observe  the  pulsation  problem  from  the  electric  drive  control  point  of  view.
Basically, there are three flow control methods. Figure 5 illustrates the hydraulic
circuits of flow control possibilities in an electro-hydraulic forklift.
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Figure 5. Hydraulic circuits of flow control in a forklift.

Typical valve control is shown in Figure 5a. Valves are usually defined by the number
of connections and different operating positions they have. The hydraulic circuit in
Figure 5a contains: a) single-acting cylinder, b) proportional valve, c) pressure relief
valve, d) fixed displacement pump, e) oil tank, f) electric motor. Most of these valves
are used for sequential operation with fixed operating positions, but there are also so
called servo valves that have an infinite amount of operating positions and are adjusted
usually by an electric input signal. [12]

Second way for changing flow is using a variable-displacement pump (Figure 5 b). In
this pump, the piston stroke lengths can be changed. The delivery can also be changed
by changing the drive speed.  In Fig. 5b – Hydraulic circuit: a) single-acting cylinder, b)
proportional valve, c) pressure relief valve, d) variable- displacement pump, e) oil tank,
f) electric motor.

We suggest an alternative way which combines the advantages of the previously
mentioned methods from energy efficiency point of view. Figure 5c shows a hydraulic
circuit of the main lift function with energy regeneration from potential energy. The
experimental system consists of: a) single-acting cylinder, b) two-way normally closed
poppet valve, c) pressure relief valve, d) hydraulic pump-motor, e) oil tank, f)
permanent magnet synchronous motor-generator. This flow control method (Fig. 5c) is
based on utilization of an electric servo drive and can provide efficiently different flows
depending on needs. The hydraulic machine here operates in bidirectional flow control.
This structure allows controlling both lifting and lowering motions of the actuator.
Straight mechanical link and easy speed control give an opportunity to compensate
electrically the flow ripple created by the pump from the electric motor side.
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3. TEST SETUP

Based on the idea mentioned above in paragraph 2.3 an experimental setup was created.
The experimental setup with locations of different sensors is shown in Figure 6. The
axial piston pump is of the fixed displacement type. The PMSM servomotor is
mechanically directly connected to the hydraulic pump. Depending on the direction of
the fork’s movement chosen by the user, this combination works either as an electric
motor-hydraulic pump or as on electric generator-hydraulic motor combination. An
ACSM1- 04x4)x5)-046A-4 converter by ABB was used. The power source of the
ACSM1 in the current setup is the electric network and a brake resistor acts as the
“energy storage”. The ACSM1 has a resolver as the motor rotor position feedback.
When the motor is operating in the generator mode, the regenerated power is fed to the
converter DC link. If other drive modules are not taking enough active power from the
DC link at the same time, the braking energy is stored into the DC link capacitors and
the DC link voltage increases. The DC link voltage has a limit. Therefore, the
regenerated energy should be taken away from the system, if the energy capacity of the
common DC system is not sufficient. In the test, this was done simply by a brake
chopper and a resistor [13].

M/G

DC

a
b

c

g

i

l

h
DC Rbrake

UDC

  +

  -

IDC

UABCIABC

P2

P1

h

e

d

f
jk

mn

o

p

Figure 6. Electric and hydraulic circuit of the main lift function with energy
regeneration from potential energy. The experimental system consists of: a)
Single-acting cylinder, b) actuated encoder SGW/SGI, c) pressure sensor P2, d)
two-way normally closed poppet valve,  e) pressure sensor P1, f) pressure relief
valve, g) hydraulic pump/motor, h) oil tank, i) permanent magnet synchronous
motor/generator, j) Phase voltage probes, k) Phase current probes, l) frequency
converter and brake resistor Rbrake, m) DC-voltage probe, n) DC-current probe,
o) Connectional panel dSPACE and p) Computer and dSPACE.

In  the  experiments,  the  rotation  speed  of  the  PMSM  and  the  DC  voltage  in  the
intermediate circuit are measured. The electric machine torque was estimated by the
converter. The information required for calculating the hydraulic energy was taken from
two S-10 pressure sensors manufactured by WIKA. They were installed into a pipe
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straight after the pump and between the pump and the control valve. Yokogawa PZ4000
Power analysers were used for measuring the phase voltages and currents with a 1MS/s
resolution. The speed and height of the forks were measured by a wire-actuated encoder
SGW/SGI by SIKO. These signals were read with dSPACE.

4. SIMULATION MODEL

4.1. Simulation model of the axial-piston pump

All positive displacement pumps are designed to displace finite volumes of flow in
series  [3].  If  the  discharge  volume is  plotted  against  the  angular  position  of  vanes  the
flow of a single cylinder produces an essentially sinusoidal curve. Some authors call
this kind of flow periodic. [5] For our theoretical assumption we will use the sinusoidal
theory of pulsation. The volume of delivery by a single piston qn can be calculated using
the shaft position angle

= t. (4.1)

The flow created by piston n will be
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Vth is pump displacement per revolution and t is time. Equation (4.2) gives positive
values for the output and negative values describe the pump input. To get an output
flow of the pump the sum of positive volumes (qn > 0) of all n pistons in eq. (4.3) need
to be calculated.

If the speed control based flow ripple control should be possible the driving electric
motor and the pump common inertia Jtot should be small. Also the torque control of the
machine should be very fast.

For example the DTC technology offers very fast torque control. In the normal
operating range of such a drive the torque can be controlled from 0 to rated typically in
the range of 2 ms.

The piston frequency can be calculated as

2
Ωnf = (4.4)
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For example a five piston pump produces 5 strokes per revolution and e.g. at 600 rpm
the pump rotates 10 revolutions per second and the pump ripple frequency is 50 Hz (eq.
4.4). At 50 Hz frequency the period is 20 ms. In principle, there should be enough time
to accelerate and decelerate the pump at the lowest operational speeds of the pump.

For rotational motion, Newton's second law can be adapted to describe the relation
between torque and angular acceleration:

( )
t

JtT
d

d
tot

Ω
= , (4.5)

where Jtot = Jpump + Jmotor= 0.0033 kg/m2 is the system mass moment of inertia and d /dt
is angular acceleration. If the speed needs to be varied between 400 and 416 rpm during
7.5 ms the extra torque needed is 0.7 Nm.

4.2. Simulation model

This paragraph provides an introduction to the model for testing compensation of flow
ripple created by pump (Fig. 7). Modelling and simulations are based on the
mathematical presentations given above.

Figure 7. Simulation model

The reference signal for controlling the system is realised by a signal builder. The
“pumpmotor” block contains the equation which creates ideal ripples (Eqs. 4.1–4.3)
realised on C-language. The main input values to this block are actual speed, volumetric
displacement of pump and amount of pistons in pump. Actual speed is the output from
signal builder block “Motor signal”. The “Motor signal” block created oscillation to
opposite to pump flow ripples. It means that we try to make motor speed “oscillating” to
compensate the flow ripple created by the pump.

4.3. Simulation results

Figure  8  illustrates  simulation  results  of  calculated  reference  speed  signals  for  the
proposed compensation method for speeds 500, 1000, 1500 and 2000 rpm.
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Figure 8. Simulation results of calculated reference signals for speeds 500, 1000,
1500 and 2000 rpm.

This speed signal reference forces the motor speed to oscillate in synchronism with the
pump  pistons.  Such  an  operation  at  the  same  time  reduces  the  fluid  flow  oscillations
(shown in Fig.9). It means that e.g. at 500 rpm speed the motor drive needs to accelerate
from 500 rpm to 525 rpm (Fig. 8) during 0.006 sec to compensate the fluid flow dip.
For speed 1500 rpm, the reference signal should vary by 65 rpm during 0.002 seconds,
three times faster compared to 500 rpm compensation signal.
Figure 9 illustrates a simulation result of the proposed compensation method at a low
speed. The blue line is the original ideal flow delivery of the 5-piston axial piston pump;
the green line is the result after applying the speed oscillation technique in the motor
control.

Figure 9. Simulation results of flow for speed 40 rpm

Figure 9 shows that the flow ripple amplitude has become significantly smaller.
Table 1 illustrates measured PMSM phase currents and torques with different loads at
different speeds. According to Table 1, for lifting load 920 kg required 41 Nm with
speed 400 rpm. This is maximum load measured with the experimental test setup. The
CFM112M was chosen for the evaluation. The characteristics of the CFM112 M are: 31
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Nm nominal torque, 35 A nominal current, 108 Nm maximum torque, and 140 A
maximum current.
Table 1. Measured PMSM torques with different loads in lifting at different rotational

speeds [14].
Mass of load, [kg]

690 kg 920 kg

Speed, [rpm]

Torque,[Nm] Torque,[Nm]

400 35 41

1000 35.5 42

2000 37 43

The flow compensation extra ripple torques for different speeds are shown in Figure 10.
They were calculated by using equation (4.5), also the torque rise time during which
extra torque should be created is given.
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Figure 10. Calculated extra torque and torque rise time in seconds

The limit for compensation operation comes also from the torque capability of the
motor. According Fig. 10 at speed 2000 rpm 23 Nm extra torque should be required
compared to standard operation with this speed. Based on equation (4.5) and table 1 it
can be concluded that the motor which will be used in tests is capable to create the
required torque. The maximum speed for compensation is reached when the drive speed
can no further follow the speed reference desired. The final answer to the maximum
operating speed of the compensation system can only be found by tests.
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5. CONCLUSION

A mechanism has been designed to compensate axial piston pump flow ripple. This
arrangement has been evaluated through simulation studies. An existing model of
behaviour  of  an  axial  piston  pump has  been  modified  to  affect  the  reference  signal  of
the electric motor. As a result, the delivery of flow is smoother compared to original.
The probable range of speed was estimated to be from 20 to 1000 rpm. There, of course
remains the upper speed range unaffected as it is not possible to vary the speed so fast.
In this area the traditional filtering methods can easily be used to filter the flow ripple.
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