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Abstract
Digital hydraulics provide high fault tolerance, fast and exact control, and
energy efficiency. The biggest problems with digital electrohydraulics are the
size of the valve package and the lack of suitable, direct-operated on/off seat
valves.
To improve the performance of digital electrohydraulics, the size of the current commercial solenoid valves should be reduced by half. In addition,
the response time should be reduced and the operating frequency increased.
These requirements constitute the goals of this thesis.
In this thesis project, two types of valves and a valve package using bistable
magnetic actuators were designed, analysed, built and measured. The thesis
demonstrates that the objectives were achieved and competitive designs were
found by applying new bistable valve geometries, multiphysics modelling, and
careful elaboration of designs.
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Foreword

A long story made short
I started studying at Tampere University of Technology (TUT) in autumn
2000 at the Department of Electrical Engineering on the MSc program in
Applied Physics. For about two years, I studied quite conscientiously but
had no clear goal in my studies.
In summer 2002, while working at KONE, I discovered a new and interesting
study program in Electrophysics. At first, I wanted to make it my minor, but
the Institute of Electromagnetics (EM) made a great impact on me during
the academic year 2002-2003, when I took my first advanced courses there.
At EM, the lectures in particular were of a high standard. Before Christmas
the same year, I applied for a summer job at EM and got one, Prof. Lauri
Kettunen kindly securing me a place well in advance.
Since that first summer job at EM, I aimed to major in electromagnetics.
The academic year 2003-2004 I spent with my fiance Minna studying at
Université Libre de Bruxelles, Belgium.
In spring 2005, I was finishing my MSc courses and applied to do an MSc
thesis. Lauri offered me a place in a new co-operation project between EM
and the Institute of Hydraulics and Automation (IHA). The project was to
develop a new on/off valve for digital hydraulics.
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The project was ideal for me because I felt I had just the education for it.
I finished the thesis in January 2006 and started working on a PhD on the
same subject. Now the goal was to develop a valve package. At first, the
project seemed somewhat mysterious, but I was full of ideas and excited.
In 2007-2008, I published the first results of my research, and in January
2009 began writing this PhD thesis. At the same time, the last prototype
(valve package) was being constructed, and it was measured during autumn
2009-winter 2010. After that, in May 2010, I finished writing this thesis and
sent it to the pre-examiners.
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Something about my work in this thesis
To a man with a hammer, everything looks like a nail. – Mark Twain
When I first began to explore new valves, I guess I was lucky. As Matti
Linjama once told me, ”The best people to invent something new in hydraulics are those who know nothing about it.” Well, since I had studied
math, physics, and electromagnetics but knew almost nothing about hydraulic components, I perfectly fit into this category.
With enough money, man could even reach the moon. – Popular saying
Over the last few centuries, research on electrically operated valves has been
boosted by three events. First after the invention of the solenoid, then during
the NASA space programs, and lastly during the last two decades of the
digital revolution. It seems that propelled by their new requirements and
good funding, NASA and its associates got into the thick of valve research,
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and many of my ”new” ideas I already found in old NASA books during my
research for this thesis. It would indeed have been interesting to work with
NASA a few decades ago. The following, however, is how I came up with the
ideas for the thesis.

Narrow thinking limits possibilities, broad-mindedness
expands them
One of the basic ideas in digital hydraulics is to replace analog valves with
several paralel connected smaller and faster on/off valves. Thus, we need fast
and small valves.
When desinging new valves, we often think of the limiting factors: heat
production, a big mass of moving parts, induced screening currents, and
(big) inductance in general. All these derive from some physical phenomena.
What is forgotten is that the phenomena are not good or bad; they just are,
and how we ”use them” is up to us. That is, it depends (also) on the gadget
we build how strong and where we perceive the physical phenomena in our
gadget. We cannot, of course, create new physics, perhaps only discover it,
but we can within limits influence the strengths of the interactions explained
with the phenomena.

Broad-minded thinking?
Let’s take some examples. How can high temperature help us design fast,
small, and low-power hydraulic valves? The heat generated in the coils and
can be used, for example, in faster anchor movement, as the viscosity of the
oil and thus the viscous friction of the anchor drop as temperature increases.
This may not be a very good example because the response time is reduced
only minimally, but it’s a start.
Then how can screening currents and inductance be of any help to us? Normally, screening currents and inductance are the main cause why an applied
step voltage over an actuator is not instantly seen as a force exerted on the
anchor. The current rises and the magnetization diffuses slowly, slowly generating force. However, it turns out that the screening currents and (big)
inductance can be used to benefit us in the same way as at they work against
vii

us in the beginning of a voltage pulse. That is, for example, when the voltage
is cut off and a force is still needed, screening currents and inductance help
maintain the force. Furthermore, we could make a railgun valve, which uses
induced currents in a very different way.
The above, previously ”new” ways of using and viewing the laws of physics
don’t yet create any dramatic results. However, the next idea does. A high
mass of moving parts is the one feature in which it is hard to see anything
good. When a force is exerted on an object, the acceleration depends on
the mass, and the mass never seems too small. This is sometimes called the
slowness of a mass; it accelerates slowly.
How can the slowness of a mass be used to our advantage? The next very
simple idea popped in my mind a few years ago (during my master’s thesis,
I think) when I was watching television. The idea is first to accelerate a
(bigger) part of the anchor to a high speed and then let it collide via hydraulic
oil with a smaller part. With certain geometries, this causes a very high
transient force, which can then be used with certain hydraulic seat parts
(where the needed opening force drops fast) to form an effective, small valve.
What do we call this gadget? Well, it’s a hammer, a 2 000 000-year-old
invention in a new place.
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Chapter 1
Introduction
The introduction provides first the background and motivation for this work,
then the aim of the work, its technical challenges, and the author’s approach
to reaching the aim, and, finally, the outline and contributions of the work.

1.1

The background and motivation to this
work

Hydraulics are widely used in applications that call for high power and force
transmission. The requirements of hydraulic systems are fast, exact, and low
power control with simple, inexpensive, and fault-tolerant components.
Many hydraulic systems exploit servo valves to control flow. Servo valves are
fast and exact but also often prone to faults, mainly due to their sensitivity
to impurities in the oil. In addition, servo valves are complex and expensive
components.
Digital hydraulics include digital valves, pumps, transformers, and cylinders. Digital valves again cover on/off controlled valves, switching controlled
valves, and parallel on/off controlled valves (valve packages). This thesis
concentrates on on/off valves and valve packages.
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Potentially, digital hydraulics can fulfill many hydraulic system requirements.
Compared to traditional load sensing hydraulic systems, digital hydraulics
can make hydraulic systems more reliable and energy efficient [1], e.g., by
increasing aircraft safety and decreasing the power consumption of hydraulic
mobile machines such as harvesters. In theory, by intelligent digital hydraulic
control, a harvester can unload a truck full of logs with zero net power consumption (the motor can be turned off).
A key idea and an important feature in digital hydraulics is to replace servo
valves with digital flow control units (DFCUs) consisting of a valve package
with many simple parallel-connected on/off valves and intelligent control.
The hydro-mechanical actions of traditional valves, such as pressure compensation and load metering, are then implemented by control software. The
benefits of this technique are simple implementation of energy saving differential connections1 , fast state switching, and leakless valves [2]. In addition,
digital hydraulic control is expected to maintain or increase positioning accuracy and speed in hydraulic systems over traditional, cheap proportional
valves. In [3], a digital hydraulic (valve) system even exceeded the performance of an expensive servo valve.
A digital hydraulic (valve) system is less sensitive to faults because its simple on/off valves are robust and reliable, and because broken valves can be
replaced in valve packages in two ways:
1. When the hydraulic system is in operation, a defect in one valve can
be compensated by using the other valves. If a valve is jammed in
a closed position, compensating is rather easy. If the defective valve
has jammed in an opened position, some flow may have to be directed
into the tank, which results in loss of energy yet keeps the system
operational. In both cases, maximum performance is slightly reduced.
2. During service breaks, defective valves can be easily replaced.
The above means that a defect in one or two valves does not impede the
operation of the digital valve package but shows only as a slight drop in
performance. Some systems can resume operation at low performance even
if as many as half the valves or more are affected. This means that digital
1

Similar benefits can be gained with analog valves. The benefit of digital valves is
simple implementation.
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hydraulic control is likely to produce few critical failures. More on compensating the effect of defected valves can be studied from for example [4] and
[5].
The principles of digital hydraulics are old, but developments in computing
capacity have enabled practical implementations of digital hydraulic systems.
Previously, research on digital hydraulics emphasized the control, fault diagnostics, and pressure peaks of digital hydraulic systems. A few studies have
also been published on improving the characteristics of commercial solenoid
valves [6], [7].
A single on/off valve is a critical part in digital hydraulics since the valves’
response times, repeatability, reliability, leakage levels, and operating frequencies significantly affect the fidelity, controllability, and reliability of the
whole digital hydraulic control system. The requirements on these valves are
thus repeatable fast response time, small size, low leakage, high operating
frequency2 , and simple and reliable construction.
Today, the most common valves in digital hydraulics are commercial directoperated on/off solenoid seat valves. These commercial valves do not meet
the requirements for digital hydraulics. For example, current digital hydraulic valve packages are bigger than the corresponding analog valves. To
make digital hydraulic valve packages competitive in size, existing commercial
solenoid valve packages should be reduced in volume by half [8]. Other characteristics should also be improved. The strict flow and leakage requirements
for digital hydraulics exceeds those of valves deloped and used currently in
medical applications, fuel injectors, and ink-jet printers.
Whereas the existing digital valve package prototypes are priced high, simple on/off valves should cost significantly less when mass-produced. Furthermore, the number of different valve types used in any application can be
reduced to a few, or even only one. For these reasons, maintaining hydraulic
systems is expected to cost significantly less because of digital hydraulic control.

2

High operating frequency of valves is usually needed only transiently with parallel
connected valves in a digital hydraulic control system.
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According to [9] digital hydraulics have the following advantages:
1. the hydraulic hardware can be harmonized,
2. systems are reliable and fault-tolerant.
3. systems are programmable,
4. systems are energy efficient, and
5. systems are fast and exact to control.
According to [9] and [10], digital hydraulics faces the following challenges:
1. size of valve package,
2. need of fast on/off valves at high operating frequencies,
3. price,
4. complex control codes.

1.2

The goal of this research

This research sought to develop a directly operated on/off seat valve package,
which would satisfy the requirements of digital hydraulics. That is, the package should meet the first challenge in the preceding list, and existing valves
should be reduced in size by half. Other characteristics of existing commercial on/off valves-mainly response time and operating frequency-should also
be improved. Whereas this research focused mainly on reaching the previous goals, some attention was paid to the reliability and price of the valves.
Though control code development was also touched upon in this work, it fell
mostly beyond its scope.

The technical challenges in reaching the goal
The problem in designing a small valve is to provide a high flow rate, low response time, and high operating frequency simultaneously. Figure 1.1 shows

1.2 The goal of this research
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the main conflicts in achieving these design goals. The chart is for a traditional direct-operated solenoid seat valve and considers no changes in geometries except scaling the size.
Pressure difference and voltage are, of course, often not counted among the
design parameters but are mostly constants to a chosen system. Figure 1.1
shows also the effect of these system constants, if their values are changed.
Note though that the chart is somewhat complex even though the only design
parameters are the scaling of two types of components.
In earlier valve designs, optimizing the geometry of the actuator part with
static field calculations and a suitable optimization method has traditionally
been the menas to find satisfactory solutions. However, it is hard to optimize
the whole valve, or, on the other hand, a valve package, at least if dynamic
solutions are needed.

The hypotheses in reaching the goal
The following methods were assumed to improve the characteristics of directoperated (solenoid) seat valves.

1. A smaller volume and faster response time are gained for a single on/off
valve by implementing bistability in both hydraulic and actuator parts
and by designing and integrating the parts. This way, their characteristics support each other.
2. The volume and response time of a single valve are further reduced by
adding so-called hammer actuation.
3. Maximal performance can be achieved in the designed valve package
by multiphysics modeling.

6
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Figure 1.1: Chart of the conflicts in achieving the design goals for directoperated solenoid seat valves.
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Testing the hypotheses
The valves were developed by first introducing new valve structures in the
following steps:
1. A small and fast bistable actuator was introduced, integrated to an
existing bistable hydraulic part to make a single bistable valve, which
was then subjected to a dynamic analysis of its behaviour.
2. The volume and response time of a single valve were further reduced
by introducing a bistable hammer actuator construction, integrated
to a similar hydraulic part as above. The resulting valve was called
a hammer valve, and multiphysics modeling was used to predict its
behavior.
3. A digital hydraulic valve package with several hammer valves was introduced, and multiphysics modeling was used to analyse the package.
In each step, a prototype was designed, analyzed, built, and measured. The
multiphysics modeling consisted of electromagnetic, thermal, mechanic, and
fluid mechanic models with certain approximations and simplifications. Additional electronics, for example cooling or boosting, were excluded from this
study.

1.3

Outline

Chapters 2 and 3 provide the necessary technical and physical background.
Chapter 2 introduces the basic concepts of on/off valves, digital hydraulics,
and the hydraulic part used and discusses why electromagnetic actuators
were selected as valve actuators in this thesis. In chapter 3, the topics are
divided into electromagnetic, fluid mechanic, and thermodynamic phenomena and related multiphysics problems and simplified models to solve them
are discussed.
Chapters 4, 5 and 6 introduce the two designed valves and the designed
valve package. In each chapter, a prototype is designed, analyzed, built, and
measured. Durability and prices of the designed valves are briefly discussed.
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Chapter 4 introduces a novel single bistable valve, compares it to a solenoid
valve, and analyses dynamically the behavior of the bistable actuator of the
valve. Chapter 4 is based on publications [11] and [12]. The results are based
on [12].
Chapter 5 introduces a novel hammer valve. The hammer valve is a further development of the bistable valve with reduced volume and response
time. The behavior of the valve was modelled multiphysically with dynamic
electromagnetic models. Chapter 5 is based on publication [13].
Chapter 6 presents a novel digital hydraulic valve package using several hammer valves. Multiphysics modeling was used to model the behavior of the
valve package. Its performance was compared to the best in-market analog valves and existing digital hydraulic valve packages. Chapter 6 is based
on publication [14]. Chapter 7 covers conclusions, discussion, and future
prospects.

1.4

Contributions

The following are the author’s contributions and those of the most important
codesigners of the valves.

Author’s contributions
MSc Jukka-Pekka Uusitalo, Tampere University of Technology (TUT), Department of Electronics, Electromagnetics (EM) – later: the author – has
carried out all of the presented analyses concerning the valves and all of the
writing of this thesis. The background analyses of the valves not done by the
author and not presented here, are listed below.

Guidance
Prof. Lauri Kettunen, TUT/EM, LicEng Lasse Söderlund, TUT/EM, PhD
Timo Tarhasaari, TUT/EM and PhD Matti Linjama, TUT/Department of

1.4 Contributions

9

Intelligent Hydraulics and Automation (IHA) helped the author in the writing process and guided the research.

Design of the geometries of the developed valves
The first idea for the bistable integrated valves introduced here was developed
in 2005 by the author and MSc Timo Lauttamus, who worked at TUT/IHA.
The first geometry of a fully bistable direct-operated seat valve was reported
in [15] and is shown in figure 8.1 in the appendix. The valve was published
in [11] and then later in [12] with only slight modifications to the original
geometry.
At the time of the first invention, Timo was doing his MSc thesis on the
bistable hydraulic part and the author his on the bistable actuator, and
simultaneously the designs were integrated to make a whole valve. The hydraulic part, first published in Timo’s MSc thesis [16] and then in [17], is
described in detail in section 2.4.
The hammer actuator introduced in chapter 5, its integration with the hydraulic part, and the geometry of the valve package introduced in chapter
6 were designed in co-operation between the author and MSc Ville Ahola,
TUT/IHA.

Mechanical strength analysis
MSc Timo Lauttamus and MSc Ville Ahola contributed to the mechanical
strength analysis of the valve parts. Mechanical strength calculations are
excluded from this work.

Valve Control
MSc Timo Lauttamus, Tamlink, MSc Ville Ahola, and LicEng Lasse Söderlund contributed to the design of the electronic control devices and the valve
control code. These are not presented in detail in this work.
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Hydraulic measurements
MSc Timo Lauttamus and MSc Ville Ahola contributed to the hydraulic
measurements made at the laboratory of TUT/IHA.

Hydraulic models
MSc Timo Lauttamus contributed to the calculation of the viscous friction
force approximation used in chapter 4 (section 4.3). These calculations are
excluded from this work.

Chapter 2
Technical background
This chapter provides a detailed technical background for this work. First,
a short history of on/off valves is given, and then various on/off valve types,
some basic concepts of digital hydraulics, and a certain hydraulic part used
in the valves in this thesis are described. The chapter ends with a discussion
of why electromagnetic actuators are used as valve actuators in this thesis.

2.1

Short history of on/off valves

Early stages
Valves are almost as old as wheels. Evidence of wood-plug valves in bamboo
pipelines dating back more than 4000 years have been found in China [18].
For a long time, valves were manually/mechanically operated and slow. A
big step towards smaller and faster valves was taken, when an electromagnet
was invented by Ampère in the 1820s and then soon applied to hydraulic
valves.
Valves were widely patented already before 1800. Then in the late 19th century, the first patents were obtained for electrically operated valves [19],[20].
One of the first direct-operated (or directly driven) solenoid valves appeared
in 1907 [21], and by 1920 solenoid valves were already widely commercial-
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ized [22]. The first bistable solenoid and bistable solenoid valve patents were
obtained in the 1960s. Some examples are given in [23], [24] and [25].

Big boom
In the 1950s and 1960s, NASA space programs boosted valve research. They
had many new (environmental) requirements for valves: low or high temperature, radiation, zero or high g-force, and vacuum or high pressure. They
also needed, for example, fast and well sealed valves (for ideas by NASA and
their partners, see [18]; two of them are later discussed in this thesis).
For decades now, not a day (in a city) has passed without us seeing or
using valves. Today, we use daily, for example, taps, coffee machines, inkjet printers, modern injection systems of combustion engines, and medical
applications. In industry, for example, trucks, tractors, raisers, airplanes,
wind power plants, and industrial robots embody hydraulics with thousands
of valve variants. Some are on/off valves, while others are proportional and
servo valves.

Recent development in direct-operated on/off valves
After the boom in space exploration, the development of (on/off) valves
slowed down, but has again recovered due to new digital techniques and
increases in computing capacity. Digital hydraulics requires fast and small
direct-operated seat valves, and several schemes have been made to produce
fast direct-operated solenoid seat valves. A popular way is to boost the
operating voltage with an electronic boosting circuit (examples shown in [6],
[26] and [7]). Another way to improve the performance of solenoid valves is
geometry optimization (examples in [7] and [27]).
In this work, a bistable construction was chosen to implement a single directoperated on/off seat valve. Earlier bistable actuator or valve solutions are
shown, for example, in [18] (pages 145 – 146), [28] and [29].
The actuators and hydraulic parts in direct-operated valves have been studied
widely but often separately. One of the few valves where these have been
studied together and integrated is the spool valve, introduced by Sturman
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industries in [30]. Furthermore, a valve with a hydraulic part integrated to
an electromagnetic actuator and control electronics is shown in [31]. Both
valves include boosting.
[11], [12] and [13] are the author’s publications on direct-operated seat valves
with hydraulic and actuator parts integrated and studied together. The
papers are widely consulted in this work, as explained later. The author has
also published a paper on a direct-operated spool valve [32].
Digital valve packages have been used in the car industry and pneumatics, but
their requirements differ widely from those in hydraulics. Earlier, valve packages in digital hydraulics were implemented with commercial valves (some
examples in [8] and later in chapter 6).

2.2

Different on/off valves

Valves can be categorized into two groups: on/off valves and other valves.
An on/off valve has two controllable positions: flow path fully open (on) and
flow path fully closed (off). Other valves have more than two controllable
states. For example, an analog valve has theoretically an infinite number of
controllable states, but the position of its hydraulic armature may be difficult
to control in a fast and precise manner.
In general, valves can also be divided into electrically or manually switched
valves. In electrically driven valves, one can often distinguish an actuating
part and a hydraulic part. In this work, valve is used (henceforth) only for
the combination of the two.
The hydraulic parts can be further divided into seat parts (figure 2.1) and
spool parts (figure 2.2). A seat part and thus a seat valve can be made fully
sealed, whereas a spool valve always leaks, at least slightly.
The valves in figures 2.1 and 2.2 are direct-operated valves. A direct-operated
valve has a predefined maximum response time, which in most cases depends
strongly on the maximum pressure difference that can be applied, whereas
the response times of a pilot-operated (or piloted) valve can vary considerably
in a less predefined way.
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Figure 2.1: Cross sectional view of an on/off solenoid seat valve. Parts: 1.
Coil, solenoid, 2. Magnetic circuit, iron yoke, 3. Anchor, plunger, armature, 4. Returning spring, 5. Hydraulic armature, poppet, 6. Seat, 7.
Pressure vessel. Parts 1, 2, 3, and 4 are actuator parts and parts 5 and 6
hydraulic parts. The terms in bold face are used in this thesis.
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P
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Figure 2.2: Cross sectional view of a 4/3 way spool valve. 4/3 means that
the valve has 4 input/output ports and 3 stable positions. In practice, both
pressure P and tank T can connect to both A or B flowpaths. Parts: 1 and
2 are actuators, traditionally solenoids with returning (centering) springs, 3.
Spool, 4. Valve hull. This valve is often called an on/off valve, though it
comprises rather two on/off valves with a shared spool.

A pilot-operated valve consists of pilot valves, a hydraulic actuating system,
and the main flow path (figure 2.3). A piloted valve makes use of the hy-
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draulic pressure (difference) to open and is thus efficient, but its response
time depends less predictably on the pressure difference. That is, in case of a
low pressure difference, the hydraulic armatures may change position slowly.
However, if extra pilot pressures are provided, the situation is altered.
6
1

Pin

3

2

5

Pout

4

Figure 2.3: Cross sectional view of a piloted spool valve. Parts: 1., 2., 3. and
4. pilot valve, 5. Spool, 6. Hydraulic actuating system. This valve can be an
on/off valve or not depending on the piloting.

In hydraulics and electromagnetics, an electrically driven solenoid valve can
be named in various ways. Figure 2.1 shows different parts of a directoperated on/off seat valve with alternative names. In this work, anchor is
used for the electromagnetic anchor (plunger) and armature for the hydraulic
one. The anchor has also other names depending on the application, as
explained later. All the valves in this thesis are on/off valves except the
valve package, which consists of many on/off valves.

2.3

Basic concepts of valve packages

As mentioned above, digital hydraulics and especially digital hydraulic valve
packages are about the use of parallel hydraulic components – in this thesis
mainly on/off valves – to control flow. This applies at least to volumeflow-controlled (throttle-controlled) hydraulics, which is the main focus of
this thesis. In force-controlled hydraulics with digital cylinders ([1], [33])
controlled are rather pressures1 , effective surface areas, and resulting forces.
Nevertheless, a valve package with a large number of small and fast valves
benefits the hydraulic system in both cases.
1

This means choosing a pressure normally from 2-4 different constant pressures.
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A hydraulic valve package with parallel-connected valves is often called a
digital flow control unit (DFCU). In this thesis, the physical part of a DFCU
is referred to as the digital hydraulic valve package (or in short, valve package). A DFCU also includes, for example, the necessary control code and
electronics. The number of valves and their relative flow capacities define
the number of possible discrete states and resolution of a DFCU2 (a simple
DFCU in figure 2.4).
Output flow/pressure

1

2

3

4

5

Input flow/pressure

Figure 2.4: Digital flow control unit (DFCU) of 5 parallel directional on/off
valves. All valves are closed.

The relative flow capacities of different valves in a DFCU can be arranged in
several ways, for example, by binary coding, Fibonacci coding, pulse number
modulation (PNM), by their combinations and other ways [34].
The relative
sizes of valves in a binary coded DFCU are 1, 2, 4, 8, 16, . . . ,

(n−1)
2
. In this case, the number of possible discrete flow states is the highest
with the lowest number of valves3 . The resolution is also high, which means
that the smallest possible change in flow is relatively small. Other characteristics include the existence of pressure peaks (valves are opened and closed
simultaneously, but not synchronously), the lack of replacing valves of certain
size in case of a failure, and the overloading of the smallest valve.4
2

Resolution defines the smallest possible change in flow. In analogy to, for example,
computer displays, a higher number of resolution means a smaller possible step in flow.
3
The number of possible states 2N depends always on the number of valves N . However,
different states can produce the same opening (flow state) depending on the relative sizes
of the valves. In a binary coded DFCU the number of possible states and the number of
possible flow states match.
4
The smallest valve is easily overloaded if high resolution is applied continuously. That
is, if the flow is frequently controlled with the smallest possible steps, the smallest valve
wears out fast.
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In the Fibonacci coding, the relative sizes of different valves are sums of two
earlier sizes (1, 1, 2, 3, 5, 8, . . . ,(n − 1) + (n − 2)). In this case, all flow states
can be produced with at least two opening combinations, which boosts fault
tolerance. The downside of the Fibonacci coding is that either the resolution
and maximum flow are decreased, or the number of valves is increased.
In a PNM-coded DCFU, all the valves are of the same size (1, 1, 1, 1, 1, . . . , 1).
The resolution of this coding depends on the size of a single valve, which
should be small enough. That is, the number of valves must be high to have
a large enough number of possible flow states. The result, however, is that
the number of replacing valves in a failure is the highest and the number of
needed valve types the lowest. Furthermore, the risk increases of the valve
package becoming too large.
PNM-coded DFCUs are simple to program, and they have the most opening
combinations for certain flow rates. They exhibit no pressure peaks, because
the valves are only opened or closed (not both at the same time) when flow is
changed. The programming method of the PNM-coded DFCU was chosen for
valve package design in this work, because its biggest challenges lie exactly
in that design.
More on the properties of digital hydraulics is given, for example, in [35],
[10] and [9], on a DFCU in [36], on different coding schemes in [37] and [34],
and especially on PNM coding in [8]. Some industrial valves and recently
developed direct-operated on/off valves are introduced, for example, in [9].
Hydraulics has also another digital control technique, the switching technique, whereby a single on/off valve is used to control flow. The pulse width
modulation (PWM) of spent times in opened and closed positions then defines the effective flow rate through the exploited on/off valve (ways to control
flow and some piloted on/off valves developed for the switching technique are
given, for example, in [38] (control) and [39] (valves)).
As mentioned above, the valve package designed during this research embodies parallel direct-operated on/off valves and thus forms a DFCU. Because of
their low leakage levels and relatively well predicted response times, directoperated seat valves were designed for the DFCU. For this reason, the spool
valves mentioned in the introduction (the spool valve by Sturman Industries
in [30] and that in [31]) cannot be compared with the valves in this work,
though their hydraulic, actuator, and electronic control parts were designed
and integrated simultaneously.
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2.4

The hydraulic part

The hydraulic part used in this work [17], designed by MSc Timo Lauttamus
(see section 1.4), is a seat part with pressure compensation when opened.
The idea is to lead a pressure level between the input and output pressures
to the top of the armature to compensate for hydraulic forces. This ”middle
pressure” above the armature is gained by using several restrictions in the
seat, by drilling holes into the armature (figure 8.1), and by channelling the
pressure before the last restriction (the only sealing restriction in the closed
position) to the top.
The opening forces between the designed and traditional hydraulic part are
compared and shown in figure 2.5. The designed hydraulic part requires
an opening distance of 0.6 mm and a force of 48 N at 210 bars. The flow
capacity of the hydraulic part is discussed first in chapter 4 and then with
minor changes (due to a changed geometry around the hydraulic part) again
in chapters 5 and 6.
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Figure 2.5: Pressure forces of a typical seat valve (typical opening forces)
compared with a seat valve with several restrictions (reduced opening forces).
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Why electromagnetic actuators?

The main reason for using electrically operated actuators is their relatively
low switching time and excellent repeatability in microcontroller-assisted
switching. Among all types of electrically operated actuators, electromagnetic actuators were chosen for this thesis as valve actuators for direct operated valves. This section seeks to elaborate on why. The hydraulic part
chosen for the valves in this thesis is here an example to theoretically compare
different types of actuators.
As explained above, the hydraulic part is a seat type and requires a force of
48 N at 210 bars and an opening distance of 0.6 mm. Digital hydraulics, on
the other hand, requires the actuator to be direct-operated and as fast and
small as possible with good repeatability.
According to, for example, [40], piezo electric actuators require a high electric
field and produce high forces, but they come with small displacements. An
18 mm × 10 mm × 10 mm (l × w × d) piezo element can produce enough
force for the chosen hydraulic part but gain only a 15 µm displacement. Its
maximum displacement grows linearly with the length of the actuator, but
it seemed insufficient for our needs.
Magnetostrictive actuators have properties similar to piezo actuators. According to, for example, [41], magnetostrictive actuators produce high forces
and high frequencies but again only short strokes. In [41], the magnetostrictive material was φ 14 mm × 38.6 mm and produced about a 200 N force
and a 35 µm stroke at 200 Hz frequency. The magnetostrictive actuator is
larger, because also the material needs a magnetic circuit around it. Piezo
and magnetostrictive actuators are common in applications with relatively
low flow rates, such as fuel injection and pilot valves.
Magnetic shape memory (MSM) actuators can potentially serve as valve
actuators. They produce high forces and operate at high frequencies. The
longest measured strokes are 10 % of the length of the material [42]. One
challenge with MSM actuators is their low temperature tolerance of 70 ◦C.
In addition, MSM actuators are monostable, and their material production
is still in its infancy.
Electric motors can be divided into axial motors and linear motors. According to [43], linear motors produce too low forces with the typical tangential
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surface force density at 0.02 N/mm2 . Such motor would have to have an air
gap of 20 mm × 90 mm to fulfill the requirements of the hydraulic part used
in this thesis.
Axial motors produce high torques. However, using torque is more complicated than using linear motion. Torque could be easily used with hydraulic
parts such as that in [18] (page 150) and figure 2.6. This valve actuation has
the downside of producing high frictions, but the method and use of axial
motors in general were not fully explored in this work. However, electric motors are relatively complicated for mass production, at least when compared
to other solutions.

Figure 2.6: Rotating seat valve from [18], page 150.

For a brief comparison, the bistable actuator in chapter 4, is φ 31 mm × 28.2
mm (including magnetic circuit and the whole valve), and it produces the
required 0.6 mm stroke, over 48 N of force and withstands 80 ◦C. The maximum operating frequency is 100 Hz and the continuous operating frequency
25 Hz or less. According to [44], magnetic actuators can produce pressures
typically below 20 bar. The actuator in chapter 4 has an anchor diameter
of 14 mm, and it can thus produce 48 N force at 3.1 bar normal pressure on
steel.
A further actuator development introduced in this thesis, well exceeds the
performance of the bistable actuator in chapter 4, mainly because it makes
better use of the integration between the actuator and the hydraulic part.
This actuator is called hammer actuator, and it is described in chapter 5.
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In conclusion, solutions other than electromagnetic actuators seem to lack
mechanical or thermal durability or are too big or complicated for the mass
production of digital valve packages.

Chapter 3
Physical background and
models
This chapter briefly introduces the most important physical phenomena and
models related to the modeling of the valves in this thesis. The topics are
divided into electromagnetism, fluid mechanics, and thermodynamics. Of
these three, electromagnetic theory is given in most detail because of its
importance in the analysis of the valves in later chapters. Furthermore, this
chapter demonstrates that some phenomena exert only a minimal effect on
the valves. However, the engineering decisions made to model the valves are
mostly discussed in chapters 4, 5, and 6.
The chapter ends with an elaboration of the full multiphysical problem to
model a valve package and introduces the approximations and simplifications
used here to numerically solve the multiphysical problem.

3.1

Electromagnetism

The electromagnetic analysis applied in this thesis is magneto-quasi-static
(later quasi-static); that is, strong dynamic effects – eddy-currents – take
place, but the electromagnetic wave phenomenon is ignored.

24

Physical background and models

Basic relations
Electromagnetic phenomena can be fully described with Maxwell equations
and constitutive equations. The Maxwell equations are presented in terms of
differential equations in table 3.1 [45].
Table 3.1: Maxwell equations presented in terms of differential equations.
Quasi-static and wave forms of Maxwell equations differ only in Ampère’s
law. In the quasi-static case, the last term (the displacement current term)
in the brackets is omitted. ρ is the charge density. In Cartesian coordinates,
”curl” can be replaced with ”∇×” and ”div” with ”∇·.”

Equation

Name of the equation

curl E = − dB
dt

Faraday’s law

curl H = J + dD
dt



Ampère law

div D = ρ

Gauss law for electric fields

div B = 0

Gauss law for magnetic fields

Faraday’s law of induction, the first equation in table 3.1, is the only timedependent term of Maxwell equations in quasi-static analysis. It is thus very
important in dynamic analysis of electromagnetic actuators.
Ampère’s law describes (in a quasi-static case again) how the current density
generates a magnetic field. The chosen quasistatic analysis – and the dropping of the last term in Ampère’s law – means that the energy stored in the
electric field is not solved.
Gauss’ laws express the sources of electromagnetic fields. The source of an
electric field is a charge, and a magnetic field has no source.
The three constitutive equations link the strengths of electromagnetic fields
to corresponding flux densities with the help of the parameters of the medium.
The constitutive equations are shown in table 3.2 [45]. In the quasi-static
analysis in this thesis, the second constitutive equation (D = ǫE) is not
needed since the electric field is not solved.
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Table 3.2: Constitutive equations. E is the electric field strength, D is the
electric flux density, H is the magnetic field strength, B is the magnetic flux
density, and J is the current density.

Equation

Name of the medium parameter

B = µH

µ is the permeability

D = ǫE

ǫ is the permittivity

J = σE

σ is the conductivity

The magnetic medium
For a ferromagnetic medium, one may write the relation
H=

B
− M.
µ0

(3.1)

Here M is the magnetization, and µ0 is the permeability of the vacuum. M
can be written as M = χH, where χ is the magnetic susceptibility. The
values of the relative permeability µr are often given in material databases.
The relative permeability is related to χ as µr = 1 + χ = µµ0 , where µ is the
(absolute) permeability.
In case of a permanent magnet, we may write the relation
H=

B
− M − Mr ,
µ0

(3.2)

where Mr is the remanence magnetization of the permanent magnet. The
r
, where Br is the reremanence magnetization can be written as Mr = B
µ0
manence flux density. Values for Br can be found in databases. In this
thesis from now on, M includes the remanence magnetization Mr , where
applicable. This notation is made for the sake of simplicity.
The permeability of a material depends not only on the strength of the
magnetic field H, but also on the history of the material in the magnetic
field. Such dependence is referred to as hysteresis. Fortunately, the hysteresis
of magnetic materials (not permanent magnets this time) is often so small
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that it can be ignored. In time-dependent cases, hysteresis is a complex
phenomenon to model. Furthermore, the permeability of a material is seldom
constant but shows a nonlinear dependence on the magnetic field. At strong
magnetic fields, the so-called saturation occurs. At high enough magnetic
fields, the relative permeability µr of any magnetic material drops to 1, while
at low magnetic fields it can be thousands, or, for some special alloys, even
hundreds of thousands.
The magnetization of magnetic materials and permanent magnets also depends on temperature. Especially permanent magnets temporarily lose their
performance (demagnetize) compared to that at room temperature even at
relatively low temperatures of below 100 ◦C.
The magnetic circuit material used in this thesis forms a typical non-linear
magnetization curve (figure 3.1). The three magnetization curves of the three
permanent magnet materials used in the protypes in this thesis are shown
in figure 3.2. Permanent magnets demagnetize irreversibly if the knee of the
magnetization curve is gone under.1

Magnetic flux denstity (T)
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0
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Figure 3.1: A part of the magnetization curve of armco iron.

1

The magnet can, of course, be remagnetized with high magnetic fields and special
methods.
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Figure 3.2: The three magnetization curves of the three permanent magnet
materials used in the prototypes in this thesis. All materials are plotted at
80 ◦ C . At the point where H = 0, the curve shows the remanence flux density
value Br of the permanent magnet. At the point where B = 0, the curve shows
the coercivity field value Hc . A permanent magnet is demagnetized irreversibly
if the knee of the magnetization curve is gone under. For example, in material
N30, the knee is reached at magnetic flux density values of approximately
below 0.3 T.

Magnetic force
The magnetic force density between a real or virtual current J in a subdomain
V and a magnetic flux density B can be given as
f = J × B.

(3.3)

The total magnetic force exerted on an object holding a volume V (V is the
volume of a subdomain V) can then be given as
Z
F=
J × B dv.
(3.4)
V
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However, if B is induced solely by J, the resulting total force exerted on a
given object will be zero.
When designing magnetic actuators, it would be useful to know how the
force is localized in a magnetized object (e.g. an anchor). In this subsection, several localizations for the magnetic force are presented. The first
presented way to derive an equation for the magnetic force density includes
the modeling of magnetization with microscopic current loops.

Derivation of magnetic force density for a magnetic medium
In a case where the current density in the volume is replaced with a current
I in a thin round wire, the force can be given as
Z
F = I dl × B,
(3.5)
C

where C is the path of the wire and dl a differentially small piece of the
oriented path.
With equation 8.7, equation 3.5 can be rewritten as
Z
F = I (n × ∇) × B da,

(3.6)

S

where S is a surface so that ∂S = C and n is the normal of the surface.
The magnetic force density f of a magnetic material (with virtual currents
due to magnetization) is derived from equation 3.6 by taking a limit of a
sequence of smaller and smaller wires (∂S). When each wire with a virtual
current represents a small volume V (figure 3.3), the magnetic force density
can be written with the help of the magnetization M as
 Z

I
f = lim
(n × ∇) × B da
(3.7)
S→0, I→∞ V
S
= (M × ∇) × B,
(3.8)
where

R


I n da
,
(3.9)
M = lim
S→0, I→∞
V
R
such that S I n da stays constant.2 S is the area of the subdomain S. See
[46] for more details.
S

2

In this way, deviding by V represents the density of magnetic dipoles.
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V

M

n

∂S, I
Figure 3.3: Round wire ∂S with a current I representing a small volume V.
The magnetization M and the normal vector n of the surface S are also shown
in the figure.

For practical reasons – simple relocalization and partial integration of force –
we need to derive a term that can be used in strictly linear or affine cases. For
this, the equations must be manipulated to some extent. This is presented
in appendix 8.2.
The magnetic force density f (equation 8.6 derived in the appendix 8.2) has
the form
f = M × (∇ × B) + (M · ∇)B.
(3.10)
The above result has also been reported in [47] and [48]. According to [47],
the discontinuity of B- and H-fields on the surface of the magnetized body
yields the surface force density term
fs = −

µ0
(M · t)2 n
2

(3.11)

on the surface of the magnetized body, where n is the unit normal vector of
the surface and t is the unit tangent vector of the surface. The direction of t
is defined such that (M · t) t + (M · n) n = M holds. fs has thus the direction
of the normal vector.
According to [49], magnetic force density has the form
f = (M · ∇)B,

(3.12)

but this holds only for linear (or affine) materials, at least when no (real)
source current densities appear in the material (∇ × B = µ∇ × H = µJ = 0
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in equation 3.10). Furthermore, note that all the results given here hold only
for stiff bodies. That is, if elasticity is allowed, the force density is likely to
change. In addition, in [48], the two received force densities3 may suggest
that we may need to interpret magnetization in a different way.

Different localizations of the force
In this thesis, the magnetic force exerted on a magnetic body is usually
calculated with the Maxwell stress tensor (MST, introduced later). However,
the force can also be calculated from the magnetic force densities (equations
3.10 and 3.11) in the form
Z
Z
fs da
f dv +
F=
∂Vmagn
Vmagn
Z
(M × (∇ × B) + (M · ∇)B) dv
=
(3.13)
Vmagn
Z
µ0
−
(M · t)2 n da.
2
∂Vmagn
This is, of course, also where the force is localized: in the body including its
boundary. The linear case has the form
Z
(M · ∇)B dv
F=
Vmagn
Z
(3.14)
µ0
−
(M · t)2 n da.
∂Vmagn2
In this thesis, magnetic force densities are calculated only for permanent
magnets.4 An example is given in figure 4.14. Table 4.1 shows calculated
total forces compared to results given by another force computation method
(MST).
In case of a material with constant magnetization M (a theoretical very stiff
permanent magnet, for example), the force can also be localized using partial
3

While this thesis shows a way to derive the magnetic force density from microscopic
current loops, [48] shows additionally a way to derive the magnetic force density from
microscopic magnetic dipoles. The received results are in conflict with each other.
4
This is because in materials with non-linear (not affine) permeability, numerical computation of ∇ × B is difficult because to the author’s knowledge no software is available
for it.
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integration. In this thesis, localization of the force using partial integration
has been used to intuit a physical situation. However, such localization of
the force is often referred to as the ”real” localization of the force, which is
not entirely true.
First localization using partial integration
In the following analysis, the surface density force terms are ignored, because
they produce zero axial forces in the given examples.
Starting from the force density for linear or affine materials (equation 3.12)
and using 8.13, we get
(M · ∇)B = ∇(B · M) − B × (∇ × M) − (B · ∇)M − M × (∇ × B). (3.15)
Since the material shows constant magnetization (the material is linear or
affine), only the first term remains. Thus, the equation of the force has the
form
Z
∇(M · B) dv.
(3.16)
F=
Vmagn

Using 8.8, we get
F=

Z

(M · B) n da.

(3.17)

∂Vmagn

Theoretically, with the above constant stiff magnetization and an axial symmetric B field that enters an axially symmetric magnetized body (Vmagn is
now Vax ) directly from the side and leaves directly from the top, equation
3.17 predicts that the axial force is exerted only on the top of the body (1.
Red dashed ellipse in figure 3.4). That is, elsewhere on ∂Vax the force is zero.
Second localization using partial integration
Starting again from 3.12 and using 8.11, we get
(M · ∇)B = ∇ × (B × M) − B∇ · M − (B · ∇)M + M∇ · B.

(3.18)

Since the material shows constant magnetization, again, only the first term
remains. Thus, the equation of the magnetic force has the form
Z
∇ × (B × M) dv.
(3.19)
F=
Vmagn
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1
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3

Figure 3.4: Localization of the magnetic force using partial integration. 1.
Red dashed ellipse describes the localized force from equation 3.17. 2. Blue
dotted ellipse describes the localized force according to equation 3.20. That
is, in these areas the given equations produce non-zero forces with the given
(non-zero) B-field and (non-zero) magnetization.

Using 8.9, we get
F=

Z

n × (B × M) da.

(3.20)

∂Vmagn

Again theoretically as above, equation 3.20 predicts that the axial force in
an axially symmetric body (Vmagn is now Vax ) is exerted only on the side of
the body (2. Blue dotted ellipse in figure 3.4). That is, elsewhere on ∂Vax
the force is zero.

Conclusions for the localized magnetic force
Different localizations on the force seem to produce different results, meaning
that they are in conflict with each other. It seems that localizing the force is
not possible without taking sides on stress-strain relation. For this reason,
only the total force has a sensible meaning. However, the recieved force
density formulas for the stiff bodies – including the formulas for localizing
the magnetic force using partial integration – can be used for creating an
intuition when designing magnetic actuators.
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Electromagnetic induction
Faraday’s law of induction, given in table 3.1, is clearly evident in two separate events in the function of an electromagnetic actuator:
1. In screening or eddy currents and
2. In the so-called back-EMF effect.
Though both events have to do with currents, they, in fact, result from the
electromotive force (EMF), the left side of Faraday’s law. That is, there is,
first, an electric field E – resulting indirectly from Faraday’s law – and then,
if there is a high conductivity σ, there is also a (high) current density J,
according to J = σE, the last constitutive equation in table 3.2.
Screening currents refer to electric currents that in a dynamic situation transiently prevent magnetic fields from penetrating into a (magnetic) conducting
material. That is, after a screening current J has been generated, it induces
a magnetic field H according to Ampère’s law. This field cancels the first
magnetic field (which generated the screening currents), at least partly, but
it may also cancel the whole field in at least a part of the space.
Screening or eddy currents arise often with two phenomena in magnetic actuators. The first one is skin depth, which describes the penetration of a
magnetic flux (or current density) in case an AC input is applied (time harmonic case). It is the lower, the higher the conductivity, the permeability,
and the change in magnetic flux. With a good conductor (with a linear
conductivity σ and a permeability µ) the skin depth is given as
δ≈√

1
.
πf µσ

(3.21)

The second phenomenon that arises often with screening currents in magnetic
actuators is magnetic diffusion. Whereas skin effect has to do with a time
harmonic case magnetic diffusion describes how fast magnetic field penetrates
into a material in a transient case (often a step response).5 In a non-linear
5

Instead of describing just the penetration of a magnetic field into a material (infusion),
magnetic diffusion can also describe the vanishing of the magnetic field from a material
(effusion) when the applied voltage is cut off (again a step response) [50].
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case the diffusion time is well predicted with transient FEM models. In [51] it
is described how magnetic diffusion can affect the performance of a solenoid
valve and thus the whole hydraulic system. Effects of screening currents
and magnetic diffusion to the bistable actuators designed in this work are
presented in chapters 4 and 5.
The back-EMF effect refers to a generated voltage and thus current in coils
due to a change in the magnetic flux through the coils. This change is not
directly caused by the coils but by the movement of the magnetic material
and thus by a change in the magnetic circuits geometry. The EMF (voltage)
e generated by the back-EMF effect can be described with the integral form
of Faraday’s law
Z
d
B · n da,
(3.22)
e=−
dt S
where S is the surface surrounded, for example, by the copper wire of a
winding, and n is the normal of that surface.
A simple example of back-EMF is a permanent magnet dropping through
a winding connected to a LED. When the permanent magnet approaches
the winding, the LED flashes. If the poles of the LED are reversed, the LED
flashes only after the permanent magnet has passed through the winding and
recedes.
In case of a traditional solenoid valve with an input voltage U, the current
I of the coil first reaches the value I = UR when switched on. If a back-EMF
voltage is generated, the condition changes so that the current reaches the
value I = UR−e and then starts decreasing if this value was exceeded before
the back-EMF came into effect.

Numerical models
In this work, modeling the actuators involved both preliminary calculations
with static electromagnetic models and actual analysis with dynamic electromagnetic models. The equations to be solved with FEM were second-order
boundary value problems. The dynamic equation is called the magnetic vector diffusion equation.
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Derivation of the magnetic vector diffusion equation begins with an introduction of the magnetic vector potential A as B = curl (A).6 When this is
combined with quasi-static Ampère’s law with the help of the first constitutive equation (table 3.2), we get


1
curl
curl (A) = J.
(3.23)
µ
This is the equation for any static electromagnetic second-order boundary
value problem.
Next, Faraday’s law combined with B = curl (A) is added to 3.23 in the
− grad (V ) (curls omitted)7 , where V is an electric scalar
form E = − ∂A
∂t
potential. With J = σE, this results in the vector diffusion equation


1
∂A
−curl
curl (A) − σ
= curl (Hc ) + σ grad (V ) ,
(3.24)
µ
∂t
where Hc is the coercive force of a permanent magnet, σ grad (V ) is the
is the induced currents.
driving source, and σ ∂A
∂t
In this work, two types of dynamic electromagnetic models were used in predicting valve behavior: 1) transient models and 2) linear motion models. The
transient model covers the effects of screening currents induced by current
changes in the coils, but it does not model movement (back-EMF effect).
These models have the benefit of relatively short computing time.
The linear motion model takes into account all the necessary dynamic electromagnetic phenomena, including movement (back-EMF effect), magnetic
diffusion, and earlier pulses in cycling. Linear motion models have the drawback of relatively long computing time.
In both dynamic modeling cases, the vector diffusion equation is solved with
the magnetic vector potential A as the unknown variable. In a 2D cylindersymmetric case, A is simplified to Aφ uφ , where uφ is the unit vector in the
angular direction. The full problem is thus given as follows (all in the angular
direction):
R
This can be done, because ∂V B · n da = 0, ∀∂V ⇒ ∃A : B = curl(A), meaning that
the magnetic field is sourceless and can thus be given as the curl of another vector field.
∂
7
Faraday’s law combined with B = curl (A) gives curl (E) = − ∂t
curl (A). If A is

∂A
smooth enough, we can write curl E + ∂t = 0. Finally, a potential V can be found such
that E + ∂A
∂t = −grad (V ) is satisfied.
6
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Domain Ω: Find Aφ such that
∂
−
∂z



1 ∂Aφ
µ ∂z



∂
−
∂r




∂Aφ
1 ∂ (r Aφ )
−σ
=
µ r ∂r
∂t
∂Hc,r ∂Hc,z
1 ∂V
−
+σ
∂z
∂r
r ∂φ

(3.25)

holds for all x ∈ Ω and fulfils the given boundary conditions on the boundary
∂Ω.
The current density in equation 3.25 has (again) been split into driving source
∂A
(voltage driven model), σ 1r ∂V
, and induced currents, −σ ∂tφ . The coercive
∂φ
force of the permanent magnet Hc is now given as Hc,r and Hc,z . The equations are given in the Lagrange coordinate system. The conductivity value
σ of the used armco iron was set to 10 · 106 mS in all models.

Force calculation
Once the above second-order boundary value problem has been numerically
solved, forces can be easily evaluated, for example, by integrating the socalled Maxwell stress tensor (MST) over the anchor. The force is calculated
from a modified Lorentz force equation for magnetic force given as
1
Fm =
µ

I

S

T(B) · n da,

(3.26)

where the MST is given as

Bx By
Bx Bz
Bx2 − 12 |B|2
.
T=
By Bx
By2 − 21 |B|2
By Bz
2
Bz Bx
Bz By
Bz2 − 21 |B|


(3.27)

The full derivation of MST is given, for example, in [46]. The MST for
non-linear materials is given for example in [44].
In this thesis, the forces exerted on anchors are always calculated with the
MST, if not mentioned otherwise.
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Energy of the magnetic field
The energy Wtot stored in the magnetic field can be calculated using
Z
1
Wtot =
H · B dv
(3.28)
2 V
in a static linear case. With a non-linear dependence between H and B, the
energy can be calculated using the so-called coenergy as [52]
Z Z B

Wtot =
H · dB dv .
(3.29)
V

0

When the maximum input current Imax and the corresponding energy Wtot
stored in the magnetic field are known, average inductance8 Lav can be calculated from
1
2
.
(3.30)
Wtot = Lav Imax
2
Transient inductance9 Ltrans can be calculated from equation
Ltrans = −

dΦ
,
dI

(3.31)

where Φ is the magnetic flux and I is the current of the coils. Inductance
is then bigger when the change of the magnetic flux is bigger with a virtual
change in the current. Furthermore, the time constant τ of an electromagL
netic actuator can be approximated using τ ≈ R
, where R is the resistance
of the coil(s). Equation 3.30 is especially handy when we need to approximate inductance and the time constant in preliminary calculations with new
actuator geometries.

3.2

Fluid mechanics

The flow of a fluid follows the same pattern as many other physical phenomena: a transfer of energy arises from a potential difference, a disequilibrium,
8

Average in the sense that between zero current and maximum current inductance
may vary, at least in a non-linear case, but that the given equation represents average
inductance between these two static states.
dφ dI
9
First, according to Faraday’s law, e = − dφ
dt . Then, this can be written as e = − dI dt .
dφ
Now, we can write − dI = Ltrans .

38

Physical background and models

and other suitable conditions such as an opened valve. On the other hand,
energy can be stored as potential energy. A fluid, however, flows between
pressure (potential) differences. As in quasi-static electromagnetics, also in
fluid flow, strong dynamic effects can take place.
The momentum of a moving fluid gives rise to certain dynamic effects. A fluid
has also other properties such as compressibility and viscosity, which cause
the flow to have even stronger dynamic effects and friction (shear forces),
respectively. Furthermore, friction and density depend on temperature and
pressure. During large pressure or temperature changes, these relations are
nonlinear. Traditionally in modeling, and also in this thesis, these parameters
are assumed to be locally linear.
Fluid flow in a stationary case can be described in two motion patterns:
laminar flow and turbulent flow . Laminar flow occurs at low flow velocities,
when the inertia of the fluid is low enough compared to the viscous friction
forces. At higher velocities, the flow changes to turbulent flow with strong
vortices. In turbulent flow, viscous friction increases in relation to fluid
velocity.
The transition from laminar to turbulent flow is modeled with the Reynolds
number, defined as
v Df low ρ
,
(3.32)
Re =
η
where v is the average speed of the fluid, Df low is the diameter of the flow
path, ρ is the density, and η is the viscosity [53]. At a low Reynolds number,
typically below 2000, the flow is laminar. The transition region is between
2000 - 4000 and above 4000 the flow is turbulent.10
Flow fields are calculated from the Navier-Stokes equations. In case of an
incompressible flow with constant parameters of the medium (ρ and η), the
general time-dependent Navier-Stokes equations can be written as


∂v
ρ
+ (v · grad) v = grad p + η (grad · grad) v,
(3.33)
∂t
v is the velocity (vector) field, and p is the pressure (scalar) field of the fluid.
With an incompressible fluid, the condition div v = 0 holds.
In a cylinder-symmetric static case, the velocity vector v can be written as
v = vr ur + vφ uφ + vz uz , where vφ = 0, and thus the Navier-Stokes equations
10

There are, of course, many exceptions to this.
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can be componentwise written as



 2
∂vr
∂p
∂vr
∂ vr 1 ∂vr vr ∂ 2 vr
ρ vr
=− +η
+ vz
+
− 2+
∂r
∂z
∂r
∂r 2
r ∂r
r
∂z 2
for the radial direction (r-direction) and


 2

∂p
∂vz
∂ vz 1 ∂vz ∂ 2 vz
∂vz
=−
+ vz
+η
+
+
ρ vr
∂r
∂z
∂z
∂r 2
r ∂r
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(3.34)

(3.35)

for the axial direction (z-direction). The vectors ur , uφ and uz are unit
vectors in the radial, angular, and axial directions, respectively. In steady
state flow calculation, we must set a pressure or a velocity condition for all
boundaries (a Dirichlet or a Neumann boundary condition) but at least one
Dirichlet condition to fix the pressure level. For the models in this work,
chosen were input/output pressures, zero normal and tangential velocities
on fixed walls, and non-zero normal and/or tangential velocities for the walls
of moving objects (statically simulated moving).
Even in static incompressible form, the general Navier-Stokes equations have
no closed form solutions. In addition, the numerical solvers for turbulent flow
are often instable. Nevertheless, a numerical solution can often be found for
a strictly laminar flow.
In hydraulic systems, two even more interesting and important fluid mechanical effects take place. The first is cavitation, which occurs when a large
enough flow passes through a restriction. At the lower pressure after the
restriction, the fluid boils and forms vapor. After a while, the vapor bubbles
collapse and may damage the walls of the flow channel. Cavitation is excluded in modeling, because the difficulties of its numerical modeling would
outweigh the benefits.
The other effect is that of expansion tubes, pipes, and pressure vessels, which
have also been excluded in this thesis. Measures were taken to mechanically
prevent too large an expansion of the pressure vessels inside the solenoids.11
Pressure forces are calculated integrating over the boundaries of volumes.
For example, an Raxial force (z-direction) in a cylinder-symmetric case can be
given as Fz = − ∂V p n·uz da, where V is the volume and ∂V is the boundary
11

In the valves of this thesis, pressure vessels separate oil from coils, whereas the anchor
is surrounded by oil. This is the so-called wet anchor design.
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(surface of the volume), n is the unit normal vector of the surface and uz is
the unit vector in the axial direction (z-direction).
Shear stress forces are calculated similarly to pressure forces. For a cylindersymmetric case, again, the shear stress force exerted
object in touch
R on∂van
z
with a flowing fluid can be calculated using Fz = ∂V η ∂r da. In the valves
designed in thesis, the shear stress forces are small compared to viscous
friction forces.
The density, viscosity, and heat capacity values used to model the oil are
ρ = 870 kg/m3 and η = 0.04 Pa·s for all flow models in this thesis.

3.3

Thermodynamics

Thermal phenomena follow the same basic patterns as the flow of fluid and
electric current. Heat flows from a high to low potential (temperature). The
rate at which power is transmitted depends on the thermal conductivity of
the material and its surface area. The amount of energy stored in the material
depends on the volume, heat capacity, and density of the material.
The problem with many electrical devices is heating when high performance
is required. With valves, the power that must be dissipated is generated in
two ways: by flow friction and by joule heating.
A hydraulic valve is a restriction in the flow. In this restriction, the power
loss of the fluid is converted into heat according to Ppowerloss ≈ ∆p · Q, owing
to the friction forces of the high-speed flow at the restriction. The rise of
temperature in the flow can be expressed as
∆T ≈

∆p
,
c·ρ

(3.36)

where T is the temperature (K), p is pressure (Pa), c is specific heat capacity
(J/(kg K)), and ρ is the density of the oil.12 In equation 3.36 it is assumed,
that all produced heat remains in the oil.
12

Starting from the equation for the thermal energy of the oil, we have Eoil = c · m · T ,
where m is the weight of the oil. The weight can be further written as m = Q ·ρ·∆t, where
Q is the volume flow (l/min), and ∆t is a time gap (s). Combining these and differentiating
with respect to time gives the power Poil of the oil flow as Poil, in/out = c · Q · ρ · Toil, in/out .
On the other hand, power loss due to pressure drop in the restriction can be given as
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Fortunately, as regards valve and actuator design, the heat generated remains
often in the oil as new oil constantly replaces heated oil. At high pressure
differences (10-20 MPa, 100-200 bar), this power loss heats up the oil by
several degrees. With ρoil = 870 kg/m3 and coil = 1.67 kJ/(kg T), the
temperature rise is 0.069 degrees (K or ◦ C) per bar and thus 6.9 · 10−7
degrees per Pascal.
The other way power is generated is joule heating, due to electric
R driving
currents in the actuator coils. Joule heating can be calculated from V E·J dv.
Both heat sources can be significant, but joule heating is still a limiting factor
in the actuator because the power loss generated in the hydraulic restriction
heats mainly the bypassing fluid.
In favorable circumstances, any object can dissipate heat in three ways: by
radiation, conduction, or convection. If an object is placed in free air, it emits
heat in two ways: by radiation and convection.13 The radiated power depends
on the fourth power of the temperature difference between the object and
the ambient space. In valves, temperature differences are so minimal (often
much less than 100 ◦C degrees) that radiation has hardly any significance.
Convective heat flux to ambient air has a much greater effect on the highest
possible power applied to a valve. The rate at which power is transferred by
convection depends on the surface area and the convective heat flux coefficient.
The convective heat flux coefficient is hard to determine precisely. It depends
on the rising flow of the warm air due to the buoyancy force.14 The rising
flow is laminar, if buoyancy forces are much lower than friction forces, and
the flow can be turbulent, if not. That is, turbulent flow usually appears
at high temperature gradients. When modeling the convective heat flux, we
must then take into account the warm air flow. With complex geometries
and especially turbulent flow, modeling is a difficult task. Therefore, the
convective heat flux coefficient is often measured from a prototype or from a
similar construction, when a thermal model is built.

Ppowerloss ≈ ∆p · Q. Computing ∆T from Poil, out − Poil, in = Ppowerloss gives equation
3.36.
13
Of course, conduction may also occur, but it is often small.
14
In this case, warm air rises, but in some cases a cool object might be surrounded by
warm air. Then, once the object has cooled some of the surrounding air, the cooled air
drops for the same reason, the buoyancy force.
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Since hydraulic valves are rarely hung in free air, they emit power in two,
more significant ways. First, they conduct heat to whatever construction the
valves are attached to. This factor, however, is hard to predict in case of a
commercialized valve and is thus pessimistically ignored.
The last but certainly not the least possible way for a valve or a valve package
to emit power is through convective heat flux to the bypassing fluid. The rate
at which power is transmitted depends on the velocity of the hydraulic oil,
its flow pattern, temperature difference, and the heat capacity and density
of the oil. If the velocity of the oil is zero or very low, the convection is called
free convection and its cooling effect is minimal. However, if the velocity of
the oil is at least moderate, the convection becomes a significant cooler and
is then referred to as forced convection.15
The pattern of a turbulent flow (or any flow) is difficult to determine in a
complex geometry. Therefore, the parabolic flow profile of laminar flow is
pessimistically assumed in the forced convection calculations in this thesis.
The approximation is pessimistic for two reasons: 1. turbulent flow has
relatively high velocities close to the walls, and 2. turbulent flow has a strong
miscibility during flow because of vortices. The latter cause a turbulent flow
to have an almost uniform temperature in the cross-section of a flow path.
A clearly non-zero temperature derivative occurs only very close to the walls
in the cross-section plane. Figure 3.5 shows the laminar flow pattern and the
approximated turbulent flow pattern of fully developed pipe flows.
The general heat conduction equation for solid bodies is given as
ρc

∂T
= k (grad)2 T + Q′′′ ,
∂t

(3.37)

where c is the heat capacity, k is the thermal conductivity, and Q′′′ is heat
generation in a volume [54].
Although the heat conduction equation (equation 3.37) is generally inadequate for a flowing fluid, it can be used to model the heat flux to a stationary
fluid flow, when the flow pattern is known. For one-dimensional (laminar)
flow, we may write
∂T
ρc vx = k (grad)2 T,
(3.38)
∂x
where vx is the velocity of the fluid in the direction of the flow.
15

Forced convection can, of course, also be used in cooling the valve with a fan and cool
air, but this factor is omitted in this study.
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Figure 3.5: Parabolic laminar flow pattern and approximated (qualitative)
higher-order turbulent flow pattern of fully developed pipe flows (round pipe).
Values on axes are relative values.

From equation 3.38, we can see that the temperature of the flowing fluid
changes in the direction of the flow at a rate defined by the heat capacity,
density, and velocity of the flow (and, of course, also heat conductivity).
Note that in this case we need no convective heat flux coefficients to model
heat flux to a bypassing flow.

3.4

The multiphysical problem

Multiphysical solution means the coupled solution of separate formulations
in different areas of physics to model a single device. This is often simply
called a coupled problem.
In case of a valve with an electromagnetic actuator, the full multiphysical
problem to be solved is the coupled solution between electromagnetic, fluid
mechanic, thermodynamic, and mechanical motion models. That is, by combining the time-dependent equations 3.24, 3.33 and 3.37 with their non-linear
parameters of the medium and mechanical motion we can fully model the behavior of a valve or a valve package. Such a 3D problem is believed impossible
to solve with today’s computing technology. Hysteresis in electromagnetics
or turbulent flow in fluid mechanics is alone very challenging.

44

Physical background and models

For the preceding reasons, some simplifications must be made to numerically
solve the multiphysical problem.

3.5

The used multiphysical models

In this work, the valves and valve package (in its most complete form) were
modeled using two multiphysical models:
1. A fully dynamic, two-dimensional cylinder-symmetric electromagnetic
model for a single valve, including the effects of screening currents,
magnetic diffusion, and mechanical motion. Pressure forces and viscous friction forces acting on the hydraulic armature and anchor were
included in the solution by implementing interpolated values from discrete static models into the electromagnetic solution.
2. Static thermal three-dimensional models for the valve package and its
valves. The model consisted of joule heating, thermal conducting inside
the valve package, radiation to ambient space, convective heat flux to
ambient air, heat generation in hydraulic oil flow due to pressure loss,
and convective heat flux to bypassing hydraulic oil flow.
All the numerical models in this thesis were solved with FEM. The accuracy
of the models was determined by measuring prototypes.

Chapter 4
A novel bistable seat valve
This chapter explains briefly the basic differences between a solenoid and a
bistable actuator and then examines the dynamic behavior of a bistable valve.
A prototype was designed and measured to verify analysis. The bistable valve
included a bistable actuator integrated to the hydraulic part, introduced in
section 2.4. Most of this chapter was published in [11] and [12]. The results
are based on [12].

4.1

Why bistable electromagnetic actuators
over solenoids?

As explained above, digital hydraulics calls for small actuators, which would
yet provide high opening forces for a seat valve. Furthermore, the challenge
in all designs, including electromagnetic actuators, is to simultaneously reach
a sufficiently high operating frequency rate. Figure 1.1 in the introduction
(chapter 1) shows the main conflicts in the design goals.
A direct operated seat valve offers the best sealed and predictable valves but
requires a great opening force – although maybe only transiently. For this
option, the best actuator choice is the electromagnetic one because it exerts
high power and work densities. In this case, an extra benefit is a relatively
small need for an opening (in the hydraulic part) compared to the size of the
actuator since the air gaps remain small.
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Electromagnetic actuators can be made smaller by increasing the maximum
current density. The limiting factor is the heat production of the coils compared to the size of the actuator and thus the highest possible rms current,
rms power, and operating frequency available.
Traditional electromagnetic on/off actuators are monostable devices, which
means that they need external energy to maintain one of their two positions.
A spring holds the armature in one position, and the electromagnetic force
using constant power holds it in the other position. A major problem with
traditional solenoids is the need for a constant current to maintain one of the
two positions. This is due to both the hydraulic properties of the traditional
seat valve and the monostable properties of the traditional solenoid-spring
combination.
Bistable devices need external energy only for state switching. They have
been implemented, for example, in mechanics, hydraulics, and electromagnetics. The microhinge [55] and elastic beam [56] are examples of mechanical
bistability. The hydraulic parts in, for example, [17] and [57] are bistable. In
fact, their bistability depends on hydraulic pressure.
An electromagnetic actuator can gain bistable properties when permanent
magnets are implemented. The use of an Nd-Fe-B permanent magnet guarantees high energy density rates, which again yield high forces. The magnetization curves of the permanent magnets in this thesis are shown in figure
3.2.
Bistable electromagnetic actuators must produce the same opening force as
monostable actuators, but the force is needed only transiently, that is, as
long as it takes for the anchor of the valve to change its position. Therefore,
bistable actuators need less rms power and thus smaller and faster coils, or,
on the other hand, an improved maximum operating frequency.
For the actuators in this work, no add-on electronics, for example, boosting or
cooling, were used. Add-on electronics, such as an electronic boosting circuit
or a fan, could increase the level of reachable current densities and decrease
switching time, as in [6]. However, this work focused only on actuator designs
and their use in hydraulics.
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According to [18] (page 146), bistable valves are fast but have two problems:
1. They do not incorporate a fail-safe feature1 , 2. Special switching circuitry
is required for operation. The first problem was not examined in this thesis,
and the second one has been overcome by recent developments in modern
electronics. In addition, [18] reports that bistable actuators require less power
and avoid poor repeatability (of response times of solenoid valves) by having
no springs.

4.2

The necessity of rapid cycled action

In this thesis, frequency refers always to a complete cycle; that is, one period
or cycle comprises one opening and one closing. Considering the performance
of a bistable digital (on/off) valve, we must observe two important frequencies. One is the maximum continuous operating frequency, and the other is
the maximum operating frequency. The difference between the two is explained in figure 4.1, which shows possible operating modes for a traditional
solenoid valve, with 100 % duty ratio, and a bistable valve. 2 The difference
between driving a solenoid or a bistable valve with voltage pulses is shown
in figure 4.2.
The voltage step signal shown for the solenoid valve is, of course, not the
only way to operate it. PWM voltage control or a boost voltage is often
used to generate a higher voltage during motion and a lower voltage for
a holding current. These techniques are common with fast valves, but they
were omitted in this study, because the additional electronics needed for such
operation are beyond the scope of this thesis.
When a valve is driven at a frequency higher than it can continuously tolerate,
it is sometimes referred to as ”over frequency” (figure 4.1 c). Over frequencies
are important in digital hydraulic valves because of the controllability of the
oil flow, which improves the fidelity of the whole digital hydraulic system.
Figure 2.4 shows a simple DFCU.
1

The fail-safe feature provides a predestined anchor position in case of a power blackout.
In solenoid designs, this is implemented using springs.
2
The operating frequency of a traditional solenoid valve functioning at its maximum
frequency can be changed only by lowering the operating frequency. Note that special
control electronics or coils with a duty ratio lower than 100 % are not taken into account
in the figure.
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1

a) Solenoid valve with a
maximum frequency of 5 Hz

0
1

b) Bistable valve, mode 1
Maximum mean frequency 25 Hz

0
1

c) Bistable valve, mode 2
Maximum mean frequency 25 Hz
Maximum frequency 100 Hz

0
0

1
time(s)

Figure 4.1: Different operating modes for a solenoid and a bistable actuator.
With a traditional solenoid valve (a) using a coil with duty ratio of 100 % ,
the only possibility to change the operating frequency shown in the figure is
to lower it. With a bistable valve, a mean frequency of 25 Hz (or lower) can
be achieved by steady switching (b), or the valve can have a from-switch-toswitch changing random frequency with a maximum frequency limit of 100 Hz
(c).
Solenoid valve

Bistable valve

1

1

0

0

24 V

24 V

0V

0V
−24 V

Figure 4.2: Comparison of the control signal for a hydraulic valve and the
corresponding voltage pulse to an actuator. In the control signal, switching
the value to ”1” means opening the valve, and switching the value to ”0”
means closing the valve.

A DFCU with 5 of the valves presented in this chapter can be continuously
controlled at 125 Hz. Additional valves increase the possibilities to control
the flow. Any single valve does not heat up much because it is not needed
all the time, but the DFCU has also replacing parallel valves. For the above
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reasons, it is important to study the valve in rapid cycled action - over
frequencies - using dynamic models, even though it cannot continuously be
operated in this mode.

4.3

Technical design and analysis

Basic valve construction
The idea of valve design in this chapter is to reduce power consumption
and decrease volume by exploiting bistable behavior and integrated valve
design. Bistability is achieved with permanent magnets with the help of
several restrictions. If there is a pressure difference over the valve, several
restrictions in the hydraulic part (section 2.4) cause the armature to have
a closing hydraulic force when placed in the closed position and an opening
hydraulic force in the opened position. The volume of the valve is also
minimized by placing the electromagnetic and hydraulic parts within each
other, resulting in an integrated device.
Permanent magnets can be placed in many ways in the body of the valve.
If we use an armature made of ferromagnetic material and one coil, we can
place the permanent magnets in at least two different positions according to
figure 4.3. If we attach the permanent magnet to the armature, the valve
will have fewer components and less volume. The volume of the actuator is
reduced using two coils, which in turn push and pull the permanent magnet
during displacement, depending on the direction of the movement.
The magnetized circuit can be made smaller by using two coils. In the
outer part of the magnetic circuit, the magnetic flux is driven through two
paths instead of one, as in traditional solenoids. This means that the outer
magnetic circuit needs 50% less material. The two possibilities of attaching
the permanent magnet to the armature are shown in figure 4.4.
Placing the permanent magnet on the armature has one potential drawback.
When the magnet hits the iron at the end of the movement, it may demagnetize at least partly due to the impact. However, such demagnetization is
unlikely due to the damping oil.3
3

Demagnetization of the permanent magnet did not register in the measurements.
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Figure 4.3: The valve actuator with a ferromagnetic armature. (a) and (b)
represent optimized concepts of maximization of force and minimization of
volume (r1 > r2 ). Actuator components: 1. Coil, 2. Permanent magnet(s), 3.
Magnetic circuit, 4. Ferromagnetic armature.

The valve was designed to work at 80 ◦ C or below. Only the coils may have a
higher maximum temperature, about 120 ◦C. The permanent magnet undergoes (reversible) demagnetization when heated. The maximum temperature
could be increased from 80 ◦C to at least 150 ◦C, but it should be fixed to
maximize performance. The valve could be designed to work, for example,
at 100 ◦ C with small performance losses, but 80 ◦ C was deemed high enough.
The chosen valve construction consists of two coils, a magnetic circuit, an
armature with a permanent magnet and a hydraulic part: a shaft attached
to the armature, a seat, and flow paths. The construction corresponds to the
option shown in figure 4.4( b), and it is shown in detail in figure 4.5. A part
of the magnetic circuit is used to create a pressure vessel around the moving
parts to isolate the coils from the hydraulic oil (figure 4.5). The pressure
vessel itself does not hold the full 210 bar of maximum operating pressure
but is supported by coil formers and other parts of the magnetic circuit.
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Figure 4.4: The valve actuator with a permanent magnet attached to the
armature. In figure (a) one coil and in (b) two coils are used (r1 > r2 ). Actuator components: 1. Coil(s), 2. Permanent magnet (Armature), 3. Magnetic
circuit.

The magnetic field – magnetic flux density dependence (magnetization curve)
of the used magnetic circuit material (armco iron) is shown in figure 3.1.
The material is more expensive than normal steels, but cheaper than special
alloys, for example, permendur. Using lamination and porous materials in
the magnetic circuit material could prevent high screening currents, but they
are mechanically inconvenient and thus avoided.
In the actuator, the anchor is surrounded by a pressure vessel. This ”wet
anchor” type construction efficiently prevents leaks and lubricates the anchor.
The downside is that the pressure vessel somewhat disturbs the magnetic
circuit. Options to construct the pressure vessel are (1) to make it from nonmagnetic steel causing an extra ”air” gap and thus losses in the magnetic
circuit, or (2) to make it from magnetic material. The latter option was
chosen.
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Figure 4.5: Valve construction (from [11]). 1. Permanent magnet, 2. Upper
coil former, 3. Lower coil former, 4. Magnetic circuit, 5. Pressure vessel (a
part of magnetic circuit), A. Input pressure, B. Force compensating pressure,
C. Output pressure, D. Seat, E. Armature.

Using the magnetic circuit as a pressure vessel creates an unnecessary path
for the magnetic flux to go around the permanent magnet and leads to a loss
of force. The loss, however, can be minimized by making the pressure vessel
thin and using the other parts of the valve to mechanically complete it, as
described earlier. This causes the pressure vessel to be saturated close to the
permanent magnet (figure 4.6), thereby minimizing the loss of force. This
construction was chose for the pressure vessel because of its mechanically
simple design for a prototype.
In this valve, hydraulic forces needed to be exceeded by the actuator differ
from those in a traditional seat valve. Traditional (normally closed) solenoid
seat valves usually need external power in the non-stable position for two
reasons: the spring and hydraulic properties of the seat valve. The problem
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µr

Figure 4.6: The figure shows a typical situation, where the pressure vessel
is saturated close to the permanent magnet. In the presented case, a current
runs in the coils, but the pressure vessel is close to saturation even without the
current. Furthermore, the direction of magnetization changes in the saturated
area when the current is applied. The values in the figure are those of relative
permeability µr .

of hydraulic properties, spontaneous closing especially at high flow rates,
has been solved lately using several hydraulic restrictions in the hydraulic
part (section 2.4 and [17]). Such a hydraulic part suits the bistable actuator
well because holding forces can be minimized while maintaining tolerance for
outer vibration.
To make the valve small, it was also designed different from a typical concept
of a side in - nose out screw-in valve. The prototype is cylindrical and
attached to the valve block with a cover plate. Inflow and outflow channels
were placed at the bottom of the valve so that the inflow channels were in
the outer circle and the outflow channel in the middle. The flow channels
were separated with an O-ring.
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Dynamics and response in cyclic action
As mentioned earlier, static magnetic models are used to design an adequate
geometry. However, in practice time intervals are usually so small that dynamic effects must be taken into account and carefully studied.
The following is a detailed yet intuitive description of what happens when the
valve is at rest (steady-state) and then opened with a voltage pulse, leading
to a time-dependent dynamic case.
1. The surging current induces an increasing magnetic field according to
the Biot-Savart law, which sums up with existing field generated by the
permanent magnet in the magnetic circuit. The relatively big change
in the magnetic flux in the magnetic circuit induces high screening
currents. (Such an effect during rapid cycling is shown in figure 4.13).
2. Due to dynamic effects, the generated magnetic flux runs on the skin
of the magnetic circuit, which saturates quickly.
3. When the current increase slows down, screening currents decrease, the
skin depth increases, and the magnetic flux continues to increase in a
wider cross section of the magnetic circuit.
4. The magnetic field induced by the coils will have a significant effect on
the permanent magnet only after the skin depth becomes bigger than
the wall of the pressure vessel. In practice, this point is reached almost
instantly.
5. When the pushing and pulling forces exerted on the permanent magnet
are greater than the hydraulic forces, the armature begins to move.
6. The moving magnet causes a change in the magnetic flux in the actuator. This change induces electric currents in the conducting parts. In
practice, when the speed of the magnet is high enough, the current in
the coils may start to drop instead of growing. In hydraulic systems,
this is often called the back-EMF effect.
7. If a back-EMF appears in the current, the falling current has some effects on the actuator. It causes a reduced magnetic flux in the magnetic
circuit. This then induces a screening current in the opposite direction.
Normally, screening currents are not useful in the actuator, but here
they help maintain the generated force.
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8. In this valve, the pressure forces drop rapidly when the armature moves
towards the opened position, allowing a high acceleration phase for the
armature. In high speed movement, however, a new repulsing force
emerges. The viscosity friction, which is approximately linear to the
speed of the armature, will significantly affect the movement before the
armature reaches the opened position.
9. When the armature reaches the other end and stops, the back-EMF
disappears, and the current of the coils start to rise again. This then
causes a third screening current, in the same direction as the first one.
Ideally, voltage should be cut to the coils immediately after the movement so that the last current hike would not happen at all.
10. When the voltage in the coils is turned off, the current starts to drop.
This induces a fourth screening current, again in the direction opposite
to the previous one. This causes the inner parts of the magnetic circuit
to remain magnetized for some time.
Screening currents strongly affect the distribution of the flux. After a short
voltage pulse, the flux caused by the coils may not have reached the whole
cross-sectional area of the magnetic circuit. In addition, the same flux may
not have disappeared before the next voltage pulse is driven with opposite
poles (the valve is closed).
When the voltage is driven to opposite poles, the actuator repeats the previous events but with, for example, reversed fluxes and currents with the
difference that the remaining flux (and screening currents) of the first pulse
keep the permanent magnet attached to its position for a longer time, until
the previous flux has been outdone. This remaining flux is a big problem at
the first closing in the first cycle. The first pulse kills off the flux created by
the permanent magnet on one side of the magnet and strengthens it on the
other. Only after a second pulse are the fluxes on both sides strengthened
once. This is why the second switch is the slowest.
During the following cycles, response times continue to be higher than at the
first switch, but they stabilize after a few switches. Figure 4.11 describes how
response times behave in a specific case. With this actuator, the amplitude
of the magnetic field density does not stabilize in the middle parts of the
magnetic circuit until after about 15 - 20 cycles at the maximum driving
frequency (constant 100 Hz). That is, the inner parts of the magnetic circuit
will be magnetized only after about 0.15 s from the start of cycling, as shown
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in figure 4.12. However, this does not seem to affect the response times of
the valve.

The models used
The geometry of the magnetic circuit was first roughly designed using static
magnetic field calculations. This preliminary analysis is discussed in [11] but
omitted in this work. The most important criterion in static calculations was
to find a force higher than the hydraulic forces. Furthermore, static calculations gave a preliminary estimate of actuator behavior. In static calculations,
equation 3.23 is solved.
For the analysis of the valve in this chapter, dynamic electromagnetic modeling was carried out. Transient models were used in a wide range of cases
and linear motion models in a few selected cases. In all dynamic modeling
cases, magnetic vector diffusion equation (equation 3.24) was solved.
The viscous friction force Fvisc due to shear forces was approximated using
Fvisc ≈ Cvisc · v, where v is the velocity of the moving anchor. The constant
Cvisc = 9.5 Ns/m was calculated by M.Sc. Timo Lauttamus. Pressure forces
exerted on the anchor from the hydraulic part were received from [17]. Using
a very simple flow friction model is justified, because the most important
feature of the bistable valve is that the actuator produce enough force to
overcome the hydraulic pressure forces. If this condition is fulfilled, the
anchor moves and the valve opens.
The software VF Opera 2D solved the magnetic vector diffusion equation
without taking into account the hysteresis of the magnetic material (nonlinearity was maintained). Electromagnetic solutions were done in an axially
symmetric coordinate system.

Modeling cases
The bistable seat valve presented in [11] had one problem. Its maximum
operating frequency (in cycles) measured only 45 Hz, while the response
times of the static models predicted much more. The problem was a lack of
dynamic models for rapid cycled action. Another problem was probably too
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low a coercive force value of the used permanent magnet at 80 ◦C. The used
material N30 had too low a coersivity field value, leading likely to partial but
irreversible demagnetization of the magnet.
Before dynamic modeling, the permanent magnet was changed to a Neorem
491a type Nd-Fe-B compound, because the magnet had a higher coercive
force at 80 ◦ C. Unfortunately, the magnet also yielded lower opening forces
due to improved holding forces. The generated opening force was still higher
than the necessary opening force (48 N at 210 bar), but the difference was
so small as to lead to an increasing response time. The magnetization curves
of the permanent magnets used in this thesis are shown in figure 3.2.
Too low an actuator force can be increased by (1) increasing the size of the
whole actuator construction or by (2) increasing current density while simultaneously guarding against excessive heat generation and demagnetization of
the permanent magnet. Since the aim was a small and fast construction, the
second option was chosen.
A further increase in current density was originally avoided in the static
models (in [11]), because they predicted that the magnetic circuit material
(armco iron) was very close to saturation already at the previously applied 40
A/mm2 . When the current density was set at 45 A/mm2 in the new actuator,
the rms power consumption actually dropped due to a faster response and a
shorter pulse time. Now, the least power consuming current density and its
corresponding response time were searched with transient models.
After the optimal current density had been chosen, two current densities were
chosen for modeling in cyclic action with the linear motion model (3.1). For
the next modeling case, also with the linear motion model, one of the two
chosen current densities was used to drive the valve in rapid cycles.
While the previous models were calculated with a pressure difference of 210
bars, the last modeling case was done without a pressure difference (though
the valve was still assumed filled with oil). This was modeled with the
linear motion model at 30 ◦ C, at constant 100 Hz driving frequency, and 4
ms voltage pulses. A driving voltage of 24 V was assumed. After that, a
prototype was built and measured.
In most modeling cases, when a hydraulic input pressure of 210 bar is used,
the output pressure is assumed to be close to 1 bar when the valve is closed
and 110 bar (∆p = 100 bar) when the valve is opened.
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There are also measurements with constant ∆p = 0 bar, as explained in
preceding sections.
The mechanical movement of the anchor and armature was modeled by calculating the acceleration from various forces. The movement (velocity and
position) was then calculated from the acceleration using the trapezoidal
rule. The equation for modeling the accelaration a of the bistable actuator
given in this chapter has the form
a = (Fmagn + Fvisc + Fpres ) /m,

(4.1)

where Fmagn is the magnetic force calculated with the MST, Fvisc is the
viscous friction force (described on page 56), Fpres is the pressure force (figure
2.5), and m is the mass of the anchor.

4.4

Results

Modeling results
First, transient models were used to estimate valve behavior. Figure 4.7
shows rms power consumption with different maximum current density rates
at constant 25 Hz. The lengths of voltage pulses were set to match the
response times given in figure 4.8. In these two figures, we can see that rms
power has its minimum close to 45 A/mm2 whereas the response time curves
form decreasing slopes.
An increasing force accounts for the decreasing response time. The necessary
minimum opening force was generated faster with higher current densities.
For each current density, a different coil structure was calculated using 24 V
as input voltage.
The existence of a minimum in the power consumption curve is more complicated. First, a valve that generates just enough force to open the flow
path consumes a lot of energy during one opening, because it takes time to
reach the force needed, and the opening pulse becomes long. With our valve,
this would happen at about 35 A/mm2 , at least according to the models
(figure 4.9). When current density was increased to 40 and 45 A/mm2 , the
necessary opening energy dropped because the necessary force was generated
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Figure 4.7: Modeled rms power consumption at constant 25 Hz. Transient
and linear motion models. The dashed line shows the limit of tolerable heat
production. At this point, the permanent magnet remained below 80 ◦ C in
most operating cases. That is, the oil temperature was maximum 70 ◦ C and
the surrounding air maximum 50 ◦ C.

faster, and because the voltage pulse could be shortened. This explains the
drop at the beginning of the rms power curve (figure 4.7).
At 50 and 55 A/mm2 , the pulses required were still shorter than previously,
but the growth of the transient maximum power during pulses had a greater
effect on system behavior, and the necessary opening energy began to increase. Also at high current densities, the saturation of the magnetic circuit
caused the maximum generated force to increase slowly (figure 4.9). This
led to a growing rms power consumption rate, because the increasing current
did not have the same benefit as before.
Current densities of 55 and 75 A/mm2 were chosen for further modeling with
linear motion models. A current density of 55 A/mm2 was chosen because
it was close to the valley in power consumption but with a shorter response
time than 50 A/mm2 current density. A current density of 75 A/mm2 was
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Figure 4.8: Modeled response times of opening and closing the valve at 25 Hz.
Modeling was done with transient models.

chosen because it had the shortest response times of the modeled cases, where
the power consumed by the coils could still be emitted (figures 4.7 and 4.8).
Calculated response times of a cycled constant 25 Hz drive at current densities of 55 and 75 A/mm2 are shown in figure 4.10. Calculations show that
response times changed the most at the first closing after the first opening.
As explained above, this was because the actuator first needed to win the
magnetization due to the first pulse. The time constant of the coils, given as
τ = L/R, increases transiently for the same reason. This can be seen from
equation 3.31, which states that inductance grows with a big change in the
magnetic flux with a virtual change in the current.
In practice, the actuator may need driving pulses that are longer than those
computed or measured in laboratory because pressure peaks and, for example, vibration may alter the environment transiently in the hydraulic system,
and a safety margin is then necessary. One alternative is to measure the
armature position and set the pulse time accordingly.

4.4 Results

61

120
110
100

Force (N)

90
80
70
60
50
40
35

Maximum force
Linearly growing maximum force
40

45

50

55

60

65

70

75

80

Current density (A/mm2)

Figure 4.9: Modeled maximum forces at each current density and linearly (in
fact, affinely) growing force calculated from a line passing through points (0
A/mm2 ,−6.23 N) and (35 A/mm2 , 48 N).

The pulse times used in the linear motion constant 25 Hz models were 3.5 ms
for opening and 2.5 ms for closing at 55 A/mm2 . At 75 A/mm2 , the values
were 3 ms and 2 ms, respectively. Rms power consumption was calculated
from the modeled current, and results are shown in figure 4.7 with small
’x’ marks. Though longer pulses were used, the rms powers were smaller
than in the transient models because of bigger time constants due to earlier
pulses and because the back-EMF effect was taken into account. These
phenomena lower the currents. In linear motion models, power consumption
at 55 A/mm2 was still much less than at 75 A/mm2 . For this reason, 55
A/mm2 became the choice for the optimal current density.
After 55 A/mm2 was chosen for the optimum current density, the behavior of
the valve was modeled in rapid constant 100 Hz cycling. The starting position
of the valve significantly affected the response time during the first two or
three cycles (figure 4.11) whereas the magnetization of the middle parts in
the magnetic circuit in later cycles (figure 4.12) had a negligible effect on it.
Two examples of magnetization in the magnetic circuit are plotted in figure
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Figure 4.10: Comparison of response times (in ms) between two linear motion
models at constant 25 Hz. The current densities are 55 and 75 A/mm2 . One
cycle is two switches.

4.13. Pulse times in constant 100 Hz cycling were 4 ms for opening and 3 ms
for closing.
Figure 4.14 shows force density plots of the used permanent magnet in three
different cases: (a) permanent magnet in free space, (b) permanent magnet
in the actuator design, no current applied, (c) permanent magnet in the actuator design, current densities −55A/mm2 in the upper coil and 55A/mm2 in
the lower coil. All models are axially symmetric, and only the axial component of the force density is plotted. In the models with the actuator design,
the permanent magnet is placed in its lower position (closed valve). Case
(b) shows a holding force situation and case (c) a static model of the applied current (opening pulse applied). Table 4.1 shows the corresponding
calculated total forces (axial component). The results were obtained using
equation 3.14. Note that the surface density force term produces a zero axial
force component (according to equation 3.14), when applied to this cylindersymmetric case.
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Figure 4.11: Response times modeled with linear motion models using a current density of 55 A/mm2 and a frequency of constant 100 Hz. Two cases
are modeled: initial state open and initial state closed. One cycle is two
switches. Response times remain at the steady level they reached after the
first 10 switches.

In figure 4.14 (a), we can see that the permanent magnet placed in free space
has a magnetic force that seeks to hold the permanent magnet together. That
is, at least the axial component of the force density points always towards
the centerline of the magnet. When the permanent magnet is placed in the
actuator design and a current is applied, the force density deviation is altered
so that a non-zero total axial force is summed on the magnet, though the
force density still has both negative and positive values in different parts of
the magnet.
Table 4.1 shows that the two different force calculation methods produced
almost the same forces. Case (a) should produce a zero force. We can
conclude that in the given cases the absolute error in both force computation
methods seems to be about 0.1 N.
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Figure 4.12: Growth of magnetization in the magnetic circuit calculated with
linear motion models. The valve was driven at constant 100 Hz, meaning 20
full cycles in 0.2 seconds. Field values are plotted at different time steps. At
the end of the last cycle (t=0.2 s), the value for Bz on the symmetry axis is
0.76 T, whereas initially it was 0.28 T. Plotting points are located on a radially
oriented line in the magnetic circuit above the permanent magnet (line shown
in figure 4.13).

Table 4.1: Calculated axial forces in three different axially symmetric modeling
cases: (a) permanent magnet in free space, (b) permanent magnet in the
actuator design, no current applied, (c) permanent magnet in the actuator
design, current densities −55A/mm2 in the upper coil (Jup ) and 55A/mm2 in
the lower coil (Jlow ). The forces
R are calculated from the Maxwell stress tensor
(MST) and the force density ( V f dv). The corresponding force densities are
shown in figure 4.14.

Jup
Jlow
MST
R
f dv
V

(a) free
–
–
-0.1
-0.1

Permanent magnet placed in
space
(b) actuator
(c) actuator
0A/mm2
−55A/mm2
0A/mm2
55A/mm2
N
-6.2 N
77.8 N
N
-6.3 N
77.7 N
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Figure 4.13: Growth of magnetization in the magnetic circuit. The valve was
driven at constant 100 Hz, meaning 20 full cycles in 0.2 seconds. Field values
are plotted at different time steps, the left one during the 4th cycle, 0.5 ms
from the start of the closing pulse. The right one is plotted 0.5 ms from the
start of the closing pulse during the 20th cycle. The corresponding absolute
times are 0.0355 ms and 0.1955 ms from the beginning of cycling. Plotting
points for figure 4.12 are shown in dashed lines above the permanent magnet
in the magnetic circuit.
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Figure 4.14: Force density plots in three cases: (a) permanent magnet in free
space, (b) permanent magnet in the actuator design, no current applied, (c)
permanent magnet in the actuator design, current densities −55A/mm2 in the
upper coil and 55A/mm2 in the lower coil (positive current means upwards
from the plane of the figure). Table 4.1 shows the calculated forces. The
magnetization of the permanent magnet is in the positive z-direction (axial).
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Measurements and their comparison
In the prototype (figure 4.15), the winding of the coils was set using an input
voltage of 24 volts. The coils had a total of 165 turns. At the maximum
coil temperature (120 ◦ C), the current was 14.6 A, which corresponds to a
current density of 55 A/mm2 . The magnet was of outer diameter 13.8 mm,
inner diameter 5 mm, and height 6 mm. The dimensions of the actuator are
described in figure 4.5.
The behavior of the hydraulic system and response times in general were
measured with a dSPACE DS1102 controller at a sample rate of 10 kHz.
The hydraulic test circuit is shown in [11].

Figure 4.15: The prototype valve.

Whereas the models were run at a high temperature (80 ◦ C for the permanent magnet and 120 ◦C for the coils), measurements did not yield the same
temperatures. Figure 4.16 shows valve behavior measured at 40 ◦ C over the
whole actuator. The pressure difference used was 210 bar and the driving
frequency constant 75 Hz. At the higher frequency of constant 100 Hz, pressure oscillations hampered detection of whether the valve opened or not at
each cycle. At high flow rates, another anomaly emerged in the hydraulic
part: the armature showed a maximum flow rate lower than that measured
before on the same part [11].
Since problems arose in measuring corresponding data at high pressure rates
and temperatures, another measurement–model correspondence was investigated. The pressure difference was set at 0 bars and temperature at 30 ◦ C in
the whole actuator. Results of modeled and measured current and voltage
are shown in figure 4.17.
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Figure 4.16: Valve behavior measured at 40 ◦ C in the coils. The initial pressure
difference over the valve was 210 bar, the driving frequency a constant 75 Hz,
and pulse times were 6 ms each. Here the driving voltage is 15 V (target
driving voltage is plotted; true driving voltage shows an overshoot). Pressure
data shows strong oscillation.

The actual driving voltage has a 13% overshoot. Inductance variations are
clearly well modeled. The back-EMF effect is not fully visible in the measured
data probably owing to a strong viscous damping close to the end of the
movement. Damping was not taken into account in the models.
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Figure 4.17: Valve behavior modeled and measured at 30 ◦ C in the whole
actuator. The pressure difference over the valve was constant 0 bars, the
driving frequency a constant 100 Hz, and pulse times were 4 ms each. An
overshoot of about 13% occurred at the measurement voltage control.

The pressure difference – flow rate curve (pQ-curve) of the bistable valve is
shown in figure 4.18. The maximum flow rate is significantly more than in
the original hydraulic part in [17] because of a change in the flow channel
geometry.
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Figure 4.18: Pressure difference – flow rate curve with a supply pressure of
210 bar from [11]. The temperature of the oil was 45 ± 1 ◦ C.
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Summary

An integrated bistable valve was successfully evaluated. The valve’s highest
possible switching frequency in oil flow control increased significantly over
solenoid use. In addition, the bistable valve is smaller and faster than solenoid
valves. (A detailed comparison with existing solenoid valves is given at the
end of chapter 5.)
The measured and modeled properties of the valve show strong correspondence though not a complete match. In view of the differences between the
two, we can conclude that the measurements support the models.
From the models, we can conclude that response times depend on the operating frequency, and that a current density with the smallest rms power consumption can be found. Note, however, that in random drive at a maximum
frequency of 100 Hz and a mean frequency of 25 Hz, rms power consumption properties would slightly differ from corresponding constant 25 Hz drive
owing to different pulse times, an assumption that was neither modeled nor
measured (models shown in figure 4.1).
Some valve parts may be mechanically unreliable. Covered with nickel, the
permanent magnet tolerates oil well but is susceptible to collisions when the
armature moves. Such collisions may result in demagnetization, which, however, is unlikely because of hydraulic damping. Furthermore, the permanent
magnet may attract metal particles from the oil, though this too is unlikely
because the flow path is far away from the magnet.
The hydraulic part seemed somewhat defective, probably because of some
wear and tear from heavy dry cycling. The problems with the part – the
wear and tear and pressure oscillation - may well be solved; however, they
do not interfere with any study of the actuator. Despite the above defects,
no serious leaks were detected in the hydraulic part.

Chapter 5
A novel hammer valve
This chapter introduces a novel hammer valve design. It describes first the
basic principles of a hammer actuator and then combines the actuator with
the hydraulic part introduced above [17] to form a direct operated seat valve
called the hammer valve. Furthermore, the chapter discusses multiphysical
modeling, which was used to predict the valve’s behavior, and the prototype
that was built and measured to verify the analysis. Finally, the hammer valve
is compared with the bistable valve in chapter 4 and the best in-market direct
operated valves. This chapter is based on publication [13].

5.1

The behavior of the hammer actuator

The word hammer usually refers to a situation where an accelerated part
with kinetic energy collides with a target part. The part often accelerates
slowly whereas the collision and transfer of kinetic energy to heat, work, or
kinetic energy of the target part are sudden events. The key factor in the
collision is that it produces a high transient force. For example, in case of
a human, hammer, nail, and wood, the nail needs a high transient force to
plough into the wood.
The hammer valve, too, consists of an accelerating and a target part. The
target part is connected to the hydraulic armature. When the accelerating
part has gained speed it hits the target part and a high impulse force is
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exerted on the target. If the force during the impulse is high enough, a
certain hydraulic threshold force is exceeded, and the valve opens at least a
fraction. Then if the hydraulic forces drop fast enough, the kinetic energy of
the moving parts is enough to open the valve.
Of the known hydraulic parts, the seat part with several restrictions, discussed in [17] and chapter 2, suits well a hammer actuator. It shows a
rapidly decreasing force at opening, and its hydraulic forces make it bistable
(figure 2.5).
The bistable hammer actuator has similar usability properties as the bistable
actuator in chapter 4. For example, the valve can be driven transiently at
overfrequencies; that is, frequencies higher than the highest tolerable continuous operating frequency can be applied.

5.2

Technical design

Basic construction of the hammer valve
The bistable actuator in chapter 4 was transformed into a bistable hammer
actuator by making small changes in its geometry. For example, the hydraulic
armature and the anchor were modified to work as a target part and an
accelerating part, respectively. As shown later in the results, the changes
enabled a reduced total radius and thus a reduced valve volume while the
hydraulic flow rates remained approximately the same.
The basic geometry of the actuator consisted of two coils (a pushing and a
pulling one), a permanent magnet, and a magnetic circuit with an accelerating part. The target part may be either a magnetic part attached to the
hydraulic armature or the hydraulic armature itself. Some alternative basic
geometries are shown in figure 5.1.
If the permanent magnet is positioned in the accelerating part, it is exposed
to collisions and thus to possible demagnetization. This precludes geometry
option (a) in figure 5.1. Geometry option (b) in figure 5.1 may produce
slightly higher magnetic forces than (c) because the air gaps can be made
smaller, but the viscous friction and stiction effects are also greater for the
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Figure 5.1: Some alternative basic geometries of a bistable hammer valve:
(a) permanent magnet works as the accelerating part and hits the target part
attached to the hydraulic armature; (b) the accelerating part is changed to iron
and a unipole permanent magnet is added to the hull; (c) the magnetic target
part is removed, and the accelerating part (made of iron) hits the hydraulic
armature, which is then the only target part. Components: 1. Magnetic
circuit, 2. Upper coil, 3. Lower coil, 4. Non-magnetic hydraulic armature, 5.
Accelerating part, anchor, permanent magnet, 6. Target part attached to the
hydraulic armature, made of armco iron, 7. Accelerating part, anchor, made
of armco iron, 8. Permanent magnet ring with a radial magnetization pattern
(unipole, north pole on the right in this figure), 9. Accelerating part, anchor,
made of armco iron, 10. Non-magnetic hydraulic armature that now works as
the only target part. Parts 4 and 10 can be hollowed out to provide a flow
path for oil to bypass the anchor when it moves. Pressure vessel and some
other details have been omitted in the figures.

same reason [58]. Option (c) has clearly the lowest viscous friction whereas
the maximum speed of its accelerating part is the highest (the oil flow path of
option (c) is shown later in figure 5.4). In addition, in option (c) the masses
of target part and accelerating part are conveniently related to each other.
Hence, option (c) was chosen for multiphysical modeling.
Structurally, the chosen bistable hammer actuator resembles the geometry
of the bistable actuator by NASA in [18] and figure 5.2. Both solutions have
a radially magnetized permanent magnet between two coils. However, the
hammer actuator in this thesis differs from the NASA actuator as follows:
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1. The hammer actuator was made thinner to pack several parallel valves
in the small space of the valve package.
2. In the hammer actuator, the coils are used simultaneously whereas [18]
recommends use of one coil for each switching direction.
3. The hammer actuator embodies hammer actuation.
4. Considerable effort was put in multiphysically designing the hammer
valve. For example, the oil flow around the anchor was modeled simultaneously with electromagnetic forces.

Figure 5.2: A bistable actuator in [18], page 146.

Operation mode
The following is a detailed though intuitive description of the operation mode
of the bistable hammer actuator. Its electromagnetic behavior is not described as closely as in the list in section 4.3 because the hammer actuator
has many similarities with the bistable actuator in chapter 4.

1. Before opening, the permanent magnet holds the accelerating part in
its lower position (closed valve, figure 5.8a).
2. When voltage is turned on in the coils, the current and thus magnetic flux start to rise and screening currents are induced. The flux of
the permanent magnet is strengthened above the accelerating part and
weakened below it (figure 5.5).
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3. When the electromagnetic force exerted on the accelerating part is
positive (upwards), it starts to move up. At the same time, viscous
friction starts to repulse the movement. The viscous friction increases
with the speed. The friction depends also on the position but only
slightly, if the collision phase is not considered.
4. When the accelerating part is close to the target part (hydraulic armature), viscous friction starts to increase quickly due to a collision via
a thin film of oil between the two metal parts. A strong and sudden
impulse force is exerted on both target part and accelerating part.
5. If the impulse force is high enough, it overcomes the hydraulic pressure
force, and the target part starts to move along with the accelerating
part.
6. As the target part moves, hydraulic forces drop rapidly due to a pressure compensation in the hydraulic part.
7. During a collision, the accelerating part slows down markedly, but if its
initial speed before the collision is high enough, movement and opening
continue until the valve is fully opened. Movement stops when the
target part hits the magnetic circuit.
8. During movement, the current changes in the coils. Before a collision,
the current may decrease because a current is induced to the coils by the
movement of the magnetic part, provided the movement is fast enough.
In addition, the current may rise when the magnetic accelerating part
slows down and decrease again when the accelerating part and target
part reaccelerate after a collision, if the accelerations are big enough.
9. When movement stops, the voltage is turned off. After the screening
currents and magnetization due to a voltage pulse in the magnetic
circuit have vanished, the permanent magnet holds the accelerating
part and thus the target part in the upper position. The target part
is held in the upper position also by hydraulic forces (if a pressure
difference occurs over the valve) because of the bistable form of the
hydraulic force curve.
10. Closure of the valve works the same way, with the difference that the
hydraulic force to be exceeded by the impulse force is now much lower.
While in motion, the anchor should not bounce back, because the oil’s
compressibility is not very high compared to its viscosity and the lin-
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ear momentum of the anchor. Anchor bounce has not been modeled
accurately, because the models assume noncompressible fluid.1

5.3

Modeling

Exact modeling of the hammer actuator leads to a coupled modeling problem
between dynamic non-linear electromagnetic field, dynamic non-linear fluid
mechanical turbulent, and/or laminar flow and mechanical movement calculations. However, as explained in chapter 3, all these phenomena could not be
taken accurately into account in numerical multiphysical modeling. Therefore, modeling had to be simplified while still maintaining good calculation
accuracy.2
In their geometry, the models differed slightly from the actual prototype. The
prototype is a genuine 3D design, but it was approximated with 2D axisymmetric models in all modeling cases in this chapter. Furthermore, the models
did not take account of the dynamics of the oil. Moreover, hysteresis was
ignored in electromagnetic computations, mechanical friction, and stiction
effects [58]. However, viscous friction forces were computed, as explained in
the next section.

Fluid mechanical modeling
Measured data from [17], given also in figure 2.5, was used to model hydraulic pressure forces (henceforth hydraulic forces) exerted on the hydraulic
armature (target part). Static models were used to calculate pressure forces
due to viscous friction or shear forces (henceforth viscous friction forces) at
different locations and speeds. This data was used in electromagnetic computation with movement modeling by interpolating between from the stored
values.

1

However, according to measurements, the anchor seemed only to slow down (damped),
not bounce back, in the two collisions of one opening or closing.
2
The goodness of the models is determined by measurements, as mentioned above. It
turns out later that the models and measurements correspond well.

5.3 Modeling
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In static fluid mechanical viscous friction force modeling, the general equations for incompressible flow were solved. In practice, solutions are found
easily only when laminar flow occurs, that is, when the Reynolds number is
low enough. The flow bypassing the moving parts in the viscous friction calculations in this thesis was almost always laminar. Only when the velocity of
the moving parts exceeded about 2 m/s or the accelerating part was close to
the target part, the bypassing flow changed from laminar to turbulent flow.
Turbulent flow was not modeled. Instead, in case of high-speed movement
(over 2 m/s), extrapolation from laminar models was used. If the accelerating part was close to the target part, collision modeling was used in the form
of an artificial impulse force and extrapolation.
The formulations and other background theory used in fluid mechanical modeling are given in 3.2. The fluid mechanical models were calculated in static
axially symmetric cases.
Figure 5.3 shows some calculated viscous friction data. In this case, the
anchor and hydraulic armature are moving towards an opened position. Obviously, the position of the moving parts does not significantly affect the
viscous friction force, but the speed and number of the parts do. This makes
figure 5.3 a good model of the viscous friction force in the opening case. The
viscous friction force in the closing phase was assumed similar to the opening
phase but with the opposite sign.
Figure 5.4 shows the velocity and pressure field models of one calculated motion case for viscous friction force calculation. In the model, the accelerating
part is moving up just before a collision. On all its borders, there is a boundary condition of an upward flow adjusted to the velocity of the accelerating
part. The damping of the accelerating part’s motion due to the viscous flow
of the fluid was calculated from the pressure field. The viscous friction force
was calculated using several positions and velocities of the accelerating (and
target) part(s). The fluid mechanical models were computed with Comsol
multiphysics.
Flow was analyzed by stationary FEM, because dynamic FEM analysis of
flow should be done contemporaneously with dynamic electromagnetic modeling, a feat beyond the capabilities of any existing software. Furthermore,
viscous friction was modeled with stationary FEM models rather than parametric models, because it is relatively easy and accurate to use interpolation
from discrete FEM models for laminar flow.
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Figure 5.3: Viscous friction force before and after a collision when the part(s)
are moving in opening direction (up).

Stationary FEM analysis offlow is both optimistic –because due to a lack of
squeezing of the fluid (hydraulic inductance), the anchor moves faster – and
pessimistic – because the hammer then hits with less energy and thus force
in relation to the speed of the anchor (again due to the lack of squeezing).
In conclusion, the toil and trouble invested in modeling the time-dependent
terms would have eclipsed the benefits (improved accuracy).3

Electromagnetic modeling
The linear motion model employed takes into account all the necessary dynamical electromagnetic phenomena, including movement (back-EMF effect),
magnetic diffusion, and earlier pulses in cycling. The used OPERA-2d linear motion software solves the vector diffusion equation with the magnetic
vector potential A as the unknown variable. The models used and other
background theory on electromagnetics were discussed in 3.1.
Two typical magnetic field plots are given in figure 5.5: on the left, the magnetic field before an opening pulse (valve closed), on the right, the magnetic
3

This was confirmed later by the measurements.
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Figure 5.4: This figure shows typical velocity (a) and pressure (b) fields calculated with the fluid mechanical models. Parts: 1. Target part, hydraulic
armature, 2. Accelerating part, anchor.

field has, typically, a certain skin depth when an opening pulse is applied.
The non-magnetic target part (hydraulic armature) and the copper rings on
the windings were not modeled (figure 5.9).
The back-EMF effect was taken into account in modeling in that the input
current was solved while solving equation 3.24 or 3.25, as described in detail
in section 3.1.
Magnetic diffusion was also modeled while solving equation 3.24. According
to [44], the magnetic diffusion time of armco iron for a cylinder radius of
Rτm = 5 mm is τm = µσRτ2m /2.40482 = 0.35 s, if the material is assumed
linear with µr = 6400. However, according to [44], this diffusion time is
expected to drop considerably when non-linearity is taken into account.
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Figure 5.5: Magnetic fields plots (fields in teslas).

Mechanical modeling
In collision modeling, we assume that the oil is incompressible and that the
collision is inelastic. An inelastic collision often shows a permanent change
in the geometry of at least one of the colliding parts. However, in this case
the deformation is the movement of the oil between the two colliding objects.
In an inelastic collision, linear momentum is conserved but kinetic energy is
not. The loss of kinetic energy is taken into account by artificially slowing
down the accelerating part in the models with a constant artificial impulse
force over the last micrometers before the collision. The constant artificial
impulse force F is calculated with the principle of virtual work ∆W ≈ F ∆s,
where the energy ∆W is the calculated loss of kinetic energy, and ∆s is the
small displacement. In practice, the effective range of the artificial impulse
force is set at the point where the accelerating and target parts are less than
0.05 mm apart. This is because at smaller gaps, the viscous friction force
can no longer be calculated with laminar models, as mentioned above.
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If the impulse force in the collision is greater than the hydraulic force exerted
on the hydraulic armature (target part), the flow path opens. Yet after the
valve has just opened (ajar), the accelerating and target parts together must
have enough kinetic energy to overcome the rest of the hydraulic force. This
is because the hydraulic force, though it drops rapidly, does not instantly
drop to zero (figure 2.5).
The modeled artificial impulse force may be weaker than the hydraulic force
to be exceeded (and it is, for example, in figure 5.14). In this case, according
to models, the valve should not open, though the prototype might still work.
This is because the actual impulse force is not constant and forms a relatively
sharp peak. The maximum value of the peak could not be calculated with
the models in this work, but if it is much higher than the hydraulic force, the
hammer actuator probably works and the valve opens. For these reasons,
the functioning of the hammer valve – that is, at least fractional opening –
was assumed in the models. The actual functioning of the valve remains to
be verified by measurement of the prototype.
Movement was calculated by solving the electromagnetic boundary value
problem, including the effects of linear motion. In practice, we take into
account
1. the electromagnetic forces,
2. the measured hydraulic pressure forces from [17],
3. the viscous friction forces from static fluid mechanical calculations,
4. the artificial impulse force that simulates the loss of energy in an inelastic collision, and
5. the mass of the accelerating part and, additionally, the mass of the
target part, where applicable.
Mechanical movement was calculated together with electromagnetic calculations using the VF opera 2d linear motion software. The mechanical movement of the anchor and armature was modeled by calculating the acceleration
from the sum of different forces and masses. The movement (velocity and
position) were then calculated from the acceleration using the trapezoidal
rule.4 The equation for modeling the acceleration a of the bistable actuator
4

This is built in the VF Opera Linear Motion software.
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in this chapter has the form
a = (Fmagn + Fvisc + Fpres + Fimp ) /m,

(5.1)

where Fmagn is the magnetic force calculated with the MST, Fvisc is the
viscous friction force (figure 5.3), Fpres is the pressure force (figure 2.5), and
Fimp is the impulse force (calculated as described earlier in this section). The
mass m varies during the motion as the number of the moving parts changes.
Fpres and Fvisc were calculated and stored in a database before movement
calculation. Interpolated values of the stored data were then used during
electromagnetic computation, which included movement calculation (all the
variables in modeling are shown in figure 5.14).

5.4

Prototyping

Figure 5.6 shows a size comparison of the bistable hammer actuator, a 9 V
battery, and the bistable valve in chapter 4. The geometry of the hammer
valve prototype is shown in figure 5.7. Figure 5.8 shows different positions of
the target part (hydraulic armature) and the accelerating part (iron anchor).

Figure 5.6: Size comparison of the bistable hammer actuator, left, a 9 V
battery, center, and the bistable valve in chapter 4, right.

The coils are wound with copper wire of diameter 0.25 mm with a total
of 234 rounds (146 in upper and 88 in lower coil). The computational total
resistance of the two coils at 20 ◦C is 3.8 Ω and 4.8 Ω at 80 ◦ C. Corresponding
measured resistances are 3.6 Ω at 22 ◦ C, 3.8 Ω at 32.3 ◦ C, and 4.5 Ω at 80 ◦ C.
The inductance and time constant calculated at static 80 ◦ C cases were L =
3.2 mH and τ = 0.66 ms.
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Figure 5.7: Geometry of the hammer valve. All red parts are armco iron,
and the yellow part is the permanent magnet ring. In height, the actuator
structure is 22 mm and the valve a total of 26 mm. The diameter of the valve
is 18.5 mm.
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Figure 5.8: Different positions of the target part and the accelerating part: (a)
closed valve, (b) collision at opening, (c) opened valve, (d) collision at closing.

The permanent magnet is of type ND-31SHR, and the direction of its magnetization is radial (unipole). The magnetization curves of the permanent
magnets used in this thesis are shown in figure 3.2.
Because the winding did not fill all the space in the coil formers, the rest was
filled with copper rings (figure 5.9) and silicon paste to improve the thermal
conductivity properties. Press fit was used to build the target part (hydraulic
armature) from two separate parts. Before that, the accelerating part was
placed between these two.

Figure 5.9: (a) Coil and a copper ring. (b) Copper ring installed on the coil.
The coils were covered with copper rings to improve heat transfer properties.
The copper rings were cut in half to decrease eddy currents and were not
modeled in the electromagnetic computations.

In mass, the accelerating part is about 1.9 g and the hydraulic armature
(target part) about 1 g.
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A solid pressure vessel was excluded in the hammer valve and replaced with
separate parts of magnetic circuits and coil formers glued together. The
dimensions of the hammer valve are shown in figure 8.2 in appendix 8.4.

5.5

Results

Modeled behavior of the hammer valve
The valve was to be operated with short 24 V voltage pulses. Figures 5.10,
5.11, and 5.12 show the response time, rms power consumption at 62.5 Hz
drive, and velocity of the accelerating part for various voltage pulse levels.
All models were done at 80 ◦ C and at a 210 bar pressure difference.
In most modeling cases, when a hydraulic input pressure of 210 bar is used,
the output pressure is assumed to be close to 1 bar when the valve is closed
and 110 bar (∆p = 100 bar) when the valve is opened. Later in this chapter,
measurements are given also with constant ∆p = 0 bar (1 bar input and
output pressures).
Figure 5.11 shows that a minimum can be found in the rms power consumption curve. In addition, the approximated, continuously applicable rms power
seems to be less than the power consumption of the valve at 62.5 Hz – no
matter which voltage pulse level is chosen – unless shortened pulses are used.
In this case, the voltage pulse was kept on only until a collision took place.
The effect of the shortened pulse on the response time is less than 0.1 ms.
Response times of a cycled 200 Hz drive are shown in figure 5.13. Cycled
driving of the hammer valve had a similar effect on response times as in the
bistable valve in chapter 4. That is, the response time of the second switch
was longer than in a single pulse. In later cycles, response times were only
slightly longer than in a single pulse. Furthermore, response times stabilized
after just a few cycles, which means that magnetic diffusion in the later cycles
had no effect, as it did not on the bistable valve in chapter 4.
Variables of a single opening at 24 V operating voltage are shown in figure
5.14. The following are short comments on all the curves in the order they
appear in figure 5.14:
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Figure 5.10: Response times during the first cycle of a cycled 62.5 Hz drive.
The valve is first opened. At 8 V, the valve worked no longer because the
voltage pulse could not overcome the magnetic holding force.

1. Operating voltage 24 V. The voltage is cut off when the motion ends
(normal length voltage pulse was used, not shortened). The length of
the voltage pulse is thus also the response time predicted by the model.
2. The current of the coils. The back-EMF affects the curve slightly, at
least just before the voltage is cut off.
3. The position of the anchor (and armature after the collision). The
position changes as the force exerted on the anchor becomes positive.
4. The speed of the anchor (and armature after the collision). The speed
drops temporarily at the collision.
5. The acceleration of the anchor (and armature where applicable). Besides actual accelerations, the curve shows also virtual accelerations
because supporting forces exerted on the anchor from the walls are not
taken into account in this parameter. For example, at the beginning
of the curve, the valve shows strong negative acceleration, but the wall
prevents the movement. Similar blocking occurs after the opening at
the end of the curve.
6. The electromagnetic force exerted on the anchor.
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Figure 5.11: Modeled power consumption of the valve during the first cycle of
a cycled 62.5 Hz drive. The dashed line shows the approximated maximum,
continuously applicable rms power. The cross below the curve (12.0 W) marks
a case where voltage pulses are reduced in length. In this case, the voltage
pulse was kept on only until a collision took place. The effect of the shortened
pulse on the response time is less than 0.1 ms.

7. The viscous friction force exerted on the anchor and the hydraulic armature, where applicable.
8. The hydraulic pressure force exerted on the anchor via the hydraulic
armature. This force drops to zero when the anchor first starts to
accelerate, because the hydraulic armature remains at rest at this point.
After the collision, this pressure force from the hydraulic part begins
to affect the anchor again.
9. The impulse force exerted on the anchor. This curve describes a constant artificial impulse force exerted on the anchor when it collides with
the hydraulic armature.
10. The weight of the anchor and hydraulic armature, where applicable.
Table 5.1 compares modeled energies for a single opening switch between the
bistable valve in chapter 4 and the hammer valve. After giving the pulse, the
operating voltage is zero (current can still be non-zero). The kinetic energy
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Figure 5.12: Velocity of the accelerating part with different voltage pulses,
according to the models.
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Figure 5.13: Modeled response times at 200 Hz cycling with 24 V operating
voltage.

at the end of the movement means energy at maximum speed just before the
end of the movement when the anchor collides with the end wall. Opening
energy against viscous friction forces is integrated up to the same point.
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Table 5.1: Comparison of modeled energies for a single opening switch between
the bistable valve in chapter 4 and the hammer valve. All energies are in
millijoules (mJ). U is operating voltage (24 V), R is resistance (Ω), I(t) is
the current of the coils (A), t1 is the pulse time (s), t2 is the time when coil
current has dropped practically to zero (s), s is the opening (m), Vσ is the
volume with relatively high conductivity, excluding coils (m3 ), Fmagn is the
magnetic force exerted on the anchor (N), m is the weight of the anchor (and
armature) (kg), vmax is the (maximum) velocity (m/s), Fpres is the pressure
force (N), and Fvisc is the pressure force due to viscous friction (N).

Property
Total energy/
opening switch
Ohmic loss in
coils
Ohmic loss in
eddy currents
Total energy to
movement
Kinetic energy
at the end of
movement
Opening
energy to
hydraulic part
Opening
energy against
viscous friction
forces
Loss in collision
during opening
(hit of the hammer)

Bistable
valve
676
100%

Hammer
valve
143

Expression
Etot = U

100%

559
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25%

∼1

Fmagn (x)x dx

0

2
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Ehydr =
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9.3
25%

∼3

17%

0

0



E · Jdv dt
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8.9

-

I 2 (t)dt
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∼1

0

20
14%

36

R t2

R t2 R

84
12%

I(t)dt

Fpres (x)x dx
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Figure 5.14: All model parameters and states for one opening of the hammer
valve. The driving voltage is 24 V.
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Figure 5.15 shows modeled input power, ohmic power loss in coils, eddy
current loss, power stored in the electromagnetic field, and power transformed
to movement in the hammer valve.

a)
100
80
60

Power (W)

40
20
0
−20

X−axis
Input power
Ohmic loss in coils
Eddy current loss
To em field and movement

−40
−60
0

0.5

1

1.5
Time (s)

2

2.5

3
−3

x 10

b)
100
X−axis
To em field and movement
To em field
To movement

80
60

Power (W)

40
20
0
−20
−40
−60
0

0.5

1

1.5
Time (s)

2

2.5

3
−3

x 10

Figure 5.15: (a) modeled input power, ohmic power loss in coils, eddy current
loss, power stored in the electromagnetic field, and power transformed to movement in the hammer valve; (b) separate powers stored in the electromagnetic
field and transformed to movement.
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Comparison with high temperature cases
The hammer valve in this chapter was designed for ambient air and oil temperatures well below the valve’s maximum operating temperature. The permanent magnet chosen for the prototype limits the operating temperature
to 80 ◦ C.
If the valve is used at high temperature – with oil (or possibly other fluid)
and ambient air temperatures close to 100 ◦ C or more – the material of the
permanent magnet must be changed to a more suitable one. One permanent
magnet material for hot environments is Neorem 495a, which, according to
the models, could be used up to 150 ◦ C in the hammer valve. This case is
studied next with models.
Table 5.2 is a theoretical comparison of different materials used at different
hammer valve operating temperatures. In addition, it shows the changing
resistance and coil current due to change in temperature . Table 5.3 shows
the corresponding valve properties according to case.
Table 5.2: Material and coil properties at different temperatures T . Hc and
Br refer to the coercivity force and remanence flux density of the permanent
magnets. R and Imax stand for the resistance and maximum current of the
coils. The operating voltage is 24 V.

T ( ◦ C)
20
80
120
150

Material
Hc (kA/m)
ND-31SHR
-830
ND-31SHR
-750
Neorem 495a
-740
Neorem 495a
-700

Br (T)
1.14
1.05
0.97
0.93

R (Ω)
3.8
4.8
5.4
5.8

Imax (A)
6.3
5.0
4.4
4.1

In table 5.3, we can see that, theoretically, a valve could be used at 150 ◦C
with only a small increase in response time, while its rms power seems to
drop slightly. At high temperatures, the valve’s behavior is explained by
an increasing resistance in the coils – and thus dropping current – and, on
the other hand, a decreasing holding force of the permanent magnet, which
almost compensates for the effect of a decreasing current.
The models with Neorem 495a magnets were not verified with measurements.
The holding force at 150 ◦ C was still more than 10 N in both stable positions,
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Table 5.3: Theoretical comparison of different materials used at different operating temperatures (T) of the hammer valve. The table shows the properties
of the valve. topen and tclose stand for opening and closing response times.
Prms@62.5 Hz refers to the rms operating power at 62.5 Hz operating frequency.
Short voltage pulses were to operate the valve, which means that a pulse was
on only until collision.

T ( ◦ C)
20
80
120
150

Material
topen (ms)
ND-31SHR
1.81
ND-31SHR
1.94
Neorem 495a
2.03
Neorem 495a
2.10

tclose (ms)
1.68
1.78
1.84
1.89

Prms@62.5 Hz (W)
12.8
12.0
11.5
11.1

giving the valve vibration tolerance at accelerations below 3000m/s2 . In
addition, mechanical structures, including glue and the coil winding, would
in theory withstand 150 ◦C.

Measurements and their comparison
The measurement setup was a hydraulic circuit, which consisted of a hydraulic pump system, the hammer valve, pressure sensors, a flow sensor, and
a thermal sensor. The same hydraulic circuit was used in measuring all of
the valves presented in this thesis. Figure 6.10 presents the measurement
setup. The valve was powered by a voltage pulse source. A heater was used
to maintain a steady 80 ◦ C for the operation of the valve.
First, the functioning of the hammer valve was verified. The pressure difference was set at 210 bar, and the valve was heated to 80 ◦ C. The valve
worked with 18 V driving voltage with 10 ms voltage pulses. At 24 V driving
voltage, the valve worked according to calculations. A comparison of measured and modeled currents of a 24 V 62.5 Hz drive is shown in figure 5.16.
The modeled rms power consumption was 12.3 W and the measured one 13.4
W. The back-EMF effect is visible in both modeled and measured current
curves.
The functioning of the valve at a high operating frequency is shown in figure
5.17. Some pressure oscillation occurs as the pressure difference reaches val-
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ues higher than the input pressure of 210 bars. For this reason, it was hard
to determine the response times accurately.
As the last study, response times were measured from pressure difference
curves at various pressure differences.5 , 6 Furthermore, the valve was subjected to heavy cycling – about 30 000 rounds, after which response times
were measured again. As shown in figure 5.18, response times slowed down
after heavy cycling, partly because the location of the output pressure sensor was changed. The sensor was moved further from the valve to ensure
cleaner pressure measurements. Unfortunately, this may have led to measuring longer response times.
Measured response times were defined as the time gap between the onset of
a voltage pulse (at t=0 s in figures 5.16 and 5.17) and the first observable
pressure change, which also marked the end of the voltage pulse (the first
drop in the voltage in figure 5.17). In cycling, the voltage pulse remained the
same in length in later pulses, though pressure change no longer corresponded
to pulse time. Figure 5.17 shows that, nevertheless, the valve opened and
closed each time.
The power electronics used caused about a 5% overshoot in the measured
applied voltage. All measurements were taken when the oil was at about
30 ◦C and the valve at 80 ◦C.
The pressure difference–flow rate curve (pQ-curve) of the hammer valve is
shown in figure 5.19. The flow rate curve has changed significantly from [17]
and the bistable valve in chapter 4 because of changes in the flow channel
geometries. Cavitation effects are now smaller and the maximum flow is
relatively high; the downside is that the flow curve is now flatter.

Comments on measurements
In measurements, prototypes response times were measured from pressure
changes. A change in pressure was detected with a pressure sensor with
5

The pressure difference was determined when the valve was closed.
Response time were hard to read from current curves because the back-EMF effect
was not clearly visible. A similar effect happened in the model.
6
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Figure 5.16: Comparison of measured and modeled currents. Operating frequency was 62.5 Hz and driving voltage 24 V.
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Figure 5.17: Pressure difference and driving voltage in a 200 Hz cycled drive.
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Figure 5.18: Measured opening response times before and after heavy cycling.
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Figure 5.19: Pressure difference–flow rate curve with a supply pressure of 210
bar. The temperature of the oil was about 30 ◦ C.
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about a 0.4 ms delay.7 On the other hand, modeled response times were set
in the time gap between start of voltage pulse and end of anchor movement
(also end of voltage pulse). If the anchor moves at an average of 1.5 m/s,
it takes about 0.4 ms to travel the 0.6 mm opening distance. For these
reasons, measured and modeled response times should still be, and they are,
reasonably close. Measuring the anchor position would be a better way to
measure response time in the prototype, though the high pressure of the oil
inside the valve would still be a problem.
The hydraulic part of the hammer valve worked almost like in the bistable
valve in chapter 4 and [17], though its nominal flow rates were slightly lower.
The valve jammed a few times during running-in but worked smoothly later
on. The jamming was probably caused by a slight inaccuracy in the prototype
construction, for example, rough sliding surfaces. The wear and tear of the
hydraulic part in the bistable valve in chapter 4 was confirmed again after
heavy cycling. Such wear could be prevented by somehow hardening the
hydraulic parts.
The problems with the hydraulic part did not involve the hammer actuator,
which worked almost as modeled; that is, the assumptions made in multiphysical modeling were reasonable. Overlooking mechanical frictions may
have caused most of the difference between models and measurements. Some
stiction forces may also have escaped detection. On a further note on the
prototype, the pressure vessel was leak-proof, and that valve function at low
temperatures (30 ◦ C) was also verified by measurements.
The radially magnetized permanent magnet ring of the hammer actuator
seemed a good choice for three reasons. First, a permanent magnet cannot
be easily demagnetized because it is not exposed to collisions. Second, the
permanent magnet is almost only strengthened by voltage pulses, which further lowers the risk of demagnetization. Third, the volume of the valve seems
to be minimized when the magnet is placed between the coils (figure 5.7).
The approximated highest tolerable rms power (14 W) of the hammer valve
shown in figure 5.11 was measured when the valve was placed in its manifold
(attached to metal structures). When the valve was placed alone on the
table, its maximum applicable rms power rate dropped from 14 W to about
one tenth. This is because the valve could emit more heat when placed in
7

This delay is due to pressure sensor measuring delay including the effect of the distance
from the valve to the pressure sensor.
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its manifold with a large surface area, a finding to be observed in designing
a valve package. However, the cooling effect of the oil was not yet taken into
account (a topic for the next chapter). Furthermore, the rms power rate of
a single hammer valve could perhaps be reduced to about 12.0 W by using
shorter pulses, as shown in models. The simulated change in response time
was less than 0.1 ms (not confirmed by measurements).

Comparison with commercial valves
Table 5.4 compares several seat valves: the Flocontrol valve [59], the Lee valve
(number SDBB3322013A) [60], the Hydac WS08W-01, the bistable valve
designed in chapter 4, and the hammer valve. One spool valve, the Moog
NG6, has been added for comparison. The information on Moog and Hydac
valves is based on measurements of individual valves at the Department of
Intelligent Hydraulics and Automation. The Hydac valve is a seat valve with
a dynamic seal.

Table 5.4: Comparison of hammer valve, bistable valve (previous chapter), and
some in-market valves. Properties: 1. Switching time t (ms), 2. Maximum
continuous operating frequency fcon (Hz), 3. Maximum operating frequency
l
fmax (Hz), 4. Nominal flow rate Qnom ( min
) @ ∆p = 10 bar, 5. Maximum
l
flow Qmax ( min ), 6. Maximum pressure differential ∆pmax (bar), 7. Volume
V (cm3 ), 8. Nominal flow density qnom ( l/min
cm3 ) @ ∆p = 10 bar, 9. Maximum
l/min
flow density qmax ( cm3 ) @ ∆p = 210 bar.

Property
1.
2.
3.
4.
5.
6.
7.
8.
9.

t (ms)
fcon (Hz)
fmax (Hz)
l
Qnom ( min
)
l
Qmax ( min )
∆pmax (bar)
V (cm3 )
)
qnom ( l/min
cm3
l/min
qmax ( cm3 )

Hammer
Valve
∼2
∼ 60
∼ 200
3.3
17
210
7.0
0.47
2.4

Bistable
valve
< 3.5
∼ 30
∼ 100
4.4
18
210
21.3
0.21
0.94

Flocontrol
7 − 15
?
?
0.8
3.7
210
∼ 58
0.014
0.064

Lee
Moog Hydac
valve
NG6
< 30
> 20
> 20
20
5
?
20
5
?
0.5
100
17
?
212
34
?
45
40
∼ 18.5 ∼ 400 ∼ 80
0.027
0.25
0.21
?
0.53
0.43
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In table 5.4, switching times were all measured without any booster circuits, and operating frequency means the maximum continuous operating
frequency. For valve volume, only the volumes of the electromagnetic actuator and active hydraulic parts are considered (all pipes and terminals are
f low rate
excluded). The nominal flow density qnom is defined as N ominal
. Some
V olume
valves do not work at 210-bar pressure difference without an extra restriction
in series with the valve. For these valves, maximum flow rates and maximum
maximum f low
) were calculated to
flow densities (defined as qmax = T heoreticalV olume
determine the maximum performance of each valve.
Adding to the comparison of valves in table 5.4, another fast spool valve – the
Sturman valve [30] should be mentioned. It has the following characteristics:
response time 0.45 ms, flow at ∆p = 10 bar 17.3 l/min, volume about 40
cm3 , and hence calculated nominal flow density (at ∆p = 10 bar) 0.43 l/min
.
cm3
The valve’s maximum pressure difference and operating frequencies are not
known to the author. The Sturman valve is not fully comparable with the
valves in table 5.4 because it uses electronic boosting.8 As mentioned above,
boosting might benefit also the valves designed in this thesis, but this factor
was excluded here.

5.6

Summary

A hammer valve was successfully constructed. Because it is small and fast,
the designed bistable hammer valve meets the needs of digital hydraulics.
Furthermore, its response time is almost independent of pressure difference,
which is a useful property for a valve in a digital hydraulic control system, because its response time can be predicted. Furthermore, theoretically, ambient
temperature does not strongly limit the use of the hammer valve. Compared
to commercial valves, the hammer valve also has a high flow density number.
For these reasons, the new hammer valve can be judged competitive.

8

The Sturman valve is current-controlled instead of a traditional voltage control valve.

Chapter 6
A novel digital hydraulic valve
package
This chapter introduces a novel digital hydraulic valve package, the physical
part of a DFCU. Several hammer valves were placed in a single manifold, and
thermostatic models were used to predict the highest applicable rms power
rates. Finally, a prototype was built and measured to verify analysis. This
chapter is based on publication [14].

6.1

Valve package design

The hammer valve in chapter 5 was chosen for the valve package, since it
was small, fast, and had a high operating frequency (table 5.4). It had also
a relatively thin geometry, which helped design a small and compact valve
package.
A rough target value for the valve package design was a total flow of 100 l/min
at a 35 bar pressure difference. This valve package was chosen, because it
could be used in a test system at TUT/IHA to compare with other valve
packages and analog valves. A single hammer valve has a flow rate of 7
l/min at a 35 bar pressure difference. Sixteen of these valves were used to
satisfy the requirement.
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The designed manifold had one in-pipe and two out-pipes for oil flow. The
oil passed through the valves, flowing between the two types of pipes. The
valves were placed in four rows, two rows of four valves on each side of the
manifold (figures 8.3, 8.4, 8.5, and 8.6 in the appendix show the geometry of
the valve package).
Because the valve package had 16 valves with (ideally) the same flow rates, it
had 17 possible discrete flow states. The minimum change in flow (resolution)
was the flow of a single valve. Most flow states could be achieved with several
opening combinations (states of valves). At zero or maximum flows, only
one opening combination was possible: all valves closed or opened. The
number N of possible opening combinations for any certain flow state could
be calculated using
n!
N=
,
(6.1)
no ! · (n − no )!
where n is the total number of valves and no the number of opened valves.
When the values of no are (0, 1, 2, 3, . . . , 16), N has the values (1, 16, 120,
560, 1820, 4368, 8008, 11440, 12870, 11440, 8008, 4368, 1820, 560, 120, 16,
1).
The operating frequencies estimated for the hammer valve were 200 Hz for
transient and 60 Hz for continuous operation. The valve package has a theoretical maximum transient operating frequency of 3200 Hz (16 valves, 200
Hz each). In this case, one valve is opened and/or closed about every 0.3125
ms. The maximum continuous operating frequency depends on the number
of valves needed to be opened or closed. If one valve is switched, the theoretical maximum continuous operating frequency is 960 Hz (16 valves, 60 Hz
each). One valve is then opened and/or closed about every 1 ms. Practically,
the problem is that to make use of these frequencies, we should know in advance when a valve should be opened or closed. That is, the response time of
any single valve (about 2 ms) is considerably slower than, for example, the
valves’ smallest possible theoretical switching time gap (0.3125 ms) at the
valve package’s theoretical maximum transient operating frequency.1
PNM control can be applied to the designed valve package at controlling
frequencies under 200 Hz. For example, when half the valves are needed for
state switching, the maximum continuous operating frequency is 120 Hz, be1

If the valve package were to be used according to the rules of the PWM-controlled
switching technique, it would, of course, have more possibilities for use. This, however,
was not studied here.

6.2 Thermostatic modeling

105

cause both halves in the valve package can be operated at 60 Hz. If all valves
need to be opened and closed, the so-called peak-to-peak or full amplitude
control of flow can be used at 60 Hz operating frequency. In both cases, a
200 Hz control frequency can be used transiently.

6.2

Thermostatic modeling

The heat emitting properties of the valves discussed in chapters 4 and 5 were
measured with the valves placed in their manifolds and with no oil flow.
As regards the package’s heat emission, the values measured of single valves
were both pessimistic – because the oil cooled the valves – and optimistic
– because the package included several small-volume valves. Modeling was
thus necessary to predict the heat emitted from the valve package. Modeling
sought to determine the valves’ maximum applicable rms power and thus
their operating frequency. The valve package geometry is modeled in considerable detail in 3D to find out whether or not different valves in the valve
package needed different maximum applicable rms power for their temperature to remain under, yet close to 80 ◦ C.
For the valves in this thesis, the thermal time constant was much bigger than
their mechanic, fluid mechanic, or electric time constants.2 Therefore, temperature changes in time were mostly not of interest. Interesting rather was
the predictability and use of their highest applicable rms power at maximum
temperature, for this could also reveal the valves’ highest possible continuous
operating frequency. Consequently, static analysis of the valves was sufficient
for thermal modeling of the valve package.

Single valve
Before the valve package could be modeled, it was necessary to set a value for
the convective heat flux coefficient on the manifold-air surface. Therefore, a
model-measurement correspondence was studied with a single valve.

2

The thermal time constant has a magnitude of minutes, while the opening time of the
valve and the electric time constant are in the order of milliseconds.
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The thermostatic model of a single valve used here took into account convective heat flux into air (free convection), joule heating, and material parameters. The valve geometry was very close to the cylinder symmetric case,
but modeling was done in full 3D because non-cylinder symmetric boundary
conditions were used (given below).
Compared to the actual prototype geometry, the geometry of the thermostatic valve model was simplified as follows: (1) the anchor and its surrounding oil were modeled as a single volume, (2) the hydraulic armature and its
surrounding oil were modeled as a single volume, and (3) the seat part with
some surrounding oil was modeled as a single volume. In these volumes,
thermal conductivity values were set rather low, close to 1 W/(m·K), for
the sake of having a pessimistic approximation. In reality, moving oil (oil
moves around the anchor and hydraulic armature when the valve is used)
probably raises the effective thermal conductivity value of each volume (for
the geometry of the single hammer valve used in thermostatic modeling, see
figure 6.1).

Valve package
The thermostatic model of the valve package took into account convective
heat flux into air (only free convection), convective heat flux to oil (explained
in detail below), ohmic heating, and the heating of the bypassing oil in the
hydraulic restriction. The geometry of the hammer valves was simplified in
the model as explained above.
The convective heat flux coefficients to air were approximated using values
discovered in modeling and measuring a single valve. In forced convection to
oil, laminar flow was assumed though actual flow is almost always turbulent.
The assumption of laminar flow should be pessimistic – as described in section
3.3 – because turbulent flow has a relatively higher flow velocity close to
the boundaries of the flow region. In addition, turbulent flow shows strong
miscibility due to vortices. Flow patterns of laminar and turbulent flows in
a round pipe are shown in figure 3.5.
Free convection to oil was not modeled; that is, with zero oil flow through the
valve, in reality a small amount of oil flows spontaneously due to temperature
differences. Omitting the modeling of free convention is also a pessimistic
assumption with only a small effect on the highest applicable rms power.
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Forced convection to oil was modeled with conduction to one dimensional
(laminar) fluid flow3 . This was done by first setting a velocity for laminar
oil flow. After that, specific heat capacity, density, and thermal conductivity
values were given to determine the heat flux to the bypassing oil flow, which
then heats up at least slightly (equation 3.38).4
A major challenge in predicting the highest applicable rms power rate by
thermal modeling is that in practice the oil flow and thus its cooling effect
is cut off frequently when the valves are in use. In addition, valves can be
operated in too many ways to be all taken into account in modeling.
If the flow is cut off for longer than it is kept on, big heating problems may
arise. However, such switching at more than 60 Hz average frequency is
unlikely for long periods. Therefore, the approximation of half the time on
and half the time off type control is justified, though perhaps slightly optimistic. Consequently, due to the slowness of the thermal system compared
to electrical, mechanical, and fluid mechanical systems, the cooling effect at
a certain flow rate and operating frequency was close to that of half the original flow rate without cutting the flow. In the following analysis, uncut flow
was assumed.5
Valve performance can thus be studied in static (or stationary) cases. Let us
study the properties of some operation modes:
1. If no flow passes the valves, the oil does not provide any cooling effect.
However, the valves are in this case assumed not in use (at least in this
study); thus high operating frequencies are not necessary.
2. If a very small amount of oil passes the valve package, the oil has only
a slight cooling effect, and thus only lower operating frequencies can
be used. If full amplitude control (all valves switched on and off) at
high frequency is then needed for longer times, heating problems might
arise.
3. When the flow rate increases, the cooling effect of the bypassing oil
increases and heating problems reduce.
3

In fact, this was then a thermal model with stationary fluid flow; that is, the models
were not completely static.
4
Thus, convective heat flux coefficient is not used to model the forced convection to oil.
5
As can be seen later in figures 6.3 and 6.4, this assumption always had a very small
effect except at very low flow rates.
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4. At maximum or very high pressure difference and flow, the oil heats
up significantly in the valve restrictions due to hydraulic power loss. If
this state is maintained for longer periods the oil might be overheated
and its cooling effect decreased. However, this condition should not
occur often, because this kind of control of hydraulic system is very
inefficient.
The above list suggests that heating problems of valves arise most likely with
very small or maximum flows. For this reason, the cooling effect of the oil
should be studied with a wide range of flow rates (or pressure differences).
However, as mentioned above, 60 Hz continuous full amplitude control seems
unlikely to be needed for longer times at any flow rate.
In some models, heating up of the oil in the hydraulic restriction is taken
into account by changing the temperature of the input oil. When the oil
passes through a valve, its temperature rises about 0.07 ◦C per bar (pressure
difference over the valve) (section 3.2). It is assumed that the input temperature of the oil does not change in time. That is, the other parts of the
hydraulic system are assumed capable of emitting the heat so that the temperature does not accumulate when the oil is cycled several times through
the hydraulic system. This case is referred to as the ”heating oil” case. In
modeling, the pQ-curve in figure 5.19 was assumed for each valve.
The following simplifications were made to the thermostatic model:
1. The thermal system was assumed static, and the geometry of the model
was changed accordingly. The anchor and the armature and their surroundings were modeled as single volumes with a modified thermal
conductivity value. The flow path of the oil consisted of two straight
pipes as shown in figure 6.2, and the flow pattern was assumed pessimistically to be a fully developed laminar flow.
2. In the thermal model of the valve package, convection parameters were
fitted to the study of a single valve.
3. Oil heat-up due to a pressure drop in the valve was modeled pessimistically (in some models) by heating the oil already before it entered the
valve package.
4. The minimal cooling effect of radiation was not modeled.

6.3 Modeling results
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For the thermal modeling of the valve package it is concluded, that due to
the above reasons, the performance of the valve package is hard to model
precisely. Yet some knowledge of its performance at different flow levels can
probably be gained with simplified static models.

6.3

Modeling results

When a single hammer valve is placed on a table on its side as in figure
5.6, it can tolerate an rms power of 1.25 W at room temperature so that
the measured temperature of the larger coil remains under 80 ◦ C. When this
is modeled, values for convective heat flux coefficients can be approximated
using [61].6 Under the valve, approximated values were 6 W/(m2 ·K), on
top of the valve 12.9 W/(m2 ·K), and on the sides 13.3 W/(m2 ·K)(for the
temperature distribution of the thermostatic model of a single valve, see
figure 6.1). The power feeding was varied until the temperature of 80 ◦C was
reached.
Figure 6.2 shows a typical modeled temperature distribution of the valve
package. In the appendix, cad model figures 8.3, 8.4, 8.5, and 8.6 show the
valve package design in detail. Flow per valve versus maximum applicable
rms power per valve curves in two static boundary condition cases are shown
in figures 6.3 and 6.4. Figure 6.3 demonstrates that oil– as expected –cooled
the valves much more effectively than the surrounding air.
In reality, the maximum applicable rms power is not expected drop so sharply
at flow rates as suggested by the modeled ”heating oil” case, but it is closer
to the other curves. This is because for each valve, some cooling of oil that
does not heat is also available, not only heated oil that appears after the
restrictions.7 On the other hand, if the oil is cycled several times through
the hydraulic system at maximum pressure and flow, it is likely to overheat.
Such overheating would, of course, affect the usability of the valves, but as
explained above, this situation is often avoided.

6

The modeling program used here, Comsol Multiphysics 3.3a, contains tools to predict
convective heat flux coefficients.
7
Because of the structure of the valve package, the flow gets very close to each valve
without passing through any valves (8.3, 8.4, 8.5, and 8.6).
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Figure 6.1: Thermostatic model of a single valve. The power feeding was
varied until the temperature of 80 ◦ C was reached. The rms power was found
out to be 1.25 W. Convective heat flux coefficients were fitted accordingly.
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Figure 6.2: Temperature distribution of one calculated case with the thermostatic model of the valve package. The maximum temperature was set at
80 ◦ C and pressure difference to 35 bar, corresponding to a flow of about 6.9
l/min per valve and a total flow of about 110.4 l/min. The temperatures of the
surrounding air and bypassing oil were 50 ◦ C. The corresponding calculated
rms power was then 7.9 W per valve.
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Figure 6.3: Flow rate per valve versus maximum applicable rms power per
valve curves in two temperature cases: 1. air temperature 23 ◦ C and oil temperature 33 ◦ C, 2. both air and oil temperatures 50 ◦ C. ”Heating oil” means
taking into account the heat-up of the bypassing oil in the hydraulic restriction (opened valve). The maximum valve temperature was 80 ◦ C. Figure 6.4
shows the same curve at close to zero flow.
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Maximum applicable rms power per valve (W)
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Figure 6.4: Beginning of the curve in figure 6.3. Flow rate per valve – maximum applicable rms power per valve curve in two temperature cases. The
first three marked (modeled) points on each curve are zero, about 0.05 l/min,
and about 0.46 l/min flows. The maximum valve temperature in the models
was 80 ◦ C.
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Figure 6.5 shows the flow rate per valve versus maximum continuous operating frequency per valve curves in two static boundary condition cases and
with two pulse types, short and normal. A normal voltage pulse lasts until
the end of the anchor movement, whereas a short pulse lasts only until the
collision between anchor and armature. The figure shows that using short
voltage pulses increases the highest available continuous operating frequency.
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Figure 6.5: Flow rate per valve versus maximum continuous operating frequency per valve curve in two static boundary condition cases and with two
pulse types. The maximum valve temperature in the models was 80 ◦ C.
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The hammer valves used in the valve package differed from the single hammer
valve introduced in the previous chapter; that is, two different armature
geometry types were applied (figure 6.6: the two armature types and the
original geometry; figure 5.7: the original full hammer valve geometry). The
last armature type (option c) in figure 6.6) was modified on one already
measured type b valve (valve number 11) because the b-type valves showed
high friction forces.

Figure 6.6: Different armatures: (a) original hammer valve armature of the
single hammer valve with grooves in the armature, (b) armature of the valves
in the valve package without grooves, (c) second armature of the valves in the
valve package, armature surrounded by grooves.

The hydraulic armatures and the seats of the hammer valves used in the
valve package were hardened8 to slow down their wear and tear in heavy use.
Measured Vickers hardnesses before hardening were 290HV1 and 280HV0.5.9
After hardening, the numbers were 520HV1 and 560HV0.5. The hardening
seems at least to have doubled the hardness of the material in a thin layer.
According to the treatment provider, the hardened layer was 30 µm thick.
The manifold of the valve package prototype was made of reinforced aluminum. The 16 valves were placed in the manifold in four rows of four
valves, two rows on both sides of the manifold. Silicon paste was used on
the surface of the valve-manifold to ensure heat transmission. The manifold
8

The method, called Kolsterising, was rather inexpensive.
The first three digits in the Vickers hardness are hardness numbers, which equal about
three times the yield strength of the material; the letters HV stand for ”hardness” and
”Vickers,” and the last decimal is the test weight in kilograms.
9
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with its 16 valves is shown in figure 6.7. Cad model figures 8.3, 8.4, 8.5, and
8.6 in section 8.5 in the appendix show the valve package design in detail.

Figure 6.7: Valve package prototype and a 9 V battery. The black coil terminals, one terminal for each four valves, are separated from the actual valve
package design. The green wires are to measure coil temperatures.

To balance the force delivered by the cover plate to each valve, a piece of
rubber was placed on top of each valve to work as a spring (figure 6.8). In
addition, for precaution, an additional U-shaped stainless steel cover plate
was placed on top of the reinforced aluminium plate in case the plate should
twist under high pressure. These modifications guaranteed the valve package
was leak-proof.10
10

Without these modifications, at least one valve developed a leak.

6.5 Measurements and comparison with models
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1

2

Figure 6.8: The valve package was equipped to have (1) a piece of rubber on
top of (each) valve, (2) an additional U-shaped stainless steel cover plate.

6.5

Measurements and comparison with models

The measurement setup
The measurement setup of the valve package is shown in figure 6.9. Measurements included an input pressure sensor, a flow meter, two voltage sources,
and control electronics. The hydraulic circuit diagram is shown in figure
6.10.
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Figure 6.9: Measurement setup of the valve package: 1. valve package, 2. input
pressure/flow, 3. two output channels connecting to one output pressure/flow
channel, 4. two of four coil input cables, 5. pressure accumulator for tank
line, 6. controllable restriction of tank line, 7. temperature measurement, 8.
output pressure sensor.
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Figure 6.10: Hydraulic diagram of the test circuit. The figure presents the
test circuit diagram for a single valve.
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Highest applicable rms power
Figures 6.11 and 6.12 show comparison of measured and modeled cases of
flow versus the highest applicable rms power at two different oil and air
temperatures, 33 ◦C oil with 21 ◦ C air and 50 ◦ C oil with 50 ◦ C air. In the
latter figure, the valve package was covered with tarpaulin to artificially
increase the ambient valve temperature from room temperature (21 ◦C) to
50 ◦C. Air temperature was measured between the top of the valve package
and the tarpaulin.
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Figure 6.11: Comparison of measured and modeled flow versus highest applicable rms power at about 33 ◦ C temperature of oil. Air temperature was about
21 ◦ C. The highest measured and modeled valve temperature was 80 ◦ C.

Figure 6.11 shows that the model underestimated the highest applicable rms
power at zero flow, which was to be expected because it did not take into
account heat flow to the surrounding components and supporting structures.
The measured jump in the highest applicable rms power from zero applied
flow to small applied flow was in accordance with the model. The difference
between the measured and modeled highest applicable rms power at the
higher flow rates can be explained by the model’s assumption of laminar
flow; that is, the turbulent flow in the measurement cooled the valve package
much more effectively. At flow rates higher than 3 l/min per valve, it was
difficult to maintain a constant oil temperature during measurement.
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Figure 6.12: Comparison of measured and modeled flow versus highest applicable rms power at about 50 ◦ C temperature of oil. The air temperature
was about 50 ◦ C. The highest measured and modeled valve temperature was
80 ◦ C.

Figures 6.11 and 6.12 show that the modeled and measured behaviours correspond. At low flow rates, it was hard to maintain a high enough oil temperature. Therefore, the lowest measurement with 50 ◦ C oil was made at 1
l/min per valve flow. The pump system reached its maximum volume flow
soon after the 12 l/min per valve flow, corresponding to a total flow of about
200 l/min.
In both measurements in figures 6.11 and 6.12, the oil temperature at zero
flow was, of course, higher than 33 ◦ C and 50 ◦ C, respectively, at least near
the valve package, because no new oil flow replaced the oil in the pipes and
the manifold. In these cases, air temperature was the limiting cooling factor
at the highest applicable rms power.

Flow capacity
Figure 6.13 shows pressure differential versus flow curves for individual valves
in the valve package. The flow properties of the valves are close to each other
except for valve number 3, which has higher flow.
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Figure 6.13: Pressure differential versus flow curves for individual valves 1-16
in the valve package. Oil temperature was about 33 ◦ C.

Figure 6.14 shows pressure differential versus flow curves for the whole valve
package with all valves open. Theoretical flow rate means the sum of flows
of all valves measured individually. Because theoretical flow is higher than
measured flow, we can deduce that the pipes or the internal channels of the
valve package are slightly too small.

Response times and durability tests
Measured response times of the valves with a 20-bar pressure difference are
shown in figure 6.15. This measurement was taken immediately after running in, and response times were measured from the electric current curve.
They increased compared to the models and measurements made of the single hammer valve in the previous chapter with one valve, number 7, partly
jammed. At the time of the measurement, all valves had type b armatures
(figure 6.6).
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Figure 6.14: Pressure differential versus flow curves for the whole valve package
(all valves open). Theoretical flow rate means the sum of flows of all valves
measured individually. Oil temperature was about 33 ◦ C.
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Figure 6.15: Response times of the valves. Oil temperature was about 30 ◦ C
and pressure difference 20 bar.
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All the valves, except valve number 7, worked at least at a 140-bar pressure
difference, and only one valve worked at a 210-bar pressure difference. Consequently, hammer actuation seems to have worked with the valves used in
the valve package.
As a last measurement, three valves were chosen for a durability test; that
is, the response times of valves 5, 6, and 11 were measured at three different
pressure differences (20, 80, and 160 bars) before heavy cycling (0 cycles)
and after that at every 50 000 cycles until the valves showed clearly reduced
performance (increased response time or reduced usability at high pressures).
Before the durability test, valve 11 was modified to have a type c armature
(figure 6.6). Results for valves 5 and 6 are shown in figures 6.16 and 6.17.
Valve 5, opening response time
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Figure 6.16: Response time of valve 5 at several pressure differences and various cycles.

Figure 6.17 shows that heavy cycling decreased the response time as the
lowest were found at 50 000 and 100 000 cycles. In addition, the pressure
difference affected the response time because the velocity of the iron anchor
was decreased from the velocity of the single prototype. Therefore, the load
of the hydraulic armature had a greater effect on the speed of the anchor
during and after collision.
In durability tests at 153 000 cycles, both valves 5 and 6 jammed momentarily.
Valve number 6 shows an increased response time at this point while valve
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Valve 6, opening response time
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Figure 6.17: Response time of valve number 6 at several pressure differences
and various cycles.

number 5 worked for the first time at a pressure difference of 160 bars. At
166 000 cycles, valve number 6 jammed again, this time for a longer time.
At 203 000 cycles, valve number 5 showed slightly increased response times.
It also stopped working at a pressure difference of 160 bars, at which it
worked well 50 000 cycles before. Valve number 5 continued working most of
the time at this point at lower pressure differences.
For valves 5 and 6 the conclusion was that they worked well up to about
150 000 cycles. In addition, the durability of the hydraulic parts seemed
to increase due to the hardening applied. Unfortunately, hardening also
likely contributed to higher friction forces. Friction was slightly reduced in
heavy cycling, but the valves seemed at least partly broken before the friction
reached levels as low as without armature hardening.
Figure 6.18 shows durability test response time vs pressure difference for the
modified valve 11 (type c armature added). The valve evidenced only slight
or no decrease in performance even after 500 000 cycles.11

11

The test was discontinued here as being long enough for a prototype valve.
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The better durability of valve number 11 was probably due to the centering
grooves (type c armature in figure 6.6). The friction of the valve, however,
remained high. Figure 6.18 shows some fluctuation in response times at low
pressure differences, implying that mechanical friction changes when a valve
is run through more cycles. However, these changes do not reflect on the high
pressure difference case; that is, the changes in mechanical friction changes
were small.
Valve 11, opening response time
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Figure 6.18: Response time of valve number 11 at several pressure differences
and various cycles.

6.6

Failure mechanism of the valves

After response time measurements, the jammed valve number 7 was taken
apart. The scratches on its hydraulic armature (figure 6.19) suggest that the
valve jammed because its armature glanced. The armature may have been
glanced because of the force exerted on the anchor by the permanent magnet.
The latter placed the armature, and especially the iron anchor attached to it,
in a labile position (in a radial r-direction) on top of a relatively long shank
when the valve was opened. This may jam a valve in the opened position, as
valve 7 did in an early running in phase.

6.6 Failure mechanism of the valves
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Table 6.1 shows the closing response times of the modified valve number 11
(type c armature in figure 6.6) at certain cycles. The times are approximated
from the pressure difference, because the voltage pulses used (4 ms) were
often slightly shorter than the closing response times. This caused measured
response times to be about 0.3 ms too high. After 50 000 cycles, valve number
11 closed more slowly than opened, at least at a high pressure difference. This
anticipates, that the same failure mechanism is about to happen for this valve
as above (glancing armature).

a)

b)

Figure 6.19: Armature and anchor of valve number 7 after first response time
measurements: (a) scratches on the armature, (b) scratches on the other side
of the armature (armature turned 180 ◦ on its axis). The scratches suggest
that the armature glanced and therefore jammed in the opened position of the
valve.
Table 6.1: Closing response times of valve number 11 at certain cycles in the
durability test.

Number of applied
cycles
0
50 000
100 000
200 000
< 500 000

Closing response time (ms)
∆p =
20 bar 80 bar 160 bar
3.4
3.4
3.3
3.8
4.1
4.4
3.8
4.0
4.4
3.7
4.2
4.5
3.7
4.1
4.5

Table 6.1 shows that the hydraulic part retained its bistability in the durability test; that is, hardening the hydraulic part did improve its durability.

128

6.7

A novel digital hydraulic valve package

Summary

A digital hydraulic valve package was successfully established. The modeled
behaviour of the valve package corresponded well with measurements, except
for response time. Nevertheless, the functioning of the hammer actuator was
re-verified even though the response times were higher than before. The
increase in the response time was probably due to additional friction on the
armature sliding surface, which was hardened and unpolished.
Durability tests showed that the valves in the valve package lasted about
150 000 cycles before breaking down. One valve modification lasted as many
as 500 000 cycles. This shows considerable improvement over the single valve
discussed in the previous chapter. The most wear and tear in a valve occurs on the armature sliding surface as the permanent magnet glances the
armature. This problem and that of additional friction should be removed
if further prototypes are made. In the future, hardening should thus be
used only on the touching points of seat and hydraulic armature, not on the
armature sliding surface. Furthermore, the valves should have at least centering and lubricating grooves, though another means should also be used to
prevent glancing the armature and thus to add more life cycles to valves.
Table 6.2 compares the designed valve package, the Hydac valve package, and
Parker DFplus analog valves; information on the commercial valve is based
on data sheets. Two frequency values are shown for the designed valve, one
for continuous use and another for transient use. The Hydac valve package in
figure 6.20 was designed and assembled at IHA using 20 commercial Hydac
WS08W-01 valves. Because Parker DFplus proportional valves can be used
to control flow paths simultaneously, they cannot be fully compared with the
designed valve package.
Because of an added manifold structure, the flow density of the designed valve
package was less than that of a single hammer valve. However, the designed
valve package could be easily modified to contain more or less valves by
changing only flow and volume while retaining about the same flow density
value and other properties such as response time and maximum continuous
operating frequency. On the other hand, two identical valve packages placed
in parallel would also have about the same flow density and other properties.

6.7 Summary
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Table 6.2: Comparison of the designed valve package with 16 hammer valves,
an earlier valve package design at IHA with Hydac valves, and one of the best
in-market analog valves, the Parker DFplus, using voice coil drive (VCD).
Two different sizes of Parker valves are shown, D1FP and D3FP. Properties:
1. Switching time t (ms) (full amplitude), 2. Maximum continuous operating
frequency at maximum amplitude fcon (Hz), 3. Operating frequency at a
certain amplitude drop (in decibels) and maximum frequency fdB (Hz), 4.
l
) @ ∆p = 35 bar, 5. Maximum flow Qmax
Nominal flow rate Qnom ( min
l
( min ), 6. Maximum pressure differential ∆pmax (bar), 7. Volume V (cm3 ), 8.
) @ ∆p = 35 bar, 9. Maximum flow density
Nominal flow density qnom ( l/min
cm3

l
qmax ( l/min
) @ ∆p = 210 bar, 10. Min. step ( min
), smallest controllable
cm3
change in flow with a nominal pressure difference of ∆p = 35 bar.

Property
1. t (ms)
2. fcon (Hz)
3. fdB (Hz)
−0dB
−1.5dB
−3dB
−5dB
−10dB
max
l
4. Qnom ( min
)
l
5. Qmax ( min )
6. ∆pmax (bar)
7. V (cm3 )
8. qnom ( l/min
)
cm3
l/min
9. qmax ( cm3 )
10. Min. step
l
( min
)

Designed
valve package
∼2
∼ 60
cont. trans.
∼ 60 ∼ 200
∼ 85 ∼ 280
∼ 120 ∼ 400
∼ 200 ∼ 660
∼ 600 ∼ 2000∗
∼ 960 ∼ 3200∗
7 × 16 ≈ 112
17 × 16 ≈ 272
210
∼ 320
0.35
0.85
7

∗) Theoretical operating frequency

Hydac
valve package
> 20
< 25

Parker VCD
D1FP D3FP
< 3.5
<6
∼ 40
∼ 40

< 25
∼ 25∗
∼ 50∗
∼ 75∗
∼ 100∗
∼ 125∗
17 × 5 ≈ 85
34 × 5 ≈ 170
80
∼ 1100
0.08
0.15
17

∼ 40
∼ 40
∼ 60
∼ 60
∼ 80
∼ 80
∼ 100 ∼ 100
∼ 130 ∼ 130
∼ 400 ∼ 200
80
160
180
200
350
70
∼ 1360 ∼ 1660
0.06
0.10
0.13
0.12
∼0
∼0
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Table 6.2 shows relatively good performance for the valve package because
it has a low response time and relatively high operating frequencies and flow
densities. However, the valve’s resolution is fair since the smallest controll 12, 13
lable step is as high as 7 min
.
In theory, the hammer valve used in the valve package could be used at
higher temperatures, as explained in chapter 5. We would then have higher
continuous operating frequencies. On the other hand, in studies of force
controlled digital hydraulics ([1], [33]), the oil temperature remained very
low in tests. In this system, the valves could easily be cooled down with
oil, and high performance control (valves controlled continuously at high
frequency) would be available already at a valve temperature of 80 ◦ C.

Figure 6.20: Valve package with Hydac WS08W-01 valves. Dimensions
(h×w×d): 150×200×240 mm3 . Each 5 valves control one flow path, for example, from pressure P to flow path A. An approximated volume for 5 valves
is 1100 cm3 .

12

In theory, Parker proportional valves can control an infinitely small change in flow. In
practice though, the relative control error is high with very small changes in flow.
13
Digital hydraulic valve packages can be equipped with restrictions in series for some
valves to decrease the smallest controllable flow and total flow. In this case, of course, also
total flow and coding of the valve package would change.

Chapter 7
Conclusions
This thesis introduced means to design a small, fast digital hydraulic valve
package and the valve package itself. Multiphysics models were built to
predict valve behavior, and model results accorded well with measurements
and proved sufficient for modeling a fast digital valve. A valve innovation
called the hammer valve was made during the research and proved helpful
for digital valves.
The goals set in the introduction, half in size compared to current commercial
solutions, fast switching time, and high operating frequency, were achieved
satisfactorily. Thus the designed valves turned out competitive. In addition,
the price estimate for the designed valve package in mass production seems
low for a prototype; that is, it contains no especially expensive parts, and
the valves seem durable.
Despite the valve package’s good performance, some questions about response
time and the highest applicable continuous operating frequency remain to be
answered. In other words, whereas valves can be made either durable or fast,
making them both durable and fast remains to verified in the future.
The highest applicable continuous operating frequency of the valves depends
on their cooling and maximum operating temperature. If either the oil temperature in the hydraulic system remains very low or the valves’ temperature
durability becomes very high via material selection, high continuous operating frequencies can be applied to each valve. If not, the highest applicable
continuous operating frequency is lower yet comparable to existing commer-
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cial solutions.1 In any case, the transient operating frequency of the designed
valves is very high.
It seems possible to improve the valves’ highest applicable continuous operating frequency; that is, the models predicted that with small changes in
materials the valves could be used at high temperatures. However, this is
another issue to be verified in practice. On the other hand, according to the
latest research on secondary controlled digital hydraulic systems with digital
cylinders ([1], [33]), the temperature of the oil is likely to remain very low in
future.
The valves designed in this research provide no fail-safe feature. Such a
feature could be implemented in at least two ways:
1. Electronically. For example, an electric circuit could be made to sense
if an external power source is available for the valves. If this power is
cut off, a voltage pulse from a battery or capacitance is driven through
the coils to reach the preferable position for the hydraulic armature
(closed or opened valve).
2. With an additional valve. For example, the hydraulic circuit could
include an additional valve in series with the valve package. The valve
would, for example, close the flow path when power is cut off. Adding
such a valve would considerably increase the size of the valve system.
However, the system should remain fault tolerant, because the pilot
valve is not subjected to heavy cycling.
The performance of the designed valve package could be further increased
by optimizing its geometry by mathematical optimization methods. This,
however, remains a future project and beyond the scope of this thesis. Furthermore, implementing turbulent models on the flow friction calculation of
the hydraulic armature and anchor could benefit valve design.
The designed valve package shows fair resolution, which, however, can be
improved only by designing a completely new valve package with a greater
number of smaller valves. Miniaturization is probably the future trend in
digital hydraulic valve package design. Digital microhydraulic valve packages
could include hundreds of valves, thus making the control resolution very fine.
1

Additional equipment, for example, a fan, can, of course, also change the situation.
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It is shown in [9] that simple miniaturization benefits hydraulic valves. For
example, the opening work required of a valve drops faster than the magnetic
actuator’s ability to do the work. However, miniaturization has its limit due
to fluid flow properties in very small gaps. With a great number of small
valves, the power consumption, response time, and volume of the valve package could perhaps be decreased and its operating frequency and resolution
increased. Considering the drawback of too small a hydraulic part, an optimal size could perhaps be found for a single valve with integrated hydraulic
part, magnetic actuator, and control electronics.
It might become a problem to miniaturize the hydraulic part exploited in
the valves in this thesis because of the small holes. In future, new valve
concepts may thus be not only welcomed but required. Already, a recently
published hydraulic part is available with properties similar to that used in
this work. A symmetric and bistable seat part introduced in [57] has a rapidly
dropping force when the valve is opened. The part could thus be connected
to the hammer actuator to make a fast and small flow-direction-symmetric
valve. Such a valve could also reduce the total number of valves in a digital
hydraulic system. Moreover, this part should be easier to manufacture and
miniaturize than the hydraulic part used in the valves in this thesis.
In the future, it would be useful to integrate valves with their own operating
electronics, including booster circuits for improved performance, and control
code. This is because with a large number of valves, compactness becomes
important in terms of less wiring and fewer separate modules. An example
of a single spool valve with an integrated boosting circuit is shown in [31].
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314, Linköping University, Linköping, Sweden, 2001.
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Chapter 8
Appendices
8.1

First idea for a bistable valve

Figure 8.1 from [15] shows the first idea for a bistable valve.
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Figure 8.1: Cross sectional view of integrated valve design from [15]. Parts:
1. Magnetic circuit, 2. Coils, 3. Permanent magnet anchor, 4. Hydraulic
armature, 5. Channel through the valve, 6. Pressure vessel, 7. Seat, 8.
Pressure in, 9. Pressure out. The pressure between the input and output
pressures is led above the permanent magnet (3) through the middle channel
(5) of the armature (4). This compensates for hydraulic axial forces when the
valve is opened at least a fraction.

8.2 Derivation of magnetic force density

8.2
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Derivation of magnetic force density

Starting from 3.8 and using 8.10, we get first
(M×∇)×B = ∇×(B×M)−B×(∇×M)+(B×∇)×M+M×(∇×B). (8.1)
Then using 8.11 for the first term, we get
(M × ∇) × B = B∇ · M − (B · ∇)M + (M · ∇)B − M∇ · B −
B × (∇ × M) + (B × ∇) × M + M × (∇ × B).

(8.2)

After that, taking into account that M∇ · B = 0 because ∇ · B = 0, and
using 8.12 for the first term, we get
(M × ∇) × B = ∇(B · M) − (B × ∇) × M − (M × ∇) × B − M∇ · B −
(B · ∇)M + (M · ∇)B − B × (∇ × M) + (B × ∇) × M +
M × (∇ × B).
(8.3)
Then, using again ∇ · B = 0, subtracting the term with both positive and
negative signs (the term (B × ∇) × M) and using 8.13 for the first term, we
get
(M × ∇) × B = B × (∇ × M) + (B · ∇)M + (M · ∇)B + M × (∇ × B) −
(M × ∇) × B − (B · ∇)M + (M · ∇)B − B × (∇ × M) +
M × (∇ × B).
(8.4)
Subtracting terms with positive and negative signs and dividing both sides
of the equation by 2, we get
(M × ∇) × B = M × (∇ × B) + (M · ∇)B.

(8.5)

The magnetic force density f has thus finally the form
f = M × (∇ × B) + (M · ∇)B.

(8.6)
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Formulas used

The formula of Stokes used:
Z
Z
dl × g = (dS × ∇) × g
C

The formulas of Gauss used:
Z
Z

∂V

(8.7)

S

∇φ dv

(8.8)

∂V

Z

n × g da =

Z

∇ × g dv

(8.9)

nφ da =

V

V

The formulas of vector analysis used:
∇ × (f × g) = f × (∇ × g) − (f × ∇) × g + (g × ∇) × f − g × (∇ × f)
(8.10)
∇ × (f × g) = f∇ · g − (f · ∇)g + (g · ∇)f − g∇ · f
∇(f · g) = f∇ · g + (f × ∇) × g + (g × ∇) × f + g∇ · f
∇(f · g) = f × (∇ × g) + (f · ∇)g + (g · ∇)f + g × (∇ × f)

8.4

(8.11)
(8.12)
(8.13)

Dimensions of the hammer valve

The dimensions of the designed hammer valve are presented in figure 8.2.

8.5

Valve package figures

Valve package geometry is shown in figures 8.3, 8.4, 8.5 and 8.6.

8.5 Valve package figures

Figure 8.2: The dimensions of the hammer valve presented in chapter 5.
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Figure 8.3: Valve package, input line.

8.5 Valve package figures

Figure 8.4: Valve package, output lines.
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Figure 8.5: Valve package, cross section of valves.

8.5 Valve package figures

Figure 8.6: Valve package, middle cross section.
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accelerating part, 73
actuating part, 13
Ampère’s law, 24
anchor, 15
armature, 15

force-controlled hydraulics, 15
forced convection to oil, 107
frequency, 47
Gauss’ laws, 24
goal of this thesis, 4

back-EMF effect, 34, 54, 80
binary coding, 16
bistable, 46

hammer (valve), 73
hardened hydraulic parts, 115
heat conduction equation, 42
coil, 14
heat dissipation, 41
collision modeling, 82
high temperature bistable actuator,
comparison with commercial valves,
94
100, 128
history of on/off valves, 11
constitutive equations, 24
hydraulic diagram, 117
coupled problem, 43
hydraulic part, 13
cycle, 47
hydraulic power loss, 40
digital flow control unit (DFCU), 16
digital hydraulic valve package, 16
digital hydraulics, 1
direct-operated, 13
durability tests, 122
eddy currents, 33
electric motors, 19
electromagnetism, 23
energy of the magnetic field, 37
fail-safe feature, 132
Faraday’s law of induction, 24, 33
fault tolerancy, 2, 132
Fibonacci coding, 16
flow density, 101, 128
fluid mechanics, 37

inelastic collision, 82
joule heating, 41
laminar flow, 38
laminar flow pattern, 43
linear motion models, 35
localization of magnetic force, 30
magnetic circuit, 14
magnetic circuit material, 26
magnetic diffusion, 33
magnetic force, 27
magnetic force density, 27
magnetic shape memory (MSM) actuators, 19
magnetic vector diffusion equation, 34

INDEX
magneto-quasi-static, see quasi-static
magnetostrictive actuators, 19
manifold, 104
maximum flow density, 101
Maxwell equations, 24
Maxwell stress tensor, 36
measurement setup, 117
multiphysical models, 44
multiphysical problem, 43
Navier-Stokes equations, 38
nominal flow density, 101
on/off valve, 13
over frequency, 47
permanent magnet, 25, 46, 99
permanent magnet materials, 26
piezo electric actuators, 19
pilot-operated, 14
plunger, see anchor
poppet, see hydraulic armature
pressure force, 39
pressure vessel, 51
pulse number modulation (PNM), 16
quasi-static, 23
radial magnetization, 75
resolution, 16
screening currents, 33
seat, 13
seat valve, 14
servo valve, 1
shear stress force, 40
skin depth, 33
solenoid, see coil
solenoid valve, 15
spool, 13
spool valve, 14
switching technique, 17
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target part, 73
thermodynamics, 40
transient models, 35
turbulent flow, 38
turbulent flow pattern, 43
unipole magnetization, 75
valve, 13
valve package, 16
valve package design, 103, 146
Vickers hardness, 115
volume-flow-controlled hydraulics, 15
yoke, see magnetic circuit

Errata
Last update: October 21, 2010.

Chapter 1
Page 3, 3rd full paragraph, second last line, ’deloped’ should be ’developed’.
Page 5, 2nd full paragraph, 3rd line, ’menas’ should be ’means’.

Chapter 2
Page 20, 1st full paragraph, 1st line, ’torque’ should be ’rotation’.

Chapter 3
Page 35, after (3.24), ’induced currents’ should be ’induced current density’.
Page 35, equation (3.24), equation divJ = 0 should be added. This is needed
in 3D solution.
Page 36, equation (3.26), µ could also be written as µ0 .
Page 37, before (3.29), ’the so-called coenergy as’ should be deleted.
Page 38, 1st full paragraph, last line, ’locally linear’ should be ’locally constant’.
Page 40, 3rd last line, ’p’ and ’c’ should be written as ’p’ and ’c’ since they
are variables. Also ’m’ shoud be written as ’m’ in the second line of the
footnote.
Page 42, equations (3.37) and (3.38), ’k (grad)2 T ’ should be written as
’div(k grad T )’.

Chapter 4
Page 45, line 3, ’verify analysis’ should be ’verify the analysis’.
Page 51, second last line of text under the figure 4.4, ’(Armature)’ should be
’(Anchor)’.
Page 52, line 7, ’chose’ should be ’chosen’.
Page 57, 4th full paragraph, ’(3.1)’ should be ’(section 3.1)’.

Chapter 5
Page 78, second last line, ’from’ should be taken away.
Page 80, first line, ’offlow’ should be ’of flow’.
Page 81, 5th line, ’3.24 or 3.25’ should be ’3.25’.
Page 81, 7th line ’3.24’ should be ’3.25’.
Page 84, last paragraph, 2nd line, ’total resistance’ should be ’total DC
resistance’.

Chapter 6
Page 109, last paragraph, first line, ’drop’ should be ’to drop’.

Chapter 7
Page 131, second paragraph, 3rd line, ’turned out’ should be ’turned out to
be’.
Page 131, third paragraph, last line, ’to’ should be ’to be’.
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